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C576/116/2000

Active magnetic bearings — a step towards smart
rotating machinery

R NORDMANN, M AENIS, E KNOPF, and S STRABBURGER
Darmstadt University of Technology, Germany

1 INTRODUCTION

In the field of rotating machinery the number of applications of rotating systems running in ac-
tive magnetic bearings (AMB’s) is increasing. In comparison to conventional bearings magnetic
bearings are a typical mechatronic product consisting of mechanical, electrical and electronical
components. Such systems have the ability to pick up changes in its environment by sensors and
to react to the system or process by means of actuators after an appropriate information process-
ing carried out in a microprocessor.

Nowadays, rotors in aclive magnetic bearings already offer a variety of advantages compared
to conventional systems. Some of them are the tuning possibilities for stiffness and damping,
the absence of friction and wear, the high running speeds, the vibration isolation and possible
unbalance compensation. However, there is much more potential in such systems with respect
to a smart behavior. With the mechatronic structure of a rotating machinery in AMB’s consisting
of built-in control, sensors, microprocessors, actuators and last but not least built-in software
different novel features like identification, diagnosis, prognosis and correction can be realized.
In this way it will be possible to design new machines with higher performance, higher reliabil-
ity and a longer lifetime.

This paper particularly describes a Smart Machine Technology for rotating machines with
AMB’s and concentrates on the mentioned smart features of identification, diagnosis and cor-
rection. After a general description of the smart technology followed by a presentation of the
necessary development tools three applications will show the usefulness of this new technology.

2 ACTIVE MAGNETIC BEARINGS (AMB’S)

2.1 Principle of Active Magnetic Bearings

Unlike conventional bearing systems, a rotor in magnetic bearings is carried by a magnetic field.
This means, that sensors and controllers are necessary to stabilize the unstable suspense state of
the rotor. Therefore, essential dynamic characteristics like stiffness and damping properties of
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the whole system can be influenced by the controller (DSP-Board). For the following applica-
tions the rotor can be moved on almost arbitrarily chosen trajectories independently of the rota-
tion, e.g. harmonic motions in one plane, forward or backward whirls. Additionally, an

imbalance compensation can be performed.

A magnetic bearing system consists of four
basic components: magnetic actuator, con-
troller, power amplifier, and shaft position
sensor (see Figure 1). To keep the rotor in
the bearing center, the position sensor sig-
nal is used as input for a control circuit to
adequately adjust the coil currents. The
bearing configuration is composed of four
horseshoe-shaped magnets (= 8 magnetic
poles) and is operated in the so-called dif-
ferential driving mode [1], where one mag-
net is driven with the sum of bias current i,
and control current i, and the other one
with the difference.

Backup:
bearing

3 THE SMART MACHINE TECHNOLOGY

3.1 The Mechatronic System

Iy ¥
+
i) Y 4+

Hallsensor

current im N
Amplifier

Figure 1: Principle of an AMB.

Typical for mechatronic systems, is the capability to measure physical quantities by means of
sensor elements, to process these signals in a microprocessor and to control the static and dy-
namic behavior by means of actuators, which directly act on the mechanical process.

I Human Operator

| Figure 2 shows in the lower

SMART Machine Management

Figure 2: Smart Machine Technology

part a more generalized
block diagram for such a
mechatronic system. In our
case this would be again the
rotor of a machine tool or a
turbomachine (process) run-
ning in active magnetic bear-
ings  (actuator),  where
displacement probes (sen-
sors) measure the rotor posi-
tion and after a feedback the
digital controller (micropro-
cessor) computes an output
signal in order to control the
process via the actuator.

Mechatronic systems already
offer a variety of positive ef-
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fects, as it was pointed out before. However, much more technical and economic benefits for
industrial products and processes could be achieved with respect to higher performance (effi-
ciency, power density, accuracy, speeds etc.) and higher reliability (reaction to failures, long
maintenance intervals, robust operation etc.), if more intelligence would be added to the mecha-
tronic system by well suited software and hardware components. This leads to the idea of the
Smart Machine Technology, pointed out in Figure 2, which consists of three main parts: the real
mechatronic system, it’s model and the smart machine management. The Smart Machine Tech-
nology has been realized in a European BRITE/EuRam research project and was briefly de-
scribed in [2] [3].

3.2 The Mechatronic System Model

The mechatronic system model is a software representation of the actual real system consisting
of all components. It is the core of the Smart Machine Technology. Besides the usual stmulation
capabilities it is important for additional features like identification, diagnosis, prognosis and
correction. Furthermore, the model is used for the controller design.

Modelling is performed by application of the physical laws from different areas, e.g. Newtons
mechanical equations, Maxwell equations, Navier-Stokes equations, but also by experimental
methods. Due to the fact, that the quality requirements for the model are very high, the best suit-
ed tools have to be used in order to get a model representing the real system behavior in an eco-
nomic way. The complete model has to be verified by comparison with the real system in a
model updating procedure.

3.3 The Smart Machine Management

The Smart Machine Management indicates such additional functions, that are using the avail-
able information for a smart operation. In a data center information is collected from the sensors
of the real mechatronic system and in parallel from the system model. Based on this data input
an identification or a model based diagnosis of the systems actual state can be performed. Iden-
tification procedures allow a better insight into the system itself or into the actual process and
from this point of view an optimization and reliability management is possible, for finding out
failures in mechanical (rotor cracks, seal wear) or electrical components (sensors) and further-
more an optimized process. Based on the results of diagnosis a prognosis about the future be-
havior of the machine or about the need for corrective measures can be derived. Such
corrections may be the compensation of an unbalance, special procedures for passing critical
speeds, changing the feed of a machine tool during the manufacturing of delicate parts by taking
into account the cutting forces or tool wear, or it may even lead to a self-tuning of the parameters
of the actual control loop.

For rotating machinery the smart machine technology can be applied, if the above mentioned
smart components of this technology are available. The next chapter concentrates on rotating
systems with Active Magnetic Bearings and describes the ingredients for a successful applica-
tion.

4 ADVANCED TOOLS FOR SMART ROTATING SYSTEMS WITH AMB’S

In order to use the possibilities of a rotor in Active Magnetic Bearings for the Smart Machine
Technology some advanced tools are necessary. The most important ones are described in this
chapter. In all of these tools software is a dominant part. It is necessary for the design of the
overall mechatronic system, including the controller. Furthermore additional procedures in the
Smart Machine Management, particularly the identification and diagnosis functions, are pro-
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cessing data coming from the sensors and the system model with special software algorithms.
New developed tools are also the software driven excitation of the rotor and the corresponding
force measurement method.

4.1 Modelling and Controller Design

The model of a rotating system in Active Magnetic Bearings consists of the following main
componernts: the rotor with all important characteristics (stiffness, damping and inertia, gyro-
scopic effects, rotordynamic coefficients) and the active magnetic bearing system with the mag-
netic actuator, the amplifiers, the controller and the position sensors. Figure 3 shows the
different parts and their integration in a MATLAB-platform.

PATRAN INASTRAN TURBO/LISA MARCOS_F FLUX2D
Structure Dynamics Rotordynamics Fluid Forces | | Magnetic Bearing

—/

" ) ' -
i A%h’r? ::g:étion . i;_'_r

I / M, D, K, G

Rotordyn. Kk, k. fs
Model Coeff.
u;:ate | 09/ ~ Sensor
\ —
e —— T Amplifier

N\

LMS

Modal Analysis CONTO

Controller

Design

. ‘ :
% J bc] XTI ]

Figure 3: Integration of the mechatronic system components into the MATLAB platform

The rotor is usually modeled through a very detailed finite element model or a beam model,
where a model update assures an accurate description of the reality. Special routines are avail-
able as finite difference codes for fluid structure interaction forces (pumps, compressors, tur-
bines), expressed as rotordynamic coefficients. The AMB’s are characterized by the two
constants k; and kg determined from calibration or magnetic field finite element codes. They re-
late the force in the bearing to the current and the displacement, respectively. The switching
power amplifier used to drive the magnetic coils is simply modelled by a constant factor and the
position sensors by a low pass filter (PT, characteristic).

When all the above components are available at first the open loop plant is assembled to a cas-
cade of the different subblocks shown in Figure 4. Then the continuos description of the system
is discretisized with the sampling frequency. The controller design to stabilize the unstable rigid
body modes is based on the developed model and follows a PID-strategy with some additional
filters accounting for the flexible modes (see also Figure 3)

For a validation of the entire model, compliance functions can be used. Figure 5 shows an ex-
ample, pointing out the good agreement between the measured and the simulated compliance
function of the closed loop. However, it should be mentioned that the remaining deviations of
the simulated curve with respect to the measured one comes from the dynamics of a substruc-
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ture, here the bearing housing, which was not included in the model and shows up with two ad-
ditional resonance peaks in the measurement.

P e e e By

MEASURED DATA
Fy...4 Xyiia

-R'_OIOI' Sensors
+ +
|Fluid-Elements AA-Filters

10“ = S T L e L L LA R e R R PR e T
107
©
=)
=
.g_
107
eigenfrequency
of the substructure
(housing)
1 A L e
60 100 200 400 600 1000

Frequency [Hz]
Figure 5: Comparison of simulation and measurement.

4.2  ldentification and Diagnosis

In the Smart Machine Management it was pointed out, that an identification and/or diagnosis
procedure for the mechatronic system can be performed, based on the data coming from the sys-
tem model and/or the sensor elements. By these procedures failures in the mechanical and/or
electrical parts can be detected. This reliability management is applicable for the entire mecha-
tronic system or for special components. In this paper we concentrate on the rotor itself, includ-
ing those elements that are usually characterized by their rotordynamic coefficients, e.g. seals
in pumps and compressors.

As mentioned before, a successful application of a model based identification and diagnosis for
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rotating systems during operation depends on the accurate modelling of the rotordynamic sys-
tem (for the diagnosis case with and without failures) and on the experimental determination of
the dynamic behavior of the system. Eq. (1) shows the linear description for the dynamic behav-
ior of a rotor with stiffness-, damping- and inertia characteristics, expressed by the matrices M,
D and K. We assume, that the rotor matrices are time-invariant, but depend on the running speed
and the actual operating condition.

Mi+Dx+Kx=F (1)

An identification of system parameters, that means parameters out of the matrices M,D,K, is
based on input-output relations, either in the time or in the frequency domain.

When input-output relations are considered in the frequency domain, the following complex
frequency response functions are introduced

F(Q) = (K-Q2M+jQD)x(Q) = R(Q%(Q) (2

Q) = (K-2M+j0DY " - F(©Q) = H(Q) - F(Q) 3)

They can be subdivided into the compliance functions Hy,(Q) and the stiffness functions
R, (Q). Hy,y(Q) is the system response (amplitude and phase) of the displacement ¥, due to a
unit force excitation Fy(£2).In analogy K, (L) is the necessary force Fi(£2) when an isolated
motion x,(Q) is excited without any other motion at any other degree of freedom.

In the following applications (chapter 5) both of the frequency response functions will be used.
In the first application of a rigid test rotor supported by a fluid film bearing (see chapter 5.1.),
the rotordynamic coefficients of the fluid bearing will be identified. To determine the 2x2 coef-
ficient matrices it is useful in this case to work with an excitation via displacements or motions,
respectively. If, for example the rigid rotor is excited harmonically only in x,direction, than both
forces Fj and F, are to be measured. With this information stiffness frequency response func-
tions can easily be calculated and an extraction of the rotordynamic coefficients is possible. The
basic principle of this identification procedure is shown in Figure 6 (left side).

For flexible rotor systems, it is much easier to use defined forces as an input and to measure the
output displacements. This leads to the compliance functions. In a normal configuration with
two radial magnetic bearings and one axial bearing, five linearly independent excitation patterns
(2 radial degrees at each bearing, one axial degree) can be produced by the AMB’s (see Figure 6,
right side). For example, if the AMB-produces a harmonic force in direction 1 and if the dis-
placements of the rotor are measured in the degrees /-5, one column of the transfer matrix can
be determined. Again the system parameters (mass, damping, stiffness) are in some way part of
these compliance functions and they have to be identified by curve fitting procedures.

For a model based fault diagnosis one can work with either one of the frequency response sets.
In case of a failurc the frequency response functions will usually change their characteristics and
the model based diagnosis tries to find out the reason for this change, looking for the location,
quality and size of a failure.

Besides the model based failure diagnosis it is also useful to consider a signal based procedure,
especially when deviations in a special process have to be evaluated. Very often displacement
signals are used for such a diagnosis. However, if force-signals are available, they allow a much
better insight into the process behavior and its deviations. An example for this kind of failure
diagnosis is given in chapter 5.3 for a machine tool grinding process.

8 C576/116/2000
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Figure 6: ldentification of stiffness and compliance functions

4.3 Force Measurement
Basically, the magnetic bearing force can be computed from

E le
7‘XA MB = 2 Lz olekr 4
with 4 pole the cross-section area of the poles and i, the permeability of vacuum and Ppole is

the vector of the flux density.
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The different force measurements in an AMB can be divided into two main groups. The first is
based on the measurement of coil currents and rotor displacements (i-s-method, reluctance net-
work model) and the second method uses the direct measurement of the magnetic flux density
B, with Hall sensors at each pole (Figure 7). The drawback of the latter method is, that the
air gap has to be enlarged to integrate the Hall sensors resulting in a decrease of load capacity
of the bearing. To partially overcome this problem, a modified force measurement was present-
ed by Gihler, et al. [4], where only the north poles were equipped with Hall sensors, while the

fluxes at the south poles were computed using an on-line approximation.

If a direct measurement of the flux den-
sity is not possible or desired and if the
AMB is driven in differential mode, eq.
(4) can be linearized for small rotor dis-
placements around the center

Fo= ki +kgs, (5)

where i, is the control current and s,

the rotor displacement in the x-direc-

tion. The constants k;, k, depend on the

chosen design point of the magnetic

bearings (bias current i, and air gap

Figure 7: Force measurements by means $p)- A more advanced force measure-

of Hall sensors ment based on coil currents and rotor

displacements is a reluctance network

model. The linear network model used

here accounts much better for eccentric rotor positions and cross-coupling than the i-s-method.

Depending on the requirements, the model can further be extended to consider leakage and

fringing effects, eddy currents, nonlinear material behavior, and hysteresis etc. as it is described,
e.g. in Meeker, et al. [S] and Springer, et al. [6].

In the following, results of the four different force measurement techniques described above
were applied to the AMBs. For each method the calibration was performed for an operating
range of up to 25% of nominal bearing clearance and of a force level up to maximum bearing
force.

Measured data was gained, while the rotor was floating in the AMBs and ditferent external static
forces Fp,, were applied. An external load cell was used to obtain the reference force Fp,,.
More details about the calibration can be found in the work done by Férch, et al. [7] and Knopf,
et al. {8].

Figure 8 shows the force error for the centric load case. The percentage values of the force errors
are related to the maximum bearing force. It can be seen, that the force measurements of the flux
based methods (using 4 respectively 8 Hall sensors) are clearly more accurate than the cur-
rent-displacement based ones (i-s-method, reluctance network). Analogues can be found for the
eccentric case.

10 C576/116/2000
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Figure 8: Comparison of four different force measurements for the radial bearing.

In summary, the advantages of the flux based methods are:

« they are clearly more accurate,
» influences of hysteresis and non-linearities of the magnetic material, power amplifier,
etc. are diminished or completely eliminated,
» on-line implementation is possible (with some restrictions for the 4 Hall sensors method
+ approx.),
while the advantages for the current-displacement method are:

« no additional hardware is needed,
+ j-s-method is the easiest one to implement in an on-line procedure (restricted applicable
for the network).

5 APPLICATIONS FOR SMART ROTATING SYSTEMS

5.1 ldentification of Rotordynamic Coefficients

In the first application, active magnetic bearings are used to gain knowledge about a special type
of hydrodynamic journal bearings. The strategy of this research work is to use the possibilities
of magnetic bearings to be operated as actuators and as sensor elements to isolate the dynamic
behavior of the component under investigation and to identify its dynamic parameters.

In the field of chemical and environmental industry the demands on leakage free, so called her-
metic pumps are getting more and more stringently. One possible way to realize this demands
is to use medium lubricated journal bearings in combination with canned or wet motor pumps
or magnetic drive pumps. The processing fluid has often a very low viscosity which causes tur-
bulence in the lubricating film of the bearing. This effect changes the dynamic behavior of the
bearings and consequently of the whole pump system. To estimate the influence of the journal
bearing with respect to the whole pump system, a mathematical model of the journal bearing is
necessary. In many cases basic equations can be gathered by applying the fundamental relations
of fluid mechanics, which leads at least to the structure of the model, whereas it is often very
difficult to estimate the system parameters. One possible way to overcome this, is to identify the
system parameters experimentally in a testrig. This is often done using a-priori knowledge about
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the structure of the model. In the case of turbulent journal bearings, the fluid forces can be ex-
pressed in a linearised form with stiffness-, damping- and inertia coefficients, as shown in Eq.

Q)]

Fy _ k11k12.x1+d11d12.351+m11m12.551 ©

Fof [Rorkag [x) |dardag 5] |m21m2q |3
A very straightforward way to identify these rotordynamic coefficients is to measure the com-
plex stiffness frequency response functions as it is explained in chapter 4. 2. The testrig that al-
lows such a procedure is shown in Figure 9. The tested bearing is located between two radial
AMBs. The rotor is levitated by the magnetic bearings, its static position can be centered or
off-centered in the journal bearing. Subsequently, a defined dynamic excitation can be enforced
(e.g. small movements in one or two planes, forward or backward whirl, synchronous or non
synchronous to rotational speed). This motion causes the above mentioned fluid-structure inter-
actions. The rotor behaves dynamically stiff within the working range so that the displacements
and the resulting forces inside the bearing can easily be computed from the displacements and
forces measured by the AMB's. The force measurement of the AMBs is based on the Hall Sen-
sor Method (see chapter 4. 3). The Hall sensors are integrated in each magnetic pole of the bear-
ings. The rotor is controlled by a DSP. The actual data analysis and signal processing is
performed on an external PC that is connected to the DSP via a serial link. The hydraulic part
of the test rig is sealed up by two mechanical seals. The rotor is connected via a flexible mem-
brane coupling to a servomotor. Both of these measures ensure that no additional stiffness or
damping is added to the system which would affect the identification in a negative way.

Seal AMB we
. o
v/
Mechanical A v
Seal
i Flexible
h; \ = Coupling

~  Joumnal Bearing

AMB

Figurc 9: Designed testrig
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5.1.1  Self alignment of the rotor /Auto adjustment

Prior to the actual measurements, the accurate force measurement is used to align the rotor pre-
cisely in the journal bearing. This procedure is necessary to compensate the machining tolerance
and the temperature expansion of the rotor and the journal bearing housing. The alignment is
done automatically. The software routine uses the contact forces, that are generated when the
rotor is touching the journal bearing wall in standstill. The actual alignment of the rotor must be
performed in four degrees of freedom (see Figure 10). If the rotor is tilted inside the journal
bearing, the distances a and b are not equal and therefore the AMB forces are different. This
difference is used for an iterative routine, whereby the rotor position is altered independently in
the two bearing planes until the force difference is within a certain range. Typical contact forces
are 10N $4N. This procedure is performed around the circumference and leads to measured
clearances of the journal bearing. By applying a circle fit, the new nominal positions of the rotor
in the AMBs, the actual bearing clearance and the deviation from the circular shape can be de-
rived. The measured clearances and nominal positions are temperature dependent. Experiments
showed, that the centre of the journal bearing changes only in vertical direction if the fluid tem-
perature is rising. Both clearance and offset errors are compensated by a fast four point mea-
surement of the journal bearing shape, prior to every new measurement.

FER

DesPUACEMENT Y-DIRECTION [mm)

s R o5 ] a5 [ [E]
DISPLACEMENT X-DIRECTION [fmam] ot

Figure 10: Automated rotor alignment

5.1.2  Identification of rotordynamic coefficients

For a given set of boundary conditions (rot. speed, geometry, fluid properties) the static and dy-
namic properties of the bearings depend mainly on the eccentric position of the rotor. This ec-
centric position is user defined. The eccentric position of the rotor in the journal bearing causes
static hydrodynamic fluid forces, that are compensated by the magnetic bearing. Once the rotor
has reached the defined static eccentricity €, linearly independent excitation vectors are com-
puted. These harmonic excitations are generated by the AMB's in a stepped sine manner (see
Figure 11) and adapted in phase and amplitude, until the measured harmonic displacements
reach a certain tolerance [9].
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Figure 12:

The identification of the force and displace-
ment amplitudes is done in the time domain
by fitting artificial harmonic signals in a least
square sense. This method has the advantage,
that no leakage occurs, that no triggering or
windowing is necessary and that it is also val-
id for very noisy signals. Due to the highly
nonlinear static force displacement relation,
the excitation amplitude has to be kept as
small as possible. This is done by identifying
the 1st and the 2nd harmonic of the excitation
frequency. The excitation amplitude is auto-
matically reduced if the amplitude of the high-
er harmonics reaches a defined limit. Typical
excitation amplitudes are 3-5 um (= 2.5 to 4%
bearing clearance). The force signals contain
also the rotor mass, that can easily be subtract-
ed. Unbalance vibrations do not disturb the
measurements, because there is no correlation
to the excitation signals.

With this method various measure-
ments were performed. As an exam-

ple, Figure 12 shows identified
stiffness parameters in dependence of
the relative eccentricity €. A complete
set of rotordynamic coefficients can
be found in [10]. For small eccentric-
ities, the parameters remain almost
constant. In this range of €, the cross
coupled stiffnesses k;, and k,; are
dominating over the direct stiffnesses
k;; and k5. This is in compliance
with common seal theory, where it is
assumed, that the certain parameters

Identified stiffness coefficients of a turbulent
journal bearing (solid lines: diagonal elements, dashed

lines: crosscoupled elements)

remain constant until a relative ec-
centricity of 50% of bearing clear-
ance. For increasing €'s, there is a
strong rise of the direct stiffness &,
while 4, and the cross coupled stiff-
nesses decrease.
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5.2 Diagnosis of a Centrifugal Pump
Today, monitoring systems are normally not
an integral component of turbomachines.
With these failure detection systems, the rel-
ative and/or absolute motions of the rotor are
measured as output signals. After signal pro-
cessing, certain features (threshold values,
orbits, frequency spectra etc.) are created
from the measured data. With the deviations
of these features from a faultless initial state,
the diagnosis attempts to recognize possible
faults. The difficulty with these procedures
is that the causes of the modifications of the
output signals can not be detected clearly.
The reason might either be a change of the
process or a modification of the system it-
self.

An improvement of the existing diagnostic
techniques can be achieved by using AMBs.
They are well suited to operate contactless as
actuator and sensor elements in rotating ma-
chinery (Figure 13). Consequently, frequen-
cy response functions (stiffness or
compliance frequency responses) can be de-
termined from the measured input and out-
put signals, of which the physical parameters
(mass, damping, stiffness) or modal parame-
ters (natural frequencies, eigenmodes, modal
damping) of the system are identified.

A magnetically suspended centrifugal pump
(Figure 14) is used to validate and to demon-
strate the performance of the developed
model based diagnosis methods. The modu-
lar concept of the design enables an easy ex-
tension of the single-stage to a multi-stage
pump system, both of which are subject for
investigations.

Within this project several faults in the pump
system will be identified. The aim of the
project is to find out when a fault occurs and
to determine the fault‘s type, location, and
extend.

diagnosis

magnetic FEED N 5 %0 ol
bearings
|

i process
ardware s
input |

I

rotating system output
with sensors
cand

| 4
[cenventional
:diagnusis

="t |

i . rotordynamic. | |
i

software
Figure 13: Failure diagnosis with AMB’s

single-stage
/ centriugal pump
-t
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magneic
theust beanng

radial baaring

Figure 14: Test rig of the single-stage pump in

AMBs.

Failure TYPE |
AM, AD, AK

Failure
TYPE Il

Interaction > x

Figure 15: Scheme of the two different fault
types being investigated

In general, the faults brought into the system are subdivided in two cases. Faults of type I (see
Figure 15) are altering the system matrices. These are for example a crack in the rotor, the wear
of the seals, loosening parts, etc. Faults of type II are caused by changing external loads like an

increase of the imbalance, cavitation, etc.
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Figure 16: Change of the compliance function H(Q)
due to different wear states of the balance piston.
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Exemplarily, some simulation results
of the pump with different worn out
states of the balance piston are pre-
sented. The different states are a seal
with a clearance of 0.2mm (new),
0.3mm (33% wear), and 0.5mm
(100% wear). The corresponding
mass, stiffness, and damping coeffi-
cients for the simulation are calculated
using a finite difference program.
Based on the models, it is possible to
compute the resulting compliance
functions H(Q) including the differ-
ent seal states. Corresponding results
are presented in Figure 16. The eigen-
frequencies clearly increase with a
wearing out piston due to decreasing
inertia and damping forces in the seal.

5.3 Diagnosis of a High Speed Grinding Process

Internal grinding is applied on products such as outer rings of ball bearings or injection parts of
combustion engines (Figure 17). The requirements for this process are very high and contradic-
tory. On the one hand, very high shape and size accuracies as well as surface quality of the
work-pieces are demanded. On the other hand short process cycles are wanted due to the mass
production.

The mean measures which can be taken
to met these requirements are the im-
provement of the bearing system, the
process monitoring and diagnosis as well
as the process correction with regard of
the process optimization [11] [12]. High
speed grinding spindles in AMBs are
best suited in order to carry out these
measures.

y - Hack-up Bearing
Motor Axial AMB Sensor r 2

Sensor | ! ! /

Work Toal

i

Work Picce |
AY i

A
Grinding
Wheel o

Radial AMB

Sy
Back-up Bearing

Rotor

Regarding the bearings system they al-
low high rotational speeds up to 180.000
rpm leading to a decreasing normal pro-
cess force. The not existing mechanical friction within the bearings permits a long bearing life.
Furthermore a high static spindle stiffness can be reached by an appropriate controller design.

In Figure 18 a scheme is shown how the AMBs can be applied for the process diagnosis and
correction. Using the measured displacement signals and the given control currents supplied by
the AMB system the AMBs’ forces are obtained and out of it the normal, tangential and axial
process forces respectively. The normal process force is the essential quantity for the process
diagnosts since it permits a direct conclusion to the process state. Based on the measured and
calculated quantities the diagnosis algorithms are carried out to evaluate the process state, for
instants with regard of chatter or a broken grinding wheel. Out of the diagnosis procedure or
directly out of the signals correction procedures take place in order to optimize the grinding pro-
cess. In this phase the AMBs are used as actuators to move the spindle to a required position.

Figure 17: Machine tool spindle for grinding
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Figure 18: Process Diagnosis and Correction for a Grinding Process

(T an One correction procedure is shown in
Figure 19. Due to it’s flexible property
the work-tool is bent during grinding
leading to a undesirable conical bore
shape. By tilting the spindle within the
bearings this effect does not take place.

wim
4
B
==
—_c=

W]

The described concept is developed and
tested on a AMB high speed grinding
- spindle test rig (Figure 17). The rota-
- (T ‘\ U tional speed of the work tool spindle is
! \‘ T 120.000 rpm and of the work piece
ey spindie from 1200 rpm up to 3600 rpm.
The power of the spindle is 3kW. The
T Bl maximal allowable grinding force is
' 110N.
In the upper diagram of Figure 20 the
measured normal process force is de-
picted. It shows the typical shape of a
grinding cycle. When the work-piece touches the work-tool the process forces begin to increase
unti} it reaches a certain maximum. During this phase the tool is being bent due to its flexible
property as shown in Figure 19. In the lower diagram of Figure 20 the curve is zoomed showing
the dynamic force out of the out-of-round of the work piece. It decreases while grinding. Then
the infeed is stopped to decrease the tool bending and to achieve a cylindrical shape of the bore
(spark out phase). Finally, the work-piece is being quickly retreated.

A |

Figure 19: Correction procedure with AMB’s
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6 CONCLUSION AND OUTLOOK

In this paper a Smart Machine Technology has been presented for rotating machinery with ac-
tive magnetic bearings. The technology uses parallel informations coming from the system sen-
sors and the mechatronic system model in order to create additional smart features. With the
developed tools for modelling, identification, diagnosis and correction it is possible to obtain
smart machines with improved performance and higher reliability. The Smart Technology has
been successfully applied in three cases of turbomachines and machine tools.

With new developments of hardware components, particularly in the field of microsystems
(sensors and actuators) and additional software for new features, the Smart Machine Technolo-
gy will be further improved and applied in practical rotating machinery.
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Design guidelines for improved rotating machinery
stability

R G KIRK
Mechanical Engineering Department, Virginia Tech, Blacksburg, USA

SYNOPSIS

The past quarter century has been a time of rapid growth in analytical capability for
design evaluation of rotating machinery. This growth has been fueled by the power and speed
of the personal computer in part, but even more so by the international growth of the field of
rotor dynamics analysis. More recently, the speed and wide availability of the internet is
giving an even faster mode of communication to discuss and solve problems. The Vibrations
in Rotating Machinery conference, organized by the IMECHE, has played a key role in this
growth by providing a timely international meeting every fourth year, since commencing in
1976. The opportunity to contribute to this field of study and to see and hear the many papers
by other experts, has been an experience that will never be equaled in this field of study. The
following discussion and information are a collection of guidelines based in part on
information from the papers presented by the author at this and previous Vibrations in
Rotating Machinery conferences. Personal experience is also a major factor in these proven
guidelines.

1 INTRODUCTION

The evaluation of rotating machinery requires the command of several areas of
engineering for most all types of machines. Some are more demanding than others. The basic
split of machines is between aerospace and land based machinery. Both of these groups are
then split into several subgroups. The author has experience in both jet aircraft engine
dynamic analysis and land based turbo machinery, but with the majority of work experience
and consulting in the turbo machinery branch. Prior to the early 1970's, the ability to compute
the stability of multi-mass rotors was not possible as a design tool. Attempts at computing
general multi-mass rotor eigenvalues had not been totally successful. The only computation
available was the calculation of undamped critical speeds (1) and the elliptic forced response
to rotating unbalance (2). Fluid film bearing characteristics were available for certain bearing
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types in non-dimensional tables (3) and required hand preparation for use in the forced
response analysis.

In the 1970's, the jet aircraft industry was looking at circular damped response to unbalance
and was just starting to look at transient response due to blade loss. The damping in jet
engines was and continues to come from oil film dampers at most radial roller bearing
locations. The analysis of jet engines is complicated by the light weight and flexible supports
that carry the rotors. Most engines are multiple rotor design. This adds a degree of difficulty
when compared to the majority of land based turbo machinery. In jet engines, a labyrinth seal
instability was one where the flexible stator structure of the seal ring would be excited and
result in cracking and failure. Future research on labyrinth seal excited instability would
address rotor instability in high pressure compressors.

By the early 1980's the bearing properties were being computed on-line from geometry
descriptions. The majority of bearings used in high speed flexible rotor designs were tilting
pad design radial bearings. By the late 1980's personal computers had advanced to the point
that they were used in place of mainframe computers for rotor bearing analysis. A major
contribution of the 70's and 80's was the documentation and extension of the analysis of fluid
film seals, turbulent seals, and gas labyrinth seals. Another advance made in the 80's was
Active Magnetic Bearing analysis and use in industrial machinery. In addition to controller
instability, the user must be aware of rotor drop dynamics and the resulting potential high
backup bearing loads and heat generation. Papers on most of these topics have been presented
by the author of this paper over the past 24 years at the IMECHE Vibrations in Rotating
Machinery conference (4 —12).

The study of rotor instability is predominantly associated with self-excited nonsynchronous
vibration. Motion is usually subsynchronous and closely matches the rotor first bending
critical speed. The study of self-excited synchronous vibration has recently become of
increasing interest in industrial turbomachinery. Synchronous instability resulting from rotor
seal rubs or light rotor stator contact is well documented in the literature (13). The light
rubbing can put excessive heat into a small sector of the shaft, resulting in a rotor thermal bow
and either increasing or decreasing vibration, depending on the rub position, the rotor mode
shape, and whether operation is above or below the dominant mode of vibration. These rubs
are typically inboard of the main bearings and outward spiraling vibration occurs for operation
below the critical speed and inward spiraling vibration for operation above the critical speed.

In 1933, D.M. Smith (14) reported on an investigation of stability of flexible rotors. In 1974,
41 years later, D.M. Smith (15) again reported on an investigation of stability problems but
this time it was synchronous whirl in turbine and generator rotors. His theory of coupled
blade, torsional, and lateral criticals was presented to explain how it may be possible for
turbines to have this form of instability, but no answer was given that explained why the
generators were also synchronously unstable. He did however, report that increasing the
bearing clearance reduced or eliminated the synchronous instability in at least one case, when
normally reducing the clearance was the fix for oil film instability.

Within the last decade much interest has been shown in the area of thermal bending in

overhung rotors. Recent theoretical (16) and experimental (17,18) studies have focused on
this problem. So far, most of the theoretical work has been done using complex analysis, and
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almost no comparison between experimental and theoretical research has been made. This
paper develops a simple model of rotor thermal bending without using complex analysis. This
model is then compared with a more rigorous theoretical model and with an experimental
study.

This phenomenon is primarily due to a temperature difference developing across the shaft.
The temperature difference can either be caused by the rotor shaft rubbing against stationary
components or by viscous shearing within the lubricant at a bearing or liquid seal location.
The former mechanism was first noticed by Newkirk in 1926 and later analyzed by
Dimarogonas (13). This mechanism is called the Newkirk Effect. The latter mechanism has
recently been studied (16,17,18) and is often referred to as the Morton Effect.

Another form of self-excited transient response occurs under the condition of blade loss, or
suddenly applied imbalance (12,19). The maximum transient response ratio to the steady-
state conditions has an interesting characteristic. The accepted ratio of two occurs below the
critical but a ratio of N/N+1 occurs for supercritical operation. The exact critical speed,
however, does not experience any additional amplification.

The Morton Effect occurs when the journal is executing a synchronous orbit around the
bearing center. This centered orbit causes one portion of the journal surface to always be at
the minimum film thickness, while a diametrically opposite section of the journal surface is
always at the maximum film thickness. Lower film thickness areas are generally associated
with higher viscous shear stresses which produce higher temperatures. As a result, a hot spot
will develop on the journal surface exposed to the minimum film thickness region and a cold
spot will be formed on the surface at maximum film thickness. This leads to a temperature
gradient developing across the journal. Such a gradient creates a thermal unbalance which is
in the direction of the temperature gradient. Thermal bending will then occur if the resultant
of the thermal unbalance and the overhung mechanical unbalance is adequate. Under these
conditions the bent shaft will decrease the bearing clearance and elevate the thermal gradient.
The increased temperature gradient will then initiate more thermal bending. These actions
describe a positive feedback mechanism which will drive the system unstable. The response of
a turbocharger undergoing the Morton Effect is shown in Fig. 1 ( taken from reference (18) ).
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Fig. 1-a Measured Service Speed vs. Time for
Modified Upgrade Turbine
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2 GUIDELINES FOR ROTATING MACHINERY DESIGN

The design of machinery requires the cooperation of both mechanical and aerodynamic
engineers to achieve an efficient and dynamically stable machine. The guidelines given below
for stable design practice have evolved over the past 30 years and are a brief summary of
things learned from applied industrial experience in rotor dynamics of rotating machinery.
The guidelines are mostly relating to land base machinery.

2.1 Basic Rotor Construction

Rotors for compressors and multistage centrifugal pumps are usually built with
stacked disk on shaft construction. Steam turbines are either disk on shaft or solid rotor
construction. Power turbine and expander rotors can be center or multiple tie bolt design.
Axial compressors are typically multiple tie bolt design. If the rotor stiffness is much less
than the bearings, it should be clear that the damping will not be effective from the bearings.
The general exception to this rule is multistage centrifugal pumps, where the eye wearing
rings act like additional bearing supports due to the resulting turbulent seal stiffness and
damping.

Impellers should be shrunk on the shaft with a differential fit to better insure that the shaft will
not bow due to a hung fit on the impeller bore during transient operation. Fits should be
relieved in the center and one tight and one loose or line to line fit applied. This usually
requires a vertical stacking of the rotor. Similar caution applies to spacers, balance drums,
and thrust collars.

Tie bolt attachment of turbine or expander disks requires a snap fit. Thrust pins or keys placed
in the axial face can fight the primary fit and cause massive disk eccentricity and imbalance.

The rotor should be stack balanced adding no more than two components at a time, and final
balanced in a high speed vacuum chamber if available. Solid rotor construction has many

advantages in regard to rotor thermal stability for axial flow machinery.

Extreme caution is required for mid-span only, high speed balancing of flexible shaft rotors
that have overhung elements such as thrust collars, trip bolt mechanisms, or coupling hubs.

24 C576/115/2000 © IMechE 2000



2.2 Critical Speed Placement
The most basic analysis of rotating machinery is the undamped critical speed map. An
example is shown in Figure 2.
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Figure 2 Classical Critical Speed Map for Zero Damping

TableI Guidelines for Critical Speeds
cross 1-st Ner at no more than 98% of Ner-rigid
cross 2-nd and 3-rd modes on the ramp portion of the critical speed map
never cross any mode on a flat region of a mode
max amplitude of a mode shape to bearing amplitude ratios of less than 10 is
desirable and less than 5 would be even better
e consider both static stiffness and dynamic stiffness for the bearing
characteristics
e degrade bearing stiffness for support stiffness influence

More advanced damped critical speed and stability calculations can be evaluated as a
result of many advances in analysis and computers since 1972 ( 20 — 24).

2.3 Bearing Design

Rotors running below 6000 rpm could use a fixed geometry bearing design. Some
form of stabilizing feature would be required in the higher end of the speed range. Taper land
pockets are often used and offset halves are also popular. It is also true that small fast
machinery for plant air service, are designed with fixed geometry bearings (25-26). In
addition, small high speed turbochargers are designed with a floating bush bearing. A few
basic guidelines are given in Table II for standard machinery bearing design.

Table I1 Bearing Design; Fixed Geometry Inserts
taper land or double pocket recommended
preload of 50%, i.e., undercut equal to radial clearance
90 % offset for 3 taper land design
clearance of 1.25 - 1.75 mils / inch of journal diameter
babbitt thickness of 40 - 60 mils
L / D ratios of 0.6 to 0.8 typical
Note: 1 mil =25.4 x10-6 meter
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For rotors running above 6000 rpm, a tilting pad design is usually preferred by the designer
(27). In fact, many machines that could run on fixed geometry bearings are designed with
tilting pads to satisfy customer specifications. Guidelines for tilting pad bearings are listed in
Table III.

Table III Bearing Design; Tilting Pads

e 5 pad standard, 4 pad acceptable
a pad preload of 40 - 60 % is recommended
55 - 60 % offset for cooler bearing and increased load capacity, but design is
rotation sensitive

e clearance of ((1mil / inch)+1) mils on diameter with a tolerance of -1/2 and + 1
1/2 mils
babbitt thickness of 40 - 60 mils

e L /D ratios of 0.4 to 0.6 typical, square pad projected area is good !

¢ DO NOT ATTEMPT TO STABILIZE A MACHINE BY ONLY CHANGING
THE BEARING PRELOAD BY A SMALL AMOUNT !!

2.4 Forced Response
A major analysis in design of rotating machinery is the forced response to imbalance.
The sensitivity can be verified by test stand operation. Known imbalance weights can be
applied, usually to the coupling flange. Basic guidelines are given in Table IV.

Table IV Forced Response
* keep peak response speeds at least 15% below and 20% above the design
speed range.
e amplifications can be computed by the half power point method or the
phase slope method
o A =Ncr/delta omega at .707 x peak amplitude
o A =(pi/360 ) x (delta Phi/ delta N) x Ncr
e 0.1 g loading from (56,347 x W / Nrpm”2) oz-in
amplitude limit of sqrt(12000 / Nrpm) in mils
e suggested limit of 1 mil for machines over 12000 rpm and less that 50000
rpm
e warning at 50 % of bearing clearance and shut down at 70 % of clearance

2.4 Seal Design

The design of centrifugal compressors usually requires either a gas or oil seal to seal
the process gas. The standard floating ring seal is still used in many applications and must be
designed with caution (28-29). Pump wear rings and balance drums are usually turbulent and
require a special analysis (30-32). The suggested rules given in Table V are a starting point
for oil seal designs.

The impeller labyrinths and the balance drum labyrinth seal are major contributors for
compressor rotor instability (33-34). After the mid 1980's, the ability to add this important
influence to compressor design allowed the designer to better predict the machine full load
stability (see Table VI).
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Table V  Oil Seals
use 0.05< L/D< 0.25
clearance of 1.0 - 1.5 mils / inch of diameter
lapped face width of 0.1 - 0.25 radial
use non-cavitated 360 deg journal bearing theory as an approximation with
average temperature viscosity
computer automated solution is recommended
¢ DO NOT over balance the axial pressure loading which will result in seal ring
instability
¢ use adequate grooves in bore of seal ring for stability
o if speed ratio is less than 2.2 x Ncr, seals are your friend
o if speed ratio is over 2.2 x Ncr, expect instability

Table VI Labyrinth Seals
e use proven analysis to obtain Q-effective
e excitation will most always drive the rotor in forward whirl
» note for aerodynamic excitation
» turbines --- forward whirl instability mechanism
» compressors -- backward whirl instability mechanism
e tooth chamber volume, tip clearance, total length, and diameter are critical to
good design
e entry swirl is key to proper prediction of stability
balance piston and last stages are critical elements of a proper stability design
evaluation for centrifugal compressors

2.5 Coupling Design Guidelines
A suggested design procedure for preliminary selection of couplings is summarized as
follows:

1.
2.
3.

Size coupling for torque capacity requirements.

Check placement of spacer N, .

If the spacer is in the satisfactory region given in Figure 3 (Zones I and II, and the
upper part of Zone III) for each of the adjoining machines journal reaction ratio, %2
Weplg/Wjournal, the design specifications need not require a train analysis.

If the design falls in the marginal region of Figure 3, a train or partial train analysis
should be performed for test stand and field conditions if the spacer cannot be
redesigned to move into the satisfactory region.

If the design falls in the unacceptable region the coupling spacer should be redesigned
to move the calculated critical as far as possible toward the satisfactory zone, analysis
being made as noted above.

Coupling designs that are below the marginal zone of Figure 3 should not be accepted
for Turbomachinery application.

Coupling spacers should be designed to have a critical speed ratio of 2.0 or larger.
Smaller ratios may be acceptable if adequate analysis is conducted to assure an
insensitive design as outlined in this paper.

Design features of gear couplings should preclude the admission of oil into the spacer
tube.

Gear couplings should be designed to have a minimum increase in mesh tip clearance
at design speed and temperature.
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10.  Turbomachinery conditions having low horsepower requirements and utilizing gear
couplings are particularly susceptible to larger than normal imbalance levels on the
coupling due to spacer throwout.

11.  Long spacer couplings having a critical speed ratio less than 2.0 should have at least
three planes for balance correction.
12. Attention to proper material processing and heat treatment is essential in addition to

the above considerations.

NOTES ON OPERATION

1 - EXTENSIVE PROBLEMS

2 - SERSITIVE T0 TEST
CONDITIONS - ZERO

BE IMPROVED
4 - NO PROBLEMS ON TEST
5 — NO PROBLEMS
6 ~ SENSITIVE. GOQOD
TOLERANCES REQUIRED
7-16 - NO PROBLEMS

ONE 1 - TIR PUNOUT %0.0035 in, PO

SPEED RATIO (Nor-spacer/Sucog)

- = — — DIAPERAGM O

1 1 1 1
0 .2 .4 .6 .B 1.0

MEIGHT RATIO (1/2 Wcplg/¥Winl)
Fig. 3 Chart for coupling selection, showing degree of acceptability with overhung
turbomachinery. Zones indicate runout level of balance bands relative to
the mounting bore or rabbet fit. Experience over-plotted (taken from ref (35)).

3 CONCLUSIONS

The optimum design of rotating machinery is a complicated process and cannot be
taught in a single technical paper or short course. The collection of personal experience of
several engineers plus the latest state of the art computer analysis capabilities is an excellent
starting point. Every machine is a new learning experience in almost every instance of the
authors experience. The challenges are many, much is known, all the problems are not solved
and the rewards are great for those that decide to accept rotating machinery as their expertise.
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ABSTRACT

A blade loss on a large turbo-generator unit has been studied in order to validate an
identification methodology incorporated in the program SIMFONE. The identification
techniques use measured pedestal responses and models of the rotor and bearings to estimate
a foundation model and unbalance force. The approach employed is described, and practical
issues discussed. The change in unbalance between the two runs was identified and compared
to the actual unbalance due to the blade loss. The position and magnitude of the unbalance
were accurately predicted. The parameters obtained are physically reasonable and this gives
confidence for the application of the approach.

1 INTRODUCTION

The analysis of the vibrational behaviour of turbomachinery is a topic of great importance in
most process industries and particularly in power generation. Apart from the need to design
machinery to operate within acceptable limits, dynamic models are now used to great effect in
the diagnosis of operational difficulties. With the high returns from modemn plant there is an
increasing need to develop reliable plant models for fault diagnosis, and, as reported by Lees
and Simpson (1), the models are not yet developed to the stage of being applicable with
confidence across a full range of plant problems.

A number of authors (2, 3, 4) have addressed this problem in recent years and the conclusion
is that at present the supporting structure of a large turbine presents a significant problem,
having a significant effect on the machine dynamics. Over the past 30 years there has been a
strong trend towards the use of flexible steel supports for large turbines as this approach offers
a number of practical advantages, not least the cost of fabrication. However this does
highlight the importance of the supporting structure.

Lees and Simpson (1) discussed the modelling of this type of structure: in principle it should
be possible to develop a suitable model from finite element techniques, but there are a number
of practical difficulties. It is often found that similar units, built to the same drawings, display
substantially different vibrational behaviour. The different vibrational behaviour is mainly due
to small changes in a huge number of joints, that combine to give a substantial change in
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stiffness of the structure. With these difficulties it is unlikely that the techniques of finite
element model updating (5) could be used, as there are too many uncertain parameters in the
joints. The most promising avenue is to identify a model of the foundations directly from
measurements.

With these considerations in mind, it appears that substantial plant measurements are required
to adequately characterise the dynamics of a foundations. Several exercises of this type have
been carried out, for example Pons (6). However, such measurements are very costly in terms
of time during which the generating plant is unavailable. Furthermore, the ideal state would
be for the turbine to be fully assembled with casings but without the rotor - a state which is
not normally available. It has not been considered a cost effective solution to the problem to
carry out such trials on machines in the UK. Thus this paper considers the identification of the
foundation properties of turbo-generators based on limited measurements on the fully
assembled machine.

This paper summarises the issues involved in the identification approach, and demonstrates
the method on a real machine. The theory and further examples are available in published
papers, for example (7, 8, 9, 10).

2 RESPONSE MEASUREMENTS

The response of the turbo generator mounted on the foundation may be measured using a
range of transducers. For identification of the foundation model the general aim should be to
measure as many variables as possible. All information is useful and may be used to reduce
the uncertainty in the identified model. The minimum measurements should consist of the
response at the pedestals, often measured using accelerometers. These measurements should
be taken at a position close to the bearings, so that the data represents the response at the
foundation side of the bearing housing. The identified model will then produce a dynamic
stiffness of the foundation at the bearing housing. Ideally, the response in both the vertical and
horizontal directions at all the bearings should be measured. If this is not possible, due to
financial constraints, inaccessibility or transducer faults, then the measurements and the
resulting foundation model will be incomplete.

The measurement of response data during run-downs is well established and equipment to
generate the information in the frequency domain readily available. The important difference
between the techniques used for run-downs and those used in general vibration analysis is the
use of a variable sampling rate that is referenced to the shaft speed. Recently techniques using
a constant sampling rate, and digital resampling of the resulting signals, have become
practical. The total length of the sampling interval must be chosen as a compromise between
the stationarity of the signal and the averaging of random noise. The analysis estimates the
response assuming that the rotational speed is constant. Thus the sample time should be
relatively short so that this assumption does not introduce large errors. A long sample time is
required to average out the background broadband noise.

3 FORCING BY UNBALANCE

The normal operation of a machine usually involves running at a single speed. Any
unbalance, asymmetries or bearing non-linearities produce forces, and hence responses, at the
rotational speed and the harmonics of this speed. Data from normal running may be used to
identify foundation models at the running speed, and possibly its harmonics, but these data
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will provide no useful information at other frequencies. Since applying external excitation is
often impractical the unbalance response during either a run-down or a run-up is used. Any
unbalance on the rotor, or known asymmetries, will provide forcing to the rotor causing the
machine to respond. The major difficulty is estimating the unbalance force or the force
produced by the asymmetry. During a balancing exercise known unbalance is placed on the
rotor and run-downs performed. Given data from two run-downs, where the only difference is
the addition of a known out of balance, then the responses may be subtracted to give the
response to the known unbalance. This assumes that the machine behaves linearly, which is
very likely to be justified for small mass additions. More serious is the assumption that the
machine properties haven’t changed between the two runs. Environmental factors, particularly
temperature, would be difficult to control and may introduce large errors. There is also the
problem that the response measurements are not taken at predetermined frequencies, but at
frequencies determined by the rate of the run-down. The two run-downs would be at
approximately the same rate, but they are unlikely to be equal. Thus interpolation would have
to be used to generate sets of data at a common set of frequencies. The alternative is to
estimate the unbalance force directly from the single run-down (9, 10).

4 MODELLING

The aim is to model the foundation of the machine based on the response measurements. An
initial assumption is that we have a good model of the rotor and an ‘adequate’ model of the
bearings. Identification of the complete machine is possible, based on the excitation by a
known force. By assuming we have models of the rotor and the bearings, the number of
parameters to identify may be reduced, and thus the quality of the foundation model is
improved. Also, to enable the location of faults in the rotor, it is desirable to separate the
rotor/bearing model and the foundation model.

The rotor is relatively easy to model. Analysis packages are available to produce a model and
to perform analysis and model reduction (11, 12). Experiments may be performed on the free-
free rotor to validate the analytical model, or indeed provide an experimental modal model
that may be used in the analysis. Such experiments performed on real rotors have produced
natural frequency results with a 1-2% difference to those produced by analysis. These
considerations lead to the conclusion that the rotor may be assumed to be modelled
accurately, particularly when compared to the models of the bearings and foundations.

The models of the dynamics of journal bearing are much less accurate than the rotor models.
Given the physical dimensions of the bearing, the properties of the oil and the load that the
bearing carries, reasonable approximations for the linearised damping and stiffness
coefficients may be calculated from the fluid dynamic equations (13). These coefficients are
dependent on the rotational speed and this may cause significant problems for some
procedures that try to identify the bearings and the foundation at the same time. The
foundation will be approximated closely by a linear, reduced order model, either in terms of
mass, damping and stiffness matrices, or in terms of a modal model or a frequency filter
model. There is no guarantee that the bearing properties will be adequately represented by
such a model, although recent work on replacing frequency dependent bearing models with
higher order models with internal, fictitious degrees of freedom has shown some promise
(14). Given an estimate of the bearing properties it is possible to apply the identification
techniques to the foundation alone, but the estimated parameters should be robust with respect
to errors in the bearing parameters. This is most important, as the combination of a relatively
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inaccurate bearing model, and an uncertain static load, may lead to large errors in the assumed
bearing properties.

5 THE IDENTIFICATION OF A FOUNDATION MODEL

The most attractive option to determine the foundation’s dynamic properties is to estimate the
total force that is applied to the foundation. If a known excitation is applied then this force
arises from a combination of the known force and the force produced by the rotor and applied
via the bearings. Although it is possible to estimate a complete dynamic model directly from
the measured frequency response functions in this case, the effect of the rotor and bearings
must be removed from the complete model to estimate the foundation model.

Lees (2) outlined a method to estimate the forces exerted on the foundation at the bearings,
using the response of the foundation due to a known unbalance on the rotor. A complete
analysis of this method was given by Lees and Friswell (9) and Smart et al. (7, 8), and is not
repeated here. Given a model of the rotor and bearings, the force may be estimated given the
set of measured pedestal responses. The sensitivity of this force estimate to uncertainties in
the bearing stiffness has been studied by Lees and Friswell (15). When the bearing is
substantially stiffer than the foundation, errors in the force estimate are restricted to a limited
and predictable part of the frequency range. The problem frequencies are near the resonant
frequencies of the rotor and bearing system mounted on rigid pedestals. Note that if the
bearing parameters are speed dependent these resonant frequencies will change with speed,
and these problems may not be encountered. Also the situations of greatest practical interest
are those in which the foundation is very flexible compared to the bearing, thereby exerting a
significant influence on the behaviour of the machine.

Once the force applied to the foundation through the bearings has been identified, a parameter
based model of the foundations may be estimated. The dynamic stiffness cannot be estimated
as a frequency dependent matrix, because a complete set of independent forces applied at the
bearing pedestals is not available. The alternative method to obtain a model is to assume a
parameteric representation of the foundation model and to identify the unknown parameters.
The basis of the measured data is the motion of the bearing pedestals, which is normally
measured in only one direction. However the analysis is equally valid in either one or two
dimensions.

The form of the foundation model may involve mass, damping and stiffness matrices, or
alternatively a general frequency filter model. The latter is most useful when the number of
modes of the foundation that are excited is much larger than the number of measured degrees
of freedom. Feng and Hahn (4) solved this problem by splitting the frequency range, where
each sub-range contained fewer modes of the foundation than the measured degrees of
freedom. The situation with large turbo-generators is not so bad, as the number of measured
degrees of freedom is quite high compared to the number of modes of the foundation that are
excited. With frequency filter models the order of the model must be selected with care to
ensure a robust estimated model (8). Smart ez al. (8) also discuss the regularisation of the
estimation procedure.

The alternative is to define the output residual, which is essentially the error between the
pedestal response measurements and the predictions of these quantities from the model. This
residual is a non-linear function of the parameters, however the penalty function is a direct
measure of the quantities that are required to be reproduced. Also any degrees of freedom that
are not measured are simply not compared in the residual, and so incompleteness can be dealt
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with relatively simply. However the quality of the estimated parameters is considerably
reduced if too few responses are measured. Any non-linear optimisation method may be used
to estimate the parameters but the usual problems occur, namely the optimisation is
computationally intensive (especially for models with a large number of bearings) and
convergence to a global minimum is not guaranteed. A good estimate of the parameters from
the linear estimation procedure in invaluable.

Both the linear and non-linear foundation model estimation algorithms, together with facilities
for regularisation and order selection, have been implemented in MATLAB, as a package
called SIMFONE. The unbalance force, in conjunction with a linear foundation model, may
also be estimated. This software is described more fully, and demonstrated on a real machine,
in the next section.

6 A PRACTICAL EXAMPLE USING SIMFONE

During development of the SIMFONE package, several sets of both simulated and test-rig
data were used in order to check the various features of the program. This allowed validation
of the foundation and unbalance estimates, since these parameters were already known, and
allowed quick calculations to be performed, due to the relatively small sizes of these models,
and the corresponding amounts of data. It should also be noted that the model needed to
represent a real machine’s foundation is necessarily much more complicated than that used for
a small test-rig: it was therefore felt that a calculation using real turbogenerator data would
provide a demanding test of SIMFONE’s ability to predict unbalance and foundation
parameters. Such a calculation was recently made possible, with the provision of two sets of
run-down data taken from a 250 MW turbogenerator, which suffered the sudden loss of
several turbine blades. One run-down was performed shortly after this event, and another run-
down some 5 months previous was also provided. The aim of this test was to estimate the
flexible foundation model, and to predict the location, magnitude and phase angle of the
change in unbalance in the shaft line.

6.1 Preparing the Data

The turbogenerator rotor model supplied for the analysis contained a total of 10 measurement
positions: front and rear bearings on the high-pressure turbine (HP), low-pressure turbines 1-3
(LP1, LP2 and LP3) and the generator (GEN). The bearing geometry and parameters were
supplied together with the rotor model, and linearised speed-dependent bearing parameters
were then automatically calculated by SIMFONE. Although 16 measurement channels were
supplied in the run-down data, the bearing displacements measured on the exciter and
govemnor, as well as the HP shaft eccentricities, were redundant in this case, since these items
were not included in the rotor model. Had a more complete model of the shaft-line been made
available, then use could have been made of these 6 extra channels. Measurements were only
provided in the vertical direction (SIMFONE uses horizontal and/or vertical measurements).
The main SIMFONE screen, showing the rotor/bearing model (upper window) and bearing
displacements (lower window) is shown in Figure 1. This graphic-user-interface (GUI) allows
viewing of all runs at all bearings, with either magnitude or phase measurements displayed.
All other features of the program are also accessed via this window.

When importing data from ASCII format (as output by the industry-standard measurement
systems) into SIMFONE, the user may select any number of runs for import. If the user
chooses to specify one of these runs as a datum run, then this is the run from which all others
are subtracted. In this case, run 2 (post-event) was selected as the datum run. The run 1
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responses were then subtracted from those of run 2, leaving just one set of response data. The
estimated unbalance due to this data was then just the additional unbalance for run 2. After
import, the data are saved in a SIMFONE measurement file, negating the need for repeated
import. The user may choose to estimate the foundation and/or unbalance over the whole
frequency range, or to split the data into different frequency segments. The latter case
introduces complications such as different estimates for the different frequency segments
used, but may prove useful in cases where the data is of poor quality or has a high modal
density (8). For the cases described here, the estimation routine was carried out over the
complete run-down range, from 50 to 5 Hz.

Before performing the estimation, the user must input unbalance information. Unbalance
planes are defined which, if the state of unbalance of the machine is known and only the
foundation model is to be estimated, contain the mass, eccentricity and phase angle of the
known unbalance at each plane. If, however, the unbalance is unknown and is to be estimated
together with the foundation model, as done here, then only the axial locations of the
unbalance planes are specified. Care must be taken in the unbalance plane specification, as
problems may arise if the number of planes is over- or under-specified. For this work it was
decided to perform the unbalance/foundation estimation routine for two different cases: Case
1: 1 unbalance plane per rotor (5 total), Case 2: 2 unbalance planes per rotor (10 total). For
Case 1, the planes were defined near the centres of the 5 rotors. For Case 2, each rotor was
defined with 2 planes, the ten planes being well spread out along the length of the shaft line.

6.2 The Estimation of the Foundation Model and Unbalance Force

During the parameter estimation stage, the user is given the option of using horizontal and/or
vertical measurements, estimating unbalance in addition to the foundation model, and
performing the estimation on any of the runs that have been imported into the program, as
shown in Figure 2. In this work, vertical measurements were used and the unbalance was
estimated. SIMFONE uses two estimation routines: linear and nonlinear, as outlined below.

Linear: This is used to provide an initial set of estimates. It is computationally inexpensive
and typically only takes a few seconds for this size of calculation (depending on processing
speed). Input and output polynomial parameters may be defined, and different model orders
may be selected, with respect to inverse condition number and output error, though at the
expense of increased computing time. Model order cannot be changed when estimating
unbalance and the user is restricted to a mass, damping and stiffness model.

Nonlinear: A nonlinear estimator is used to improve upon the linearly-estimated parameters.
The user may specify the relative change in parameters and/or function residual, and also the
maximum number of iterations, below which the nonlinear estimation routine will return. The
nonlinear estimator is computationally expensive, in comparison with the linear method. For
the two cases discussed here, each calculation, which lasted around 10 minutes in total,
terminated after the specified 10 iterations. The function residual, which is plotted for each
iteration, decreased from 45% to 19% for Case I, and from 58% to 19% for Case 2.

It should be noted that once the unbalance has been estimated, an improved foundation model
might be obtained by selecting a different model order. Also, increasing the number of
iterations used for the nonlinear estimation may also improve the foundation model. This is,
however, at the cost of increased computational effort. Since this work is intended to be a
demanding test on SIMFONE’s ability, as would be performed by engineers in the field who
cannot afford this extra time, no improved foundation model was attempted here.
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6.3 Results

In order to check the quality of an estimated foundation model, SIMFONE combines the
rotor/bearing model with the estimated unbalance and foundation parameters, and calculates
estimated responses for those measurement positions used in the analysis. If the estimated
foundation model is of high quality, then a good fit between measured and estimated
responses will be seen. Figure 3 shows the measured and estimated responses for Case 1, at
the HP turbine, and Figure 4 for Case 2, at the LP1 turbine. These cases and locations were
simply chosen as examples, and are typical of the high quality of the other estimated
responses. As can be seen from the two figures, there is a very good fit for both magnitude
and phase. For the LP1 responses, there is some discrepancy in phase angle in the 0-25 Hz
frequency range, although this does not give cause for concern, since the (unlikely) measured
phase behaviour seen here is probably due to the low signal to noise ratio in this region. As
soon as this ratio increases (above 25 Hz), the fit becomes accurate once again. Overall, the
two estimated foundation models can therefore be said to of high quality.

In order to verify the estimated unbalance parameters, the actual unbalance on the
turbogenerator due to the blade loss was disclosed after the calculations had been completed:
viewed from the steam end towards the electrical end of the shaft-line, with positive anti-
clockwise rotation from bottom-dead-centre, the blade loss on the HP turbine caused an
increase in unbalance of 1.392 kg.m @ 227°, at an axial distance of 1.905 m from the HP
front bearing. The estimated unbalance parameters for the two cases are listed below.

Table 1: Estimated unbalance parameters, Case 1

Location Magnitude (kg.m) | Phase Angle (degrees)
HP 1.7912 353

LP1 0.30281 284

LP2 0.077329 246

LP3 0.013228 284

GEN 0.062297 61

Table 2: Estimated unbalance parameters, Case 2

Location Magnitude (kg.m) | Phase Angle (degrees)
HP Front 4.0044 327
HP Rear 2.6971 110
LP1 Front 0.51056 300
LP1 Rear 0.43599 243
LP2 Front 1.3279 266
LP2 Rear 1.1392 87.5
LP3 Front 0.48592 70
LP3 Rear 0.7703 252
GEN Front 0.53922 204
GEN Rear 0.65617 29

For Case 1, the balance plane at the HP was chosen at an axial length of 2.565 m from the HP
front bearing, just 0.66 m from the actual axial position of the unbalance location (less than
9% of the total HP rotor length). One could therefore expect the estimated unbalance at this
plane to be close to the value that would be obtained, had the actual axial location been used.
Here, as would be the case in the field, this actual axial location was unknown before the
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calculation was performed. The results shown in Table 1 are extremely encouraging. Taking
just one look at the estimated additional unbalance for run 2, it is obvious that the change in
unbalance occurred on the HP turbine. This additional unbalance magnitude is 6, 23, 135 and
29 times larger than the values estimated for the LP1, LP2, LP3 and GEN respectively (no
unbalance changes other than the HP blade loss had been reported for the shaft line). Indeed,
the error between the actual and estimated unbalance magnitudes for the HP is just 22%
(remembering the 0.66 m difference in axial location). The error in phase angle of 126° does
raise some concerns, and further work is necessary to investigate the underlying cause of this
anomaly. Possible reasons include an undetected error in the measurement and/or angle
declaration system(s), or a poor bearing model having been supplied with the turbogenerator
rotor model. However, due to the high accuracy in estimated unbalance magnitudes along the
shaft line, it is considered that the overall unbalance identification has been highly successful.

For Case 2, with two balance planes per rotor, one important point is first to be noted. For the
LP2, LP3 and GEN estimates, the two unbalance magnitudes are all of similar size, and are
178.5°, 182° and 175° apart, i.e. virtually out of phase. This has the effect, for the first mode
of these individual rotors at least, of cancelling out the unbalance forcing. A small amount of
resultant unbalance is apparent for the LP1 turbine. It is once again evident from the HP
unbalance magnitude and phase estimates that it is indeed this turbine on which the major
change in unbalance took place.

7 DISCUSSION AND CONCLUSIONS

This paper has given an overview of a method to estimate a foundation model for turbo
machinery, and to estimate the unbalance force, from a single run-down. The software
package SIMFONE has been written to implement the approach, and this has been
demonstrated using data from a real machine before and after the sudden loss of several
turbine blades. Taking into account the two unbalance estimation cases discussed above, it
can be seen that the number of balance planes used for Case 2 was most likely over-specified.
This led to the 180° phase difference in estimated unbalance on the LP2, LP3 and GEN
turbines. Further work would be necessary to draw some generic guidelines for the
specification of unbalance planes, including an investigation of the effective modal unbalance
of the shaft-line due to the estimated unbalances at the specified planes. Notwithstanding, if
either the Case I or Case 2 calculations were performed in the field, the location of the
unbalance change could be easily identified using SIMFONE, as has been proven here.
Furthermore, the Case [ calculation provided a very accurate estimate of the unbalance
magnitude due to the blade loss. In this sense, SIMFONE is able to provide a highly cost-
effective tool for maintenance purposes. Once the turbogenerator had been run-down, the
estimation could be performed, the problem shaft-line section identified, the covers removed
and maintenance performed. This would prevent unnecessary, costly maintenance from being
carried out. The estimated foundation model has also been shown to be of high quality, with
measured and estimated responses matching very well overall. The availability of such a
foundation model is important for analysis, design and maintenance purposes.
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Figure 2: Unbalance/foundation parameter estimation window
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ABSTRACT

Low pressure stage steam turbine blades in power plants are subjected to most severe
mechanical stresses. The dynamic stress coupled with centrifugal and steady steam bending
loads is responsible for fatigue-induced failures in these blades. The maximum stress occurs
in the blade root junction. The dynamic stress is also affected by damping, which is generally
non-linear in nature. This paper proposes a method of determining the dynamic stress at the
root of a low pressure steam turbine blade with the help of CAE tools and 3-D FE model.

1. INTRODUCTION

The fundamental mode bending frequency of the last stage blades in the LP rotor is the
lowest and falls typically in the region of 100 Hz. Therefore this stage of blades are subjected
to several resonances during start-up and shutdown operations mainly arising from the per
rev excitations. Around the operational speed, these blades are also likely to be subjected to
resonance with 2 per rev excitation unless very tight control on the grid frequency is
maintained. Therefore, it is not infrequent to find LP stage blade failures in steam turbines of
power plants [1]. Hence, special attention has to be paid to the static and dynamic stresses in
the blade root region to guarantee safe and reliable operation under all possible service
conditions. It is a standard practice to calculate static stresses and natural frequencies in the
centrifugal force field. Robertson and Walton [2] in their study found that efficiency and
capital cost are dependent on the quality of the blade roots and they have analysed root
system using classical stress analysis and finite element method.

Though design procedures for preventing fatigue-induced failures of turbine blading are
practised, there is no indication that a satisfactory situation exists. Rao and Vyas [3]
discussed various aspects involved in the life estimation analysis of turbomachine blading.
The major hurdle faced in blade fatigue analysis has been a precise evaluation of the blade
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dynamic stresses under forced vibration and resonant conditions and their dependence on
excitation harmonics, vibrational modes and damping. Kramer and Plan [4] recently
measured vibration of last stage blades using optical probes and showed peak resonances in
the region of 3000 to 3600 rpm. Vyas [5] worked out fatigue strength parameters and
employed Bagci’s fatigue failure surface line and the concept of cumulative fatigue damage
to workout life estimation of blades. However, he used a simple beam model to illustrate the
procedure. Such an approach is not feasible for LP blades as maximum stresses occur in the
root region.

Depending on the aspect ratio, the extent of pre-twist and complicated nature of root design,
finite element method becomes handier. Bahree, Sharan and Rao [6] have used 20 noded
curved solid element and determined the free vibration characteristics. MacBain {7] used 4
noded quadrilateral plate bending element of NASTRAN to evaluate the natural frequencies.
Swaminadham, Soni, Stange and Reed [8] used NASTRAN program to determine the natural
frequencies of a complex bladed-disc. Rao [9] described a mixed shell element to model a
compressor blade.

Many investigators have studied material damping. Lazan [10] conducted comprehensive
studies into the general nature of material damping and presented damping results for almost
2000 materials. Wagner [11] conducted damping tests on rotating steam turbine blades. Rao,
Usmani and Ramakrishnan [12] investigated the damping due to Coulomb friction between
the blade root junction surfaces. Peck, Johnson and House [13] conducted similar tests on
long LP axial entry steam turbine blades and HP tangential entry steam turbine blades.
Johnson [14] conducted studies on LP blades under high vibration and dynamic stress
conditions. The results showed that the damping in steam turbine blades is primarily material
damping due to high centrifugal force. Rao, Gupta and Vyas [15] obtained damping ratio as a
function of strain in the blade and rotational speed for the first four modes. Average damping
of these results has shown a distinct threshold speed beyond which the blade gets locked and
the damping is then mainly due to material deformation. The stresses determined using this
non-linear damping model have been found to be in better agreement with the experimental
values when compared with an average viscous damping model.

In this paper a finite element model of a low-pressure last stage steam turbine blade is
considered. The excitation is taken to be per rev excitation arising out of mechanical
mounting errors of the diaphragms. A procedure to determine the dynamic stresses at the
blade root is illustrated using SDRC I-DEAS CAE package. A damping model similar to that
of Rao, Gupta and Vyas [15] is assumed in the calculation procedure.

2. FEM MODEL

Here, a blade very closely resembling to the real life case of a 236 MW LP stage V is
considered for the purpose of illustrating the resonant stress calculation using a non-linear
damping model. The real life blade geometry and calculations are not reported here for
obvious reasons. The 3-D CAD model is developed using SDRC I-DEAS Master Series 6.0.
It has been developed in two stages. In the first stage, the blade form part has been developed.
This has been obtained by first creating the blade sections at various heights drawn by
feeding the co-ordinates of the points on the sections. The co-ordinates are joined by 3-D
spline to obtain these sections. The blade part is then constructed by lofting through these
sections. The fir-tree root and the bridge portion part have been constructed in the second
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stage. This part has been created first by constructing the cross-section at mid point
representing fir-tree root and the bridge portion by feeding the co-ordinates of the points on
the mid plane cross-section. The root and the bridge part have then been obtained by
revolving this cross-section along the curved path of the root section. The final blade 3-D
CAD model has been obtained by joining these two parts namely the blade form part and the
root and the bridge part. The CAD model thus developed is shown in Fig.1.

The blade form part has a height of 965.2 mm and the root and the bridge part has a height of
54.3868 mm. Thus the total height of the blade is 1019.5868 mm. The blade is a tapered
blade with a minimum width of 8 mm and the maximum width of 23.6 mm. The angle of
twist is 89°. The total mass of this blade is 25.43 Kg. There are 78 blades in this LP stage.
This blade is placed on the LP disk by placing the bottom of the blade root at a radius of
790.1472 mm from rotor axis. There are 50 stationary guide blades in the stage. The blade is
assumed to be of martensitic steel with an Ultimate Tensile Strength equal to 1120 MPa, the
Modulus of Elasticity equal to 2.068x10'! N/m? and Poisson’s Ratio equal to 0.284.

Fig.1. 3-D CAD Model of Blade Fig.2. Blade Model Showing the FE Mesh

A 3-D FEM model is then developed using this CAD model. Using the mapped meshing
option, a controlled 8 noded isoparametric solid element mesh is generated. The mesh thus
obtained consists of 2720 nodes and 1682 solid elements. In root region, the maximum
element length in the cross-sectional plane has been kept as 5 mm. Fig.2 gives a complete
view of the meshed blade. Fig.3 shows a blow up of the root and the bridge portion.

The blade has been treated fixed at all the six root-landing positions in all three translational
degrees of freedom. This 3-D FE model is used for frequency as well as the stress
calculations.

3. FREQUENCY COMPUTAION
The first four natural frequencies of the blade have been obtained at various rotational speeds
using Structural Dynamics Research Corporation’s program I-DEAS Master Series 6.0. Fig.4

gives the Campbell diagram for the blade with the six engine order excitations and first
nozzle passing frequency interacting with the natural modes to give resonant rotor speeds.
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Table 1 gives the resonant rotor speeds up to 3000 rpm, both for engine order excitations as
well as for first nozzle passing harmonic.

Table 1
Resonant Rotor Speeds [RPM]
Harmonic Mode 1 Mode 2 Mode 3 Mode 4

1X
2X 2550
3X 1330
4X 934 2260
5X 714 1642
6X 585 1315 2810
NPF 1 70 145 317 376

It may be mentioned here that the I mode natural frequency determined at 3000 RPM for the
real life LP stage V blade (whose data is not reported in this paper) obtained from the same
program is 102 Hz. From experiments conducted on few of these blades in a balancing tunnel
the I mode frequency is found to lie in between 99 to 101 Hz [16].

4. DAMPING MODEL

The damping model is adopted from [15]. There it was recognised that the friction damping is
dependent on centrifugal load, i.e. rotational speed, with the interfacial slip disappearing
when the blade root gets locked in the disk. When the friction damping disappears, it is the
material damping that fights the resonant conditions. Therefore, a non-linear damping model
is developed through carefully conducted laboratory tests defining the damping to be a
function of strain amplitude and the rotational speed for different modes of vibration. Fig.5
shows the average damping ratio taken as a function of rotor speed. This represents an
average value of damping taken in the entire range of free vibration decay curve from the
tests. The dependence of damping on the mode of vibration, rotational speed and the strain
amplitude at the root of the blade is represented in the form of non-linear damping as defined
in reference [15]. The damping values at the resonant speeds given in Table 1 are taken as a
function of strain amplitude at the trailing edge of the bottom layer of the blade form and
given in Figs.6 to 9.
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At low speeds, the blade root remains somewhat loose in the disc slot. This looseness allows
an interfacial slip between the blade and the disk and provides Coulomb friction damping.
Usually this damping is of higher order when compared with the damping in the material of
the blade. As the speed increases, the blade gets tightened in the root and the interfacial slip
disappears. Then material damping is only available and it increases with the strain in the
blade.

Damping Ratio
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Fig.5. Average Damping Ratio vs Rotor Speed
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In Figs. 5 to 7, at low speeds, the damping remains almost constant and is independent of
strain amplitude. The damping actually decreases with the strain amplitude in this region.
This is also characterised by the initial high damping in Fig. 4 where the average damping
values are presented. As the speed increases, the average damping values decrease with a
rapid fall in the in the transition zone. Thereafter, the average damping decreases in a gradual
manner as the speed increases and the damping here is entirely from the material
deformation. Under material damping regime at high speeds the non-linear characteristic in
Figs. 5 to 7 shows that the damping increases with strain amplitude. The damping
characteristics defined in Figs. 4 to 8 are used in estimating the blade root stresses.
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5. STEAM LOAD DATA

Steady state steam bending loads, both axial and tangential components, for this stage are
given in Table 2, refer [17].

The per rev excitation for the first six harmonics is essentially due to mechanical mounting
errors of the stator diaphragm blades. A mathematical simulation of these errors to determine
the non-steady loads acting on the rotor blades is not feasible. Experimentally these non-
steady loads are determined by Levin [18] and found to be ¥ to 2 % of steady loads for the
first six harmonics. Since two per rev component is responsible for this resonance, the
magnitude of the alternating load is taken to be 2% of the steady state steam bending load.

For aerodynamic excitation, the stage of a stator and rotor can be modelled using unsteady
aerodynamic theories. Aerodynamic modelling and estimation of the stage non-steady forces
is described by Rao [19]. He has shown that the aerodynamic load on the rotor blades lies in
the range of 5 to 15% of the steady loads. In this work, the non-steady load is taken to be
10% of the steady state steam-bending load for nozzle passing excitation.

6. STRESS COMPUTATION

Campbell diagram for the blade, see Fig.4, shows that the present LP stage blade under
consideration has nine per rev harmonic and four nozzle passing harmonic resonant speeds as
summarised in Table 1. The stresses are computed at these resonant speeds, both with average
damping as well as with non-linear damping values. I-DEAS is used to sweep the frequency
around resonance to determine the stress response. The loads are applied on the pressure
surface at appropriate heights by dividing them equally between all the nodes. To compute
the stresses in the blade for non-linear damping, an iterative scheme is followed using the
strain amplitude at the location of the trailing edge of the bottom layer of the blade form.

In the present scheme of iteration for non-linear damping, the first starting value of the strain
has been assumed as that value of strain amplitude obtained from the case of average
damping stress evaluation. Using this guess, corresponding modal damping is estimated. With
this updated damping value, the resultant resonant stress and strain are computed once again.
With the modified strain amplitude, corresponding modal damping is once again re-
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estimated. With the new damping value thus determined, resultant resonant stress and strain
are once again modified. This iteration is continued, till the convergence on the stress value is
obtained. To illustrate the procedure, the result of iteration for the case of resonant speed
corresponding to first mode and sixth per rev harmonic at 585 RPM are given in Table 3.

Table 2
Steady Steam Bending Load
Blade Height Steam Bending Load (N)
(mm) Axial Component Tangential Component
907.399 28.002 34.025
970.264 31.603 34.134
1033.129 35.720 33.898
1095.994 40.666 33.216
1158.859 46.711 31.885
1221.724 53.989 30.183
1284.589 59.443 29.750
1347.454 60.558 31.805
1410.319 62.699 33.339
1473.184 70.884 31.305
1536.049 82.575 27.525
1598.914 93.165 24.251
1661.779 101.573 22.591
1724.644 108.094 22.333
1787.509 113.061 22.429
Table 3
Iteration Values at 585 RPM
Staring Value Resultant Value
Micro Strain Damping Ratio Micro Strain ~ Stress (MPa)

24.572 0.013652358 27.897 14.907

27.897 0.014528759 26.215 14.008

26.215 0.014085552 . 27.038 14.449

27.038 0.014302413 26.629 14.230

26.629 0.014194641 26.832 14.338

26.832 0.014248132 26.731 14.284

26.731 0.014221518 26.781 14311

26.781 0.014234693 26.756 14.297

26.756 0.014228106 26.769 14.304

26.769 0.014231531 26.762 14.301

26.762 0.014229687 26.766 14.303

26.766 0.014230741 26.764 14.302

26.765 0.014230214 26.765 14.302

Using this scheme, resonant stresses for all the harmonics have been obtained. The stress
contours for both average and non-linear damping models revealed maximum values at the
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root fixing location of the first landing. Fig.10 shows the stress contours for resonant stress
case with non-linear damping corresponding to first mode and sixth per rev harmonic at 585
RPM. The maximum resonant stresses obtained in all the harmonics cases have been
summarised in Table 4. The results are presented in the order of decreasing stresses.

2.BBG4E+04 2.8819E+06 5,7369E+06 B.5919E+06 1.1447E+07 1.4302E+0

Fig.10. Von Misses Stress Contours at 585 RPM, Mode 1, 6X

Table 4
Maximum Resonant Stresses in Blade Root

Critical Average Non Linear % Difference
Speed Damping Stress Damping Stress Damping Stress
(RPM) Ratio (MPa) Ratio (MPa) ¢)] 2

2550  0.00560 24.985 0.00637 21.949 -13.75 -13.83
1330  0.00760 23.930 0.00931 19.528 -22.50 -22.54
934  0.00954 20.393 0.01032 18.861 -8.18  -8.12
714 0.01225 16.371 0.01229 16320 -033 -0.31
585 0.01550 13.131 0.01423 14302 +8.19 +8.19
2260  0.00730 16.754 0.00579 21.556 +20.68 +22.28
1642  0.00818 16.358 0.00719 18.606 +12.10 +12.08
1315 0.00885 15.564 0.00804 17.140 +9.15 +6.43
2810 0.00745 0.828 0.00108 5.698 +85.50 +85.47
70 0.03750 5.602 0.03618 5.807 +3.52 +3.53
145 0.03450 4.196 0.03660 3956 -6.09 -6.07
317 0.03250 0.105 0.03666 0.093 -12.80 -12.90
376 0.03700 0.292 0.03866 0280 -449 -4.29

(1) 100*(Average Damping — Non-linear Damping) / Average Damping
(2) 100*(Stress with Non-linear Damping — Stress with Average Damping) / Stress with
Non-linear Damping

The stress value obtained by the conventional average modal damping concept is compared

with the stress value determined using the non-linear damping model. Column 7 in Table 4
shows this comparison by giving the percentage difference as 100*(Stress with Non-linear
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Damping — Stress with Average Damping) / Stress with Non-linear Damping. To understand
the relation between the stress and damping, consider the resonant stress o, which can be
written in terms of the quality factor 1/2€ as

G = oy/2¢

where oy is the steady state stress from steam bending. When the damping is changed, say by
AE, the corresponding resonant stress will be

o+ Ac = ou/2(€ + AE)

Then it can be shown that
Ac / (Ao +o) = -AE/E

In view of the above relation, we can define the quantity 100*(Average Damping — Non-
linear Damping) / Average Damping, in Table 4 as given in column 6 and compare it with the
quantity in column 7.

7. DISCUSSION

The results in Table 4 show that the maximum error is at 2810 RPM, which is the 3™ mode
excited by 6™ harmonic. Here the average damping value is equal to 0.00745 as given in Fig.
3 and Table 4. However the stress is very low, as a result the non-linear analysis shows a
much lower equivalent damping ratio 0.00108 (see also Fig. 8) and hence the stress predicted
is much higher than that of the average damping model. The interesting feature is that the
differences calculated between the stresses and damping ratios in accordance to the relations
given above are in good agreement with each other.

At the low speeds 70 to 317 RPM, the damping value is almost constant more as Coulomb
damping rather than material damping, see Figs. 6 to 8, therefore, the influence of non-
linearity is negligible. At 376 rpm in mode 4, see Fig. 9, the stress is very low and the average
damping value turned about to be the same as the non-linear damping value, hence there is
not much difference between the linear and non-linear analyses.

For speeds beyond 376 RPM, the present damping phenomena is more controlled by material
damping as can be seen from Figs. 6 to 9 where the equivalent modal values increased with
strain. Under these circumstances, the damping ratio depends on the final iterated stress
value. If the damping value turns out to be much different from the average damping value,
the stress results are also affected similarly. At speed 714 RPM it so turned out that the non-
linear analysis resulted in a damping value closer to the average damping value and hence the
difference in the stress results is negligible, otherwise the non-linearity in damping has
significant influence in the determination of blade root stresses.

8. CONCLUSION

An iteration procedure is proposed to determine the dynamic stresses in a blade with non-
linear damping using CAE tools and 3-D FE model. The non-linear damping is shown to be
of significant importance in determining the dynamic stresses. Maximum errors in dynamic
stress with average damping model have occurred when the blade is stressed relatively low.
Under Coulomb damping at low speeds, the average and non-linear damping models have
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differed very little even under low stress condition. The stress values are almost equal to each
other whenever blade load resulted in a strain corresponding to average damping value.
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Travelling modes in turbine blades with compound
periodic structure

E SAITO and K NAMURA
Hitachi Limited, Ibaraki, Japan

Synopsis  This paper describes a theoretical investigation for a traveling mode phenomenon
in compound periodic structures when subjected to engine order excitation. In addition, a
series of experiments with a simple blade model are performed by simulating engine order
excitation under non-rotating conditions. Ceramic oscillators are attached to all the blades.
Each blade is excited by a sinusoidal wave with an inter-blade phase angle corresponding to
the traveling mode. As a result, the traveling mode or irregularly traveling mode is observed
to occur by giving slightly different exciting conditions.

NOMENCLATURE

F f. Exciting force
K : A set of nodal diameters included in a natural mode
Ng  Number of blades in a group
M : Total blade number
U, u: Energy supplied to the blades by exciting force
W, w: Axial displacements
a, b: Arbitrary mode function
Harmonics order
Blade number
Mode index number
Number of nodal diameter
Representative number of nodal diameters
Number of groups in a blade assembly
Radial direction coordinate
Time
£ : Rotational speed
Initial phase angle

o
9 : Circular direction coordinate
@: Natural frequency

~ramxTT>

1 INTRODUCTION
Turbine blades are among the most important components which affect turbine efficiency and

reliability. Sometime, for the purposes of increasing rigidity, adding damping and controlling
the natural frequencies, turbine blades are interconnected by suitable connecting means.
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Among the various blade structures, there exists a blade structure which includes both
grouped and one-ringed blade structures in a turbine wheel to form a circumferential
periodicity with a packet as a unit. This blade structure, which consists of more than two
kinds of circumferentially periodic structures, may be called a compound periodic structure. It
is well known that a mode of this structure is complex, being composed of plural nodal
diameter components.

Ewins and Imregun'” have investigated the vibration characteristics of a grouped bladed-
disk, which has similar vibration characteristics to the compound periodic structure. Wagner
and Griffin® have presented the harmonic response of a flexible disk having a number of
groups of turbine blades on the theory of cyclically symmetric structures. The authors™”®
have shown the resonance condition of the compound periodic structure. The investigation by
Wildheim® clarified that the vibration mode of the rotationally symmetric structure may
behave like either a forward or backward traveling wave due to a rotating force. However, the
traveling mode of the grouped bladed disk or the compound periodic structure has not been
sufficiently studied. It is necessary to answer the question of how nodal diameter components
in a natural mode behave when the natural mode is excited to resonance by engine order
excitation.

This paper presents a theoretical investigation for the traveling mode of the compound
periodic structure when subjected to engine order excitation. Then, the findings are confirmed
in a series of experiments with a simple blade model by simulating engine order excitation
under a non-rotating condition. By slightly changing the exciting conditions, two kinds of
resonant response are observed. Their causes and features are also discussed.

2 MODE CHARACTERISTICS

In a bladed-disk system, the natural modes are characterized by nodal diameters. The
compound periodic structure also has such natural modes, but each mode shape is rather
complex because it is composed of plural nodal diameter components. K, a set of nodal

diameters included in a natural mode, is given by the following equation'”’.

K S IR j e (1)

f:integer (0S/<N_;/2), j:integer(0<j<n/2)
The number j is defined as the mode index number and the numbers of nodal diameters
included in a natural mode are obtained by giving each number of j. For example, with the
blade assembly of N;=4 and n = 8 (Fig.1), K=8/+j (/=0-2, j=0-4). When a number
of j=3 is given, a set of K which satisfies the equation is expressed as K={3, 5, 11, 13}.

For convenience, a natural mode is generally labeled by the largest of the diametral
components in its mode shape; for example, if the number of the largest diametral component
is k,, it is called the representative number of nodal diameters and used for the mode name.

3 THEORETICAL INVESTIGATION

Effective mode calculation of the compound periodic structure is associated with an
understanding of the modal characteristics. In the beginning, as an example, a circular disk for
a rotationally periodic structure is considered. The axial displacement of the disk can be
described by
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W(r,e,t)=iw,‘(r){a,,(t)cosk0 +bk(t)sink9}. .................................................. )

k=0

where r and @ are polar coordinates, w, is the radius mode shape corresponding to & nodal
diameters, and a,(?) and b,(¢) are arbitrary harmonic functions which include a natural
frequency. From equation (2), it can be seen that the circumferential mode is expressed by a
set of harmonic functions, sink@ and cosk@. This expression is especially useful for a
rotationally periodic structure. In order to adapt equation (2) to the compound periodic
structure, however, it is necessary to consider plural nodal numbers. Thus, W, for a natural
mode of the i-th blade with the compound periodic structure is as follows:

W,(r6.t)= ZW,((r){aK(t)cosKa,. +b, (t)sinKOt,.} .......................................... (3)
where
Q, =%(i_1)’ (i=1= M, Nteger ). «eesrormmmmrmsssosssssstiis sttt 4)

And, arbitrary harmonic functions, @(?) and bi(?) are assumed as follows:

a.(t)=sin(wt+¢,,)
b (t)=sin(wt+¢,)

Here, it should be noted that each nodal diameter component included in K has a same
frequency w (i.e., a natural frequency) and its own initial phase angle ¢,,, ¢,,.

As the blades move past the non-uniform flow around the circumference, they are
subjected to a cyclic exciting force F which is composed of engine order components of
rotational frequency. F is expressed as follows:

F:ifh cos(h.Qt—hOti) ......................................................................................... (7)

where h is the harmonic excitation order, {2 is rotational speed, f;, is the A-th exciting force.
A common resonant condition for the blade assembly is that one of the natural frequencies
coincides with exciting frequency of the A-th harmonic of rotational speed. That is

B S (). e s (8)
The i-th blade energy du, supplied by exciting force is given below from equations (3)-(8).

du, :F~%-dt
di

t
= £, 2w (r)cos(@t - ha, Reos(ot + ¢, )cos K, + cos(wt + ¢, )sin Kax, Jd(@t) - (9)
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Thus, the i-th blade energy u,is

u, = [du, = ["d(or)
=7rf,,ZwK (r fcos Kat, - cos(har, + ¢, )+ sin Kat, - cos(hat, + @, )} -+ (10)

Furthermore, the total energy supplied to all the blades by the exciting force is given as
follows:

U=iu, ﬂf" Zwa[cos{K+h)a +¢Ka}+cos{(K h)Oc ¢,(,,}
+Sin{(K+h)06i +0g }+ Sin{(K_h)ai _¢Kb}]' """" (11)

The total energy U takes a certain (i.e., non-zero) value only when the following condition is
satisfied.

Kih=(/1—l)M .................................................................................... (12)

where 2 is a positive integer. Equation (12) is a resonant condition for a compound periodic
structure®™?. When K includes the nodal diameter component, which equals the order A, U is
rewritten as follows.

U= n'Mf

zwk oS Py, an)xb) ......................................................................... (13)

Also, when subjected to the engine order excitation, U must be a maximum value at the
resonance. So, ¢, and @,, are given below.

T
¢Ka_(), ¢Kb_i5. ............................................ (14)

Thus, the mode for the compound periodic structure when subjected to the engine order
excitation can be given below from equations (3)-(6) and (14).

W.(r0,t) =2wK(r){sinwt~cosKa,. *coswt-sinKo, }
K

=2wK(r)sin(cotiKa,.) .................................................................. (15)

Here + and - mean forward and backward directions in relation to the rotational direction,
respectively. Again, it should be noted that the modes of nodal diameter components which
are included in K have a same natural frequency . Equation (15) shows a general traveling
wave equation; it means that a mode for the compound periodic structure behaves like a
traveling wave on the rotor wheel. Additionally, the modes of nodal diameter components,
which are included in K and are not only related, but also unrelated to the harmonic excitation
order h, can be observed for a traveling mode. This is the special feature for the compound
periodic structure when subjected to engine order excitation.
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4 EXPERIMENTAL METHOD

4.1 Model

Experiments were performed to check whether the theoretical investigation could express the
traveling mode of a compound periodic structure correctly. The blade model is made of a
plane steel disk, and includes the rectangular blade section and tie-wire components. Tie-
wires are located at the top and middle of the blade height. The outer and the inner tie-wires
compose the grouped structures (Ng=4) and the one-ringed structure (M=32), respectively.
The specifications are given in Table 1 and the blade model is shown in Fig.2.

4.2 Excited traveling mode

As stated before, when the blades move past the non-uniform flow around the circumference,
they are subjected to a cyclic exciting force. With the blade number defined as being
numbered in the opposite direction for the rotation, exciting force is given as follows.

F, :ifh COS(IE —ROL, ). ooveseessesssssss e (16)

Thus, each blade experiences an exciting force with its own peculiar phase angle Ao; under

rotation. In order to simulate the rotational excitation under a non-rotating condition, each
blade of the model must be forced to oscillate by each cosine wave which includes the same
exciting frequency and the inter-blade phase angle A ¢; .

Fig.3 shows the test equipment to simulate the rotational excitation. The test equipment is
composed of the model, ceramic oscillators, a multi wave generator, a trigger generator, two
FFTs, dynamic strain meters, strain gages, a data recorder and a computer. During operation,
the computer calculates the excitation wave which includes harmonics number, exciting
frequency and inter-blade phase angle for all the blades, and provides some digital wave
signals of 4096 points per one period every blade. The digital wave signals are sent to the
multi wave generator, and they are converted into excitation voltages. Excitation voltages, as
from the trigger signal, are sent to the ceramic oscillators mounted on all the blades, and blade
vibration occurs. The response signals of all the blades are measured by strain gages and the
dynamic strain meter, and stored in the data recorder. During oscillation, excitation voltages
and response signals are verified by each FFT.

5 EXPERIMENTAL RESULTS

According to the experimental findings, the mode shapes are observed for a mixture of fixed
and traveling modes as to be expected. To find the cause of this modal phenomenon, the test
model was investigated. As a result, it was revealed that there were two natural modes with
slightly different natural frequencies to each other corresponding to a same nodal diameter &,.
The measured natural frequencies for the model are tabulated in Table 2. Here, the cause for
this modal phenomenon is proved by a simple calculation. As the frequencies for sine and
cosine terms in equation (15) are assumed as @ +dw and ® - 8w , respectively, W, can be
written as follows:

W, = 2 w, {sin{ot + 5wt )- cos KO + cos(axt - Sot)- sin KO}
K

— zwx [coséat-sin((utiKO)+ sindxt - cos(ax F KG)]. .................................. (17)
K
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Thus, if dw is virtually zero, W, is formed by only one traveling wave because the second
terms is negligibly small. But, if 8w has a certain value, W, is formed by summing of two
traveling waves which have various amplitudes, different traveling directions, and phase
difference of 90°. Also, this model is highly sensitive to the resonant response. Even if dw is
small, a traveling mode or an irregularly traveling mode is observed. Because the response of
either upper or lower frequencies gets a large majority by giving slightly different exciting
conditions. In order to excite the traveling mode in this model certainly, the exciting
frequency must be given as the average of two natural frequencies.

5.1 Traveling mode

As an example for the traveling mode, the results of & = k, = 3 are shown in Figs.4(a) and (b)
as the resonant responses of all the blades and the relative circumferential mode shapes
respectively. Blade root stresses are indicated as their responses and mode shapes. In this case,
the resonant responses of every blade form almost the same response pattern. The nodal
points, namely, the points of zero amplitude move backward 3 wave lengths on one circuit of
the model. The circumferential mode shapes are always a 3-nodal diameter mode, but it is not
a pure sinusoidal wave.

The circumferential mode shapes in Fig.4(b) can be transformed to the relative response
amplitude and the phase angle of nodal diameter components by discrete Fourier transform on
the basis of total blade number M. In the response results of Fig. 5(a), the amplitude of k=3 is
remarkable and keeps about the same value. The amplitudes of other nodal components are
small, but appeared clearly. On the other hand, in the phase angle results of Fig. 5(b), each
result agrees fairly well with each sinusoidal approximate line. This means that not only k=3
but also k=5, 11, and 13 components can form the traveling wave. This is the reason why the
circumferential mode shapes are not a pure sinusoidal wave.

5.2 Irregularly traveling mode

Next, the results of A = k,= 5, which is an example for the irregularly traveling mode, is
shown in Figs.6(a) and (b). In this case, although the exciting frequency is given as the
average of two natural frequencies, the irregularly traveling mode occurs because of the
frequency difference of 2.4 Hz (Table 2), which is not small enough. If the model is machined
with extreme accuracy and two natural frequencies corresponding to a nodal diameter are
very close to each other, the response might show traveling mode. However, actual turbine
blades have certain mistuning, which means that the two natural frequencies corresponding to
a nodal diameter are not the same, so that the modes of the turbine blade with the compound
periodic structure might behave as the irregularly traveling mode.

Figs. 7(a) and 7(b) show the discrete Fourier transform results. All response amplitudes
do not keep the constant value because the circumferential mode appears like a fixed mode.
However, all phase patterns agree fairly well with a sinusoidal approximate line. So this mode
is not a fixed mode, and should be called an irregularly traveling mode.

5.3 Mode for k. h

Lastly, Figs.8 (a) and (b) show the circumferential mode shapes for k=3, k=5 and k=5, h=3,
respectively. Both show an irregularly traveling mode. In Fig.8 (a), the mode of k=3 is
remarkable, however, it can be excited by A=5. The reason why the traveling mode same as
that shown in Fig.4 (b) is not exhibited has never been clear. In Fig.8 (b), the mode pattern is
much the same as that of Fig.6 (b). The mode of k=5 is also excited by A=3. As a result, it
can be confirmed that the modes of the nodal diameter component, which is included in K and
not only related but also unrelated to the harmonic excitation order A, can be observed for the
traveling mode.
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6 CONCLUSIONS

(1) By the calculation considering the work done by the engine order excitation, the traveling
mode of the compound periodic structure was investigated theoretically.

(2) Traveling mode of the compound periodic structure was confirmed by a series of
experiments with a simple blade model. The modes of nodal diameter components, which
are included in a set of nodal diameters in a natural mode and not only related, but also
unrelated to the harmonic excitation order, behave like the traveling mode.

(3) The irregularly traveling mode could be observed in experiment because the mode has two
slightly different natural frequencies corresponding to a nodal diameter.
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Optimal search for worst mistuning patterns in
mistuned bladed discs based on large-scale finite
element models

E P PETROV and D J EWINS
wschanical Engineering Department, Imperial College of Science, Technology, and Medicine, London,

ABSTRACT

A method for searching for the worst frequency mistuning patterns (providing the highest
response levels) in bladed disc assemblies is described. The method is intended for use with
finite element models having a large number of degrees of freedom that could only be used
currently for tuned bladed discs. The problem is formulated and solved as an optimization
problem with the use of information about the sensitivity of maximum response levels with
respect to mistuning variation. An effective analytical approach is developed to calculate the
sensitivity coefficients without a significant increase in computational effort. Numerical
studies are carried out for realistic finite element models of a bladed disc assembly to
illustrate the method.

1 INTRODUCTION

Blade mistuning is inevitable in practical bladed discs and is usually caused by small
imperfections in their manufacture and assembly process. Stress levels and vibration
amplitude distributions are highly sensitive to mistuning variations even in the small ranges
restricted by manufacture tolerances.

The problem assessing the mistuning worsening effect on resonance response levels has been
studied so far mostly as a problem of analysis of response levels for some given mistuning
patterns. These mistuning patterns are consciously chosen by the investigator, as was done in
references (1)-(3) and (18) or are randomly generated, as in references (6),(7) and (13). In
some references — (8),(9) and (15) — attempts are made to determine directly statistical
characteristics of response levels variation in respect blade mistuning. More complete lists of
references on studies of mistuned bladed discs can be found in references (4) and (16).
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Although such results can give some estimate for the mistuning worsening effect, they do not
guarantee that the trial mistuning patterns used are the worst (as in the case of deliberately
chosen patterns) or they require generation and analysing a very large number of random
mistuning patterns, which can be used only with very simplified models. Knowledge of the
largest response level increase caused by the mistuning and of the arrangements of blades that
are the most favourable, and those which are the most dangerous is very important for design
practice. The answers can and should be obtained only for some specific bladed disc
assemblies and under specific forcing conditions since it is very case-specific.

The problem of searching for the worst and best mistuning patterns has been formulated as an
optimization problem first in paper (10), where blades of a mistuned bladed disc were
modelled by pretwisted beams. Recently a new method for analysis of mistuned bladed discs
has been developed (12), which allows use of detailed, realistic finite element models, such as
were applied only for analysis of tuned bladed discs to date. The method is based on an exact
relationship between the response of tuned and mistuned assemblies. It allows us to reduce
exactly a large finite element model and to overcome excessive computational expense
inherent usually to the analysis of mistuning.

In the present paper the problem of determining the worst mistuning patterns is formulated
and solved as an optimization problem for large finite element models. Further development
of the method is made to solve the optimization problem for such models. An effective
method is developed for calculation of the sensitivity coefficients for maximum forced
response with respect to blade mistuning. The effectiveness and accuracy of the sensitivity
coefficient computations are based on an analytical derivation of the expressions for their
calculation. Numerical studies are carried out for a finite element model of a realistic bladed
disc.

2 THE PROBLEM FORMULATION

Usually, in service conditions, bladed discs are subjected to excitations of the so-called
‘engine-order type’, i.e. the amplitudes of vibration forces acting on different blades are
identical but there is a fixed phase shift between forces on adjacent blades of the assembly.

A perfectly-tuned bladed disc subjected to such excitation generates the same amplitudes for
all blades. Moreover, for such a bladed disc, the only modes that can be excited from a large
variety of natural modes are those that have the same number of displacement waves around
the circumference of the bladed disc as the engine order forcing.

Even small mistuning can change the vibration response characteristics of a bladed disc to a
large extent. Amplitudes become different for the blades of a bladed disc and their
distribution becomes very irregular. Many closely-spaced resonance peaks are excited. An
example of the mistuning influence on the amplitudes of a bladed disc is shown in Fig. 1.

In the method proposed, the risk of a bladed disc failure is estimated from the maximum
displacement amplitude level in the system, since effect of mistuning on stresses is supposed
to be proportional to the effect on displacements. The maximum displacement response, 90T,
is searched over all points of the bladed disc, over all excitation frequencies and over all time
instants during a vibration period, which is represented by the following expression:
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Fig. 1 Forced response of each from 26 blades of the fan bladed disc:
a) the case of tuned blades; b) the case of mistuned blades
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where u = {ux,u),,uz}r is a vector of displacements at a considered point; ® is the excitation

frequency, which can admit values from a frequency range given, ie. ®€[® ,0'];
x ={x,7,z}) is a vector of co-ordinates of the point, which can be any point of the volume,

V, occupied by the bladed assembly, i.e. x €V ;1 is time, which can be considered over one
period of vibration only, i.e. 1€ [0,27/®].

In practice, blade mistuning is usually measured by values of individual natural frequencies of
the blades assembled into the bladed disc. We characterise a mistuning pattern by a vector of
mistuning parameters, b:

b=1{b.b,,...by, ¥ )

where N, is a total number of blades in the assembly. The j-th component of the vector is
determined as the relative difference between the i—th natural frequency of the j-th blade, f;”

and natural frequency of the perfectly-tuned, standard blade, f;”, i.e.

bj = (fj(i) _ f(](i>)/f0<i) ‘ 3)

The choice of the particular mode used for the mistuning estimate is determined by the
excitation frequency range of interest and the available experimental data.

The maximum displacement response is dependent on the mistuning pattern. In order to find
the worst mistuning pattern (the one that provides the maximum displacement when
acceptable mistuning is restricted by manufacture tolerances), the following constrained

optimization problem is formulated:
(b)) — max 4)

with the bound constraints
b <bhb<bh' (5)
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3 CALCULATION OF THE MAXIMUM DISPLACEMENT

3.1 Bladed-disc modelling and amplitude calculation
The equation of motion for forced vibration of a bladed disc can be written in the customary
frequency domain form as:

(K-o'M +iD)g=Z(0)q=f ©)

where ¢ is a vector of complex response amplitudes for nodal displacements along co-
ordinate axes; f is a vector of complex amplitudes of harmonic nodal loads; K, M and D are
stiffness, mass and structural damping matrices of the system, respectively; Z(®) is the

dynamic stiffness matrix; and i =+/—1. One can also include other terms representing
gyroscopic and stiffening effects due to rotation in the dynamic stiffness matrix, if required.

For mistuned bladed discs, the matrices in Eq.(6) are too large to allow direct solution when a
detailed enough finite element model is applied. Because of that, an effective method for
calculation of vibration amplitudes of mistuned bladed discs has been developed in reference
(12), which allows the use of large detailed finite element models that have previously been
applied to the analysis of tuned bladed discs only. The method, together with a new technique
for the analytical calculation of sensitivity coefficients of the maximum displacement with
respect to mistuning (developed in Section 4), constitutes a basis for the optimization search
of the worst mistuning pattern. The formulation given below for the method for amplitude
calculation is modified to increase its efficiency for the optimization problem considered here.

In accordance with the method, the dynamic stiffness matrix for a mistuned system can be
represented by a sum of the matrix for tuned system, Z,, and a mistuning matrix, AZ,

characterising distinctions of the mistuned system from a tuned one, i.e.
Z=Z,+AZ @)

It can to shown that any mistuning matrix, AZ , can be expressed as the multiplication of two
matrices, E and V, as follows:

N N N
AZ = Az..e‘er = > e, Azl_‘er =E V 8
,; e ; ’(Z‘ P2 (Nen) (N ®)
where e, is a vector whose i-th component is equal to 1 and the others are equal 0; V is a

matrix, in which each row is constructed of the non-zero rows of the mistuning matrix, AZ ;
E is a matrix consisting of vectors e; corresponding to these non-zero rows; N is the number

of degrees of freedom (DOFs) in the considered system and # is the number of non-zero rows
in AZ .

Then, the complex amplitudes, ¢, can be determined from Eqs.(6) and (8) by applying the
Sherman-Morrison-Woodbury formula from references (14), (17) and we have the following
expression for their determination:

q=(2,+02)" f=[ A~ AE(I1+VAE)'VA|f ©)
where A = Z;" is the FRF matrix of the tuned system; and I(nxn) is an identity matrix.

The main advantage of Eq.(9) is that it is exact and valid for any subset of the so-called
‘active’ nodes and DOFs selected. The active nodes are those where one wishes to determine
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amplitude response levels and where mistuning is applied. The number of active nodes can be
chosen to be small enough to enable effective calculations. Moreover, the FRF matrix of a
tuned bladed disc used in (9) can be generated from the mode shapes and natural frequencies
calculated from a finite element model of one its sector only, having taken into account the
cyclic symmetry properties of the tuned assembly. The effective method for calculation of the
FRF matrix for a tuned bladed disc is described in (12). An example of the finite element
model for a bladed disc, its sector and active nodes chosen, is shown in Fig. 2.

Eq.(9) can be rewritten in the following set of two equations which are much more effective
for computation:

g=q,—Agp (10)
where Ag(N xn)=A(NxN)E(N xn) is the FRF matrix of the tuned system with excluded
columns corresponding to zero rows of matrix AZ and ¢, is vector of response amplitudes

for the tuned bladed disc. An auxiliary vector, p(nx1), is determined from solution of the
following equation:

(1 +VA, ) p=Vq, (11)
The blade frequency mistuning is modelled by applying the mistuning matrix,
V, (n/NpxN/Np), of the same structure to each blade of the assembly. The differences in
mistuning between blades are described by coefficients ¢(b;), which are used as a multiplier
on matrix V. Owing to this, the mistuning matrix for the whole bladed assembly, V, can be
expressed in the following, block-diagonal form:

V (b) = diag {c(B,Vy.c(6,)Vyu..rc(by, WV, } (12)

The coefficient c(b,) establishes correspondence between the mistuning parameters of the

blade-alone natural frequencies defined in Eq.(3) and magnitudes of the components of the

b)

Fig. 2 Finite element model and active nodes:
a) a bladed disc; b) a sector of the bladed disc
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mistuning matrix. This coefficient is determined by calculating a chosen i-th resonance of a
single blade, f, and hence the mistuning parameter b; for a set of trial values ¢, (j =1,n,).
The spline approximation c¢(b) with respect to the introduced mistuning parameters, b, is then
performed using the data calculated.

Although there is no restriction on the structure and values of components of the matrix V,, it
is useful to define some mistuning elements which have a physical interpretation and which
help to form V. Simple examples of such elements can be: lumped masses, dampers or
springs applied to nodes of the finite element model. In the case when the mistuning elements
are applied to all active nodes, V, is a diagonal matrix having non-zero components on its

main diagonal. For this case Eq.(10) can be replaced by the following one:
q=V7'p (13)

where, because of the diagonal structure of matrix V, its inverse is calculated by simple
inversion of its diagonal components and, moreover, all matrix multiplications in Egs. (11)
and (13) can be performed very efficiently.

3.2 Maximum displacement over vibration period

Each component of the nodal displacement vector can have its own phase, which results in an
elliptical in space orbit of a node during vibration. Because of that, the maximum
displacement at a node cannot be obtained simply as the sum of the squares of the amplitude
of all its co-ordinate components. The analytical formula has been derived in reference (11) to
express the maximum displacements using complex amplitudes of co-ordinate displacements
and it has the following form

m’ax“ﬁk” = m{ax”Re(e‘“”uk )” = max \/Re(eim’uZ)Re(ei‘”’uk) = %(uk*u,c +Iuk7uk,> (14)

where u, is a vector of complex amplitudes of co-ordinate components at the k-th node
considered, and " represents the Hermitian conjugate.

3.3 Maximum displacement over a bladed disc assembly
The maximum displacement over all nodes of the system and the corresponding node number,

kqy » are determined by a simple comparison of max ”&"“ at all nodes analysed.
¢

3.4 Maximum displacement in a given excitation frequency range

Near resonance peaks, the amplitude levels of systems with small damping (which is typical
of bladed discs) vary abruptly. Because of that, an accurate calculation of resonance
amplitudes requires a very small excitation frequency step in order to locate the resonance
frequencies precisely. Mistuned bladed discs have many resonance peaks, which are
sometimes spread over a rather wide frequency range. To make the search for the maximum
displacement, 1, efficient, it is performed as the solution of an optimization problem with
excitation frequency considered as an optimization parameter varied in a given range.
Frequency stepping is applied to separate the resonance peaks and the step size can be chosen
to be reasonable large for this goal. A combination of the golden section method and the
inverse quadratic approximation method (see reference (5) ) is then used for precise
determination of the resonance amplitudes. The displacements found at all resonance peaks
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are compared and the largest value gives 9t and a value of the corresponding excitation
frequency, ;.

4 SENSITIVITY COEFFICIENTS IN RESPECT TO MISTUNING

The number of variable parameters in the proposed optimization search of the worst
mistuning patterns is equal to the number of blades in the assembly. This number is always
large enough to make it necessary to use optimization methods based on the gradient of the
maximum displacement with respect to the mistuning parameters. Because of this,
determination of this gradient, where components are the sensitivity coefficients for the
maximum displacement with respect to the mistuning parameters, is one of the most
important tasks which determines the effectiveness of the method developed.

The sensitivity coefficients could be calculated using finite difference approximations for the
derivatives. However, even the simplest first-order finite-difference formulas require
calculating (b +Abe;), (j=1,N,) at least N times for small increments, Ab. This is a
very time-consuming process and makes this approach too expensive for the problem of
analysing mistuned bladed discs, leaving apart inevitable approximation errors. The method
proposed below for analytical determination of the sensitivity coefficients of the maximum
displacement in a mistuned bladed disc with respect to the mistuning parameters provides a
fast and exact calculation.

4.1 Sensitivity coefficients for complex nodal amplitudes
Expressions for determination of the sensitivity coefficients for the complex nodal amplitudes
can be obtained by differentiating Eqs.(10) and (11) with respect to the j-th mistuning
parameter analysed:

dq/0b; =—Aop/db, (15)

(I +VA,)op/0b, =(0V /3b,)q (16)

where all matrices are calculated at the previously-found excitation frequency, O,,
corresponding to the maximum displacement, and the vector of complex amplitudes, g, is
determined from Eqgs.(10) and (11). For the particular case of the diagonal matrix V, specified
in Section 3.1, the following, more efficient expression, can be used instead of Eq.(15):
dq/9b, =V~ (9p /b, ~(3V /3b, )q) (17)
Matrix 9V /0b, is determined by differentiation of Eq.(12), which results in the following

expression:
3V 10b, = diag{0.0.....(3c/3b,)V,.....0} (18)

where only the j-th block on the main diagonal of the matrix is non zero. The smooth
character of the function, c(b), and its spline approximation used, allow calculating

derivatives dc/db; without difficulty and with high accuracy.

It should be noted that the calculation of the sensitivity coefficients for all the introduced
mistuning parameters is not time-consuming, compared with the calculation of the maximum
displacement, since all calculations are performed for only one excitation frequency, ;.
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Moreover, the matrix I +VA, in Eq.(16) is identical for derivatives with respect to all the
mistuning parameters, b, (j=1,Np). Taking this into account also allows us to save the

computation time by decomposing the matrix in a Gauss elimination solution of Eq.(16) only
once.

4.2 Sensitivity coefficients for the maximum displacement

To use the derivatives of the complex amplitudes obtained in the previous section, we derive
an expression for the sensitivity coefficients of the maximum displacement with respect to the
mistuning parameters having taken into account the dependence of the maximum
displacement on the real and imaginary parts of the complex amplitudes. This results in the

following formula:

T Re T Im *

oM _ ile _a"_+ _89?2_ a_“_zRe Ju_ oM (19)
b, ou™ | 9b, du” | ob, ob; Ju

where three components of the vector du/0db, are selected from the vector of sensitivity

coefficients for complex nodal amplitudes, dg/0b,, for the node, k,,, where the maximum of

displacements is achieved.

The complex vector, 09 /du, is introduced in (19) to facilitate the use of derivatives of
complex amplitudes with respect to the mistuning parameters. It is defined by the following

expression: 990/ 0u = 0M/ou™ +io9M/0u™ . Having differentiated Eq.(14), this can be
expressed through the complex amplitudes in the following form:

om 1 u'u
e a4+ g — 20
ou ZQJI(M “ ‘urul] (20)

where a bar above a symbol # means a complex conjugate.

Expressions (19) and (20) are calculated jointly with Eqgs.(15) and (16) for all mistuning
parameters, b, , to obtain all components of the vector of the sensitivity coefficients:

VN = {390/ab,,0M/db,...,a9m/0b,, | Qe

The calculations are performed at the excitation frequency corresponding to maximum
displacement, .

5  OPTIMIZATION SEARCH OF THE WORST MISTUNING PATTERN

The efficient method developed above for calculation of the sensitivity coefficients, VI, and
the objective function, 971, allows us to make a search for the worst mistuning pattern using
the derivatives. The most efficient optimization methods using the sensitivity coefficients
belong to the family of quasi-Newton methods. An effective algorithm also based on quasi-
Newton method has been developed and applied in reference (11) for the optimal search of
worst and best mistuning patterns of bladed discs for the case when blades are modelled by
pretwisted beams. The algorithm allows us to take into account the bound constraints imposed
by manufacturing tolerances on mistuning variations. It has been used for the multi-degrees-
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of-freedom finite element models of the bladed discs analysed here with some minor
modifications.

6 NUMERICAL RESULTS

The presented method has been applied to the analysis of a bladed fan disc containing 26
blades, which is shown in Fig. 2. A detailed finite element model was used for determination
of the FRF matrix of the tuned assembly. It contains above 120,000 DOFs in each sector of
the finite element model and the full bladed disc comprises above 3,000,000 DOFs. Direct
implementation of this model, comprising more than three million DOFs for the mistuned
assembly, would be impractical for just response analysis, leaving apart the optimization
search. Because of that, just 4 nodes were selected as the active nodes for each blade (see Fig.
2) and displacements were determined and controlled at these nodes. The number of DOFs
analysed, n, in vector g equals 468, which is quite acceptable for our purposes. The values of
possible blade frequency mistuning were assumed to be located within the range [-5%...+5%].

6.1 Illustrative case: mistuning variation for two blades

The behaviour of the objective function in the developed optimization search is demonstrated
on a relatively simple example, which can be visualised easily. In this example only two
mistuning parameters are varied (namely: b, and b,,) and mistuning parameters for all the
other blades are not varied and are assumed to be zero (i.e. these blades are tuned). The
objective function normalised by its value for the perfectly tuned assembly, 93(0), i.e.

M (b) = M(B)/9N(0), is shown in Fig. 3. It is evident that the objective function has a

complex character with several local maxima. The points corresponding to sequential
iterations of the optimization search are shown in this figure by circles. Initial values for the
mistuning vector, b, were close to the tuned values, where the objective function has a

minimum ( m (0) =1). After 9 iterations the worst mistuning pattern was found, which for the

considered case locates on the boundary of the area of acceptable mistuning, namely it has
values b, =5% , b,, = —5% and the other 24 parameters are zero.
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Fig. 3 Dependence the envelope of maximum response, 971 on mistuning parameter
variation for two blades of the assembly
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6.2 The realistic case: mistuning values for all blades are varied

Results for the case when mistuning values for all 26 blades are varied in the optimization
search are shown in Fig. 4. The found worst mistuning patterns, maximum response levels for
each of the blades and envelopes of maximum forced response function corresponding to the
initial and worst patterns are compared in Fig. 4 with initial values. It is evident that the small
changes in mistuning pattern can change many very important vibration characteristics of the
bladed assembly, namely: (i) distribution of amplitudes over blades of the bladed assembly;
(ii) range of resonance amplitudes; and (iii) maximum response levels.

The increase in the maximum response levels with the number of iterations when all 26
mistuning parameters are varied is shown in Fig.5. Results of the optimization search starting
with four different initial values of the vector of mistuning parameters are shown. Starting the
optimization search from different initial points can lead to different local maxima of the
objective function, 9. As one can see from the figure, that first iterations usually give a

larger increase rate for 91 than later iterations. Furthermore, results of a search for the worst
mistuning with the random (or called sometimes ‘statistical’) search are displayed. In the
random search, the vector of mistuning parameters was generated randomly at each iteration
and the corresponding value of oM was calculated. Comparison of both methods
demonstrates the superiority of the optimization search proposed in this paper.
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Fig. 4 Initial and found worst mistuning patterns, (a); maximum amplitude distributions
corresponding to these patterns, (b); an envelope of maximum amplitudes calculated for
the patterns, (c).
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7 CONCLUDING REMARKS

A method has been developed to calculate the worst mistuning patterns for mistuned bladed
discs which provide the highest response levels.

The method uses an optimization approach in a search for the worst mistuning pattern and is
based on the developed effective algorithm for analytical calculation of the sensitivity
coefficients for the maximum response level in respect to blade mistuning. It allows
calculation of the sensitivity coefficients without a noticeable addition of computation time to
the time of determination of the maximum response level.

The method is intended for use with finite element models having large number of degrees of
freedom that could be used only for tuned bladed discs so far. It takes full advantage of the
use of an exact condensation method based on the Sherman-Morrison-Woodbury formula for
the finite element model.

Numerical investigations carried out for realistic finite element models of bladed disc
assemblies have demonstrated the efficiency of the proposed method for searching the worst
mistuning patterns and highest response levels that are possible in specific excitation
conditions and design of bladed discs.
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ABSTRACT

The paper addresses the main aspects involved in probabilistic modeling of component fatigue
life prediction for jet engine rotating components, specifically blades. Probabilistic high
cycle/low cycle (HCF/LCF) life prediction of engine blades represents a difficult engineering
problem involving multiple, complex random phenomena. The paper overviews key aspects
of stochastic modeling of the HCF/LCF life prediction of engine blades. The paper highlights
the need of the use of stochastic process and field models for including space-time varying
random aspects which are important for modeling of flight profiles, operating environmental
conditions, blade and dynamic stress/strain responses and material progressive damage
process. The paper also addresses the stochastic modeling of highly nonlinear responses in
multidimensional parameter spaces. Stochastic response surface techniques based on
factorable stochastic fields or optimum stochastic models are suggested. An illustrative
example of a typical blade is used for discussion and to show the consequences of different
modeling assumptions.

1. INTRODUCTION

Probabilistic HCF/LCF life prediction for jet engine blades represents a difficult problem
involving stochastic modeling of multiple, complex transient random phenomena. A key
aspect for developing an advanced probabilistic HCF/LCF life prediction tool is to incorporate
a refined stochastic modeling of space-time varying random phenomena such as those related
to modeling of operating environment, material parameters and behavior, large nonlinear
effects due to aero-elastic interactions, nonlinear damping effects, friction at contact
interfaces, multi-site fatigue, progressive damage mechanism including damage interactions,
etc. A major challenge of stochastic modeling of space-time varying and highly nonlinear
effects consists of including a large number of elementary input random variables (also
obtained by stochastic field factorization) in the probabilistic life prediction analysis. To
handle a stochastic highly nonlinear multivariate-multidimensional problem such as
HCF/LCF life prediction problem, innovative, efficient numerical techniques are needed. The
level of sophistication for stochastic modeling in different parameter spaces depends on the
significance of the randomness/uncertainty effects and also on the availability of statistical
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data for describing the random phenomena. The number of random variables in a typical
probabilistic HCF/LCF life prediction analysis may vary from a few to several tens of input
random variables, depending drastically on the stochastic modeling refinement of space-time
random phenomena.

In next sections, major uncertainties involved in blade fatigue life prediction are reviewed,
making the appropriate stochastic modeling suggestions. It is the author’s hope that these
suggestions will help the engineering community to clarify specific stochastic modeling
issues.

2. STOCHASTIC MODELING

In this section key stochastic variabilities associated to environmental and blade component
conditions are addressed. Stochastic modeling of highly nonlinear stochastic responses is also
discussed.

2.1 Flight Profiles

A severe flight speed profiles including a large number of pilot maneuvers is shown in Figure
1. This figure indicates that the speed profiles can be appropriately idealized by non-
stationary pulse stochastic processes. It should be noted that depending on flight maneuvering,
the pulse structure can vary in a continuous path or in discrete clusters that represent the
periods of more intense maneuvers. Inside each cluster there is a short-length correlation
between intensities of individual pulses indicating the pilot maneuvers are gradual rather than
abrupt. Probability density of the operating speed profiles is extremely skewed, close to a
shifted exponential distribution rather than a Gaussian distribution as shown in Figure 2.

Figure 3 shows the significance of stochastically modeling the speed profiles for typical
aircraft flights. The illustrated life prediction comparative results are computed for the same
blade (and material) performing a probabilistic damage accumulation analysis assuming a
random sequence of different random flight speed profiles and a sequence of a repeated
deterministic “representative” speed profiles, respectively. Figure 3 clearly indicates that the
sequence of random speed profiles may be significantly severer for the HCF/LCF life than the
sequence of deterministic “representative” speed profiles used for typical LCF verification.
This happens due to the random occurrences of high vibratory stresses in the blade due to
passing through multiple mode transient resonances. The random occurrences of these
resonances are shown by vertical jumps in the damage accumulation curve of random flight
sequence.

A simple model of a typical speed profile is the linear recursive pulse process model described
by the sequence of realizations of two independent random variables Y and Z as follows:

X, =YX, +(0-Y)Z . k=12, )
where k is the step number in the random sequence. The Y variable is a binary‘ random

variable taking value 0 or 1 with probabilities 1-p and p, respectively. The Z variable is an
arbitrary distributed random variable with a cumulative distribution function denoted D (z).
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The pulse process is a non-Gaussian Markov discrete process as the current values are
dependent only on the last step values. However, the recursive nature of the model ensures a
larger memory. 1t can be shown that the asymptotic stationary covariance function of the
Markov discrete process, X, is defined by:

CX Xieg) =07p° @

where ¢’ is the variance of distribution D (x) and q is the step lag. The asymptotic probability
density of the Markov process, X, is given by:

F(x) =lim, ., (1-p)D(x))_p"" = D(x) €))

i=!
assuming that the starting point is zero.

As an alternate approach is to relate the non-Gaussian flight operational profile, denoted as a
continuous process X (1), to its Gaussian image, denoted by Z (t), by a nonlinear memoryless
monotonic transformation, g (), X (t) = g (Z (t)). This transformation can be further

expressed by the relationship X (p, s) = F'(®(Z(p,s))) where F'() is the inverse of

marginal cumulative distribution function of X (t) and ® (Z) is the standard Gaussian
cumulative distribution function of Z (t). The pair correlation (an element of correlation
matrix) of X (t), denoted XX (t, t’), can be expressed in terms of the pair correlation of Z (t),

denoted ZZ (t, t’), by XX(t,t') = f fg(u)g(v) ®(u,v,ZZ(t,t"))dudv, where @ (-) is the

bivariate Gaussian density function. It should also be noted that the computed minimum
value of the correlation coefficient function of the non-Gaussian process X (t) is not
necessarily -1, as for a Gaussian process, but higher. This happens for a non-symmetric
distribution.

To include the intensity dependence between pulse amplitudes a Gauss-Markov sequence

model can be employed. This is a simple and flexible model to include dependence between
pulse intensities. The intensity given occurrence are related by:

X =pX, +4/1-p°Z, @

in which X, = pulse intensity in step j. Z, are independent normal variate with a mean of

u, =4/(0-p)/(1+p)uy. and a variance ofo, = 5,. The pulse intensity correlation is then
given:

Py =P 5)

in which py;y is correlation coefficient between the pulse intensities in steps j and k.
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If the pulse clustering effects is significant a modified double pulse process can be used. A
macro-time scale pulse process is used to describe the occurrence and duration of pulse
clusters. Then, a micro-time scale pulse process is employed to describe the pulse cluster
structure. The second pulse processes is imbedded in the first pulse process. The correlation
between cluster pulse intensities can be included as above discussed.

2.2 Aero-Loading and Blade Geometry

Aero-forcing and blade geometry deviations represent key factors for evaluating the blade
fatigue life. The stochastic steady-state pressure profiles can be represented as a statistical
function of the operating speed profiles as indicated in Figure 4. The random deviations from
the regression curve are relatively homogeneous with respect to speed variation, but non-
Gaussian. These random deviations are mainly due to transient effects. The unsteady aero-
forcing represents the key parameter for an accurate HCF/LCF life prediction. Usually in
engineering practice, the stimulus ratio is assumed to be a scalar variable and thus is modeled
as a random variable. However, this is a crude assumption that may lead to a significant
underestimation of modal stresses for high-order blade vibration modes that are major
contributions to the HCF damage. Figure 5 shows the Interference Diagram for a typical
engine blade. Few critical vibration modes produce the dominant HCF damage.

The unsteady pressure distribution amplitude near the blade tips may largely affect the
dynamic behavior of the blade and magnitude of vibratory stresses. A more consistent
approach that is to use stochastic fields for aero-pressure distribution for both the steady and
unsteady components. Such an approach is discussed from mathematical modeling point of
view in the next paragraphs in relation to the non-parametric stochastic modeling of airfoil
geometry deviations.

An important aspect for HCF damage evaluation is the blade geometry deviation from
nominal geometry due to manufacturing process, which can significantly influence the
vibratory stresses. These geometry deviation effects can be important for the airfoil and
attachment contact surfaces. The manufacturing geometry deviations can be idealized
stochastic field models. Figure 6 illustrates a simulated airfoil geometry using a stochastic
field model. Resonant stresses in a typical blade computed for an assumed nominal airfoil
geometry, and for an airfoil with perturbed geometry including (assumed) manufacturing
deviations, respectively, are shown in Figures 7 and 8.

From the mathematical modeling point of view, these stochastic fields are quite complex,
being non-homogeneous, non-isotropic non-Gaussian vector fields. To handle these complex
fields it is advantageous to represent them in terms of mutually orthogonal functions. This is
an old idea in deterministic mathematical modeling. Examples are the Fourier type integrals
and series, which depend on the orthogonality of elementary harmonic functions.

The same idea can be used in a stochastic context, by means of the theory of factorable
random fields. It can be shown that under certain integrability conditions a stochastic
function can be decomposed in an orthogonality structure in a probability measure space. Let

assume that the random variables z,, i = 1, 2,.m are defined on probability space (€2,F,P)and
take values in the o -field or Borel set (R, B) on R. Then, assume that u(z,,...,z,)is a

function of L,(R™,P,), which means that it is a square integrable function with respect to a
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probability measure P, with its density defined by:

P,(dz,..dz,)

TR A ©

m

It means that the following integral integral form has a finite value:

I, = JI...J.uz(zl,...,zm)fz(zl)...fz(zm )dz,..dz, <o @)

where f,(z;), 1 =1, 2, m are univariate probability densities. Then, if {p;,(z,)},i=1,2, m
are complete sets of random functions in L,(R,P,) which are orthogonal with respect to the
density P,(dz;)/dz, =1,(z;), in the sense that E[p, (z,)p,(z,)]=0 forall kA =0, 1, and i
=1, m. It follows that the function u(z,,...,z,, ) can be expanded in the following series:

W z) = 3 S P () Py, (Z) ®)

kj=0  kp=0

where  {p,, (2, )r-s Py, (Za 5K 5ok, = 0., are complete sets of orthogonal random
functions. The series coefficients are computed by solving the integral:

Uy sy = [ [0z 2000 2Py, (20) 01(2)).00,, (2,)d7, . d2,, (9)

The coefficients u,, , have a key minimizing property, specifically the integral difference:

D= I"'J{“(Zn--wzm)* 2 fgk._kmpkm (z,.) (10)

k1=0 k=0

reaches its minimum only for g, , p, = u, , Py . The completeness relationship is:

I, = i ‘..iuzklu_km = [ [ [0* @z, @) £, (2, )z, . dz,, <0 (11)

kj=0 k=0
which assures that the series expansion of g(z,,...,z,,) converges to u(z,,...,z) .

For general case, several techniques can be used for constructing factorable stochastic fields.
For example, the use of the Pearson differential equation for defining different types of
stochastic orthogonal polynomial series representations including Hermite, Legendre,
Laguerre and Chebyshev polynomial series. One major application of theory of factorable

stochastic fields is the spectral representation of stochastic fields."> The Karhunen-Loeve
(KL) representation is usually associated with the case of Gaussian stochastic fields, for which
the field can be decomposed in terms of a set of independent standard Gaussian random
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variables (projections in multidimensional standard Gaussian space). The use of KL
expansion assumes that the covariance function of the stochastic field is known which limits
severely its area of applications.

The KL expansion of a stochastic field X(p) is based on spectral representation of covariance
function, C(X(p), X(p")) as follows:

C(X(p), X(p")) = i%nq)n(P)CDH ") (12)

n=0

where A, and ® (p) are the eigenvalue and the eigenvector of the covariance kernel,
respectively. They are computed by solving the integral equation:

[5CX(p). X ()P, (p)dp = 1, P, (p") (13)

The covariance function being symmetrical and positive definite has all its eigenfunctions
mutually orthogonal, and they form a complete set spanning the function space that contains
the field X (p). It can be shown that if this deterministic set is used to represent the stochastic
field, then the random coefficients used in the expansion are also orthogonal. The general
from of the KL expansion is:

X(p) = YA ®, ()7, (4)

where set{z, }represents a set of independent, standard Gaussian random variables. If the
process being expanded is Gaussian, then the random variables{z }form an orthonormal
Gaussian vector and the KL expansion is mean-square convergent irrespective of the
correlation structure.

More generally, if the stochastic field X (p) is non-Gaussian and/or covariance function is
known it can be formally expressed as a nonlinear functional of a set of standard Gaussian
variables or in other words expanded in a set of random orthogonal random functions,

denoted{y,}. Herein, for examplification, a stochastic expansion model based on a
polynomial type series is suggested:

u(p) =Y u v, (1)

These polynomials should be orthogonal in the sense that their inner product E[y v, | that is
defined as the statistical average of their product is equal to zero if i is different than j. A
given truncated series can be refined along the random dimension either by adding more
random variables to the set {z;} or by increasing the maximum order of polynomials included
in the stochastic expansion. The first refinement takes into account higher frequency random
fluctuations of the underlying stochastic process, while the second refinement captures strong
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non-linear dependence of the solution process on this underlying process. Using the
orthogonality property of polynomial chaoses, the coefficients of the stochastic expansion
solution can be computed by:

L L T < (16)
(il

k

It should be noted at this point that thc chaos expansion can be used to represent, in addition
to the solution process, arbitrary non-Gaussian stochastic processes. Polynomial chaoses are

orthogonal with respect to the normal probability measure, dP= exp(—;sz )dz, which makes

them identical with the corresponding multidimensional Wiener-Hermite polynomials. The
orthogonality relation between these random polynomials is expressed by the inner product in
L, sense with respect to Gaussian measure:

| LIRS’ T A m)exp(——z T2)dz = nl/275, | (17)

For an efficient numerical implementation, to increase the convergence, especially if the
investigated problem is highly nonlinear in the original solution space, a transformed space
polynomial chaos expansion representation can be also used. Transformation of logarithmic
type can be appropriate for highly nonlinear problems that are not well represented by
polynomial chaoses in the original space. This transformation is expressed mathematically
by:

u=exp ZEUMW (18)

i=1

2.3 Blade Stress/Strain Response

Typically the response surface method (RSM) is used to approximate the stochastic
stresses/strains in blades. However, the accuracy of RSM has a limited accuracy for highly
nonlinear systems. In RSM, the selection of sampling points for constructing the response
surface using regression analysis is based on simple “rules” of design of experiment theory
(Box-Benken, Central Composite designs) which may be more or less appropriate depending
on the problem particularity. Moreover, the selection of “representative” solution points for
the system response is based on an subjectively assumed “scale of variation” (arbitrarily
selected to be one standard deviation, or two standard deviations, etc., based on the subjective
judgments of the statistician). This may affect drastically the accuracy of classical response
methodology. Its accuracy for highly nonlinear problems or for problems including correlated
input variables is always being questionable. Also, it should be noted that for large number of
variables RSM also becomes totally impractical due to an enormous computational effort
involved, possibly, far larger than that of the direct Monte Carlo simulation (!). Therefore, at
this time, an essential step for improving the efficiency of stochastic approaches for nonlinear
problems consists of creating new computational efficient tools based on stochastic field
modeling. The specialized literature on stochastic modeling issues has recognized in the last
decade that stochastic field models represent a clear more accurate solution for stochastic
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nonlinear problems. **’

Herein a simple optimum stochastic field model is suggested for response surface modeling.
Basically, this optimum stochastic estimation model assumes that a nonlinear response of a
systems is modeled by a non-homogeneous stochastic field which is defined in such a way, so
that the mean-square error with respect to the given data or solution points (assumed to be
points of a realization of the stochastic field) is minimum. Using the optimum stochastic
estimation models the correlation between values of a nonlinear response surface at short
distances is explicitly taken into consideration. This remark also applies to values at data
points, so that the “weight” of each point in a cluster is automatically reduced. Importantly,
no homogeneity/stationary condition is needed. Conceptually, the response surface r (x) is
divided into a trend and a random fluctuation:

r(x) =t(x)+r'(x) (19)
The distinction between the trend surface and random fluctuation is not clear-cut. Generally,
we think of the trend a large-scale variation, regarded as fixed, and the fluctuation as a small-
scale random process. Then C (x, x’) is the covariance function of R’ as well as of R. The

importance of (19) is that shows that the two components can be predicted separately. For a
smooth surface:

£(x) = 1(x) 20)
whereas for stochastic interpolation the approximation is:
H(x) = T(x)+'(x) @D

The theory for approximating a random process r (x) is precisely Wiener-Kolmogorov theory
for a time series with a finite history used for forecasting. ®

If the trend (mean) surface is assumed to be known then the stochastic response surface can be

fully defined by the process w (x) =1’ (x) =r (x) - r (x). A linear predictor of the form can be
defined as:

W(x) = Zh,w(x,) = A wy 22)
which minimizes the mean-square functional:
E[w(x) - W(x)]* = var(w(x)) - 224, C(x,,x) + T, A C(x;, X ) =0 (x) - 21 k(x) + A"KA (23)
where K = C(x;,x;),k(x) =(C(x,x,)), A is a function of x. Now equation (23) is a
quadratic form in A that can be minimized by finding its stationary point. Since the

covariance matrix K is strictly positive definite and invertible there is no restriction in
practice. The linear predictor equations can be expressed by:
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W(x) =[wiK ™ Jk(x) (24)
62 (0 =02 (x)~k(x)' K 'k(x) (25)

Thus, the optimum stochastic predictor is defined by the linear combination of the functions
C(x, x,) that passes through the data points.

2.4 Fatigue Life Prediction
Generally, stochastic dynamic stress response of a blade can be expressed by the matrix
differential equation of motion:

X(t,8) = g(X(t,5).E(t,5).D(t.))

i (26)

D(t,s) = h(X(t,s),E(1,s), D(t,s))
where t is time and s is space coordinate. The stochastic stress-strain vector process, X (t, s),
the input environmental/material vector process, the E (t, s), and the scalar damage parameter,
D (t, s), are fully coupled. Such an approach includes both changes in strength and
constitutive model using damage parameter as an internal variable in the material constitutive
model. The damage growth depends on stress amplitude and reciprocally the stress amplitude
depends on damage level. However, currently in engineering practice the influence of
damage on stresses is not considered. The damage accumulation models describe the damage
evolution as a function of loading stress history, or more specifically as a function of closed
stress-strain cycle sequence. The unclosed stress-strain cycles are not included. A key aspect
1s the cycle counting of the closed stress-strain cycles.

Using Rychlik’s non-recursive definition, the rainflow counting procedure’ can be described
by a discrete Markov process of the min-max pair points, Pair (Xmax, Xmin), in a closed time
interval, T:

min > < max i (27)
X i » Otherwise

min >

X, {max(X‘ X Ltt<T

max ?

Xmax,T {X+ t <T (28)

The set of these pair points defines the rainflow cycle process, rfc (X). Then, the counting
distribution, N (X ;.-
The total cumulated damage due to cyclic stress loading can be directly computed by the
convolution of the damage function with the cycle counting distribution:

X nax ) of the rainflow cycle process rfc (X) can be uniquely defined.

8’D(v,u) oD(u,u)
D. = |d(t)dt = D(v.,u.)== [IN,(v,u)———"dvdu+ |N ,u)————=du 29
. Tj() Z (vi.u) U PV u) =2 dvdu j (W)= (29)

The total damage being defined by the sum of damages attached to all closed hysteresis. For
Gaussian processes the turning point pairs in the cycle sequence can be idealized by an
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irreducible discrete Markov process.

For non-Gaussian processes obtained by superposing a slow-varying non-Gaussian process
and a fast-varying continuous Gaussian/non-Gaussian process, such as the case of
superimposing the LCF and HCF components a possible practical solution is to employ
hidden discrete Markov processes for describing the turning point random sequence.

A typical stress profile in a critical blade locations (stress cycle history) is shown in Figure 9.
It shows the steady-state stress profile (LCF component) and vibratory stress profile (HCF
component) for two different locations in the blade. The HCF component history (at the
bottom of Figure 9) indicates a highly skew, non-Gaussian probability density of vibratory
stress amplitudes.

For evaluating the stochastic crack initiation life, a local strain-life approach with a
randomized strain-life curve is typically used. The notch root plasticity is introduced using
Neuber’s rule. The analytical expression of the stochastic strain-life transformation is:

£, = SCOND® +e N (0)

where the equation parameters are random variables. The mean stress effect (including
temperature, static, residual stresses from previous damages or processing, etc.) is included
using weighted randomized Morrow and SWT correction schemes. An important aspect of
using the strain-life curve is that it is possible to handle the random effects coming from
surface finish, fretting effects, temperature effects, creep, etc.

The damage accumulation process is defined by the kinetic equation 3—1?1 = (D, N(Sa, Sm), p)

where D is the damage parameter and Sa and Sm are the alternating stress (half range of HCF
component) and mean stress (LCF component). The letter p denotes the parameters of
damage model. For an appropriate damage modeling, stress-dependent damage models are
needed. They are capable of accurately including the HCF/LCF interactions and initial
defects for predicting the crack initiation blade life. The damage curve approach (DCA)
proposed by Halford, 1996,® can be simply constructed based on only two amplitude level
experiments, i.e., LCF and HCF levels. These two levels should be appropriately selected to
correspond to the extreme significant stress (or better life for constant amplitude) levels in the
investigated component. For an arbitrary amplitude level, the DCA equation, D-N,,
represents a power-law function of the form D = (n/N,)*™” where the exponent function
g(N,)is determined based on an experimental calibration. Typical stress-dependent DCA
mean curves are shown in Figure 12. Such a nonlinear damage rule is required for obtaining
an accurate evaluation of damage level at a given time. The linear damage rule (LDR), or
Miner’s rule, may give a crude estimate for such situations.” The greater the ratio between
the (two) extreme life levels, the more severe HCF/LCF interaction or deviation from the
linear damage rule is expected. The nonlinear DCA model is capable of including interactive
effects from initial defects, FOD and fretting effects. An alternate is the Lemaitre-Caboche

model that is analytically a more refined damage model.’
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Stochastic damage models are typically described by diffusion process models driven by a
non-white excitation (filter equations which transform the white-excitation in non-white

excitation are included), which can be accurately handled using Ito stochastic calculus. "

Figures 9 through 11 illustrate computed results for random scquences of random flight
profiles including also accidental damage. Figure 11 indicates that the HCF/LCF blade life is
a highly uncertain variable. As shown, some rare, severe flight profiles affect drastically the
blade life. Other blades may have very large lives well above the average (thus, it is not the
most efficient economically to replace them based on pre-established scheduled replacement
plan). Figures 12 and 13 show the probability distribution of predicted life without accidental
damage and with accidental damage, respectively. It can be observed that accidental damage
effects severely affect the blade life. The accidental damage effects were idealized as Poisson
arrival processes with different mean occurrence rates, assumed to be functions of damage
sizes.

3. CONCLUDING REMARKS

Probabilistic HCF/LCF life prediction for jet engine components represents an extremely
difficult engineering problem involving stochastic modeling of multiple, complex random
phenomena. The paper overviews key aspects of stochastic modeling of the life prediction for
a typical engine blade.

The paper highlights the need of using stochastic process/field models for accurately
capturing space-time variabilities in input parameters and also for approximating highly
nonlinear stochastic responses. The paper suggests specific stochastic process/field models
for flight operational profiles, blade aero-forcing, manufacturing geometric deviations and
damage accumulation process.
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When to high-speed balance large turbine generator
rotors
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SYNOPSIS

Current international standards recommend that requirements for balancing depend on the
flexibility of the rotor. In general terms rotors operating below their first critical speed can be
balanced using rigid rotor procedures. Rotors operating close to or above their first critical speed
are regarded as flexible and should be subjected to a high-speed balance procedure. However,
there are many large turbine generators, with multiple rotors, that will pass through their shaft
critical speeds where experience has shown these rotors can be safely low speed balanced.
Calling for a high-speed balance, when it is not necessary can be costly in both down time and
balancing fees and it could be prohibitive in many overseas locations. This paper suggests an
alternative method to assess the need for high speed balancing, which considers the state of the
rotor in terms of its flexibility and operating environment. A mathematical simulation of the rotor
is simply based on its geometric design. This identifies the obvious flexible rotors, such as large
generators and gas turbines. It is only in marginal cases where a qualitative understanding of the
support structure is required. A number of large turbine generator rotors, in the range 350 to 660
MW, are considered and compared with maintenance experience.

1. INTRODUCTION

Most large flexible rotors are high-speed balanced by the original equipment manufacturer during
the manufacturing process, since it guarantees the quality of the rotor and minimises potential
problems during commissioning. Rotors will be in the high-speed pit for over speed testing and
the additional work for the high-speed balance is minimal. A few large flexible rotors are only
slow speed balanced but this does rely on a detailed sequence of balance runs as the rotor is
assembled. The decision to use high-speed balance procedures on new rotors by the manufacturer
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can be made with a full knowledge of the rotor design and usually within easy distance of a
suitable balance pit.

Repair of older rotors poses more problems, particularly if the original manufacturer does not
carry out the work. The rotor will have run for a number of years, its in-situ balance history may
be unknown, extensive remedial work may have been carried out, detail design data may not be
known and a high-speed balance pit is not usually readily available. In these situations the
pressures to undertake only a low speed balance or no balance at all will be very strong. The
potential risks of an in-situ balance during re-commissioning may be more attractive than the
costs and extended down time that will result from the high-speed balance.

This paper presents a simple method to aid the decision, “when to use a high-speed balance
procedure”. It is based on the analysis of the rotor’s flexibility relative to its support structure,
and relates the results to experience of a fleet of rotors in the field.

2. RIGID AND FLEXIBLE ROTORS

The environment in which the rotor operates dictates whether it can be considered as flexible or
rigid. It is obviously necessary to consider the rotor’s flexibility but the environment will include
the flexibility of the support structure and its normal speed range. In the power industry most
pedestals are stiffness controlled but it may be necessary to consider mass controlled pedestals in
other situations. Large industrial gas turbines have the weight of the casing on the pedestal,
unlike steam turbines. However, most gas turbines above 100 MW operate as flexible rotors and
are simply treated as flexible.

Rotors that are very stiff in relation to their support structures will be relatively unaffected by the
environment and will operate as a free-free beam. The rigid body modes of “bounce” and “rock”
will dominate at slower speeds and it will only be at higher speeds that the first true flexural
mode will be excited. Provided the operating speed is well below the frequency of the first
flexural mode the rotor can be safely low speed balanced. The well established standard ISO
1940-1 (1) is written for these rigid rotors and gives both the procedures for balancing and
general guidelines on acceptable balance criteria.

Rotors that are weak in relationship to their support structures will operate as a pinned-pinned
beam. The rotor’s motion will be dominated by its flexural modes and it will require high-speed
balance procedures if it operates at speeds above or close to its first flexural frequency. ISO
11342 (2) outlines balancing procedures for the different classes of flexible rotors and methods to
calculate acceptable levels on imbalance.

3. ROTORS THAT FALL BETWEEN FLEXIBLE AND RIGID
Simple analysis of a rotor on flexible supports will show that as the support stiffness is increased

the first natural frequency will change from the free-free rigid body bounce mode to a pinned-
pinned first flexural mode. In the bounce mode all the motion is in the supports and in the
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pinned-pinned mode all the motion is in the rotor. Figures 1-3 clearly show this behaviour.
However, even when the support stiffness is equal to that of the rotor, figure 2, most of the
motion is still within the supports and there is little bending of the rotor.

Figure 3 Mode shape of a rotor on stiff supports

4. ROTOR SUPPORT STIFFNESS MAPS

Figures 4 and 5 show the shift in the shaft natural frequencies as the support stiffness is varied for
a stiff HP (high-pressure) turbine and a flexible generator respectively. The natural frequencies
are normalised relative to the rotational speed of the machine and the support stiffness is
normalised relative to the stiffness of the rotor. Rotor stiffness is simply estimated from the first
pinned-pinned natural frequency and the mass of the rotor.

2
Rotor stiffness = Mass of rotor x (First pinned-pinned natural frequency)

The first, second and third natural frequencies, as calculated by a computer simulation, are
represented by the solid, dotted and dashed lines respectively. Due to the normal stiffness
asymmetry of a supporting oil film and bearing structures these natural frequencies would
normally be seen in pairs but to simplify the analysis here the supports are assumed to be
symmetric. With low support stiffness the two lower modes are the “bounce” and ‘“rock” rigid
modes and the third is the first flexural mode. Rotors on stiff supports will only see the flexural
modes
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Figure 4 A stiff HP rotor 350 MW
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Figure 5 A flexible generator rotor 660 MW

The stiff rotor, figure 4, will always be rigid in this environment. Excitation of the first flexural
mode will not take place at stiffness ratios below 1, the dashed line, since it is way above the
operating speed. At stiffness ratios above 1, the rotor’s first flexural mode, the solid line, is also
above the operating speed and will not be excited. Indeed, when running this rotor in the machine
it does have a critical speed within the operating speed range. However, the map shows that, if
this occurs, there will be little bending in the shaft because the stiffness of the supports will need
to be much less than that of the rotor.

For the flexible rotor, figure 5, the first flexural mode is always below the operating speed
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LP rotors are in the intermediate range between rigid and flexible. Figure 6,7 and 8 show three

such rotors.
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Figure 6 An intermediate stiffness LP rotor 660 MW
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Figure 7 A flexible LP rotor 500 MW (a)

Figures 6 and 7 show that both these LP’s will have their first flexural natural frequencies
sufficiently close to running speed to warrant using high-speed balancing procedures. Figure 8

suggests that this rotor could be low speed balanced.
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5. JOURNAL BEARING OIL FILM STIFFNESS

Figure 8 A relatively stiff LP rotor S00MW (b)

On each of these maps the “X” indicates an approximate value for the oil film stiffness at 50Hz
which will ultimately limit that of the total support structure. These values are calculated using
simple circular bearing theory and must be used with care. However, using this value will
generally give a good estimate of the critical speeds observed on the total shaft lineout.

6. PINNED-PINNED NATURAL FREQUENCIES

Table 1 First pinned-pinned natural frequencies in Hz for a steam turbine generator set

Rotor 350 MW 500 MW (a) | 500 MW (b) | 660 MW
HP 69 67 38 56
P 70 46 32 55
LP 65 75 30 52
Generator 22 12 21 8.5
Exciter 44 24 24 69

For the class of large rotors considered here, it can be seen from the stiffness maps that simply
calculating the pinned-pinned natural frequency will give a quick estimate of the need to high or
low speed balance. Analysis of the stiffness map is only necessary in marginal cases. Table 1

98

C576/012/2000



shows the values calculated for a range of 50Hz rotors and experience has shown that if the first
pinned-pinned natural frequency is above running speed the rotor can be slow speed balanced. A
small safety margin of about 10% should be used to allow for potential errors in the estimates
calculated by the simulations.

The major exception to the above rule is the 500 MW (a) LP rotor with a pinned-pinned natural
frequency of 75 Hz. However, this machine has suffered from a range of vibration related
problems and the tradition to high-speed balance may have developed from a desire to minimise
the influence of imbalance rather than a real need. The requirement for a high-speed balance of
this rotor is now under review.

7. CONCLUSIONS

A simple method has been presented which allows rotors that require high-speed balance
procedures to be quickly identified. Confidence in the results can be obtained for marginal cases
with a qualitative understanding of the support structures.

The method has only been compared with large, reasonably symmetric rotors used in the power
generation industry and there is a need to consider its suitability when applied to a wider range of
rotors.
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Exchangeability of rotor modules — a new balancing
procedure for rotors in a flexible state

H SCHNEIDER
Schenck RoTec GmbH, Darmstadt, Germany

ABSTRACT

Exchangeability of rotor parts or modules without the need for a subsequent balancing step is
a goal in design and production throughout the industry. It is not easy to handle this properly
for rotors in a rigid state, and it is even more complex in the case of rotors in a flexible state.
The discussion bases on low speed balancing methods for rotors in a flexible state.

The new approach recommends some modal considerations to classical low speed balancing
procedures of the individual parts, and adds a special balancing step in order to reduce the
modal unbalance of the assembly. This step bases on the knowledge of the bending modes,
the distribution of masses and moments of inertia along the rotor axis and on a separate meas-
urement of the unbalance of each module.

The recommended procedure will maintain the goal of modular exchangeability and good
unbalance condition at low speed, and will simultaneously reduce the modal unbalances and
consequently the deflection of the assembled rotor at high speed.

NOTATION
A, B module A, B Usi» Usq static unbalance of element E;,
C; correction in plane j for index of assembly due to o
balancing [ eccentricity of centre of mass of E;
C,,C;,Cs  modal unbalance correction in m;, My mass of element E; , of module A
Planes 1, 2, 3 r radial coordinate of error
E; rotor element E; 7,7, 24, Zg coordinate along the rotor axis,
Jai» Jpi» Jaa, axial, polar moment of inertia of of centre of mass of element E;,
Joa, Jag, Jpg  element E;, of module A, module B of module A, of module B
L,La,Lg  length of assembly, of module A, B o, B angle error of module A, B in mating
Uei, Ucq couple unbalance of element E; , plane
of assembly due to o Ya, T8 inclination of main axis of module
U, modal unbalance of "™ mode A, module B
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0 (2) mode function of ™ mode j designates index correction planes
S . . k designates modal correction planes

de,(z,) inclination of mode function at - .

b ASEd - m number of index correction planes

coordinate 7; .
dz n designates modes

Subscrints p total number of rotor elements

A B p related to module A. B 1,2,3 related to modal correction planes on

L . ’ module A

i designates rotor elements

1 INTRODUCTION

The International Standard ISO 11342' outlines procedures for low speed and high speed bal-
ancing of rotors in a flexible state. This document is well accepted all over the world. Re-
cently, it has been revised to give even better guidance and entrance into this complex field.
The latest edition starts from rotor configurations and characteristics of rotors in a flexible
state and subsequently deducts recommended balancing procedures. Thus it emphasises two
criteria — the locations where unbalances may occur and the modal nature of the flexible re-
sponse.

2 CONFIGURATION AND CHARACTERISTICS OF ROTORS

Rotors with flexible behaviour may be very different. They range from some grams to some
hundred tons in weight (figure 1, left), with service speeds between some hundred rpm to
some hundred thousand rpm.

2.1 Characteristic elements

Each type of rotor can be reduced to three characteristic elements (figure 1, right), or a com-
bination of them:

a) flexible shaft without considerable unbalance,

b) rigid disc or rigid section with unbalance,

¢) flexible section with unbalance.

-

a)  —

b) e}

c) —+—

Figure 1. Various rotors with flexible behaviour (left), characteristic elements (right) to model
such rotors

' ISO 11342 (1998): Mechanical vibration — Methods and criteria for the mechanical balancing of flexible rotors
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2.2 Removable, integral

Only unbalances in up to two planes can be detected at low speed, i.e. this is sufficient for a
single element type b) - rigid disc or section. A flexible rotor with more than one rigid ele-
ment, connected by elements type a) flexible shafts in all probability will have more
unbalance planes. In this case low speed balancing procedures are only applicable, if all
elements (except one) are removable in order to correct for these unbalances individually, or
in an step-by-step procedure.

An integral rotor — an element type c) alone, or a combination with other elements — definitely
requires high speed balancing procedures. In this paper we concentrate on low speed balanc-
ing procedures.

3 MODAL ASPECTS

It is well known, that the sensitivity to unbalance is increasing with the ordinate value of the
respective bending line: it is zero at a node and reaches its maximum at the antinode. This
approach considers individual unbalance vectors only.

3.1 Static unbalance and couple unbalance

Each disc and each section of a real rotor will have a static unbalance, and a couple unbal-
ance. The sensitivity to a couple unbalance increases with the inclination of the bending line®.
The modal unbalance — using both kinds of unbalance — can be expressed as:

u, 2|:US. 8, () + U 20nl )} (1)

i=l

If we look into the different areas of the bending line we see:
® near to the nodes the couple unbalance dominates the rotor flexure,
® around the antinodes the static unbalance dominates the rotor flexure.

3.2 Balancing and assembly tolerances
This modal aspect — the different influences of static unbalances and couple unbalances —
should be the basis to state balancing and fit tolerances:
® near to the nodes the couple unbalance needs a tighter tolerance than the static unbalance,
and
if the fit is controlled, axial runout of the disc(s) is more critical than eccentricity.
e around the antinodes the static unbalance needs a tighter tolerance than the couple unbal-
ance,
and

e if the fit is controlled, eccentricity is more critical than axial runout.

If more than one mode needs to be considered, tolerances may be derived for each mode indi-
vidually. Out of the different sets always the smallest tolerance value per element and criteria
applies.

? Bending line means the line(s) under service conditions.
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4 EXCHANGEABILITY OF PARTS

Exchangeability of rotor parts or modules is a goal in design and production throughout the
industry. Sometimes it is combined with the intention to avoid a subsequent balancing step.

4.1 Assembly errors

1SO 1940-2° distinguishes between systematic, randomly variable and scalar errors. All
assembly errors together must be small enough not to upset the balance tolerance. If the errors
are too large, special procedures to reduce systematic errors may be applied, such as index
balancing and dummy balancing.

4.1.1 Index balancing

Index balancing is a procedure developed for rotors in a rigid state. In fact, following this
procedure, unbalances are corrected in planes different from their origin. This is acceptable,
as long as this is done for individual parts in order to suppress tooling errors, or for rotors in a
rigid state. Once this method is applied for rotors in a flexible state, only static and couple
unbalances will be reduced. The modal unbalances are not controlled. They may remain un-
changed, but typically they deteriorate, which may lead to an extensive flexure at high speeds.

4.1.2 Dummy balancing

Balancing parts separately — e.g. an armature and a pulley — is a good idea in case one part
(pulley) needs to be replaced from time to time. Systematic assembly errors can be taken into
consideration, if the armature is balanced with a balanced pulley, or with a balanced dummy.
A dummy is similar in its main data — mass, centre of mass, and difference in moments of
inertia — to the part it replaces (e.g. the pulley). Sometimes index balancing and dummy bal-
ancing are combined.

5 ASSEMBLY

The problem with index balancing of rotors in a flexible state may be described on the basis
of a simplified HP jet engine rotor (figure 2).

The geometrical errors at the mating interface of module A — for this configuration — may be
expressed as an axial run-out (tilting angle &) of a certain amount at a certain angular loca-
tion.

module A module B module A module B
3 1 M ﬁ
r\%‘ el
AT A A R - | | / A
| B .
a v

Figure 2: Simplified model of a flexible rotor with two modules and one bearing each, with:
no error in mating plane (left), error o in mating plane on module A (right)

3 1SO 1940 (1997): Mechanical vibration — Balance quality requirements of rigid rotors. Part 2: Balance errors
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Due to this axial run-out of module A, the axes of both modules will be inclined, forming a
longitudinal plane governed by angle «. All rotor elements will be displaced and tilted
accordingly, thus creating static and couple unbalances. The same applies to errors at the
mating interface on module B (tilting angle B). Errors of both modules add up vectorially. The
same holds true for the unbalances.

If these unbalances are within limits, which cause no vibration problems to the engine, no
further step is needed. But if these unbalances are not acceptable, another balancing step —
index balancing — is added.

By indexing module B relative to module A, all unbalances caused by module A are measured
and corrected in module A:

a) Unbalance of module A about its shaft axis,

b) Unbalance occurring on module A due to error a,

¢) Unbalance occurring on module B due to error ¢.

Each of the three unbalances needs a different approach:

The unbalance under a) was dealt with during the balancing procedure of module A (prefera-
bly in accordance with chapter 3).

Unbalances under b) occurring on module A due to error & have to be corrected on module A.
If the correction is properly distributed to the rotor components where the unbalances occur
(due to displacement and tilt), it will not cause rotor bending.

The unbalances under c) are the problem. If the unbalance in module B (figure 2, right, black
arrow) is corrected the usual way — with two correction planes on module A (figure 2, right,
grey arrows) — it will create modal unbalances and thus cause a flexible rotor to bend at high
speed.

What is stated for module A and error o similarly holds true for module B and error B. The
following description is based on error o.

5.1 Calculations

Figure 3 shows all relevant data: the typical situation with an error c in the longitudinal plane
rz. The error o is assumed to be very small®.

Inclination angle y4 of module A axis and yg of module B axis are:

al ol
-—=; 73=—71 )

Ya L

Equations for displacement ¢; of element E; are different for modules A and B:

e, ==Y, zi:%zi; for O<z; <L, 3)
al,
e =Yp(L=2)= 7 (L-z); for Ly<z; <L @

* All physical quantities influenced by ¢ (e.g.: T, Ya, Ys) normally have o as a subscript. Since all calculations are
based on error @, this subscript has been deleted in the following explanation to improve legibility.

C576/018/2000 105



Figure 3. Model for calculations

The static unbalance Us; of element E; is:

i=me; (5)

The couple unbalance Ug; of element E; also is different for modules A and B:
UCi.—.yA(Jui—in)z—aLTB(Jm.—Jp,.); for O<gz <L ©)
Uci=yB(Ja,—-Jp[)=aLTA(Ja,.—JP,-); for L,<z <L )]

5.2 Modal Approach

The mode function @, (z) describes the typical bending in the n'™ mode. Calculations will be
limited to the first mode. A possible rotor mode shape is assumed in Fig. 4.

The modal unbalance U, of a rotor with p elements due to error o (equ. 1) after the index bal-
ancing procedure (corrections C in j planes) is given by

module A module B

Figure 4. First bending mode with modal correction planes 1, 2, and 3 of module A
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; 9, |, N\
Un:i:l {Usl‘ ¢n(zi)+UCiTZ':|+§C] D j (8)
and can be calculated on the basis of physical data, geometry, mode function and the distribu-
tion principle applied to the index balancing procedure.

5.3 Modal Correction

To correct the first modal unbalance without disturbing the unbalance of the rotor in its rigid
state, three correction planes 1, 2 and 3 (figure 4) with unbalance corrections Cy (k = 1 to 3)
are required. The following equations apply:

3 3 3
ZCkzo; ch 7, =0 zck 9. =-U, &
k=1 k=1 k=1

These equations are sufficient to calculate all modal corrections. If we look for the correction
in plane 2, we find:
¢,= - (10)

23 —23 21 =2
-¢n1 +¢n2 —¢n3
LSRR LIS

Once C; is found, unbalance corrections C; and C; — using equations 9 — are:

2 —23. 472
- Cy=-C)—/——= (11)
71— 4172

G =-C

6 BALANCING PROCEDURE

The following provides a step by step procedure for modal balancing of the type of rotors
discussed above. It is assumed that low speed balancing was performed properly (guided by
chapter 2), and that each module is completely assembled.

6.1 Individual Module Balancing

Modules A and B each are balanced with a stub shaft. The goal is to eliminate error a (and
error ) as far as possible from the relevant unbalance readings and thus from the unbalance
corrections. The distance between the mating plane and the adjacent bearing should be as
short as possible, ideally zero (0).

Unbalance corrections’ are made according to the rules for low speed balancing of flexible
rotors, using modal considerations (chapter 2).

6.2  Determination of Error o. and Error
Geometric measurements may be taken as usual, but utilising a balancing machine for this
task may have some advantages, since balancing steps will follow anyway:

’ These corrections may be only temporarily and lateron consolidated with the modal correction (see 6.3
® Within the error limits of the measurement of Useand Ug, and the rotor data used, both equations will lead to
the same angle a.
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Mating modules A and B and using the indexing method, the unbalances for module A (and
B) are obtained, e.g. in terms of static unbalance Usgy and couple unbalance Uc,. Based on the
physical data and the geometry of the module, & is calculated (a variation of equations 3 to 7),
with za being the coordinate of the centre of mass of module A and zg the coordinate of the
centre of mass of module B %

a=Us, L (12)
Lpmyz,+Lymp(L—25)

a=U, L (13)
LA(JaB _JpB)_LB(JaA _JpA)

Error B is derived similarly for module B.

6.3  Calculation of Corrections

Modal unbalance corrections C1, C2 and C3 for module A are calculated according to equa-
tions 10 and 11. Similar equations are used for module B for modal unbalance correction C4
to C6.

6.4  Performing Corrections

The calculated unbalance corrections are performed on both modules’.

Within the error limits of the measurement of Ugq, Ucq and all rotor data used, both equations
will lead to the same angle o (amount and angular position).

7 OUTLOOK

Modal considerations may give some impulse to the balancing of flexible rotors at low speed;
it may reduce the modal unbalances by a factor of S to 10, thus improving high-speed vibra-
tion condition. Especially in a field, where module exchange is of high importance (e.g. bal-
ancing of jet engine rotors), modal corrections at low speed may help to allow for module
exchange, and also to keep vibration under service conditions in acceptable limits.

It is quite possible that this proposed procedure — focusing on an influence not considered up
to now — will allow for coarser unbalance tolerances for the ‘classical’ balancing steps.

© 2000, H Schneider

" To reduce the total number of unbalance corrections (total amount of correction mass, number of locations), for
the first balancing step (see 5.1), temporary corrections could be used. After having performed modal
correction C2, these temporary corrections can be removed. Another balancing run vectorially adds the
temporary corrections and the modal corrections C1 and C3, thus providing just one correction in each of the
two planes.
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‘The balancing act’ — balance for design, or design
for balance?

S P SMITH
Coventry Balancing Site Services, Oxford, UK

SYNOPSIS

Some rotating machinery components frustrate the efforts of traditional balancing methods.
The Dynamic Table approach can be used to resolve many of the problems. In this paper the
proven method of Dynamic Table Tooling is explained. A range of examples is presented
where the traditional balancing difficuities have been tackled and successfully overcome — but
at the product acceptance stage. More cost effective results could be achieved by adopting a
Balancing Strategy at the design stage. An informed strategy for balancing will greatly reduce
the risk of discovering problems at the acceptance-testing phase, and can cut development and
manufacturing costs. This paper and its referenced work relate only to rigid rotors.

1. INTRODUCTION

Dynamic balancing is simply a procedure required to ensure a rotor or an assembly will rotate
at its running speed without vibrating outside acceptable limits. All rotors will vibrate to some
extent, because there is no perfect balance condition. Therefore the vibration level has to be
given a limit, in order to manage the adverse effects of fatigue, noise, reduced efficiency and
unwanted movement.

At the design stage a mathematical approach is simple to dictate, but sometimes proves
difficult to implement. In practice the residual imbalance can rise to an unacceptable level due
to fitting tolerances, system response or stability of the rotating assembly.

Careful consideration must be given not only to the desired balance tolerance, but also
perhaps more importantly, to the means of effecting correction of the rotor to guarantee a
vibration limit is met.
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2. BACKGROUND

2.1 What is unbalance?

Unbalance is often defined as the unequal distribution of mass within a rotor about its rotating
centreline. A condition of imbalance exists in a rotor, when vibration forces or motion is
imparted to its bearings as a result of centrifugal forces.

2.2 Units of measurement

The amount of unbalance in a rotating body is normally expressed as the product of the
residual unbalance mass and its distance from the rotating centreline. Therefore, the general
units for expressing unbalance are gram-millimetres, (g.mm).

2.3 Balance tolerances to ISO 1940.

ISO 1940 (Balance quality requirements of rigid rotors), is one of the most widely used
Intermational guides for recommended balance quality grades. The standard categorises rotors,
based on worldwide experience, according to their fype, mass and maximum service speed
into a quality grade (G). The number given (e.g. G0.4, G1, G2.5, G6.3, G16 etc.) relates to the
allowable level of vibration (mm/sec) measured on the bearing housing at rotor service speed.
It is the product of specific unbalance and the angular velocity of the rotor at maximum
operating speed and is a constant for rotors of the same type. The quality grade determined by
‘G’ is related to permissible residual unbalance measured in g.mm and the allowable mass
centre displacement (MCD) measured in micrometers, (um).

In general, the larger the rotor mass, the greater the permissible residual unbalance. It is
therefore appropriate to relate the value of the permissible residual unbalance, U, to the rotor
mass, m, in terms of permissible rotor mass centre displacement, e and equate this to
maximum rotor service speed and the ISO quality grade, G. (ref fig 1)

Figure 1.

Mass Centre Displacement | e = U = G x 1000
(MCD) m 2nn/60

Imbala =e. :

e () = &..ke e = Mass Centre Displacement (pum)

U= Permissible Unbalance (g.mm)

. m= Rotor mass (kg)

i G= ISO Balance quality grade value (mm/sec)

n = Maximum rotor service speed (RPM)
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2.4 Force calculations

One important reason for balancing is that the forces created by unbalance are detrimental to
the life of the machine, the rotor, the bearings, and the supporting structure. The amount of
force created by unbalance depends on the speed of rotation and the amount of imbalance.
Force (I) generated by imbalance can be calculated from the formula:

F (kg) = 0.01 x W x R x (RPM / 1000)

W = Imbalance mass in grams
R = Radius in centimetres

2.5 Influence of fitting tolerances

One of the most common causes of imbalance is the stack-up of fitting tolerances in the
assembly of a machine. Murphy and Sod’s law conspire together to guarantee the tolerances
work against the finished quality levels.

Obviously, the heavier the rotor component is, the more critical the tolerance of fit becomes to
its shaft for a given speed of rotation. If we consider a symmetrical rotor of weight 1000 Kg
and having an offset on its shaft of 0.025mm.

Then at 1000 Rpm, F =12.5 kg / Bearing and at 3000 Rpm, F =112.5 kg / Bearing.

The following chart produced by the German Standards Institution (2), distinguishes between
quality levels, rotor speed, bearing loads and acceptable eccentricity. It is useful in providing
focus on machined fitting tolerances and the associated bearing loads. Whereas the majority

of quality guidelines, relate to the vibratory motion produced by the residual imbalance level.

Permissible Mass Centre Displacement and centrifugal force against rotor speed and

quality grade (VDI 2060)
Quality Speed ranges Permissible centrifugal Residual eccentricity
class rpm force as % of rotor weight in um

0 10,000 - 0.2

1 7,500 - 10,000 2.5 0.2...04
1l 5,000 - 7,000 3 0.45...1.0
I 3,000 - 5,000 4 1.44...4.0
v 1,500 - 3,000 5 5.0...20.0
\Y 750 - 1,500 6.5 25...100
VI 1,000 - 50...250

3. METHODS

3.1 The Traditional Approach

Most rotating assemblies or rotor component parts are dynamically balanced in a balancing
machine. Balancing machines are generally divided into two types, that is the “soft” or
flexible bearing machine and the “hard” or rigid bearing machine. The soft bearing balancing-
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machine, derives its name from the fact that it supports the rotor to be balanced on bearings
that are free to move in at least one direction. Usually, horizontally and perpendicular to the
rotor axis. The resonance of the rotor and bearing system occurs at one half or less of the
lowest balancing speed, (typically 250 rpm). By the time the balancing speed is reached, the
measurements of vibration displacement, amplitude and phase have stabilised and can be
measured with accuracy. The aim of the soft suspension is to provide a linear response above
the minimum balancing speed. (ref fig 2) The suspension supports the rotor as if in free space,
to provide unchallenged movement in the direction of displacement measurement. (ref fig 3)

Figure 2.
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Soft bearing suspensions provide a linear response from low balancing speeds

3.2 Dynamic Table Tooling

‘The displacement measurement comes extremely close to the mass centre displacement
(MCD) value derived in the balance tolerance calculations. Difficulty arises when the rotor
cannot be supported in open rollers on the balancing suspensions without impeding this
vitally important “free space” motion. For this reason special tooling has to be designed to
support the rotor, allow it to spin and impart its “free” motion to the suspensions. The
dynamic table is an arrangement that allows a complete or sub assembly to be mounted onto
the suspensions. The design provides for completely free movement of the rotating assembly,
regardless of how it is clamped or supported. The dynamic table is an invaluable tool to
achieve balancing limits otherwise unachievable because of fitting tolerances, or awkward
handling of component parts. The protected linear response of the suspension allows close
and accurate scrutiny of the rotating assembly, knowing that the balancing machine is not
influencing the motion. (ref fig 4)

112 C576/021/2000 © IMechE 2000




Figure 3.
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Principle motions of the Dynamic Balancing Table
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The following examples show 5 applications for the dynamic table and then discuss the
reasoning behind the need to use this approach.

The examples discussed are: -

e A high-speed machine tool spindle (10,000 rpm) Bridgeport Machines

e A pancake motor driven vacuum pump (1500 rpm) BOC Edwards High Vacuum
e A Volvo 5 cylinder racing engine (8,500 rpm) TWR Arrows FI

e A low-speed research satellite (5 rpm) DERA

e A high-speed automobile supercharger (75,000 rpm)  Force One Superchargers

4. RESULTS AND ANALYSIS

4.1 Example 1. CNC Machining Centre 10,000 rpm tool spindle

Bridgeport Machines Ltd are a global machine tool manufacturer, leading the market in CNC
machining centres. They follow a programme of continuous approach towards improving
their product and meeting customer needs. Spindle speeds have reached in excess of 10,000
rpm. These high spindle speeds require tighter balance tolerances to protect spindle life and
achieve more challenging machining tolerances. Traditional balancing methods could not
guarantee acceptable spindle vibration levels due to the accumulative effects from a stack up
of fitting tolerances. It was not practical to refine manufacturing tolerances to such a degree as
to protect final spindle vibration levels. The cost effective solution was to produce the
precision high-speed spindle with externally accessible balancing planes and balance the
whole assembly in a dynamic table tooled to cradle the spindle cartridge. This not only
produced a superior spindle product, but also reduced manufacturing time and associated
costs.

Spindle displacements measured at full speed following balancing were typically < 0.3um.

4.2 Example 2. Pancake Motor Driven Vacuum Pump

A new vacuum pump, designed by Edwards High Vacuum to run at 1400 rpm, has broken
new boundaries of design and function. However, it also had a particularly difficult set of
balancing issues to conquer.

At first it seemed a straightforward requirement to reduce vibration-running levels to an
acceptable 1.5 mm/sec RMS overall value.

The difficulties lay in the complex rotor design and the sensitivity of the assembly to couple
imbalance. Conventional rotors are balanced about their respective journals. On this rotor
however, the journal arrangement consisted of two back to back bearing races located mid
way between the outboard balancing planes, at or close to the centre of gravity of the spin
axis. The awkward shape of the rotor (due to its pumping requirements) meant that the
bearings or journals would not see a true reflection of the imbalance loads imposed on them
until all the component parts were assembled to the rotor.

The design consisted of a pancake motor providing drive at one end of the rotor assembly.
The motor was supported in an overhanging fashion to the centrally located bearings. The
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pump end of the assembly consisted of a large counterweight to balance an offset pump rotor.
The pump rotor is unusual, as it is supported on an offset spigot about a bearing race. This is
because it is attached to the pump casing by a set of bellows and therefore does not spin in a
conventional way, but produces a rotating load to the rotor influenced by its mass centre and
the resistance of the bellows.

For production requirements, balancing an almost assembled pump unit was not a viable
proposition. Therefore a way had to be found to assess the influence of the pump rotor on the
rotating assembly and a dummy mass produced to simulate the pump rotor.

The dynamic table rig first provided an ideal platform for vibration analysis, as there was no
imposed influence on the vibration response measured. Secondly, the table was used to
balance a complete pump unit, before replacing the pump rotor with a dummy mass and then
correcting its balance influence to simulate the rotor it had replaced. Fortunately the pump
rotor is a solid component, fully machined to very tight tolerances and therefore provides a
consistent influence to the assembly.

The required vibration running levels of 1.5 mm/sec RMS overall, dictated the balance
tolerance. The predominant vibration frequencies comprised of pump imbalance and electrical
noise due to the pancake motor design. It was not commercially viable to improve the
electrical properties of the pancake motor. Therefore, the residual levels of pump rotor
imbalance had to be extremely low, so as not to influence the overall vibration running levels.
The balance tolerance has been established at present at G1.5, relating to 50 g.mm and a
typical measured displacement value on the balancing table of < 6.00 um pk-pk in each
balancing plane.

It should be noted that in this application, the acceptable limit of couple imbalance could be as
low as 1/10™ of the permissible static tolerance.

4.3 Example 3. Group II crankshaft balancing of assembled engines

Crankshafts are often complex in shape, part machined and in part left as they were from
forging. Inevitably, imbalance that is present generates centrifugal forces that are proportional
to the square of the speed of rotation. From a force point of view, consider a crankshaft that
has a typical 85mm stroke and a speed range to 6,500 rpm. If the imbalance condition relates
to just | gram at the stroke radius, it will generate a detrimental cyclic force of 3.5 kilograms.
The forces producing the vibrations are using energy, which would be better employed doing
useful work rather than causing wear and tear. Reducing the vibration will increase power,
acceleration and speed; engine parts can have their life extended by anything from 25% to
100%. The automotive industry have balance tolerances that vary from make to make,
typically 70 g.mm to 300 g.mm is the allowance on a passenger car crankshaft. The motor
racing industry tolerances are much lower, approximately 1/10™ of that found in passenger
cars.

In practice a mass produced crankshaft may attain a balanced standard of G6.3, relating to 2
grams at the crank throw. It follows that all the pistons and connecting rods must be match-
weighed equally well; otherwise the balance tolerance will be lost. Not all crankshafts
however are treated equally when it comes to balancing. Many IC engines use crankshafts,
which are inherently out of balance. Their axis of inertia does not coincide with the axis of
rotation and are classified as group II crankshafts.
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These group II crankshafts rely on part of the reciprocating weight to balance the rotating
masses. Traditionally, the crankshafts have bob-weights bolted onto their big end journals to
simulate the percentage weight of the reciprocating parts. Then they would be balanced by
traditional methods on open roller balancing machines. This approach is flawed by the
percentage error in the calculated bob-weight. Additionally, the inherent fitting tolerances
stack-up on engine components i.e. flywheel to crank, to pulley, etc. The resultant levels of
vibration, noise, wear, and load attributed to imbalance can be significant. The high aims set
in the motor racing industry is resulting in a new approach by top race teams. The TWR 1988
BTCC championship winning Volvo 5 cylinder engine is one such application.

The engine’s typical balance levels were measured during dynamometer tests and found to be
considerably higher than should be expected on a race built engine. Furthermore the resulting
vibration movement of the crankcase was found to be exaggerated through critical speed
ranges due to the aluminium block, which lacked inherent stiffness. Balancing the whole
crankshaft assembly to more accurate and definitive levels, not only reduced power
consumption, wear, vibration and noise, but also greatly improved system response
throughout the critical speed ranges.

It should be noted that for this engine that rotates to 8.500 rpm, initial build would leave
approximately between 500 and 800 g.mm of imbalance at each end of the crankshaft.
Consequently, the respective bearing loads were increased by 40 — 60 kgs at full revs and
crankcase movement varied between 70 — 100 pm depending on the rpm.

Following a full assembly balance using the dynamic table approach, crankshaft bearing loads
were reduced by up to 87 % and crankcase vibration displacements from dynamic unbalance
were reduced to below 5um at all speeds. The largest gains were noticed at speeds around
5000 rpm where critical crank case movement was reduced by 94 %, and produced power
levels were measurably improved.

Other similar exercises carried out on race built ‘V’ engines, have shown initial unbalance
levels typically to reach in excess of 3.4 kg.mm. This can only endorse the inaccuracy of
common ‘bob-weight” practice used for group 11 crankshaft balancing and highlight the
difficulties of mass balancing con-rods accurately.

4.4 Example 4. Research Satellites

The Defence Evaluation and Research Agency Space Team at Farnborough (DERA) have had
the demanding task of producing research satellites that spin while they are in orbit. Most
satellites simply hold their station in a static attitude. The satellites weigh 102 kg and spin at
4 rpm; they will always assume their mass centre axis having no bearings to resist otherwise.
The challenge was to balance the delicate and extremely valuable satellite flight models at a
balancing speed not exceeding 100 rpm and at Farnborough within their clean rooms. The
construction of the satellites meant they did not wish to accommodate centrifugal loads
induced above this spced.

All conventional balancing machines balance at speeds in excess of 250 rpm. The second
challenge was to support the satellite about its base on a mandrel arrangement tooled up for
the dynamic table. The suspensions of the dynamic table are only linear from 250 rpm but the
transducers are linear from 60 rpm. The instruments digital sampling, and converging filter,

116 C576/021/2000 © IMechE 2000



meant very accurate readings of amplitude and phase could be obtained at lower balancing
speeds. The problem lay with the critical speed ranges of the suspensions below 250 rpm.
Even fractional changes of balancing speed below 100rpm greatly influenced balancing
information, confusing calculations very easily.

Once the satellite flight model was loaded on to the dynamic table, the critical response of the
suspensions was plotted to choose the optimum speed. This happened to be 95 rpm.
Balancing runs were repeated to exact speeds and the two flight models were successfully
balanced. One advantage of low - speed balancing using the dynamic table approach, is the
systems ability to cope with very large initial imbalance levels. Typically the suspension
displacements range from < 1.0pm to > 2900 um. To date, six satellite models have been
successfully balanced in this manner.

The alternatives would have committed more time, more expense and with the considerable
risks associated with transportation and handling.

4.5 Example 5. Automotive Centrifugal Supercharger

Balance quality grades are established against rotor weight and maximum rotor service speed.
It follows that the permissible specific imbalance (e) relates to residual unbalance (U) per kg
of rotor mass (m), and is equivalent to the rotors (Mass Centre Displacement) at the centre of
gravity. For rotors balanced within a specific quality grade, an allowable MCD exists for that
speed range irrespective of rotor weight. To double the speed range would effectively half the
allowable MCD. This imposes extremely tight fitting tolerances on high-speed rotors, such as
the example given here with an automotive centrifugal supercharger.

A new design of centrifugal supercharger runs at speeds of up to 75,000 rpm, requiring tight
balance tolerances to be met. Traditionally the majority of turbochargers produced, run in
hydrostatic bearings to speeds in excess of 150,000rpm. The supercharger is by its very nature
mechanically driven and has to run in ceramic rolling element bearings. This arrangement
running at 75,000 rpm has a permissible specific imbalance () of 0.127 pym. No machining
tolerances however acute would protect the level of fitting accuracy required. An assembly
balance was the only option available to guarantee finished product quality. Fortunately, since
the compressor wheel and shaft were running in their own bearings, a small dynamic table
easily supported the arrangement. The rotor balance tolerance was so sensitive to compressor
wheel fit, that tests showed if the compressor wheel lock nut had to be re-torqued for any
reason, the balance tolerance would be lost by a factor of 10.

Balancing the assembly on a dynamic table provided the finest balance tolerance achievable
and proved its assembly status. The result was a very quiet, vibration free supercharger with
longevity to match.

5. DISCUSSION

The requirement for the dynamic table balancing approach was driven by the need to find a
way out of production processes that were already underway and had followed traditional
balancing routes, yet were in difficulty with no alternative plan of action. The table has
proved to have a variety of uses. The ability to handle complete assemblies leads to many in-
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service applications that save on costly strip-downs and rebuilds. This combined with linear
response suspensions, allow for optimum balancing or dynamic assessment of the assembly.

There are many benefits: -

It can provide a qualified balance unaffected by fitting tolerances.
It may be the only way to balance an awkward rotor arrangement.
Pre-production tooling costs can be kept to a minimum.

It allows low speed balancing of an assembly.

The finest balance tolerances can be achieved.

It can be the most cost effective solution to a difficult task.

However, the underlying reason for its production need is brought about by a lack of timely
attention to balance criteria, leading to focus on manufacturing tolerances with consequent
costs to quality and value of the finished product. It would be better to allow the
manufacturing process to dictate manufacturing tolerances and plan for final balancing of the
prototype or production item after assembly. This strategy requires good provision for
balancing efficiently and economically but has a better track record than chasing machined
tolerances which may well turn out to be unnecessary. Attempting to balance components to
limits that cannot be maintained in an assembly leads to expensive and time consuming
rework in an attempt to chase balancing, vibration, noise and failure issues on the finished
product.

It is common for balancing tolerances to be specified on a manufacturing drawing without due
thought or for the wrong reason. Tolerances are frequently read across from other similar
jobs or projects. Alternatively the balance tolerance is tightened up with the mistaken idea of
producing a better product (with less noise and vibration). It does not necessarily follow that
setting a tighter tolerance limit will achieve the objective; what really matters is the ability to
achieve the limit consistently and as cost effectively as possible during the production run.

6. CONCLUSIONS

Balancing considerations should commence in the design office. It is therefore surprising how
little attention is being paid to balancing at the design stage. Time and money could be saved
in production if the compensating process, which must be carried out later, is addressed in the
balancing strategy at the design stage. The act of balancing a component efficiently can only
be carried out swiftly when the means of correction has been purposefully designed.

It is well known that measuring the magnitude and position of unbalance takes only a few
seconds, whereas compensation frequently requires minutes or hours. However, with thought
and planning compensation times can be achieved which only fractionally exceed the
measuring time.

Specifications on drawings about the method and position of compensation and about the
permissible final unbalance are frequently ambiguous and make it almost impossible for the
balancing engineer to understand what is required. Advice from, or consultation with a
balancing engineer will reap rewards at this stage.
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All drawing specifications for balancing need to contain the following information;
e The number and position of the balancing planes.
e The method of mass compensation.
e The permissible residual unbalance U in g.mm or a quality grade G with associated
rotor speed and weight.

If the component to be balanced is subsequently assembled into one unit with other parts, the
fitting tolerances have to be taken into account. It would be futile to specify a permissible
residual imbalance of e = Sum for a fan rotor if the tolerance between bore and spindle is
30um. It is likewise pointless to specify a very fine balancing tolerance, if subsequently ball
bearings with a permissible radial play of 15um are fitted.

In such cases imbalances can appear after assembly, which are larger than a multiple of
tolerances, thus the time consuming procedure of fine balancing was wasted. It follows that
balancing of the complete assembly is essential where high precision must be achieved and
the designer must make the necessary provision for this.

The considerations for product vibration, noise and performance levels should incorporate
balance criteria at the design stage and, not, as often is the case, be finalised once the
manufacturing process has started. Early evaluation tests can conclude the influence that
balance grades will have on finished product quality. Should a particular product or design
benefit most from a final assembly balance, then this should be accounted for throughout the
manufacturing process to reduce costs and qualify build quality. It is therefore necessary to
consider the economics of each individual case taking into account its special characteristics.
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SYNOPSIS.

This paper analyses the data required to balance a flexible rotor without trial runs. The
analysis shows that balancing without trial runs is only possible when the mode shapes are
known. Considerations are also made in relation to the position of the vibration transducers.
Trial runs will be necessary, however, when the residual vibration at normal operating speed is
too high to allow continuous operation of the machine. A balancing procedure is verified using
an experimental rotor rig.

1 INTRODUCTION.

The development of high speed rotating machinery has required the solution of a number of
technical problems. These include the balancing of forces generated by a non-uniform
distribution of mass around the shaft axis of rotation. The solution of this problem has been
attempted following two different strategies, which resulted in the development of two
families of balancing methods: the influence coefficient and the modal balancing methods.

The influence coefficient method assumes proportionality between the response of the rotor
and the unbalance. This proportionality is represented by a matrix of influence coefficients,
which are calculated by attaching one or several known masses in predefined balancing planes
and measuring the rotor response in a series of trial runs. At least one trial run per balancing
planes is required. The matrix is then used to determine a set of correction masses, which
minimise the residual unbalance and the corresponding rotor vibration.

In the modal balancing method, on the other hand, the rotor unbalance and its corresponding
response are represented in terms of the system mode shapes. From here, the unbalance forces
are expressed as a series of modal unbalances, each one of them exciting only one mode of
vibration. Similarly, each mode shape multiplied by a suitable scale factor contributes to the
total deflection of the shaft. The unbalance is eliminated for each mode in turn using sets of
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modal correction masses, which affect only the corresponding vibration mode, leaving other
already corrected modes unaffected. At least one trial run is required per each mode corrected
during the process.

Rotor balancing theory has been analysed by many researchers aiming to eliminate the
required trial runs. Previous papers describing balancing techniques which require no trial runs
are mostly based on modal analysis concepts, although there is at least one paper that proposes
the use of a rotor computer model to calculate its influence coefficients, avoiding in this way
the necessity of any trial run of the real rotor.

2 PREVIOUS ATTEMPTS TO ELIMINATE THE TRIAL RUNS.

In 1966 Hundal and Harker (1) presented a method based on the dynamic response of the rotor
in its normal modes. In this method the correction masses are determined by equating the
modal components of the unbalance to the corresponding modal components of the correction
masses. The procedure described in the paper requires the previous determination of the
natural frequencies and the corresponding mode shapes. This procedure does not account for
the presence of internal or external damping in the system.

The next paper was published by Palazzolo and Gunter (2) in 1977. In this paper, the authors
considered a system with proportional damping and symmetric mass and stiffness matrices.
Their procedure considers the natural frequencies to be well separated from each other, so that
the mode shapes may be represented by the deflection of the rotor near the critical speeds.
Therefore, the procedure is not suitable to balance a rotor with mixed modal behaviour.
Another practical difficulty is that the determination of the unbalance force requires the slope
of the phase angle versus frequency plot at the resonance, which is very difficult to estimate
and affects the precision of the calculations.

Gash and Drechsler (3) proposed in 1978 a method that required the previous knowledge of
the mode shapes and modal masses, as well as an initial estimate of damping and stiffness
values. In this method the vibration response is measured in a speed range close to each
critical speed. The method requires at least four measuring speeds and one measuring point for
each mode. The generalised unbalances are identified by least-squares minimisation of data
errors, which are considered to include the influence of lower and higher modes.

In a paper published in 1985, Morton (4) considered the deflection of a rotor to be made up of
a number of flexural free modes, where the shaft is considered unconstrained, and a
corresponding number of flexural rigid modes, where the shaft is considered to be rigidly
supported at the bearings locations. The free modes allow unconstrained motion of the
supports and the rigid modes contribute to the rotor flexure. Therefore, the support
characteristics may be represented by frequency dependant impedances, which are generalised
in terms of the free modes. Introducing these characteristics in the differential equations of
motion produces two sets of forced equations: one set representing the bearing behaviour,
which is discarded, and another set describing the vibration of the shaft, which is used to
determine the rotor unbalance.

In 1986 Mecham, Brawley and Molis (5) proposed the use of a numerical model to calculate
the rotor unbalance response. This means simulating the trial runs in the computer rather than
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using the real machine. The accuracy of this method is limited by the reliability of the rotor
model. In particular, the bearing characteristics are very difficult to estimate.

The latest paper on this subject was presented by Wiese (6) in 1992. This author, however,
considered only the balancing of paper rolls with a normal operating speed no higher than
70% of the first natural frequency. Therefore, the procedure only considers the first flexural
mode. This method requires modelling the system including the characteristics of the supports.
No mention was made with respect to the determination of the system damping.

3 CONDITIONS REQUIRED TO ELIMINATE TRIAL RUNS.

The response of a flexible rotor may be expressed in terms of its characteristic functions as
o(z.1) = Yo, (z1) = Y q,(t)0,(z) M
r=t r=1

where n is the number of vibration modes affecting the rotor response, g, (t ) represents the
rth principal coordinate of the system, ¢, (z) is the rth characteristic function or mode shape
for the free undamped vibrations and v, (z, t) is the rth component of the vibration at the z
coordinate. In a similar way, the eccentricity distribution may be expressed as

e(z) = Ze 0,(z) @

where the elements €, (pr(z) represent the modal components of eccentricity. Each one of
these modal components excites a single mode of vibration. Multiplying equation (2) by
p A(z )(p, (z ) and integrating along the shaft gives

., = L [pa()e(2)o,(2)az ®

The modal mass, m,, represents the equivalent mass of a single degree of freedom, which
would generate a response similar to that observed in the rth mode of vibration. The
characteristic function, @, (z ), represents the shape adopted by the shaft in its rth mode of

vibration. This shape is defined as the ratio between the vibration values along the length of
the shaft and a reference value, which is usually the vibration measured by one of the
transducers. If the vibration measured by the transducer located at z =z, were used as the

reference value, the rth mode shape factor for to the axial position z =z, would be

(Zj’t)

v
AT LA 4
(0, ), () @)
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The relative nature of the mode shapes indicates that the modal eccentricity €, is a function of
the reference deflection v, (z,,7). Now, the vibration v,, produced by the rth modal

component of unbalance €,, at the position of the reference transducer is

Qe
o= - = A(o)e, )
YT ey vt e,y

with a phase lag ¢, with respect to the unbalance force given by

_ oo 28,9,
¢r = fan [ ].—Qf ] (6)

where Q_ is the ratio between the rotation frequency and the rth natural frequency and ( is
the rth damping ratio. The non-dimensional amplification factor A,(m) is the same at any
point along the shaft. To compensate the vibration given by equation (5), it is necessary to

attach a mass U, ; to the balancing plane located at z = z;;, such that

U, 'Rj'((pr )ji = Ty gy, O

where m,; represents the modal mass as seen by an observer located at the reference

transducer position and R, is the radius of the balancing plane. From equation (7) we get

7T S I T S (8)

U —
Y R;-(o, )ji Rj~A,(u))-((p, )ji :

The procedure normally used to evaluate equation (8) is to attach a trial mass at the balancing
plane in order to determine the global value of the terms between the parentheses in the right
hand side of the equation. Thus, the correction mass required to eliminate the rth component
of unbalance can only be found without trial runs if these terms can be determined by some
other means. The negative sign considers that the correction mass has to be attached in
antiphase with the unbalance force.

A common consideration when evaluating equation (8) is to consider a rotor speed equal to the
natural frequency, for which the displacement response is 90° behind the unbalance force.
Thus, the phase angle in the resonance defines the position of the unbalance and, therefore, the
location of the correction mass. Considering €2 =1 in equation (8) gives

U 2'Cr’mri ©)
1S i s wall MO
! R]'(q)r )ji

It is important to mention that the use of a single mass excites all modes of vibration.
Therefore, once the single correction mass has been found, it is necessary to transform it into
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an equivalent set of masses, which produces the same effect on the corresponding unbalance
component, but produces no effect on other modes.

4 EFFECTS OF TRANSDUCER ORIENTATION.

According to modal theory, there is a phase lag of 90° of the displacement response with
respect to the unbalance force in a rotor operating at its natural frequency. This also applies in
the case of a rotor supported in asymmetric bearings, but only if the vibration transducer is
located in the direction of one of the principal axes of stiffness. For any other direction the
phase lag of the resonance vector is no longer 90° and errors are introduced when calculating
the angular position of the correction masses (see reference (7)).

A principal axis of stiffness is the direction for which no cross coupling terms exist and the
corresponding differential equation of motion uncouples from the other principal coordinate.
There are two such axes for each mode of vibration, which means that the resonances are
twice as many as in the case of symmetric bearings. The corresponding modes for these
principal axes are usually known as horizontal and vertical modes of the shaft, even when the
directions of the principal axes are not exactly horizontal or vertical. Practical experience
shows that the transducers usually do not coincide with the principal axes, capturing for this
reason the effect of the modes corresponding to both principal axes.

Consider two transducers located in the directions x and r and located also at the same axial
position along the rotor. The angle between the two transducers (T) is usually, but not
necessarily, equal to 90°. Consider also another transducer located in the direction g located at
6 degrees from the x axis. Applying a coordinate transformation, it is demonstrated in
reference (7) that the amplitude of vibration for the transducer in the g direction is given by

xsin{t—0)+ rsind
g = Xen(e=0)rriind (10)
sinT

which is a function of the displacements measured by the transducers in the x and r directions.
Remembering from equation (9) that the correction mass is a function of the measured
resonance vibration, it is clear that the magnitude of the correction mass will be affected by
the angular position of the transducer. Now, the relative phase angle ¢, is the value of wt for

which the first derivative of equation (10) with respect to time vanishes. It can be shown that
this angle is independent of the angular position of the transducer, see (7). This is a rather
surprising fact, because the angle of the correction mass is a function of both, the transducer
location and the relative phase angle for the resonance. That is to say

X = 0+0+90° (11)

where % is the angle required for the correction mass. The angles in equation (11) are
measured on the shaft with respect to the fixed mark used for the generation of the reference
pulse. The transducer of the pulse generator is assumed here to be in x direction. Equation (11)
indicates that a change in the angular position of the transducer should be accompanied by a
change in the relative phase angle, if the correction angle is to be maintained. Therefore, if the
phase angle is independent of the transducer position, we have to accept the fact that only one
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measuring direction provides the right angular location for the correction masses, this
measuring direction being that of the principal axis of stiffness.

Of course, the above considerations are only relevant when trying to find the correction
masses without trial runs. If trial runs are used as part of the balancing process, the correction
masses are found by the principle of cause and effect and deviations of the rotor response from
the theory of modal analysis, produced by improper alignment of vibration transducers,
become irrelevant.

5 DESCRIPTION OF THE BALANCING PROCEDURE.

Real rotors have an infinite number of degrees of freedom, but each one of them may be
represented by a vibration mode with behaviour similar to that described by equations (5) and
(6). This characteristic may be used to balance each mode of the rotor individually, but the
procedure requires separating the modal components of vibration from the global response
measured by the transducers. There is, however, no need to treat each mode separately. All
modes may be corrected at the same time, equation (9) giving the correction mass required to
compensate the rth modal unbalance. The procedure is as follows.

5.1 Development of a computer model for each rotor.

This requires the geometry of the shafts and the physical properties of the material. No
bearing, pedestal or foundation properties are required. Element sections should be placed at
each measuring and correction positions. Each model may be verified exciting the rotors while
hanging from the crane with a force hammer and measuring the free response with seismic
transducers. Free-free mode shapes may then be obtained from the measured transfer functions
and compared with predictions using the computer models.

5.2 Measurement of the synchronous vibration during run-up or run-down.

Rotor vibration should be measured using two absolute displacement transducers per bearing
to allow the determination of the principal axes of stiffness. It is recommended to measure in
as many axial positions as possible to verify the mode shapes of the rotor sitting on its
bearings. The vibrations measured in one of these axial positions will be used as the reference
coordinate when determining the mode shapes. The reference coordinate may be different for
each mode.

5.3 Extraction of modal parameters from the vibration signals.

This includes amplitude and phase of each resonance vector, as well as the corresponding
natural frequencies and modal damping ratios. It is best to use a computer tool specially
designed to perform this task. If non-contact transducers are used to register the rotor
vibration, it is important to subtract the slow-roll vectors produced by imperfections in the
shaft. The resonance vectors may be used to draw a schematic representation of the mode
shapes in order to identify the different modes of vibration.

5.4 Location of the principal axes of stiffness.
The angular position of the principal axes, & and B, corresponding to a pair of modes with

natural frequencies ®, and , are given by the following expressions (see reference (7)):

126 C576/092/2000 © IMechE 2000



o = tan‘l(&) (12)

X, COSP — 1,

and

B = tanl[—xlEm—p——) (13)

X, COSp —r,

where the subscripts relate to the two resonances and p is the angle between the two

transducers, which is usually 90°. There must be a set of axes for each pair of modes. Thus,
this step should be applied to each pair of modes affecting the response of the rotor.

5.5 Calculation of the resonance vectors for the principal axes of stiffness.

The amplitude of each resonance vector for the direction of its principal axis may be
calculated using equation (10). This is the parameter that has to be introduced in equation (9)
to determine the correction mass required for each vibration mode.

5.6 Determination of mode shapes.

Use any computer program for determination of eigenvalues and characteristic functions. The
stiffness values for the supports are assigned arbitrarily and modified until the natural
frequency and mode shape factors at the measuring points coincide with the measured
parameters. Note should be made of the mode shape factors at the location of the balancing
planes, which are required for the decomposition of masses into modal sets.

5.7 Calculation of modal masses.

The rotor mass value required in equation (9) is the modal mass for each vibration mode, as
observed from the position of the vibration transducer being used as reference. The modal
mass is given by

m; = 2"’!]-[((0, )/‘i]2 14

which could be implemented in the computer program that calculates the natural frequencies
and mode shapes.

5.8 Determination of individual correction masses.

Now it is possible to substitute the different parameters required in equation (9). This equation
gives the magnitude of the mass. The angular position is given by equation (11). The result is
a single correction mass for each mode. Each mass represents the correction required to
compensate the unbalance of a given mode when attached at the same axial position as the
mode shape factor included in the denominator of equation (9).

5.9 Calculation of correction modal mass sets.

In general, however, single masses affect all vibration modes. Thus, the single correction
masses must be transformed into sets of modal masses that correct the original unbalance and
do so without upsetting other modes of vibration. These two conditions are represented by the
following system of equations.
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28, m,; v, for r=s

EU,(zj)-Rj-((px );, = (15)

st 0 for r#s

where U, (z i ) is the correction mass required at the balancing plane in z;, which forms part

of the modal mass set necessary to compensate the unbalance in the rth vibration mode. Each
set of modal masses has n elements. The number of balancing planes, #, is equal to the number
of vibration modes considered during the balancing.

The procedure described should correct the unbalance in all modes considered during the
analysis. However, this does not necessarily guarantee a low residual vibration at normal
operating speed when the influence of higher modes is important, and a fine tuning balancing
may be required.

6 BALANCING OF A ROTOR RIG.

This section describes the results obtained from the balancing of the experimental rotor rig
shown in Figure 1. The rotor passes only one pair of modes before becoming unstable. Thus,
only one balancing plane was necessary and no transformation of correction masses into
modal sets was required. The measured critical speeds were 2056 and 2101 t/min. The
vibration signals were measured in horizontal and vertical directions in order to identify the
location of the principal axes of stiffness. The measuring position located near the free end
bearing was selected as the reference point for the determination of mode shapes and modal
masses. It was decided to use the central balancing plane.

Journal bearings
flexible supports

Variable speed Roller bearings Disk
maotor
7 o)y
| mlln! ! sl Shaft
LT LT LI LI [

N [ L

Steel bedplates /

Concrete foundation

Figure 1 Schematic representation of the experimental rotor rig used to validate the
balancing procedure without trial runs.
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The only known parameter in equation (9) was the radius of the balancing plane (100 mm).
The rotor response was measured during run-down and a program for extraction of the modal
parameters was applied to determine the principal axes of stiffness. From the data for the
higher resonance, the angular location for the correction mass was calculated as 182° with
respect to the reference mark, measured against shaft rotation. A computer program calculated
the corresponding critical speed as 2101.32 r/min. The modal mass observed at the transducer
position was then calculated as 499.58 kg, using equation (14) with the mode shape
determined by the computer program. Introducing numerical values into equation (9) produced
a correction mass of 12.9 g at the central balancing plane.

Thus, the correction mass required to balance this rotor was 12.9 grams at 182° from the
reference mark on the shaft against the direction of rotation. There was no hole at that angular
position in the balancing plane. Therefore, the correction mass was transformed into a pair of
masses: 6.3 grams at 150° and 8.5 grams at 210°, which make a total of 12.86 grams at 185°.

Figure 2 shows the Bode diagram for the vertical direction in the free end, before and after the
attachment of the correction mass. Unfortunately, due to the limited capacity of the rotor rig,
the experiment considered only one pair of modes. Nevertheless, the experiment shows that
the proposed procedure works in practice.

Bode diagram: Vertical direction - Free end
Displacement (um) vs frequency (r/min)

: s
A
\

After
— R
>/\u<__/vﬂ‘—"
(b) 1500 2600 23500
Figure 2 Vibration recorded at the free end bearing before and after the balancing.
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CONCLUSION.

The application of the procedure to the balancing of an experimental rotor shows that

b
d

alancing without trial runs is not only a theoretical, but also a practical possibility. The
ynamic characteristics of the rotor rig, however, did not cover all the situations possible to

find in the field. Therefore, more work is required to verify the applicability of the proposed

balancing procedure to rotors with more general characteristics.
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ABSTRACT

The Finite Element Method associated with the rotor-dynamics theory permits prediction
of the unbalance response of a flexible rotor-crankshaft assembly of a rotary compressor. The
speeds of rotation dependent characteristics of the fluid film bearings and the side-pull of the
electric rotor are taken into account. The experimental set-up permits validation of the model:
comparison of the predicted and experimental results concerning the bracket loads and the
crankshaft orbit is satisfactory. This paper shows that the current unbalance combination
induces an over-pronounced deflection of the crankshaft, with the rigid housing having no
motion.

1- INTRODUCTION

Basically, a rotary compressor consists of a motor compressor set fixed by brackets inside
a hermetic housing having external rubber mounts. The motor compressor set (see Fig.1) is
composed of a rotor-crankshaft assembly mounted in the two fluid film bearings of the
crankcase, which contains the mechanical parts of the pump. The counterweight masses
located at the top and at the bottom of the electric rotor are designed to balance the eccentric
masses of the pump.

Refrigerant rotary compressors are widely used today in air conditioning. Their operating
speed depends on the frequency of their electricity supply (50 Hz or 60 Hz). Recent studies
are in progress to eliminate start / stop cycles and to design a variable speed rotary
compressor capable of variable BTU production. At the highest speeds of rotation, for
example, above 6,000 rpm, mechanical problems can occur such as rotor-to-stator or bearing
rub and failures at the weld spots of the brackets due to an over-pronounced unbalance
response. Improving the unbalance response of such a machine requires a reliable model for
installing counterweights suitable at low and high speeds of rotation.
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This article focuses on the unbalance response of the flexible rotor-crankshaft assembly,
which is investigated both numerically and experimentally.

Let the following assumptions be considered. The predicted mass unbalance response of
the rotor dynamic system under study is performed at steady state within the 1,200 — 7,200
rpm speed range. The harmonic forces acting on the crankshaft due to the gas compression
inside the cylinder is not considered (see [2]). The hermetic housing is assumed to have no
motion and to be rigidly fixed on a rigid frame.

A finite element model is proposed, using the rotor-dynamics described in [1] and
completing the models presented in [2] and [3]. Numerical resuits are concerned with orbits
and bracket loads versus the speed of rotation. After the presentation of the experimental
setup, measured and predicted results are compared to validate the model.

2- PREDICTED UNBALANCE RESPONSE

2-1 FE Model

The rotor-crankshaft assembly is modelled with two node beam elements (see Fig.2). The
eccentric mass (msr3) and the counterweight masses (m;r;) and (m,r;) have only one node.
Particular attention is paid to the modelling of the lateral stiffness of the steel lamination set
and the clamping point crankshaft/rotor. These particularities are updated by an experimental
modal analysis.

The main bearing is split into two sub-bearings modelled by bearing elements located at
nodes 5 and 26 and the outboard-bearing element is located at node 27. The calculation of the
bearing characteristics (stiffness Kj , damping Cj) is performed for each speed of rotation
inside the 1,200-7,200 rpm speed range. All results are presented for a mominal bearing
clearance.

In an induction motor, the magnetic field creates side-pull forces on the rotor [4]. The
smaller the air gap, the greater these forces are. But they cancel themselves in the case of
perfect rotor/stator concentricity. These non-negligible forces must be added to the model. It
can be considered that the resultant force is a linear piece wise function of rotor eccentricity,
so that it can be modelled by a stiffness element having a negative value. The compressor
studied is equipped with a three-phase motor, where the negative stiffness valued at Kgs =
0.5.10° N/m is added at node 2 (see Fig.2) by way of matrix:

[-Kas O
Kz-[ 0 —KRJ 8))

The mass unbalance response is predicted by solving the following equations:
M X +(C(Q) + C;(Q)) X + (K + K (Q) + Kp) X = F(Q) 2)

with: X, the displacement vector containing all the DOF of the FE model, M, K, the classical
mass and stiffness matrices, C(Q), the non-symmetric gyroscopic matrix, Cy(Q), Ky(Q),
damping and stiffness matrices of the bearings, K, the anti-stiffness matrix due to the side-
pull forces, F(Q), the harmonic forces vector including the forces due to the unbalance masses
mir;, myry and mars.
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2-2 Rotor-crankshaft deflection

Equations (2) are solved for different speeds of rotation. The predicted unbalance response,
versus the speed of rotation plotted in Figure 3, shows the deflection at the top of the rotor
and at the middle of the three bearings. It can be noticed that there are no resonance
phenomena within the speed range due to the damping. However the amplitude of the
deflection increases with the speed of rotation and becomes over pronounced: the amplitude at
the top of the rotor is higher than the air gap from 6,000 rpm and the amplitude at the main
bearing is higher than the nominal clearance from 5,000 rpm.

The predicted rotor-crankshaft deflection at 7,200 rpm is presented in Figure 4.

The counterweight masses (m;r;) and (mor,) and the flexibility of the crankshaft induce
high deflection at the top of the rotor and at each part of the main bearing. The deflection at
the outboard bearing is less pronounced.

2-3 Bearing Loads

Depending on the non-circular orbiting of the crankshaft and on the non-symmetric bearing
characteristics, bearing loads due to the crankshaft deflection in bearings vary during a
rotation period. Figure 5 presents the maximum load amplitudes along the X and Z axes
versus the speed of rotation for the three bearings.

The predicted results shows that the main bearing (# 1 and # 2) is the most loaded and that
bearing loads increase with the speed of rotation. These results agree with the unbalance
response presented previously.

2-4 Bracket Loads
Lateral displacements U;, W, and speeds U;, W, along the X & Z axes respectively of the
rotor at the i bearing are given by the following equations in the reference frame R(X,Y,Z):

U, (Qt) = U cos(Qt) + U™ sin(Qt) 3)
W, (Qt) = W/® cos(Qt) + W™ sin(Qt) 4
e =Y vy -

Uit = pral w;(Qt) = = (5)

with U, W;®, the real parts and U™ , W/™ the imaginary parts of the lateral displacements, Q
being the speed of rotation. Let P; be the location of the axis of the rotor at time t=0 (see Fig.
6). Thus, the bearing loads per cycle at the i bearing expressed in R (X,Y,Z) are:

(FiX(Qt)]M_\iKiXX(Q) KiXZ(Q)MU,.(Qt))_[CiXX(Q) Cixz(g)HU',.(gz)] ©)

Fig@0 | | Kin (@ Ky @[ {W,@0)] |[Cin® Cip@ ]| W@

Let Ro(0,Xo,Y0,Zo) be fixed in the bracket plane as indicated in Figure 6. 0 is an experimental
angle. Bearing loads in Ry are:

Fix, = Fiy cos6 - Fiz sing @)

Fiz, =—Fix sin@ - Fi; cos6 ®)

If the inertia and mass of the cylinder block are negligible, static balancing leads to:

Y F =FE+FE+F=0 (8)
- V3 V3
M, =-F, Aa?+F3 -a7+F120 i+ Py lp—Fyy 13 =0 )
Plane(0Y,2Z,)
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Mo=-F-a+(F,+Fs) 2+ Fiy h+Foy lo~Fay, 1y =0 (10)
Plane(OX,Z,) 2
where a, I}, I> and I3 are geometric data depending on the compressor. Thus bracket loads F,
F, and F; can be calculated in Ro(0,Xo,Y0,Zo). Figure 7 presents the predicted bracket loads
during a revolution at 7,200 rpm.

3- EXPERIMENTAL INVESTIGATIONS

Figure 8(a) shows a front view of the compressor, drawn in Figure 8(b). The motor
compressor set composed of bearings, cylinder block, crankshaft and rotor, is fixed by three
adjustable brackets into the lower housing while the stator is fitted into the upper housing.
The design of the two parts of the housing is such that the housing is assumed to have no
flexibility and no motion (because it is screwed onto a rigid frame). Adjustable brackets
permit adjusting the required air gap. The vane and the valve are removed for satisfying the
no pressure assumption. Three piezoelectric load cells give the vertical bracket loads. A shaft
extension is designed for measuring the orbit with two perpendicular proximity probes. A
third identical sensor detects the top corresponding to the eccentric angular location.

4- EXPERIMENTAL VALIDATION

Measurement and numerical simulation are performed for different speeds of rotation
within the [1,200-7,200] range. The characteristics of the extension shaft are added to the
model and a node is created at the proximity probe location.

4-1 Orbits

Figure 9 shows the experimental and numerical orbits at 3,600 rpm. Experimental and
numerical signals, which correspond to the position of the rotor axis at t=0, are aligned to
compare amplitudes and phases of these maximums. The maximum amplitudes of the orbit
versus speeds of rotation are plotted in Figure 10. The experimental investigation cannot be
carried out above 4,800 rpm because the shaft extension increases the deflection and rotor-to-
stator rub occurs.

There is pretty good agreement between the measured and predicted response. The
counterweight masses located at the top and the bottom of the rotor induce radial forces on the
crankshaft, which bends exponentially with the speed of rotation.

4-2 Bracket load
Figure 11 presents the top signal and the experimental bracket loads at 3,600 rpm.
Calculation of bracket loads is performed within the 1,200-7,200 rpm speed range. Due to
the non-circular orbiting of the crankshaft in the bearings, the maximum loads are different at
each bracket. Figure 12 compares numerical and experimental average maximum loads at the
three brackets versus speed of rotation. The reliability of the model is shown.
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5- CONCLUSION

An FE model simulation is performed to study the rotor dynamics of a variable speed
rotary compressor. The rotor-dynamics of the rotating part of a rotary compressor has been
investigated both experimentally and numerically, the hermetic housing having no motion.

The FE model takes into account in particular the fluid film bearing having speed of
rotation dependant characteristics, the effect of the side-pull forces acting on the electric rotor
and, of course, the flexibility of the rotor-crankshaft assembly.

The experimental set-up permits the measurement of orbits and bracket loads and the
validation of the FE model.

It as been shown that the current unbalance mass combination induces an over-pronounced
deflection: rotor-to-stator rub occurs from 6,000 rpm and crankshaft-to-bearing contact occurs
from 5,000 rpm. A new unbalance combination must be calculated. This can be performed
with the FE model proposed, and associated with balancing methods such as the modal
balancing method or the influence coefficient method.
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Figure 1: Motor compressor set
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Figure 6: Reference frames for the calculation of the bracket forces
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ABSTRACT

Balancing the rotors of rotating machines is a vital step in ensuring that the machines will operate
reliably. Most rotor balancing today utilizes exact point (speed) or least squares balancing
methods. An exact point balance solves for as many corrective balance weights as vibration
measurements that are utilized and it has a unique solution. Least squares balancing involves
using more measurements than balance plancs available and is determined by minimizing the 2-
norm of the final, post-balancing response vector. Weighting functions are sometimes used to
improve the method when results are not satisfactory. The objective is then to minimize a
performance index consisting of a weighted sum of the squares of the predicted final vibration.
However, often least squares balancing and other methods of balancing produce a state of balance
where a few locations along the rotor have vibrations which are rather high compared to the
remaining locations. In other cases, the method may indicate that large balance weights are
needed to balance rather small residual vibrations.

This paper presents the theoretical basis for a min-max optimum method of balancing with more
measurements than balance planes using a set of experimentally determined influence
coefficients. Often balance specifications require that the amplitude of rotor be less than a certain
value at all measurement planes. The use of the min-max method allows for the optimum
balancing of industrial rotors where the minimum value of the largest shaft vibration is obtained.
The formulation of the method using real parameters and an inequality related to their projections
onto the x and y axes is obtained suitable for a linear programming solution of the needed balance
weights. A companion paper, entitled ‘Balancing of a 1150 MW Turbine- Generator,” in this
published work presents an application of the balancing method to a 1150 MW turbine generator.
The results of the companion paper applied to the example turbine generator show a significant
improvement in predicted balancing results using the min-max approach over the weighted least
squares method.
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INTRODUCTION

Balancing a rotating machine generally consists of the addition or removal of relatively small
weights at various axial and angular locations along the rotor that contribute rotating forces to the
system. Various aspects relating to efficient balance strategies concern the size of the correction
weights, modal excitation of weight distributions, optimal location of balance planes, and the
number of balance planes required. Most rotor balancing is performed either utilizing a balancing
machine or carried out in the normal bearings supporting the rotor. In the procedure of balancing,
it should be noted that one is not actually searching for the imbalances in the rotor but for a set
of balance weights which minimizes some measure of the residual vibrations. This said, it is
always good balancing practice to look for obvious signs of material build-up, erosion, or damage
such as missing blades.

An extensive literature review of balancing methods and results has just been published by the
authors of this paper [Foiles, Allaire, Gunter, 1998] covering 166 references covering the last 100
years. This review covers influence coefficient methods, modal balancing, unified balancing,
balancing using amplitude only, balancing using phase only, linear programming techniques,
number of planes required to balance, bowed rotors, redundant balance planes, and other topics.
Because this review has just been published, it is felt that this paper does not need a full literature
summary - only particular relevant papers are discussed as needed.

The purpose of this paper is to describe a new method of balancing that has been developed to
obtain a min-max optimum balance for flexible rotors. Today, most industrial balancing uses
either an exact point or least squares proccdure to compute the correction weights. The
achievement of a very successful balancing is often more of an art than a science for difficult to
balance rotors. Trial weight sets may consist of more than one weight to excite particular modes,
as used in modal or unified balancing or 'static' and 'couple’ balance weights as selected by the
balancer. A conventional complex (including both magnitude and phase) rectangular influence
coefficient matrix is developed where more measurements are taken than there are balance planes
available. The new method provides the minimum value of the maximum vibration (called the
min-max) optimum solution to the balancing problem. The method obtains the minimum of the
largest value of shaft vibration. This paper develops the theoretical basis for this method while
the companion paper provides the experimental verification of this method used in the balancing
of a 1150 MW industrial turbine generator.

BALANCING ASSUMPTIONS

Some common assumptions made in the normal practice of balancing are also made in this work.
The first is linearity - the rotor response is linear for fixed system parameters such as rotor speed,
operating temperature, process conditions, or external load (examples are gear loads in small
machines and power generation in large generators). For fixed rotational speeds and operating
conditions, a rotor system is called a linear time invariant (LTI) system. Early work by Rathbone
[1929] showed that rotors respond linearly with both magnitude and angle of applied weights.

The second assumption is repeatability or invariance - if the state of the rotor is the same with

regard to speed, operating temperature, process conditions, and load, the vibration response is the
same. In some cases such as for a large turbine generator, it may take a long time for the rotor
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to return to the same state and satisfy the repeatability requirement. If the balancer is not patient
and takes data too soon, the balancing procedure may not be successful.

The third assumption is that imbalance excites only synchronous vibration at the running speed,
resulting in both amplitude and phase at the 1x frequency component. Non 1x vibration
components are not dealt with directly in the balancing of rotors.

UNRESOLVED ISSUES IN BALANCING

Normally, balance requirements are stated in terms of a maximum response value at any available
measurement point. With exact point methods, this is difficult to achieve with some rotors,
sometimes requiring many balance runs with success being highly dependent upon the skill and
experience of the individual performing the balance. A major improvement in balancing was
introduced by Goodman [1964] with least squares balancing which allowed balancing to be done
with fewer balance weight distributions than measurements. Usually this is employed as a
relatively simple minimization of the 2-norm of the final vibration called least squares error
balancing but a weighting matrix can also be employed to improve results by sophisticated
balancers. However, while least squares balancing minimizes a weighted sum of the squares of
the residual vibration at the measurement planes, it does not minimize the maximum of residual
vibration (called min-max balancing). Often least squares balancing will leave a small number
of measurement points with high vibrations relative to the rest of the vibration levels.

Another frequent complaint in balancing involves the calculation of large balance weights by least
squares methods when the rotor unbalance is not large. Sometimes these calculated weights
exceed the capacity of balance planes or cannot be applied for other reasons. This problem occurs
when the influence coefficient matrix is ill-conditioned. Some of the columns of the influence
coefficient matrix are or nearly are linearly independent. The least squares method is not well
adapted to solve this problem. Pilkey and Bailey [1979] addressed the min-max balance method
using a linear programming approach, separating their technique into time independent and time
dependent algorithms. The linear programming method allows the magnitude of the balance
weights to be constrained, but the method has not come into extensive industrial practice. Darlow
[1989] developed a method to overcome the problem by reducing the number of balance planes.

Another problem which sometimes arises in least squares balancing is that adding balance planes
worsens the final response rather than improving it. Adding additional information should always
improve the resulting balance. However, when more balance planes are added in min-max
balancing, the quality of balance always improves.

INFLUENCE COEFFICIENTS

The key to industrial balancing methods is the influence coefficient matrix. Let m represent the
number of measurement distributions and » represent the number of balance planes. Complex
notation is employed because both magnitude and phase information are included in the

associated matrices or vectors. The influence coefficients are developed from the equation

R.=HB:+ R, (1)
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where R, is the complex vibration response after a complex trial weight distribution vector B, ,
H is the mxn complex influence coefficient matrix, and R, is the complex initial vibration
response vector. The influence coefficient matrix is typically obtained by [Goodman, 1964]

1
H(k) - Rik)‘R(ok) ?)
BY

based upon the experimentally obtained values for all of the terms on the right hand side and
applied on a column by column basis for each value of k.

LEAST SQUARES ERROR BALANCING
In least squares error balancing, the balancing weight vector is given by

B,=<H"H)'H'R, ©)
[Goodman, 1964]. The final vibration response of the rotor at the measurement planes is

R; = R,+HB, @
with balance weights B, . This minimizes the 2-norm of the response vector

min|| RIl, = min [ 37(R,)’] )
for the optimum balance where the terms R ; are the components of the final vibration response

at each measurement point #. This method is called least squares error balancing and does not
use a weighting matrix.

LEAST SQUARES BALANCING WITH WEIGHTING MATRIX

In many cases, the residual response vector obtained with least squares error balancing is not
acceptable. Some of the reasons were noted in the section on unresolved issues on balancing. A
weighting matrix is used to improve the results. Let J be defined as a performance matrix where

J = RTWR; (6)
[Goodman, 1964]. The balance weight vector is given by

By=-(H'"WH)'H"WR, ©)

It should be noted that the weighting matrix must be selected so that it is positive semi-definite
but does not need to be diagonal. If the weighting matrix is the identity matrix, the balance
weight vector reduces to the least squares error balancing. The selection of the weighting matrix
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is left to the balancer; Goodman [1964] gives a methodology but his approach has no convergence
guarantees insuring that the desired solution will be achieved. If a particular shaft mode or
section of the rotor has larger than desired vibration, the weighting functions are adjusted
accordingly to increase the weighted importance of those problem areas.

The function of weighting matrix scaling can be included in the initial response. The resultis a
somewhat modified expression for the balance weight vector is

_ A
B,={H'H) H'W"R, ®
where the matrix H is defined as

H=HwW" 9)

It may be noted that for any particular weighting matrix W "? selected by the balancer, it is not
necessary to actually multiply this weighting matrix times the computed influence coefficient
matrix H . Rather, if the vibration response vector is first multiplied by W and then used to

compute the influence coefficients, the weighting matrix will be included automatically.

MIN-MAX BALANCING

Min-max balancing is carried out using a linear programming method for obtaining the balance
weight vector. The influence coefficient matrix can be ill conditioned and should be conditioned
using singular value decomposition. A real number version of the influence coefficients and rotor
measured vibration response is used. The complex influence coefficient formulation is
reformulated in terms of a real matrix form. The coefficient matrix ®(H) is given by

Re(H) -Im(H)
O(H) = (10)
Im(H) Re(H)

The balance vector B (either trial weight or final balance vector) and the vibration response
vector R (either trial weight or final response vector) are

Re(B) Re(R)
B= , R= (11)
Im(B) Im(R)
where only one column of each is required. Noting that the complex synchronous response and
other terms in the balancing problem have the general sinusoidal form
z=xcosf +iysin0 (12)
where x is the amplitude of vibration in the horizontal direction and y is the amplitude of

vibration in the vertical direction while € is the phase angle relative to the x axis. The equations
can be written in terms of the real cosine and sine terms in this manner.
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The LTI real valued influence coefficient has the form

(13)

OH) = [Hc -Hs}

H:; H.

where the ¢ and s subscripts indicate cosine and sine terms, corresponding to in-phase and
quadrature components of the influence coefficient matrix. The particular values for the influence
coefficient matrix are obtained from the real form of Eq. (2).

The final response equation following balancing is given by

Ry oc ¢ “Hs c
Fl_ R + H H :||:Bb (14)

Rg Ros Hs; H:| B
but the method of obtaining the balance weight vector is quite different than the least squares
approach. The min-max objective of vibration is the minimization of the maximum residual

vibration. This can be approximated by minimizing the maximum projection of the residual
vibration onto the +x and ty axes and various rotations of the axis. The min-max algorithm

uses a parameter Y that is greater than or equal to each of these projections. The min-max linear
programming algorithm minimizes ¥ resulting in the minimization of the maximum residual
vibration.

Let a row vector I' of length 2n be
T
=y v .. 7] (15)
where n is the number of balance planes. The magnitude of T' terms will be larger than any

balanced response. Thus minimizing I' will minimize the maximum residual response after
balancing. The vector inequalities along the +x and ty axes are

rs> Fﬂ (16)
tRs

The linear inequalities become

Ry R., H. -H;|| Bs

r s s0 s 13 s
> Ry _ R + H H By, (17)

r 'Rfc “Reo -H. H; || -Bs

'Rfs "Ry -H, -H.|| -Bs

This inequality must be satisfied for the implementation of min-max balancing.

This inequality Eq. (17) is converted to a form suitable for linear programming as
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Ry -1 H, -H,

14
Ry -1 H, H.
2 By (18)
Ry -1 -H, H;
Bbs
“Ry 1 -H, -H.

In this inequality, the terms -1 in the left hand column in the rectangular matrix on the right side
of the inequality corresponds to 2nx! vectors formed by I'. These inequality terms only bound
the projection of the vibration on the tx and ty axes. Instead of rotating the axes, the vibration

response vectors can be rotated on projected onto the tx and ty axes. For an angle 0 relative
to the x axis, the inequalities in Eq. (18) become

CRu+SRyg -1 c¢cH.+sH, SH.-¢H,

-SRs+CR > -1 -sH.+¢cH, CcH,+SH, BZ (19)
R;-SRy -1 -¢cH.-SH, -SH.+cH,

SRy-CRy 1 sH.cH, <H.-sH,)"""

where ¢ =cosf and s=sin6 . The linear programming balancing problem consists of satisfying
Eqgs. (18) and (19) for suitable choices of 8. Good choices of 0 are given by

o="72 .,
2%k

(n-1m
2k (20)

The linear program has as its objective the minimization of ¥ . The results of the solution of the
linear programming inequality is the corrective balance weight vector B, which minimizes y .
Since y is greater than or equal to the projections of the residual vibration onto the axes, these
balance weights approximately minimize the maximum residual vibration after balancing. The

corrective balance weights computed a sub-optimal solution to the min-max (co-norm) balance.
The actual evaluation of the final balancing solution is carried out by widely available calculation
programs such as Matlab.
The final rotor response at the measurement planes is given by
R;=R,+HB, 21
in complex form. This satisfies the min-max balancing relation

min|| R|l.=min [ max || R, [l] ,i=1.2....m (22)

where R, are the ith components of the final vibration response. The solution is obtained in a

more directly scientific approach requiring little intuition on the part of the balancer. This is
obviously quite different from the least squares minimization. An extensive example of the use
of this method is discussed in the companion paper.
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CONCLUSIONS

A review of exact point and weighted least square balancing is given. While the least squares
method is a major improvement over the exact point method, some significant problems with this
method are still found: a small number of measurements may have large amplitudes of vibration
following balancing and/or the method calculates rather large balance weights may be needed to
balance small levels of unbalance if the influence matrix is ill-conditioned. The theoretical
approach to min-max balancing method is developed in this paper. It is formulated as a real
number linear optimization problem rather than as a complex minimization of least squares. A
set of approximate inequality equations are formulated for the min-max approach. These are
solved for the final balance weight vectors directly instead of using intuitively selected balance
weight matrices in the weighted least squares method. A companion paper carries out an example
predicted balancing scenario for a large 1150 MW industrial turbine generator illustrating the use
of the least squares and min-max balancing procedures.
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ABSTRACT

Large turbine-generators have proven to be very difficult to field balance with the application
of weights at only single or two planes. This paper represents a method of multi-plane
balancing based on actual measured system influence coefficients and theoretically derived
coefficients for an 1150 MW turbine-generator system. This class of turbine-generator cannot
be balanced by the repeated application of single- or two-plane balancing. A simultaneous
multi-plane balancing procedure is first presented using the weighted least squared error
method. When using this method, however, it is necessary to assume weighting functions for
some of the vibration measurements in order to produce a uniform balance level below a
desired vibration level. The standard least squared error procedure tends to overbalance some
planes, while leaving other planes under-balanced. The results of the least squared error
method of balancing is compared with a MIN-MAX optimum flexible rotor balance
procedure based on linear programming concepts. With this procedure, it is not necessary for
the operator to include weighting functions and a more uniform balancing is obtained.

1 INTRODUCTION

This paper presents the dynamic analysis and balancing computations of a large 1150 MW,
11-bearing nuclear turbine-generator system. The complete unit weighs 727,300 Kg (1.6
million 1b) and is 61.70 m (202 ft) long and operates at 1,800 RPM. The objective of the
balancing investigation was to improve the field balancing procedure and minimize generator
motion by application of balance weights on only the HP and LP turbines and exciter. The
original balancing computations were by the weighted, least-squared error method.'** This
method requires the selection of measurement scaling factors for some stations in order to
achieve an optimum value of balance. Balancing predictions using the Min-Max theory*
produce a superior balance with fewer planes and also without the need for weighting
functions.
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2 CRITICAL SPEEDS OF TURBINE-GENERATOR COMPONENTS

As the first step in analyzing the dynamic characteristics of the 1150 MW turbine-generator
set, the critical speeds and mode shapes were generated for each component of the system.
The major component of the turbine-generator set consists of a high pressure turbine (HP) and
three low pressure turbines connected to a generator, which in turn has an exciter attached.

2.1 High Pressure Turbine

Figure 1, for example, represents the first mode for the HP turbine. The turbines and
generator were analyzed using the transfer matrix program CRI TSPD-PC.’ The HP turbine is
approximately 380 in. (9.65 m) long and weighs over 150,000 1b (68,000 Kg). Figure 1
shows the first HP turbine critical speed to be approximately 1,200 RPM (120 Hz). For an
assumed bearing stiffness of Ky=4.0E6 Ib/in (7.0E8 N/m).

A reduced mass station model was next generated to match the original model's first three
critical speeds. This step is necessary in the construction of the entire system from the
components.

Figure 2 represents the HP second critical speed predicted to be at 1,710 RPM (28.5 Hz).

This value is very close to the operating speed of 1,800 RPM (30.0 Hz). Note that the
coupling on the right is attached to the first low pressure turbine. Since this coupling has
considerable amplitude and slope, it will be influenced by the stiffness of the low pressure
turbine.

2.2 Low Pressure Turbine

There are three low pressure turbines attached to the right of the high pressure turbine. These
turbines will be referred to as LP1, LP2, and LP3. The coupling connecting the HP turbine to
LP1 will be referred to as C1 and the coupling connecting LP1 to LP2 will be referred to as
C2. Coupling C3 connects LP2 to LP3. The LP turbines are approximately 425 in. long (10.8
m) and weigh 340,000 Ib (154,000 Kg) each. The low pressure turbines are larger and have
over twice the weight of the high pressure turbine. Therefore, the low pressure turbine first
critical speed is lower. Figure 3 indicates that the third critical speed is 1,890 RPM (31.5 Hz)
with an assumed bearing stiffness of 2.0E6 Ib/in (7.9E7 N/m). The operating speed of 1,800
RPM is above the predicted second critical speed for the LP turbines. After the completion of
the detached LP rotor model, a reduced LP model was generated with only one-half of the
stations of the original LP model.

2.3 Generator

The generator is over 651 in long (54 feet) and weighs over 428,999 1b (214 tons). Since the
generator has the longest span of any of the components and is the heaviest, it has the lowest
first critical speed. Figure 4 represents the generator mode shape for the third critical speed at
2,062 RPM (34.4 Hz) for an assumed value of bearing stiffness of 2E6 1b/in.

Figure 5 represents the first four generator critical speeds as a function of bearing stiffness.

At a high bearing stiffness of Ky = 7.0E6 1b/in, the generator second critical speed will be at
the operating speed. The operating speed on Figure 5 is shown as a dot-dash line.
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It is seen that the generator may be operating near the second critical speed. The third critical
speed is above the operating speed. The plot of the fourth critical speed is also shown on this
plot. It is not desirable to have the rotor fourth critical speed to be exactly twice the operating
speed. It is also undesirable to have a generator critical speed at exactly 60 Hz. Fine faults
will cause 120 Hz excitation in a generator, which can excite the higher order torsional-lateral
modes. The 120 Hz excitation has caused LP3 torsional blade vibration and subsequent blade
loss in this class of turbine-generator.

2.4 Generator-Exciter
The generator was combined with the exciter to determine the combined generator-exciter
modes. Figure 6, for example, represents an exciter mode at 1,452 RPM (24.3 Hz). This
mode can be excited by unbalance at the exciter or by suddenly applied unbalance at the LP3
turbine due to blade loss.

There is no monitoring probe between the outboard generator and the exciter bearing to
monitor the exciter behavior. This mode shows the importance of placing a vibration pickup
between the 10th (generator outboard) and 1 1th bearings (exciter) to monitor exciter motion.

3 TURBINE-GENERATOR SYSTEM CRITICAL SPEEDS

It was determined that there are only minor gyroscopic effects involved with the turbines or
the generator at or below 1,800 RPM. Finite element models were generated for each
component which matched the transfer matrix models. Due to the speed of interest, the finite
element program MSC/pal2® could be employed. The finite element model was also used to
determine the static deflected mode shape of the system, as well as the combined dynamical
modes of motion. Also, the finite element model could be used to determine the system
forced response with unbalance and bearing stiffness and damping.

The first five modes of the system involve the component mass center of the generator and the
various turbines. The first system critical speed is shown in Figure 7 at 496 RPM. This mode
is the generator first critical speed, as would be expected, since it is the longest and heaviest
of the components. Its natural frequency is relatively unaffected by the LP3 turbine. This
mode is driven by unbalance at the generator mass center.

The next three turbine-generator modes involve the mass centers of the LP turbines. These
modes occur within a narrow range of each other. When using the transfer matrix method to
compute these modes, several modes were initially missed due to the frequency marching
method and step increment used in the transfer matrix procedure. A great advantage of the
finite element method is that it does not skip or miss modes. In Figure 8, which is the turbine-
generator system second mode at 562 RPM, the motion of the three mass centers is in phase.

Figure 9 represents the third turbine-generator mode at 569 RPM. In this mode, the mass
center of LP1 is out of phase to the mass center of LP3. The second and third system modes
would be well controlled by the rigid rotor balancing of the LP rotors. Coupling alignment
would have little influence on this mode.
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The fourth turbine-generator mode at 585 RPM, as shown in Figure 10, shows that the LP1
and LP3 turbines are moving out of phase to the LP2 turbine. These three modes are similar
to the behavior of a large three-mass rotor model.

The fifth system turbine-generator critical is identical to Figure 1 for the high pressure turbine
at 1,182 RPM. The mode shape and first critical speed of the HP turbine is relatively
unaffected by the LP turbines.

Figures 11 and 12 represent the turbine-generator sixth and seventh modes at 1,037 RPM and
1,162 RPM. These two modes arc bifurcated modes of the generator second critical speed
interacting with the turbines. The sixth mode at 1,037 RPM, as shown in Figure 11,
corresponds with the original turbine-generator second critical speed.

In Figure 12, the slightly higher speed of the seventh model (1,162 RPM) is caused by the
interaction of the LP1 and LP2 turbines with the generator. Modes six and seven would
probably appear as a single mode in the experimental test data.

Figure 13 is the ninth turbine-generator mode at 1,459 RPM and is essentially the first exciter
mode. If there is no monitoring station between the 10th and 11th bearings, the exciter mode
will not be observed. Also, blade loss at LP3 would cause a violent transient excitation of the
turbine-generator eight mode, with large exciter amplitude.

Figure 14 represents the 10th mode of the turbine-generator system at 1,673 RPM.
Depending upon the assumptions of bearing stiffnesses, the 10th mode may be even closer to
the operating speed at 1,800 RPM. This mode is of considerable importance from the
standpoint of understanding multi-plane balancing of the turbine-generator. The motion at the
ends of the HP and LP turbines is out of phase, with large response

at couplings 1, 2, and 4.

After passing through the first five critical speeds, the turbine and generator mass centers
became node points. This means that there is very little motion at the mass centers of the
turbines and the generator. Figure 14 shows that there are 10 node points along the axis of the
turbine-generator for the [0th mode. Theoretically, a minimum of 10 planes of balancing
would be required to balance all 10 modes. Although coupling No. 1 between the HP and
LP1 turbines has not been used as a balancing plane, Figure 14 shows that the first coupling
location will have a considerable influence along the entire length of the turbine-generator.

4 INFLUENCE COEFFICIENTS AND MULTI-PLANE BALANCING OF
TURBINE-GENERATOR

From the evaluation of the theoretical turbine-generator system critical speeds, much useful
information on the balancing procedure for the 11-bearing turbine-generator is obtained. To
perform an actual multi-plane balancing, influence coefficients of the turbine-generator to
various balancing planes must be first experimentally determined. It is desirable to be able to
balance the turbine-generator by the application of weights at the couplings and at the ends of
the LP turbines. It is not desirable to apply field balance weights to the generator because of
its operation in a hydrogen environment.
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4.1 Theoretical Coupling No. 1 Influence Coefficients

From the observation of Figure 14 of the system 10th mode, it can be seen that the first
coupling location would provide an excellent balancing plane for trim balancing the turbine-
generator at speed. In practice, however, only the second, third, and fourth coupling locations
have been used. The influence coefficients for the first coupling, referred to as location Cl1,
were generated analytically from the finite element program. A forcing function was placed
at coupling location 1 and the forced response, including bearing damping, was computed for
1,800 RPM. Figure 15 represents the response of the rotor due to an unbalance force placed
at the first coupling. The rotor response is a three-dimensional space curve because of the
influence of bearing damping.

Figure 16 represents the in-plane and out-of-plane components of the response to unbalance at
the No. 1 coupling. If there is no system or bearing damping, then the out-of-plane amplitude
represented by the dotted line would be zero.

For example, at the critical speed for a single mass model, the out-of-plane response is
lagging the forcing function by 90E. The in-plane and out-of-plane components of the
influence coefficients are computed by multiplying the influence coefficient amplitude by the
cosine or sine of the relative phase angle response to the unbalance vector.

In the actual system, measurements are made only at the 11 bearings. Figure 16 was
generated by using only 11 amplitude and phase values computed for the bearings. A cubic
spline curve fit was used to connect the points. The cubic spline curve fit identically matches
beam theory. Thus, by using a cubic spline curve fit to only the bearing amplitudes, the
amplitude at other sections may be accurately predicted, except at the exciter-generator
region.

Note that the cubic spline curves pass through the mass centers of the LP turbines and the
generator. By comparing Figures 15 and 16, it can be seen that the cubic spline curve fit does
not match the shape of the rotor motion in the vicinity of the generator and exciter. To
produce a more accurate curve in this vicinity, a measurement must be taken between the 10th
and 11th bearings. Therefore, it is important to have a probe monitor the exciter motion when
placing balancing weights along the shaft.

4.2 Experimental Coupling Influence Coefficients

Experimental coupling influence coefficients have been obtained for weights placed on
couplings 2, 3, and 4. The influence coefficients for a particular coupling location are
obtained by subtracting the rotor response before and after the application of a trial weight
and normalizing by the trial weight. Figure 17 represents the experimental turbine-generator
response due to a weight placed at the No. 2 coupling between the LP1 and LP2 turbines. The
response is given in terms of mils per 100 oz of applied unbalance at a 19.9 in. radius. Note
that the C2 coupling shot causes a 90E response at that location and a large in-plane response
at the sixth bearing near the third coupling.

An influence coefficient response plot similar to Figure 17 was generated by a trial weight
placed at coupling No. 3. There is a large response at coupling No. 2 due to the trial weight
placed at coupling No. 3. The in-plane components of the response due to the trial weight at
coupling No. 3 causes very little excitation of the LP turbine mass centers. Therefore, the
placement of an LP3 coupling weight should have minimal effect on the LP lower rotor
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system critical speeds, which are essentially driven by LP rotor mass center unbalance. The
No. 3 coupling balancing appears to have only a small influence on the exciter bearing
motion. However, a probe should be placed between the No. 10 and 11 bearings to measure
the exciter motion, which could be quite large.

4.3 LP Turbine Static and Dynamic Influence Coefficients

Preliminary balancing calculations using the experimental influence coefficients for the
couplings 2, 3, and 4 indicated that these planes alone would be insufficient to produce a
satisfactory level of balance along the entire turbine-generator shaft. From the study of the
turbine-generator 10th mode, as shown in Figure 14, it is apparent that the low-pressure
turbines exhibit conical motion. That is, the motion at the ends of the turbine are out of phase
to each other, while the turbine mass centers are node points. The prediction of conical
turbine motion indicates that it would be highly desirable to use dynamic balancing shots on
the turbines. In a dynamic or couple balance, two weights are placed on either end of the
turbine shaft out of phase to each other.

In the actual balancing of the turbine-generator system, only balancing shots have been placed
on the 3rd low-pressure turbine (LP3 turbine). A static balancing shot was employed in
which the weights were placed in phase. Another combination balancing shot was later
performed in which a weight of 64 oz. was placed at a single phase angle of 20E on the steam
side and of the LP3 turbine and a second weight of 80 oz. was placed at 330Eon the generator
side of LP3. A large generator response obtained with this weight combination.

Figure 18 represents the vector diagram of the two balance weights Us = 64 oz. @ 20Eand
Ug=80 oz. @ 330E placed on the steam and generator ends, respectively. These two balance
vectors may be resolved into static and dynamic components of balancing. The two weights
can be replaced by a set of static balance weights of 62.3 oz. placed at 353E at both ends, and
a dynamic couple of 33.5 oz. at 282E on the generator end and 33.5 oz. At 102E on the steam
end of the LP3 rotor.

The computer program ROTORBAL-PC® was used to predict the rotor response due to the
static unbalance of 64 oz. At 353E. The influence coefficients as shown in Figure 20 were
used to perform the calculations. Using these values of predicted amplitude, it was then
possible to compute the response of the rotor to a pure dynamic or couple balance set for the
LP3 rotor. Figure 19 represents the computed response of the turbine-generator due to a
couple unbalance on the LP3 turbine. Note the large response of the LP3 couple on the
generator response. It is apparent that high generator response may be controlled by dynamic
balance shots placed on the LP3 turbine.

Table 1 represents a summary table of the influence coefficients for the turbine-generator for
100 oz of unbalance per plane.

5 MULTI-PLANE BALANCING OF TURBINE-GENERATOR

The influence coefficients for the various coupling balance planes and the LP3 turbine static
and dynamic balancing coefficients are shown in Table 1. The response is shown in mils of

amplitude per 100 oz of unbalance at the various locations. These coefficients were used to
generate the space curves, as shown in the previous figures.
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By means of the influence coefficients, various balancing predictions were generated using
the couplings by themselves and the addition of the couplings and a dynamic couple on the
LP3 turbine. Table 2 represents various multi-plane balancing corrections generated for three
planes of coupling, five planes using a dynamic balance on LP3, and six planes of balancing
using the theoretical influence coefficients generated for the first coupling. Table 3 represents
the initial amplitude and the final amplitude predicted with three, five, and six planes of
balancing. In the first balance prediction, using couplings 2, 3, and 4, it was found that the
rotor amplitude would increase at bearing locations 1, 3, 7, and 11. The increase in amplitude
at these locations is shown with a plus. It is therefore apparent that with only three coupling
locations used for a simultaneous balance, eight of the bearing amplitudes reduce, while three
become larger. For example, the amplitude at probe 3 has increased to 5.25 mils. Also, it is
desirable that the amplitude does not exceed 3 mils at the exciter. The amplitude at the
exciter after three coupling balance shots have been added has increased to 3.42 mils, as
shown in Table 3.

In the second balancing calculation, two planes on the LP3 turbine were used in addition to
the three coupling locations. Although five physical planes are used in the balancing, from a
computer standpoint this is a four-plane balance prediction, since a dynamic couple placed at
the LP3 turbine is treated as one balancing entity. By applying the dynamic couple at the LP3
turbine, it is seen that all planes have been improved in amplitude. There has been a
considerable reduction in the amplitude at bearing 3, from 5.25 to 2.16 mils. Also, the
amplitude at the exciter is less than 3 mils. However, with the five planes of balancing, it is
not possible to reduce all levels of vibration below 3 mils. For example, bearings 4, 5, and 8
have amplitudes above 3 mils.

In the six-plane balancing calculations, the first coupling location was used in addition to the
other planes. The influence coefficients generated for the first coupling location are based on
theoretical predictions. Therefore the calculations of the balance weights for these cases
cannot be actually applied to the rotor until the actual influence coefficients for the No. 1
coupling are determined experimentally. However, this computation does illustrate the
improvement in the overall balancing by employing the No. 1 coupling for additional
balancing. In the first six-plane balance calculation, no weighting was applied to any of the
vibration measurements. One of the advantages of a multi-plane balancing program is the
ability to emphasize particular amplitudes of vibration for the purpose of balancing. In the
first balancing calculation with six planes, as shown in Table 3, all vibration readings were
treated with equal emphasis. In this case, very low levels of amplitude were obtained at
bearings 1, 3, 5, 6, and 7. However, the amplitude at bearing 8 is 3.56 mils and the exciter
has increased to 3.89 mils. This is considered to be undesirable. In the second six-plane
calculation, weighting functions were employed at probes 3, 4, 8, and 11. The weighting
function of .8 was used at bearing No. 3. This allowed the amplitude to increase. A
weighting function of 1.5 was used at bearings 4, 8, and 11. The final theoretical six-plane
balancing prediction demonstrates that the amplitude at all levels can be reduced below 3
mils.

6 MULTI-PLANE BALANCING BY MIN-MAX THEORY

The turbine generator may be well balanced by the use of the weighted least squared error
balancing procedure. However, in order to achieve optimum balancing by this process, it is
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necessary for the operator to iterate on the solution by the introduction of scale factors for
various vibration measurements in order to achieve a uniform amplitude of motion after
balancing. A superior balancing procedure has been developed by Foiles, as described in the
preceding paper. The balancing is based upon the Moore-Penrose singular generalized
inverse method and singular value decomposition (SVD) of the mHn rectangular influence
coefficient matrix. Table 4 represents the predicted response and phase angles as computed
by the least squared error balancing method without the application of weighting functions
and the predicted turbine-generator vibrations using Min-max balancing theory.

The least squared error results are similar to those shown in Table 3, using five planes of
balance. The slight difference in magnitude for some of the least squared predicted values
occurs because, in Table 4, the least squared error balancing was re-computed using
MATLAB’. Note that at probe locations 4, 5, and 8, the vibrations exceed the desired limit of
3 mils. With the Min-Max method of balancing, the largest amplitudes are 2.8 for probes 6,
8, and 9. Amplitudes below 3.0 mils could not be achieved with only five planes of balance,
even with the use of weighting functions. As shown in Table 3, six planes are required with
the weighted least squared error method to achieve a similar level of vibrations to that
obtained with five balance planes using Min-Max theory. Table 5 shows the comparison
between the balance weighting required for Min-Max balancing and the least squared error
method.

7 SUMMARY AND CONCLUSIONS ON MULTI-PLANE TURBINE GENERATOR
BALANCING

The following are concepts of multi-plane balancing that have been developed from the
computation of the theoretical rotor dynamical response and from the application of turbine-
generator measured influence coefficients using least squared and Min-Max balancing.

1. The four coupling locations are inadequate to balance the entire turbine-generator system.
This is because the turbine-generator operates through at least ten modes, so four
balancing planes are insufficient.

2. The rotor requires at least six simultaneous planes of balancing to reduce the vibrations at
all probes below 3 mils using least squared error balancing, but only five planes using
Min-Max theory. The Min-Max procedure of balancing for large turbine-generators is
clearly superior to the least squared error method, even with the use of weighting
functions. Considerable skill by the operator must be used in selecting the weighting
functions so as not to overbalance one section while under-balancing another section of
the turbine-generator. The computation of the magnitude of the balance weights, on the
average, by the Min-Max procedure appears to be lower than that predicted by least
squared error. This is highly desirable.

3. Low-speed balancing of the individual turbines and generator on a balancing machine is
recommended to balance out the rotor mass centers. The first five critical speeds
encountered by the turbine-generator system are essentially excitations due to the mass
centers of the various LP, HP, and generator rotors. By properly balancing the rotors on a
balancing machine, the vibration of the lower modes will be minimized.
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After the rotor passes through the first five critical speeds, the turbine and generator rotor
mass centers become node points. This means that the mass centers have very little
motion and most of the amplitude of a particular turbine component is a conical motion in
which the ends are out of phase. No attempt should be made to place balancing weights
at the turbine rotor centers to balance out amplitude at running speed, as this will cause
excessive motion at the lower critical speeds.

The use of static balancing components on the turbines at running speed is to be
discouraged. This is equivalent to adding mass center unbalance. This balancing weight
distribution can cause large turbine response when passing through the lower turbine-
generator critical speeds.
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Table 1 - Experimental Influence Coefficients for Turbine-Generator
(Units - Mils/100 oz. Unbalance)

Balance Location
Probe Probe
Location | Ceupling No. 2 | Coupling No. 3 | Coupling No. LP3 Static LP3 Dynamic
4
Mag | Phase | Mag | Phase | Mag | Phase | Mag Phase Masag | Phase
1 HPs 1.1 177° 1.9 124 | 08 | 14 | 23 29° 4.3 77°
2 HPg 0.3 43° 1.6 | 317 [ o5 | 2130 | 18 229° 1.6 | 270°
3 LPIs 1.4 323° 28 | 261 | 1.7 | 158° | 7.8 130° 3.3 238°
4 Lprig 2.5 92 3.6 45° 26 | 315° | 17 17* 31 | 2100
5 LP2s 2.9 94* 4.5 9 28 | 330° | 0.6 295° 3.8 | 213°
6 LP2g 4.5 355°¢ 4.8 144 3.3 61° 3.7 94° 1.3 322
Table 2 - Multi-Plane Balancing Corrections
No. of
Planes | Coupling No. I' | Coupling No. 2 | Coupling No.3 | Coupling No. 4 LP3, P,
i W,oz. | Phase | W,o0z. | Phase | W, 0z. | Phase | W, 0z. | Phase | W, 0z | Phase | W, oz. | Phase
3 723 | 95° | 327 | 341° 17 268°
5 125 98° 109 | 351° 46 314¢ & 124* 68 304°
6 164 | 3s8* | 108 | 113° 19 1 0 315° 40 148° 40 328°
6" 154 93 86 2* 56 308* 55 307° 8 162* 8 342°

:memmmmmmgn@lm
Probe weighting oa 3, 4, 8, and 11

Table 3 - Initial and Predicted Rotor Response with Coupling Planes and LP3 Dynamic Couple Unbalance

. 5 Planes CPLS 2, 3, 6 Planes’
Probe 3-Planes 4, & LP3 Dynamic CPLS 1-4, & LP3
Location Initial CPLS 2,3, &4 Dynamic
1 2.17 2.37 (+) » 1.68 0.8 R7 2
2 1.77 1.55 1.17 1.83 1.98
3 4.87 5.25(+) 2.16 ) 1.20 2.98
4 5.45 4.3 3.56 3.87 2.83
5 4.21 36 3.87 0.69 .86
6 3.55. 1.0 2.57 0.91 1.13
7 2.27 2.99 (+) 1.35 T 0.72 2.09
8 426 2.15 3.26 3.56 2.62
9 3.47 1.48 2.55 1.95 2.32
10 2.19 1.12 2.15 0.89 .62
11 2.97 3.42 (+) 2.77 3.89 (+) 2.77

Based on theoretical coupling No. 1 influence coefficients ** probe weighting factors on 3, 4, 8, & 11
Bold = lowest amplitude
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Table 4 - Turbine-Generator Predicted Response Using Least Squared Error and Min-Max Balancing
With 5 Balance Planes, Couplings 2-4, and a Couple Weight in Low Pressure Turbine 3

Probe Location Least Squared Balance Min-Max Balance
1 x mils 1 x mils
1 1.71 4 352° 1.73 4 340°
2 1.18 4 186° 1.37 & 179°
3 217 4 28° 2.74 4 36°
4 3.56% 47 253 A9
5 3.87% 4 332° 2.75 4 323°
6 2.59 4 151° 2.81 A 106°
7 13243 2.79 A 13°
8 3.23* 4. 99° 2.82 A 105°
9 2.58 A 251° 2.82 4 255°
10 2.18 4 103° 1.51 4 126°
11 277 A 126° 273 4 117°
* Values above desired vibration

Table 5 - Balance Weights Using Least Squared and Min-Max Balancing

Couplings 2—4 and a Couple Weight on LP3

Balance Plane Min-Max Balance Least Squared Balance
oz 40° 0z. A0°
Coupling 2 125 498° 159.9 490°
Coupling 3 109 4351° 102.0 A351°
Coupling 4 46 4314° 58.4 A320°
LP3 Couple’ 68 4304° 70.3 A304°

" Phase angle measured at generator end

C576/098/2000 © IMechE 2000

159




Figure 1 - High Pressure Turbine 1st Critical
Speed with K, = 4.0E6 Ib/in (7.0E8 N/m)
N1 = 1,200 RPM (20 Hz)

Figure 2 - High Pressure Turbine 2nd Critical
Speed with K, = 4.0E6 Ib/in (7.0E8 N/m)
N2 = 1,710 RPM (28.5 Hz)

Figure 3 - Low Pressure Turbine 3rd Mode
at 1,888 RPM (31.5 Hz) with
K, = 2.0E6 Ib/in (3.5E8 N/m)

HIbI== i

Figure 4 - Generator 3rd Critical Speed
with K, = 2E6 lb/in
N3 = 2,062 RPM (34.4 Hz)
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Figure 5 - Critical Speeds of Generator as
a Function of Bearing Stiffness
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Figure 6 - Exciter-Generator Critical Speed
at 1,454 RPM (24.2 Hz)

Figure 7 - First Turbine-Generator Mode
Generator First Mode at 496 RPM

Figure 8 - 2nd Turbine-Generator Mode
LP Rotors in Phase at 562 RPM
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Figure 9 - 3rd Turbine-Generator Mode
LP1 and LP3 out of Phase (569 RPM)

Figure 10 - 4th Turbine-Generator Mode - LP2
out of phase to LP1 and LP3 (585 RPM)

Figure 11 - 6th Turbine-Generator Mode
Generator Second Mode (1,037 RPM)

Figure 12 - 7th Turbine-Generator Mode
Generator 2nd Mode with LP
Turbines (1,162 RPM)
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Figure 13 - 9th Turbine-Generator Mode
Exciter 1st Mode 1,459 RPM)

‘ Figure 14 - 10th Turbine-Generator Mode at 1,073 RPM

Figure 15 - Turbine-Generator Forced Response Mode
Shape With Coupling No. 1 Unbalance at 1,800 RPM

w90 7560 7800 F560 2800
T-@ AXIAL LENGTH, IN

Figure 16 - Theoretical Turbine-Generator Influence
Cocefficients at 1,800 RPM Due to
Coupling No. 1 Unbalance
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Figure 17 - Turbine-Generator Influence Coefficients at
1,800 RPM Due to Coupling No. 2 Unbalance

LP3 TURBINE BALANCE WEIGHTS
RESOLVED INTO STATIC AND DYNAMIC COMPONENTS

G-Generator End
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Figure 18 - Resolution of LP3 Turbine Balance Weights
into Static and Dynamic Components
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Figure 19 - Turbine-Generator Influence Coefficients at 1,800
RPM Due to LP3 Dynamic Unbalance
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Case histories of fatigue in compressor gas process
pipework

J P GRAHAM
Dynamics and Vibrations, Mitsui Babcock, Renfrew, UK

ABSTRACT

Case histories of reciprocating compressors include problems due to incorrectly sized
pulsation dampener bottles and resonance between the compressor and a flexible deck
structure. A third example highlights a combination of design faults.

For centrifugal compressors, excitation due to rotating stall is examined and the use of high
data acquisition techniques to determine the pulsation source is described.

The case histories indicate the compressor cylinder, valves and piping should be regarded as
a dynamically coupled system, with the latter being particularly sensitive to problems
originating within the compressor.

A methodology for monitoring the health of compressors, based on measurements of
pipework pulsations and vibration is recommended. The method is cheap, risk based and is
applicable to planned maintenance.
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1 INTRODUCTION

Offshore gas and oil transport systems are subject to ever increasing pressure and temperature
conditions. This has resulted in increased demands on compression units, i.e. high pressure
gas injection, with resulting wear, stresses and fatigue on compressors and compressor
components. The attached pipework of these units are easily excited and are particularly
susceptible to fatigue. The use of Duplex and super Duplex pipework materials have
exacerbated the problem.

Mitsui Babcock (MB) have been involved in the investigation and resolution of pipework
fatigue problems associated with compressors in the British and Norwegian sectors of the
North Sea, on refining plant and ships since 1985.

Typically, an investigation involves the installation of vibration, dynamic stress and pressure
pulsation transducers. The signals are fed to a site-installed data acquisition and analysis
system, varying between two and sixteen channels depending on the problem complexity.
The analysis system has the capability to perform frequency analysis, modal and pulsation
analysis, cycle counting and fatigue estimation.

Detailed below are a selection of investigations undertaken by MB.

2 CASE HISTORIES
2.1 Reciprocating compressors

2.1.1 Incorrectly designed discharge dampener bottles

The discharge pipe work of a gas reciprocating compressor experienced high levels of
vibration and several fatigue failures just downstream of the dampener bottle outlet, see
Figure 1.

Compressor 'A’ Outlet ["
Relief Line 'B’ i
[ ReliefLine 'a’

Fatigue failure due
to high dynamic
pressure levels

28kPa rms
>allowable
API618 limit

ecycle Loop

Figure 1 Acoustic model of compressor discharge pipework
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Site measurements, using dynamic pressure transducers, established the pressure pulsation
levels in the discharge pipework were well in excess of allowable levels as detailed in A.P.I.
618 (1). The high pulsation levels occurred at the compressor running frequency and 1*
harmonic at 7 and 14 Hertz respectively.

An acoustic model of the pressure pulsation in the pipework was generated using “PULS”, a
state-of-the-art pulsation modelling programme. The generated model was validated using the
measured dynamic pressure levels. The assessment revealed that the pulsation dampener
bottle had been incorrectly designed and in fact was producing pulsation amplifications in the
pipework of approximately times two at both the 7 and 14 Hertz frequencies, see Figure 2.
These high pulsation levels were driving the pipework, leading to high vibration.

Improved Attenuation with New Dampener Bottle Design

7\
71
K
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H ZE 13T \ N

a at 14Hz X N\
. \ N
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0.01 New Deélgn \

= :Overall response will be << allowable
according to API 618

0.001
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Frequency (Hz)

Figure 2 Improved attenuation with new dampener bottle design

The attenuation characteristic of the dampener bottle is determined by the volumes of the two
sections of the bottle and the choke length between the volumes. These parameters were
optimised to produce an attenuation characteristic resulting in an increased attenuation of
times 7 and times 13 at the two dominant frequencies, see Figure 2.

The redesigned bottles were installed on the plant, after which pulsation measurements in the
pipework confirmed reductions in line with prediction, see Figure 3. The vibration levels
were reduced in proportion and fatigue of these lines was no longer a problem.
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Figure 3 Pipework pressure pulsation pre and post Modification
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2.1.2 Compressor Deck Resonance

Operation of two closely situated reciprocating compressors resulted in extremely high
compressor, pipework and deck vibration. In addition to high gas pipework vibration,
lubrication and cooling water pipework, mounted on a skid between the two compressors,
repeatedly failed due to fatigue.

Velocity measurements of the deck structure, during operation, revealed extremely high
levels of vibration in the region of the ancillary pipework skid at the compressor operating
frequency, see Figure 4. This high skid movement in turn fatigued the attached pipework.
The vibration of the compressors was an axial rocking motion, indicating very low vertical
deck stiffness at the non drive end of the compressor, as indicated in Figure 5 (top right).

Stiff Compressor
Beam skid

Ancillary skid

Compressor

Figure 4 Deck vibrations at compressor running speed

Following the operational measurements, the compressors were shut down and a modal test
of the compressor and deck structure carried out. This test comprised exciting the structure
with a large hammer (with a force transducer installed in the tip) and measuring the structural
responses on the deck and compressor at a large number of locations. The end result was the
determination of the structural natural frequencies and corresponding mode shapes (or
deflection patterns). This test revealed the 1% natural frequency of the compressor/deck
system to be at 15 Hertz, see Figure 5 (unmodified) This frequency is coincident with the
running frequency of the compressor, hence a resonance condition existed and was the reason
for the high vibration levels.

From the modal test, an extremely accurate analytical model of the structure was generated
and various modifications to move the structural natural frequency away from the running
frequency were analysed.

Two of the modifications examined were as follows:

1. Extending the compressor support skid in the axial direction to encompass support from
the very stiff beam, which is indicated in Figure 4. The modification is indicated in
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Figure S(right centre). This had the effect of changing the main structural natural
frequency from 15 Hertz to approximately 21 Hertz, with the response at the compressor
running frequency reduced by a factor of three, see Figure 5.
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Figure 5 Effects of Modifications on Frequency Response

2. Extending the compressor skid in the axial direction and adding a cross brace between
the skid and the top of the compressor (see Figure 5, right bottom). This had the effect of
moving the main structural natural frequency from 15 to 28 Hertz, with the response at
the compressor running frequency reduced by a factor of nine from the original velocity,
see Figure 5.

The modifications detailed in 2 above were carried out on the plant, after which the vibration
was much reduced and no further problems were encountered during compressor operation.

The problem of foundation resonance is not uncommon if dynamic modelling is not carried
out with the compressors attached to the deck.

2.1.3 Compressor Vibration on a Liquid Gas Carrying Vessel

The refrigeration system on a liquid gas carrying vessel employed four double acting
reciprocating compressors. The liquid gas was stored in three spheres, with each refrigeration
system essentially independent of the others. In each system, the vapourised gas was
recompressed by one of the compressors, then condensed, expanded and stored in one of the
spheres. The fourth compressor (standby) could be connected to any of the three systems by
appropriate use of blanking spades and valves. The interconnecting pipework between the
standby and the other compressors was, by necessity, complicated and resulted in long
pipework runs, see Figure 6 (which details the discharge pipework). The compressors were
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two stage, with the suction, interstage and discharge pressures approximately 3, 8 and 19 Bar
respectively.

Fatigue failures had repeatedly occurred on the interstage and discharge pipework and
vibration on all pipework stages was reported to be extremely high.

An investigation of the vibration problem was conducted on an eight day voyage in the Gulf
of Mexico, during which vibration (velocity) and dynamic pressure pulsations in the
pipework were recorded using a sixteen channel data acquisition and frequency analysis unit.
In parallel, an analytical acoustic (pressure pulsation) model of the system was generated and
correlated with the measured results. During turnaround, impact tests to determine natural
frequencies of the pipework were carried out.

The main findings of the investigation were as follows:

e Pressure pulsations in the discharge pipework exceeded by a factor of four, the
allowable pulsation levels as per A.P.I. 618 (1), at two times the running frequency of
20 Hertz (compressor speed 600 rpm). This frequency is always the most dominant in
compressors with double acting cylinders. Pressure pulsations in the interstage
pipework were at the allowable level. It should be noted there were no pulsation
dampener bottles on any of the compressor stages and that shipping generally is not
subjected to the same code requirements as land based and oil platform gas process
pipework.

e Vibration and dynamic stress levels greatly exceeded the code values on the interstage
and particularly the discharge pipework.

e From the impact test, the discharge pipework had a structural natural frequency very
close to 20 Hertz.

o The analytical acoustic model indicated that pipework acoustic modes occurred in the
region of 20 Hertz, due to the long pipework lengths associated with connection to
the standby compressor (f, = C*n/4L , n=1,3,5...,where C= Velocity of sound,
L=Pipe length).

The above indicated that to cure the vibration, a) the pressure pulsations had to be reduced,
b) the discharge pipework structural natural frequency had to be increased and c) the low
frequency acoustic modes had to be removed.

e, Port ) y
" Compressor ~ Middle s
“ >
Standby
Compressor
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g et S I
11‘" H New Spadé
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Figure 6 Compressor pipework layout
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Pulsation dampener bottles were inserted in the discharge pipework of all four compressors.
Orifice plates, that increase the damping in the compressor fluid, were installed in the suction
and interstage pipework of the four compressors. These modifications reduced the pulsation
in the discharge pipework by a factor of ten to twenty, depending on the operating conditions
and reduced the suction and interstage pipework to below allowable levels.

Supports were added at key locations in the discharge pipework to move the problem
dynamic structural mode to 10% above the excitation frequency.

The isolating spades were moved from their original locations to the positions indicated in
Figure 6. This had the effect of considerably shortening the pipework acoustic lengths and
consequently increasing the frequencies of the acoustic modes above the compressor
excitation frequency.

The net result of these changes was to reduce the vibration and dynamic stresses within the
pipework and machine to safe levels.

The above example indicates the benefits of examining both pulsation and vibration response
to determine the most efficient solution.

2.2 Centrifugal Compressors

2.2.1 Rotating stall

Centrifugal compressors operating at low flow are sometimes subject to the phenomenon of
rotating stall. At certain flowrates (see later), some local disturbance stalls one of the blades,
the resulting breakdown in flow in the passage restricting the flow through the passage. In
consequence the flow is diverted back and will affect the flow of the blade nearest to it so that
in turn it stalls and in so doing has the effect of unstalling the initial passage, see Figure 7. In
this way the stall cell or blocked passageway is propagated around the blade row and the stall
will thus move around the rotor, see Pampreen (2).

of Pussage £428 in  Single
lier

Foquence
Pogwnge, BNroudug Imipe]

Figure 7 Rotating stall in a single passage

Rotating stall can occur in the impeller or diffuser section of the compressor. The stall pattern
is different depending on whether it originates in the impeller or diffuser and whether the
impeller is shrouded or unshrouded or the diffuser is vaned or unvaned.
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Figure: 8 Three cell stall pattern

The rotating stall can be a single cell or cover a number of cells as shown in Figure 8. The
stall frequency is always less than the machine frequency and the ratio of the stall frequency
to the rotational frequency can point to the location of the stall mechanism, i.e. impeller or
diffuser. The last section of a multistage machine is usually the most critical.
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Figure 9 Compressor characteristic map

The performance characteristics of a typical variable speed centrifugal compressor are
detailed in Figure 9. (The abscissa is normalised flow, the ordinate is discharge/suction
pressure ratio and curves are plotted for four speeds normalised to design speed). Instability
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regions (shaded) and pressure pulsation traces are superimposed on the curves. It is notable
that pulsation occurs wherever the slope of the pressure ratio characteristic becomes positive.
In the stable pulsation regime the slope is negative. In this regime a decrease in flow is
accompanied by a rise in pressure, which tends to increase the flow back to its original value,
hence producing stability, The opposite occurs with a positive slope resulting in instability
and pulsation.

The violent pulsations at the left end of the curves, where there is a steep positive slope, are
due to surge, which is very damaging and produces fluctuations through the entire
compressor. The lesser pulsations (nevertheless serious) obvious in the two middle speed
ratios are due to rotating stall. Rotating stall is therefore a possibility at any region of the
compressor characteristic that is flat or slightly positive.

2.2.2 Diffuser rotating stall

Repeated fatigue failures occurred on the compressor 2 stage discharge pipework in the gas
process module of an offshore platform.

Investigation, utilising vibration, dynamic stress and pressure pulsation measurements,
established that under certain operating conditions extremely high dynamic pressure
pulsations were generated in the pipework, with consequent increase in vibration levels from
2 mm/sec rms to 140 mm/sec rms and dynamic stresses up to 111 N/mm? ptp at welds on the
pipework. The dynamic stress corresponding to the fatigue limit for these types of welds was
35 N/mm’ ptp. Excursions in and out of vibration occurred extremely suddenly, see
Figure 10, with failure occurring after very short time periods.
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Figure 10 Pipework vibration response
During high vibration, the pressure pulsation levels at 20 Hertz increased by an order of

magnitude, with significant increases also observed at 40 and 60 Hertz, see Figure 11. The
frequency corresponding to the compressor speed was 139 Hertz, see Figure 12.
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Measurements from the compressor monitoring system, on the most sensitive compressor
bearing, indicated practically no change in the vibration of the compressor, see Figure 12.

The most likely causes of excitation were either flow induced excitation due to vortex
shedding past branch pipework or rotating stall of the compressor. (Rotating stall occurs in a
centrifugal compressor when laminar flow in the compressor internals breaks down due to
undesirable pressure distribution and low flows).

Acoustic modelling and analysis of the conditions required to produce the excitation
mechanisms concluded the cause of the problem was rotating stall in the last stage of the
diffuser section.(This mechanism is typified by generation of pulsation frequencies at
approximately 10 to 15% of the running frequency). Further confirmation was provided by
correlating the flow with pulsation, which revealed high levels only occurred with low flows.

The problem was cured by ensuring the recycle valve remained a minimum of 10% open to
prevent compressor flow decrease to the problem value. This cure did not affect platform
operation and production.
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Figure: 11 Pipework Pulsation Figure: 12 Compressor Bearing Vibration

It should be noted the pipework (both fluid pulsation and pipe vibration) was extremely
sensitive to the fault condition, even though the origin of the fault was in the compressor
diffuser and was practically undetectable by the compressor monitoring system.

2.2.3 Impeller rotating stall

The discharge pipework (500 Bar) of a gas injection, variable speed, centrifugal compressor
experienced unacceptable vibration levels over most of the compressor operating range.
Measurement of the pulsation pressure in the discharge pipework established these pressure
variations to be greatly in excess of AP1 618 (1) .

There was disagreement between the compressor manufacturers and the pipework designers
as to the cause the high pulsations. The compressor manufacturers postulated the high
vibration was due to coincidence between the pipework natural frequencies and acoustic
standing waves in the pipework at appropriate speed, temperature and pressure conditions.
The pipework designers were of the opinion the root of the excitation was within the
COMPIEessor.
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Time history measurements of the compressor pressure pulsation, discharge pipework
pressure pulsation and discharge pipework response using conventional data acquisition
techniques shed little light on the cause of pulsation.

By installing dynamic pressure transducers in each of the five stages of the compressor and in
the discharge pipework and utilising extremely fast data acquisition techniques ( 80,000
samples per second) it was possible to determine the source of the excitation was within the
compressor. The first signs of increased pressure pulsation and vibration response in the
pipework (top and bottom traces in Figure 13) occurred two milli-seconds after the
disturbance initiation in the compressor (middle trace in Figure 13) with the pipework
responses taking further time to achieve their maximum value.
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Figure 13 High speed data acquisition of compressor and pipework

Analysis of the high speed time histories revealed the source of the excitation to be in the 4"
and 5™ stages of the compressor. Further analysis of the data, including the finding that the
main response frequency was in the region 74% of the compressor running speed (at all speed
ranges), see Figure 14, confirmed the cause to be rotating stall in the impeller of the last
stage. It was also noted stall initiation occurred on a very flat portion of the compressor
characteristic curve.
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Ivariehun of Pipework Pressure Pulsation with Compressor Speed
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Figure 14 Pressure pulsation spectra for varying compressor speeds

The impeller was redesigned, resulting in an increased operational range free from the
excessive vibration.

3 DISCUSSION

The above case histories have indicated a range of excitation mechanisms that can induce
high vibration and fatigue in pipework systems (e.g. compressor/foundation resonance,
incorrectly designed pulsation dampener bottles, impeller rotating stall, diffuser rotating
stall). Also, in the majority of cases, it is the pipework that is the most likely to experience
fatigue failure and not necessarily the generator of the excitation mechanism (e.g.
compressor, pump,etc), which may not exhibit overt signs of malfunction. The suction and
discharge pipework, therefore, are extremely sensitive monitors of compressor health. This is
because a real compressor system does not behave as though the cylinder, valves and
attached piping are non-interactive elements. The compressor cylinder valves and attached
piping should be regarded as a dynamically coupled system and analysed as such, Ref (3).

Analysis of pressure pulsation spectra in suction and discharge pipework can determine other
common faults in compressor operation. For example, a reciprocating compressor with
fluttering valves will produce suction and discharge valve normalised displacements, a P-V
diagram and pipework pulsation spectra as detailed in Figure 15. With the valve fluttering
cured, the valve displacements and P-V diagram are steadier and the peak levels in the
measured pulsation spectra in the pipework have decreased by a factor of three.
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Figure 15 Pipework pulsation spectra for fluttering valves

Pulsation in the suction and discharge pipework can affect timely closures of suction and
discharge valves, which will result in valve life reduction and deviation from specified flow
through the valves.

All the faults detailed above will result in increased maintenance requirements, increased
system pressure drops and loss of compressor performance.

The above measurements are easily obtained using dynamic pressure tranducers (inserted into
suction and discharge pipelines at a drain connection, instrument connection, etc) and
accelerometers connected to a hand held data acquisition and analysis unit. The acquired data
can be downloaded to more sophisticated analysis equipment.

The scope of the measurements can easily be extended to include vibration levels on the caps
of all suction and discharge valves. The time histories of these measurements, when
superimposed on the theoretical P-V diagrams of the corresponding cylinders will confirm
correct (or otherwise) valve opening and closing sequences and vibration amplitude will
determine valve problems and poorly performing valves. This information could be even
more beneficial if a pressure transducer was installed in the relevant compressor cylinder.

Other areas that can be easily accessed and analysed are the compressor crosshead, the
manifold bottles, cylinder ends and compressor foundation.

The above data can be collected extremely cheaply compared to many compressor
monitoring systems. However, for a high quality assessment and diagnosis of the collected
data, it is essential that experienced personnel be utilised. Vibration signatures and pattern
recognition identify changes, but diagnosis of these changes is required to determine what
faults have occurred and how to correct these faults within a planned maintenance scheme.
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With improved data communications, transfer of the collected site data to an analysis centre
is relatively straightforward. The analysis of data at one centre allows a database of common
faults to be built up and hence increases the speed and accuracy of future assessments.

The envisaged system has been described for off-line monitoring. For critical plant, an on-
line system can be installed and automatically transferred to the analysis centre. This option
is more expensive but costs can be justified on the financial implications of the machine
being out of service.

Based on pipework pulsation, pipework vibration and other easily accessible vibration
monitoring locations, a low cost, highly sensitive, risk based monitoring system to increase
compressor availability, decrease production losses and allow a planned maintenance strategy
can be implemented.

4 CONCLUSIONS AND RECOMMENDATIONS

Several case histories of vibration of compressor systems have been examined, where it has
been established:

e The highest pressure pulsations and vibrations occurred in the compressor suction and
discharge pipework, although the origins of excitation were within the compressor.

e The compressor monitoring equipment did not necessarily exhibit overt signs of
compressor malfunction.

Analysis of suction and discharge pulsation spectra can determine faults within the
compressor, i.e. valve malfunctions.

A monitoring system based on pipework pulsation, pipework vibration and other easily
accessible vibration monitoring locations, can provide a low cost, highly sensitive, risk based
monitoring system to increase compressor availability, decrease production losses and allow
a planned maintenance strategy.

An increased diagnosis capability will result with data from all monitored sites fed to a
central database, from which patterns relating to common faults can be established.

The monitoring capability is applicable to both on and off-line systems.
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ABSTRACT

This paper describes a case study gained from the retrofit of a generator excitation system,
from an old one with an alternator to a new one without an alternator, for a 500 MW two-pole
generator. Recently new excitation systems have been widely used for retrofit of existing old
excitation systems because of their advantages, such as compactness, efficiency, convenience,
and availability. In order to replace an old excitation system with a new one successfully, rotor
dynamic characteristics, such as mode shape, critical speed, and unbalance response, were
simulated with or without a steady bearing. Furthermore, verification testing of a field test
was carried out to confirm the analytical results.

1. INTRODUCTION

Generator excitation systems have been used for supplying the field currents to generators.
Many years ago most generators required alternators for the excitation system. Such
excitation systems were so big, very complex and expensive. Nowadays, a new excitation
system which does not require an alternator has been developed due to improved design
technology in the generator excitation system. Advantages of the new one are compactness,
efficiency, convenience, and availability. Therefore, new excitation systems have been
replacing the existing old ones.

The rotor dynamic analysis is the most important item to increase the reliability of rotating
machinery [1-5]. The dynamic characteristics of large rotating machinery are heavily
dependent not only on the rotor itself, but also on the supporting conditions, such as bearing
stiffness and damping, bearing bracket and foundation. In particular, the bearing stiffness and
damping coefficients have a large influence on the rotor dynamic characteristics [2,3].
Therefore, in order to replace old excitation systems with new ones successfully, designers
should consider carefully the dynamic characteristics of the rotor-bearing system from view
points of how to eliminate the existing alternator rotor, whether or not a steady bearing is
necessary, and what type of a steady bearing is optimum, etc. A steady bearing is an
additional bearing required for supporting the end of collector shaft. The installation of the
steady bearing is determined according to the results of rotor dynamic analysis.

This study describes an experience gained from the retrofit of a generator excitation system,
from with an alternator to without an alternator, for a 500 MW two-pole generator that runs at
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3,600 rpm. Rotor dynamic characteristics, such as mode shape, critical speed, and unbalance
response, were simulated with or without a steady bearing, to design an appropriate modified
rotating system. Both the bearing stiffness and damping coefficients were calculated. In
addition, verification testing by the field test was carried out to confirm the analytical results

2. RETROFITS AND DESIGN CRITERIA

Figure 1 shows the existing generator excitation system with an additional generator, an
alternator, which is coupled to the end of the generator rotor. In order to change the excitation
system from the old one to the new one, first of all, the alternator rotor should be eliminated.
The next must be considered how to modify the collector rotor system. Figure 2 shows the
schematic view of a modified rotor system with a steady bearing and without a steady bearing.
As mentioned above, the installation of the steady bearing is determined according to the
results of rotor dynamic analysis since the dynamic characteristics of the rotating system are
highly dependent on the bearing stiffness and damping coefficients.

In the present study, three kinds of design criteria were considered to decide the acceptability
of the modified collector rotor system both statically and dynamically. The first criterion is
based on the static stiffness of collector rotor overhang. If the stiffness is less than the design
limit, a steady bearing should be installed at the end of collector rotor. This design limit was
established several years ago and was deficient since excessive vibration problems were
experienced on the collector rotor designed by this rule. The second criterion is to evaluate the
sensitivity of the generator rotor near the resonance of the system. Shirake and Kanki {4]
proposed this criterion based on operating experience and theoretical analysis for large turbine
generator sets. The variable used to describe resonance sensitivity to unbalance is the Quality
factor of resonance or Q-factor. This factor is commonly used to quantify the damping in
order to predict the forced response and to evaluate system susceptibility due to forced
excitation at a resonance. Thus, the Q-factor is determined based on the shape of the response
curve. A highly damped response has a broad peak with low response value and yields a low
Q-factor. Resonance with low damping has a sharp peak and yields a high Q-factor. Q-factor
is determined at a particular resonance defined as Q= f,/\f;-f,); where f, is the frequency at the
resonance, f; is the frequency less than f, where the amplitude is 0.707 times the amplitude at
J» and f; is the frequency greater than f, where the amplitude is 0.707 times the amplitude at f,.
Figure 3 shows an example of acceptable design criteria of Q-factor as a function of the ratio
of critical speed to operating speed. This criterion indicates that design is acceptable when the
Q-factor is below the limit line. The third criterion is that the vibration amplitude evaluated at
the operating speed should be less than the limit value. The accurate vibration amplitude can
be predicted because of improved rotor dynamics computer programs.

3. ANALYSIS AND MEASUREMENTS

There exist two requirements, i.e. theoretical analysis and measurement, for the successful
retrofit. Theoretical analysis was performed to make a verification of a design criteria
mentioned above. First of all, the shaft stiffness was calculated for the collector rotor
overhang, as shown in Fig.2(a). It was found that the shaft stiffness was lower than the limit
value so that a steady bearing was required. Rotor dynamic analysis was investigated by FEM
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based on Timoshenko beam theory [1]. Figure 4 shows a vibration mode of the generator rotor
system without a steady bearing at 3,758 rpm, which is the closest natural frequency to the
operating speed (3,600 rpm). It can be seen that there exists a natural frequency near the
operating speed and an overhang mode occurs. Figure 5 shows the unbalance response mode
at 3,600 rpm. In order to obtain the unbalance response, it is assumed that 1,153 g-cm (1
pound-in) unbalance weight is placed at the end of the collector rotor. It can be seen that an
excessive vibration amplitude as large as 1, 271 pum peak to peak, which is much larger than
the design limit, occurs at the collector end. The Q-factor at 3,758 rpm is about 8.8, which is
higher than the design limit. Therefore, it can be concluded that a steady bearing should be
installed as shown in Fig.2(b).

In order to select an adequate steady bearing, three bearing types, cylindrical, elliptical, and
tilting pad, were considered. It was found that any kind of bearing hardly changed the natural
frequency near the operating speed but both the unbalance response and Q-factor were
reduced drastically because of the steady bearing. However, both the cylindrical and elliptical
bearing give a possibility of oil whirl and/or oil whip occurrence since the actual load acting
on the bearing is so small [2,5]. In consequence, a six-pad tilting pad journal bearing was
selected as a suitable steady bearing. Figure 6 shows the schematic view of the collector rotor
system with a steady bearing, which is finally modified for the retrofit. Figures 7 and 8 show
the vibration mode and the unbalance response, respectively. The modified system might be
worried that the collector rotor would run near the resonance whose speed is about 3,715 rpm.
However, because of the damping effect of the steady bearing, both the expected maximum
unbalance response and Q-factor are very small; which are about 11 um peak to peak at 3,600
rpm and 1.78, respectively. Since these values are much smaller than the design limits, it is
assured that this modified rotating system would run successfully during the operation.

Finally, verification testing by a field test was carried out to confirm analytical results. Figure
9 shows the vibration amplitude (peak to peak) measured at the collector end as a function of
the rotational speed with or without a steady bearing. As shown in this figure, the vibration
amplitude of one without a steady bearing increases sharply with speed and results in
impossible operation over 2,500 rpm. On the other hand, the vibration amplitude of one with a
steady bearing is very good in the whole range of operation. The measured vibration
amplitude at the operating speed is as low as 30 um peak to peak but is larger than the
expected value obtained by analysis. The reason is caused by the uncertainties such as
unbalance weight and misalignment, etc. It can be concluded that the test results show good
agreement with theoretical results. Consequently, the retrofit of the generator excitation
system from with an alternator to without an alternator, for a 500 MW two-pole generator,
was achieved successfully. Figure 10 shows a photograph of the newly modified collector
rotor system.

4. CONCLUSIONS

This case study was obtained from the successful retrofit experience of a generator excitation
system from with an alternator to without an alternator, for a 500 MW two-pole generator. In
order to modify and to design the collector rotor system, static and dynamic characteristics,
such as shaft stiffness, natural frequency, mode shape, Q-factor, and unbalance response,
were simulated by the analysis. Field test results show good agreement with theoretical results.
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ABSTRACT

This paper discusses the lateral stability analysis, testing, and field operation of a large
centrifugal compressor for propane service in a LNG plant. It has a high ratio of discharge
density to inlet density, i.e. high volume reduction, it absorbs a large amount of horsepower,
and the bearing span is long. It is a difficult application with five stages of compression and
three sidestreams. The bearings are damper style, the breakdown seals are oil-film seals, and
the labyrinths are of a pocketed design. A full load test on inert gas and field operation
showed that any destabilizing forces are controlled by damper bearings and dampening type
pocketed labyrinths with swirl brakes. It is shown that the cross-coupled stiffness in the
balance piston labyrinth is not covered by the traditional load related formula for
impeller/diffuser cross-coupled stiffness. The usage of this load related formula is discussed
and a modification to it is recommended. An analytical approach to rotor dynamic design to
achieve satisfactory lateral stability results is outlined.

1. ANALYTICAL & EMPIRICAL CONSIDERATIONS

1.1 Log Dec & Stiffness & Damping Coefficients

The damped eigenvalue program of Lund [1] is used to calculate the log dec of the first
natural frequency of the compressor rotor. The higher the log dec the more likely the effect of
unknown destabilizing forces can be minimized. Design changes are usually initiated if the
log dec is under some minimum number. Various inputs of stiffness and damping coefficients
are used in the damped eigenvalue program to account for destabilizing and stabilizing forces.

The stiffness and damping coefficients of bearings, oil-film seals, and labyrinths are

calculated. Tilt pad bearings have negligible cross-coupled stiffness, as long as they are free
to move at their pivot. Oil-film seals of the ring type can have high cross-coupled stiffness.
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The stiffness and damping coefficients that are calculated for labyrinth seals are applied as an
extra bearing station at that labyrinth. Toothed labyrinths may have high cross-coupled
stiffness but have little direct damping. Damping type labyrinth seals such as honeycomb
seals have been used [2-5]. For extensive references on labyrinth seals see [6].

An empirical estimate of cross-coupled stiffness related to load and impeller/diffuser
geometry was given by Wachel [7]. The first natural frequency usually shows up only under
load and is more severe as load is increased [2,3,5,7-16]. The sample propane compressor of
this paper and results in [5] show that the empirical Wachel type estimate does not account for
the destabilizing forces in the balance piston labyrinth nor in the division wall labyrinth.

1.2 Stability Threshold

A study of the effects of unknown excitations should be made. The damped eigenvalue
program is used to plot the log dec of the first forward natural frequency vs. extra amounts of
cross-coupled stiffness at the midspan. The stability threshold is the amount of extra cross-
coupled stiffness needed to make the log dec equal zero. If a cross-coupled stiffness at the
midspan has not been included in the damped eigenvalue input, then consideration is given to
how high a safety factor is needed of the stability threshold over this stiffness. The log dec is
calculated at the maximum continuous speed and not at the first peak response speed.

1.3 Damper Optimization

Damper bearings are used to provide improved stability. The range of values for the damping
of the oil-film between the bearing cage and bearing housing should be considered, just as the
range of journal bearing and oil-film seal clearances are considered. A plot of the stability
threshold of the compressor vs. damping is beneficial. The damping can usually be optimized
and it is typical to find a peak in the stability threshold that is much higher than for the non-
damper case. A very high value of damping corresponds to the over-damped or non-damper
case. A plot of the log dec vs. damping gives the same answers, but the sensitivity to
unknown excitations is not evident, as it is on the plot of the stability threshold vs. damping.

1.4 Wachel Type Estimates

The Wachel formula [7] is ny = (B x T)/ (D x h), where Kxy is a cross-coupled stiffness, T
is the torque, D is the impeller outside diameter, and h is the smaller of the impeller tip width
or the diffuser width. Some have just used the impeller tip width. T = 63000 x HP/RPM and
B = (MW / 10) x (density out / density in), where MW = molecular weight and HP =
horsepower. Applying a large load in a small space increases the destabilizing forces in the
COmpressor.

This compressor and the results discussed in [5] show that the Wachel formula should be
applied on an impeller by impeller basis, i.e. that the density ratio at each impeller should be
used, and that the smaller of the impeller tip width and the diffuser width should be used.
Further, based on the results of [5], it is recommended to use p = 3 x (density out / density in)
at each stage, i.e. 3 should replace MW/10 in the Wachel formula. This is especially
important and more conservative with lower MW gases such as ammonia syn gas. We will
designate this adjusted Wachel number at the impeller as the PACC number, for predicted
aerodynamic cross-coupling from the impeller diffuser interaction. The PACC number is
30/MW times the Wachel number.
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1.5 Modal Effects

The PACC and Wachel estimates are pure cross-coupled stiffness and a modal sum of the
calculated cross-coupled stiffnesses at each impeller station can be made. We will call the
modal sum of the PACC numbers the MPACC number. This modal sum can be applied at an
extra bearing station at the midspan and the log dec calculated. Another method, which this
author recommends, is to over plot the MPACC estimate on the plot of the log dec vs. cross-
coupled stiffness at the midspan. The log dec from using the modal sum at the midspan is the
same as applying the cross-coupled stiffness for each impeller at the impeller [11,14). For any
Wachel type estimate we will use the modal sum.

2. COMPRESSOR DESCRIPTION & HISTORY

In 1998 a large propane compressor, designated an 838B8-5, was full load full pressure tested
on inert gas. This is a vertically split compressor with five impellers and three sidestreams.
The sidestreams are located in front of the second, third, and fourth impellers. The
compressor is driven on the intake end by a gas turbine through a gear and on the discharge
end by a variable speed drive motor. The thrust disc is outboard of the journal bearing on the
discharge end of the compressor. The train layout is diagrammed in Figure 1 and the
compressor cross-section is shown in Figure 2. There are two identical trains with the same
propane compressor for this LNG project.

SN a=s

.

vsDh
MOTOR

Figure 1 ~ Train Description

L3 t
INTAKE DISCHARGE
b

4o
Y ~8R~
§
v
-
b
@)
E
8
&

Py

N

X;‘b
oS-

P s i

Figure 2 — Compressor Cross-Section

C576/046/2000 © IMechE 2000 189



The inlet pressure is 1.24 bar (18 psia), the discharge pressure is 16.5 bar (239 psia), the MW
=44.1, and the compressor absorbs 39800 kW (53400 BHP). The maximum continuous
speed is 3622 RPM. The bearing span/impeller bore is 13.70, the flexibility ratio, (the ratio of
the maximum continuous speed divided by the first critical speed on rigid bearings), is 2.89,
and the average gas density is 17.9 kg/m3 (1.12 Ib/ft3). The average gas density is not high,
but the bearing span is relatively long and it is running at a high ratio times the first critical
speed. As the average gas density rises it is prudent to have lower flexibility ratios
[2,4,5,9,13,16]. The same applies for bearing span/impeller bore. This propane compressor
has a very high ratio of density out of the compressor over density into the compressor of
11.7. The average density ratio at each impeller is 1.61.

The bearings are 5-shoe load on the pad tilt pad with L/D = length/diameter = .6 and dampers
centered by springs. Damper bearings were chosen at the initial design phase before any
analysis had been done. The seals are oil-film ring type seals with a sealing pressure of 1.48
bar (21.4 psig), sealed to the first side-stream. The damper bearings are shown in Figure 3
and the oil-film seals are shown in Figure 4.
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Initial full load testing at speed indicated a reduction in the level of subsynchronous at the first
natural frequency would enhance overall operation. Aerodynamic cross-coupled stiffness at
the balance piston labyrinth was identified as the most probable root cause. The standard
toothed labyrinth seal at the balance piston, which had no deswirling device, was replaced
with a pocketed seal with swirl brakes. Other things were done, but they were believed to be
secondary. For example, the impeller eye and interstage toothed labyrinths also were replaced
with pocketed labyrinths with swirl brakes. A full load test was conducted and the amplitude
of the first natural frequency was within the API617 specification for a mechanical test. The
highest subsynchronous amplitude for a scan was 3.8 microns (.15 mils) and the peak hold for
four hours at the subsynchronous was 6.4 microns (.25 mils). The effectiveness of the
modifications, most importantly the pocketed labyrinth with swirl brakes at the balance
piston, was demonstrated and the compressor was accepted for delivery.
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The compressor was started in the field in 1999 and has been running well since. For example,
Figures 5 and 6, vibration scans taken during normal operation, show 15 to 17 microns at the
running speed and not much else. There is a similar compressor in similar service that has
been running several years longer and also has been free of any significant levels of
subsynchronous vibration. It has the same type damper bearings and is fitted with standard
toothed labyrinths. The bearing span of that compressor is 5% shorter than the bearing span
of the compressor analyzed in this paper.
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3. COMPRESSOR ROTOR DYNAMIC STABILITY ANALYSIS

3.1 Damper bearing analysis

The damping of the oil-film between the bearing cage and bearing housing was calculated to
be in the range 2.10 E+6 to 4.73 E+6 N-SEC/M (12,000 to 15,000 LB-SEC/IN). This is
determined from the formula for a centered and non-cavitated, or 360 degree, oil-film damper
[17]. The formula is damping = p © R (L/c)3, where | is the viscosity, R is the radius, L is
the sum of the lengths of the lands on each side of the feed groove, and c is the radial
clearance. The lands have the same length. The damper film was assumed to be non-
cavitated at the oil pressure of 1.38 BAR (20 PSIG). Early testing of dampers showed that for
normal bearing inlet pressures a non-cavitated film is a good assumption [18,19]. Test
experience where the oil pressure has been varied has confirmed this and the same conclusion
has been reached from the analysis of another compressor with ring type oil-film seals.
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It was assumed that there is no loss of pressure near the o-ring grooves. A full loss of
pressure near the o-ring grooves would mean % of this damping. Halfway in-between Y
damping and full damping is about % of the non-cavitated, or the same as cavitated. Half of
the damping as above is just about at the optimum damping value, as shown in Figure 8,
whereas the full film assumption is to the right of it, so the full film assumption is
conservative. The centered damping scales up by the factor (1/(1-e2)1-5, where ¢ is the
eccentricity ratio of the damper [17]. The eccentricity should be verified before the damper is
installed and it should be within established limits. The maximum allowable eccentricity ratio
was .29, which would result in an increase of only 14% in damping over the centered
condition, nowhere near an overdamped case.

3.2 Oil-film ring seal analysis

For this low pressure application the oil-film ring seals have a minor effect on the rotor
dynamics. The oil film seals were modeled as non-cavitated bearings with a radial load equal
to a friction factor of .1 times the axial end load. The non-cavitated assumption for ring seals
is conservative with regard to stability. Non-cavitated or cavitated makes little difference at
this low pressure. The radial load used is a small fraction of the journal reaction, an indicator
that the seals will not effect the rotor dynamics. There should be some load, otherwise the
seal-housing interface might fret or low frequency vibration might occur.

3.3 MPACC & various Wachel estimates

TABLE 1 - WACHEL TYPE ESTIMATES

Widths Last Diff | Each Diff | Each Diff | Each Imp Each Diff
Density Ratio Overall Overall Individual | Individual Individual
Wachel (N'M) | 5.58 E+7 | 4.07 E+7 | 5.66 E+6 | 3.56 E+6 | MPACC | 3.84 E+6
Wachel (LB/IN) | 318,600 | 232,500 | 32,300 20,300 MPACC | 21,900

There is an enormous difference between using the overall density ratio or the individual
density ratios. 232,500/32,300 = 7.2, which is approximately the overall density ratio divided
by the average density ratio = 11.7/1.61 = 7.3. Note that 11.71/5 = 1.64 which is just about
1.61 and (11.7)(1'1/ 5)=72 [5]. An alternative approach is to treat the compressor as four
separate compressors, for the four inlets, with about equal horsepower in each, with density
ratios of 11.7, 6.9, 4.1, and 2.5. This results in a modal sum of about 2.57 E+7 N/M (147,000
LB/IN).

3.4 Labyrinth analysis

The toothed labyrinths were modeled by the program of Kirk [20], which he verified in a
series of papers, which are listed in [21]. Two case studies are given in [2,14], which also
verify its use. The pocketed labyrinths were modeled by using the honeycomb seal program
of Scharrer & Pelletti [22]. The honeycomb seal program has given good agreement between
analysis and the stable behavior seen with honeycomb seals [2,4,5,15]. The toothed
labyrinths were not deswirled. The pocketed labyrinths were modeled as deswirled, as the
pocket labyrinths were provided with swirl brakes. The teeth/pockets of the toothed/pocketed
labyrinths were on the stator.

192 C576/046/2000 © IMechE 2000



Effects that should be considered in a labyrinth analysis and design are: 1. Loss of clearance
at a labyrinth due to centrifugal growth of the adjacent rotating part. 2. Loss of clearance due
to the shrink fit of the adjacent rotating part. 3. Rotor sag — especially for compressors with
low first critical speeds — rotor sag may be negated some by case sag — offset the labyrinths
top and bottom if the relative sag is large. 4. Change of clearance in the axial direction of the
balance piston labyrinth due to pressure effects from one side to the next and centrifugal
growth. 5. Change of clearance in the axial direction of the impeller eye labyrinths due to tilt
of the impeller eye surface under centrifugal growth. 6. Journal bearing and damper
eccentricity. 7. Relative position of labyrinths vs. bearings from fits of parts.

3.5 Stability analysis

Stability analyses was made with the inclusion of the coefficients of the balance piston,
impeller eye, and interstage labyrinths and the results are described in Figures 7 and 8 and
Table 2. Stability calculations were also made with inclusion of just the interstage labyrinths,
just the impeller eye labyrinths, and just the balance piston labyrinth. The only labyrinth that
was significant was the balance piston labyrinth. Just looking at the various coefficients
would have been enough. The eye labyrinths could be significant in a high pressure
compressor. Stability analyses showed that the effect of larger clearances on the pocket
labyrinths did not produce instability. Two cases were studied, one with the pockets wiped to
the root and the other wiped to throwaway with the pockets filled. For each of these it was
assumed that the deswirl was lost. The stability was like the no labyrinths assumption.

Figure 7 is a plot of the log dec of the first natural frequency vs. arbitrary added cross-coupled
stiffness at the midspan. This is for the maximum value of 4.73 E+6 N-SEC/M (15,000 LB-
SEC/IN) damping for the damper bearing. Figure 7 shows two cases, one with the standard
toothed labyrinths and one with the pocketed labyrinths, and for each of these the effect of
minimum and maximum clearance for the journal bearings and oil-film seals. The MPACC
number is shown on this plot.

Figure 7 shows that the pocketed labyrinths provide a large stability improvement over that
with the toothed labyrinths. With the toothed labyrinths and with the MPACC number
instability is likely, as the stability threshold is just below the MPACC number for minimum
clearance and just above it for maximum clearance. With the pocketed labyrinths and with
the MPACC number stability is predicted, as the stability threshold is well above the MPACC
number and the log dec is quite good. The application of the labyrinth stiffness and damping
coefficients along with the MPACC number in the stability analysis provides good correlation
with the test and field experience.

With either of the Wachel estimates using overall density ratio, or with the estimate from the
alternative approach of using four separate but still high density ratios, instability is predicted
with the pocketed labyrinths, as the excitation is well above the instability threshold. Yet the
compressor is stable. These approaches to the Wachel estimate do not provide good
correlation with the test and field experience.

C576/046/2000 © IMechE 2000 193



0.7

. — I . T v T T T T
o ——m_ E
0.6 :x\\ . T —
05 | { \ 4
0.4 | -m- POCKET LABYS - MAX CLEAR BRGS &OIL SEALS
- N "X~ POCKETED LABYS - MiN CLEAR BRGS & OIL SEALS
0.3 : 4
e ]
o 02 e : -
= .
a8 3 \ : 1
a :
= \'\ .\ ]
0.0 S
| V. ]
0.1 |- 8\ . B
g ]
I 2!
02 [ z \ 9
O.
r £ . .
03 | £ -
8 : " TOOTHED LABYS - MAX CLEAR BRGS & OIL SEALS ]
04 r o : ¥ TOOTHED LABYS - MIN CLEAR BRGS & OIL SEALS
4 L e
L u: 3
0.5 1 | ! . 1 1 1 L 1 L
0 20000 40000 60000 80000 100000 120000
CROSS COUPLING Kxy = -Kyx (LB/IN)
0 35 70 1.05 1.40 1.75 210

CROSS COUPLING Kxy =~Kyx ((N/M)/ 107)

Fig. 7 — Log Dec vs. Cross-Coupled Stiffness

Figure 8 is a damper optimization plot. The horizontal axis is the damping of the oil-film
between the bearing cage and the bearing housing. The curves on Figure 8 show the stability
threshold, the amount of extra added cross-coupled stiffness needed at the midspan to bring
about a log dec of zero. For a fixed amount of damping at the damper bearings, if there is
more cross-coupled stiffness than on the curve, then the log dec will be negative and, if there
is less than what appears on the curve, then the log dec will be positive.

Figure 8 shows that the damper bearings provide a large stability improvement over that with
the non-damper bearings and that the pocketed labyrinths provide a large stability
improvement over that with the toothed labyrinths. All the way to the right on Figure 8 is the
non-damper bearing case. For non-damper bearings, with the toothed labyrinths, and without
any added cross-coupling, except from the labyrinths, the compressor would be unstable for
minimum clearance, as the stability threshold is negative and thus the log dec is negative. For
non-damper bearings, toothed labyrinths, and the MPACC number added it is unstable for
maximum clearance. The curves for the pocketed labyrinths in Figure 8 were similar to but
better than curves made without the inclusion of labyrinths.

Figure 8 shows that the MPACC number and the Wachel estimates using individual diffuser
or impeller widths and individual density ratios, all do a fine job of predicting that the stability
with the pocket labyrinths and with the damper bearings would be acceptable and the stability
with the toothed labyrinths and with damper bearings (or non-damper bearings) would not be
acceptable. The application of the labyrinth stiffness and damping coefficients along with the
MPACC number in the stability analysis provides good correlation with the test and field
experience.
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Figure 8 shows that either of the Wachel estimates using overall density ratio and the Wachel
estimate from the alternative approach of using four separate but still high density ratios
would say for any value of damping the compressor would be unstable with the pocketed
labyrinths. Yet it is stable. These approaches to the Wachel estimate do not provide good
correlation with the test and field experience.
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The log dec of the first natural frequency for various assumptions about the bearings and
labyrinth seals is shown in Table 2. The log dec with the damper bearings is calculated with
the maximum damping of 4.73 E+6 N-SEC/M (15,000 LB-SEC/IN) for the damper. The log
dec with the MPACC number is calculated with this amount at the midspan.

Table 2 shows that the damper bearings provide a large stability improvement over that with
the non-damper bearings and that the pocketed labyrinths provide a large stability
improvement over that with the toothed labyrinths. The oil-film seals are not a big influence
in this case, nor is the bearing clearance. It is very important to have the damper bearings,
otherwise the log dec will be very low and instability is very possible. Without the inclusion
of the labyrinth coefficients stability would be predicted with the damper bearings. But, with
the toothed balance piston labyrinth and with the damper bearings the log dec is -.05 to .09
with the MPACC number. The MPACC number is needed, as without it and with the toothed
labyrinths and with the damper bearings the log dec is positive. Stability is predicted with the
pocketed labyrinth balance piston and with the dampers, and this is what happened.

A study was also made of the effect of changing to tilt pad oil film seals, which can have a big
effect in high pressure compressors [2,4,8,10,12-16]. For these low pressure oil-film seals,
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which could carry only a negligible amount of load, the effect on stability was small to change
to tilt pad seals, so this was not done. Analysis of other propane and propylene compressors
with large volume reductions showed that the density ratio of each impeller should be used in
the MPACC estimate and not the overall density ratio.

TABLE 2 - LOG DEC

Non-damper With damper Log dec Diff.
bearings bearings Damp. — Non-damp.
Brg W/O WITH W/O WITH W/O WITH
Clear. | MPACC | MPACC | MPACC | MPACC MPACC | MPACC
No labyrinths Min .07 -.05 49 36 42 41
No oil seals Max .05 01 44 41 .39 40
No labyrinths Min 08 -.09 A8 35 40 A4
With oil seals Max 11 .04 .50 49 39 45
With tooth labys Min -.13 -.30 13 -.05 26 25
With oil seals Max .00 -17 32 .09 32 26
With pocket labys | Min .20 .04 .63 S0 | 43 46
With oil seals Max 24 17 .65 .64 41 47
Log dec Diff. Min 33 34 .50 .55
Pocketed - toothed | Max 24 34 .33 .55

3. CONCLUSIONS

A large compressor in a high horsepower application is running successfully as predicted
using the analytical techniques outlined in this paper. The effects of division walls and
balance pistons should be included in the rotor dynamics modeling of compressors of even
moderate densities. A dampening type pocketed labyrinth with swirl brakes at the balance
piston appears to provide resistance to subsynchronous vibration. Further analysis and testing
in a rig of the pocketed labyrinth is in process. The MPACC or Wachel estimate does not
include the effects of division walls or balance pistons. The density ratio of each impeller
should be used in the MPACC or Wachel estimate and not the overall density ratio. With
consideration for division wall or balance piston effects and usage of the MPACC estimate
surprises can be avoided at test and in the field. By appropriate analysis damper bearings and
dampening type labyrinth seals can be selected early in the configuration of the machine and
they are a sound engineered solution. An analytical approach to rotor dynamic design to
achieve satisfactory lateral stability results has been outlined.

4. ACKNOWLEDGEMENTS

The author would like to acknowledge the wisdom and patience of Jim Southworth, the
project manager for D-R of the LNG project, and the help received from Aubrey Nugara of
KBR and Patrice Bardon of D-R, both of whom demanded the best of us. A special thanks
goes to Del Hart, my first supervisor at Dresser-Clark, for guiding my development as an

196 C576/046/2000 © IMechE 2000



engineer. Krish Ramesh of D-R has done an excellent job of automating the modeling of the
labyrinth seals and the calculations of the labyrinth stiffness and damping coefficients. Ed
Turner of D-R went to the site and obtained the field data. The author would like to thank Jim
Shufelt for inserting the figures for publication.

REFERENCES

[1] Lund, J. W., 1974, "Stability and Damped Critical Speeds of a Flexible Rotor in Fluid-
Film Bearings," Trans. ASME, Journal of Engineering for Industry, pp. 509-517, May.

[2] Memmott, E. A., 1994, "Stability of a High Pressure Centrifugal Compressor Through
Application of Shunt Holes and a Honeycomb Labyrinth," CMVA, Proceedings of the 13th
Machinery Dynamics Seminar, pp. 211-233, Toronto, Sept. 12-13.

[3] Gelin, A., Pugnet, J-M., Bolusset, D, and Friez, P., 1996, “Experience in Full Load
Testing Natural Gas Centrifugal Compressors for Rotordynamics Improvements,” IGT & A
C&E, Birmingham, UK, 96-GT-378.

[4] Memmott, E. A., 1998, "Stability Analysis and Testing of a Train of Centrifugal
Compressors for High Pressure Gas Injection," ASME Turbo Expo ‘98, ASME Paper 98-GT-
378, Stockholm, June 2-5, Journal of Engineering for Gas Turbines and Power, July 1999,
Vol. 121, pp. 509-514.

[5] Memmott, E. A., 2000, “Empirical Estimation of a Load Related Cross-Coupled Stiffness
and The Lateral Stability Of Centrifugal Compressors,” CMVA, Proceedings of the 18"
Machinery Dynamics Seminar, pp. 9-20, Halifax, Apr. 26-28

[6] Childs, D., 1993, Turbomachinery Rotordynamics - Phenomena, Modeling, & Analysis,
New York, John Wiley and Sons, Inc., pages 227-354.

[7] Wachel, J. C. and von Nimitz, W. W., 1981, "Ensuring the Reliability of Offshore Gas
Compressor Systems," Journal of Petroleum Technology, pp. 2252-2260, Nov.

[8] Coletti, N. J. and Crane, M. E., Jr., 1981, "Centrifugal Compression on the Arun High
Pressure Injection Project," Proceedings of the IMechE Conference on Fluid Machinery for
the Qil, Petrochemical and Related Industries, The Hague, Netherlands, pp. 63-70, March.

[9] Fulton, J. W., 1984, "The Decision to Full Load Test a High Pressure Centrifugal
Compressor in its Module Prior to Tow-Out," IMechE, 2nd European Congress on Fluid
Machinery for the Oil, Petrochemical and Related Industries, The Hague, The Netherlands,
pp. 133-138, March.

[10] Shemeld, D. E., 1986, "A History of Development in Rotordynamics - A Manufacturer's

Perspective," Rotordynamic Instability Problems in High Performance Turbomachinery,
NASA Conference Publication 2443, Texas A&M University, pp. 1-18, June 2-4.

C576/046/2000 © IMechE 2000 197



[11] Memmott, E. A., 1987, "Damper Bearings and Stability of a COy Compressor," Seventh
Annual Rotating Machinery & Controls Industrial Research Conference, San Diego, June

[12] Memmott, E. A., 1990, "Tilt Pad Seal and Damper Bearing Applications to High Speed
and High Density Centrifugal Compressors,” IFToMM, Proceedings of the 3rd International
Conference on Rotordynamics, Lyon, pp. 585-590, Sept. 10-12.

[13] Memmott, E. A., 1992, "Stability of Centrifugal Compressors by Applications of Tilt Pad
Seals, Damper Bearings, and Shunt Holes," IMechE, 5th International Conference on
Vibrations in Rotating Machinery, Bath, pp. 99-106, Sept. 7-10.

[14] Marshall, D. F., Hustak, J. F., and Memmott, E. A., 1993, "Elimination of
Subsynchronous Vibration Problems in a Centrifugal Compressor by the Application of
Damper Bearings, Tilting Pad Seals, and Shunt Holes," NJIT-ASME-HI-STLE, Rotating
Machinery Conference and Exposition, Somerset, New Jersey, Nov. 10-12.

[15] Kuzdzal, M. J., Hustak, J. F., and Sorokes, J. M., 1994, “Identification and Resolution of
Aerodynamically Induced Subsynchronous Vibration During Hydrocarbon Testing of a
34,000 HP Centrifugal Compressor,” IFToMM, Proceedings of the 4" International
Conference on Rotordynamics, Chicago, Sept. 7-9.

[16] Memmott, E. A., 1996, “Stability of an Offshore Natural Gas Centrifugal Compressor,”
CMVA, Proceedings of the 15" Machinery Dynamics Seminar, pp. 11-20, Banff, Oct. 7-9.

[17] Gunter, E J, Jr., Barrett, L. E., Allaire, P. E., 1975, “Design and Application of Squeeze
Film Dampers for Turbomachinery Stabilization,” Proceedings of the Fourth Turbomachinery
Symposium, Turbomachinery Laboratory, Department of Mechanical Engineering, Texas
A&M University, College Station, Texas, pp.31-45, Oct.

[18] Tonnesen, J., 1976, “Experimental Parametric Study of a Squeeze Film Bearing,”
Transactions of the ASME, Journal of Lubrication Technology, pp. 206-213, April

[19] Sharma, R. K. and Botman, M., 1978, “An Experimental Study of the Steady-State
Response of Oil-Film Dampers,” Transactions of the ASME, Journal of Mechanical Design,
Vol. 100, pp. 216-221, April

[20] Kirk, R. G., 1990, “Users Manual for the Program DYNPC28 - A Program for the
Analysis of Labyrinth Seals,” Negavib Research & Consulting Group, Virginia Tech,
Blacksburg, VA, Jan.

[21] Kirk, R. G., 1990, "A Method for Calculating Labyrinth Seal Inlet Swirl Inlet Velocity,"
Trans. ASME, Journal of Vibration and Acoustics, pp. 380-383, July.

[22] Scharrer, J. K. and Pelletti, J. M., 1994-1995, “DCELLTM . A Computer Program for:

Calculating Steady-State and Dynamic Characteristics of Honeycomb Annular Seals,”
Rotordynamics-Seal-Research, North Highlands, CA

198 C576/046/2000 © IMechE 2000



Surface Influences




This page intentionally left blank



C576/026/2000

Dynamic characteristics of liquid annular seals with
groove and hole pattern surface roughness

E STORTEIG and M F WHITE
Department of Marine Engineering, Norwegian University of Science and Technology, Trondheim,
Norway

ABSTRACT

In centrifugal pumps the rotordynamic coefficients of annular seals are important for predicting
pump dynamic behaviour. Seal dynamics is greatly affected by the relationship between fluid
flow and wall friction. Recently, friction factors have been published which relate the turbulent
fluid flow in the seal to wall friction for seals with rectangular grooves and hole patterns. Based
on these friction factors extensions were made to a theory for predicting dynamic characteris-
tics of plain seals to deal with grooved and hole-patterned seals or a combination of both. The
method does not require calibration with experimental data in order to give useful results. A pa-
rameter study indicated that for certain stator hole patterns the cross-coupled stiffness could be
greatly reduced compared to that of a smooth seal. This means that self excited vibrations from
the seal may be prevented, and the range of stable operation of the pump may be increased. An-
other extension of the theory accounts for angular stiffness, damping, and added mass moment
of inertia for tapered seals.

NOMENCLATURE
a1, by, bs Moody friction factor constants: a; = 1.375 - 1073, by = 20000, and b3 = 108
aor,s, 03 Constants: ag, s = boers/(2C;), a3 = bz/Re,
b, dhrs Velocity ratio and hole diameter for hole pattern surfaces, b = %
Cr, Cin, Cex Average, inlet, and exit seal clearance
€gr.s, Bhr,ss Cr,s  Groove depths, hole depths, and absolute machining roughness respectively
Sogr.s» fors Tangential friction factor for grooves and land/groove combination
Szgriss forys Axial friction factor for grooves and land/groove combination
Shryss firys Friction factor for hole portion, land portion of the seal surface
Fxy, Mxy Reaction forces and moments on the rotor in the index direction
H,h Local clearance (excludes roughness depth) H = (CT + "‘QL ) —aZ,h= g:
H*, h* Film thickness including grooves, H* = H + H", h* = —g—
gt nt Total added film thickness for grooves, HY = H} + H}}, ht = %t
K

H bt Added film thicknesses for grooves H,"; = E—"l-"%f’i, bty = %—‘

’ ’ ? 7.8 gr.s g i
K,C,M Direct translational stiffness, damping, and added mass respectively
k,c,m Cross-coupled translational stiffness, damping, and added mass respectively

KCQ’ OCQ’ Mca
Keas Ceas Mea

Rotational to translational stiffness, damping, and added mass
Rotational to translational stiffness, damping, and added mass

Koes Cacy Moe  Translational to rotational stiffness, damping, and added mass moment of inertia
Eaes Caes Mae Translational to rotational stiffness, damping, and added mass moment of inertia
L, Ly s, Lir s Seal length, groove width, and land width
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_ Ling s +(Ngr,s—1) Ly s+ Lexr s

Lirs, Lin, Ley,  Average, inlet, and exit land width, L, ; —

Ngrs Number of grooves on rotor and/or stator

U, W,u,w Tangential and axial bulk flow velocity, u = 5[1]27’ w = %

Ur, tr Bulk flow velocity relative to rotor, U? = W? + (U — Rw)?, u? = 1 + b%*(u — 1)2
Us, ug Bulk flow velocity relative to stator, Us2 =W?24U?, ug =14 b%?

Uog,s Uoor,s Fully developed bulk flows: tangential, relative to rotor and stator

w Average axial bulk flow velocity, W = 5%

P,p Pressure and non-dimensional pressure, p = e

Py, P., ps, pe Inlet and exit chamber pressure , p; = ,7%7’ Pe = ;5—;7

Q. q Volumetric flow rate and non-dimensional seal taper angle, g = éoic@—

Ro, R, s Rotor orbit radius and rotor radii at rotor and stator land surfaces, R, ~ R; = R
Re,, Re,, Axial and relative rotor/stator Reynolds numbers , Re, = 2%, Rer s = 20UraC
T, t, 7 Transition time through the seal, time and dimensionless time, T = L/W, 7 = t/T
Z,Zy, 2,2y Axial position and axial pivot position, z = Z/L and 2, = Z,/L

o, ax, oy Seal taper angle and amplitude of angular perturbation about X- and Y-axes

Xoir,s» Xalr,s  Land portion of grooved surfaces used for the tangential and axial friction factor
Xgr,s> Xhr,s Relative portions of seals surfaces covered by grooves, holes

Fovs Dimensionless whirl frequency, fraction of surface area covered by holes

i, 0, Q Dynamic viscosity, density, and angular speed of rotor orbital motion

Tor,s Axial wall shear stress for rotor and stator, 7, s = firs pU"ZSW

Tor.s Tangential wall shear stress, 795 = fgsp%—g, Tor = fg,pgiU;—“’R)

6, & Angular coordinate, viscous entrance and exit loss

s,m,1,g,0,1 Indices for rotor, stator, land, and groove variables, zeroth-, and first order variables

1 INTRODUCTION

Important aspects in the design of centrifugal pumps are efficiency, dynamic stability, and com-
pactness. For given requirements of mass flow rate and pressure for a centrifugal pump it is
often desirable to keep the dimensions of the pump as small as possible. To achieve this, the
industry is trying to design pumps running at increased rotational speeds.

In this search for higher power density it is essential to quantify the forces acting on the rotor
and housing during operation and to predict the rotor’s dynamic behaviour. Previous studies
have shown that the force on the rotor rotating around its own axis at a rotational speed, w, and
at the same time precessing at a speed, €2, about the seal axis at a radius, Ko, (see Fig. 1) can be
expressed as a quadratic function of the whirling speed, ). The equation relating rotor reaction
force and motion [2] can be given as

Fx K k Ko —keo W X
B | |-k K —ka —Ka Y

B MY - Kae kae Ka _ka Qy
MX kae ‘Kea ka Ka § Ox
C ¢ Cwo —Cea X M m M, Mg X

N C —Cea —Cla Y L m M My —Mea Y
Cae  Cac Ca —Co Qy Mae Mae M, — Mgy oy
Cae _Cea Ca Ca O.lX L Mae _Mea Mg Ma dX

1
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Figure 1: Left: Description of groove, rotor, and stator geometry. Right: Rotor orbits for
perturbation analysis

2 BULKFLOW THEORY

In this paper a bulk flow theory and perturbation analysis are used to derive the rotordynamic
coefficients in Eq. 1 from the seal pressure field. From Fig. 2 one can derive the continuity
and momentum equations as used by [6], which includes the terms H* = H} + H; and
H* = H + HT (see Fig. 2) to take into account circumferential flow in the grooves. For
hole pattern seals H* = 0 and H* = H as in the formulation by [2]. Note that in the current
formulation, friction factors are related to the local land clearance, H, so H* and H* only
appear in the first order solution of the equations below. By assuming an incompressible fluid
and using the free body diagram of Fig. 2 continuity and momentum equations can be written
as in [6]

8H 18(HU) O(HW) H*dU _
s tr a0 ez TR )
oP oW  UW 0w H*oU
_Ha_z_(T"“LT“)_"H{E+EW ”az] ] ®
H* 3P _ 8U U 8U oU +c’)U

Substituting shear stress expressions into the momentum equations and converting the continu-
ity and momentum equations into non-dimensional form gives

dp w L w L Sw L\ Ow ow (L du
"5 = “sf”<a>+5“'f"(a)+"[d_+b(R) ae“”d] '”’( ) %

)
L - L u
R = gl <5L‘)+(uzl)“ffﬂr(c—)+h* [?Tu*b( ) % " Z“}—MZ—Z
©)
oh L d(hu) O (htu) d(hw)
af+(b§)< T >+ 5z 0 D

C576/026/2000 © IMechE 2000 203



. Actual geometry Average shear stress
_OH Tzs
2 IZ

PRABAZ

tana

(p-32 9y - M &2 Z)pao |

lPRdBdZ
dz

(P +6P dZ Y(H +5H dZ)Rde

fe————

*
(P+ZR 9y ld 5qy,

(P- 2048 U0 gy

T
o PRA6BAZ

Rd6

Figure 2: Forces acting on control volume. The shear stresses are averaged over the groove and
land portion.

Throughout this article an index for the variable ending with 1 means first order perturbed value
for the variable, while 0 means zeroth order solution for the variable. By introducing the zeroth
and first order variables, h = hg + hy, u = up + u1, p = po + P1, and w = wp + w; and doing
several manipulations the zeroth order equations may be written

hewy = 1 (3
dpo 1 1 dhg
ek 2_hg (w500 250 + UraT2r0) + [hs dz &)
duo 1
dz 2 [uous006s0 + (to — 1) Uro0aro] (10)

_ L _ L _ L _ L
where 0.0 = fas0 (5;), Oos0 = fos0 (a), Oer0 = faro (Cf), and 04,0 = foro (7«7) The first
order equations are given as

L 61“ B(howl) ()h1 ()hl Bhl h1 8}10
b hg —_t — ~— — 5 R =
26 T T ar T ar Ty TGy e, Y ab
()pl 8w] L 811]1 3’[1)1 h+ L 8u1
B_ + Azzun + Az wn + |: 5 T (E) uo—g wog} Azl + " = E) 50 2
o Ouy Ou 1 du
(a’;l) + Aggur + Azgwn + [a +b( ) aal + — m a;] = Ayghy (13)

The expressions for Aig, A2, Asg, A1., A, As, are given in Appendix A. They contain
the friction factors which are functions of the zeroth order solution. The format of the above
equations is similar to that of [6] apart from the term (hgw‘ in Eq. 11, which is due to the
angular whirling motion used for moment coefficients.

The clearance function for lateral and angular perturbations is given by Eq. 14 and the perturbed
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land film thickness is given by Eq. 15

h=hy—[z+0y(z—2)]cosb — [y — o, (2 — z,)] sinb (14)
hy = —[z(1) + oy (1) (z = 2,)] cosh — [y(7) — 0 () (2 — 2p)] sinb (15)

where the dimensionless perturbation angles are o, = ay (EL—), 0y = ax (Z{f) zp is the
dimensionless axial coordinate of the pivot point, and # is the angular position around the rotor
circumference. Assume a circular orbit and circular angular perturbation so that Z,,0; = Ypmar =
ro, and og,,,, = O4,,.. = 0o. To simplify the derivation of the solvable ordinary differential
equations, the perturbed film thickness is the real part of h; where hy = —h,0e/ @770 p,, =
ro + aolz — z), and ro = %‘}. The assumed complex solutions are u; = 7,e/(M77-0),
wi = @170 and p; = p1e770) u,, wy, p; are the complex first order tangential- and
axial velocities and pressure relative to the stationary x, y, z coordinate system, and 4, @, D1
are the complex solutions relative to the rotating frame of reference. Note that the time, T, is
the time it takes for a fluid particle to pass through the seal, {2 is the frequency of orbital motion,
which is a fraction, F, of the rotational speed, w, and hence T = T/LV’ Q=/w,and Q # %

By substituting the expression for the perturbed film thickness and the assumed form of the
solution the complex equations to be solved are

d w wy 9 94
R SR [A(2)]§ 21 p =108 & p+aos 05 (16)
121 n g3 9s
o —jwT g 0
0 z 0
[A()] = | hoAsg hg (Agp + JTT) —ikg: (%) (a7
Ay, — ,715% + 30T A, +j%(h0 +2ht) 0
9 h_lojFT - El“gér%q
g2 = —hgAig (18)
g5 — (Ar = 2o 4 LT T)
9 (LITT— 2%8) (2 = ) +
95 ¢ = —h§Aie(z — 2,) 19
96 —fg—h%ojFT(z—zp)+h—%%f(z—zp)—Alz(z—z,,)

where I' = Q — uy(2)w. The additional terms in this development compared to the combined
previous work of [2] and [6] are found in gy, g5, ge since the seal taper is included for the moment
coefficients. For a seal with no taper 4y = 1 and the terms containing %%‘ vanish.

Unknowns for zeroth order equations are p, (2), up (2), and wy(z). Two boundary conditions
can be derived from the Bernoulli equation and by assuming an inlet and outlet viscous pressure
loss. The dimensional form of the boundary conditions is given in Eq. 20, the non-dimensional
zeroth order form in Eq. 21, and the first order form in Eq. 22.

P, — P(0,8,1) = §(1 +E)W2(0,0,t) and P(L,0,t) + g (1+&)W2(L6,8) =P  (20)

Py = p(0) = 3 (1+ ) ud (0) and p(1) —po = —5 (1 + &) ud (1) @n
51(0) = ~(1+ )1 (0)/ho(0), p1(1) = ~(1 — £)1(1)/ho(1), and 1 (0) = 0 (22)
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The ordinary differential equation 8 was solved by a fourth order Runge Kutta method (see for
example [7]), and a similar solution procedure was chosen for the complex equation 16. Since
the boundary conditions are specified at both inlet and outlet, a linear shooting procedure was
used. From the first order solution the forces acting on the rotor are derived in the same manner
as in [2]. The rotor was perturbed in the radial and angular directions (see Fig. 1) and a least
square fit of the data was performed to solve for the 24 coefficients. Five frequency ratios,
I = % =0,0.5, 1.0, 1.5, 2.0 were used. Moment coeflicients are calculated similarly based on
the procedure by [1].

3 RESULTS

In [8)] comparisons have been made between the results based on the theory presented in this
article and experimental results. Since the comparisons made show that the theory is useful for
predicting seal leakage and rotordynamic coefficients, the results in this article focus on how
rotordynamic coefficients are affected by groove and hole pattern surfaces.

3.1 Grooved seals

The focus for the parameter study is to see how different groove depths and widths will change
the dynamic characteristics of an industrial seal. Hence, the minimum clearance of the seal,
pressure difference, and fluid properties are kept constant throughout. The ratio between the
groove width, L, and average land width, Ly, is equal to 2.0 for all stators. For maximum
leakage reduction the friction factor in Eq. 33 indicates that the land zone should approach zero,
but this was an impractical choice due to wear considerations for the seal studied. The rotor is
kept smooth for all cases analysed. Common seal parameters for the groove and hole pattern
seal study are given as follows: p = 1000 kg/m3, C;, = Cop = 0.15mm, = 1073Pa - s,
es = ¢e,=0.0,u4(0) =05 R=72mm,{ =025 L =5 mm,é& = 10,w = 15000rpm
AP = 10 MPa, z, = 0.5, and h* = 1. Fora seal with groove width to depth ratio, —L =6
and groove depth to hydraulic diameter ratio, £ = 1.067 (near optimal groove geometry for
leakage reduction [8]) the following coefficients were calculated:

K = 5.541-105[N/m], k = 9.352-107[N/m], C = 1.115-105[Ns/m], ¢ = 35404[Ns/m], M = 25.23[kg],
m = —5.831[kg], Koe = —272192[N], ke = —178720[N], Cpe = —222.1[Ns], cae = 25.83[Ns],
Mae = —1.644 - 1072[Ns?], ma. = 1.378 - 1072[Ns?], K., = 5604247[N], ke, = 921246[N],
Ceo = 1556[Ns], ceq = —142.9[Ns], Mo = —0.1174[N5s?], me, = 0.1042[Ns?], K, = —6281[Nm],
ko = 9719[Nm], C, = 8.779[Nms], ¢, = 1.707[Nms], M, = 1.428 - 10~ 3{Nms?], and my =
—2.278 - 10~ *[Nms?].

The translational coefficients K, k, and C that vary most with groove geometry and the whirl
frequency ratios are shown in Figures 3 and 4. The axial friction factor for the grooves (exclud-
ing the land portion) is independent of Reynolds number for fully turbulent flow, and identical
to the hole friction factor in Fig. 6 when 5’1 = % and —L = Ji Leakage, based on average
groove/land friction for the grooved seal i 1s very 51m11ar to ‘that of Fig. 6.
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3.2 Hole pattern seals

In this section the grooves of the seal are replaced by hole patterns where the hole diameter, dp,;,
is two times the equivalent land length, L;;. Also the non-dimensional added film thickness,
ht =0.

For a seal with hole diameter to depth ratio, —M = 6 and groove depth to hydraulic diameter

ratio = 1.067 the following coefficients were calculated:

4 2C
K = 4.171 - 10"[N/m}, k = ~5.805 - 107[N/m], C = 1.616 - 10°[Ns/m], ¢ = 34433[Ns/m], M =
25.74[kg], m = ~0.8909[kg], Koc = —416368[N], koe = 5I373[N], Coe = —344.9[Ns], coe =
61.21[Ns], My = —3.331 - 1073[Ns?], mqe = —2.859 - 1073[Ns?], K., = 8842105[N], ko =
245919[N], C.o = 985.2[Ns], ceo = —147.8[Ns], M.y = —2.133 - 10-%[Ns?], me, = 1.483 -
1072[Ns?], K, = —8816[Nm], k, = 4907{Nm], C, = 10.61[Nms], ¢, = 1.268[Nms], M, =
1.334 - 10~3[Nms?], and mq = —1.002 - 10~4[Nms?].

Figures 5 and 6 show some of the key results that vary over the range of hole patterns studied.
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Figure 5: Parameter study of hole pattern seal. Left figure: Cross-coupled stiffness. Right
figure: Whirl frequency ratio.

3.3 Discussion of results

For deep grooves there are substantial changes for several dynamic coefficients. The great re-
duction in direct stiffness, K, and direct damping, C, with increasing groove depth is supported
by the experiment of [5]. The main reason for this reduction is the circumferential flow in the
grooves (bt = 1). However, the reduction in leakage also contributes to this effect. The reduc-
tion in stiffness may significantly reduce the first natural frequency of the system and the loss in
direct damping may increase vibration levels. For groove depths of the same order of magnitude
as the clearance or significantly smaller than the clearance, the loss in stiffness and damping are
less dramatic, and it is more likely to find a solution with a compromise between leakage and
dynamic characteristics. At an inlet swirl of 0.5 the cross-coupled stiffness is reduced at a
slightly slower rate than direct damping as the groove depth to clearance ratio is increased. This
means that the whirl frequency ratio (WFR) increases. One would have to decrease swirl at the
inlet to reduce the WFR significantly as shown in [5].
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Figure 6: Parameter study of hole pattern seal. Left figure: Leakage. Right figure: Hole friction
factor contours and geometries studied by [4] and [3].

For the hole pattern seals the most important trend in the above results is the large reduction
in cross-coupled stiffness compared to that of a smooth seal. Fig. S actually indicates that the
cross-coupled stiffness can be changed from a significantly from a value of about 11 MN/m
for a smooth seal to zero or negative values for a range of hole-patterns. Whether negative
values can be obtained in practice will require more experimental studies. Direct damping
values are relatively constant and a few percent greater than the corresponding smooth seal
damping. Based on the comparison between the results from the theory in this article and the
experimental results by [3] it may be expected that direct damping is slightly over-predicted.
Direct stiffness, KX, is shown to be less for all choices of hole-patterns compared with a smooth
seal. Added mass and cross-coupled damping do not change significantly for the whole range
of hole patterns. Figure 6 indicates that the hole patterns can reduce the smooth seal leakage up
to 40% in the range of hole geometries studied.

3.4 Conclusions

By introducing explicit friction factors for wide range of groove and hole pattern geometries,
seal leakage and rotordynamic coefficients can be calculated by the theory presented. The
results indicate that both leakage and rotordynamic coefficients are significantly affected by
the choice of groove or hole pattern. A parameter study indicates which range of patterns
are predicted to have the greatest influence on seal leakage and dynamic coefficients. Limited
experimental data have been published in the literature for these roughness patterns.
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A FIRST ORDER PERTURBATION COEFFICIENTS

The coefficients listed below are used in Eq. 17.

Us0 [ Ozs0 9050 UrQ [ O2r0 904r0
A = — - — 23
ETS: ( ho  Oh ) *omz ( ho  Oho ) 23
b 00,50 0250 00270 O2r0
A - v 20 | Tas 1y [ 990 | 90 24
» 2h§ [UO < Jusg Us0 + (UO ) tirg Ur( ¢ )
A _ 1 0050 | Ozs0 | 000 | Oar0 1 8hy | us00250 | Ur0Tzr0
% = o , e Ur0%erg (25)
2h0 auso Uso ()uro UprQ h‘O 0z 2h0 Qho
upUso (Tps0 0050\ | Uro (ug — 1) (ogr0  Ooprg
A = —_— - -— 26
Lo 2hs ( ho  ho ) T o ho  Oho (26)
AZg _ b2u% Jogs0 J9s0 + b? (UO - 1)2 0ogro + T9r0 + usonso + UrOUfro %))
2h8 8u50 U0 2h8 6u,0 UrQ 2}7,0 2h0
A — ug 60930 _ T9s0 b2u% (’LL() - l) 60’97»0 _ Ter0 bQ(uO - 1)2 (28)
K 2hohy \ Ousp  wsp w2 2hohf \ Buso  ug w2

L L _ L _ L
where 0,50 = fis0 (5:), Ts0 = fos0 (;{), 020 = faro (5:), ogro = foro (5:) In order to

determine the above coefficients for groove- and hole pattern seals, the friction factors and their
partial derivatives for each type of surface roughness are needed.
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A.1 Friction factor for smooth and machine roughness seals
For the land portion of the groove- and hole patterned seals the isotropic roughness Moody’s

1
friction formula is used where f;,, = o [1 + (b“” -+ RZj - ) 3} The Reynolds number range

is 4000 < Re,, < 107. Partial differentiation of the non-dimensional Moody’s equation yields:

E) 1 Bfirs
g,;:":hw ~ Jirao) and e g @9

1
3 aur 50 Ur,s0
where b, s = I:

a1\ (_m
) (1 B flr,sO) (ur,50h0> (30)

and fj, 50 is Moody’s friction factor from the zeroth order solution.

aQr s
+ houT 50

A.2 Grooved seal friction factor

For grooved rotor and stator the friction factor consists of one part from the land portion and one
from the grooved portion. f0'r,s = X@lr,sflr,s + Xgr,sfﬂgr,s and fzr,s = ler,sflr,s + Xgr,s%fzgr,&
The reason for the terms w/u, s is that the axial friction factor for the grooves is related to the
axial flow only, while the other friction factors are related to the total velocity relative to the
rotor and stator.

Elr s 4Cr Llr s qu ngr s
==, ==—"—— and = = 31
Xzir,s Llr,s +Lgr,s X0lr,s Llr,s+Lgr,s Xgr,s 2 ( )
- Li Ngrs— 1)L L
L[rys _ Ny + ( gr,s]v ) tr,s T LeTr s 32)
grs

If xurs < 0itis set equal to zero, so that all friction loss is due to the grooves. The relative
portions of the seal x.., and x4 s covered by the land and groove zone are calculated based on
the assumption that the same groove width and depth are used for all grooves on each surface
and that the groove spacing is constant.

The details of the friction factors f,. ; and f,, s for circumferential grooves are given below.

i 1
b — 22297,s 3 b 3
fegrs = [1 + (%e (omey/ =4 +l’”)) } and fogrs = a1 |1+ (% + 7[3_> }
Ur,s

(33)
where

rs = 3.8 -tanh(0.16 - (Lers +0.4)) +0.25y/Ler s + 0.4 (34)

brs = 10.6 - €035 Lers 4 0570208 1+ 137035 — 10 (35)

1 3
u, 1—u 3 a
U20gr,s = <<—u::) -—( uoooo) . [1 + (ngrs + Too) :l — 1) — ’U,sio (36)
e boe L
A2zgr,s = 2967': Q2gr,s = ;CTS and Ler,s = ej::: (37)

troo = V1 + 4(too — 1)2, Usoo = /1 + 4u2,, and ue, = 0.10(e 8Lers — ¢703Lersy 4 05 (38)
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Partial differentiation of the angular friction factor yields

afﬂr s0 aflr 50 8f0gr s0 3f0r 50 aflr s0 af& 7,50
50 _ 80 3 d 80 _ ) gr,

Ohy Xolr,s Bho Xgr,s Bk an aur,sO Xolr,s aulr,so + Xgr,s 8“7-,30 (39)
afﬂgr 50 11 3f9gr s0 1
ZJogrsd - — d 29905

8h0 hO 3 (al fﬁgr,sO) an Uy 50 Urs0 f0gr,50b6gr,s() (40)

1 1
it = |t (172 (757) w
26gr,s 3
(_hso_ + m) fgr,s0 7,50/10
Partial differentiation of the axial friction factor yields
8fzr s0 O f1r 50 wo afzgr s0 Ofor.50 Of1r,s0
) — k) E) d ¥ —— 3 O 42
ko Xzlr,s o + Xzgr,s tr.s0 9o an aur,sO Xzlr,s 611[,’50 + (42)

8fzg'r s0 1 Grs  [02zgr,50 a1 afzgr s0
SU 2 IS 39 1 B _ d AL
T 3ho \2ho\ o Fearso = g ) A G 0 @Y

A.3 Hole pattern seal friction factor
w
f Xlrflr + th th? f9s = Xlsfls + th ths and fzr s Xlr,sflr,s + Xhr,s Tfhr,s (44)
.5

The weighting factors, mean land length and hole area fraction are given by

-Z’lr,s 7 407 dhr,s

1y hole area, 4
= s Xhr,s = )
Llr,s + dh.r,s

—— Ly =d, sand yp s = ————12 (45
Lirs +dprs fr.s s Yr,s T8 = Yotal area, (43)

Xir,s =

dpr s are the diameters of holes on rotor and/or stator surface respectively. If x;, < 0 it is set
equal to zero.

The hole pattern friction model for both tangential and axial direction is given by

1
boas _ Gahrys 3 e d
fars = a1 [H (—2 e (VT +”"S>) } where apirs = 550 Lers = 2 (46)

20, ’ ’ €hr,s
ars = 3.8 - tanh(0.16 - (Lers + 0.4)) + 0.251/Ler s + 0.4 47
bys = 10.6 - e703Lers £ 0577208 4 137107 — 10 (48)

h is the non-dimensional film thickness, ey, ; are hole depths for rotor and stator, dy, s are the
hole diameters. C, is the minimum clearance for straight seals and average minimum clearance
for tapered seals. The terms % —r, u—, and 2, in Eq. 44 are needed since the friction factor for
the holes in the tangential direction is related to the tangential flow only and the hole friction
factor for the axial direction is related only to the axial flow. For holes on rotor and stator the
friction factor is assumed to be isotropic. Partial derivatives are similar to those for the axial

direction groove friction factor.
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ABSTRACT

Rotor dynamic stability plays a crucial role in high-pressure boiler feed pumps
because it directly affects availability. The major factor of influence are rotor gaps, e.g.
those between impeller and pump casing, balancing device and casing as well as those
of the journal bearings. They improve the damping characteristics and can therefore
reduce the radial displacement of the shaft.

Particularly the long gap of the central balancing device can contribute to the
instability of the rotor, e.g. if the fluid enter into the gap with swirl. In order to avoid
this, so-called "swirl-brakes" can attached at the gap entrance. The rotor gaps doesn’t
influence only the rotor stability, but also the pump efficiency by changing the leakage
flow. Thus a compromise between stability an efficiency has to be made.

In this paper the optimization of the rotor-dynamic stability of the rotor is described.
Several honeycomb rings are installed in the balancing device of a high pressure boiler
feed pump to improve stability an efficiency.

INTRODUCTION

The development to even higher performance boiler feed pumps, e.g. by increasing
the speed, the dynamic loads increase in a similar way. The vibrational behavior of a
pump during operation characterises its loading, which is influenced by the appropriate
selection of bearings and dimensioning of the gaps. Limiting values defined, such as
those recommended in, among others, API 610 [1] have to be adhered to if the pump is
to qualify for acceptance.

The displacement of the rotor shaft largely depends on the rotor gaps, such as: the
gaps between impeller and pump casing, those between balancing device and casing, as
well as the clearances of the journal bearings. Therefore, these must be developed in a
way that they stabilize the rotor. The vortex destabilize the rotor, therefore this must be
minimized. This can be achieved e.g. by the installation of swirl brakes or honeycomb
profiles. The influence of honeycomb profiles on rotor dynamic, which are equipped in
the balancing device is presented in the first part of this paper.
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Besides the influence on the rotor dynamics, the balancing device compensate the
axial thrust, which is caused by the pressure distributions along the impeller of each
stage. The counteracting force is generated by a pressure drop along the balancing
device. This pressure drop is only possible, if a gap flow exsits. To keep overall
efficiency high, this gap flow has to be minimized. This target can be achieved with
different profiles. It has to be considered that some profiles can destabilize the rotor
dynamic behavior [2,3,4].

In this investigation several honeycomb rings are mounted into the balancing device,
simultaneously the balancing flow was measured. In the second part of this paper
frequency measurements are presented, which show the influence of the honeycomb
profiles on the rotor-dynamic behavior.

Fig. 1: Central balancing device in a multistage boiler
feed pump
@ impeller, @ slit seal, ® diffuser with return
guide, @ stage casing, ® discharge casing,
® balancing room, @ balancing disc,
balancing counter disc, @ shaft

PUMP TEST RIG

All measurements were carried out on a seven-stage high-pressure ring-section pump.
The investigation of the vibrational behavior is part of a project conducted at the
Kaiserslautern University for identifying the excitation mechanisms of subsynchronous
vibrations [5]. The pump is excited at the drive end. A shaker induces the oscillations
into the bearing house, sweeping a frequency band from 30 to 100 Hz continuously in
both the horizontal and vertical directions.

The main criterion for selecting this pump was the possibility it offered for measuring
the rotor displacement directly in the hydraulic area. Access to the shaft was gained by
replacing every second stage through a blind stage (Fig. 2) The pump has no impeller
gaps in the blind stages. Therefore the stabilizing of the rotor is reduced. By selecting
plain bearings and mechanical seals, it is ensured that the resulting rotor would be
highly sensitive to vibrations. In addition to the measuring point in the middle of the
bearings (shaft centre), the bearing housings were also equipped with two displacement
sensors, In order to measure the radial shaft movement. The bearing house on the
discharge side was also equipped with a displacement sensor for monitoring the axial
shaft position. Furthermore, the balancing water flow is measured and likewise the
pressure at the gap entry.
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Process data

Pump momtonng data
aquisition

Fig. 2: Test pump, n_,, = 6500 rpm; Q,,, = 132 m*h; Fig. 3: Sens
H,, =2310m

opt

The measured signals and the process parameters defining the operating point of the
pump were transmitted to computers using data acquisition systems further processing
(Fig. 3).

The boiler feed pump under investigation is currently installed in the pump condition
monitoring test rig at the University of Kaiserslautern (Fig. 4). The dimensions of the
test rig are such that it can accommodate any kind of vertical or horizontal pump with a
drive rating of up to 85 kW at a pressure of up to 60 bar, a maximum temperature of 140
°C and a capacity in the range from 5 to 500 m*/h. The rig also qualifies for acceptance
tests, as all sensor locations are in compliance with DIN 1944 and ISO 3555
requirements. With this setup it is possible to document the vibration response of high
pressure multistage ring-section pumps as a function of the operating point.

mduusive Now
expanvion jaint heat exchanger casuremont

Jerticat horizontsl

Fig. 4: Pump condition monitoring rig at
Kaiserslautern University

CHARACTERISTICS OF A MULTISTAGE RING-SECTION PUMP

Mechanical stress and design considerations limit the head per stage thus requiring
the design of multistage pump. The maximun number of stages is limited by deflection
and the admissible peak-to-peak vibration. The shift of the critical speed and the
exitation forces must be considered, too.

In multistage high pressure boiler feed pumps axial forces of several tons can occur.
For design reasons each individual impeller can’t be discharged by the axial thrust.
Therefore a central balancing device is added after the last stage, e.g. single piston,
balancing disc or double piston. The balancing disc is divided into an axial throttle gap
and a radial adjust gap (Fig. 6).
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Fig. 5: Pressure distribution and force components
in a multistage ring-section pump

For the calculation of the resulting axial thrust, the pressure distributions must be
integrated and added for every single stage (Gl. 1-4).
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Without any flow through the impeller side gaps, the ratio of angular velocity k is
constant. It does not depend on the radius:

k=k, ")

As shown in figure 5, in multistage pumps the gap flow on the pressure side is
directed to outer diameter of the impeller. The ratio of angular velocity k is in this case
a function of the radius. Analytic solutions of the governing equations have not yet be
found (6,7,8].

k=k(r)=k, ©
Forces in throttling gaps at the impeller and at the balancing device have a crucial
influence on the vibration response of the pump rotor: they largely influence the

eigenvalues and eigenmodes of the vibration, the amplitudes in case of forced vibrations
and the stability limits.
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In the literature only few publications deal with long throttling gaps (L/D > 0.75),
installed in balancing devices [3,4]. Childs [3] recommends two configurations, which
are favorable for the stability rotor with long gaps. If honeycomb profiles are mounted
into the central balancing device, the main damping D increases. The circumferential
velocity, and thus the cross couple stiffness k, can not be reduced by honeycomb
profiles. On the other hand labyrinth seals with swirl brakes can be mounted into the
balancing device. The swirl brakes achieve a reduction of the cross couple stiffness k.

HYDRAULIC MEASUREMENTS

First the balancing device of the boiler feed pump was converted in such a way that
in the following investigations honeycomb rings can be integrated into the balancing
counter disc (Fig. 6). The clearance gap width was adapted to the delivery status of the
manufacturer and the shaping of the balancing disc was not changed.
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220

Fig. 6: Central balancing device with honeycomb Fig. 7: Characteristic curve without honeycomb rings,
rings n = 3000 rpm
@ balancing disc, @ locking bushing,
@ honeycomb rings, @ balancing counter
disc, ® pressure probe

The assembly described above was selected as reference measurement, but without
any honeycomb profile. The rotor speed is n = 3000 rpm. The boiler feed pump has its
best efficiency point at Q = 60 m3*/h and H = 275 m. Towards part load operation the
gradient of the characteristic curve decreases compared to the design duty point (Fig. 7).

The balance water flow was measured in the return pipe (Fig. 8). The leakage was
reduced up to a capacity of Q = 30 m3/h by approx. 30 % and risen then again approx.
20 % with Q = 10 m*/h.
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Fig. 8: Balance water flow without honeycomb rings, Fig. 9: Axial rotor position without honeycomb rings,
n = 3000 rpm n = 3000 rpm

The axial position of the rotor (Fig. 9) shifts to the suction side, starting from
operating point to part-load. Up to the capacity of Q = 30 m?/h, the rotor shifts to the
suction side; between 20 m?*/h < Q < 30 m?h to the discharge side and below Q < 20
m?*/h to the suction side again.

After the reference measurement without, honeycomb rings were inserted into the
balancing counter disc. Only the balancing water flow (Fig. 10) is depicted as the
characteristic curve and the axial position remain unchanged. The clearance gap width
could be selected smaller at the honeycomb rings (0.1 mm), because they have better
resistance to galling.
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Fig. 10: Balance water flow with different honeycomb
ring configurations, n = 3000 rpm

The smaller clearance gap is not dominant - compared to the circumference velocity -
, because the balance water flow increases in the configuration with two honeycomb
rings. Only after the installation of three honeycomb rings, the balance water flow
decreases again. Probably, now the circumference velocity was reduced, so the smaller
clearance gap width has an influence again and the balance water flow also decreases.

FREQUENCY MEASUREMENTS

Matz [5] investiged self-oscillating behaviour with double clearance gaps. As a
result, three raised amplitudes were found in a stimulated frequency band from 50 Hz to
100 Hz. The amplitudes of these frequencies increased in comparsion to their
neighbouring frequencies. These can be used as possible natural frequencies of the
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boiler feed pump. There are three ,frequency-windows" in which the rotor shows high
oscillation amplitudes. These frequency ranges are between 53...56 Hz, between 59...64
Hz and 67...74 Hz, with the natural frequencies at 55,4 Hz and 58,9 Hz. With double
gap height yet another natural frequency was determined at 72,5 Hz. Within these
ranges, frequency shifts which are caused by anisotropic oscillation behaviour can
occur. Their extent depends e.g. on the variation by the assembly.

In this project the rotor's natural frequencies should be shifted and/or damped, as the
honeycomb profiles are installed into the central balancing device.

Before the modification of the boiler feed pump the natural frequencies identified so
far were reproduced [5]. The following frequencies were characterised by a amplitude
increasing clearly to their side frequencies: 55,0 Hz, 59,7 Hz, 61,6 Hz and 70,6 Hz.
These results are indentical to those of [5].

/

natural frequencies

/

amplitude S [pum]
B
T

amplitude _, [pm]

00, L

30 % 50 60 0 80 0
frequency [Hz} frequency [Hz)
Fig. 11: Frequency spectrum before the modification Fig, 12: Frequency spectrum without honeycomb

ring

After the discharge housing was modified in such a way that a new balancing counter
disk could be used, which could take up different locking bushings and honeycomb
rings. The following gap geometry was selected:

gap data: honeycomb profile:

gap-diameter 75 mm cell-deep 3,5 mm
gap-length 84 mm cell-width 1,59 mm (1/16%)
gap-heigth at smooth gap 0,15 mm width of one honeycomb ring 15 mm

gap-heigth at honeycomb profile 0,1 mm

pressure-difference 24 bar

Figure 12 shows the frequency spectrum after the modification, with which no
honeycomb ring had been inserted. The measuring position "shaft center" is represented
with this measuring point, because the rotor shows particularly large amplitude
excursions. Additionally with the modification of the boiler feed pump this measuring
position was not changed. Furthermore the balance of the machine remained unchanged.

experimental parameters.

rotor speed n = 3000 rpm
operating point Q=10*Q,,
vibration excitation plane  vertical
measure position shaft centre
measure plane Y-plane
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In the first frequency window (53... 56 Hz), there are possible natural frequencies of
52,5 Hz and 56,3 Hz. It is remarkable that the frequency, that occurred in the second
frequency window (59... 64 Hz) was strongly damped at 60 Hz. The amplitude was
reduced by approx. 60 %, compared with the first configuration (Fig. 11). However two
increased amplitudes occurred below 50 Hz. The reason for this could lie in the altered
damping and stiffness characteristics, by the modification of the discharge housing and
the balancing device. The natural frequency of 70,6 Hz, identified in the third window
(67... 74 Hz), did not occur as expected, because this is to be assigned to the gap wear
[5].

For the further changes, this measurement serves as a reference measurement, due to
only the number of inserted honeycomb rings being varied in the following changes.

The inserted honeycomb ring has a width of 15 mm, which corresponds to 18 % of
the length of the gap. In Fig. 13 the frequency spectrum of the measuring position ,,shaft
center” in Y-plane is represented.

natural frequencies

amplitude ., o pen M)
s

2 N
30 a0 50 60 70 80
frequency [Hz]

Fig. 13: Frequency spectrum with one honeycomb
ring

On installation of one honeycomb ring the value of the main damping D increases,
whereby the measured amplitudes are reduced at the natural frequencies of 52,5 Hz and
56,3 Hz by more than 50 %. An increasing of the amplitudes can detected at 62 Hz and
70 Hz.

With the following change, two equal honeycomb rings are inserted into the
balancing counter disk (Fig. 14). In the comparison to the reference measurement the
amplitudes can be absorbed here with the natural frequencies of 52,5 Hz and 56,3 Hz by
approx. 20 %. These values are however larger in relation to the measurement achieved
with one honeycomb ring of approx. 30 %. Further increased amplitudes occur at 60 Hz.
In the comparison to the measurement with one honeycomb ring these are substantially
higher. The amplitude at 70 Hz, measured before, remains unchanged.
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Fig. 14: Frequency spectrum with two honeycomb
rings

The frequency spectrum (Fig. 15) in the comparison to the measurement with two
honeycomb rings could be improved only slightly by the additional installation of a
third honeycomb ring. The amplitude of the natural frequency at 61 Hz was reduced -
related to the previous configuration - by approx. 30 %, while the amplitudes of the
natural frequencies at 52,5 Hz and 56,3 Hz remained constant. The measured rise of the
amplitude at 70 Hz is approx. 15 %, compared with the measurement with one
honeycomb ring.

Obviously the damping characteristics can be not substantially improved by the
application of two or three honeycomb rings. The lowest amplitudes were achieved with
one honeycomb ring. This result should be verified with further attempts, where the
profiled balancing disk is exchanged with a smooth one.

T T

natural frequencies
L

. L .
“30 40 50 60 70 80

amplitude . . ... [bm]

frequency {Hz}

Fig. 15: Frequency spectrum with three honeycomb
rings

DISCUSSION OF THE MEASUREMENTS

The measurements presented in this paper show that the balance water flow is mainly
determined by the radial gaps of the balancing disc. Throttling of the balancing water
flow in the operating point, leads to an increase of the axial thrust and the rotor shifts to
the suction side. Thus, the radial clearance of the balancing disc becomes closer and
therefore also the balance water flow is reduced.
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If honeycomb rings are mounted into the balancing counter disc, the flow resistance,
due to the reduction of the circumferential velocity, is reduced and the balance water
flow increases. If three honeycomb rings are inserted in the balancing counter disc, the
balance water flow decreases again, remaining on the level with one honeycomb ring.
Conclude from that, the increase of the leakage flow with one and with two honeycomb
rings depends on the flow resistance. With three honeycomb rings the leakage flow is
obviously influenced by the gap height and the length of gap.

The measurements of the frequency spectra resulted in, that the lowest amplitudes
were measured in the configuration with one honeycomb ring.

SUMMARY

In high pressure boiler feed pumps the central balancing device plays a crucial role
for rotor-dynamical and hydraulical points of view. On the one hand, the axial thrust,
which results from the pressure distribution at each impeller stage, must be
compensated. This can only be carried out, if due to throttling an appropriate counter
acting force is produced. The leakage flow occurring thereby, can be minimized by
various gap profiles. On the other hand, the rotor can be stabilized or centered by the
stiffness and damping characteristics of the balancing disc. Therefore the rotor-dynamic
coefficients of the profiles must be selected in such a way that no instabilities can occur.

In this investigation honeycomb rings were mounted into the central balancing
device. It was shown that a minimal leakage flow and a good stability of the rotor could
not be achieved at the same time. Therefore a compromise must be found. Further
investigations in this area will be necessary, because only some parameters influencing
this behavior are known yet.
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ABSTRACT

In this study, the rotational acceleration of Oerikon-type spiral bevel gears and the vertical
acceleration of the housing are measured under various conditions. At the same time, the root
stresses are observed in order to assess the meshing condition of the gears. We conclude that it
is important to estimate the rotational acceleration of spiral bevel gears in order to reduce the
vibration of the gear housing. It is found that the rotational vibration of gears is related to the
real contact ratio. In addition, we proposed use of the free vibration to model the rotational
motion of spiral bevel gears by means of equivalent spur gears. Results calculated using this
model are in good agreement with experimental ones.

Key words: Spiral bevel gears, Tooth root stresses, Rotational vibration, Tooth contact ratio

1. INTRODUCTION

In the case of parallel axis gears (for instance, spur gears or helical gears), it is clear that
rotational vibrations of gears are mainly transmitted to the gear housing through gear shafts
and bearings. Therefore it is necessary to improve them in order to reduce vibration of the
gear housing. There have been many reports evaluating the dynamic behaviour of gear
rotational vibration under running conditions (1)-(3). Many models for parallel shaft
transmission have been presented in these reports.

On the other hand, spiral bevel gears have been widely used as low noise gears among bevel
gears. Many studies have been done on the static transmission error, stress analysis and their
reliability (4)-(8). However, in the case of spiral bevel gears, there have been few studies
dealing with dynamic behaviour under running conditions (9), and little work has been done
to clarify the mechanism of vibration of the gears to reduce vibrations of the gear housing.
Moreover, the previous work has been limited to gear resonance failure. Therefore it is
necessary to clarify the vibration characteristics of spiral bevel gears to reduce vibration of the
gear housing.

In the present report, the rotational acceleration and the tooth root stresses of spiral bevel
gears arc measured to investigate the relationship between the tooth mesh and the vibration
caused by a dynamic load under running conditions. Additionally, we present a single-degree
-of-freedom model to simulate this rotational vibration.
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Table 1 Dimensions of spiral bevel gears (T type)

Drive gear 1 Driven gear
Tooth profile Oertikon
Module 7.500
Pressure angle (deg) 21
Shaft angle (deg) 90
Face width {mm) 214
Helix angle (deg) 38.0
Toolh depth (mm) 11.23 8.99
Addendum (mm) 5.5 2.40
Dedendum (mm) 5.88 6.59
Number of teeth 11 12
Reference diameter {mm) 82.50 90.00
Pitch angle (deg) 42.51 47.49
Material SCM822
Heat treatment Carburized

Table 2 Dimensions of spiral bevel gears (H type)

Drive gear l Driven gear

Tooth profile Oerlikon
Module 3.750
Pressure angle (deg) 21
Shaft angle (deg) %
Face width (mm) 19.0
Helix angle {deg) 38.0
Tooth depth (mm) 5.62 5.62
Addendum (mm) 2.60 2.40
Dedendum {mm) 3.02 3.22
Number of teeth n %
Reference diameter {mm) 82.50 90.00
Pitch angle (deg) 42,51 47.49
Material SCM822
Heat treatment Carburized

2. EXPERIMENTAL METHOD

2.1 Dimensions of gears

Table 1 and Table 2 show the dimensions of the gears used. These are Oerikon-type spiral
bevel gears with uniform tooth depth along tooth width, which are generated by face hobbing.
The material used is carbonized steel. Lapping of the tooth surfaces is carried out after the
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Universal-joint

Synchronous disk

Dynamometer

Figure 1 Experimental apparatus for running test

Accelgrometar

Accelerometer

(a) Drive gear (b) Driven gear

Figure 2 Positions of accelerometers

heat treatment processes.

Figure 1 shows the experimental apparatus for the running tests. Spiral bevel gears in the

transfer housing are driven by an AC motor (maximum speed 7 000 rpm). Transmitted power
is absorbed by a dynamometer.

Accelerometers are mounted on the gears, as shown in Fig. 2, in order to observe their
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Figure 3 Positions of strain gages
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Figure 4 Relationship between acceleration and frequency
(Mesh frequency=250 Hz, torque=46.8 Nm)

226 C576/015/2000 © IMechE 2000



double looth single tooth double looth
EontEct - comwael

N

Stress (MPa}
20MPa
1

one_pilch

e Time (Sec)
7
Stress: Heel of drive gear € s
3 %[: AN e NN
®
i th doubls h
oot Sgaet et s one pitch Time (Sec)
_—F:rlt.q— —_—
- Stress: Heel of drive gear
§¢
rt é[ 5
.% _ P i 3 g[ I N e
&
one pilch Time (See) ons_pitch Tima (Sec)

Stress : Toe of drive gear Stress: Toe of drive gear

doubla toolh singls Ioath double toolh
et e G

ELMWWWWM/\/\/\{MM

ons_pitch Time (6] one_pitch Time (Sec)

Acceralation (mvs')
S0mve
—

Acceralation (mvs')

Rotational acceleration: drive gear Rotational acceleration: drive gear

(a) Torque=46.8 Nm (b) Torque=4.68 Nm
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rotational vibrations under running conditions. It is feasible to obtain the rotational vibration
and the radial vibration by operating (adding and subtracting) the signals from two sensors on
each gear using an analog amplifier. The diameter between sensors on the drive gear is 38.5
mm, and on the driven gear 13.75 mm. The tooth root stresses are measured by a micro strain
gage in order to estimate the meshing time. Figure 3 shows the measured positions of strains
located at Rx=44.05 mm (toe side), Rx=50.05 mm (middle) and Rx=56.05 mm (heel side).
These signals are recorded through the slip rings shown in Fig. 1. Additionally, the vertical
vibration on the gear housing near the bearing of the drive gear is also measured by an
accelerometer.

The experimental conditions are 4.68 Nm — 46.8 Nm torque at the dynamometer and 684 —
2052 rpm motor speed. The tooth bearing patterns can be controlled by moving the axial
relative position between gears. As shown in Fig. 3, the concave face of the drive gear tooth is
meshed to the convex face of the driven gear in the running condition.

3. EXPERIMENTAL RESULTS AND DISCUSSION
3.1 Vibration on the gear housing
Figure 4 (a), (b) and (c) show the relationship between acceleration and frequency in the

running condition. The vertical acceleration on the housing, the rotational acceleration and the
radial acceleration at the drive gear are shown in the respective figures. As for the rotational
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vibration on the gear and the vertical vibration on the gear housing, the peak values can be
seen at the mesh frequencies (1fz, 2fz and so on, as shown in Figures) as well as the rotational
natural frequency (fn as shown in the Figures). However, these vibrations disappeared in the
radial direction of the gear. Thus, the rotational vibration caused by tooth meshing has a
significant effect on the vibration of the gear housing in the case of spiral bevel gears.

3.2 Meshing and rotational vibration

Figure 5 (a) and (b) indicate the tooth root stresses and the rotational vibration of gear in
running conditions. Looking at the tooth root stresses, it is found that the peak stress on each
side appears at a different meshing time because of the spiral tooth trace along the tooth width.
Furthermore, the meshing is started at the heel side of the tooth width, and is finished at the
toe side. Here, we compare the meshing start point and the rotational vibration. The large
vibration in rotation occurs at the initial meshing where the double tooth contact changes to a
single tooth contact. In particular, the dynamic load can be seen at the tooth root stresses on
the lower load, as shown in Figure (b). Moreover, it is also confirmed that there partly is no
load on the tooth surface in meshing because no stress appears in the Figure. The separation
of the gear teeth occurs in this time.

3.3 Influence of real contact ratio

There is a difference in the contact area on the tooth surface by the transmitted torque due to
tooth crowning. Additionally, the area is also affected by the initial setting of the tooth bearing.
So, we calculate the real contact ratio using the contact time of one tooth, the meshing time
measured by the root stresses. It is defined as (meshing time) / (one pitch time of a tooth).
Figure 6 shows the relationship between the real contact ratio and the fn component of the
rotational vibration at the same mesh frequency. In this figure, the results obtained using both
H type gears and T type gears are plotted. Running conditions such as initial tooth bearing
and transmitted torque are then changed. As a result, it is obvious that the rotational vibration
caused by the spiral bevel gear meshing decreases as the real contact ratio increases. The
dynamic load is significantly affected by this contact ratio. The increase in real contact ratio
effectively decreases the rotational vibration of the spiral bevel gears.
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Figure 7 Rotational acceleration of drive and driven gear
(Mesh frequency=500 Hz, torque=46.8 Nm)

3.4 Relative motion of drive and driven gears

Figure 7 shows the rotational accelerations of the drive and the driven gears when measured
at the same time. A synchronous motion occurs, and the relative angular displacements
between two gears indicate the coupled mode (as arrows show in the Figure), maintaining the
constant rotating motion. Thus, it is considered that the equations of motion for the single
degrec-of-freedom, such as spur or helical gears, can also be established for spiral bevel gears.

4. MODELING AND ANALYSIS

4.1 Modeling

Rotational accelerations caused by the dynamic load of meshing are attracted attention in
normal speed operations. As shown in Figure 5, the damping of vibration occurs sufficiently
if the mesh frequency is sufficiently lower than the natural frequency. Thus, the equivalent
equation of spiral bevel gears by means of cylindrical gears is indicated as Equation (1).

MX+CX+KX=0 (1)
Here,
X: relative angular displacement between the drive gear and the driven gear.
C: damping between the meshing gear teeth
M: equivalent mass moment of inertia of the two mating gears
K: mesh stiffness
Then the stiffness for the axial tooth profile can be obtained by the finite elemental method.
The mean value ko is used for calculation, because the mesh stiffness is varied at each
meshing point.
Here, the natural frequency (fn) based on the above model is presented by Equation (2)
n=(1/27 )X JkO/M ?)
The frequency calculated with this model is 1400 Hz by this model. As can be seen in Fig.
4(b), 1350 Hz is considered the natural frequency of this gear system in experiments.
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Accordingly, it is found that the calculated values using this equivalent equation are in good
agreement with the experimental ones.

4.2 Analysis

In general, it is difficult to obtain the damping C by the theoretical method. Thus, we assume
that the damping C is a logarithmic decrement such as Equation (3).

C=2{ XJk/M 3)
Here, { is the critical damping ratio, and { is 0.065, because it is considered the same one

of helical gears.

As can be seen in Fig. 5 (a), the large acceleration occurs at the initial point of single tooth
contact, where double tooth contact varies to single tooth contact. The angular displacements
at this are therefore used as the initial values of Equation (1).

Figure 8 (a) and (b) show the experimental and the calculated result, respectively. As regards
the motion caused by the dynamic load of spiral bevel gears, they are good agreement. Thus,
it is indicated that the application of the equivalent equation of cylindrical gears makes it
feasible to predict the motion of spiral bevel gears.
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5. CONCLUSION

1. The rotational vibration of the spiral bevel gears has a significant effect on the vertical
vibration in the gear housing.

2. The large vibration in rotation occurs at the initial meshing where double tooth contact
changes to single tooth contact.

3. The increase in the real contact ratio is effectively decreases the rotational vibration of
spiral bevel gears.

4. Tt is possible to predict the rotational accelerations caused by the dynamic load of meshing
in normal speed operations using the free vibration to model the rotational motion of
spiral bevel gears by means of equivalent spur gears.
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ABSTRACT

The squeal noise of the brake is a significant problem in vehicles and it has not been solved
satisfactorily until recently. It is well known that a squealing brake is more effective than the
non-squealing one. However, decreasing this squeal noise during braking is very important
for the comfort in driving. A multi-degree-of-freedom mathematical model has been
developed to study the effect of different parameters on the brake squeal noise. The model
has taken such factors as the distance between clamping bolts of the caliper, the width and
thickness of the friction material, which were not included in previous work. The state-space
equations developed have been solved using the program MATLAB. The program has been
used in this study to calculate the complex eigenvalues, which indicate the natural frequencies
and the instability of the system. It is evident from the analysis that squeal noise of the brake
decreases with increasing distance between the clamping bolts of the caliper and with the
increase in friction material thickness. However the squeal noise increases with increasing
the width of the friction material.

KEYWORDS:

Disc brake, brake squeal, friction material, instability, noise, friction, eigen frequency.

1 NOMENCLATURE

Fi to Inner and outer radius of the disc respectively.
h Semi-thickness of the disc.

u Coefficient of friction of the friction material.
0.0p Density of the disc and the pad respectively.
Ed Young’s modulus of the disc.
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Mg, Mp, Mc  Mass of the disc, pad and the calliper respectively.

Iy IpIc Moment of inertia of the disc, pad and the calliper respectively.

X4, Xp, Xe Displacements of the disc, pad and the calliper respectively.

0,6, .6, Angles of rotation of the disc, pad and the calliper respectively.

K4 Kii, K12 Linear stiffness of the disc, the inner and the outer pad respectively.
K, Linear stiffness of the caliper.

Cy4 Crr, Cr2  Linear damping of the disc, the inner and the outer pad respectively.
CL Linear damping of the caliper.

Cra,Cr1,Cr2  Rotary damping of the disc, the inner and the outer pad respectively.
Cr Rotary damping of the caliper.

Kra,Kri,Kr2  Rotary stiffness of the disc, the inner and the outer pad respectively.
Kz Rotary stiffness of the caliper.

2 INTRODUCTION

The theory of vehicle brake squeal noise attracted attention many years ago because of the
complex dynamic problem during the duty of the brake. A number of issues have come to
light to solve the problem of the brake squeal noise but it has not been solved yet. Moriaki (1)
studied the low frequency brake groan that occurs due to the increase in the disc temperature.
It was observed that the groan noise is an oscillatory phenomenon, which occurs from the
effect of vibrations on the friction force between a disc and a pad during coupling of two
rotational vibrations of a disc caliper. Nishiwaki (2) studied this squeal experimentally and
theoretically by modifying the disc to eliminate brake squeal that occurred by self-excited
vibration. The vibration modes during brake squeal generation at 6.32 kHz and 8.25kHz were
visualized by Holographic Interferometry. However, the conventional disc vibrates at the
maximum amplitude in the area excited artificially. Yasuaki (3) studied also the squeal of the
disc brake experimentally by installing accelerometers on the back-plate of the pad. It was
observed that the higher the coefficient of friction, the more the disc squeals. Bracken (4)
used a brake dynamometer to study the same phenomena by knowing the intensity and
duration of the squeal and also the frequency range of the squeal. Other variables to be
controlled during the occurrence of the squeal like pressure, temperature, and speed ranges.
Another point of view in dealing with the squeal was studied by Earles (5) who dealt with the
squeal as not a serious problem considering that the squealing brake provides more effective
braking than a non-squealing brake. A test rig was designed as an attempt to produce a
system, which is more representative of a disc brake. It was concluded that increasing disc
damping and allowing a decrease in disc stiffness would appear to produce the most benefit of
decreasing the squeal noise generation. Millner (6) dealt with the squeal theoretically by
studying the first eight disc mode instabilities for p (coefficient of friction) less than 0.5. The
least value of linear stiffness of the caliper 318 MNm to give instability was obtained at the
third mode. The effect of negative friction-speed slope on the brake squeal was analyzed by
Yongbin (7) who established a finite element model for the disc brake squeal. It was
concluded that the brake squeal occurred due to the coupled vibrations of the brake system
even if the negative p-speed slope doesn’t exist. The squeal propensity increased with the
friction level when the negative p-speed slope is absent. It was also that increasing the steel
back-plate thickness and also lining thickness might reduce the squeal propensity.

In a separate piece of work a new system was developed to stop the squeals by Nishizawa (8).
evaluating the electronic control canceling for the noise (ECCN) with the test vehicle. The
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ECCN was installed in both front calipers of the test vehicle to stop the low frequency squeals
(2-4KHz) by decreasing the rotor vibration electronically on both the noise dynamometer and
the test vehicle. Thomas (9) studied the effect of the support stiffness and damping conditions
on the measured modal parameters like frequencies and damping ratios. It was realized that
the increase of the measured frequency of the supported system was related to the square of
the frequency ratio of the rigid body mode and the elastic mode.

It is clear then from those issues that; there was no recommendation for reducing the squeal of
the disc brake. The designed model has taken such factors as the distance between clamping
bolts of the caliper the width and thickness of the friction material, which were not included
in the previous work. These factors might affect the disc brake squeal noise.

3 MATHEMATICAL MODEL OF THE DISC BRAKE SQUEAL NOISE.

It is well known for the floating caliper disc brake type that the piston of the caliper presses
on the inner pad towards the rotor and the supporting bolts of the caliper push the outer pad
towards the rotor as a reaction force. So, there is a lag between the two pads to press on the
rotor and it is assumed that the forces occur at the same time and it is fully contact between
the pads and the rotor during this application. A theoretical 8-degree of freedom mathematical
model has been developed in this study depending on the theoretical model of North (10) and
Millner (6). Other assumptions was made in the model including:

1- The disc has two degrees of freedom, one in the x-axis direction and the other around the
y-axis direction.

2- The pads have two degrees of freedom, the first one in the x-axis direction and the other
one around the y-axis direction.

3- The piston moves in the x-axis direction to the caliper.

4- The contact forces FI and F2 are parallel to the face of the rotor and will be activated
during the contact between the pads and the rotor.

5- Itis also assumed that the rotor and the pads vibrate in the same mode.

Based on Newton’s second law, the equations of motion of the disc brake in figure (1) can be
written as:
ded + CLl(xd _xP1)+ KLI'(xd —XP1)+ Kd.xd +Cdxd +CL2(xd —.X'PZ)

1
+KL2.(xd—xP2)+Fl.9d +F20d =0 ( )

+Kga (B —0py)+ F2h+ F1Lh=0

2

M pyxpy + Cppy(3p; = %4) + Kppy(xpy = Xg) + Copy (Xpp — %) + Kegg(xpr = x) =0 ()

Ipy0py +Cri(Op1 = 04) + Kgy-(Op1 =04+ Cr1-(0p —0.) + Kgy-(Op1 —0c) 4)
—-Fld+F3d=0
MPZ.X.PZ +CL2.().CP2 —xd)+KL2.(XP2 —xd)+CL.()'CP2 _xC)+KL'(xP2 _.XC) =0 (5)

C576/027/2000 © IMechE 2000 237



Ty bpy + CraBpy =0,)+ Kpp-(Bpy = 04) + Cra-(Bpy —0c) + Ko (Bpy —6¢)

Q)
+F2d=0
Mcic+Cp(ae —xp)+ K (xe —xp)+ Ky xc +Cpxc +Cry(Xc —Xpy) o
+ Ky xc —xpp)=F1=0
1080+ Cp(Bc —0p)+ Kp1 (O —0p)) + KO- +Cg.bc +F3b=0 (8)
( KCL2 ’ , , /// KCX/\_J
// N\ 2 /
Fig. (1) Theoretical 8-degree-of-freedom mathematical model
Where FI = . RI =p[F,, +Cpy(xy —xpy )+ Ky (xg = xp; )} 9
F2 = p R2=plFy +Cpo ity —2py )+ Kp (g —2p2)) (10
F3=p R3=p, [F, +Cp (e —xp )+ Ky {xe —xp )} (11
The equations from (1) to (8) can be rewritten in the form of:
X+(c/myx +(k/m)yx =0 (12)
¥+ 2L i+ 0lx=0 (13)
Where @, is the natural frequency of the system.
4 is the damping ratio or viscous damping factor and equal to {=c/2.m. w,
We assume the solutions of the form
xs =Age”
0; =By e”
Xp1 =Cp1. eb},,
6,1 =D,,.
(2 (2 z
Xp2 =Lp. €
9p2 :sz. e)"
x. =G e
6, =H,. o
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And by substitution in the main equation, the characteristic equation can be expressed in the
following form:

N+2. o, A+ 0l=0 (14)
and the roots of this equation are

Mz=w (- +:J(*-1)) And  A2=w, (< = (CF=1))

and now, we have three categories of damped motion:

1- If {>1 (over-damped) the roots will be negative real numbers and the system will decay
without oscillation for a long period.

2- If { =1 (critically damped) the roots will be negative real numbers equals to -{w, and the
solution will be in the form x=(Al1+A2.t). ¢ . The system will decay in relating long
time and the motion will be non-periodic.

3- If {<1 (under-damped) the system will decay in a short time and the solution will be in the
formof x;=Ay4 & sin (wat+y) where wy= wy. (1 -é’z ) 2

4 RESULTS

Generally, disc brake squeal is caused by the unstable vibrations of the brake system and to
know if the brake system will squeal or not, it is possible to check the stability by applying a
Matlab program. This program has the ability to carry out the eigenvalue analysis that can
indicate the instability level and the natural frequency which the corresponding eigenvalue
problem will be in the form of dez ([A]-A[1])=0. Each eigenvalue A is a complex number that
contains two parts. The first part is real and the second part is imaginary. If the real part is
negative, this indicates that the mode is damped and stable but in some cases the real part will
be positive, it means that the mode is not stable and the damping is negative.

From the eigenvalues, the instability levels and the eigenfrequencies are calculated. The
instability level (degree of instability) is defined as the real part of the eigenvalue a=Re [A]
and the eigenfrequency is defined as the imaginary part of the eigenvalue w=ImfA] rad/sec.
Some authors took the instability level as a squeal propensity and others don’t. In this work
the squeal propensity (o) that is the squeal index will be taken as o = (OL2 +02)"* sin(8/2) as
Millner’s (6) assumption and the results agree with it. The eigen frequencies will be taken as
a2t Hz. Where & is the phase angle and equal to arcran (/).

The data of the disc brake used in the numerical work is that:

Mass | Density | Outer | Inner [Poisson’s |Thickness [Width |
(kg) (kg/m3) radius | radius ratio (m) (m)
(m) (m)
Rotor 34 7800 | 0.107 | 0.063 0.27 0.012 - -
Friction | 0.194 | 3000 - - 0.23 0.0154 | 0.031 | 0.42
material

Table (1) The disc brake data
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The equations of motion (1-8) can be rearranged into a matrix form as in the appendix and
can be solved by using the state space method in the form of:

x=Ax + Bu. (15)
y=Cx + Du. (16)
Where

is the System 16x16 matrix (in the appendix).
is the Input 16x1 matrix (in the appendix).

is the Output 8x16 matrix (in the appendix).
is the System State 16-vector.

is the Input vector.

= k0w

5 DISCUSSION OF THE RESULTS

Figure (2A) indicates the effect of the Young’s modulus of the rotor on brake squeal noise
and degree of instability. The modulus of elasticity of the brake rotor was increased from 50
to 200 GN/m> It can be noted from the figure that as the young’s modulus of the rotor
increases the squeal index decreases till a certain limit then increases again with the increase
in the modulus of elasticity of the rotor to give the best value between 80 and 120 GN/m®.
Further increase of Young’s modulus to 200 GN/m? only increases the squeal index slightly.
The maximum squeal 141 sec™ happened with a low modulus of elasticity and the best value
of squeal was between 90 and 92 sec”’ between 80 and 120 MN/m®. The maximum frequency
reached in this case was 6308 Hz as indicated from (2B) with the maximum instability of 150
(Real Part) as in figure (2A). Figure (3A) indicates the effect of the Young’s modulus (50-
1200 MN/m?) of the friction material on brake squeal noise and degree of instability. The
figure shows that as the young’s modulus of the friction material increases the squeal index
increases. The maximum squeal 243 sec™ occurred at a high modulus of elasticity of 1200
MN/m” and the best value of squeal was between 199 sec”! with a low modulus of elasticity of
50 MN/m®. The maximum frequency reached in this case was 10548 Hz as indicated in
figure (3B) with the maximum instability of 64 (Real Part) as in figure (3A).

Figure (4A) indicates the effect of the caliper stiffness on brake squeal noise and degree of
instability. The figure indicating that as the calliper stiffness increases the squeal index
increases. The maximum squeal was 190 sec™ at a high caliper stiffness of 600 MN/m®. The
maximum frequency reached in this case was 11531 Hz as indicated in figure (4B) with the
maximum instability of 60 (Real Part) as in figure (4A). It is cleared from the figure also that
the changing in the value of the squeal during the using of caliper stiffness between 200 and
400 MN/m? was small with respect to the value between 200 KN/m* and 200 MN/m?. When
the semi-distance between the clamping bolts of the caliper increased from 30 to 70 mm
figure (5A) the squeal index decreased to give the best value of the squeal at semi-distance
between 50 and 70 mm. The minimum value of the squeal index was 222 sec’! at semi-
distance Of 70 mm with a frequency of 2721 Hz. The problem in non-choosing the bigger
semi-distance between the clamping bolts of the caliper that will affect the size of the caliper
and the weight as well.

Figure (6A) shows that as the thickness of the rotor increases the squeal index decreases till a
certain limit then increases again with the increase in thickness of the rotor to give the best
value between 10 and 12 mm. The maximum squeal 140 sec” happened with a thinner rotor
of thickness 8mm. The maximum frequency reached in this case was 6337 Hz as indicated in
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figure (6B) with the maximum instability of 130 (Real Part) as in figure (6A). It can be seen
from figure (7A) that as the thickness of the friction material increases the squeal index
decreases to give the best value at 11.5 mm. The maximum squeal wasl83 sec’!
corresponding to a friction material of thickness 7.5 mm and the lowest squeal index was 170
sec”! with a friction material thickness of 11.5 mm. The maximum frequency reached in this
case was 4100 Hz as indicated in figure (7B) with the maximum instability of 45 (Real Part)
as in figure (7A). The problem in controlling the thickness of the friction material is the size
of the friction material itself and the weight as well plus the cost. Figure (8A) indicates that as
the width of the friction material increases the squeal index increases. The best value of
squeal was 89 sec”' a friction material width between 20 and 30 mm and after this width it
give unacceptable value of squeal. The maximum frequency reached in this case was 6925 Hz
as indicated in figure (8B) with the maximum instability of 142 (Real Part) as in figure (8A).

It was realized from this theoretical analysis that there are some parameters, which affect the
squeal index and degree of instability of the system. Choosing the appropriate specifications
of the disc brake like mass, young’s modulus, stiffness and dimensions of the brake might be
useful to get the suitable squeal index and instability of the brake. For example, increasing
the semi-distance between the clamping bolts of the calliper will improve the instability of the
brake but on the other hand it will affect the calliper stiffness and also the mass of the calliper.
Thickness of the friction material will decrease on the long term because of the wear and this
will affect on the mass of the friction material and the also the stiffness as seen in figure (7).
For the reason mentioned earlier, increasing the width of the friction material also will affect
the mass of the pad and the volume of the brake; hence it will affect the cost of the brake. So,
it is better to take the average of the parameters which achieve decrease of the instability and
increase of the brake performance.

6 CONCLUSIONS

It is clear from this study that brake squeal noise is a big problem in the car particularly on the
comfort of the passengers in the vehicle. Different parameters were used in this investigation
to study the effect of changing of these parameters on the brake squeal like the Young’
modulus of the rotor and the friction material and also the thickness of the rotor and the
friction material as well. Different parameters were also taken into account in studying the
squeal of the brake like the semi-distance between the clamping bolts of the caliper and the
stiffness of the caliper as well and the conclusions of these investigations are:

1- Increasing the Young’s modulus of the rotor will affect the system behavior and the best
value of the Young’s modulus between 80 and 120 GN/m? that give the lowest value of
the squeal noise and frequency.

2- Increasing the Young’s modulus of the friction material will increase the squeal index
noise of the brake system.

3- Increasing the semi-distance between the clamping bolts of the caliper will decrease the
squeal index noise of the brake system and also will decrease the degree of instability of
the brake system. The problem is, increasing this distance will increase the size of the
caliper and the weight as well.

4- Increasing the thickness of the friction material will decrease the instabilities in the brake
system. Decreasing of the friction material thickness will occur due to the wear resulting
from the contact and friction with the rotor.
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APPENDIX (including MATLAB program)

% THE DISC BRAKE SQUEAL OF THE MATHEMATICAL MODEL.

MD=3.4; % mass of the disc in kg

MP1=0.1945; % mass of the inner pad in kg

MP2=0.1945; % mass of the outer pad in kg

MC=1.80; % mass of the calliper in kg

L=0.04675; % gsemi-length of the pad in m

b=0.03155; % width of the pad in m

£=0.01035; % thickness of the friction material in m

ro=0.107; % outer diameter of the disc inm

ri=0.063; % inner diameter of the disc in m

H=0.006; % semi-thickness of the disc in m

d=0.007675; % semi-thickness of the pad in m

u=0.0508; % semi-distance between clamping bolts of the calliper in m
up=0.27; % polsson Ratio

MU=0.42; % Coefficient of friction of the disc

MUB=0.35; % Coefficient of the friction at rubbing surface, backplate
n=3; % number of disc nodal diameter

pl=7800; % disc density in kg/m3

Ed=124e+09; % Youngs modulus of the disc in N/m2

Epl=1e+09; % Youngs modulus of the inner pad in N/m2

Ep2=1le+09; % Youngs modulus of the outer pad in N/m2

FS=3000; % Steady state normal force acting on the the pad in N
F=le+05; % pressure acting on the pad in N/m2

IC=((MC*u~2)/3)}); % Moment of inertia of the calliper

IPl=((MP1*L"2)/3); % Moment of inertia of the inner pad
IP2=((MP2*L"2)/3); % Moment of inertia of the outer pad

Gl=(a* ((MUB*b) -a));
G2=(G1l*MC)-IC;

G=(G2*IP1*MP1l) - ( (a2} *IC*MC*MP1) - (IP1*MC*IC); % Millner's constant.
al0=((ri~2* ((ri/ (3*ro))-1)"2)*(1-(n"2))"2); % Millner'’s constant.
al=(2*ri* ((ri/{3*ro))-1)*(1-(n"2)) *(2* (1+up) - (n"2))}; % Millner'’s constant.
a2=(1/2)* (((4-(n"2))"2)+{(2*ri)/ro) *{(ri/ (3*ro))-1)*(1-(n"2)}* (((n~2}/3)-3)-2*(1-up) * (4-
(3*(n"2))-((2*ri) /ro) * ((ri/(3*ro))-1)*(1-(n"2)))}; % Millner’s constant.
a3=(2/3)*((((n"2/3) 3)*(4 n*2))+(2*(1-up) *(3-(2*n"2)})); % Millner’'s constant.
ad=(1/4)*((((n"2/3)-3)"2)+{4*(1-up) *{({(5*n"2/9)-1})); % Millner’s constant.
k1=(({ro”8) ~(ri®8})/{72*(ro*2})}-(2* ({ro”7)-(ri~7))/ (21*ro))+(1-
(2% (ri/ (3*ro) ) }* ({ri/ (3*ro})-1)) * ({({xro”™6) - (ri"6))/6)+{2*ri/5)*((ri/ (3*ro))-1}*({ro”5) -
(rins) )+ ((rin2)/4)* (((ri/ (3*ro))-1)"2) * ((ro™4)-(ri~4)); % Millner's constant.
k2=(ad* ((ro™4)-{(ri~d) )/ (ro"2))+(a3* ({ro”3)-(ri”3))/ro}+(a2* ({ro"2)-(ri~2}))+{al*(ro-
ri))+(a0*log{ro/ri}); % Millner's constant.

DD={{Ed*H"3)/ (3*(1-up”2))); % Flextural stiffness of the disc

wn={{DD*k2)/ (p1*H*k1l) )~ (1/2); % natural frequency of the disc

KDL= (wn”2*MD) ; % Linear stiffness of the disc in N/m

ID=({{ri+ro)~2*MD)/(4*n"2}); % Moment of inertia of the disc about the axis parallel
to disc face in kg.m2

KDR=(wn"2*1ID) ; % Rotary stiffness of the disc in N/m
KPL1=((2*Epl*b*L)/t}; % Linear stiffness of the inner pad in N/m
KPL2=( (2*Ep2*b*L) /t) ; % Linear stiffness of the outer pad in N/m
KPL1=KPL2;

KPR1=( (Epl*b*L"2)/t); % Rotary stiffness of the inner pad in N/m
KPR2= ({Ep2*b*L"2)/t) ; % Rotary stiffness of the outer pad in N/m
KPR1=KPR2;

KCL1=20e+03*20000; % Linear stiffness of the calliper in N/m
KCL2=20e+03*20000; % Linear stiffness of the calliper in N/m
KCL=20e+03%20000; % Linear stiffness of the calliper in N/m
KCL=KCL1;

KCL1=KCL2;

KCR=( (u*KCL) /2}; % Rotary stiffness of the calliper in N/m
KCR1=( (u*KCL1)/2); % Rotary stiffness of the calliper in N/m
KCR2=( (u*KCL2)/2); % Rotary stiffness of the calliper in N/m
KCR=KCR1;

KCR1=KCR2;

CDL=100; % Linear damping of the disc.

CDR=10; % Rotary damping of the disc.

CPL1=10; % Linear damping of the inner pad.
CPL2=10; % Linear damping of the outer pad.
CPL1=CPL2; % Linear damping of the outer pad.
CPR1=(CPL1*L"2)/3; % Rotary damping of the inner pad.
CPR2={CPL2*L"2)/3; % Rotary damping of the outer pad.

A2Bl=- (KPL1+KPL2+KDL) /MD;
A2B2=- (CPL1+CPL2+CDL) /MD;
A2B3=- (2*MU*FS) /MD;
A2B5=KPL1/MD;
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A2B6=CPL1/MD; A2B9=KPL2/MD;
A4Bl=- (MU*H*KPL2-MU*H*KPL1) /ID;

A4B3=- (KPR1+KPR2+KDR} /ID;
A4B5=- {MU*H*KPL1) /ID;
A4B8=CPR1/ID;
A4B11=KPR2/1ID;
A6B2=CPL1/MP1;

A4B6=- (MU*H*CPL1) /ID;
A4BY9= (MU*H*KPL2) /ID;
A4B12=CPR2/1D;

A6B5=- (KPL1+KCL1) /MP1;
A6B13=KCL1/MP1; A6B14=CCL1/MPl;
A8B2=(MU*d*CPL1) /IP1; A8B3=KPR1/IP1l;

A8B5=- (MU*d*KPL1-MUB*d*KCL1)/IPl;

A8B7=- (KPR1+KCR1) /IP1;
A8Bl3=- (MUB*d*KCL1) /IP1;
A8BLl5=KCR1/IP1l;
Al0B2=CPL2/MP2;
Al0B13=KCL2/MP2;

Al12B2=- (MU*d*CPL2) /IP2;
Al2B4=CPR2/IP2;

Al12B11=- (KPR2+KCR2) /IP2;
Al2B15=KCR2/IP2; Al2B16=CCR2/IP2;
A14B6=CCL1/MC; Al4B9=KCL2/MC;
Al4Bl3=- (KCL1+KCL2+KCL) /MC;

Al16B5={MUB*b*KCL1) /IC; Al6B6=(MUB*b*CCL1) /IC;
Al6B8=CCR1/IC; A16B11=KCR2/IC;
Al6Bl3=- (MUB*b*KCL1} /IC;

A16B15=- (KCR1+KCR2+KCR) /IC;

% any AiBi missing is zero

A8Bl6=CCR1/1IP1;
Al0B9=- (KPL2+KCL2) /MP2;
Al0B14=CCL2/MP2;

Al2B9= (MU*d*KPL2) /IP2;

A1B7
AZB7
A3B7
A4B7
ASB7
A6B7
A7B7
ABB7
ASB7
A10B7
Al1B7
A12B7
Al3B7
Al4B7
Al5B7
Al6B7

A=[AlBl
A2B1
A3B1
A4Bl
ASB1l
AGB1
A7TB1
A8Bl
A9BL
Al0BL
AllBl
Al12B1
Al13B1
Al4B1
A15B1
Al6B1

AlB4
A2B4
A3Bd
A4B4
ASB4
A6B4
ATB4

AlB5
A2BS
A3BS
A4BS
A5B5
A6BS
ATBS
A8B4 ABBS
ASB4  A9BS
Al0B4 ALOBS
AllB4 AllB5
Al2B4 A12B5
Al3B4 Al3B5
Al4B4 Al4B5
Al5B4 AL5BS
Al6B4 Al6B5

A1B6
A2B6
A3B6
A4B6
AS5B6
A6B6
ATB6
ABB6
A9B6
A10B6
AllB6
Al2B6
Al3B6
Al4B6
Al5B6
Al6B6

AlBB
A2B8
A3BB
A4BB
ASB8
ABBS
ATBE
ABB8
A9B8
AlOBS
AllB8
Al2B8
Al3B8
Al4BS8
Al5B8
Al6B8

AlBY9
A2BY9
A3BY
A4BY9
ASBY9
AGBY
A7BY
ABBY
A9BI9
AlOBY
AllBS
Al2B9
Al13BY
Al4BY
AlS5BY
Al6B9

AlB2
A2B2
A3B2
A4B2
A5B2
A6B2
A7B2
A8B2
A9B2
Al10B2
AllB2
A12B2
Al3B2
Al4B2
Al15B2
Al6B2

AlB3
A2B3
A3B3
A4B3
A5B3
A6B3
A7B3
A8B3
A3SB3
A10B3
AllB3
Al12B3
Al3B3
Al4B3
Al5B3
Al6B3

A2B10=CPL2/MD;

A4B2=- (MU*H*CPL2-MU*H*CPL1) /ID;
A4B4=- (CPR1+CPR2+CDR) /1ID;
A4B7=KPR1/ID;
A4B10=(MU*H*CPL2) /ID;
A6B1=KPL1/MP1;

A6B6=- (CPL1+CCLL} /MP1;
A8Bl=(MU*J*KPL1)/IP1;
A8B4=CPR1/IP1;

A8B6=- (MU*d*CPL1-MUB*d*CCL1) /IP1;
A8B8=- (CPR1+CCR1)/IP1;
A8Bl4=- (MUB*d*CCL1}/IP1;
Al10B1=KPL2/MP2;

A10B10=- (CPL2+CCL2} /MP2;
Al12Bl=- (MU*d*KPL2) /IP2;
Al12B3=KPR2/IP2;
A12B10=(MU*A*CPL2) /IP2;
Al2Bl2=- (CPR2+CCR2}/IP2;
Al14B5=KCL1/MC;
A14B10=CCL2/MC;

A14B14=- (CCL1+CCL2+CCL) /MC;
Al6B7=KCRL/IC;
A16B12=CCR2/IC;

Al6B14=- (MUB*b*CCL1)/IC;
A16B16=- (CCR1+CCR2+CCR) /IC;

Al1B13
A2B13
A3B13
A4B13
A5B13
A6B13
A7B13
A8B13
A9B13
AlOB13
Al11B13
alzsl3
Al13B13
Al4B13
Al5B13
Al6B13

Al1B10
A2B10
A3B10O
a4B10
A5B10
A6B10
A7B10
A8Bl0
A9B10
AlOB1O
Al1B10
Al12B10
Al13B10
Al4B10
Al5B10
Al6Bl0

AlB11
A2B11
A3B11
A4Bl11
A5B11
A6B11
A7B11l
ABBL1
A9B11
Al10B11
AllB11
Al2Bl1
Al3B11
Al4Bl1
Al5B11
Al6B11

AlB12
A2B12
A3B12
A4B12
ASB12
A6B12
ATBl12
A8B12
A9B12
Al0B12
AllB12
Al2B12
Al3B12
Al4B12
Al15B12
Al6B12

Al1Bl4
A2Bl4
A3B14
A4B14
A5B14
A6B14
A7Bl4
A8B14
ASB14
A10B14
A11B14
Al2Bl14
Al13B14
Al4B14
Al5Bl14
Al6B14

AlBlS
A2B1S
A3B15
A4B1S
ASB15
A6B15
A7B15
A8B15
A9B15
Al0B15
AllB15
Al2B15
Al3B15
Al14B15
Al5B15
Al6B15

AlBl6;
A2Bl6;
A3Bl6;
A4Bl6;
A5B16;
A6BL6;
A7BlE;
A8Blé;
A9B16;
Al0B16;
AllB16;
Al2B16;
Al3Bl6;
Al4B16;
Al15B16;
Al6B16];

B=[0;0;0;0;0;0;0; {( (MU*FS*d) /IPL) - ( (MUB*FS*d)/IP1));0;0;0; (MU*FS*d)/IP2;0;F/MC;0;

- (MUB*b*FS) /IC];

Z=eig(A);

C=[10000000000C000O0O0;
00100000000CGO0O0OCO0O0;
0000100000C000O0CC0CO0O0;
0000001000000O0O0 0;
0000000010000000;
0000000000100C00 0;
0000000000001000;
0000000C00000O0O010];

D=[0;0;0;0;0;0;0;01;

£=0:0.01:5;

iu=1;

y=step(A,B,C,D,iu,t);

plotit,y);
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Spiral vibrations in rotors due to a rub
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ABSTRACT

Spiral vibrations may develop in rotor systems when a full annular rub occurs. The rub on a
stationary fixed thin seal ring is considered in this paper. A rather refined model for the
thermal behaviour is presented, the thermal bow is calculated by an approximated method
which has been validated by comparison with results of a 3D finite element model, and the
vibrational behaviour of the rotor has been calculated by means of a traditional finite beam
element model, in which the bow is represented by an equivalent bending moment
distribution, and the contact force by a rotating external force. The normal contact force has
been modelled in this first approach as a simple linear elastic force, due to the deformation of
the seal, and the tangential force is simply the Coulomb friction force. The results allow to
analyse deeper the stable and unstable behaviours of rubbing rotors, which are known from
literature and field experience.

1 INTRODUCTION

A rub in rotating machinery occurs when the vibration amplitude in correspondence of a seal
exceeds the clearance in the seal. The orbit of the shaft is then restricted within the clearance
by the contact force with the seal. The rub may be a partial arc rub or a full annular rub.
During partial arc rubs the contact force has a component of the impulse type and higher
harmonic components may be generated in the vibration of the shaft and of the casing. Due to
the change of the stiffness which is experienced by the shaft during one rotation when it is in
contact with the casing or not, the rotor has variable stiffness parameters, and therefore also
sub-harmonic components can arise.

When a full annular rub occurs, then the main symptom is the unsymmetrical heating of the
shaft due to the friction force, which causes a bow to be superposed to the other exciting
causes (such as unbalances a.s.0.), and consequently a change in the resulting vibration
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vector. In a polar plot of the vibration vector one could see the extremity of the vibration
vector moving slowly on a spiral path.

The vibration vector (which is usually measured in the bearings of the machine) rotates
slowly generally in opposite direction with respect to the rotation of the shaft, and its
amplitude increases or decreases, depending on the rotating speed of the shaft (with respect to
the critical speeds) and on the value of the ratio of the rub introduced heat to the heat which is
dissipated along the rotor.

In heavy machines like turbogenerators in power plants these spiral vibrations are the most
common symptoms which are experienced during a rub.

Since more than 50 years the phenomenon of spiral vibrations has been observed and studied.
A rather simple model was developed by Kellenberger (1), which derived two sets of coupled
differential equations, one representing the thermal behaviour, which gives the time derivative
of the bow as a function of the heat balance, and the other representing the dynamical
behaviour of the rotor, modelled by a single degree of freedom system. Also the seal ring was
represented as a single degree of freedom system, so that the contact force depends also from
its dynamical behaviour. The coupling of the equations is represented by the fact that the
severity of the rub (and therefore the introduced heat due to the contact force) is related also
to the shaft vibration amplitude due to the developing thermal bow. As a solution of the
equations the real eigenvalues indicate stable (decreasing) or unstable (increasing) spiral
vibrations.

More recently other authors have analysed more deeply the behaviour of rubbing rotors,
referring to Kellenberger’s approach: in (2) the linear behaviour of real rotors with full
annular rub is considered, and in (3) also the non-linear behaviour with partial rubs.

But the thermal behaviour is represented by an empirical relationship, which is probably
unable to describe completely and exactly the transient development of the thermal bow. In
(4) the complete heat equations are solved by Galerkin approximated method, by neglecting
the heat conduction in axial direction, and the bow is then calculated by the temperature
moment virtual work. But it seems that the axial heat flow is also important in determining
the spiral vibration behaviour.

In this paper the thermal behaviour is described in detail by the complete 3D Fourier
equations, which are integrated by a finite difference method, using a suitable time step. From
the temperature distribution the thermal strains are calculated at each step, and therefrom the
corresponding bow by means of an approximate approach which uses “equivalent” external
bending moments. These rotating bending moments excite together with the original
unbalance the vibrations of the rotor. The rotor is represented as usual by a finite beam
element model. The influence of the developing bow on the rotor dynamic behaviour can be
calculated in the frequency domain, at each time step, because the thermal transient has time
constants which are several orders of magnitude higher than the time constants of the rotor
vibrational transient.

2 DESCRIPTION OF THE METHOD AND OF THE CONTACT MODEL

The part of the rotor in which the heat is introduced and where it propagates is assumed to be
cylindrical with constant diameter. The heat is introduced through nodes of the mesh, where
the contact occurs, which form the so-called ‘%ot spot’ (HS). The rubbing contact is assumed
to develop in one cross section only, where a seal with a small clearance is placed, as shown
in Figure 1. The temperature gradient in radial direction is very high and similarly in axial
direction too. For a rather long time nothing noticeable happens at distances from the HS of
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the same order of the radius, both in radial and in axial direction. This confirms that strain and
stresses are high and concentrated in a small volume around the HS. A ‘local bow’ develops.

Seal HS Stator

Stator

e

Rotor |
i

Figure 1 Rubbing contact and hot spot (HS) position.

Only after a rather long time, if the rotor continues rubbing, the gradient becomes lower and
also the points that are not very close to the HS will be interested by a temperature transient.
It should be also reminded that the HS migrates along the outer circumference, introducing
heat from different points.

The heat developed in the seal (and in the stator) is not considered. The stator is considered as
rigid and the seal as a spring of stiffness k;, so that the normal contact force N is linearly
dependent of the deflection & (deformation) of the seal. Also a non-linear contact force could
easily be considered, if desired. The friction induced tangential force T is equal to uN, where
4 is the friction coefficient. The introduced heat in 1 second is:

W=yk55§a) (1)

where D is the diameter of the rotor in correspondence of the seal and w the rotational speed.
Once the thermal behaviour has been studied, the bow and the equivalent bending moments
can be calculated, which force the rotor to change its vibrations. The rotor is modelled as
usual by means of finite elements. Close to the HS and symmetrically with respect to it, the
same positions of the nodes in axial direction have been considered, in order to apply directly
the equivalent bending moments.

The seal elastic deflection Jis given by:

S=x,—c (2)

where x; is the shaft vibration amplitude and ¢ the clearance. If the orbit is elliptical, as in real
machines due to ortotropic bearings, then x; must be considered as a mean value between the
major and the minor half axes which introduces the same heat in one revolution. In this
application the harmonic components higher than the first are all neglected.

3 THE THERMAL BEHAVIOUR
Hereafter a few details are given on analytical and numerical issues regarding the treatment of
the thermal part of the problem, leaving to upcoming sections a discussion on how thermal,

mechanical and contact components merge together to fully define the rotor behaviour. The
evolution of the temperature distribution clearly depends on the heat exchange modes
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between the rotor and the surroundings as well as within the rotor itself. A widely accepted

idealisation is as follows:

e pure heat conduction takes place in the interior of the rotor;

e the seal-rotor contact gives rise to a power generation that is modelled as a localised heat
source for the rotor;

e convection takes place all over the skin of the rotor to account for interactions with the
external environment.

By writing the Laplacian operator in cylindrical co-ordinates, one gets the well-known

Fourier equation in the form:

or K [&T éT T T 3)
—= d—+ + +
o p-Clort ror ro9 &
where K is the thermal conductivity coefficient [W/m °C], p is the mass per unit volume
[kg/m’], ¢ the time [s], z the axial co-ordinate [m], » the radial co-ordinate [m], § the angular
co-ordinate [rad], C is the specific heat [J/kg °C] and 7 [°C] is the temperature. An initial
temperature distribution as well as boundary conditions as specified above should be coupled
to the Fourier equation for the correctness of the problem.
The numerical solution of the Fourier PDE may be classically approached via well-
consolidated finite-element schemes. For the purpose of this investigation, however, a finite-
difference approach has been adopted, mainly to get an easier link to the other blocks of the
simulating code. One should in fact recall that, for any given time instant, the Fourier
equation is solved, the temperature gradients are used to derive the corresponding strains and
eventually equivalent moments are computed that represent the input to a frequency-domain
analysis providing amplitude and phase of the response, i.e. the rotor deflection.
Without entering details, it seems appropriate to show the discrete version of the Fourier
equation that, after finite-differentiation and some algebra, reads:

T.(r+1,%2)-2-T (r,8,2)+7T,(r-1,9,2) N

T"(r,l9,z)=T0(r,.9,z)+D-dt-|:

dr®
. T.(r+1,9,2)-T (r-1,9,2) +Tu(r,19‘+1,z)—2-Tu(r,.Sl,z)+Tu(r,l9—l,z) N 4)
r-dr rt-dg$?
. To(r,3,2+1)—2~T0(r,19,z)+To(r,l9,z—l)}
dz*

where D=K/pC is the thermal diffusivity coefficient, df is the time step and 7}, and 7, denote
the new (unknown) and old (converged) values of the temperature respectively. Furthermore,
notations such as r+7 and similar denote the value of the relevant guantity (temperature) at an
adjacent node. The discretised Fourier equation is written for all internal points of the rotor
and coupled to the discrete boundary conditions giving rise to a linear system of equations
having the current temperatures as unknowns.

Once the temperature distribution is evaluated, thanks to the isotropy of the rotor, standard
thermo-mechanical relations are used to get the thermal strains as:

g, =¢g5=¢,=a -(T-T))

5
Ty =V =V =0 5
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where « is a material-dependent thermal expansion coefficient. Latter components of the
strain tensor are then used to compute the stresses in the rotor by using standard isotropic
clasticity relations as:

1-v v v 0 0 0

Ox 1-v v 0 0 0 &y

o, £y

o p I-v 0 0 0 |,

e, [T drva-2v) 1-2v o |7s (6)

2
by 1—2v Ve
T, symm. 3 0 Yo
1-2v
L 2]

These are the stresses which would arise if appropriate constraints would prevent any
elongation. The axial stress distribution allows to calculate an equivalent bending moment,
which should generate similar strains and a similar overall deformation, as shown below.
The first step to determine the modulus M of that equivalent moment is to take into account
the strains ¢ given by eq. (5). A typical & axial strain distribution in the HS section is shown
in Figure 2, in which also the generated bow and the radial elongations are emphasised. The
axial strain distribution over the cross section is not linear and the cross sections subjected to
the temperature gradient, due to the concentrated heating at the HS, are very much distorted.
HS
e VAN Sz

Equivalent g distribution

Figure 2 Strain & in the HS section. Figure 3 Equivalent ¢ distribution.

This strain distribution, due to the thermal action, has to be modelled by mechanical loads,
which should reproduce at least the resulting bow.

For the evaluation of the bow, the components M, and M, of the equivalent bending moment
M are calculated separately, by considering the actual stress distribution over all the shaft
sections:

R2nm
M, (z)= [o, b, -dd= [ [o,(-.9)r" sin-dr-ag
3 640 )
R2n

M, (2)=fo,-b,-dd= [ [o,(r,9)r -cos$-dr-d9
A 00

These bending moment components are applied to node z and the same components, with
opposite sign, are applied to next node z+ 1. The bending moment generates obviously a
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linear stress and strain distribution (shown in Figure 3) over the cross section, which is not at
all distorted. Since here an approximation has been made, the validation of this method with
the results obtained with a 3D f.e. model, analysed with a commercial f.e. code, is required.
First the temperature distribution was checked, and a very good agreement was found
between the finite differences method and f.e. model, as shown in Figure 4. Secondly, stresses
and deformations were calculated: Figure 5 shows the deformed (bowed) f.e. model of the
cylinder, and Figure 6 shows the stress distribution, both calculated at the same time. The
axial stress distribution, obtained with the f.e. model is compared with finite difference
method results in Figure 8: again a good agreement is found. The bow, measured on the axis
of the cylinder, obtained with the f.e. model, is then compared with the one calculated with
the equivalent bending moments, and again a good agreement was found, as shown in Figure
7. These results confirm the validity of the proposed approach. The radial elongation
increases the contact force, but has no influence on the rotor dynamical behaviour. The
equivalent bending moments are used not only for simulating the statical bow, but also for
being superposed to the unbalance and other exciting forces, in order to simulate the
dynamical behaviour of the rotor. Note that the equivalent bending moments generate a
vibration, which is the superposition of the statical rotating bow and of the dynamical
vibration amplitude.

i W 1w oz Im am
Roter langth [= )

—- | - ey

Figure 4 Finite difference vs FEM solution.
Temperature distribution in axial

direction. Figure S FEM thermal deformed shape.
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Figure 7 Finite difference vs FEM solution.
Figure 6 FEM solution. Axial stress. Thermal deflection.
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Figure 8 Finite difference vs FEM solution.
Axial stress.

Figure 9 Temperature distribution in the
rotor surface in the seal.

4 THE MECHANICAL VIBRATIONAL BEHAVIOUR

If the rotor does not rub the seal, its vibrational behaviour is due to its natural unbalance F,.;
(and permanent bow M, if it is the case). Once the rotor comes into contact to the seal, the
vibration vector has a phase lag with respect to the rotor unbalance, shown in Figure 11. The
forcing system that modifies the vibrational behaviour of the rotor is composed by the contact
force F (of components N and T) and by several moments M simulating the thermal bow,
whose components are given by eqs.(7). The bending moments are distributed over few
nodes, in axial direction around the HS. Therefore the dynamical equation of the rotor system
is

[M]%+[D]x+[K]x=(F,, +M, + M+F)e” )

unb

The heat introduced by the rub creates a temperature difference between the diametrically
opposite elements and the rotor starts bowing in an axial plane corresponding to the initial
phase of the vibration vector. The bending moments, which model the bow, are vectors
rotated by—90° with respect to that plane.

At each time step the new value of x, is determined by solving eq. (8) in the frequency
domain. The vector x; will be found rotated by a small angle due to the effect of the new
exciting causes M and F. It is then checked if x, is greater than the clearance c. In this case,
the energy introduced by the rub is calculated, along with the new temperature distribution of
the rotor (Figure 9) and the resulting bow moment M. This is introduced in eq. (8) along with
the contact force F and the simulation loops. If x; is smaller than the clearance c, then the new
temperature distribution and the equivalent M are determined and eq. (8) is now solved
without considering the contact force and the procedure loops.

S NUMERICAL RESULTS

The described method has been applied to the model of a typical HP-IP steam turbine of a
320 MW turbogroup, shown in Figure 10. The rubbing seal is assumed to be close to the
middle of the rotor, in between the HP and the IP sections. Note that in the sealing zone the
mesh has been thickened to apply the thermal model. The frequency response curve of the
node in correspondence of the seal due to an unbalance is shown in Figure 11 as a Bode plot
of amplitude and phase. The rotor is supposed to have the same axis of the stator (and of the
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seal), which is certainly unrealistic, bearing in mind that the rotor has a statical deflection due
to its weight, that it is difficult to get exactly this condition during the alignment of the
bearings, and that the oil film thickness is changing with speed and temperature. The
unbalance is sufficient to deflect the shaft in correspondence of the seal by an amount which
is slightly higher than the clearance: in this condition the calculation is started. The values of
the different parameters are listed here below:

»  seal stiffness k; = 4 10° N/m

= seal clearance ¢ = 0.1 mm

= friction coefficient 4= 0.2

» convective heat coefficient (on the rotor surface) H =35 W/m*°C.

thermal conductivity, specific heat factor, heat conduction, density and thermal expansion
coefficient have the standard values of alloy steel.

Seal location

Brg. 1 Brg. 2
Figure 10 HP-IP steam turbine of a 320 MW turbogroup.

x 10 Vertical absolute displacement, seal location (1 x rev. comp.) x 10" Horizontal absolute displacement, seal location (1 x rev. comp.)
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Figure 11 Frequency response of the rotor model to an unbalance.

Two typical cases have been analysed: the first, at the normal operating speed of 3000 rpm,
which is above the first critical speed, where the spiral vibrations are supposed to be “stable”,
and a second one at 1700 rpm, which is just below the first critical speed, where the spiral
vibrations are supposed to be “unstable”. In fact a rub may occur during the start-up of the
machine: in this case the rub is likely to occur at a speed close to the critical speed, when the
vibration amplitude is high due to the resonance effect.

Figure 12 shows the results at 3000 rpm in correspondence of the sealing. As soon as the rotor
hits the seal, the developing bow lowers the vibration amplitude, so that the contact is soon
lost and no heat is introduced anymore. The heat diffuses in the rotor body and the
temperature on the skin lowers, the bow is reducing and, due to the unbalance, a new contact
occurs in a position that is very close to the first one. In this position a steady state condition
is achieved: the heat introduced by the light contact flows along the rotor without generating
significant bows.
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Spiral vibrations in the seal [amplitude in um] Spiral vibrations in bearing 1 [amplitude in um]
g0

150 0 o5

270 270
Figure 12 Spiral vibration in the seal Figure 13 Spiral vibration in bearing 1
(3000 rpm). (3000 rpm).

Figure 13 shows the results in bearing 1. Even if Figure 12 can better show the phenomenon,
Figure 13 is more significant from a diagnostics point of view, since the sensors (proximitors)
in the actual machines for the monitoring of the dynamical behaviour are located in the
bearings.

Figure 14 shows the results at 1700 rpm. Here the behaviour is clearly unstable, the vibration
vector rotates and increases its amplitude. In this case the contact force increases strongly, as
well as the introduced heat. The vibrations in the bearings can be seen in Figure 15, in which
the vibration vector is shown in bearing 1. Note that the amplitude is increasing very fast.

Spiral vibrations in the seal [amplitude in um] Spiral vibrations in bearing 1 [amplitude in um]
90

270 270
Figure 14 Spiral vibration in the seal Figure 15 Spiral vibration in bearing 1
(1700 rpm). (1700 rpm).
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6 CONCLUSIONS

A method for calculating the behaviour of a rubbing rotor, with a rather refined model for the
thermal behaviour, has been developed and some results have been validated with 3D fe.
calculations performed with commercial codes.

The numerical applications presented show that the transient behaviour can be evaluated with
high accuracy, allowing to investigate the behaviour in different conditions. Experimental
tests for the validation of the complete procedure have not been performed up to now.
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SYNOPSIS

The objective of this paper is the experimental investigation of the contact forces during
blade rubbing against the casing. The emphasis of the investigation is the determination
of the relation between the maximum of the normal contact force during one rub and the
displacement of the blade tip in longitudinal direction. The time histories of the normal
and tangential forces during the contact of the blade with the casing are measured. Fur-
thermore, the influcnce of the contact force on the friction and the dependence on the
rubbing speed are examined as well.

NOTATION

yu  spectrum of fou
tangential contact force
transfer function
blade length
rotating speed
disc radius
time
displacement at the blade tip
friction coefficient
mass density
frequency/angular velocity

A cross-section area

Cx contact stiffness

ET  bending stiffness

fo contact force

fr impact force of the hammer
foc  quartz sensor response on fo
fom quartz sensor response on fg
Fe  spectrum of f¢

Fy  spectrum of fgy

F, normal contact force

Foe  spectrum of foe

D™ FE > x I bmmm

1 INTRODUCTION

In the recent years many theoretical studies have been carried out on the subject of
contact between rotor and casing during operation. Several dynamic and kinematic mod-
els have been derived to determine the contact force, but it is noticeable that only a few of
them were already proved by experiments. In most of the studies rotor rub has been mod-
eled as contact between two concentric cylindrical surfaces which represent the rotor and
the stator. The attention was focused on the qualitative aspects of the complex dynamical
behavior induced by rubbing and, hence, simple models like linear springs have been used
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to describe the relation between the normal contact force and the radial displacement of
the rotor. Only a few investigations dealt with blade rubbing; a first theoretical study of
the dynamics of a rotor during blade/casing interactions has been performed by Padovan
and Choy (1). They considered the blade as an end loaded cantilever beam and derived a
nonlinear force-deformation relation between the normal contact force and the displace-
ment of the tip of the beam in longitudinal direction, which characterizes the contact law
in radial dircction. An extention of this model has been presented by the authors of this
paper in (2) and has shown that the stiffening effect due to the rotation of the blade and
variation change of the setting angle may significantly modify the contact forces in com-
parison to the model presented in (1). This subsequently leads to qualitatively different
results in numerical simulations of the dynamics of the rubbing rotor. Still all of these
models have the assumption in common that the contact process is quasi-static and there-
fore neglect elastic wave propagation in the impacting bodies. To verify this assumption
and to give a recommendation which contact model fits best, it is necessary to observe
the process of blade/casing rub in experiment.

In this paper the contact forces during blade rubbing are experimentally investigated.
Therefore a test rig has been build which performs nearly realistic rubbing interactions
of a rotating blade with the casing. In the following sections the experimental setup,
the instrumentation, the applied measurcment concepts and several results achieved are
illustrated. However, at first a short outline of common contact laws in rotor rubbing is
given.

2 RUB MODELS

When a rotor or a blade rubs at the casing the acting contact force can be split up
into a normal force F,, and a tangential friction force F;. According to the Coulomb
friction law both force components are related by a single, possibly velocity dependent,
coefficient i,

Fy=pF,, (1)

where F; acts in opposite direction to the rubbing velocity.

Many approaches take into account that the contact force in the normal direction is
dependent on the radial distance § between rotor/blade and casing at the contact point
and consequently allows a description with a contact stiffness cg. Neglecting the influence
of dissipation, F,, is then only a function of §. The most simple model is stated by the
linear contact force relation

Fn = CK6 . (2)

Also, models with nonlinear stiffness relations are often used. For instance, one method to
describe the contact force between linear elastic bodies is the application of the following
expression

Fn = C}((Ss/2 5 (3)

where the exponent of 3/2 is according to the Hertzian theory.
A model for the rubbing of an straight elastic blade with no setting angle at a rigid casing
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has been presented by Jiang et al. in (2). The normal contact force can be calculated by
the following force-displacement relation as,

Fy =252l _LS89VOL VoL 1 pALQ? (3 L+ R) _L549 VL , (4)
L? 1 4+1.549 \/§/L 56 227 22 ) p+1.549./8/L

where L is the length, A the cross-section, p the mass density and EI the bending

stiffness of the blade. The angular velocity is denoted by € and the disc radius by R.

Figure 1 shows a comparison between the

contact stiffnesses determined by the three

| - equation (2) | rub models. According to that the rub-
&S =i 2‘13:323 Eg% P bing blade behaves as a softening spring,
g 4 # e i. e. that for increasing radial displacement
= i § the nonlinearity decreases the restoring
s S ] normal force Fy,. It should be pointed out
g - i herc again that local inertia effects and wave
=

propagation in the bodies are neglected.
A detailed survey on further contact models
is given in (3) by Markert and Wegener.

displacement 4§
Figure 1: Relation between normal force and
radial displacement for different rub models

3 EXPERIMENTAL SETUP

The main objectives of this work are to examine the time history of the contact force
during blade rubbing and to determine the normal contact stiffness in relation to the
displacement of the blade tip in longitudinal direction. To this end, an appropriate test
rig was built.

Figure 2: Picture of the test rig
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As can be seen in Figure 2 the rotor consists of a shaft with high bending stiffness and
a disk with a large polar moment of inertia, which ensures that the rotating speed is
approximately kept constant during the rub process. The test blade is fixed to the disk
and balanced with a counter-weight on the opposite side. The rotor is mounted in ball
bearings and is driven by an asynchronous motor. To ensure a high level of safety, the
complete assembly is placed into a massive steel housing. In order to explain the exper-
imental setup more in detail a sketch of test rig and feeding device can be seen in the
following Figure.

disc contact surface quartz force sensor

linear guidance

stepping motor

Figure 3: Principal sketch of test rig and feeding device

During the experiments a test blade rubs along a curved surface which can be driven by
a stepping motor towards the rotating blade. The contact angle can amount up to 30°
of the circumference and enable the simulation of partial rubs. The contact forces in the
normal and the tangential direction at the blade tip are measured by means of quartz force
sensors which are mounted between the contact surface and a supporting plate which is
part of the feeding device. Contact surface, supporting plate and quartz sensors consti-
tute the force measuring device. By adjusting the progress of the contact surface during
the experiments the intensity of the blade rubbing is controlled. The movement of the
feeding device or contact surface respectively is measured with an eddy-current sensor.
It is assumed that no penetration of the contact surface by the blade tip occurs. The
positioning of the contact surface via the stepping motor control enables the realization
of different incursion patterns, e. g. ramp or stairs, and incursion rates.

Besides the maximum amplitudes and time histories of the forces, the contact duration is
an important parameter in the derivation of a rub model. In order to obtain this quantity
a voltage is applied to the contact surface which is electrically isolated from the rest of
the test rig. Now, each time the grounded blade comes into contact with the surface an
electric circuit is closed and the measured voltage drops down.

The experiments are conducted with constant rub speed, i. e. constant rotational speed,
and with a special alloy steel as blade material and cast iron as contact surface material.
This is in accordance with material combination used in existing turbomachinery. Also
the geometrical dimensions of the blade are chosen is such way that the ratio of length
to width and width to thickness corresponds with those of compressor blading in real gas
turbines. The main dimensions of the disk, blade dummy and curvature of the contact
surface can be taken from Table 1.
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Table 1: Technical data of experimental setup

blade length 100 mm
width 44.4mm
thickness 3mm

disk diameter 300 mm
thickness 75 mm
moment of inertia 0.47 kgm?
radius at the blade tip | 267.5 mm
radius of curvature of | 269.5mm
the rubbing surface

The measurement of the short-time contact processes is realized with a data acquisition
board plugged into a PC with a maximum sampling rate of 10240 Hz per channel, 16 bit
resolution and 4 differential inputs.

4 MEASUREMENT CONCEPTS

One problem that appears in the measurement of rubbing processes is the high excitation
frequency due to the intermitting contact forces (impulse type). A result of this fact is
that natural frequencies of the mechanical structure, e. g. the force measuring device, are
excited by the contact forces and lead to an amplification and a phase distortion of the
force signals supplied by the quartz force sensors. Now, this affection of the frequency
characteristic of the measured signal has to be taken into account in the data analysis. A
possibility to annulate this systematic error is inverse filtering in the frequency domain.

Test measurement Rub measurement

—> for(t) fo(t) —> —> foclt)
?
FFT — Fp(Q), For(Q) FFT — Foo(Q)
Transfer function H(Q) = EF%%? Foo() = H(Q) - Fo(Q) , Fe() = F—fl—c(—g))—)

IFFT — fo(t)

Figure 4: Procedure of inverse filtering
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This method was successfully employed for contact interactions by Fumagalli in (4) and is
illustrated in Figure 4. First, we apply a defined impact force fy(t) with a modal hammer
on the contact surface in a test measurement and measure the related signal fog(t) of
the quartz force sensors. The impulse excitation of the structure generated by a hammer
is similar to that of the contact force during blade rubbing. The transformation of both
measured signals fz(t) and fou(t) into the frequency domain by Fast Fourier Transform
(FEFT) provides Fu(Q2) and Fpr (). The transfer function H () of the structure which
characterizes the dynamic properties of the force measuring device (respectively the test
rig) is then determined by simple division: H(Q) = Fog(2)/Fg(?). This procedure is
performed for excitation and response in vertical and horizontal direction.

During the experimental investigations, the force fgo(t) due to the rubbing of the blade
along the contact surface is measured by the quartz force sensors and transformed into the
frequency domain Fpe(£2). To obtain the spectrum Fi (€2} of the unknown contact force,
which dircctly acts at the contact surface, Fico(f2) is divided by the transfer function
H() known from the test measurement. The time history of the contact force fo(t) is
then obtained from the Inverse Fast Fourier Transform (IFFT) of F ().

time signal of the quartz force sensor time history of the contact force
800 600 T
4001 1 300
Z =
¥D/ 0 \6 0 APy
Sy “2
-400 -300
80050 0.01 002 9% 0.01 0.02
time (sec) time (sec)

Figure 5: Force history before and after inverse filtering

Figure 5 shows the result of the inverse filtering of the signal of the normal force com-
ponent given by the quartz force sensors for a blade rubbing at a flat contact surface.
The time history of the corrected signal seems reasonable since the contact force can be
represented by a half period of a sine function during the contact process. Thus, the
technique of inverse filtering makes it possible to remove the inherent dynamics of the
force sensing device from the measured signals.

5 EXPERIMENTAL INVESTIGATION OF RUBBING PROCESSES

In this section, the measurement of the time histories of the contact forces during the
rubbing of the test blade along the casing and the relation between the normal and tan-
gential force components determined by the coefficient of friction will be described.

The data acquisition is started, when the first bold contact occurs and, for that reason,
the contact voltage drops below a given threshold value. The severity of the blade rub is
determined by the radial position of the contact surface which itself is controlled by the
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feed movement of the stepping motor. The experiments were performed for rotor speeds
of 1200rpm and 1800rpm. Figure 6 shows the time histories of normal and tangential
contact forces of one rubbing process and their duration represented by the dashed line of
the voltage. The contact time is approximately 1.25 msec which is equivalent to a contact
arc length of 9° of the complete circumference at a speed of 1200 rpm. Both components
of the contact forces follows the shape of a half sine-wave with a maximum normal force of
448 N and a maximum friction force of 104 N. If we look at the time histories, the assump-
tion that both forces are correlated by the coefficient of friction p seems to be reasonable
although there are some remaining vibrations in the signal of the friction force. This
means that the measurement concept used does not completely compensate the influence
of the dynamics of the force measuring device.

normal force —, contact voltage —— tangential force —, contact voltage ——
600 " 180 T

— ' Z.
£ ': =

~ 400} ; K
& ! @
) ' 2
= ! S
< 200t '. 3
< : s
: -. |
= |
=) Ny g

100G 3 5 4 5

time (msec) time (msec)

Figure 6: Measured normal and tangential contact force histories

Further experiments have been performed applying various displacements of the rubbing
surface. After an inital contact the rubbing surface is driven into the rotating blade.
Thereby, the displacement of the blade tip corresponds to the feed movement since the
blade has to shorten or bend in order to pass. This procedure happens stepwise with a
feed value of 4 pm each step and leads to an increasing blade tip load. The maximum
displacement of the rubbing surface is given by a value of 0.025 mm. After one step the
displacement is held constant for 10sec and the contact time and forces are measured.
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Figure 7: Load dependence of the friction coefficient o at different rotating speeds
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To derive the coefficient of friction u the ratio of the amplitudes of the normal and the
tangential contact force has been measured for rotating speeds of 1200 rpm and 1800 rpm.
An average friction value of the occurring contacts at a distinct displacement has been
determined and plotted against the normal force as shown in Figure 7. For both speeds
it can be detected that the friction coefficient u obviously decreases with increasing mag-
nitude of F,,. This observation is contradictory to the assumption of an load independent,
coefficient as it was made in the Coulombian theory.

Table 2: Friction coefficient for Also, a slight decrease of the friction coefficient at

various rotating speeds higher sliding speeds can be detected (see Table 2).
However, the exact knowledge of u is crucial for the
n K analysis of rotor/stator rubbing. Kascak determines
600rpm | 0.28 in (5) that small changes of the coefficient of friction
can drive the rotor from stable forward whirling into
900rpm | 0.26

. the backward whirl instability, increasing the severity
1200rpm | 0.27 of the rubbing and possibly causing serious damage.
1500 rpm | 0.25 Therefore, friction is onc of the main parameter which
1800 rpm | 0.23 is required to accurately predict the stability behaviour
of rotor systems subjected to blade rubbing.

It should be pointed out that the exact determination of the load and speed depen-
dence of the coefficient of friction is very difficult because of the permanent changes in

the rubbing conditions due to wear, temperature changes and - most of all - transient
dynamic effects.

Besides the coefficient of friction, the contact stiffness also is of large importance in the
correct determination of the dynamics of rubbing rotors. Therefore, one of the objectives
of the present study is also the identification of a corresponding contact stiffness. For this
approach the relationship between the displacement § of the blade tip in the longitudinal
direction and the normal contact force F,, is measured and compared with those given
by the theoretical model of a rubbing blade represented by equation (4). Here, the load
dependency of the friction coeflicient is taken already into account.

rotating speed 1200 rpm rotating speed 1800 rpm

1000 1000—
* *

Z. 800 Z. 800
i * <5y *
- 600} © 600
£ . g
£ £
— 400 — 400
: :
S 200t S 200

0 0%

0 0.005 0.01 0015 0.02 0.025 0.03 0 0.005 0.01 0.015 0.02 0025 0.03
displacement § (mm) displacement 6 (mm)

Figure 8: Force-displacement relationship, model(-) and measurement(*)

The theoretical and measured contact stiffnesses characterized by the force-displacement
relationship is shown in Figure 8 for 1200 rpm and 1800 rpm. For small displacements &
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of the blade tip up to 0.008 mm the theorctical and mecasured contact stiffnesses agree
well for both speeds. This agreement deteriorates for increasing displacements and results
in a rough theoretical underestimation of the measured data at large displacements. A
possible explanation of this discrepancy is that vibrations of the blade lead to changing
states at the beginning of the rubbing process. Light rubbing results only in a slight
excitation of blade vibrations while for hard rubs the dynamics of the rubbing blade is
strongly influenced. Thus, differences arise for increasing displacements. Depending on
the vibrational state of the blade tip the contact starts under different initial conditions.
This assumption is supported by the observation of a time dependent deviation of the
contact force amplitudes at fixed displacements. Following the theory the maximal force
should be constant in this case. One possibility to consider this effect is the measurement
of the blade dynamics during the rubbing process via strain gauges and telemetry. A
verification of this explanation and/or extention of the presented blade rub model would
thus be possible.

It can be noticed that the lower speed results deviate much more from the theory than the
higher speed results. This may be explained by the fact, that for lower rubbing speeds
the contact time is long enough to allow blade vibrations during the rubbing process.
Therefore, the influence of the blade dynamics is larger for lower than for higher speeds
and hence also the discrepancy in the force-displacement relationship.

6 CONCLUSIONS AND OUTLOOK

An accurate prediction of the dynamics of rotor systems subjected to blade rubbing is
strongly dependent on the contact model for the normal as well as the tangential force
components. The selection of a suitable approach is difficult due to the number of avail-
able models. Also, there is a lack of experimental investigations of rubbing processes. In
this work, measurements of contact force histories during blade rubbing have been carried
out. The method of inverse filtering has been applied to eliminate the influence of the
measurement device dynamics. Contact stiffncss and the friction coefficient have been
determined for various rotating speeds and compared with values given by the presented
contact model.

The experimental investigations verify the assumption of a half sinusoidal time history
of the contact forces, whereas the coefficient of friction seems not to be a constant pa-
rameter as suggested. The experimental data show that the friction coeflicient depends
not only on the sliding speed but also on the load. Further extensive measurements will
be necessary to confirm the observations. Concerning the contact stiffness we can state
that the values supplied by the theoretical model of the rubbing blade agree well for soft
contacts but clearly underestimate the values at higher displacements (respectively harder
contacts). As an explanation, it is assumed that the influence of the vibrational state of
the blade at the beginning of the rubbing has a significant impact on the contact stiffness.
To verify this assumption strain gauge measurements at the blade in combination with a
telemetry system are in progress.
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ABSTRACT

Heat generation in a friction contact between rotor and seal can be a source of shaft bow devel-
opment. This will change the unbalance configuration, and can lead to severe vibration prob-
lems. The seals studied are of labyrinth type, against axial flow. The contact problem is strongly
non-linear, as there is a gap between rotor and seal.

The closed loop from vibration to asymmetric heating to shaft bow back to vibration can be an-
alysed by time integration. It has been observed that a limit cycle of the vibration amplitudes is
often reached. Limit cycles can be expressed by their Fourier coefficients. This also leads to a
direct frequency solution method.

Results are presented for a medium-sized steam