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Foreword

Rotors represent a very important part in many machines, devices and plants, and
give rise to engineering and design challenges. While some problems in rotor dy-
namics nowadays can be considered as solved, new problems have emerged from
the broad utilisation, but also from the frequent need to increase the operating range,
the rotational speed, the load or the power of rotating machinery. New solutions for
increasing demands are needed and this emphasizes the importance of rotor dynam-
ics and its status as a cutting edge field of research.

This [IUTAM-Symposium was especially devoted to emerging and new trends
in rotor dynamics. As one can see from the many interesting contributions in this
volume, there are new approaches, ideas and solutions developed for the old and
for the new challenges in rotor dynamics. It is widely accepted that rotor unbalance
must not be considered as the single cause to initiate large vibrations. Attention
has to be paid to rotor instability due to destabilizing effects by seals and bearings,
which may lead to dangerous self-excited vibrations. To understand the underlying
mechanisms and predict the dynamic behaviour, efforts are made by considering
internal resonances, thermal and other effects. Powerful computers have become
very important tools for engineers and researchers in this context, but are still pushed
to their limits when, e.g. seals are treated by CFD methods. This is also an example
for the virtues of experimental research, which is still important for studying certain
effects, to verify numerical results and to initiate further investigations.

It is also evident from the included papers that the non-linear analysis of rotor
systems has become essential, and will be so even more in the future. Whether fric-
tion has to be considered in bladed disks, cracks are to be detected in shafts, or rotor
rubbing is studied, non-linear models have to be used and analysed accordingly.
Last but not least, active vibration control of rotors by various means is becoming
more and more important and will supplement conventional passive methods in the
future.

It is my pleasure to congratulate the authors on their valuable contributions as
well as to thank the symposium chairman and his colleagues for organizing this
forward-looking IUTAM-Symposium and for making the proceedings available to
the scientific community.

Prague, Czech Republic Ales Tondl






Preface

Rotor dynamics is an important branch of dynamics that deals with behavior of
rotating machines ranging from very large systems like the power plant rotors i.e.,
turbogenerators, to very small systems like a tiny dentist’s drill, with variety of ro-
tors such as the pumps, compressors, steam/gas turbines, motors, turbopumps etc.
as used for example in process industry, falling in between. Speeds of these ro-
tors vary in a large range from, may be a few hundred RPM to more than hundred
thousand RPM. Complex system of rotating shaft(s) depending upon their specific
requirements, are supported on different types of bearings e.g., the rolling element
bearings, different kinds of fluid film bearings, foil and gas bearings, magnetic
bearings etc. The present day rotors are much lighter, handle a large amount of
energy and fluid mass, operate at much higher speeds, and therefore are most sus-
ceptible to vibration and instability problems. These have given rise to variety of
interesting physical phenomena, some of which are fairly well understood today
(for example the oil whirl/whip), while some are subject of continued investigation
(fluid-structure interaction, various forms of instability, nonlinear and parametric
effects, chaotic behaviour etc.). Research in rotor dynamics started more than one
hundred years back. The progress of research in early years was slow. However, with
the availability of larger computing power and the versatile measurement technolo-
gies, research in all aspects of rotor dynamics has accelerated over the past several
decades. The demand from industry for light weight, high performance and reliable
rotor-bearing systems is the driving force for research, and the new developments in
the field of rotor dynamics.

The history and development of the subject of Rotor Dynamics is an interesting
one. Early research with the first analysis of a spinning shaft by Rankine (1869)
followed by the work of several researchers during the period of late 19" cen-
tury and the early 20" century, clearly indicates that the researchers of that time
struggled with deficient mathematical models, with an inadequate understanding of
‘whirling/critical speed(s)’, and were ceased with a practical question, whether or
not a rotor could operate in a stable mode above these speed(s). Once these ques-
tions got addressed and the basic mathematical models were fairly well established
and understood (Jeffcott 1919), research driven by the needs of a rapidly expanding
industry progressed at an exponential rate.

vii



viii Preface

That brings us to two important questions, (i) what have we achieved till now in
terms of research in Rotor Dynamics and (ii) where are we heading to? An attempt
was made to address these questions in a special session of nearly 3 hours dura-
tion, devoted to an open discussion on ‘Emerging Trends in Rotor Dynamics’. All
the participants representing 21 countries (including India) shared their views. The
first question pertains to identifying important milestones in the development of the
area of Rotor Dynamics. The second question is an attempt to peep into the future.
There was convergence of view that the future research has to be directed towards
development of intelligent/smart rotor systems which will be extremely robust and
ultra-reliable. This would require further research on diagnostic and prognostic as-
pects. To develop a better understanding of various phenomena in rotor systems,
future research would require a highly interdisciplinary approach to account for
the interactions of the rotor with the surrounding fluid medium and the support
structure. Considerable electronics would be inbuilt into the next generation rotor
systems; a new term ‘rotortronics’ was coined during discussion to represent such
rotor systems as a class distinct from ‘mechatronic’ systems of today. No doubt, the
long term requirements from industry will set the direction of future research, for
example the development of micro rotors.

The preparations for the present symposium actually started as far back as in
August 2006, after the first communication was received from IUTAM informing
us about the acceptance of our proposal to organize the symposium. It was indeed
a proud moment for us, particularly noting that the last IUTAM symposium on Dy-
namics of Rotors was held 35 years back in 1974 at Lyngby, Denmark; which was
organized by Prof. Niordson, the Scientific Committee comprising of Professors
Bishop, Crandall, Dimentberg, Tondl, and Ziegler. There were 87 participants from
18 countries.

The Scientific Committee comprising of Professors Nicolo Bachschmid from
Italy, D.H. van Campen from The Netherlands, David Ewins from UK, Yukio
Ishida from Japan, Chong-Won Lee from South Korea, Richard Markert from Ger-
many, Agnes Muszynska from USA, Nalinaksh Vyas, Narinder Gupta and K. Gupta
(Chairman) from India, was constituted. It undertook the most important task of fi-
nalizing the list of invited (keynote) speakers through mutual discussions extending
over a period of more than a year. Finally 33 speakers accepted the invitation, out of
which 31 speakers participated in the Symposium and delivered their keynote lec-
tures of 30 minutes duration each. To encourage wider participation, the Scientific
Committee also decided upon a format under which 40 poster papers were selected
for presentation in two poster sessions. Finally 33 poster papers were presented. The
authors of the poster papers were given an opportunity to make a presentation of 5-7
minutes duration before the display of their papers in a conventional poster session.
Total of 45 papers are selected for the Symposium proceedings after a rigorous re-
view of all the papers. This comprises of 30 invited (keynote) papers and 15 poster
papers.
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Presented papers on various important aspects of rotor dynamics, could be
broadly classified as:

Modelling and general aspects
Developments in bearings

Turbomachine blades

Vibration control strategies

Nonlinear dynamics

Fault diagnostics and condition monitoring
Cracked rotors

The symposium aimed at bringing together, leading researchers from all over
the world to share their research experiences, and more importantly to set up the
directions for future research in rotor dynamics. I have no hesitation in stating that
the above objective was more than duly achieved.

The breakup of 36 participants from 20 countries other than India is given below:

Australia — 1, Austria — 1, Brazil — 1, China — 2, Czech Republic — 1, Denmark
— 1, Egypt — 1, France — 1, Germany — 6, Greece — 1, Israel — 1, Italy — 3, Japan —
1, Korea — 1, Lithuania — 2, Poland — 3, Sweden — 1, Switzerland — 1, UK — 3 and
USA - 4.

In addition to this, there were 50 delegates from India representing Indian indus-
try, academia, and R&D laboratories.

An important highlight of the symposium was an open session to discuss ‘Emerg-
ing Trends in Rotor Dynamics Research’ all over the world. The session was chaired
by Prof. Gordon Kirk, and after his opening remarks, he invited several speakers to
initiate the discussion. This was followed by an intense discussion on Emerging
Trends in Rotor Dynamics.

First and foremost, I wish to thank Indian National Science Academy (INSA)
for making this symposium possible by submitting and presenting our proposal
to IUTAM Bureau. I also wish to thank the various agencies in India namely, the
Council of Scientific and Industrial Research (CSIR), All India Council for Techni-
cal Education (AICTE), Indian Space Research Organization (ISRO), Bharat Heavy
Electricals Ltd. (BHEL), the Triveni Engineering and Industries Ltd., Indian Insti-
tute of Technology (IIT) Kanpur, Altair Engineering India, and ANSYS India, for
providing financial support towards the organization of symposium.

I am grateful to my colleagues and associates, in particular to our Director and
Patron of the Symposium, Prof. Surendra Prasad, the Head of Mechanical Engi-
neering, Prof. J.P. Subrahmanyam, members of organizing committee, Professors
Chandra Shakher, S.P.Singh, S.K. Saha, Sudipto Mukherjee, Drs. A. K. Singh,
S.V. Modak, J.K. Dutt, H. Hirani, and organizing secretary Dr. A.K. Darpe, for
their continuous support throughout the period of organization of the Symposium.
The prompt advice and guidance received throughout from Prof. J.S. Rao, who also
agreed to be the co-patron of the symposium, is gratefully acknowledged. Thanks
are also due to Mr. K. N. Madhu of Vibration Research Laboratory, staff of various
sections and units of the Institute, and all the student volunteers, for their untiring
efforts.
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I am particularly grateful to all the members of the Scientific Committee for pro-
viding support and valuable guidance on all important matters beginning with the
finalization of the format of the symposium, then the list of invited speakers, and in
the end the organization of symposium sessions. Finally I wish to thank all the in-
vited speakers who delivered their keynote lectures, and all participants and authors
for their efforts in contributing the papers to the symposium, and all reviewers for
their invaluable help in selection of papers for the symposium proceedings.

New Delhi, March 2010 K. Gupta

Welcome address by Professor Surendra Prasad, Director,
Indian Institute of Technology (II'T) Delhi

Distinguished delegates and participants of IUTAM, chief guest Professor D.V.
Singh, distinguished faculty colleagues, friends, ladies and gentlemen;

It is a matter of great pleasure for me to welcome you to IIT Delhi, on this very
significant occasion of the organization of this [IUTAM meeting on Rotor Dynamics,
being held for the first time in India. I know how hard my good friend and colleague,
Professor Kshitij Gupta from the Department of Mechanical Engineering, Professor
N.K.Gupta, Emeritus Chair Professor in the Department of Applied Mechanics, and
an esteemed mentor and senior ex-colleague of IIT Delhi, Professor J.S. Rao, have
worked together with many other colleagues from India, to bring this meeting to
New Delhi, and hence to IIT Delhi. On behalf of the entire Institute Community, I
extend my thanks and greetings to the organizers of this meeting for giving us the
privilege to host a galaxy of eminent individuals and scientists in our lovely campus.

All of us are aware of the high standards of the meetings of ICSU in general, and
IUTAM in particular. These meetings are outstanding events with high scientific
impact, and we are proud that with the efforts of our colleagues we have been able
to hold this meeting in our campus. Like many other similar meetings that we hold
in our campus every year, this too will be an occasion for our students and faculty
to savor the scholarship of international experts, while also using this opportunity to
develop international linkages for collaborative research.

Rotor dynamics is an important area not only for research in academic Institu-
tions, but also for the Industry. Rotors find application in practically all machinery,
and in all types of industries. Often a rotor forms a critical component of these ma-
chines and plants. Several catastrophic accidents, for example in power plants, in
all parts of the world triggered by failures in rotors have been reported in published
literature.

Traditionally rotor dynamics has been an area of active research in several de-
partments and centers (Mechanical Engineering, Applied Mechanics, and Industrial
Tribology Machine Dynamics and Maintenance Engineering Centre ITMMEC) of
IIT Delhi, for the past several decades. There has been considerable interaction
with power sector on problems of vibrations and rotor dynamics. BHEL, a major
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manufacturing industry for power plant equipment in India, has created a Chair in
IIT Delhi with an objective to provide an impetus to research in the area of rotor
dynamics. It is just befitting that this prestigious symposium on Rotor Dynamics is
being held at IIT Delhi, with the primary objective to have on a single platform,
leading researchers from all over the world to share their experiences and to set the
directions for future research.

As a host of this important meeting, it is my privilege to share some thoughts
with our distinguished guests today about IIT Delhi. But before that, it would be ap-
propriate to tell our distinguished Guests something about the IIT system. The idea
of Indian Institutes of Technology was born even as the country was achieving its
freedom from centuries of foreign rule, and was turned into a reality soon after In-
dependence. Our first Prime Minister, Pundit Jawahar Lal Nehru, strongly believed
in the power of Science and Technology to transform the country’s fortunes, and
therefore supported this initiative enthusiastically with a dream to see these Insti-
tutes come up to the international level and serve the country in its march towards
prosperity. IIT Delhi was the fifth such Institute to come up in 1963, although our
Institute was born a little earlier as the College of Engineering and Technology in
1961. In this brief history of 50 years, IIT Delhi has indeed come a long way and
we have not only successfully established our presence in the international arena,
but have been ranked amongst the top 50 technological universities by the Times
Higher Education Supplement, and other international rankings. The IIT system has
recently expanded from a system of seven Institutes, to one of 15, in view of the
high demand for quality education in science and technology in the country.

Let me now briefly tell you a little about IIT Delhi, but instead of giving you
data and statistics, which you can find on our website, I would like to talk about the
three pillars on which we stand and which, in some sense, also represent our core
strengths.

First and foremost, IIT Delhi stands for free thinking. We aspire to be known as
a place where exploration of truth and knowledge is pursued earnestly, where young
people can be freed from the presumptions and prejudices with which they were
raised, freed by the power of ideas to pursue their own path in life - a place where
our students feel inspired to develop an approach towards life and profession that
brings dignity and honor to human affairs. So, while we share the universal dreams
of all great research universities of the world and wish to be known as a place where
science, technology, humanities and management, are pursued at their frontiers to
bring benefit to the society and mankind, we equally wish to try to be a place where
the mind becomes free in the true sense of freedom spoken of by the poet Laureate
Rabindra Nath Tagore.

Second, IIT Delhi stands for scholarship and learning. Needless to say that our
faculty, who are selected and rewarded for these virtues, and our students who are
amongst the best that any institution can wish for, make it easy for us to pursue these
goals.

Third, IIT Delhi stands for a value system which recognizes the important chal-
lenges which our planet and society face today — the challenges of energy security,
environment, climate change and in our part of the world, the challenges of inequity,
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poverty and lack of access to basic amenities and quality education. No doubt some
of these challenges have surfaced as a result of indiscriminate use of technology and
human greed. But we believe that the answer to these ills lies not in less, but more
technology, and of course, more scientific and value-based management of human
affairs, which would make it possible for mankind to work its way towards sustain-
able development and growth, rather than the unsustainable and chaotic growth of
the last few decades with its dire consequences.

Ladies and gentlemen, I hope this brief introduction about IIT Delhi will be use-
ful to you. I do hope that you will find not only the scientific deliberations of this
meeting to be useful, but also that you will make many friends in this part of the
world.

Welcome address by Professor Narinder K. Gupta, Member
IUTAM Bureau, and Vice-President INSA, IIT Delhi

The Chief Guest Prof. D. V. Singh, Prof. Surendra Prasad, Director IIT Delhi, Prof.
J. S. Rao, Prof. J. P. Subrahmanyam, Prof. K. Gupta, Chairman of the Symposium,
distinguished delegates, ladies and gentlemen;

On behalf of the Indian National Science Academy (INSA) and International
Union of Theoretical and Applied Mechanics (IUTAM), I am delighted in wel-
coming you all to this important IUTAM symposium on Emerging Trends in Rotor
Dynamics.

This symposium is special in many ways and leaves its imprint in the process
of our (Indian) participation in IUTAM activities. [IUTAM is one of the adhering
bodies of ICSU, the International Council of Science, formerly called International
Council of Scientific Unions.

ICSU, was founded in 1931 to promote international scientific activities in differ-
ent branches of science and applications for the benefit of humanity. Its membership
consists of National Scientific bodies and also International Scientific Unions. Wide
spectrum of scientific expertise drawn from such membership allows ICSU to ad-
dress major international, interdisciplinary issues which requires participation of
scientists from various disciplines and various countries. India has been its mem-
ber right from its inception and has been participating in its various programmes
actively over the years. Prof. M. G. K. Menon and Prof. G. Mehta, both past Pres-
idents of INSA, have been Presidents of ICSU during 1989-1995 and 20062008
respectively.

IUTAM came in to being in 1946 with the aim of promoting development of
mechanics, both theoretical and applied, in various ways which include forming
linkages between scientists and holding congresses and symposia. Its plan seems
to have been initiated by ICSU. The history of conferences which made [IUTAM
possible dates back to 1922 — with the one organized by von Karman at Innsbruck.
Conferences thereafter were organised every four years till 1938 (in Zurich (1926),
Stockholm (1930), Cambridge UK (1934), and Cambridge USA (1938)). Then there
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was a disruption due to the world war. The first congress of IUTAM was held in
1948, and INDIA became member of IUTAM in 1950. Till 1949, there were only 3
adhering bodies. Today IUTAM has nearly 450 members representing 55 countries
and 18 affiliated organizations.

Mechanics in India in those years had found its place as an important discipline
by itself. There were major initiatives for bringing together scientists working in
various disciplines of Mechanics and for promoting Mechanics in its various forms.
Indian Society of Theoretical and Applied Mechanics (ISTAM) came in to being in
1955 through the efforts of Prof. B. R. Seth of IIT Kharagpur. The first congress of
ISTAM was held in the November of 1955 in IIT Kharagpur under the Presidentship
of Prof. K. S. Krishnan, renowned Physicist, who had worked with Prof. C. V.
Raman. Prof. B. R. Seth was its first Secretary, who later became its President in
1964. Since then, ISTAM has been holding its annual congresses every year and
over the years it has been contributing to the cause of Mechanics. Prof. Seth repre-
sented India in the IUTAM during the early years.

From 1968, Indian National Science Academy (INSA) was given the responsi-
bility of representing India in ICSU and its adhering bodies. INSA has thus been
responsible for representing India in IUTAM. National committees were formed
which are expected to establish close linkages with the international unions and
with the scientists and professional bodies within the country. IUTAM national com-
mittees over the years have been constituted which encourage the participation of
Indian Scientists in [UTAM Congresses and promote Mechanics through Symposia,
Workshops and Congresses within the country. Prof. Roddam Narasimha, has been
representing India and has been member of the [IUTAM Bureau in the past.

Our societies and institutions have been holding National and International con-
ferences and symposia on various areas of Mechanics in India with great success,
and participation from within the country and abroad has been quite good. However,
in the last 6 decades of our association with IUTAM, we have yet not organized any
quadrennial congress of IUTAM in India. Though in the past we have organized
IUTAM Symposia/ workshops in India, but their total number has relatively been
not as much.

Prof. D. V. Singh our Chief Guest today, has been associated with ICSU bod-
ies for almost three decades. We have lately been making efforts in enhancing our
participation in IUTAM activities. Prof. K. Gupta worked out the proposal for the
present Symposium on Emerging Trends in Rotor Dynamics. Soon there were more
proposals from other parts of India. Fortunately we were able to present four propos-
als over two IUTAM meetings and three of them were approved — this symposium
is one of those.

Therefore, personally and on behalf of INSA and IUTAM, I thank the Director
Prof. Surendra Prasad and Prof. K. Gupta for making this symposium possible to
be held in the Indian Institute of Technology Delhi. The ball is set rolling and we
do hope that such symposia on various specializations of Mechanics will henceforth
be held in IIT Delhi or other parts of the country every year. I must specially thank
Prof. D. V. Singh and Prof. J. S. Rao for being with us on this occasion.



Xiv Preface

Today, we have nearly 36 distinguished scientists from 20 countries, and several
distinguished researchers from India. I am conscious that organizing an event of this
magnitude is not very easy. Prof K. Gupta and his colleagues have certainly done a
splendid job.

I end by wishing you all a very pleasant and memorable stay, and with the hope
that the symposium is a big success.

Address by the Chief Guest, Professor D. V. Singh

Professor Surendra Prasad, Prof. J. S. Rao, Prof. N. K. Gupta, Prof. J. P.
Subrahmanyam, Prof. Kshitij Gupta, Distinguished Delegates, Ladies and
Gentlemen:

I consider it my privilege and pleasure to be invited to the [IUTAM Symposium
on “Emerging Trends in Rotor Dynamics”. I would like to compliment IIT-Delhi
for hosting this IUTAM Symposium, which has attracted leading researchers in the
field of rotor dynamics from twenty countries. Hosting a IUTAM Symposium is an
honour and a recognition of the high standing of the Institute in the subject of the
Symposium.

Recalling the history of IUTAM Symposium, Prof. N. K. Gupta pointed out that
the first IUTAM Symposium was held in the year 1922 in Denmark. Prof. Kshitij
Gupta mentioned that the first [UTAM Symposium on Rotor Dynamics was held
thirty five years ago. I have found that the best glimpses of history of a subject area
can be had in the prefaces of books.

I would like to share with you a few pieces of history of rotatory motion. By the
middle of the eighteenth century the dynamics of translation of bodies took much
of the form it now has. But the scientists of the day did not quite know how to
treat general cases of rotation. They recognized that “there was some thing about
rotation, either its mechanical laws or just its mathematical description, which some
how made the rotation problem of a higher order of difficulty. We now know that
problem is in mathematics and not in physics”. The problem is still with us when
dynamics of complex multibody systems, within which rotation of one or more of
its parts occurs, is to be analysed and understood.

The history of rotor dynamics shows interplay of theory and practice. Supercrit-
ical speeds of spinning shafts attracted attention of scientists since the middle of
the 19" Century. I am referring to the analytical work of Rankine (1869) and ex-
perimental work of (Carl Gustav) De Laval (1889), and of Dunkerley (1895). Kerr
published his work in 1916 showing evidence of a second critical speed.

Commissioned by the Royal Society of London to resolve the conflict between
theory and practice, Henry Jeffcott published a paper, now considered a classic, in
the Philosophical Magazine in 1919 in which he confirmed the existence of stable
supercritical speeds. August Foppl had earlier published much the same conclusions
in 1895, but history largely ignored his work.
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Post Jeffcott and until the start of the Second World War 11, a lot of work in the
area of instabilities and modeling techniques was done culminating in the work of
Prohl and Myklestad which led to the Transfer Matrix Method (TMM) for analyzing
rotors. Now of course FEM is generally used for rotor dynamics analysis.

The rotor-bearing systems of modern rotating machines have interesting and
challenging complexities. The challenging nature of rotor dynamics problems have
attracted many scientists and engineers whose investigations have contributed to the
impressive progress in the study of rotating systems. With the advancement in high-
speed machinery and increase in their power/ weight ratio, the determination of the
rotor dynamic characteristics through reliable mathematical models have become
more important. The advancement in modern instrumentation and computational
capabilities has helped in implementing simulation techniques of these complex
models. Modern machinery must fulfill increasing demands concerning durability
as well as safety requirements. On-line condition monitoring strategies are becom-
ing increasingly commonplace in a bigger range of systems.

Rotors are often prone to mechanical vibrations, which may lead to machine
failure. Correction is only possible when proper and accurate diagnosis is obtained
through understanding of rotor operation and all of the potential malfunctions that
may occur. Mathematical modeling, in particular modal modeling, is key to under-
standing the observed phenomena through measured data and for predicting and
preventing failure.

Rotor dynamics considerations that are important to successful design or trouble-
shooting of a turbomachine include bearings, fluid seals, rotor geometry configura-
tion, and rotor environment, which affect system behaviour and can be computa-
tionally handled for system analysis.

Rotating machines, depending on their environment, could be subjected to fluid-
structure interactions, electromagnetic forces and pressure fields, which result in
complicated vibration patterns that are to be resolved to distinguish the physical
attributes of the machines.

The unsteady and non-linear approaches allow simulation of dynamic response
of various systems. So it is possible to create calculation based diagnostic algorithms
without numerous expensive specific experiments.

Recent developments in microfabrication techniques permit production of com-
plex geometries and micro scale systems. Many researchers have been working on
the development of devices such as micro electric motors, micro turbines, micro
pumps, micro reaction wheels, micro gyroscopic sensors and micro spindles. These
systems require high speed rotating parts to achieve the same performances as in
macro level. Classical rotor dynamic modeling approaches are not sufficient for mi-
cro systems due to various effects becoming crucial in small scale, such as viscous
forces, which are more important at small scale. Heat transfer is another impor-
tant aspect since micro devices operate in a much smaller design space than do
large-scale machines. The high angular speeds require un-traditional levitation sys-
tems for low friction operation. More accurate dynamic analysis tools are needed
for the design of micro systems with high speed rotating parts considering multi-
physical effects and to tackle the problems of rotor dynamics such as imbalance and
eccentricity.
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One of the critical technology areas is aircraft engine design and engine rotor
dynamics. Improvements of engine dynamics models and their validation continue
to be subjects of research, where the needs are to predict dynamic performance to
produce lighter, more efficient engines, through the development stage, where more
rapid resolution of problems will contribute to reduced time and cost for manufac-
ture and reduction of maintenance cost.

In rotor dynamics problems, often empirical and intuitive methods are risky and
can be avoided since predictions of rotor dynamics analysis are quite accurate if
accurate values of machine parameters are used in the mathematical model. These
predictions some time are contradictory to intuition and disprove them. For example,
damping in the rotor of a turbomachine can produce a violently unstable whirling
motion at high speeds.

Commercial softwares are now available for advanced modeling and simulation
of all kinds of bearings (foil bearings, hydrostatic bearings, hydrodynamic bearings,
magnetic bearings and rolling element bearings), seals (labyrinth, honeycomb, and
damping seals), and rotor dynamics design and analysis. Evaluations can be com-
pleted quickly using advanced steady-state and time transient solutions as part of
their bearing, seal, and vibration analysis codes. Advanced Nonlinear software so-
lutions (e.g., ADINA, Nastran) enable analysis of models with nonlinearity from
contacting parts, material nonlinearities and geometric nonlinearities (large defor-
mations).

With reference to modern computer models, Dara Childs could be quoted, “the
quality of predictions from a computer code has more to do with the soundness
of the basic model and the physical insight of the analyst. Superior algorithms or
computer codes will not cure bad models or a lack of engineering judgment.”

Though the knowledge and understanding of rotor dynamics and stability have
steadily increased through the years, much more work is needed to fully understand
the dynamics profile of high speed rotors.

In the above context, the importance of research in rotor dynamics becomes much
more to meet the needs of the machines of the future for industries, power plants,
Space and Defense.

I have scanned the abstracts of the papers to be presented in the Symposium,
which were sent to me by Prof. K. Gupta. These papers offer the excitement of
the current research being done by the experts in the area in several countries that
are represented here. I am sure that the Symposium will be highly successful in
achieving its objectives and the deliberations of leading experts in the field of Rotor
Dynamics will be very fruitful.

With my best wishes for the success of the Symposium, it is my privilege to
inaugurate this [UTAM Symposium.

Thank you.
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Rotordynamics Research: Current Interests
and Future Directions

R. Gordon Kirk

Abstract The level of understanding of machinery dynamics is higher today than
was ever thought possible 35 years ago. In fact, a major source of excitation was
overlooked and thought to be coming from aerodynamic excitation forces in cen-
trifugal compressors. The evaluation of instability mechanisms has advanced to the
point that standard procedures are currently being proposed for all petrochemical
rotating machinery. While this all sounds so fine, a closer look reveals that much
more work is necessary to fully understand the machinery being built today and the
advanced technology machinery that will be needed in future years. Most major uni-
versities are not interested in machinery dynamics research due to the low level of
funding that the machinery OEMs and users have come to expect for such research
programs. If this trend continues, it will eventually be left to industry to self-teach
and advance the knowledge required to produce the necessary rotating machinery.
This paper will address the most interesting results from the author’s current re-
search efforts in two different areas. First, a key area of research for the past 25
years has been the proper prediction of labyrinth seal excitation in centrifugal com-
pressors. Second, for the past 15 years, the fluid film bearing thermally induced
synchronous instability has been the most interesting and widespread source of a
new excitation mechanism for modern machinery. A summary of results and fu-
ture requirements for each of these areas will be discussed in the conclusions and
recommendations.

Keywords Labyrinth - Seals - Stability - Thermal instability - Rotordynamics

1 Introduction

The analysis of full scale rotor bearing systems has slowly advanced over the last
six decades. The computation of the undamped critical speed of turbine rotors was
outlined by Prohl [1] in the mid 1940s and awaited the digital computer to speed
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2 R.G. Kirk

up the hand calculations that were initially used. Bearing stability [2] and rotor
balancing [3] were some of the topics of discussion in the 1950s. In the 1960s it
was a challenge to have proper bearing characteristics for analysis and many bear-
ing designs required interpolation from tables or charts. This was the decade that
the tilting bearing was introduced [4] thus allowing higher operating speeds for
new centrifugal compressors. It was also the decade that computer generated ellip-
tic response resulting from rotor imbalance was first realized [5]. The concept of
rotor stability for simple reduced rotor models was the current state of the art [6].
The mechanism for instability of turbine rotors was introduced by Alford [7]. Soon
thereafter, this allowed for a procedure to estimate the instability threshold speed of
centrifugal compressors by re-defining the basic equation parameters in terms of a
centrifugal compressor stage, rather than the axial turbine stage studied by Alford.
The concept of aerodynamic excitation was to be used until the early 1980s and in
fact is still used today, together with more advanced analysis of seal excitation, to
evaluate centrifugal compressor stability. It also became possible in the 1960s to
monitor the shaft relative to the bearing pedestal motion by using non-contact eddy
current probes developed by Don Bently, now known and used world-wide in most
all critical path rotating machinery.

In the 1970s refined bearing and oil seal analysis became common and the abil-
ity to compute the rotor bearing dynamic stability was introduced [8—11], allowing
computation of damped critical speed and stability for total rotor-bearing-support
systems. The transfer matrix method was used for undamped critical speeds, forced
response and stability computation. However, it must be noted that Ruhl and Booker
[8] presented results by both finite element theory and transfer matrix methods.
In the 1980s the analysis of gas labyrinth seals was finally possible [12, 13]. In
fact, a major source of excitation had been overlooked and thought to be coming
from aerodynamic excitation forces in centrifugal compressors. The evaluation of
instability mechanisms has advanced to the point that standard procedures are cur-
rently being proposed for all petrochemical rotating machinery. The use of gas face
seals to replace oil ring seals, the combination of a tilting pad bearing plus oil film
damper, swirl breaks on labyrinth seals and selective use of honeycomb seals have
made it possible to build very stable equipment [14]. Personal computer for FEA
[15], together with the transfer matrix programs [16] have been used since 2002 for
instruction in the Introduction to Rotor Dynamics graduate, course taught by the
author, at Virginia Tech.

While the previous literature review would seem to indicate that all problems are
resolved, a closer look reveals that much more work is necessary to fully under-
stand the machinery being built today and the advanced technology machinery that
will be needed in future years. Most major universities are not interested in machin-
ery dynamics research due to the low level of funding that the machinery OEMs
and users have come to expect for such research programs. Industry sponsored re-
search groups for rotating machinery were started at the University of Virginia in
1972, Texas A&M in 1981, and Virginia Tech in 1985. These groups have generated
many students and computer analysis capabilities for industry to apply to their ma-
chinery. The current funding levels are, however, too low to have sustained research
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where the expected research grants are expected to be in millions, not thousands of
dollars per faculty member involved. This paper will address recent results from
the author’s current research efforts concerning labyrinth seal excitation in centrifu-
gal compressors and fluid film bearing thermally induced synchronous instability.
The future requirements for each of these areas will be discussed in the closing
remarks.

2 Labyrinth Seal Excitation

2.1 Background

The analytical methods for analysis of gas labyrinth seals employing bulk flow mod-
els were developed in the early 1980s [12, 13] to estimate the dynamic instability
of rotor bearing systems including the influence of the gas labyrinth seals. These
methods continue to be used in the industrial compressor industry and have made
it possible for engineers to solve complex field problems and also to design new
high performance stable rotating machinery. The bulk flow programs can be run on
a personal computer with standard memory. They do require the proper calibration
to have the analysis predictions match the experimental results. Recent progress of
computer analysis makes it possible to apply commercial CFD programs for pre-
dicting the leakage flow, detailed velocity and pressure fields and the calculation
of the stiffness and damping of machinery gas labyrinth seals. With this progress,
the personal computer has the required speed and memory for a 3D analysis of a
multi-tooth labyrinth seal in addition to the actual geometry of the entrance leak
path. Rhode et al. [17, 18], Ishii et al. [19] and Kwanka et al. [20] calculated the
rotordynamic force of gas labyrinth seals using the CFD programs they developed.
Moore [21] used SCISEAL, a CFD code specially developed for the analysis of the
seals, and compared the results with experiment results and the bulk flow programs.
Hirano et al. [22] have presented results for a low speed steam turbine seal includ-
ing the entry leak path and also an isolated centrifugal compressor eye seal. The
evaluation of the leak path flow down the cover or back side of the higher speed
centrifugal impeller was not solved at that time due to convergence problems in the
solver. The time required to have a single converged solution can vary from hours
to weeks in the worst case. The extended solution time points to a major problem in
the application of CFD analysis to the complicated geometry of an otherwise sim-
ple sealing geometry. The past eight years have been spent working on advances in
the analysis of gas labyrinth seals. The major portion of this work was solved using
ANSYS-TASCFlow 2.12.1 [23]. The progress to date has been documented in sev-
eral papers [24-28] and a brief summary of the major results will be discussed in
the following section.
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2.2 Summary of Prior Work

A typical centrifugal compressor labyrinth seal configuration that has been
previously used for calculation of both bulk flow and CFD analysis results [13,22]
is shown in Fig. 1. This figure shows a shaft seal labyrinth, an eye seal labyrinth
and a balance drum seal labyrinth. For centrifugal compressors the balance piston
is the potential source of the largest excitation mechanism. For CFD evaluation, the
large number of teeth on the typical balance piston or balance drum makes it more
demanding regarding the memory required to conduct the study. Hence, most CFD
work to date has used the impeller eye seal for research studies. The last stage eye
seal, just prior to the balance drum is also a major concern due the gas pressure,
the diameter and the swirling leakage flow coming from the tip of the impeller. The
eye seal geometry consists of a smooth rotor surface and a stator with teeth. The
calculations assumed the working fluid to be an ideal gas, the flow to be turbulent
and the k-¢ model was used for turbulence effects. The swirl at the inlet to the seal
is most easily assumed to be zero. The seal force in the tangential direction by
TASCFlow is close to those by the bulk flow program (DYNLAB), though there is
some difference for the results in the radial direction. The predicted seal forces by
TASCFlow are smaller than those by DYNLAB. It means that TASCFlow gives a
more stabilizing result compared to the bulk flow solution by DYNLAB.

The former results were similar to other reported comparison of DYNLAB to
CFD results for a seal without the leak path channel flow [21,22]. More details
of the research for the normal speed eye labyrinth seal can be found in Kirk and
Guo [24]. Initial attempts to include the gas leak path geometry were not successful
due to lack of convergence with the grids selected for evaluation. The isolated seal
results were very instructive and the comparison to bulk flow analysis indicated

pra
EYE
SEAL
| BALANGE
\T DRUM
SHAFT
SEAL

L

Fig. 1 Typical compressor labyrinth configuration
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a b

Fig. 2 (a) Leak path geometry for the normal speed eye seal. (b) Vector plot for the normal speed
compressor eye seal, results shown are from Kirk and Guo [24]

that the results were conservative and likely suitable for design analysis of high
pressure compressors. The ability to predict the inlet swirl of a seal is however,
essential for an accurate prediction of rotor system stability. The bulk flow analysis
program used for these comparison studies has an automated calculation of the swirl
increase or decrease, depending on geometry of the leak path [13, 16], and this is
the central issue for comparison in current and future planned research. The seal
geometry of interest was a leak path geometry (see Fig.2a) similar to that from
the impeller tip to the eye seal as shown in Fig. 1. The leak path vector plot (see
Fig. 2b) shows the predicted complex swirling flows and resulting jet flow under
the tips of the labyrinth teeth. The chamber flow was similar to the isolated seal
results of a previous study [22], as would be expected. The leak path or channel
region indicates a division of the leaking flow and the reverse pumping region of the
channel. About 60% of the channel has the leaking flow field and the remainder is
the reverse pumping flow field. This is contrary to the assumed bulk flow simulation
where the disk is assumed to be the surface resisting the leakage flow. This result
makes it very clear that the disk friction is not what is resisting the inward flow
field, rather a liquid interface. This concept has resulted in a modified approach to
the analysis of the inlet swirl using the bulk flow solution.

The correct prediction of stiffness and damping is very much dependent on the
inlet swirl and the swirl in each chamber of the seal. The swirl ratio results of several
different models were calculated for the bulk flow analysis and compared to the
CFD prediction from TASCFlow. The variation of the bulk flow results resulted
from the modification of the leak path geometry but more importantly, the assumed
disk friction coefficients. By reducing the disk surface friction effect, the correct
swirl velocity can be nearly matched [24].
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These results are for a condition of zero inlet swirl ratio at the tip of the impeller.
While the zero inlet swirl is not realistic for a real impeller leakage flow, it can be
computed more easily and compared to the same inlet condition for the bulk flow
calculation. This then gives a good estimation of what friction effect to use to allow
a better match to the CFD results for swirl velocity.

The evaluation of a small high speed centrifugal compressor seals is of increas-
ing interest as the application of gas bearing technology to turbocharger type designs
are being evaluated for new applications. The same bulk flow analysis can be used
for these seals and the concerns are for the accuracy of the leakage flows and the
seal inlet swirl prediction for these designs. The size is much smaller for a typical
operating speed of 100,000 RPM (10,466.7 rad/s). The results for such a seal were
compared to the bulk flow analysis for similar geometry conditions [25]. The leak-
age prediction from TASCFlow and the prediction from the bulk flow analysis show
good agreement for this high speed seal design, with a maximum of 0.8% difference
for the bulk flow results. The pressure drop was in very good agreement and it was
possible to improve the match of the swirl ratio by using variation in friction factors
in the inlet region and the labyrinth seal chambers.

To investigate the influence of entry channel geometry on the performance of
labyrinth seals, a centrifugal compressor eye seal with various entry channel config-
urations was considered, as shown in Fig. 3. It was discovered that the average swirl
was larger for the converging case and smaller for the diverging case at the early part
of the entry leak path from the impeller tip, which was the result expected. However,
this result switches at about 30% of the leak path and the diverging channel actually
displays the larger average swirl pattern and the converging channel case becomes
smaller. This is opposite to the original expectation that the converging channel
would cause an increase in the tangential swirling velocity due to the converging
path. To explain this phenomenon, the tangential velocity plots and velocity vec-
tor profiles were examined. From enlarged subplots of velocity vector of the partial
entry channel it is observed that the reverse pumping flow decreases when the entry
channel changes from the converging, to uniform, and then, to diverging profile.

a b c
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Converging Uniform Diverging

Fig. 3 Velocity vector plots for different inlet channel geometry (a) converging (b) uniform (c)
diverging, results from Kirk and Guo [26]
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The original bulk flow analysis was developed using the Yamada friction factors
(turbulence factors [13]), with the added ability to modify each chamber for either
rotor or stator friction factor. In addition, a general global correction factor was also
provided to calibrate the results to actual field data or more detailed analysis results.

For the direct comparison between the CFD and bulk flow calculations, the cases
with the same tip clearance by both CFD and the bulk flow methods were calculated
[26]. In the CFD simulations, the entry swirl was assumed to be zero at the very
beginning of the grid inlet. In order to make a reasonable comparison, the bulk
flow calculations of either normal disk friction or modified disk friction models use
the CFD swirl velocity ratio at the impeller tip as the bulk flow initial swirl ratio
condition. For the case having the 1x base clearance, the modified calculations by
the bulk flow method were closer to the CFD results. For the initial region of the
entry channel, the two results are closer than in the remaining region. In the region
of the seal chambers and entry channel near it, the bulk flow overestimates the swirl
level, which means that the bulk flow gives a more pessimistic estimate than does
the CFD calculation. This fact matches with the conclusions indicated in previous
publications [24-28].

3 Synchronous Thermal Instability

In the mid 1990s the concept of a synchronous thermal instability was not well
known but the papers by Morton [29,30] generated interest in trying to use this con-
cept to solve a number of machinery field problems. Originally it seemed unlikely
to be a candidate for any normal machine since the source of the instability was a
fluid-film bearing heating of the shaft in other than a uniform manner. For a well bal-
anced rotor, it seemed impossible that this could be considered seriously, by anyone.
In the midst of trying to solve a test stand vibration, a very interesting thing hap-
pened. The typical procedure to conduct a stability or forced response analysis of an
existing machine design, is to find the bearing characteristics without great concern
for the details, such as operating eccentricity. In the midst of trying to confirm why
the analysis indicated no critical speed while the machine had a large increase in
amplitude of synchronous response, it became evident that the bearings were very
lightly loaded and running at very low eccentricity. This condition made it easier to
imagine the shaft vibrating with the same hot spot on the journal due to the centered
orbit. A modification to load the bearing more eccentric solved the problem and
allowed the first documented case for this author [31, 32], of what would become
known as the Morton Effect. Just after this study, more and more machinery ex-
perts were telling of machines having a similar vibration. A design tool was needed
and the initial Morton design program was developed to predict the onset of this
problem for overhung machines or normal beam machines with overhung couplings
or stages [33, 34]. The original program further developed and improved into the
program VTMAP [35]. The program was applied to numerous test stand machines
to predict the problems and implement the design changes.
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A recent case was a turbine gearbox pinion vibration problem. The desire initially
was to determine if the VI-MAP program can predict the known instability in a
28 MW gear pinion rotor. The bearings were a five pad design and load on pivot
had been selected by the designers for no load condition and between pivot for
full load. The thermal stability analysis evaluates an equivalent overhang mass with
a journal orbit predicted by the linear forced response analysis. The temperature
across the journal for steady state conditions is then computed and the thermal bow
calculated. The thermal imbalance is added to the static imbalance and compared to
the instability boundary for this specific machine. The program VI-MAP 3.0 was
utilized to automate these calculations. The results of the analysis for this pinion,
as shown in Fig. 4, indicate the pinion would become unstable at 12,130 rpm, below
the design speed of 13,425 rpm. The test trial weight used for the analysis was a
level equal to the old API balance specification. This imbalance is about 1/3 of
the balance level used by the OEM in their model of the pinion. The criteria used
in this analysis for a problem to occur, is when the thermal imbalance causes the
resultant imbalance to increase by more than 50% from the initial cold imbalance
level. For this pinion rotor, in the as-is condition and at no load, the instability is
predicted to occur below the design speed. The response from Turbine OEM was
“I have read your report and we understood the analysis results represent well the
actual phenomena. In the 28MW project the instability occurred at the speed of
12800rpm.” This is one of several machines over the past ten years that have proven
to be accurate predictions of the thermal instability.
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Fig. 4 Thermal synchronous instability prediction by VI-MAP
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4 Conclusions

The following conclusions can be stated from the research summarized in this paper:

1. A general purpose CFD code can be used to simulate the flow of complex geom-
etry labyrinth seals.

2. The bulk flow program gives a pessimistic prediction of the destabilizing forces
for the conditions under investigation.

3. Itis possible to adjust the friction factors of the bulk flow analysis to match more
closely the CFD predictions.

4. For the seal model with entry channel, the fluid in the channel regions can have
both leaking flow and recirculation flow, which is not usually considered by the
bulk flow programs.

5. The CFD simulation shows that the diverging width channel geometry will gen-
erate a higher level of seal inlet average swirl ratio than does the uniform width
channel condition, while the CFD simulation shows that the converging width
channel geometry will generate a lower level of seal inlet average swirl ratio than
does the uniform width channel condition.

6. The pinion for the 28 MW turbine was predicted to be unstable at 12,130 rpm
from a Morton thermal instability. The actual instability occurred at 12,800 rpm.

5 Recommendations

This paper has summarized the major emphasis of the author’s research for the past
decade. The labyrinth seal analysis has been automated into a user friendly LabyXL
program [36] but the greater needs are in further comparison and calibration to ad-
ditional CFD solutions for different seal designs and comparison to any available
experimental data that is deemed reliable. New gas seal designs will likely take ad-
vantage of both mechanical and aerodynamic swirl brakes. It may also be possible to
use inlet leak path geometry and enhanced surface friction to reduce the inlet swirl.
The further evaluation of thermal synchronous instability is currently being devel-
oped at Virginia Tech for both overhung massive rotor sections and also between
bearing stages or rotor sections. The goal is a design tool to allow proper design
audits to prevent test stand and field problems related to thermal bending of shafting
resulting from steady non-uniform journal temperatures.
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Optimized Life Using Frequency and Time
Domain Approaches

J.S. Rao

Abstract Life estimation of mechanical components has been practiced for quite
some time. There are two approaches available: (1) use the response in time domain
and do a cycle counting and (2) determine the response in frequency domain and use
a cumulative damage calculation to cross the resonance. These two methods appar-
ently look different and generally not connected. Here we examine these methods
and their applicability in determining life of mechanical components and find their
suitability for different applications. We will also discuss their common aspects and
state their relative advantages and disadvantages.

Keywords Lifing - Time domain - Cycle counting - Frequency domain -
Optimized life

1 Introduction

All mechanical components are subjected to alternating forces and fatigue is essen-
tially due to the resulting alternating stresses; Wohler [1] conducted earliest tests
to define S-N diagrams. The influence of mean stress component is presented in
Goodman diagrams [2]. Bagci [3] proposed a fourth order relation which is shown
to give good results for ductile materials. S-N diagrams and mean stress diagrams
are combined to define fatigue failure surface under elastic conditions, see Rao [4].
The fatigue failure surface defined thus is applicable when the stress field is entirely
in the elastic region.

Ludwik [5] and Hollomon [6] defined the stress—strain relation in plastic region,
o = K&" where K is the strength coefficient and 7 is strength exponent. For glob-
ally elastic and locally plastic structures, Neuber [7] hypothesis is used for relating
the nominal and local cyclic stresses and strains, e.g., [8, 9]. For fatigue loading,
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using fatigue stress concentration factor Ky, local stress and strain ranges are
related to nominal stress range

AsAo = (K;AS)’ JE (1)

Socie et al. [10] suggest that K ¢ can be taken to be the theoretical stress concentra-
tion factor. Based on Basquin [11] for endurance and Manson [12] and Coffin [13]
works, we have a life relation for crack initiation given by

1 1
Jhe=—oy’ Q2N)? + &5 2N)° 2)

Palmgren [14] and Miner [15] gave linear cumulative damage law and Marco and
Starkey [16] gave nonlinear damage rule based on the stress amplitude. For other
nonlinear relations, see Rao et al. [17]. For details on these aspects, reference may
be made to Collins [18] and Rao [19].

Lifing of mechanical components from cumulative damage can be broadly clas-
sified into two categories.

1. Components subjected to relatively low alternating stresses that lead to large
life in terms of number of cycles of loading; typically the alternating stresses
under these conditions arise out of forced vibration from several sources that
produce no resonant conditions; usually cycle counting methods in time domain
can be adopted for this purpose. The method of lifing can be termed Time Domain
Method.

2. Components subjected to resonances lead to large alternating stresses; typically
such conditions occur during start up and shut down conditions or a given mission
of operation when the component crosses several critical speeds. The alternating
stresses can then be high because of resonance and correspondingly the life cy-
cles will also be low. The stress values increase rapidly near resonance in a pure
harmonic manner while crossing a critical speed and also fall rapidly to nominal
values. Lifing is then done for pure harmonic alternating stresses over a mean
stress and this lifing can be termed Frequency Domain Method. These two meth-
ods are discussed as follows.

2 Time Domain

For complex load, stress or strain time histories a cycle counting method is de-
veloped by Dowling [20]. He proposed several cycle counting methods: (1) Peak
Count, (2) Peak between Mean Crossing Count, (3) Level Crossing Count, (4)
Fatigue Meter Count, (5) Range Count, and (6) Range Mean Count.

Each of the above methods are shown to be deficient in some respect or other
by Dowling and two additional methods are proposed, viz., Range Pair Method and
Rain Flow Method.
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Fig. 1 Range pair cycle Strain
counting ————
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Range Pair Method is illustrated in Fig. 1. A strain range is counted as a cycle
if it can be paired with a subsequent straining of equal magnitude in the opposite
direction. The counted ranges are marked with solid lines and the paired ranges with
dashed lines.

The Rain Flow Cycle Counting Method illustrated in Fig. 2 is more widely used
than any other method. The lines connecting strain peaks are imagined to be a series
of Pagodaroofs. Rules are imposed on rain dropping down these roofs so that cycles
and half cycles are defined.

Rainflow begins successively at the inside of each strain peak and is allowed
to drop down and continue except that, if it initiates at a minimum, it must stop
when it comes opposite a minimum more negative than the minimum from which it
initiated. Let us begin at peak 1 in Fig. 2 and stop opposite peak 9, peak 9 being more
negative than peak 1. A half cycle is counted between peaks 1 and 8. Similarly if the
rain flow initiates at a maximum, it is stopped when it comes opposite a maximum
more positive than the maximum from which it is initiated. If we begin at peak 2 and
stop opposite peak 4, we count a half cycle between peaks 2 and 3. Every part of the
strain time history is counted once only. We can also build from Rain Flow Cycle
counting method the stress strain hysteresis loops and thus account for all cycles of
loading accurately.

This type of rain flow cycle counting is adopted in many codes, e.g., Altair
HyperWorks Fatigue Process Manager [21].
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Fig. 2 Rain flow cycle Strain
counting E——
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2.1 Some Observations on Time Domain Method

Complex time domain patterns usually mean that the alternating stresses are not at
resonance but caused by several excitation frequencies, as in automotive drive train
with excitations arising out of engine harmonics, gear mesh from several gear trains
in the transmission unit, road excitations ... Also in these applications, the natu-
ral frequencies are relatively high compared to excitation frequencies from engine
speed and harmonics. Traditionally automotive drive train developers resort to lab-
oratory or road tests and the strain signals collected in time domain can be used to
make an approximate estimate of life of the structural parts.

In order to obtain correct estimates of life, we need to make first several correc-
tions on the specimen material properties before applying them to the measured time
domain signals. They can be size effect, surface finish effect, stress concentration
effect, reliability factor ... The signals can be measured at a suitable location but not
on actual stress raiser locations. Complex time domain signals mean long life and
predictions with low level stresses become difficult and compare with test values.
Nevertheless, the time domain cycle counting methods are employed in determining
the life.

Other disadvantages in time domain method for lifing include:

1. Cycle counting method does not recognize the frequency, it is only the number
of cycles that matter.
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2. Lifing is made by counting cycles irrespective of the order of application of stress
whether it is increasing or decreasing with cycles (or time).

3. Since the frequency is not recognized, the life is given in terms of number of
cycles of load rather than hours or days.

4. Frequency plays important role in the response of flexible structures yielding
dynamically magnified values near resonant conditions; though time domain sig-
nals can be processed in frequency domain, this is not the practice as the data
collected can be huge and one has no idea whether there is resonance in the re-
sponse or not.

5. All the cycles whether the stress amplitudes are large or small are to be included
in cycle counting; for each cycle, the mean and range are to be calculated and its
damage is to be determined.

As a design tool the time domain method has several limitations listed below.

1. Analytical design produces stress response with several harmonics; only some
harmonics or modal components with large amplitudes contribute to the dam-
age — time domain analysis does not recognize this.

2. Damping plays significant role and is rarely viscous in nature. Material damping
is always nonlinear and depends on strained condition in the structure. In addition
bolted or fabricated joints may have friction between interfacial surfaces. Usu-
ally transient analysis to determine the response in time domain or conventional
steady state analysis can use only linear damping model.

3. Time domain analysis cannot easily identify the deficiencies in the design.

3 Frequency Domain

Frequency domain methods are now gaining wide applications in aerospace and au-
tomotive fields amongst others. They are useful both at the design and test stages.
They can be broadly classified into two approaches, viz., (1) when a structural com-
ponent goes through a critical speed suffering damage and (2) when the structure
experiences continuous complex response as considered in time domain analysis.

3.1 Structural Components Crossing Critical Speeds

The first step in this analysis is to determine damping. The damping model in a
rotating structure is first obtained experimentally, Rao et al. [22]; their test rig is
shown in Fig. 3. They used electromagnets in place of nozzles and thus provide
excitation.

The test results are quantified as shown in Fig. 4, which allowed the development
of a nonlinear damping model with the equivalent viscous damping expressed as a
function of strain amplitude at a reference point in a given mode of vibration at a
given speed of rotation.
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Fig. 3 Blade test rig for damping [22]
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Fig. 4 Nonlinear damping model [22]
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Rao and Saldanha [23] developed an analytical procedure using Lazan’s
hysteresis law [24] to determine such a nonlinear model with material damp-
ing. From hysteresis tests with specimens loaded under tension with stress o, Lazan
correlated the damping energy D through hysteresis area to give

n
o
D=1J (—) 3)
Oe¢
where J and n are material constants and o, is fatigue strength. If we consider the
FE model of a structure, in this case, a bladed disk with each of the element as
a test specimen, the total damping energy Do (Nm), loss factor n and equivalent

viscous damping C (N-s/m) and damping ratio £ in a given mode of free vibration
be obtained from

v
D
D0=/de;n= 1 C = —€6= 4)
2 0
0

where v is the volume, W} is the potential energy in the mode, w is the natural fre-
quency (rad/s) and K is the modal stiffness (N/m). We can start with an orthonormal
mode and choose a convenient reference point to determine the material damping
as a function of reference strain amplitude. For increased strain amplitudes the or-
thonormal reference strain amplitudes, stress and strain energy are multiplied by a
factor F to obtain the equivalent viscous damping C, at various strain amplitudes
as given in Eq. (5).
/ /
o = P Wy = Wox F2iyf = 20 oy ="K pap . Ce po
2’ ¢ wn 2v/Km

5)

A plot of equivalent viscous damping ratio as a function of reference strain ampli-
tude in the chosen mode of vibration defines the nonlinear material damping model.
Figure 5 shows a typical material damping model in the first two modes of vibration
of a blade rotating at 200 rpm.

3.2 Friction Damping

The friction damping characteristic is obtained by determining the transient re-
sponse due to an impulse excitation at a suitable point on the blade to simulate the
desired mode of vibration and assessing the decay curve. With the help of transient
response we can obtain a nonlinear friction damping model of the blade as shown
in Fig. 6. Likewise, a combined material and friction damping model can also be
developed.
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Fig. 6 Friction damping model

3.3 Identification of Critical Speed

Fatigue damage occurs whenever a structure goes through a resonance with the
running speed or its harmonics coinciding with any of the natural frequencies. First
the natural frequencies are determined as a function of speed and a Campbell dia-
gram is plotted. From the Campbell diagram the critical speeds are identified. When
a structure goes through this resonance, large stresses result in and fatigue damage
will be predominant here. A typical Campbell diagram and critical speeds are shown
in Fig. 7 along with stress response at one critical speed.
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Fig. 7 Resonant response at one of the critical speeds on Campbell diagram

3.4 Resonant Response

This is best determined from fundamental modal properties rather than performing
a forced vibration analysis at resonance. The damping is so small in structures, res-
onance is very sharp and it is difficult to make the excitation frequency and natural
frequency coincide. Resonant response is best determined by using quality factor
Q = 1/2&, see Rao and Gupta [25]. Treating the unsteady pressure field or excita-
tion force as steady, steady state response is first determined and multiplied by the
quality factor.

The damping ratio is however not known. The damping model developed is
highly nonlinear and therefore we need to develop a procedure to handle this damp-
ing model. Rao and Vyas [26] developed an iterative procedure for this purpose.
Through this procedure one determines the exact resonant stress amplitude through
a critical speed.

Once the resonant stress is determined, it is a matter of using modal dynamic
magnifier relation [25] given by

1
H(w) = (6)

V(I =r2)2 + (26r)?

where r is frequency ratio w/ p. This procedure is developed in Rao et al. [27, 28]
BLADE that operates on HyperWorks platform now called Altair TurboManager.
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3.5 Cumulative Damage Through Resonance

The stress response before and after resonance and above endurance limit at each
critical speed is divided into several steps and a linear [14, 15] or nonlinear cumu-
lative damage [16, 17] is adopted to determine the damage fraction while crossing
each critical. Knowing the acceleration with which the blade passes the resonance,
each step through resonance is considered with the stress amplitude and the elapsed
number of cycles in that step time period. Cumulative damage is then estimated to
reach resonance and return to stress levels below fatigue limit. Since the applica-
tion of stress levels may play a significant role a nonlinear rule is recommended. It
is found that decreasing stress from resonant value to fatigue limit consumes more
cycles of life; further while the machine is shut down, these damages could be differ-
ent because acceleration rates will be different. It may be noted that the acceleration
through resonance may affect the resonant amplitude as well as speed at which res-
onance takes place and this may be incorporated in determining the resonant stress,
see Rao et al. [27]. The total damage fractions for each start up and shut down op-
eration can be next obtained to give the life in terms of start ups. TurboManager is
developed to determine this life in frequency domain.

3.6 Example of Propeller Shaft Life in Frequency Domain

Consider the case of simulation of a drive train of an automobile given in Rao et al.
[29] and shown in Fig. 8. The drive train has several rotating components operating
at different speeds at any given instant depending on which sets of gears are par-
ticipating in the transmission. Each of the transmission units may contain several

Cauo Crvl[ Cbmk( Isolator Cuero, Cro/[, Cbmk(’
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Shaft
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Axle ransmission Differential
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Differential | Shaft
Flmd Pathl_ a N\
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Fig. 8 Drive train model [29]
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Fig. 9 Stress response and fatigue failure surface

flexible elements transmitting the torque from the engine. The mean torque pro-
vides the mean stresses and can be determined from simulation. Maximum value of
stress in the propeller shaft of such a train is 28 MPa.

One of the modes of vibration of the drive train in III Mode torsion is 44.98 Hz
at engine speed 674.7rpm [29]. The drive train in Fig. 8 incorporates damping in
torque converter and other elements which is fairly larger than the material damping
and therefore no material damping is estimated. The alternating stress range at the
stress raiser at this speed is found to be 38.3 MPa [30]. The resonant response is
then obtained as given in Fig. 9. Using fatigue strength modification factors with the
material properties as described in Rao et al. [27], the fatigue failure surface is also
shown in Fig. 9.

For stress level above the fatigue limit, assuming a constant stress operation at
resonance the life cycles are 3.5 x 10!!, whereas with ten steps in each rise and
fall of stress, linear cumulative damage gives 142,945 and non linear cumulative
damage gives 118,177 crossings at 674.7 rpm for life.

4 Lifing and Optimization

While lifing technologies have improved providing accurate simulation as discussed
above, the next question a designer has — How can I get more life out of this structure
within the available constraints? Typically stress raiser locations in any structure
give stress concentrations that may be unacceptable and as local plastic conditions
are reached under extreme loading the local strains control the life. To get optimum
life, a shape optimization in the vicinity of stress raiser can be made to minimize the
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stress concentration or minimize the local strain under local plastic conditions. The
best shape to give more life is achieved in earlier days through tests and now we can
perform a shape optimization and increase life through simulation.

A typical rotating blade [31] under a given unsteady pressure field has its fun-
damental mode at 344.5 Hz at the operating speed 8,500 rpm Under self excited
vibration from low back pressure under power generation well below rated value,
life of the blade was predicted from Blade [28] as 101.592 minutes.

The blade root experiences a local plastic region. It should be noted that stress
in the plastic region does not decrease significantly as the material is yielding, how-
ever we can reduce the strain and increase life. Figure 10 shows the space in which
we can allow the shape to be altered consistent with manufacturing and design con-
straints.

Rao and Suresh [32] adopted an optimization using HyperStudy [33] and the
range of variables given in Table 1. The optimization can be achieved either using
elastic or elasto-plastic analysis.

The optimized shapes at 8,500 rpm from HyperStudy are given in Table 2.

The maximum stress at stress raiser decreased marginally from 768 to 746 MPa
by 22 MPa (2.86%) from baseline elasto-plastic analysis for 8,500 rpm; however the
peak plastic strain reduced from 0.0153 to 0.01126 by 26.4%. This is the major
advantage in optimization for a blade root shape.

With the optimized shape, the life of the blade estimated by Altair TurboManager
at 344.51 Hz, increases to 420.9 minutes which is 4.14 times the base line value of
101.592 minutes.

W1

Fig. 10 Shape variables for optimization

Table 1 Shape variable

definitions

Min value (mm)

Max value (mm)

W1 =122.17
W2 =13.65

R1 =1.70,H = 5.67,

V=413, R2=40
0 = 29.86°

W1 =25.76
W2 =13.86
R1 =2.14,H = 4.85,
V =4.06, R2 = 3.37
0 = 16.25°




Optimized Life Using Frequency and Time Domain Approaches 25

Table 2 Optimized configurations under elastic and
elasto plastic analyses

Optimized shape (mm) Optimized Shape (mm)

8,500 rpm — Elastic 8,500 rpm — EP

W1 =12543 W1 = 2548

W2 =13.86 W2 =13.82
R1=1.89,H=5.17, R1 =2.08, H = 4.96,
V =4.01,R2=4.0 V =4.07,R2=4.0
0 = 16.50° 6 = 17.15°

5 Concluding Remarks

Lifing techniques in time domain and frequency domain are discussed and the
advantages of frequency domain method for advanced structures are highlighted.

A special feature in today’s technologies is the ability to analytically determine
a nonlinear damping model of a rotating structure that enables an accurate estima-
tion of resonant stress at a critical speed. This analytical development allows a true
simulation and faster turn around design cycle time.

Optimization techniques are now increasingly employed to minimize stress con-
centration factors under elastic conditions or minimize local strains for globally
elastic but locally plastic structures considering design constraints. A shape opti-
mization thus performed gives the best possible life.

The lifing and optimization procedures together reduce testing costs and bring an
accurate solution to advanced structures in getting maximum life.

Acknowledgements The author is thankful to many of his colleagues who performed variety of
lifing and optimization problems in Altair India and in IIT Delhi.
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Dynamic Modeling of Rotors:
A Modal Approach

G. Genta

Abstract Dynamic modeling of rotors is usually performed under the assumption
that the rotating parts of the machine are axially symmetrical, while the non-rotating
ones may have no particular symmetry properties. The rotor model, based on the
FEM, can be reduced in modal form and then assembled in the FEM model of the
stator of the machine. Different rotors, rotating at different speeds, can be assembled
on the same stator, even if the rotors are not coaxial.

The rotor need not to be axially symmetrical, a cyclic symmetry of order 3 or
higher being required. Modal modeling of rotors is dealt with in detail, and an ex-
ample shows the effects of modal truncation on the precision of the results for a
rotor with substantial gyroscopic and non-rotating damping effects. The algorithms
are here developed for 1-D and 11/>-D beamlike rotors models but generalization to
full 3-D modeling is possible.

Keywords Rotordynamics - FEM modeling - Modal component synthesis

1 Introduction

The dynamic study of rotating machines is mostly performed by modeling the
rotor (and often also the stator) as a “beamlike” object, i.e., by resorting to one-
dimensional (1-D) models. If the flexibility of the discs and even of the blades (in
turbomachinery) must be accounted for, models in which the displacements of discs
and blades are expressed as Fourier series in the angle can be devised. This ap-
proach is usually referred to as one-and-one-half dimensional (11/>-D) [1-3]. The
DYNROT FEM code, for instance, operates in this way [4]. In this case also the
stator must be modeled using a 1-D (or a 11/>-D) approach.

The difficulties of using a full three dimensional approach, as that described
in Geradin and Kill [5], are linked with a possible lack of symmetry of both
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the rotor and the stator. In particular, the latter can hardly be assumed as an
axisymmetric body. The presence of a non axisymmetric stator compels to study
the dynamics of the system in a reference frame fixed to it, usually an inertial
frame. If the rotor is not axially symmetrical, the equations of motion are not
time-invariant, even if in constant speed operation their coefficients are periodic in
time with a period equal to half the period of rotation [1]. Actually, axial symmetry
is not required: it is sufficient that the rotor has a cyclic symmetry of order 3 or
higher [6].

A possible approach to the study of a complex rotating machine, made of one
or more rotors and a stator, is to resort to the FEM, coupled to Component Mode
Synthesis (CMS), as described first by Craig and Bampton in 1968 [7]. Codes like
ARDS by NASA Lewis Research Center, XLTRC by Texas A&M University, Dy-
namics R4 by Alfa-Tranzit and Samcef by Samtech, operate in this way. Some of
them have a 1-D formulation, others are fully 3-D or allow mixing the two ap-
proaches for different parts of the machine.

Each rotor can be reduced to a superelement by assuming as boundary degrees
of freedom those corresponding to the generalized forces exerted by the devices
connecting it to the other parts of the machine (bearings, dampers, seals, etc.) and
as internal degrees of freedom all the others. Modal analysis can thus be performed
constraining the rotor in correspondence to the boundary degrees of freedom and
neglecting rotation, damping and centrifugal stiffening.

This does not detract from the precision of the results and if all modes are re-
tained the same results obtained without modal synthesis are reached. However, the
number of modes needed to reach a satisfactory solution may be large.

Cyclic symmetry causes the modes to be of three types [6, 8,9]:

1. Modes in which all sectors displace in an identical way. They are related to zero-
order axial, torsional or radial extensional modes of disc-type structures. They
do not exhibit degeneracy, resulting in distinct eigenfrequencies.

2. Modes in which all substructures displace in an identical way, but with a phasing
of 180° from each other. They can exist only if the symmetry order m is even and
have the same properties as those of the first type.

3. Modes exhibiting a two-fold degeneracy. The corresponding eigenfrequencies
come in pairs with identical values, like in axi-symmetric structures. A mode of
this type can be rotated by any angle about the symmetry axis (i.e., the spin axis),
and the result is still an eigenvector with the same eigenvalue.

If the rotation axes of the rotors are all parallel and the stator is such that axial
and radial forces applied in correspondence to the thrust bearings and torsional mo-
ments applied to the rotors produce uncoupled deformations, it is possible to study
separately axial and torsional vibrations, coupled to the modes of type 1 (and pos-
sibly 2) and lateral vibration coupled to modes of type 3. In the most general case,
the stator couples all the rotor modes.

In case the system has a nonlinear behavior, nonlinearities are often concentrated
in the bearings, dampers and seals, while the rotors are linear. The modal approach
allows thus to reduce the size of the problem, a thing that in nonlinear dynamics is
even more important than in linear dynamics.
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2 Analysis

The aim of the present work is that of showing a general approach to converting the
1-D and 11/>-D rotor model obtained using the complex coordinates approach (for
instance using the DYNROT code) to a “rotor superelement” through the application
of component element synthesis.

2.1 Generalized Coordinates

The complex displacements and rotations involved in flexural behavior are
r=ux +iuy, ¢ =¢y —ipx )]

where uy, uy, ¢ and ¢, are the nodal displacements and rotations.

The axial displacement u, and the torsional rotation ¢, must then be added. Each
node has thus two real plus two complex degrees of freedom.

In case of 11/-D modeling, some nodes are not located on the rotation axis and
the number of degrees of freedom is higher. Depending on the exact formulation of
the node [2—4], the number of degrees of freedom spans from four to five complex
degrees of freedom for bending behavior plus three to four real degrees of freedom
for axial and torsional behavior. Axial and torsional dynamics are coupled when the
blades are twisted or set at an angle with respect to the axial direction.

Component element synthesis is at its best where the system is complex, with a
number of rotors, running possibly at different speeds and possibly spinning about
axes which are neither coincident nor parallel, and a complex stator. Codes based
on complex coordinates like DYNROT cannot be used directly in this case.

Since the stator is modeled using standard finite elements, the rotor superelement
obtained through component mode synthesis must be described in terms of real co-
ordinates, at least at its boundary nodes, while the internal degrees of freedom of
each rotor can be expressed using any kind of coordinates. The stator itself can be
reduced using the component mode synthesis, by dealing with the degrees of free-
dom of the nodes that are connected to the rotor(s) and those at which the stator is
supported as boundary degrees of freedom and using modal coordinates for all inter-
nal nodes. This is however immaterial for what follows: here the stator is assumed
to be a general FEM model of any kind, provided that its interface with the rotor is
made of nodes whose degrees of freedom are the displacements in the direction of
the reference axes of the “global” reference frame.

Each rotor has its own “element” reference frame x; y;z; (with z; axis along the
spin axis) and its own (constant) spin speed €2;. A number k; of boundary nodes
are defined. The displacements in x; and y; directions are related to radial bearings,
dampers and possibly seals, while displacements in z; direction are related to thrust
bearings, dampers or seals. This approach is redundant, since a boundary node can
be constrained in just one or two directions: by reasoning in terms of boundary
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degrees of freedom and not of boundary nodes a smaller model can be obtained. This
would however preclude the possibility of studying cases in which the reference
frame of the rotor is skew with respect to the global reference frame.

The boundary degrees of freedom of the i th rotor are thus 3k;.

This approach, mainly justified by the need of matching the “beamlike” structure
of the rotor with the solid elements modeling of the stator, has its advantages and
as well its drawback. A clear advantage is that of allowing to use the complex-
coordinates formulation for the rotor without bothering about the sign conventions
for rotational coordinates in the yz plane that are inconsistent with the usual ones
and do not allow to use standard rotation matrices.

The main drawback is that no torque can be applied on the rotor at the interface
points. For the lateral dynamics of the rotor this means that the bearing can be mod-
eled as compliant supports but not as compliant clamps, which is fairly realistic. If
bearings that can transfer bending moments are used, like preloaded packs of ball
bearings, it is always possible to model them as at least two connections located at
a certain distance, which in most cases is even more realistic.

The impossibility of constraining the rotation of a boundary node leads to the
impossibility of constraining the rotors against rotation. In most cases this is not
a problem: a rotor is usually not constrained in rotation to the stator of the ma-
chine. It can receive a driving or braking torque: this torque can be modeled as such
on the rotor and the corresponding reaction can be modeled as forces on the sta-
tor, following the actual layout. If there are several rotors, they can be constrained
to each other in rotation, using rigid or elastic constraints to model gear wheels,
chains, belts or any other transmission device. Since this involves only torsional
dynamics, that in most cases is uncoupled, there is no problem in introducing this
effect. It is also possible to account for the bending loads due to meshing gears or
belts.

2.2 Formulation of the Rotor Model

The model for the lateral behavior of the i th rotor can be written as [1]
Mpdp + (Cp +i2Gp) 4p + (Kp + 2°Kpg +iQ2Cs) qp = Fp(1),  (2)

where subscripts i for all matrices and vectors have been dropped. All matrices are
real and symmetric, while the vectors of the generalized coordinates and forces are
complex, with the real and imaginary parts referring to the xz and the yz planes
respectively. The generalized coordinates of each node are those defined in Eq. (1).

Matrix Cjp, is a rotating damping matrix, but there is no non-rotating matrix since
there is no stator element included in this model.

The model for the torsional and axial behavior, that may be coupled owing to the
presence of blades, is
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Mt + Cullia + (Kia + 27Kug) Qo = Fia (1) - 3)

Here the generalized coordinates of the nodes are u, and ¢, and all matrices and
vectors are real.

3 Modal Reduction

3.1 First Approach

In the first approach Eq. (2) is first transformed from complex to real coordinates by
doubling the number of equations

R SR (s R R

K: 0 2| Ky 0 0 nyj|){xb}={Fxb(t)}
+|: 0 Ky:|+(Q |: 0 KySZi|+Q|:_ny 0 Yo Fyp (1)

“4)

e Matrices My, C,, K, and K g coincide with matrices My, Cp, K and Kpq
respectively.

e Matrices My, C,, K, and K, o coincide with matrices M, Cp, K; and Kjg
with all terms with subscripts that add to an odd number changed in sign.

e Matrices Gy, and Cy, coincide with matrices G and Cp with all even columns
changed in sign.

e Matrices Gyx and C,, coincide with matrices G and Cp with all even rows
changed in sign.

e Vectors xp, and F(¢) coincide with the real part of vectors qp and Fy ().

e Vectors y, and F 5 (¢) coincide with the imaginary part of vectors qp and Fp(¢),
with all even terms changed in sign.

At this point the order of rows and columns of all matrices and vectors is changed,
listing first the translational coordinates of the boundary nodes, then all other coor-
dinates. The coordinates in X; and y, are mixed at this point, so that their order is
that usually considered. Actually, this is needed only for boundary nodes, while the
generalized coordinates for internal nodes can retain their original order (first xz,
then yz plane). The axial and torsional behavior can be integrated with the bending
behavior at this level, but since it is uncoupled, modal reduction can be performed
separately to reduce the size of the eigenproblem.

Using subscript 1 for the boundary degrees of freedom and subscript 2 for inter-
nal degrees of freedom, it thus follows
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(5)

where the overall gyroscopic and rotating damping matrices are skew-symmetric.

Mode component synthesis is applied at this point. The eigenvector matrix ® of
the MK system whose mass and stiffness matrices are M, and K is computed.

Owing to axial symmetry, all flexural modes exhibit a two-fold degeneracy. As a
consequence, the eigenvectors are not said to lie in either xz or yz planes, since any
linear combination of the two modes with any given eigenvector is itself a mode.
This however is not a reason of concern, except for possible numerical problems it
might cause. A reduced eigenvector matrix ¢*, in which only a number of modes
(usually those with the lowest eigenfrequencies) are retained, is used to perform
modal reduction. Since they come in pairs, the number of flexural modes must be
even. The transformation matrix is the usual one [10]

I 0
W=
[—Kil Ky @ } ’ ©

and the reduced matrices and force vector are

M =¥'MVY, G*=vTGY, C*=wTCw, K* = v KV,
K = VTKqW¥, Cr =vTC, ¥, =w'f (7

If the torsional and axial matrices were not assembled earlier, they can be reduced
at this point and then assembled to the bending matrices.

3.2 Second Approach

Modal reduction can be performed before passing from complex to real coordinates.
The procedure is the same as seen above, but now the partitioned matrices in an
equation having the same structure as Eq. (5) are built starting from the matrices
in Eq. (7). In this case the complex coordinates q; are the complex displacements
of the boundary nodes, while q, are the complex displacements and rotations of
the internal nodes. All matrices are symmetrical and their size is half the size of
the corresponding matrices in the previous approach. The eigenvectors of the MK
eigenproblem have no degeneracy and this can help simplifying the problem and
avoiding numerical problems.

Once matrices M*, K*, etc. have been obtained, it is possible to pass to real
coordinates
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where now X and yj are vectors containing only translational coordinates (for the

first few rows) and modal coordinates (the remaining rows). Since no sign problem
is involved for translational coordinates, there is no need for sign changes.

Fp (O
. (t)} ®)

4 The Rotor Superelement

Once the reduced matrices of the rotor have been obtained, the final order of the
degrees of freedom is:

e A number 3n displacement degrees of freedom (uy, u, and u,) for the n boundary
nodes, ordered in subsequent groups, one for each node.

e A number m of modal coordinates for bending (in the two planes), axial and tor-
sional (or coupled axial-torsional) modes. The number of modes used for bending
in the two planes must be the same, but bending, axial and torsional modes may
differ in number.

If the rotors are linked together torsionally, it is possible to insert a number of
boundary degrees of freedom for torsional behavior between the degrees of freedom
of the first group and those of the second. In the case such a connection is performed
using gear wheels, belts, etc., with a gear ratio different from unity, suitable equiv-
alent inertia and stiffness for torsional motion must be used since the start of the
computation. These torsional boundary degrees of freedom must be assembled in a
suitable way, following the layout of the system, but this assembling procedure does
not need rotation.

The rotation matrix for the superelement has the structure

R .. 00

R= | = = =
0 ..R O ©)
0 0 I

where the 3 x 3 matrices are the n identical rotation matrices needed to rotate the
displacements of the boundary nodes and I is an identity matrix of order m (modal
coordinates do not need to be rotated). If some torsional degrees of freedom are
assembled, the corresponding rows and columns contain an identity matrix.
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5 Example

To evaluate the precision attainable with the present approach for a rotor modeled
using the 11/5-D approach, the rotor of a turbomolecular pump will be studied. The
sketch of the model, built using the DYNROT code, is shown in Fig. 1.

The rotor is made by a shaft, on which an electric motor and the magnetic bear-
ings are assembled, plus a bell-shaped part carrying 12 discs, eight of which bladed.
The model is made by 124 elements (74 beam, 14 disc, 15 blade, 13 beam-disc tran-
sition, 8 disc-blade transition elements), connecting 108 nodes. The total number of
complex degrees of freedom involved in the lateral behavior is 339.

Since the example is meant to evaluate the errors introduced by modal reduc-
tion in a single rotor, the axial, torsional and bending behavior are assumed to be
uncoupled.

The boundary nodes are the third node at the left, where the axial constraint is
applied (actually the constraint should be applied to the disc of the axial bearing, but
the present model required that constraint are applied to a node connected to a beam
element) and the two nodes where there are the radial bearings (shown as springs in
Fig. 1). This amounts to assuming that the sensor-actuator pairs of the bearings are
co-located, but this issue has no importance for the aim of the present example. The
number of the boundary degrees of freedom is thus nine.

The stator thus reduces to an axial spring applied to the first boundary node
and two radial springs applied to the following two. A low value of the stiffness
is assumed, namely 10 N/m, also because in this way the shapes of the constrained
modes are quite different from the actual mode shapes of the system, maximizing
the errors due to modal reduction.

The Campbell diagram related to the bending modes was first computed using
the standard DYNROT routine. The result is reported in Fig. 2 (dashed lines).

maEEH
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Fig. 1 FEM model of the rotor of a turbomolecular pump
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Fig. 2 Campbell diagram obtained from the nonmodal computation (dashed lines) and the modal
computation with 50 modes (full lines)

The computation has then been repeated extracting all matrices from the
DYNROT code and applying the procedure referred above as “second approach”,
retaining 50 modes from the complex model. The total number of degrees of free-
dom for the flexural problem is thus 106 (six boundary plus 100 modal degrees of
freedom). The result is reported in Fig. 2 (full lines).

The two approaches yield the same results, within the thickness of the line. From
the Campbell diagram it is clear that both the gyroscopic and the centrifugal stiff-
ening effects are quite large, particularly in the modes 3, 4, 5 and 7 (forward and
backward, even if there is an exchange between the mode 6 and 7). These modes
are clearly disc-blades modes: the backward modes first decrease their frequency
(gyroscopic effect), to increase it at a higher speed (centrifugal stiffening).

The forward modes increase sharply, due to both effects, and remain subcritical
even at high speed (explaining why blade damping is always stabilizing).

These results are quite obvious, since 50 modes is quite a large number, and
their interest is just showing that no error (larger than 0.02%) was introduced in the
implementation of the procedure. The largest errors are those of modes 5 BWD and
7 BWD, which at 5,000 rad/s are of 0.17% and 0.54% respectively.

The computation was repeated using 5 modes. The total number of degrees of
freedom for the flexural problem is 16 (6 boundary plus 10 modal). The result is
reported in Fig. 3, together with the results of the nonmodal computation.

At low speed the accuracy with which the first 5 forward and 5 backward modes
is obtained is remarkable. With increasing speed gyroscopic and centrifugal stiff-
ening effects cause the lower modes to be mostly backward and the precision
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Fig. 3 Campbell diagram obtained from the nonmodal computation (dashed lines) and the modal
computation with five modes (full lines)

decreases. The errors (expressed as %) at 5,000 rad/s are reported in the second
line of the table below. The errors obtained using 10 modes (a total of 26 degrees of
freedom) are reported in the third line of the same table.

Mode 1BWD 1FWD 2BWD 2FWD 3BWD 4BWD 5BWD 6BWD 7WD 3FWD

Error 0.044  0.020 0.020 2.60 7.41 5.80 1146 4.03 1.96 722
Error 0.014 0.015 0.011 097 7.28 5.23 1.014 3.57 1.82 223

The presence of blades inclined with respect to the axial direction causes the
axial and torsional behavior to couple. The total number of torsional and axial de-
grees of freedom is 289. Again the computation was performed using the nonmodal
procedure and the modal one, obtaining errors on the first 10 natural frequencies
smaller than 0.01%.

The analysis was then performed using 10 modes, i.e., a total of 13 degrees of
freedom (3 boundary and 10 modal). The result is reported in Fig.4 (full lines),
compared with those obtained using the nonmodal approach (dashed lines).

The errors (expressed as percentages) for the first 10 modes (note the first mode
has a natural frequency equal to 0, since the system is torsionally not constrained) at
the maximum speed (5,000 rad/s) are reported in the table on the next page (second
line). Except for the tenth mode, the errors are quite small.
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Fig. 4 Campbell diagram for the coupled torsional-axial dynamics obtained from the nonmodal
computation (dashed lines) and the modal computation with ten modes (full lines)

Mode 1 2 3 4 5 6 7 8 9 10

Error 0 0.01 0.13 328 2.66 1.88 1.07 039 1.22 18.56
Error 0 0.01 6.51 9.04 19.38 19.50 - - - -

Repeating the computation with just five modes, the errors are still acceptable for
the lowest order modes (last line of the same table).

6 Conclusions

The component mode synthesis allows to reduce each rotor of a generic machine to
a single superelement, with a number of boundary degrees of freedom equal to three
times the number of boundary nodes plus a number of internal degrees of freedom
equal to the number of the modes considered.

The present paper shows that this approach is possible even when the rotor is
modeled using a number of complex degrees of freedom for the flexural behav-
ior and of real degrees of freedom for the (possibly coupled) axial and torsional
behavior. True axial symmetry of the rotor is not required, since cyclic symmetry is
sufficient to write time-invariant equations of motion in an inertial reference frame.
The stator can be modeled using any kind of finite elements and need not to have
any symmetry property.

An example showed that a small number of modes is sufficient for modeling
accurately even rotors with large gyroscopic and centrifugal stiffening effects.



38

G. Genta

The paper deals with rotors modeled using the 1-D and the 11/>-D approaches,

but the same approach can be used for general 3-D models.
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Evolution of Frequency-Speed Diagram
in Rotating Machinery

Chong-Won Lee

Abstract Frequency-speed diagram, often known as Campbell diagram that has
long been an important tool in the design and operation of rotating machinery plots
most of time the imaginary part of eigenvalues and the incomplete, but useful, fre-
quency information of probable external disturbances, which is known as excitation
order lines. Thus, from such diagrams drawn for rotating machines, engineers can
understand which modes are likely to be excited by the excitation sources of inter-
est, which speed regions are safe for operation, and so on.

In this paper, the pros and cons of the conventional frequency-speed diagram are
discussed in relation to the desired rotordynamic properties. And, then is introduced
how frequency-speed diagram has been evolved in the past in order to improve the
original diagram by adding missing rotordynamic properties.

Keywords Frequency-speed diagram - Campbell diagram - Lee diagram - Strong
and weak modes - Infinity norm of directional frequency response functions

1 Introduction

Rotating machines nowadays are designed such that they can be safely operated
beyond or passing through many critical speeds. Rotating machinery consists of
many structural elements such as shaft, disk, blade, bearing/seal/damper, casing and
foundation. Not only each machine structure reveals its own local dynamic charac-
teristics, but the whole machine as an assemblage of part structures also reveals
global dynamic characteristics. The dynamic properties of most common inter-
est in rotating machinery typically include the critical speeds, stability of modes
and forced response. The critical speeds of a rotor are defined as the rotational
speeds at which the speed-dependent modal (natural) frequencies, rigid or flex-
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ible, intersect with the order lines associated with possible excitation sources of
paramount interest.

Perhaps one of the most convenient and elegant graphical presentations for pre-
dicting critical speeds is known as the Campbell diagram, which was introduced by
Campbell in 1924 in a study of circumferential waves in turbine disks [1,2]. He
believed that “one of the most important features in the design and manufacture of
a steam turbine is the elimination of the possibility of vibration occurrence at the
various natural frequencies of its disk wheels and buckets.” It is often referred to as
the whirl speed chart (map) [3], frequency-speed diagram, natural frequency-speed
map, damped natural frequency map, interference map, and frequency interference
diagram, where the whirl speeds, or equivalently the modal frequencies, and the
order lines of possible excitation forces are plotted against the rotational speed.
Campbell diagram is helpful for design and practice engineers to judge on the mar-
gin of safe operation in the design as well as field operation processes. The Campbell
diagram has been popularly adopted in the design of rotors with bladed disks such
as turbines and fans, where the blade natural frequencies and the excitation order
lines associated with the blade passing frequency and the integer multiples are eas-
ily identified [4,5]. However, its usage is limited in the sense that it does not provide
practice engineers with the essential information such as the stability and forced
response of the actual rotor system, particularly when the system possesses both
stationary and rotating asymmetry. In other words, it does not tell us about which
critical speeds have to be considered seriously in design and operation — the severity
of the rotor response at each critical speed. For the critical speeds of an isotropic
rotor system associated with unbalance excitation, the backward whirl speeds are
traditionally indicated by broken lines, in order to indicate the less importance of the
backward critical speeds in the unbalance response of the isotropic rotor system [6].

In this paper, we discuss the essence of the Campbell diagram that was invented
early 1920s and how the frequency-speed diagram has evolved since then.

2 Campbell Diagram

The Campbell diagram, the earliest version of frequency-speed diagram, basically
uses only the imaginary part of eigenvalues (modal frequencies) against the varying
rotational speed, while the real part of eigenvalues and thus the stability of modes
are missing. Moreover, the eigenvectors associated with modes were not of a con-
cern at all. Figure | shows the Campbell diagram for a steam turbine [1] developed
by Campbell in 1924. The diagram plots all possible modal frequencies of the rotat-
ing turbine disk associated with forward and backward traveling waves with up to
six nodal diameters, along with the synchronous excitation and higher order lines.
The intersections between the excitation order lines and the modal frequencies are
identified by circles of different size for convenience, requiring a full knowledge
of rotating disk vibration. The large, medium and small circles indicate the criti-
cal, minor and sub-minor resonant speeds, which were determined in accordance
to the severity of excitation order lines and the importance of modes. Although
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Fig. 1 Original frequency-speed diagram by Campbell for steam turbine [1]

the Campbell diagram successfully identifies the importance of resonant speeds by
careful investigation of the cause of the intersections, the diagram is over-crowded
with possible resonant speeds, so that design of steam turbines is like walking into a
mine field. In summary, the Campbell diagram is useful in design and operation of a
rotating machine, in the sense that all possible resonant speeds are readily identified.
However, it does not provide the information on modal stability and systematic way
of judging the severity of resonant speeds.

3 Enhanced Frequency-Speed Diagrams

One method of accommodating the stability information, which has been well
adopted by many researchers in the past, is simply to add the information of the
modal damping as well as frequency for each mode in the Campbell diagram, or to
draw Root Loci with the rotational speed varied [7]. Root Loci technique, which is
basically a polar plot of complex eigenvalues with the rotational speed varied, has
been extensively adopted in the control area for a long time. Figure 2 is the typical
Root Loci plot [8] where the real (modal damping) as well as imaginary parts of
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eigenvalues are plotted against the rotational speed, so that not only the (relative)
stability of the possible resonant speeds is easily identified but the absolute stable
speed region is detected. The stability of each mode can be addressed based on
the added information on modal damping, but as the number of modes increases,
the additional information complicates the understanding of the plot, obscuring the
essence of information.

As the rotor system configuration becomes complicated as in the case of bladed
turbine wheels, the corresponding whirl speed charts are often over-crowded with
many sub-system natural frequencies and order lines, resulting in many intersec-
tions. However, not all the intersections may be engaged with possible resonances,
when each order line is associated with a particular mode. Singh [9] introduced a
method of reducing the number of meaningful intersections by using the relation
between the order lines and the mode shapes of bladed turbine wheels. However,
his method still lacks the information of modal damping and forced response at the
critical speeds.

4 Separation of Forward and Backward Modes

Frequency-speed diagram or whirl speed chart is the plot of modal frequencies
(damped natural frequencies) against the rotational speed. Such diagram has tradi-
tionally been plotted in three different ways in the past. The most popular way is to
plot the diagram only in the first quadrant defined by the positive rotational speed as
the abscissa and the absolute modal frequencies as the ordinate as shown in Fig. 3a.
Natural frequencies of non-rotating structures are taken as positive quantities in the
structural vibration area with no confusion. However, the natural frequencies as-
sociated with forward and backward modes of rotating shafts and disks can have
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Fig. 3 (a) Single and (b) two-quadrant plotting methods for frequency-speed diagram

different signs for clear understanding of physical phenomena. Thus, when they are
plotted in the first quadrant only, the diagram would be crowded with backward and
forward modes, and/or their complex conjugate modes, as shown in Figs. | and4.
Figure 4 shows the Campbell diagram for a twin spool jet engine, where solid and
broken lines indicate forward and backward whirl modes, respectively [4,6]. Broken
lines are often used to identify the backward modes from the forward modes that are
considered to be more important in contribution to forced response of the rotor at
critical speeds. The problems with the single quadrant plot for frequency-speed di-
agram are:

1. There is no systematic way of identifying forward and backward modes other
than experienced judgment.

2. There exist too many intersections of modes with excitation order lines, mean-
ing that there are many possibilities of excessive resonant vibration, which is
normally not true.

3. It becomes almost impossible to understand the plot with over-crowded modes,
when the rotor model becomes more complicated and realistic.

In order to resolve the complexity of the diagram, Dimentberg [3] extensively
adopted the frequency-speed diagram plotted in the first and second quadrants, so
that the forward and backward modes can be shown separately in the first and sec-
ond quadrants, respectively, as shown in Fig. 3b. Although it takes some caution to
understand what is meant by negative rotational speed in the plot, all forward and
backward modal frequencies can take positive values. The most recent method is
to use the first and fourth quadrants for the frequency-speed diagram [10], with no
allowance of the negative rotational speed. The modal frequencies can freely take
positive or negative values, and, the forward and backward modes are completely
separated as in Dimentberg [3]. In conclusion, the two quadrant plots are much sim-
pler and more convenient to use, yet giving more physical insight into the directivity
of modes, than the conventional single quadrant plot.
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Fig. 4 Campbell diagram for twin spool jet engine: solid and broken lines indicate forward and
backward whirl modes, respectively. Qyp = 1.25Q,p + 146(H?z2) [6]

S Modal Analysis and Commercial Software

In general, a rotor-bearing system has two main parts, rotor and stator. According to
the non-axisymmetric properties of the rotor and stator parts, a rotor-bearing system
may be classified into four types [10, 11]: (1) isotropic (symmetric) rotor system,
when both the rotor and the stator are axi-symmetric; (2) anisotropic rotor sys-
tem, when the rotor is axi-symmetric but the stator is not (stationary asymmetry);
(3) asymmetric rotor system when the stator is axi-symmetric but the rotor is not
(rotating asymmetry); (4) general rotor when neither the rotor nor the stator is axi-
symmetric (both stationary and rotating asymmetry).

Modal analysis of the isotropic [10], anisotropic [10, 12, 13] and asymmetric lin-
ear rotor systems [11], which are essentially formulated as a time-invariant linear
system, has been well developed. But, the modal analysis of general rotor systems,
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which is characterized by the presence of periodically time-varying parameters
[14, 15], has recently been conducted, using both the Floquet theory [16] and the
modulation coordinate technique [17].

Although commercial FEM codes such as NASTRAN have been widely used
for structural vibration analysis since a couple of decades ago, they often have lim-
itations in applications and users’ access to intermediate data. For example, they
can calculate the frequency-speed diagram for isotropic, anisotropic and asymmet-
ric rotors, but they cannot handle general rotors with both stationary and rotating
asymmetry and they have limitations in utilizing the right and left eigenvectors.
SAMCEF and ANSYS, which have recently been available in the market for rotor-
dynamic analysis, have the same limitations in applications and intermediate data
access for further analysis. So far, any commercial codes are not capable of rotor-
dynamic analysis for general rotors characterized by both stationary and rotating
asymmetry, because the modal analysis method for general rotors have not been
available until a couple of years ago.

6 New Whirl Speed Chart

Modal damping certainly has to do with the relative stability of mode. Presence
of modes with positive damping at a rotational speed indicates the unstable free
response of the rotor at that speed, the response becoming large as far as the lin-
earity assumption allows. Modes of light damping contribute more to the transient
response than modes of heavy damping. However, it is not completely correct to
say that modes of light damping contribute more to the steady-state response than
modes of heavy damping. In fact, the magnification factor near the modal frequency
for the harmonic response is inversely proportional to modal damping, but the re-
sponse is also proportional to the residue that is a product of the modal and adjoint
vectors as well as the force itself. Thus, the modal vector, whose importance is often
forgotten, should be accounted whenever the severity of the response is addressed
[18]. Based on the modal analysis of general rotor systems, the rigorous norm anal-
ysis of modal vectors has recently been carried out [18], in order to represent the
strength of modes in the complex coordinate system. Based on the modal vector
norm strength, the method classifies the modes into two groups: strong and weak
modes. The frequency-diagram incorporated with modal strength certainly enhances
the Campbell diagram in the sense that the importance of modes are systematically
and clearly identified in the diagram so that the severity of the resonant vibrations
which are expected from the intersections with possible excitation lines of any order
can be readily evaluated. The Campbell diagram incorporated with modal strength
uses all available sources in predicting the possible resonances, but it fails in direct
indication of the stability of modes in the diagram.

In order to resolve the stability issue with the diagram incorporated with modal
strength, a new method is recently proposed, based on calculation of the infinity
norms of the four directional frequency response matrices [10, 16] defined in the
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complex coordinates, which are referred to as Lee diagram [19]. Lee diagram not
only utilizes all available information in predicting possible resonances with asso-
ciated modal strength, but also they classify all modes into four different groups:
modes of symmetry, anisotropy, asymmetry and coupled asymmetry. Lee diagram
is functions of the frequency and the rotational speed, which can be used as a pow-
erful and effective tool in selecting only a few important possible resonances for
design and operation of rotors in practice, from, otherwise, too many possible ones.
The features of Lee diagram are:

1. Lee diagram, consisting of the four plots, Li;(w, 2), Li2(w, ), L2 (w, 2)
and Ly;(w, 2), clearly identifies the important modes as well as resonances of a
general rotor system with either the weak rotating and stationary asymmetry or
the strong skew-symmetric coupled system matrices.

2. Li1(w, ) readily differentiates the original (strong) modes from the complex
conjugate (weak) modes.

3. Lia(w,R2), La1(w,2), and Lyy(w, 2) are useful in identifying the weak modes
of less importance associated with the stationary asymmetry, the rotating asym-
metry and the coupled asymmetry of the rotor, respectively.

4. Lee diagram can be used as a powerful design tool for rotating machinery, par-
ticularly for FEM based rotor models in their design phase.

5. Among others, L11(w, 2) alone is far superior in prediction of occurrence of
possible resonances of the rotor to the conventional Campbell diagram, because it
identifies the modes of paramount importance in design and operation of rotating
machines.

7 Illustrative Examples

The first example is a two-pole generator [19]. The commercial two-pole generator
has asymmetry in the rotating part because there are many slots in the rotor for coil
windings. Moreover, three journal bearings, of which bearing properties are strongly
dependent upon the rotational speed, have anisotropy. The two-pole generator is
modeled by finite elements of Rayleigh’s beam and the coil windings are modeled
by additional point masses. Figure 5a shows the conventional Campbell diagram
drawn from 1,000 to 3,960 rpm. As there are numerous modes in the Campbell
diagram, it may mislead us to a wrong judgment that it is almost impossible to op-
erate the generator near at 3,600 rpm without a chance of resonance. Instead, the
significance of resonances can be evaluated by modal strength as shown in Fig. 5b.
Primary strong modes are distinguished from numerous weak modes by their modal
strength (intensity level in the figure). However, the Campbell diagram only with
modal strength is very conservative in the sense that it exaggerates the role of pri-
mary strong modes, because it still lacks the information of the damping and the
input to output relation of the generator.

Figure 6 plots Lee diagram for the two-pole generator [19]. Figure 6a shows
L11(w, 2), which represents symmetric property. The plot is the most important
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Fig. 5 (a) Conventional Campbell diagram and (b) Campbell diagram incorporated with modal
strength for two-pole generator [18, 19]

to evaluate the possible contribution of modes to forced responses because the
symmetric property is generally much larger than the anisotropic and asymmet-
ric property. From the plot of L1;(w, €2), it can be concluded that only the first
translatory modes near at 20 Hz play an important role in the predicted forced
response, although the generator system has many other strong modes, as seen
in Fig. 5b. Because the other strong modes except the first translatory modes are
heavily damped by the three journal bearings of large damping, the potential con-
tributions of those modes to forced responses remain insignificant, compared with
the first translatory modes. Note that other strong modes near at =60 Hz may also
have a little, if not significant, contribution to the forced responses. The magnitude
of Liz(w, Q) is similar to that of Li;(w,2). It means that the system possesses
a relatively large amount of anisotropy in the journal bearing properties. The weak
modes in L, (w, 2) that do not appear in L1 (w, ) and L1, (w, ) become visi-
ble, but they have small magnitudes compared with L2 (w, 2) (see the use of two
different scales). It is because the asymmetry of the two-pole generator is relatively
small, compared to the journal bearing anisotropy. From the plots of L1 (w, 2) and
Ly (w, 2), we can identify the possibility of excessive unbalance and transient re-
sponse in the narrow speed region centered at about 1,050 rpm, due to the presence
of asymmetry in the generator rotor. The anisotropy-asymmetry coupled modes are
well identified from Lo, (w, 2) in Fig. 6d.

Now let us consider a commercial gas turbine shown in Fig.7. For the FEM
modeling of the gas turbine, the rotating part and the two bearings are assumed to
be symmetric, so that the whole rotor model becomes an isotropic rotor. Figure 8
compares the Lee diagram with the Campbell diagram [20] for the gas turbine. The
Campbell diagram is not too complicated in this case, because the dominant modes
are the typical translatory, conical and the first and second bending modes. Thus, it
is quite straightforward to identify the backward modes for an isotropic rotor, which
are less important than the forward modes in determination of critical speeds from
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Fig. 7 Gas turbine model

both diagrams. However, in comparison with the Campbell diagram, the Lee dia-
gram, L1;(w, ), systematically identifies the backward modes and indicates the
modes of importance by the grey-level scale. Note that, for an isotropic rotor, the
other three plots than L (@, 2) always vanish.
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Table 1 Comparison of diagrams in usage of available information [19]

Re(X) Im(}) Modal vector Excitation

Campbell diagram X (0] X Order lines
Root Locus (6] (0] X X
SAFE X (@) No. of nodal diameters Order lines
Campbell diagram X (0] Modal vector norm Order lines

with modal

strength
Lee diagram (0] (0] Residue matrix norm Order lines

8 Conclusions

Table | summarizes and compares the five different diagrams in terms of informa-
tion usage. The classical Campbell diagram essentially plots only the imaginary part
of eigenvalues against the rotational speed, along with the excitation order lines,
lacking the knowledge of stability and strength of modes. Root locus plot exten-
sively utilizes the stability of modes, but it lacks the information of modal strength
and possible resonances. SAFE attempts to remove irrelevant modes to possible
resonant vibrations, but it also lacks the information on stability and strength of
the relevant modes. The Campbell diagram incorporated with modal strength bet-
ter identifies the modes of importance than the previous diagrams, but it lacks the
information on stability of modes and input-output relation.

Finally, the Lee diagram successfully utilizes all available useful information
not only on the modal parameters but the input-output relation. Lee diagram is
an excellent design tool for rotating machines, particularly for FEM based rotor
models with strong skew-symmetric coupled system matrices and weak anisotropy
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and asymmetry. It can identify the modes of symmetry, rotating and stationary asym-
metry, and extract only a few critical resonances out of the, otherwise, over-crowed
ones without a measure of priority as in the Campbell diagram.

Acknowledgment The author is grateful to Doosan Heavy Industries and Construction Co. Ltd.,
for the financial support of the research. This work was also supported by the Brain Korea 21
project.

References

L.

2.

W

Campbell, W.E.: The Protection of steam turbine disk wheels from axial vibration. Trans.
ASME, 46, 31-160 (1924)

Crandall, S.H.: Rotordynamics. In: Kliemann, W., Namachchivaya, N.S. (eds.) Nonlinear Dy-
namics and Stochastic Mechanics, CRC Press, Boca Raton (1995)

. Dimentberg, FM.: Flexural Vibrations of Rotating Shafts. Butterworths, London (1961)
. Rao, J.S.: Turbomachine Blade Vibration. Wiley Eastern LTD., New Delhi (1991)
. Irretier, H.: Free and force vibrations of turbine blades. In: Rieger, N.F. (ed.) Rotordynamics 2:

Problems in Turbomachinery, Springer-Verlag (1988)

. Lalanne, M., Ferraris, G.: Rotordynamics Prediction in Engineering. John Wiley & Sons (1990)
. Bently, D.E.: Fundamentals of Rotating Machinery Diagnostics. Bently Pressurized Bearing

Press (2002)

. Nelson, H.D., Crandall, S.H.: Analytic prediction of rotordynamic response. In: Ehrich, EF.

(ed.) Handbook of Rotordynamics), McGraw-Hill Inc (1992)

. Singh MP.: SAFE Technology Report ST 16. Dresser-Rand Company (1984)
. Lee, C.W.: Vibration Analysis of Rotors, Kluwer Academic Publishers (1993)
. Lee, C.W,, Lee, S.K.: An efficient complex modal testing theory for asymmetric rotor systems:

use of unidirectional excitation method. J. Sound Vib. 206(3), 327-328 (1997)

. Bucher, 1., Ewins, D.J.: Modal analysis and testing of rotating structures. Philos. Trans. R. Soc.

London A 359, 61-96 (2000)

. Nordmann, R.: Identification of modal parameters of an elastic rotor with oil film bearings.

ASME J. Vib. Acous., Stress and Reliability in Design 106, 107-112 (1984)

. Genta, B.: Whirling of unsymmetrical rotors: a finite element approach based on complex

coordinates. J. Sound Vib. 124, 27-53 (1988)

. Ardayfio, D., Frohrib, D.A.: Instability of an asymmetric rotor with asymmetric shaft mounted

on symmetric elastic supports. ASME J. Eng. Ind. 98, 1161-1165 (1976)

. Lee, C.W.,Han, D.J., Suh, J.H., Hong, S.W.: Modal analysis of periodically time-varying linear

rotor systems. J. Sound Vib. 303, 553-574 (2007)

. Suh, J.H., Hong, S.W., Lee, C.W.: Modal analysis of asymmetric rotor system with isotropic

stator using modulated coordinates. J. Sound Vib. 284, 651-671 (2005)

. Lee, C.W., Han, D.J.: Strength of modes in rotating machinery. J. Sound Vib. 313, 268-289

(2007)

. Lee, C.W,, Seo, Y.H.: Enhanced Campbell diagram with the concept of h-infinity in rotating

machinery: Lee diagram. ASME J. Appl. Mech. 77, 021012-1-021012-12 (2010)

. Chung, H.J.: Dynamic Analysis of the Small-Size Gas Turbine Engine Rotor using Commercial

s/w and its Limitations. M.S. thesis, KAIST, February (2009)



Developments in Rotor Dynamical Modeling
of Hydropower Units

J.-0. Aidanpia, R.K. Gustavsson, N.L.P. Lundstrom, M. Karlsson,
Y. Calleecharan, ML.L. Nisselqvist, M. Karlberg, and U. Lundin

Abstract During the last century the hydropower units have been developed from
a few megawatts per unit, up to several hundreds megawatts per unit. Over the years
the operating conditions have also been changed from the ones that the machines
were originally designed. These changes will significantly affect the lifespan of the
machines. The hydropower plants are in general old, and large-scale revisions will
be performed in the coming years. This implies that new components with new ma-
terials and design will be installed to the old machines. To reduce the risk of failures
it is essential that better methods for rotor dynamical simulations are developed. In
this paper our research on electromagnetic-rotor interaction is summarized. Results
are presented on new rotor models in connection with stability, excitation sources
for backward/forward whirling and the occurrence of a tangential force.

Keywords Hydropower - Rotor - Dynamic - Magnetic pull - UMP - Stability

1 Introduction

In many countries, hydropower plants were built in the twentieth century on a regu-
lated energy market, where the units served as base load. Nowadays, hydroelectric
generation is frequently used to serve as intermittent load on a deregulated mar-
ket. In the future, hydropower units are expected to more frequently complement
other renewable sources, e.g., windpower. This will lead to more frequent starts and
stops of the hydroelectric units, which will influence the lifetime of the machine

J.-O. Aidanpii (=), R.K. Gustavsson, N.L.P. Lundstrom, M. Karlsson, Y. Calleecharan,
M.L.Nisselqvist, and M. Karlberg

Department of Applied Physics and Mechanical Engineering, Luled University

of Technology, 971 87 Luled, Sweden

e-mail: Jan-Olov.Aidanpaa@ltu.se

U. Lundin
Angstrém Laboratory, Uppsala University, SE 751 21 Uppsala, Sweden

K. Gupta (ed.), IUTAM Symposium on Emerging Trends in Rotor Dynamics, 51
IUTAM Bookseries 25, DOI 10.1007/978-94-007-0020-8_5,
© Springer Science+Business Media B.V. 2011



52 J.-O. Aidanpii et al.

components. Development in rotor dynamical modelling and analysis is therefore
essential in order to avoid failures. In 2006, the Swedish Hydropower Centre (SVC)
was established as a competence centre for education and research within the field of
hydropower. The most important tasks for SVC are to create high quality long-term
competence at selected universities and to establish close co-operation between in-
dustries, universities and authorities. Luled University of Technology was selected
to develop the hydropower competence in rotor dynamics. We have worked in this
area since 2001 with main focus has been electromagnetic interaction. We have also
worked with measurement technique, turbine contact, bearing analysis and fluid-
rotor interaction.

This paper summarizes our work on rotor interaction with the magnetic field. An
off-centred rotor in a generator results in asymmetry in the air gap. The rotor will be
affected by forces due to the asymmetrical magnetic field around the air gap. To de-
termine the forces due to the asymmetrical magnetic field, the magnetic flux density
must be determined in the whole air gap region around the rotor. The determina-
tion of magnetic forces has been carried out for more than a century. Early papers
by Behrend [1], Gray [2] and Robinson [3] suggested linear equations for magnetic
pull. Covo [4] and Ohishi et al. [5] considered the saturation of the magnetic core to
improve the magnetic pull equations. Friichtenicht et al. [6] observed the existence
of two electromechanical force components (one radial and one tangential) when
the rotor of an asynchronous induction motor performs a circular motion. Over the
past decade, the finite element method has been used to calculate electromagnetic
forces. Arrkio et al. [7] solved the magnetic field for cage induction motors using
time-stepping finite element analysis to numerically determine a parametric electro-
magnetic force. Holopainen et al. [8] continued the work and used the parametric
force to study a rotor dynamical system. Laiho et al. [9] coupled a finite element
code for rotor dynamic with a finite element code for electromagnetic field, in order
to simulate the whole system continuously. Most papers published regarding unbal-
anced magnetic pull concern asynchronous motors. In this paper some important
results from our research on electromagnetic rotor interaction on large synchronous
generators are presented [10-16]. The results come from our cooperation together
with Uppsala University who have competence in electromagnetic simulations and
analysis of hydropower generators. With SVC as the link to industry, the coopera-
tion between academia and industry will eventually lead to more reliable machines
being designed in the future.

2 Magnetic Pull Force

The electromagnetic pulling force acting on the generator rotor depends on the
asymmetry in the air gap between the rotor and stator. In a perfectly symmetri-
cal machine the radial pulling forces should add up to zero. However, all practical
generators have some degree of asymmetry in the air gap. A common example of
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Fig. 1 Schematic diagram
of the air-gap with an

eccentric rotor ‘\6‘
R, — Stator

L R,

Rotor

asymmetry is when the rotor centre and stator centre do not coincide with each other.
The relative eccentricity is defined as:

e =¢/AR )

where e is the radial displacement of the rotor centre and the average air gap AR is
the radial clearance between the inner radius of the stator Ry and the outer radius of
the rotor R,. A schematic diagram depicting rotor eccentricity is shown in Fig. 1.

Belmans et al. [17] have shown that in a three-phase electrical machine having
an arbitrary number of poles, the magnetic pulling force is composed of a constant
part and an alternating part. Hydropower generators usually have many poles and
they operate as synchronous machines. This implies that the alternating magnetic
pulling force is negligible in comparison to the constant magnetic pulling force.
The expression for the value of the constant unbalanced magnetic pulling force f,
for a rotor parallel to the stator was found from the integration of the horizontal and
vertical projection of the Maxwell stress over the rotor surface. The mean value of
the magnetic pulling force can be expressed as:

WoS¢ Ry €
2 A R2
2p? AR (- 82)3

fe = (2)

where S; is the stator linear current density, p is the number of pole pairs, /4 is the
length of the rotor and p¢ is the permeability of free space. Equation (2) shows that
the magnetic pulling force is a non-linear function of the air-gap eccentricity which
makes the magnetic pulling force to destabilize the rotor system with increasing
rotor eccentricity.

The air gap eccentricity can be divided in two categories: stator eccentricity and
rotor eccentricity. In the case of stator eccentricity the rotor will be in a fixed po-
sition relative to the stator under a constant magnetic pulling force. This means
that the smallest air gap will be in a same position during the rotation of the shaft.
A characteristic for the rotor eccentricity is that the rotor will whirl around the centre
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Fig. 2 Generator rotor displaced a distance u; + us& from the generator vertical axis of symmetry

line of the rotor in an orbit. However, the most common case of eccentricity is a
combination of stator and rotor eccentricity where the rotor centre will whirl around
a fixed position in the stator bore with the angular speed of rotation.

The generator eccentricity causes a disturbance in the magnetic field, which re-
sults in a pulling force and torque acting on the generator spider hub. The magnetic
force f. depends on the rotor displacement u;(x — displ.), ux(y — displ.), on the
inclination of the rotor uz(x — rot.), us(y — rot.), and on the distance / between the
generator spider hub and the geometrical centre of the generator rim, Fig.2. The
inclination of the rotor is assumed to be small which gives the cosine of inclination
angle to be approximately equal to unity and the sine of the angle to be the angle
itself.

The magnetic pulling force acting on a unit length of the rotor rim has been
obtained by dividing the magnetic pulling force in Eq. (2) by the length % of the
rotor rim. By assembling the constants in Eq. (2) into the term k., the equation can
be rewritten for a load element as

df, = 3)
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where d§ is the length of the element in the axial direction. The magnetic pulling
force for a rotor not parallel to the stator can be obtained by substituting the rotor
displacements u,(§) in Eq. (3) with a function for the rotor displacement at a specific
distance (£) from the rotor hub. The magnetic pulling force in the x-direction can be
found by substituting the rotor displacement u,(£) in Eq. (3) with u,, (§) = u1—u4é,
and by substituting u,, (§) = up —u3£ in the y-direction. Integration of Eq. (3) over
the rotor height 4 from the centre of the rotor hub gives

K 5-1—/
Jei = f / i 3d$ ~
h (1 _ ﬁ)z)

h 2+l <AR fori=1,2

—+
ke 2 h
() ) T ) ) )
N @)

The torque acting on the generator spider hub depends on the vertical position / of
the rotor rim, on the rotor displacements u;, u, and on the inclinations u3, ugq of
the rotor. The torque on the rotor hub due to the magnetic pulling force (as acting on
a rotor element d £ at a distance & from the rotor hub) can be found by calculating
the torque from the magnetic pulling force acting on the rotor rim. Furthermore,
the torque around the x coordinate axis can be formulated by substituting the dis-
placements u,(§) in Eq. (2) with u, 3 (§) = —us + u3& and the torque around the y
coordinate axis can be formulated by the substitution of u, , (§) = u; + u4§. Mul-
tiplication of Eq. (2) with £ and integration over the rotor height /# from the centre
of the rotor hub gives Eq. (5).

2 ur §

_S-H (1 - (%)2)3

b7 e (R G G v )

fori=3,4

(&)

The usual way of calculating the influence of magnetic pull on a generator rotor
is to apply a radial pulling force at the generator-spider hub. However a tangential
magnetic pulling force which is perpendicular to the radial magnetic pulling force
can also appear in a hydropower generator. In Gustavsson and Aidanpéé [11], the
presence and the influence that a tangential magnetic pulling force has on rotor
stability has been investigated for a specific rotor configuration. A description of the
tangential magnetic pulling force is found in Sect. 5.
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The non-linear magnetic force and moment acting on the rotor hub are described
in Egs. (4) and (5). However, in many cases it is sufficient to use a linear model for
the magnetic pulling force. A linear model of the magnetic pulling force which acts
on the rotor can be achieved by using the linear part in Egs. (4) and (5).

3 Stability due to Magnetic Pull

The equation of motion for the generator rotor model shown in Fig. 2, including the
effects of the magnetic pull and that of the displacement of the generator rim from
the spider hinge line, can be written in matrix form as

Mii + (2G + C) u + Ku = f.(u) 6)

In the linear case the electromagnetic force vector f(u) will be a stiffness matrix
and the eigenvalue problem can be solved directly. In the non-linear case, the static

eccentricity is solved by first defining a state vector U = {u u }T and rewriting
Eq. (6) in state vector form. The stationary point U can be found by setting the
time derivatives equal to zero. This stationary point is the rotor position at operating
conditions. The Jacobian matrix J evaluated at the stationary point U can be found
and the complex eigenvalues A solved. These eigenvalues can be expressed in the
general form

A=—1+4iw @)

where 7 is the decay rate and w is the damped natural frequency of each eigenvalue.
The system is asymptotically stable if all eigenvalues have positive decay rates. In
Fig. 3, the stability is shown for a hydropower generator using the parameters from
Table 1.

The left figure of Fig. 3 shows a case with the linear electromagnetic force while
the right figure pertains to a nonlinear case for the same machine. It is obvious that
there is a large difference between the two models. It is to be noted that the stable
regions are coloured white in the left figure while they are coloured black in the

Table 1 Dimensions

d . g Item Value Unit
m Mass of the rotor 336,000 kg
Jp Polar moment of inertia 5.3-10° kg m?
Jt Transverse moment of inertia 3.3-10° kg m?
L Length of shaft 6.5 m
H Length of rotor 3 m
ky Magnetic stiffness 331-10° N/m
I Moment of inertia 0.0201 m*
ki Bearing stiffness 7-108 N/m

ky Bearing stiffness 7108 N/m
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Fig. 3 Stable regions as function of generator position o and generator rotor offset // h. Stability
region (white) for a linear magnetic stiffness k y; (left). Stable region (black) for stator displacement
of 7% of the air-gap (right)

right figure in Fig. 3. The main reason is that in the nonlinear case the stability is
sensitive to the initial stator displacement.

4 Influence of Shape Deviations

Hydropower generators normally have a large radius combined with a small air
gap. Most of the machines are old and therefore several imperfections exist due
to material quality, tooling and uneven temperature distribution. All these effects
result in shape deviations of the rotor and stator rim. Figure 4 shows the geometry
of the generator model, having an arbitrary non-circular shaped rotor and stator. The
generator is treated as a balanced Jeffcott or Laval rotor having length /g, mass y
and stiffness k of the generator axis. The rotor rotates at a constant counterclockwise
angular speed w. Point Cy gives the location of the bearings while point C, is the
centre of rotation of the rotor. In Fig. 4, the coordinate system has the origin at C,
r is the rotor radius, and s is the stator radius.

Let r¢ and so be the average radius of the rotor and the stator respectively. An
arbitrary non-circular shape can be described by adding a Fourier series of cosine
terms to the rotor radius, r and the stator radius, s as follows

r=ro(z) + Z 8" (2) cos n(dp + ay,(z) (8)
n=1
s = so(z) + Z 8,(z) cos m(¢p + o, (2)) 9)

m=1
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Fig. 4 The Jeffcott rotor (left). The cross-section of the generator (right)

where
o0 o
8p>0. 85,0, > 8@+ Y 8, <@ (10)
n=1 m=1
Here, go = so — ro is the average air-gap, §; and &;, are referred to as the

rotor and stator perturbation parameters, while «), and o, are the corresponding
phase angles. To simplify notations, it is subsequently assumed in the following
discussion that §], = §;, = O for allm, n € N, if nothing else is mentioned. N is
here the set of all natural numbers. The case §] > 0 and 6§ > 0 will correspond to
rotor eccentricity and stator eccentricity respectively. Since dynamic eccentricity is
normally small compared to the dimensions of the generator, it is assumed that the
perturbed air gap (g) is

g =g+ Z 85, (2) cos m(¢p + oy, (2)) — Z 87 (z) cos n(dp + o (z) — wt)

m=1 n=1

—Xxcos ¢ — ysin ¢ (11)

where (x, y) gives the position of C,. Forces on the rotor can be found by using the
principal of virtual work on the potential energy stored in the air gap, see Lundstrom
and Aidanpad [12, 15]. The total forces in the x- and y-direction can then be ex-
pressed as

2
1 By (2)? g0(2)? uo(2)
= dzd
f 7o 0/ 0/ cos ddzdd

g(x,y.2.t,$)?
U T F Bo@? 8092 uo(2)
_ 0(2)” 80(2)" Up(2) .
fy_2M00/0/ .2l D)2 sin ¢pdzd ¢ (12)

Here By is the uniformly distributed magnetic flux density (B-field) for a perfect
circular geometry i.e., g = go and ugp = (ro + So)/2. Equation (12) gives the UMP
(unbalanced magnetic pull) for a rotor with shape deviations. UMP is a magnetic
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force caused by a nonuniform air gap due to eccentricity or shape deviations in the
air gap. Analysis of this force model has resulted in two theorems where the first one
is a theorem about stable equilibrium of the rotor, see Lundstrém and Aidanpii [12].
By using a Taylor series expansion of Eq. (12), the second theorem about angular
frequency and amplitude of the UMP is proved. Let 6 be the average value of the
angular frequency of the UMP and define ¥ = 6/w

Theorem. Assume a shape perturbed generator of which one rotor perturbation
parameter, 8}, and one stator perturbation parameter, 8,, are dominating such that

o0 o0
el ]+ D8+ D8 << (BT + (857 (13)
T
is satisfied for g = 1,2,...,q’ . Then, for shape deviations with mn-combinations

on the lines (g — j)m — jn = £1, where j =0,1,2,...,qandq = 1,2,...,q’,
the UMP has the following properties:

1. The average angular velocity satisfies y = Fjn.
2. The amplitude will be proportional to (8;)] (an)qﬂ
3. For mn-combinations outside the lines forall ¢ = 1,2, ...,q°, the UMP is zero.

A proof can be found in Lundstrom and Aidanpdd [15]. Results of the average an-
gular frequency from the theorem are illustrated in Table 2 for m,n € [1, 10].

5 Tangential Forces

Unbalanced magnetic forces (UMP) arise in the generator when the air gap is
smaller in one region, compared to the symmetrical case. Thus, the magnetic pull
force from the region with a small air gap is larger than from the region with a
large air gap. This net unbalanced force acts in the direction of the smallest air
gap. In this paper, the consequence of this UMP on stability and whirling frequency
is shown. Table 2 shows that different whirling frequencies, backward as well as

Table 2 Whirl frequency ¥ due to shape deviations m,n € [1,10]

M:n 1 2 3 4 5 6 7

1 +1 +2 +3 +4 +5 +6 +7

2 +1 X +3 X +5 X +7

3 +1 -2 X +4 -5 X +7

4 +1 X -3 X +5 X —7

5 +1 —4 +6 —4 X +6 —14
6 +1 X X X -5 X +7

7 +1 —6 —6 +8 +15 —6 X




60 J.-O. Aidanpii et al.

200 - . ; | ; . ; , .

Force [kN

Whirling Frequency [® yp;1/ ©

mech]

Fig. 5 Radial and tangential electromagnetic forces for 20% eccentricity and different whirling
frequencies

forward whirling, can occur in large synchronous generators due to deviations in
the generator shape.

The presence of damper windings in the case of an eccentric rotor/stator config-
uration gives a reaction magnetomotive force that lags the main flux and introduces
a force-component perpendicular to the smallest air gap, denoted by the tangential
component below. Saturation also affects the forces. The side with the smaller air
gap length saturates and decreases the flux density in the air gap, reducing the UMP.
In Fig. 5, the whirling dependent forces are shown for a hydropower generator.

The change in electromagnetic force due to the induced current in the damper
windings has recently been documented in several publications, see e.g., Lundin
and Wolfbrandt [16] and Burakov and Arkkio [18]. At synchronous whirl (when the
whirling and mechanical frequencies are the same) the rotor always shows the same
pole to the smallest air gap and, thus, the damper windings are not subjected to any
changing magnetic field and no current is induced in them. It is these currents which
damp the amplitude of the UMP and introduce the tangential component. During
asynchronous whirl with constant eccentricity, the pole pointing to the smallest air
gap will vary since the frequency of the whirling and the mechanical frequency do
not coincide, hence the damper windings are subjected to a change in the magnetic
field and the currents are induced in the windings. In the design of generators, this
tangential force is not considered today. Therefore it is important to determine these
forces and evaluate the dynamical consequences which will allow reliable machines
to be built in the future.
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6 Conclusions

Better models of the electromagnetic interaction in hydropower rotors are essential
in order to meet the new demands on the machines. In this paper, the development
in dynamical modelling of the electromagnetic interaction in hydropower rotors
is summarized. From the results it is clear that nonlinear stability analysis, shape
deviations in the air gap and whirling dependent electromagnetic forces needs to be
considered in order to build reliable machines in the future.
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Control-Oriented Approach to the Rotor
Dynamics

Zdzistaw Gosiewski

Abstract A new procedure of the design of rotor vibration control system is
presented in the paper. It bases on the decoupling of the rotating system into smaller
subsystems to find the dynamical phenomena responsible for rotor instability or
pour vibration damping. The procedure is shown in an example of the control system
for a simple three-mode model of torsional/lateral rotor vibrations. The root locus
method was used to find influences between different vibration modes. It leads to
the explanation which intersections of torsional and lateral natural frequency maps
are unstable and why. Vibration analysis with help of the control theory methods
indicates such control procedures which amplify the stabilizing mechanisms in the
rotor dynamics. We are able to find the solutions which also lead to the energy sav-
ing control laws. In the case of lateral vibrations there were considered four control
strategies. These strategies were compared to indicate an optimal one.

Keywords Coupled vibrations - Rotor - Root locus - Control

1 Introduction

Deep analysis of the control plant brings many useful information for the designer
of the control system. The analysis is also important in the design of active vibration
control system. The coupling of different dynamical phenomena in rotating machin-
ery leads to unstable vibrations. Usually, the coupling effects are caused by some
parameters. Angular speed or rotor unbalance in some applications are such param-
eters which change in the wide range. The problem is to find for which angular
speeds we have unstable torsional/lateral vibrations. Usually, the unstable regions
are in the vicinity of angular speeds where maps of natural frequencies for both
dynamical systems cross each other.
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There are two main aims of the vibration control systems: the system stabilization
and the increase of the vibration damping [1]. The modal control of flexible struc-
tures is usually applied [2]. The modal control is a global one, while the sensors
and actuators are located at specific points. In control-oriented modeling it is im-
portant to find input-output relations among these points [3]. So simpler the model
of the plant, simpler is the control design. The disadvantages of modal approach
are particularly well seen in the case of the rotor vibration control. The coupled
vibrations are often met in the rotordynamics and small changes of the value of the
coupling parameters can lead to the unstable behavior of the rotating machinery.
So it is important to divide dynamical system into smaller subsystems and to find
which parameters are responsible for the coupling of the subsystems and the system
instability. Such vibration analysis can indicate what one should do to design the
energy saving control system. We use three-mode rotor model to show how to do it.

All considerations are illustrated by the results of the computer simulations.

2 Mathematical Model

The physical model of flexible rotor is shown in Fig. 1. The model consists of a
rigid disc and a massless flexible shaft. The static unbalanced disc is located in the
center of the shaft. The shaft is driven with angular speed €2 which can be slowly
changed in the range 0-30,000 rpm (0-3,140rad/s). The disc has mass m and inertia
momentum /,. We assume that flexibilities of the shaft in both directions: &, 7, are:
k1, ko, respectively. The torsional flexibility coefficient is k;.

Lagrange’s equations were used to obtain the motion equations of the rotor. The
set of three nonlinear motion equations with periodic time-varying coefficients was
obtained where: x, = x—ecos(y + §), ys = y + esin (y + §) are coordinates of the
disc mass centre S in inertial coordinate system XYZ, while: & = xcosy + ysinvy,

n
12 12

me Q° J0 Z, ¢
4

Q

v mg

Fig. 1 Physical model of the anisotropic rotor
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n = —xsin y + ycos y are co-ordinates of the disc geometrical centre W in rotating
co-ordinate system &7z, which rotates with rotor angular speed 2. Furthermore:
y — is the angle of the shaft twist, e — is the eccentricity (distance) of rotor mass
centre S from its geometrical centre W, while 6 — is the angle between unbalance
vector and axis &, b, — coefficient of external damping, by, — coefficient of internal
damping, b— coefficient of torsional damping.

After linearization the rotor model in rotating co-ordinates is as follows:

E—2Qn— Q% + 2hz(.§ — Q) +2h,E + i + eQ?sin§p — 2eQ cos 8¢
—esind¢p = eQ? cos 8 + g sin Q1,
i+ 2QE — Q% + 2h.(7) + QE) + 2h,7) + 021 + eQ? cos §¢ — 2eQ sin 5
+ecosdp = eQ?sin§ + g cos Q1,
¢ + 2h:d + ReQ%p + u>¢ + Rw? sin & — Rw? cos§n = —Rg cos(Qt + 6).
ey

.02 _ k 2 _ k 2 _k _ _ b _ b _ by
where: Q7 = 7L, Q5 =2, u —ﬁ,R—%,h,— L h, = h, = 2=

21,° 2m> 2m
Equations in rotating coordinates (1) have constant coefficients. Therefore, the

calculations of unstable ranges of angular speed will be much simple in opposition
to the analysis of the equations in non-rotating coordinates.

3 Classical Analysis of Free Torsional/Lateral Rotor Vibrations

When we use Laplace transform and omit external excitations the differential equa-
tions (1) will be changed to the algebraic form:

Ara(s) —Ba(s) =D(s) | [ & 0
By(s) Aza(s) —=F(s) || n|=1]0], 2
—H(s) —K(s) C(s) ¢ 0

where:

A (s) = 52+ 2(h, + hy)s + a)12 — Q2 Asy(s) = 52+ 2(h. + hy)s + a)% - Q2
C(s) = s + 2hys + ReQ? + u?, D(s) = —e(2%sin§ — 2Qs cos 8 — 52 sin §),
F(s) = e(Q%cos§ + 2Qssind — s> cos ), H(s) = —Rw22 sin §,

K(s) = Rwicos$ (3)

The roots (poles) of the characteristic equation (Fig.2) have been calculated in
function of rotor speed 2 for the following parameters: w; = 900rad/s, w, =
1,000rad/s, @ = 1,500rad/s, R, = 0.01, h, = hy, = 0.04Qq, hy = 0.02w,,
o = 30°.
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Fig. 3 Map of real part (a) and imaginary part (b) of characteristic equation roots (poles) for the
udamped torsional/lateral vibrations of the rotor with isotropic flexibility

In the case of undamped torsional/lateral vibrations and isotropic flexibility
(w1 = wy = 1,000rad/s) the roots of the characteristic equation in the consid-
ered range of rotor speeds are shown in Fig. 3.

In the upper right quarter of the natural frequency map (Fig. 3b) we can notice
three crossings of the natural frequency lines. Two intersections are in spots where
torsional map meets lateral map: Q =~ p,—(w1+w2)/2, Q2 = p,+(w1+wz)/2. The
third crossing is in the vicinity of the frequency 2 = (w; + @;)/2 where the natural
frequencies of lateral vibrations in two perpendicular directions 7, £ approach each
other. In the vicinity of two crossings there are unstable ranges of the rotor speeds
2. The problem is: why some of the intersections are stable while others not?
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Fig. 4 Coupling parameters in considered rotor model

In the case of undamped isotropic system the inspection of the equations (1)
leads to conclusion that the particular subsystems are coupled by two particular
parameters: rotor unbalance Rj, and rotor angular speed €2 as it is shown in Fig. 4.

4 Control Theory Approach to the Vibration Analysis

4.1 Undamped Free Vibrations of Isotropic Rotor

We neglect the damping and assume a rotor with isotropic flexibility Q = Q; =
Q5 = 1,000rad/s. The mathematical model (2) can be presented in the form of
block scheme, given in Fig. 5.

It is a dynamical system with feedback loop very well known from control theory,
where particular transfer functions have the form:

615y = EO) _ BOFG) £ A0D6) o 16) _ AOF() = BEIDG).
: o(s) A2(s) + B(s) 2Z 00 T A0 + Bs)
o) HG). o) K@)
GO = = o) G =0 = T @

We break the feedback loop in the place indicated by tildes to obtain open-loop
system. The open-loop transfer function has the form:

—Rp?{s* + s2(3Q% + 0?) — (0? — Q?)Q?}
{s% + 252 (0? — Q2) + (0> — Q2)2}(s? + pu?)

Go(s) = = RyG,(s) ©)

In the Evans method, we will consider rotor unbalance parameter Rj as a gain
which changes from zero to the infinity. Transfer function (5) has negative sign.
It means a positive feedback — the rotor unbalance destabilizes the rotor motion.
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For Ry, increasing from zero to the infinity the open-loop poles move towards zeros
of the same open-loop transfer function G, (s) (5). If the number of poles is bigger
then the number of zeros the other poles escape to the infinity along asymptotes
which start from the central point in the complex plane.

It means that zeros of the open-loop transfer function should play important role
in the analysis of the dynamic behavior of the coupled vibrations. The real and
imaginary part of transfer function zeros and poles are presented in Fig. 6.

When all zeros and poles of transfer function are purely imaginary the root locus
plot moves along imaginary axis. In this case each pole has its interlacing zero which
is a target for locus line. Two biggest poles move to infinity along imaginary axis.
Such rotor is completely stable for all values of unbalance Rj,.

Such harmony is destroyed when rotor angular speed cross value 2,250rad/s (see
Fig. 6). For angular speeds €2 > 2,250rad/s the alteration of poles and zeros is re-
placed by close neighborhood of two poles. To reach open-loop zeros the locus lines
are forced to make a circle. The circle enters the positive side of the complex plane.
It means the motion becomes unstable for some values of unbalance. By analysis
of the pole and zero values the ranges of unstable vibrations (Fig.6) can be indi-
cated. In first range (to 1,000 rad/s) the instability is connected with positive value



Control-Oriented Approach to the Rotor Dynamics 69

Fig. 7 The block scheme of
rotor lateral vibrations > G (s)

v

Gy (s)

of the real part of two zeros of the open-loop transfer function. In second range of
the unstable rotor angular speeds the alternating pole-zero pattern [4] is destroyed.
The neighborhood of two zeros and two poles is a simple way to detect the unstable
behavior of the system. The closer these are to the crossing point on natural fre-
quency maps, the smaller value of unbalance is needed to trigger the instability in
both ranges.

4.2 Damped Lateral Vibrations of Anisotropic Rotor

Now, we will consider free damped lateral vibrations of an anisotropic rotor. We sep-
arate two perpendicular directions of the rotor lateral vibrations. The block scheme
of the system is shown in Fig. 7.

The open-loop transfer function is as follows:

God (5) = G14(5)G24 (5), (6)

where: G14(s) = 29053 Gaa(s) = 1. Finally, we have:

492(s + h.)?

G (s) =
a(s) [s2 4+ 2(h; + hy)s + 0 — Q2[s2 + 2(h, + hy)s + 03 — Q7]

= RiGa(s)
(7

The open-loop system is unstable for: > w; while closed-loop system [2] is
stable also in the range w, < Q < w;(h,, + h;)/h,. To find mechanism which
extends the range of stable rotor speeds the Evans method is again used. We assume
that rotor rotation is a cause of this mechanism so we introduce an artificial Evans’
gain in the form: Rp = 4Q2. Tt is evident that (7) has positive sign; it means the
negative feedback. It can be deduced that angular speed stabilizes the rotor motion.

5 Control of Damped Lateral Vibrations of Anisotropic Rotor

The control forces f¢, f; were added to rotor movement Eqs. (12). Let us consider
the equations of lateral vibrations of the anisotropic rotor in an input-output form
convenient to design the control law:

Y (s) = Gr(s)F,(s), @)
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where:

& z;[Aw(s) Bd<s)} Z[J%(S)}
Yr(s) LMJ’G“° Doy | ~Ba(s) Aras)|” ¢ wel’

and D, is plant characteristic equation. The control forces can be written as
functions of measurement signals. These relationships are called control law:

Fr(s) = =K (5)Y,(s). (10)

The characteristic equation of the closed-loop system is given by:

det[I + G, (5)K,(s)] = 0. (11)

The Eq. (10) describes the control law in rotating coordinate system. In practice,
the rotor vibrations are controlled in non-rotating inertial coordinate system. Thus,
we introduce the transformation matrix between coordinates of rotating and non-
rotating coordinate systems:

E(t) | | sinQt cosQt || x(2) (12)
nt)| [ —cosQtsinQr || y(@) ]|’
that is: Y, (¢) = TY(¢). The non-rotating control forces are F, (1) = TF(¢).
Finally, the control law in non-rotating coordinate system is F(s) = —K(s)Y(s),

where the gain parameter of controller can be obtained from relation:
K(s) = TTK,(s)T (13)

So the control law can be calculated in rotating coordinate system (which is ad-
vantageous in case of parametric vibrations) and then transformed to the inertial
coordinate system.

6 Chosen Strategies of Rotor Lateral Vibration Control

After reanalysis of above analysis, we will try to improve lateral performance of the
closed-loop system by:

— additional external damping,

Kp1(5) = kis [(1) ﬂ (14)

— additional gyroscopic effect,

(15)

K,2(s) = [ 0 _kﬂ -

sz 0
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— change of system direct stiffness,

K =— , 16
r3 (S) [ 0 k32 i| ( )
— change of system tangential stiffness.
0 —ky4
K = . 17
ra(s) [k4 0 i| (I7)

For the control plant with parameters: w; = 900rad/s, w, = 1,000rad/s,
Ry, = 0.01, h, = hy = 0.04w;, we have calculated such gain coefficients of
controllers which bring the closed-loop system to the stability limit. The values of
gain on the stability border for different rotor angular speeds €2 are called the critical
coefficients. Such coefficients are shown in Fig. 8.

Only controllers K, 3, K;4 are able to stabilize rotor motion in full range of the
considered angular speeds. The cross change of system stiffness by K, 4 controller
significantly reduces the critical gains in comparison with the K, 3 controller.

To compare different control systems we have taken into account the power
consumption by amplifiers. The closed-loop systems with controllers K;» i K4 are

a 3000 ti
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] p O
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Ul il ‘ N
0 .mull\\mmm 0 .
0 500 1000 1500 2000 2500 3000 3500 0 500 1000 1500 2000 2500 3000 3500
Rotor angular speed [rad/s] Rotor angular speed [rad/s]
c X 10° d «xi10*
3 14 -
12 +
25
— — 10|
g 2 g
€ E 8+t k4 on the stability border
Q@ 15 <
< 6
© ©
5 ! S 4L
0.5 o L
0 0
0 500 1000 1500 2000 2500 3000 0 500 1000 1500 2000 2500 3000 3500
Rotor angular speed [rad/s] Rotor angular speed [rad/s]

Fig. 8 Critical gain coefficients: (a) k|, (b) k», (¢) k3, and (d) k4, for rotor angular speed 2 from
0 to 3,500 rad/s
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Fig. 10 Influence of different combinations of elementary controllers on the real parts of the
closed-loop system poles

the most interesting. In the case of K;, controller the gain coefficient has dimension
of velocity while in the case of K,4 controller the gain coefficient has dimension
of acceleration. The main rotor vibration velocity is connected with angular speed
Q. Therefore, to compare control forces the gain k5 is multiplied by rotor angular
speed 2. The comparison of critical gain parameters for the K, i K4 controllers
is shown in Fig. 9. The K, 4 closed-loop system is definitely the best one.

Unfortunately, the K4 controller has poor transient response for some angular
speeds. Therefore the elementary control laws are combined in more complex laws.
According to Fig. 10 the best damping of the considered systems is for the control
law with gain matrix K, 5, where:
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0 —400s — 150000
K,s = [ ] . (18)

400s + 150000 0

7 Control of Full Torsional/Lateral Model

Presently, the controller K,5 will be joined to the full model of the rotor tor-
sional/lateral vibrations (Fig. 11). Its influence on the dynamic behaviour of the
closed-loop system will be checked.

First we consider problem in classical way. The input/output model of the tor-
sional/lateral plant (2) has the form:

|:$(s)i| _ 1 [ A>4C — FK B;C + DK } [fg(s)] (19)
n(s) —B4C + FH A14,C — DH || fy(s) ]’

A
where A is characteristic equation and f, f; are control forces from Eqs. (8).

The poles of the closed-loop system are presented in Fig. 12. The system is sta-
ble in all range of considered rotor angular speed. The relative vibration damping
considered as a relation of real and imaginary parts of poles decreases together with
rotor speed because real parts of poles connected with uncontrolled torsional vibra-
tions are almost constants. The controller influences the both imaginary and real
parts of the poles. The maximal decrease of the negative real part of some poles
moves together with the intersection of frequency maps for torsional and lateral
vibrations from 2,500 (open-loop system) to 2,770 rad/s (closed-loop system).

It is much more interesting to carry out the closed loop system analysis in another
way — by manipulation of the block scheme. According to Fig. 11 the control forces
are defined as:

= fé(s)}:_[O—k}[g(s)} |:D(s)i|
o |:fn(5) ko ||ne || Fe) |29 (20)

where k = kos + k4.

4
Go >
n
Fig. 11 Block scheme of the - [Gs, G4
considered model for the y
rotor with active control of *
the lateral vibrations




74 Z.. Gosiewski

a 4 T T T T T T b 6000 T T T T T T
sl S
weak damping (rotor speed 2770 rad)s) - 5000
T 3
K ‘e 4000
£ °
3 2
o u—
o S 3000
s H
g Q
& £ 2000
T £
i 4
E 1000
-140 d

L L L L L L 0
0 500 1000 1500 2000 2500 3000 3500 0 500 1000 1500 2000 2500 3000 3500
Rotor angular speed [rad/s] Rotor angular speed [rad/s]

Fig. 12 Real (a) and imaginary (b) parts of the poles in closed-loop system in the rotor speed
range 0-3,500 rad/s

The above input forces are introduced to the lateral vibrations model to obtain
the relations between the torsional and lateral vibrations in the closed loop system:

1 [Do,,—i—Bk — Ak Hg}_ 1 [AM Bd][D]qb e
Dop | Atk Dop+Bk || 1] Dop | —Ba Ara || F

Using above relation, we can find the transfer functions between the lateral vibra-
tions and torsional vibrations in the following form:

[S] . 1 [(Dop-|—Bk)(AzD+BF)—A1k(A1F—BD)}¢ 22)
Nl DopDer | A2k(A2D + BF) + (Dop + Bk)(A1F — BD) |

where D.; is the characteristic polynomial of the closed-loop system designed to
control lateral vibrations.

In case of the minimal realization of the transfer functions the polynomial D,
from the denominator should be compensated by the same polynomial in the numer-
ator. The above considerations lead to the reduced scheme (Fig. 5). Only the transfer
functions G (s),G2(s) were replaced by transfer functions G1.(s), G2 (s):

_ (Dop + Bk)(A2D + BF) — A1k(A1F — BD)

G
e DopDcl
Axk(AyD + BF) + (D, + Bk)(A1 F — BD)
Gy = . (23)
DopDcl

It means that full analysis of the system dynamics can be carried out according to
procedure shown in Sect. 4.
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8 Summary

The full analysis of the rotor torsional/lateral vibrations is much simpler when we
can divide the system into smaller subsystems. In this case the calculations are sim-
plified and we have deep insight into mechanisms leading to good or bed behaviour
of the rotor motion. It is particularly important in the case of the rotor working in the
wide range of the angular speeds. Turbo jet engines and flywheels are such rotors.
For the vibration analysis the methods known from control theory was applied. In
the paper it is Evans method. As well some other control methods can also be used
for the vibration analysis.

The proposed approach was verified in the paper on the simple three-mode rotor
model (Jeffcott model). The torsional vibrations were separated from lateral vi-
brations and a feedback among subsystems was established. The subsystems are
coupled by rotor unbalance and Evans method allows us to show the critical values
of the unbalance which destabilize rotor motion for different angular speeds. The
lateral vibrations are stabilized by angular speed and using again Evans method it
is possible to find how large a value of the rotor speed is sufficient to stabilize rotor
motion.

Such analysis of the rotor vibrations appeared very useful for the choice of the
control strategy. It indicated such control procedures which amplify the positive
(stabilizing) mechanisms in the rotor dynamics. Such procedures can also lead to the
energy saving control laws. In the case of lateral vibrations there were considered
four control strategies. And these strategies were compared to indicate optimal one.
‘We hope that the decomposition will also be useful in the diagnostic systems.
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New Approach to the Analysis of the Dynamics
Behavior of a Fluid Structure Interaction

E. Malenovsky, F. Pochyly, and L. Pohanka

Abstract This contribution is focused on the analysis of dynamic behavior of an
elastic body moving in liquid. This paper presents a new approach to the solution
that allows the separation of the structure and liquid from each other. The approach
is based on the expansion of the solution into a series of eigenshapes of vibration.
In addition, a new type of boundary conditions is presented that allows modal anal-
ysis and calculates the steady state or unsteady response. It is however necessary
to perform some computational and experimental testing to verify this approach
which is new. The cantilever beam vertically submerged in water was chosen as a
test set up to represent a rotor. In the paper, some comparisons of computational
and experimental analyses are presented. For this case a specific programme was
created in MATLAB, where the curvilinear co-ordinates were chosen. The Bézier
body was chosen for the description of the geometrical configuration and also for
the approximation of the solution. For the experimental verification, a cantilever
beam submerged under water was chosen.

Keywords Fluid structure interaction - Finite element method - Modal added mass -
Modal added damping - Experimental analysis

1 Introduction

The interaction between shaft and surroundings has an influence on the dynamic be-
havior of hydraulic rotor systems, e.g., in water turbines and pumps the interaction
has a substantial influence on the frequency modal behavior. Computational anal-
ysis using commercial solvers, e.g., ANSYS or FLUENT, is very time consuming.
Mostly it is necessary to have two types of meshes: the first is applied on the struc-
ture and the second is used for liquid. If the fluid-structure interaction is included, it
makes the system equations nonlinear.
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This contribution presents a new approach to the solution that allows the
separation of the structure and liquid from each other. This approach is based
on the expansion of the solution into a series of eigenmodes of vibration. A new
algorithm for the solution was needed which is presented. The first step of solving
the coupled problem is to perform the analysis of the individual structure, in this
case the shaft. The frequency modal behavior is a result of this solution. In the
general case, when large displacement and strain are considered, the chosen shaft
position is an input parameter. The second step of the solution provides the analysis
of the individual liquid system. Boundary conditions in places where interaction
occurs are dependant on the chosen mode of vibration. The input parameter is the
chosen boundary, which again depends on the chosen mode of vibration. The results
from this step are the velocity and pressure fields. The last computational step is the
analysis of the structure which includes the influence of liquid. In the form of added
mass, damping and stiffness matrices, the effect of liquid system on the structure
is included. These matrices for finite elements are calculated based on the liquid
system analysis; consequently depend on the known velocity and pressure fields.
It is necessary to perform some computational and experimental testing, because
this approach to the solution is new. The cantilever beam submerged in water was
chosen as a test rig. Some comparisons between computational and experimental
analyses are presented.

A solution to the problem of a fluid — elastic structure interaction belongs to the
most difficult category in mechanics. There are three basic tasks. The first is the
eigenvalue problem; the second is the solution of steady state response under the
harmonic (periodic) excitation and the third one is solution of the unsteady state
response. These approaches are standard features of commercial programme pack-
ages such as ANSYS, FLUENT [1] etc. The Problem of fluid structure interaction
needs a different approach to computational modeling. Generally, it has bad numer-
ical stability and is very time consuming. Scientists are exploring various ideas to
achieve better numerical stability and reduce the computation time. Because the pre-
sented method and algorithm is totally new, it is very difficult to find some relevant
literature references. The authors are not aware of any publication where the appli-
cation of modal transformation in fluid interaction with structure is presented. For
this reason, literature references are focused only on the overview of the most used
methods. The authors believe that this presented new approach will be less time con-
suming and will have better numerical stability. A general overview of the methods
to the computational modeling is presented by Pochyly and Malenovsky [2], Malen-
ovsky and Pochyly [3], Stein et al. [4], Axisa and Antuncs [5], Levy and Wilkinson
[6], Legay and Kolke [7], Sigrist et al. [8] and Antoci et al. [9]. The general ap-
proach to the analysis of coupled vibrations of a beam that is submerged in a liquid
is presented by Pochyly and Malenovsky [10] and Malenovsky and Pochyly [11],
including an overview of methods of computational modeling. The main goal of
the authors is to find a suitable algorithm for separating an elastic structure and
fluid from each other. This means that for practical applications, firstly the analysis
of separated fluid with given boundary conditions is performed. The second step
provides the analysis of dynamic behavior of an elastic structure, including added
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effects of fluid. Next goal of the authors is to propose algorithms for the analysis of
motion for an elastic structure in fluid using the commercial programme codes. The
methodology is based on the expansion into the series of eigenmodes of vibration. It
means that the fluid does not have an expressive influence on the mode of vibration
of an individual structure, but has influence only on the eigenvalues. It is possible
to address the problem using this assumption and assume large deformations of the
structure. For this configuration, the added effects of fluid are calculated.

2 Mathematical Model for Fluid Analysis

The Navier-Stokes and continuity equations are the fundamental equations for the
analysis

ac; 02¢; 9 dc;

p_l — ! + _p — O’ p_l —

ot ox j dx j 0x; ax;
where 71 is dynamic viscosity, p is density, ¢; is velocity, p is pressure, and
x; (i = 1 —3) is Cartesian co-ordinate. The boundary conditions for a real fluid are
such that on a given point on the surface, the velocity of the structure and the fluid
are the same

0 (1)

Ci =V; 2)

where v; is the displacement of the structure. The main aim of the authors is to find a
suitable algorithm, using which it should be possible to exclude the unknown struc-
ture velocity from the boundary conditions. It is possible to achieve this by using
the following transformation relations (this transformation is in detail described by
Malenovsky and Pochyly [3])

t

t
o = [antt— o p= 0/ Bt — v (Dd T G)

(]

where o is the velocity function, By is pressure function, ¢, T is time. Previously,
this approach was applied for the analysis of rigid body, such as for journal bearings
or squeeze film dampers. Equation (3) is in principle the modal transformation with
the possibility of mutual separation of elastic structure and fluid from each other.
Some results of several years of research are presented as a summary by Pochyly
and Malenovsky [2] and Malenovsky and Pochyly [3]. This contribution is focused
on the analysis of an elastic structure. The solution is based on an expansion into
a series of eigenmodes of vibration. It is possible to write the following expression
for the displacement of an elastic structure

vi(e. 1) =Y wi(2)qi () &

k=1
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where wjy, is the ith deformation parameter of the structure for the kth mode of
vibration, and gy, is a time function. The new boundary conditions for the kth mode
of vibration have the form

t
f it — g (DdT = wi ()i (1) )

0

After including the boundary conditions, the Navier—-Stokes and continuity equa-
tions for one mode of vibration, will have the matrix form

Ao’ +Bo + CB =1,6" + 1,6, Do =1;6 (6)

where 8, §° are the Dirac function and its time derivative respectively. When the shaft
rotation is included, the right side depends also on the Heaviside function. However
in the present study, rotation of shaft is not included. These equations are solved
using the Laplace transformation. Then, the resulting solution has the form

« = (Why + Z£;)5 — & %
B = V(DATE, — ;)5 + VDA™ [f, — B(WF, + Zf;)]5 + VDA Be’ (8)
where some matrices have the form V = (DATC)*, W = AT — ATC[V(DA™)],

Z = ATCV, U = {AT* —ATC[V(DA™)]}B. The unknowns € and €' are deter-
mined from Eq. (9)

e + WBe = —W[f, — B(Wf, + Zf,)]h )

Here & is the Heaviside function. If &* is neglected for the velocity and pressure
field, it is possible to write

o=ad, B=p5+p0 (10)

The force from the liquid that impacts the element of structure with area S,, in
normal direction #n;, is given by the expression
aCi
fi=—| pnidSe +n | —n;dS, (11)
Bx,-
Se Se
According to Egs. (3) and (10) the velocity and pressure are
ci =0V, p=PBuvi+ B2vy (12)

The solution for application of the Finite Element Method and with respect to the
separation of the liquid and structure from each other is presented by Pochyly
and Malenovsky [10]. It is possible to derive, using Eqgs. (11), (4) and (12), the
expression for local finite element mass and damping matrices of the added effects
from liquid in the form
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3 o JoLe _
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(13)
where u; is the base function. Rotation of the shaft has influence on the damping and

mainly on the added stiffness, especially for small radial gap. The general algorithm
for numerical analysis is as follows:

1. The whole range in frequency or time domain is divided into a finite number of
steps.

2. The modal behavior analysis of individual continuum (without liquid) for a finite
number of steps of geometry configuration is created.

3. The analysis of an individual liquid with boundary conditions which are given
by the chosen eigenmode of vibration is performed. This step is repeated until
the finite number of eigenvalues is achieved. The velocity and pressure fields are
obtained for each step and a given continuum position.

4. On behalf of the velocity and pressure field on the continuum surface, the added
matrices of liquid influence are calculated. In addition, the global added modal
matrices for a given mode of vibration and given vibrating position of contin-
uum are arranged (this step depends on parameter, which is selected for shape of
vibration and corresponding positions).

Interpolation of the analysis of individual continuum, including the global matri-
ces from the analysis of an individual liquid (step 4), is used during the numerical
solution.

3 Model Sample

The model exercise is a cantilever beam vertically submerged in water (as shown
schematically in Fig. 1). This model was chosen for the possibility of comparing it
with the experiment. The experimental equipment consists of a cantilever steel tube
17.85/16.85 mm (beam) of length of 1,100 mm that is vertically submerged into a
liquid, in this case in water. The tube was enclosed in a cylindrical vessel filled with
water. The five cylinders (1-5) were manufactured with diameters: 40, 50, 70, 100
and 220 mm (with gaps 2.5, 7.5, 17.5, 32.5 and 82.5 mm). Acrylic glass was chosen
for the material of the vessels. A transparent material was chosen to visually control
the water level in which the beam is submersed. The harmonic exciter type Briiel
& Kjaer 4824 was chosen, whereas a suitable point on the upper part of the beam
was chosen for excitation. The exciter was freely—hanged, whereas the moving part
of the exciter was fixed to the excited beam near the fixed end of the beam. The
direction of excitation was not changed during the experiment and vibration ampli-
tude was maintained constant during all the experiments. Two acceleration sensors
Briiel & Kjaer 4374 were chosen for recording the data of the vibrating beam. These
were glued to the inner surface of the beam near the free end, before the tube was
plugged. Both, the modal damping and eigenfrequency of the submersed beam in
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Fig. 1 Scheme of cantilever
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water was evaluated during the first experiment. On the whole, 11 measurements
were carried out with the height of water varying from 0 to 1,000 mm with a step of
100 mm. For the first mode of vibration a frequency with bandwidth 8-25 Hz was
chosen and 60135 Hz for the second mode. Frequency of excitation in both modes
was varied linearly i.e., at a constant rate. The time for increasing the frequency
from minimum to maximum value was chosen as 128 s for the first mode and 64 s
for the second mode. From the time dependant acceleration (path through resonant
state) the eigenfrequencyand damping were evaluated. The system Briiel & Kjaer
HW - 3,560D Pulse and Briiel & Kjaer SW — 7,700 Pulse Labshop was used for
recording the data and numerical treatment of accelerations. Time dependant accel-
eration is shown in Fig. 2. From the maximum amplitude, the eigenfrequency was
determined. Based on the frequency bandwidth near the resonance peak, the modal
damping for a given mode of vibration was determined. Figures 3 and 4 present the
comparison of eigenfrequency from theory and experiment for the first and second
modes of vibration respectively. Based on this experiment (path through the reso-
nant state) it is very difficult to evaluate damping, because it is evaluated from the
bandwidth of resonant state. It is necessary to assume for this approach of damp-
ing evaluation, that the dynamic system is linear and damping is viscous. However,
none of these assumptions are valid. Despite that, this approach was chosen for the
evaluation of damping. From this evaluation, qualitative and quantitative differences
were evident in comparison of theoretical and experimental values. Relatively good
agreement was seen in eigenfrequencies. But in the modal damping, substantial dif-
ference between computational and experimental values is observed.

Therefore a second experimental method was chosen for evaluating the
eigenfrequencies and damping coefficient. This method was based on the static
deflection from static equilibrium position and eigenfrequency and damping were
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evaluated from free damped vibration. For this experiment it was necessary to
modify the experimental equipment. Deflection of the tube was provided mechan-
ically on the free end of the inner tube. For this purpose an orifice was drilled on
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the outer tube and a wire was inserted. Using this wire, the inner tube was deflected
from the static equilibrium position. This arrangement is shown in Fig. 5. From the
free damped vibration the eigenfrequency and damping coefficient were evaluated.
Time dependence of acceleration for each configuration is evident from Fig. 6.
There are no substantial differences in the eigenfrequencies, which are evaluated
from the path through the resonant state and from the free damped vibration. For the
evaluation of the damping it is possible tochoose more methods. It may be noted,
that this dynamic system is nonlinear. When the displacements are small and the
beam vibrates around the static equilibrium position, the system can be assumed to
be close to linear. The damping coefficient was evaluated from the two amplitudes
and finite number of periods from each other as per the approach presented by
Ver and Beranek [12]. According to point of excitation (free end of beam), it was
possible to evaluate the damping only for the first mode of vibration. Therefore
the damping for the second mode of vibration is not presented. Figure 7 presents
the comparison of the damping coefficient determined using the computational and
experimental methods. Smaller damping is observed for the case of large diameters.
From the comparison, it is evident that for higher levels of liquid, damping deter-
mined from experiment is less than from computation. This fact indicates that this
dynamic system is nonlinear. In addition, gravity can have some influence, which
was not included in the computational model. Furthermore it is evident from this
experiment, that the results have higher uncertainty, which produce some variance
of damping. This fact can be partially eliminated by conducting more experiments,
but due to paucity of time this was not possible.
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Fig. 5 Test equipment for the deflection

The computational analysis was provided for the cases of liquid at a height from
0 to 1,000 mm with a step of 200 mm curvilinear coordinates are used for the soft-
ware. For the solution of the Navier—Stokes equation, the Finite Volume Method
is used and for the continuity equation, the Finite Difference Method is used. This
combination was chosen to achieve the best numerical stability of the numerical so-
lution. It may be noted that all possible combinations between both methods were
tested. Also, it is necessary to note, that both methods are used as collocations. The
Bézier body is used for the approximation of the geometrical configuration as well
as for the approximation of velocity and pressure solution. The following conclu-
sions are evident from the comparison of the experimental and numerical analysis:

1. Good agreement between the experiment and numerical solution is evident for
the dependency of eigenvalue on the height of water.

2. For both modes of vibration, a little but lower value for the numerical solution
are evident. It may be due to the influence of the acceleration and amplitude of
force of excitation on the complex eigenvalues (both, damping coefficient and
eigenfrequency of system). It was evident from experimental analysis, that the
eigenfrequency in the two directions is a little different and both are bounded.

From the comparison of damping it is evident that lower damping is evalu-
ated from experiment. It can be caused by such factors as the approximations in
computational model, nonlinearity of the system, effect of gravity, mismatch of
boundary conditions for the numerical solution and experiment etc.
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4 Conclusion

This contribution presents a new mathematical model and algorithm to the solution
of the interaction between an elastic structure and liquid. It is possible to use the
presented approach for the solution and also for a continuum with large displace-
ment and large constraints. It may be noted, that the presented mathematical and
computational model can be executed using the systems ANSYS and FLUENT.
It is necessary to compare the presented method and algorithm with the other ap-
proaches that are presently used. This is the main goal for forthcoming research
activity. Present approach can be easily implemented for the analysis of the rotor
dynamic systems, where the fluid-structure interaction occurs.
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On the Analysis of Rotor-Bearing-Foundation
Systems

Katia Lucchesi Cavalca and Eduardo Paiva Okabe

Abstract This work presents a methodology to analyse the influence of the
foundation or supporting structure on the rotor-bearings system. A frequency
response analysis of the complete system was accomplished by considering phys-
ical co-ordinates for the rotor-bearings system and principal co-ordinates for the
foundation. The mathematical procedure applied a modal approach to the sup-
porting structure, using modal parameters of generalised mass, damping ratio and
natural frequency, which were calculated from the frequency response functions
(FRF) of an actual structure. Convergence of the method was verified and the effect
of the flexible foundation on the complete system response was analysed. A new
formulation for the Mixed Co-ordinates method was presented to evaluate the influ-
ence of the supporting structure on the directional response of a rotor. An analysis
of the directional frequency response function (dFRF) of the complete system was
accomplished considering directional co-ordinates for the rotor-bearings system
and principal co-ordinates for the foundation. These results were compared to the
conventional FRF procedure.

Keywords Flexible structures - Mixed co-ordinates - Modal parameters - Complex
modal analysis

1 Introduction

The current power generation system is broadly supported by hydroelectric and
thermoelectric plants. These plants are usually composed of several rotating ma-
chines, and it is necessary to predict their behaviour under several conditions of
operation. In order to improve the knowledge about rotating machines, several meth-
ods have been developed and validated in experimental test-rigs, supplying more
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complete models for their main components. Part of the rotor-bearings systems
simulations has not considered the foundation effect, or it has incorporated this
structure through models of highly complex numerical solutions, depending on the
physical configuration of the actual supporting structure. Consequently, special at-
tention has been given to the significant influence of the foundation on the dynamic
response of the rotor as well as on its operational modes.

Weber [1] extended the transfer matrix method to simulate the foundation
behaviour on a rotor system and the influence of the supporting structure on the
rotor was demonstrated. In the following decade, with the introduction of the elas-
ticity theory in the analysis of the structures behaviour, the solution to the interaction
problem assumed a highly complex form.

Gasch [2] used an experimental approach including the foundation effects
through its dynamic stiffness matrices, obtained from the inversion of the sum
of the receptance matrix of the horizontal and vertical displacements. Other studies
introduced this concept by taking into account measurements on hydrodynamic
bearings [3] and bearing pedestals influence [4], as well as studies of oil-film
instability and foundation dynamics [5].

From 1980 to 1990, an expressive number of new proposed models contained a
foundation modal modelling, used to determine its influence on the critical speeds of
the shaft. Again, an innovative contribution by Gasch et al. [6] to the rotor dynamics
field proposes a classical solution to the analysis of the complete rotor-bearings-
foundation-soil model. Bachschmid et al. [7] tested experimentally the foundation
structure of 660 MW turbo-generator, composed by a reinforced concrete structure
embedded in a sand soil by long pillars. The soil flexibility was represented by a
stiffness coefficient added to the connection points between the structure and soil,
however, it turned out to be improper in representing the behaviour of the actual
structure.

Buckles et al. [8] discussed the presence of new critical rotational speeds in the
system response when considering the dynamic effect of the foundation. In this case,
these critical speeds were related to natural frequencies of the foundation, and the
interaction between the resonance regions of rotor and foundation. Consequently,
special attention was drawn to the significant influence of the foundation on the
rotor dynamic response and operational modes [9, 10].

Feng et al. [11] proposed a combination of finite elements and transfer matrix to
add the foundation effect to rotor simulation, as an alternative to the finite elements
method or the mechanical impedance technique. Kramer [12] used the dynamic
stiffness matrix to consider the foundation effects. He emphasized that including
these effects is particularly important on the analysis of large size rotating ma-
chinery and high production volume rotating machinery. Cavalca [9] proposed a
mixed co-ordinates solution where the model was theoretical for rotor and bearings
(hydrodynamics in this case) and experimental for supporting structure.

Experimental methodologies have been applied to the study of the dynamic beha-
viour of structures and mechanical systems [13], which enabled the analysis of
mixed modes to rotor-structure systems. Edwards et al. [14] presented an experi-
mental technique applied to the unbalance and support parameters identification of
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rotor-bearings-foundation systems using a rotor run-down. Bachschmid et al. [15]
proposed an unbalance identification method applied to a 320MW steam turbo-
generator. The foundation was represented by a modal model coupled to a rotor
through the mixed co-ordinates method, improving the unbalance identification.

Cavalca et al. [16] extended the study of 2002, with a more detailed investigation
into the influence of support structure on rotor dynamics. The method of mixed
co-ordinates was verified experimentally with good results on natural frequencies
prediction, although the amplitudes presented a lower correlation.

In this work, the method of the Mixed Co-ordinates is presented, and applied to
analyse the behaviour of the rotor-support-foundation system and the interactions
among these components. An experimental model of the foundation is obtained by
modal approach, making possible the identification of its modal parameters and the
prediction of its behaviour. In this case, a few mode shapes of the structure can be
selected to be used inside the complete system. The main contribution of this work
is to propose a combined theoretical-experimental model for the rotor-supports-
structure system. The theoretical is for the rotor and the supports (hydrodynamic
bearings in this case) and the experimental for the support structure. The difficulty
in modelling some actual structures rises when we have concrete structures with
immersed metal parts, as the skids in turbomachinery bearing assemblies. In these
cases, the complexity to model the boundary conditions increases with the non-
linearity involved in the interface between parts of different materials.

2 Theoretical Model

The mathematical modelling of the complete rotor-bearings-foundation system
considers two subsystems [17]: rotor-bearings and foundation. The complete system
response is obtained by joining both subsystems dynamic responses. The support
structure (foundation) model is described as a function of the most significant mode
shapes in the rotor operation range. In this analysis, modal analysis techniques were
applied on experimental data to determine the support structure parameters (modal
mass, stiffness and damping).

A mathematical method was developed to simulate a complete system. The
mixed co-ordinates method represents the displacement vector of the structure
connection nodes as independent variables using a modal approach [9]. This trans-
formation is applied on a mixed co-ordinates vector, physical co-ordinates for the
rotor and modal co-ordinates for the foundation, which describes the complete sys-
tem behaviour.

According to Cavalca [9], to solve the motion equation of the complete system,
it is necessary to establish the relation between physical and principal co-ordinates:

{xr} =12 {q} (1)
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Here {x f} is the physical co-ordinates vector of the foundation, {g} is the
generalized (modal) co-ordinates vector, and [®] is the modal matrix (eigenvectors).
Using Eq. (1) the foundation mechanical impedance matrix in modal co-ordinates
can be obtained without the inversion of the flexibility matrix.
Neglecting the oil film inertia, the equation of the rotor-bearings subsystem
becomes:

[[MR] [O]H{xr}} +[[RR]HRW] (R ]{{xr}}
O] 0] ] 1 tim} Rol  [Rum] ] 1 it}

e e N = e @

Here {X,},{x,},{x,} are the acceleration, velocity and displacement vectors of the
rotor; {X;,},{Xm},{xm} are the acceleration, velocity and displacement vectors of
the bearings; [MR], [RR],[KR] are the mass, damping, stiffness matrices of the
rotor; [R,], [Rum] » [Rmr] > [Rmm] are the linear damping coefficient matrices of the
oil film; [K,,], [Kim] » [Kmr] s [Kmm] are the linear stiffness coefficient matrices of
the oil film; {Fp} is the force due to rotor unbalance; {F f} is the force transmitted
to the foundation.

A third equation is necessary to solve the linear system of equations, because the
number of unknown variables ({xr} {xm} and {F f}) is larger than the number
of equations. The forces transmitted through the oil film on the rotor-foundation
interface {F f} are determined through the modal approach of the Eq. (3).

Using the foundation motion equation in modal co-ordinates:

[me] 4G} + [rr]-4a} + [kr]-{a} = — (@) {F/} 3)

where [m f] is the modal mass matrix; [r f] is the modal damping matrix; [k f] is
the modal stiffness matrix; [<I>]T is the transposed modal matrix.
The foundation forces, transmitted by the oil film of the bearings, can also be

written as:
[Rmr] {xr} + [Rmm] {xm} + [Kmr] {xr} + [Kmm] {xm} = {Ff} (4)
Replacing Eq. (4) in Eq. (3):

[me]4dy + [rr]4dy + [k i} = =17 - ([Rw] {57} + [Ruma] {5m}
+[Kmr] {xr} + [Kmm] {xm}) 5)

The modal shapes are independent, and then the matrices, which contain the modal
parameters determined through the modal analysis methods, are diagonal. Express-
ing the foundation dynamic behaviour through its bearing connecting nodes, the
bearing nodes {x,, } become the connection foundation nodes {x f}.
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After the determination of the foundation forces, the equation of the complete
system is obtained replacing these forces obtained by Eq. (5) into Eq. (2), and using
the modal approach of Eq. (1):

o ] 4 e ]+ 7 R b

N i 1o o) ) =1 | ©

The support structure can be represented only by its most significant modes, in the
analysed frequency range, independent of the degrees of freedom of the connection
points (bearings).

This procedure is valid for orthogonal mode shapes that transform mass and the
stiffness matrices of the foundation into diagonal matrices.

The method presented here uses the mechanical impedance matrix of the founda-
tion in principal co-ordinates, based on the modal approach to the system response
by a linear combination of the vibration modes of the system. As the only external
excitation force considered in the model is the unbalance force, the modes that in-
fluence the rotor response must be inside its operational frequency range. Therefore,
using this approach, the number of identified modes does not need to be equal to the
number of degrees of freedom associated with the bearings. Consequently, the modal
co-ordinates associated to the contributing modes will take place in the whole matrix of
the system, substituting the bearings degrees of freedom connected to the structure.

In order to apply the complex modal analysis technique to develop the new mixed
co-ordinates method to the whole rotating system, a simple rotor supported by flex-
ible bearings was modelled in complex co-ordinates. The physical response of the
rotor, in the yz plane (transversal to the rotor shaft), needs to be related to the forward
and backward components of the system response. For that reason, the solution to an
unbalance external excitation force {F,} is considered at the frequency of rotation
2, as given by Eq. (7): .

{Fo} = {fo} e/ @)

where j is the imaginary constant (\/—1 ) and ¢ is the time. The system response
presents the same behaviour of the excitation force, and the perpendicular co-
ordinates can be described on the complex plane as rotating vectors:

() = e + i) €9 and {2} = {20 + jz;} €7 8)

where y,, and z,, are the real components, and y;,, and z;,, are the imaginary com-
ponents of the rotating vectors. Equation (9) can be developed as follows:

0} = (O + J30) (O 21 +  5in 20)}
= {(Vre cOS 2t — Yisy SIn 21) + j (Vim €OS 2t + Yy sin £2¢)}
{z} = {(Zre + jziy) (cOs 2t + j sin 21)}
= {(2re COS 21 — Zjn, SN 821) + j (2imy COS 2t + Zp 5in 21)} 9)
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It is important to point out that the imaginary part is related to the rotation of the
vectors {y} and {z}, while the real part corresponds to the physical co-ordinates that
can actually be measured.

Now, the same system response is represented by the directional forward and
backward components:

{py={f} e/ + {bye /2 (10)
where { f} = { fre + ifin} /%" and {b} = {bye + jb,,} e~/

{f} = {(fre +Jfim) (cOs £21 + j sin £21)}
= {(frecos 2t — finsin 2t) + j (fimcos 2t + fresin§2t)}
{b} = {(bse + jb;,) (cos 2t — j sin 2t)}
= {(by.cos 2t + by, sin 21) + j (bjn cos 2t — b, sin 21)} (11)

Comparing Eqs. (9) and (11), the real part of x co-ordinate corresponds to the real
part of the directional response, while the real part of y co-ordinate corresponds to
the imaginary part of the directional response:

(Vrecos 2t — yip sin 2t) = (fre cOS 2t — fin Sin 2t + by, cos 2t + by, sin £2t)
(zre COS 82t — Zjp, sin §2¢) = (fin cOs 2t + fre sin 2t + b;y, cos 2t — by, sin 2t)
(12)
Arranging the terms in cos €27 and sin 27 in Eq. (12), the relation between physical
and directional co-ordinates is obtained:

yre:fre+bre fre:(yre_zim)/2

Zre = fim + bim or Jim = (Zre + Yim) /2
—Yim = _fim + bim by = (Zim + yre) /2

~Zim = fre = bre bim = — (Yim — 2re) /2

13)

The systems of Eqgs. (13) lead to a transformation from physical co-ordinates y and
z to directional co-ordinates f (forward) and & (backward), as it can be seen in
Lee [18].

Defining, hence, the transformation matrix [A] so that:

I RUHET T

where b is the complex conjugate of b.
The transformation matrix [A] and its inverse can be expressed as:

4] = [ lj Jl} (A" = [1/2 /I ] (15)

S

by =ip
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Translational and angular co-ordinates of each node of the beam element can be
transformed using the following equations:

) = [Tal{pls {p} = [Tal™" {x,} (16)

where the vectors {x,} and { p}, and the matrices [Ts] and [Ta]™! can be defined as
follows:

Vi fi
Ca )bl IO e = [TAITY fO]
=g Py, ’[T”‘]‘[[m [AJ’[TA]I_[ 0] [Arl}
Bi ni
(17)

Here y; and z; are the displacement co-ordinates of the ith node, o; and f; are the
angular co-ordinates of the ith node, f; and b; are the directional co-ordinates of
the ith node, y; and n; are the angular directional co-ordinates of the i th node.

The transformation from modal to physical co-ordinates expressed by Eq. (1) is
applied to transform modal to directional co-ordinates [18], and Eq. (1) becomes:

{p} = [Tal"" [®]{q} (18)

Matrices of mass, stiffness and damping of rotor and bearings must be converted
from physical cartesian co-ordinates to directional ones. Using the transformation
matrices of Eqs. (17) and (18), it is possible to rewrite Eq. (6) and replace physical
co-ordinates by directional ones:

[Mp] [0] {5} [Re]+[Ry]  [Ryr][Tal™" [@] (P}
[ [0] [mf]“{ﬁ+[[®]T[Rm,1[TA] [rf]+[<1>]T[Rmm][d>]“{q}}

[KP]+[KPP] [Kpf] [TAr1 (@] {p} — {Fp}
+[[<1>]T[KW] (T4 [rf]+[<1>]7"[1<mm1[q>1“{q}} { {0}} a9

Here {p},{p}.{p} are the acceleration, velocity and displacement vectors of the
rotor in directional co-ordinates; {G}, {¢} , {q} are the acceleration, velocity and dis-
placement vectors of the support structure in modal co-ordinates; [Mp], [Rp], [Kp]
are the mass, damping, stiffness matrices of the shaft in directional co-ordinates;
[Ryp].[Ryr] are the linear damping coefficient matrices of the oil film in direc-
tional co-ordinates; [R,,], [Rumn] are the linear damping coefficient matrices of the
oil film in physical co-ordinates; [K 1,,,] , [K pf] are the linear stiffness coefficient ma-
trices of the oil film in directional co-ordinates; [K,,,] , [K,.:] are the linear stiffness
coefficient matrices of the oil film in physical co-ordinates; {F p} is the force due to
rotor unbalance in directional co-ordinates; [T4] is the transformation matrix from
directional to physical co-ordinates.

Equation (19) relates to directional and modal co-ordinates, which refers to ro-
tor and foundation movements. An interesting feature of Eq. (19), as in Eq. (6),
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is that the rotor model, in physical or directional co-ordinates, did not affect the
foundation model in (uncoupled) principal co-ordinates (m ¢, r s, k). The bear-
ings coefficients, instead, were partially affected due to the connection between rotor
and structure.

3 Test-Rig Modelling

The test rig was modelled to be numerically simulated. The shaft of the rotor was
modelled by finite element method using beam elements with circular cross sections.
The shaft was composed of 32 elements containing 33 nodes, and supported by two
hydrodynamic cylindrical bearings, located at nodes 2 and 32 of the shaft, which
were connected to the foundation by nodes 34 and 35 (Fig. 1). The rotor shaft had
a length of 600 mm and 12 mm of diameter. The bearing journal had a diameter of
31 mm and length of 20 mm, which gave a L/D ratio equal to 0.64, close to the 0.5
ratio of short bearings. A mass (disk) of 2.3 kg was attached in the shaft mid span to
reduce gyroscopic effects.

Damping and stiffness coefficients of hydrodynamic bearings were calculated
using the finite difference method, considering a finite bearing model. The syn-
chronous response of the rotor was used to obtain the rotor unbalance response,
including, through the mixed co-ordinates method, the foundation effect. The simu-
lation was performed in a range from O to 50 Hz.

4 Experimental Set-up

The support structure tested (Fig. 2) was composed by a metallic base borne by
ten columns. To determine its modal parameters the first step was the experimental
measurement of its frequency response function (FRF), generating a Gaussian white
noise through the data acquisition device. This signal was amplified and sent to the
shaker, which excited the structure on the driving point. A force transducer was
attached to the stinger end to measure the force applied to the structure, and an
accelerometer was added to the driving point to measure the structure response. Both
acceleration and force measurements were conditioned and sent to data acquisition
board, using a sample rate from 2 to 5kHz, and a total sample time from 100 to

/\Z
L.X
2 17 32
=== —= 4-33
Fig.1 Finite el del AN i
g Finite element mode 34 35

of the rotor
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Fig. 2 Experimental set-up

200 seconds. The digital data were processed by the same program which generated
the excitation signal. This data processing involved a digital filtering, resampling,
overlapping and windowing which depended on the experimental requirements. The
frequency response function (FRF) was calculated through the autocorrelation and
cross correlation between force and acceleration, this calculation also yielded the
coherence which was used to determine the quality of the acquired data.

The FRF was calculated with frequency resolution from 0.1 to 0.5 Hz, using
from 25 to 200 averages. The finest resolution (0.1 Hz) was applied to analyze light
damping modes, increasing the number of points available in the resonance region,
therefore improving the modal analysis [19].

5 Results

The first step was the analysis of the mixed co-ordinates method convergence ap-
plying Eq. (6) for physical co-ordinates. As it was based on the fact that only the
most significant modes of the supporting structure can represent this element in the
model of the complete rotor-bearings-foundation system, a numerical simulation
was carried out considering different number of identified modes of the foundation.
Figure 3 shows the shaft response in bearing 2 (located at node 32).

A natural frequency was observed at 23 Hz in y-direction and 24 Hz in z-direction
when no foundation effects were present (rigid foundation).

The sequence of Figs. 4a to 4c shows successively the influence of a flexible
foundation, when represented by the most significant vibration modes.

In this case, the convergence could be observed for 2, 6, 12, 16 and 20 modes.
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Fig. 4 Amplitude of vibration of the shaft at bearing 2 — flexible foundation: (a) two vibration
modes; (b) six vibration modes; (¢) 12; 16 and 20 vibration modes

New peaks of amplitude appeared in the frequencies around 3 and 8§ Hz in
y-direction, as well as around 7 Hz in z-direction, due to the flexible foundation
effects on the rotor-bearing system.

It was important to highlight that, in this case, the solution converged for 12
modes, because the frequency response of the rotor did not present considerable
changes when the number of modes of the foundation increased. The same be-
haviour could be observed in the phase plotting.

The same rotating system was simulated according to Eq. (19), initially consid-
ering no foundation effects, as shown in Fig. 5. Some similarity can be observed
between the behaviour of the forward response in Fig. 5 and the y-direction re-
sponse in Fig. 3, as well as in the backward response (Fig. 5) and the z-direction
response (Fig. 3). However, only Fig. 5 brings the information about forward and
backward motion.

The natural frequencies of the complete system, in this case, were all in forward
motion. Moreover, comparing Figs. 5 and 6, it was possible to see that the rotor inter-
action with a flexible foundation reduces the frequency range of backward motion.
The rotor motion is dominated by the backward motion in the range of 2.5 to 22 Hz
approximately, being in forward motion in the rest of the frequency domain. When
a flexible foundation effect was considered in the directional mixed co-ordinates
method (Fig. 6), taking into account 20 vibration modes of the supporting structure,
the backward motion of the shaft in the bearing 2 changed to a frequency interval
from 10 to 20 Hz.
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6 Conclusions

This work presents a methodology to solve a mathematical representation of rotor-
bearings systems with a significant effect of the foundation structure flexibility.
The model presented a satisfactory convergence, which reinforces that a support-
ing structure can be represented by selecting only its most significant modes. The
connecting points (bearings) were the main concern in the modal analysis, because
the forces between rotor and structure are transmitted through these nodes.

The proposed method allows one to work with an arbitrary number of identi-
fied vibration modes, even if there are less or more modes than degrees of freedom
associated with the supports (bearings). The predominance of the most significant
modes of the foundation can be observed within the operation range of the system,
checking the convergence of the system dynamic behaviour.

The new formulation for the mixed co-ordinates method can be applied to analyse
the forward and backward motion in the operation frequency domain of the rotor,
and the simulation results showed the importance of considering this new approach
to analyse the rotor dynamics under the influence of flexible supporting structure.
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A Multiple Whirls Phenomenon and Heuristic
Problems in Rotor-Bearing Systems

J. Kicinski

Abstract The results of investigations of the high-speed rotor of a micro turbine
being an element of the micro power plant in dispersed power engineering based
on renewable energy sources are presented in the paper. The basic problem of such
devices is to assure a stable rotor operation within the entire range of rotational
speeds. Foil bearings and special rotor structure were applied. It turned out that the
situation, in that the rotor — after loosing its stability — stabilizes again when the ro-
tational speed increases, is possible. This is a phenomenon determined by the author
as multiple whirls. Another topic discussed in the present paper is an assessment of
the influence of a random character of certain input data — in this case — changes of
external excitations of the system. This problem is related to the so-called heuristic
models often placed in opposition to widely used algorithmic models.

Keywords Rotor dynamics - Nonlinear vibrations - Hydrodynamic instability -
Heuristic problems - Computer simulation

1 Research Tools and Their Verification

The MESWIR computer code, based on nonlinear models of complex system rotor-
bearings, was applied in research. Theoretical models, basic equations as well as
the system itself have been presented already several times during the conferences
and in publications [1-3]. Therefore MESWIR series code will not be presented
here in detail. However, it is worth mentioning that the most useful feature of this
system is the possibility of description of the rotor machine state both in a linear
and nonlinear range by means of the same tool, thereby describing new vibration
forms at transition of the stability limit. The description capability of bearings of
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Fig.1 Photograph of the testing stand and the FEM discretisation of rotor and supporting structure
(taking into account properties of coupling elements, vibroinsulators and a concrete block [2, 9])

a complex geometry of oil clearance including foil bearings is also important. The
MESWIR code was experimentally verified both at the research stand and with using
real systems such as large power turbo-sets [1].

For the needs of the research, this system was coupled with commercial programs
of the ABAQUS type to determine dynamic properties of the supporting structure
and of the whole system. Thus, bearing and rotor characteristics (MESWIR sys-
tem) as well as dynamic characteristics of supporting structure (ABAQUS system)
were calculated in one iteration loop. However, this type of coupling requires ad-
ditional verification of such research tools. The photograph of the testing stand
operating in the diagnostics Laboratory of the Institute of Fluid-Flow Machinery,
Polish Academy of Sciences (IF-FM PAS), as well as the FEM discretisation of this
system together with details concerning modeling of characteristic structural nodes
such as fixing bolts or vibro-insulators, are presented in Fig. 1.

This is a system of a journal of diameter d = 0.1 m, disc diameter D = 0.4m
and length L = 3.2 m. Experimental verification of dynamic flexibility coefficients
is very complex. Obtaining a good compatibility in such systems is much more dif-
ficult and sometimes even impossible. This is illustrated in Fig. 2. The experimental
data were obtained by sinusoidal excitations of subsequent supports and recording
the bearing bush displacements, whereas the theoretical data constitute the results
of calculations performed by means of the ABAQUS commercial software coupled
with the MESWIR code. Regardless of such precise theoretical modeling of the
entire system (Fig. 1), we did not manage to achieve sufficient compatibility of ex-
perimental and theoretical results, see upper diagrams in Fig. 2. After several tests,
only when a crack of one of the fixing bolts was taken into account in calculations
that the verification results improved, see lower diagrams in Fig. 2. It occurred, that
this bolt was actually quite loose and behaved as if being cracked. This example
can serve as an excellent illustration of capabilities of the model based diagnostics,
since knowing the symptom we can by means of the computer analysis localize the
defect.
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Fig. 2 Verification of dynamic flexibility coefficients for one bearing support of the system shown
in Fig. 1. Experimental tests: excitations of one support by a sinusoidal exciter and measuring
displacements. Theoretical investigations: calculations by the ABAQUS system coupled with the
MESWIR series code. Upper diagram: calculations not taking into account any cracking (loosen-
ing). Lower diagram: calculations taking into account the crack of one bolt that fixes the frame [2,9]

Research tools prepared and verified in such a way were applied in the research
constituting the basic contents of the present paper.

2 Stability Testing of High-Speed Rotors;
Phenomenon of Multiple Whirls

Problems related to ecological energy generation at a small and dispersed scale have
become very important in recent years. A dispersed power engineering re quires
building micro power plants which means also micro turbines of a power from a
few to a dozen or so kW. The idea of building micro turbines for low-boiling agents
ORC, which ensures small dimensions of devices and easiness of servicing, has
become attractive. Unfortunately it is obtained at the cost of a high rotational speed
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Fig. 3 Object of testing. Micro power plant (a) boiler and (b) turbine set developed in the IF-
FM PAS in Gdansk of a thermal and electric power of 20 kW and 3 kW, respectively. Single-stage
radial-axial turbine for low-boiling medium ORC and a rotational speed up to 100,000 rpm [4]

of the rotor, approaching 100,000 rpm. Thus, the main problem becomes ensuring
the stable operation of the device within the entire rotational speed range of the rotor.
These types of devices are most often coupled with boilers supplied with renewable
energy sources.

A concept of such micro power plant developed in the IF-FM PAS in Gdansk is
shown in Fig. 3 [4]. Essential elements of the micro turbine constitute slide bearings
of special characteristics ensuring a high stability of a system. The foil bearings were
chosen since — due to easiness of changing the oil clearance geometry (deformations
of a membrane part of a bearing bush) — they can stabilize the system operation as
the rotational speed increases.

The notion of the substitute stiffness is essential for the calculation capabilities
of the MESWIR code (multiple calculations in one iteration loop).

The system assumed for testing consisted of a rotor (with one disc and a gen-
erator) placed on two foil bearings of dimensions shown in Fig. 3 (shaft diameter
10mm). A low-boiling medium ORC was used as bearings lubricant, which signifi-
cantly simplifies construction of the whole micro power plant. Typical values of the
possible unbalancing of a rotor disc (as an excitation force) were assumed as well as
some parametric values of damping of the foil bearing bush and supporting structure
(from the material data sheets) [5-7].

The calculation results in the form of amplitude — speed characteristics within
the speed range up to 100,000 rpm are presented in Fig. 4.

The attention is called to quite different operation of bearing No. 1 (at the disc)
and bearing No. 2 (free end). While bearing No. 1 is stable within the entire range of
rotational speeds, bearing No. 2 exhibits two characteristic zones of exceptionally
high vibration amplitudes exceeding 70% of a bearing clearance.
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Fig. 4 Amplitude — speed characteristics of the rotor from the micro turbine (shown in Fig. 3)
calculated for the relative vibrations of a journal and foil bearing bush. Illustration of the multi-
ple whirls phenomenon in bearing No. 2 (repeated processes of formation and decaying of high
amplitude zones caused by a hydrodynamic instability)

To identify this phenomenon and to exclude common resonance, the shape of
relative displacement trajectories of the journal and bearing bush in these zones
were analyzed. The calculation results for the first zone and after passing through it
are presented in Fig. 5.

Analysis of Fig. 5 explicitly indicates that the displacement trajectory of bear-
ing No. 2 at a rotational speed of 25,000 rpm (the first zone of high amplitudes)
has features characteristic for the expanded hydrodynamic instability, the so-called
“whip”. The “whip” means in this case, a developed form of whirls of a lubricat-
ing medium within the lubrication clearance. This is pointed out by double shaft
rotations (it means a vector of external excitations) falling to one full precession,
which creates two phase markers (FM) on the trajectory. This means, that the same
positions of the excitation force vectors (horizontally to the right: TAL = 0,360 and
720 degrees) correspond to different positions on the journal trajectory within the
bearing clearance.

However, the most unexpected is the observation that after the system has ex-
ceeded the first zone of hydrodynamic instability (which means the first “whip”)
the system returns to a stable operation of bearing No. 2 (it means a typical situa-
tion, in which one phase marker on the trajectory corresponds to one rotation of the
excitation vector). The situation remains a stable one up to the rotational speed of
approximately 65,000 rpm. After the system has exceeded this speed, a rapid insta-
bility (“whip”) occurs again followed by a subsequent calming down.

If we assume a stiff bearing bush we are unable to model the phenomenon. This
allows to assume that variable deformations of the foil bearing bush (corresponding
to the turbine rotational speed increase) are responsible for such a process.

The phenomenon of multiple whirls has been quite often observed in practice in
large power plants. Small oil whirls were formed and then disappearing on one of the
recorded bearings and this did not cause any instability of the entire system. A zone



108 J. Kicinski

§0 000 [rpm]

Fig. 5 Displacement trajectories of journal of bearing No. 1 and 2 calculated for the first high
amplitudes zone (25,000 rpm) and in the transient period (50,000 rpm). Image of the first hydrody-
namic “whip” in the trajectory — two phase markers FM (upper right-hand side trajectory). Broken
red line indicates deformations of the bearing inner foil

of multiple whirls is very interesting from the point of view of the hydrodynamic
pressure distribution. This is illustrated in Fig. 6.

3 Stochastic Variability of Input Data in Heuristic Modeling
of Rotors

A classic, traditionally applied for many years, approach to the state modeling of
various kinds of machines is the algorithmic approach, i.e., the one in which for the
known set of input data we obtain the same, precisely repeatable, set of output data
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e BEARING 2

Fig. 6 Pressure distribution calculated for various positions of phase markers within a zone of
multiple whirls for the same position of the excitation force vector (horizontally to the right, it
means for TAL = 0 and 360 degrees)

(results). This is the obvious consequence of calculation capability of computers
and the applied programs. However, this type of “traditional” research tools, often
highly advanced and applicable in practice, are neither able to correct the already
introduced data nor to modify the assumed model depending on external conditions
during the calculation procedure being in progress.

Meanwhile natural phenomena and a human nature (and thereby objects created
by it) are of a heuristic character, which means possible feedbacks occurring in pro-
cesses, intrinsic data and the previously assumed methodology of state assessment
corrections. It also means the necessity of taking into account influences of various
errors and the uncertainty of input data, what is often intuitively done.
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Fig. 7 Object of investigations: twin-support, symmetric rotor of a shaft diameter of 0.1 m, disc
diameter 0.4 m, shaft length 1.4 m and a mass of 179 kg. Classic, cylindrical slide bearings lubri-
cated by machine oil were used. The stochastic variability of an external excitation force within
limits 4+/ — AP = 20% in proportion to the constant (basic) value P was assumed

It is worth to mention that the trial of heuristic modeling means the necessity
of having highly advanced “traditional” research tools. The so called nonlinear
description is extremely important since heuristic models are nonlinear by nature.
Another substantial feature is the possibility of a smooth transition from the linear to
nonlinear description applying the same research tools (the Superposition Principle
cannot be used in this case). In consideration of the above, the MESWIR series code
was applied in investigations. Figure 7 presents the object used in tests as well as
the concept of random changes of external excitation forces acting on a rotor disc.
The randomness of changes was assumed (random-number generator was applied)
although within limits +/ — AP in proportion to the basic value P. Calculations
were performed for different AP values simulating in this way various possible
situations (e.g., displacement of rotating masses, influence of magnetic fields, etc.).

External rotating excitation forces, which can randomly change within limits
+/—20% in proportion to the basic value, P, was assumed for the analysis (Fig. 7).
The calculation results for the rotor shaft rotational speed from 300 to 5,550 rpm are
shown in Figs. 8 and 9 [8]. The trajectory of the rotor centre loaded by a constant
force (basic), rotating synchronously, is shown for the comparison on the left-hand
side of each figure, whereas the trajectory of the rotor loaded by randomly changing
force, within limits +/ — AP = 20% in proportion to the basic force P, is shown
on the right-hand side of the figure. Images of trajectories in co-ordinate systems
related to the maximum value of bearing clearance are placed in the upper part,
while images of trajectories magnified as much as possible to exhibit clearly the
phenomena are shown in the lower part of the figure.

The analysis of the figure indicates that influence of randomly changing values
of the external excitation force is significant in the case of small rotational speeds
of the rotor. When the speed increases this influence diminishes, that can be ex-
plained by the influence of rotor inertial forces generally attenuating a time-history.
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Fig. 8 Displacement trajectories of the rotor centre — within a stable operation range — calculated
for the constant excitation force (basic) P (part A) and for the randomly changing — within limits
+/— AP = 20% (part B) shown at the background of the rotor amplitude-frequency response [8]

A=fin); x=1

0 600 1000 1500 2000 2600 3000 3500 4000 4500 6000 5500 8000 G600 70000 600 1000 1500 2000 2500 30003500 £000 4500 5000 S500 6000 AS00 T0OO

Fig. 9 Displacement trajectories of the rotor centre after the system exceeded the stability limit
calculated for the constant basic force P (part A) and for the randomly changing — within limits
+/—AP = 20% (part B) shown at the background of the rotor amplitude-frequency response [8]

At the very stability limit a certain increase in the trajectory disturbance can be
observed. However, disturbances caused by the stochastic variability of input data
decay when the rotor rotational speed increases and the hydrodynamic instability
develops (Fig. 9). This is rather a startling result, since it could have been expected
that such perturbations — after exceeding the stability limit — would intensify the in-
stability of the entire system since it has been already unstable. Similar conclusions
were found when investigations were performed for various A P values and various
algorithms of random excitations. Thus, a system defect in the form of the hydro-
dynamic instability attenuates to a certain degree the defect caused by stochastic
effects of input data. It is an interesting observation resulting from the performed
research.
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4 Final Conclusions

The phenomenon of multiple whirls presented in the present paper, found by
advanced computer simulations and performed by means of the experimentally ver-
ified own and commercial codes, requires further investigations both theoretical and
experimental. Experimental investigations in this field are planned in the Gdansk
Research Centre. However, they will be put into operation only after building the
first prototypes of micro power plants and relevant testing stands. Currently we
have only unpublished information that the similar phenomenon was recognized
by means of direct measurements of vibrations at large power plants.

Preliminary considerations concerning heuristic modeling of rotors are included
in the paper. In such modeling we took into account uncertainty and randomness of
the calculation input data and mutual couplings. It was found that an influence of
the stochastic variability of input data decreases after the system has exceeded the
stability limit. This indicates that the defect of the hydrodynamic instability type
can attenuate — to a certain degree — the defect in the form of a random scatter of
input data.
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Experimental Decomposition of Vibration,
Whirl and Waves in Rotating and Non-rotating
Parts

1. Bucher

Abstract Modern rotating machines rotate faster than before in an attempt
to produce more power while reducing weight. Rotating machines are coupled
to fluids, electromagnetic forces and varying pressure fields, as a result, com-
plicated vibration patterns can develop. In order to diagnose and understand the
physical behavior of such machines, the measured vibrations need to be separated
into components that indicate distinct physical phenomena. This paper deals with
the separation of several types of vibrations in an attempt to diagnose and decom-
pose the individual phenomena. The simplest decomposition isolates forward and
backward whirl of shafts. Instead of performing this task in the frequency domain,
in an off-line manner, a real-time decomposition that exploits a phase shifting filter
is introduced here. This separation is a valuable tool to determine the isotropy of
the supports and blade mistuning. An additional decomposition of the measured
response isolates synchronous and non-synchronous vibrations thus highlighting
the induced rotating vibrations and those coming from other sources. Yet decom-
position adds the spatial dimension to the temporal, sense of whirl and frequency
(or order) domains. This is accomplished by measuring along a spatial coordinate.
Spatial decomposition can be achieved with an array of sensors or by continuously
moving sensors.

Keywords Time-frequency decomposition - Traveling waves - Forward backward
whirling - Blade mistuning

1 Introduction

Rotating machine’s dynamics is composed of many components that can form a
rather complicated response pattern. In order to assess the true state of a machine
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and identify the physical reasons for high vibration and stress levels, researchers
and manufacturers traditionally employ testing procedures. Some machines contain
embedded sensors providing real time data for cases of emergency and predictive
maintenance.

The industry traditionally lags behind the state-of-the-art developments where
elaborate testing procedures emerge and disappear unused (e.g., Dhadwal et al. [1],
Di Maio [2], Bucher et al. [3]). Indeed, shaft vibrations are often monitored in real
installations (Muszynska [4]) in an attempt to detect irregular patterns and support
asymmetry (Kim and Lee [5]). When the rotating structure contains disk-like com-
ponents, in particular when the rotating part contains blades, the spatial, temporal
and directional decomposition of the response is essential since the different vibra-
tion patterns overlap and can be inseparable.

The importance of blade vibration for assessment of the machine’s health has
inspired the development of tip-timing techniques (Carrington et al. [6]) and Laser
tracking measurement set-ups (Di Maio [2] and Bucher et al. [3]). Tip timing tech-
niques are relatively easy to install and therefore they became popular in industrial
development sites, this is despite their deficiency and limited ability to capture the
spatial dynamics of a bladed disks. Tracking laser techniques have proved informa-
tive and useful (Di Maio [2]), but they are limited to optically visible parts such as
fan blades, they are expensive and they cannot be used during normal operation.

The rapid development in wireless micromechanical sensors, can speculatively,
in the foreseeable future, present a line of embedded sensors that can be made an
integral part of machine or a blade. Smart blades that broadcast their condition
wirelessly while using the ambient vibrations to self-power their operation and to
energize communications are a good candidate to fulfill the task of in-situ vibration
measurements.

Some technical obstacles must be overcome before this type of sensors becomes
commercially available, but, the author believes that once the usefulness of embed-
ded sensors is demonstrated, the technological barriers can be overcome. This paper
tries to make a small step in this direction.

A network or rather an array of sensors distributed along a rotating and vibrat-
ing machine can provide more refined information that the usual RMS levels and
spectra provide. Indeed, a stationary array of sensors that measures disk vibrations
has been employed in the past to separate response waves into traveling in co- and
counter rotating components (Bucher and Ewins [7]). This method uses a stationary
array of sensors, is capable of decomposing the different wavelengths as a means to
diagnose discs and bladed disc vibrations. In order to compute the response in body
coordinates, an elaborate, speed dependent, transformation should be employed.

Other methods present a similar decomposition for the time frequency and sense
of whirl (e.g., Han and Lee [8] and Lee and Han [9]), but do not offer spatial
separation. In complicated structures, the spatial separation of wavelength-related
components provides a significant reduction in the complexity of the individual pat-
terns. Spatial separation is helpful when some phenomena are hidden underneath
large vibrations occurring at frequencies that are nearly identical.
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The paper briefly mentions forward and backward whirling motions on a
laboratory system emphasizing the ability to perform this decomposition in real
time. Finally it uses a simulated disk to demonstrate combined spatial and temporal
decomposition as an analysis and diagnosis tool.

2 Separation of Measured Signals in Rotating Machines

When more than one sensor is deployed on the vibrating and rotating structure, the
combined data can be used to produce more informative information than the in-
dividual spectra and waterfall plots. This section briefly describes some traditional
and new derivations for shaft and disk vibration decompositions from measured
response data. The main purpose of these transformations is to project the measure-
ments to the moving material frame of reference thus providing information about
the actual stress levels it experiences.

2.1 Shaft Dynamics — Decomposition and Transformation

A common arrangement deploys two sensors that are fixed in space. These can
measured any orbital motion of the shaft and decompose it as outlined below.

Several standard transformations are employed in this paper. The Hilbert trans-
form, indicated here by H[s(t)], advances all the frequencies in a measured signal
s(t), by 90 degrees (Hahn [10]). With this transformation one can express the for-
ward, s 7 (¢), and backward sp, (¢) whirling components of the shaft as:

sp(t) == (sx(t) = H [sy(0)]) . sp(1) = = (sx (1) + H [5,(1)]) (1)

N =
[

The importance of Eq. (1) is two-fold: (i) it computes the forward and backward
components in real time (see IEEE [11] for the real time implementation of H[.]) and
(i) it separates the (nearly) static deformation associated synchronous part of the
forward whirl, i.e., body-fixed coordinates from the backward whirl associated with
oscillating stress. In fact the backward component oscillates twice per revolution,
Gasch and Nordmann [12], thus exhibiting a greater threat to fatigue related failure
than the forward whirl.

A second transformation that is now widespread is generally called time-
frequency distribution. In rotordynamics circles the spectrum evolving with time,
the waterfall, is computed by performing a Fourier transform on short segments
of the data and stacking them time wise. The more advanced techniques (Cohen
[13] and Han and Lee [8]) use the Wigner-Ville or the Short-Time Fourier Trans-
form (STFT) to achieve a similar task. Normally, the speed of rotation is linearly
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proportional to time, 2 = «f (or the signals are re-sampled to achieve this) and
thus, the time evolution of the response spectrum

STFT [s(?)] = S(w, 1) 2)

provides in fact the distribution of spectrum (w, representing frequency) vs. speed.
S(w, ).

It is worth noting that both the Hilbert transform and the STFT are linear
operators and thus they can be applied at any order or sequence. Clearly, the STFT
can be applied to Eq. (1) to obtain the time-frequency map of the forward and back-
ward whirl.

It would seem illustrative to demonstrate Eq. (1) and Eq. (2) with genuinely
measured data.

2.1.1 Experimental Demonstration of Real Time Decomposition
of Shaft Vibrations

A laboratory test rig which is shown in Fig. 1 was used to acquire the data from
two sensors deployed as shown in Fig. 2. The rig was accelerated until it reached
some top speed and after a short dwell it was decelerated. Figure 3 shows the time
measurements of the displacement sensors in the x and y directions respectively.
The signals were artificially displaced to obtain better visibility. Figure 4 transforms
the measured signals using Eq. (1) to obtain the forward and backward components.

It is instructive to apply the STFT to the signals in Fig. 4 to observe the effect
of the real-time forward-backward decomposition. First the STFT of one of the raw
signals sy (¢) is shown (Fig. 5).

Applying the same transformation to s 7 (t) and s3(?), the following is obtained.

Figures 6 and 7, in addition to showing the synchronous X1 and higher engine
orders (i.e., X2, X3,...), separate the natural frequency curves of the forward (in-
creasing with speed) and backward (decreasing with speed), thus showing that the

Fig. 1 Rotating shaft test rig instrumented with sensors
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Fig. 2 Rotating shaft and two stationary sensors at right angle
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Fig. 3 Measured response, bottom: s, (¢) and top: s, (f)
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Fig. 4 The output of Eq. (1) bottom: s s () and top: s, (¢) (signals are displaced for clarity)
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Fig.5 STFT Si(w,t) of the raw
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Fig.6 STFT S (w,t) of the forward whirling component
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Fig.7 STFT S, (w, t) of the backward whirling component
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decomposition does perform what was anticipated. The decomposition offered by
Eq. (1) is performed in real time contrary to traditional methods, e.g., Kim and
Lee [5].

2.2 Disc and Blade Dynamics: Decomposition
and Transformation

Rotating disks and bladed disks exhibit more complex dynamics than shafts. Con-
sider, for example the response measured by an array of sensors placed near the tip
of the blades, as illustrated by the model in Fig. 8.

Being cyclically symmetric, the response measured at a fixed radius ro will be
a spatially periodic function of the angular position of each sensor, indicated by 6.
Since the structure operates under time varying conditions, its response, as measured
by a sensor located at (rg, 6), can be expressed as:

sO.0 = pn(@) €™ + py (1) e 3)

n=0

Here, p, (), p—n (t) represent the time evolution of the forward and backward pro-
gressing (respectively) nth nodal diameter vibration mode.

Restricting our attention to modes having N nodal diameters at most, using sen-
sors Ny, one can approximate:

N
sO,0)~ Y pa(t) € + py (1) e “)

n=0

Fig. 8 Bladed disk crude model showing the embedded sensors at the tips of the blades
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Now, since the sensors are spaced A6 radians apart within 0...27, the
Pn(t), p—n (t) can be computed in the frequency domain by employing a spa-
tial Fourier transform to s(kA6,t),k = 0... Ny — 1 (e.g., Bucher and Ewins [7]).
In this paper we seek to obtain real-time information by simultaneously processing
the entire array of sensors. Once more we employ the Hilbert transform to compute
the phase shifted signal.

Denoting, sg (¢) £ s(k - AB,t) and its Hilbert transform gy (¢) £ H [sr(2)]. It
can be shown (see appendix), that the real and the imaginary parts obey:

~ N-1
PR(t) ERSp (1) = X (5n(1)) cos 2kn+ (g (1) ) sin Zekn
n=0

&)
PLO 2350 = X (g(1)) cos 2k (50(1)) sin Zehn
n=0

It is worth mentioning that for k > % one obtains the negative ongoing vibration
wave with py (1) = pr—n, (), and pi (1) = pR(t) + ipf(t).

Equation (5) computes the forward and backward ongoing wave components at
every moment in time by employing linear combination of the measured signals
from the entire array and their Hilbert transform. It can thus be used to form an
instantaneous signal of each individual component. It will be shown below how this
expression can be used to detect detuning and decompose the response into simpler
components.

In order to demonstrate the method, the bladed disk in Fig. 8 was used in a sim-
ulation where the speed of rotation and hence the external excitation were varied
with time. The external excitation was set-up to apply rotating forces in both stand-
ing and rotating directions thus simulating pressure fluctuations with certain spatial
and temporal behavior. The bladed disk had three levels of mistuning. Level 1, no
mistuning; level 2, slight mistuning; level 3, more mistuning (see Tobias and Arnold
[14] and Ewins [15] for a definition of mistuning and its effect). The mistuning was
simulated by adding random amount of mass to the tip of the blades.

frequency 0.' 0 )
frequency o 0

Fig. 9 Time-frequency distribution of run-up perfect and mistuned systems
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A single sensor mounted on blade #1 was used to produce the STFT of level
1 and level 3 mistuning. Clearly, as can be seen in Fig. 9, the waterfall or time-
frequency distribution seem identical and no indication can be made about the fact
that mistuning exists.

At this stage, the decomposition presented in Eq. (5) was employed to separate
the different wavelengths and plot their modulating function vs. time. Clearly, it can
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Fig. 10 Left column, decomposed time response for p,(¢) and p—,(t) for n = 0...3. Right
column: STFT of p;(¢) and p_, () together showing forward and backward whirl
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be seen that mistuned systems’ modes no longer have a single wavelength in their
spatial response of individual modes. As a result, mistuning has created additional
wavelength in the response.

The right column of Fig. 10 shows that standing waves (in the body fixed coor-
dinates) become more pronounced due to mistuning.

3 Concluding Remarks

A method to combine the result of an array of sensors that is embedded in
the rotating structure or fixed in a non-rotating frame of reference was presented.
It has been demonstrated that the sensor of progression of whirl and waves can
be decomposed in real time by computing a weighted sum of Hilbert transformed
measurements. The method was demonstrated for a simple accelerating shaft in
the laboratory and for a simulated bladed disk-like structure. It appears that the
decomposed response that makes use of an array of sensors can potentially provide
more refined information about mistuning or any emerging defect.
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Appendix: Decomposition of Spatial Wavelengths

Consider the discrete Fourier transform of N sensors, distributed at a uniform
angular spacing.

N-1 N-1

. 2
Sk(t) = Z Sn (1) e Wk — Z sp (1) cos Wnkn
n=0 n=0
2
—isn(t) sinW”kn,kzo...N—l (6)

Clearly, S (t) = px(t) represents the kth component with wavelength.
Now applying the Hilbert transform and adding Eq. (6), one has:

N-1
2 2
pr@) =" 3a(0) cos Wﬂkn —i3,(1) sin Wﬂkn %)

n=0

Defining 5i (1) = sx(¢t) + iH [sx(¢)] 2 5 (t) + ig(¢), one can obtain an explicit
expression for the analytic signal of the k wavelength:

N-1

pr(t) = ,;, (sn(t) + ig,(z))cos zﬁnkn—}- (gn(t) —i s,(2)) sin %Tkn )

Separating real and imaginary parts, Eq. (5) is obtained.






Rotating Internal Damping in the Case
of Composite Shafts

G. Jacquet-Richardet, E. Chatelet, and T. Nouri-Baranger

Abstract There is an increasing range of applications for rotors made of composite
materials and operating at supercritical speeds. Design of such structures involves
specific features which have to be accounted for in order to allow safe operations.
A proper modeling of the mechanical characteristics of the composite is first needed.
But, as far as the structure is rotating, the effect of stress stiffening and spin softening
may be considered and the effect of internal damping has to be studied in order to
avoid possible instability. Internal or rotating damping modeling remains an active
field of research where both theoretical developments and experimental results are
needed.

Keywords Rotating shaft - Composite material - Instability - Internal damping -
Rotating damping

1 Introduction

Damping, coming from different sources, is one of the most difficult issues for struc-
tural dynamic predictions. Damping effects are mainly modeled using viscous and
hysteretic damping. The main difference between both types of damping is that the
energy dissipated per cycle by viscous damping is frequency (spin speed) dependent,
whereas the energy dissipated by hysteretic damping is not. Damping associated to
the non-rotating parts of the structure has a usual stabilizing effect while damping
associated to rotating parts can trigger instability in supercritical ranges. Internal
viscous damping is well known. Hysteretic damping is often substituted by an equiv-
alent viscous damping for harmonic motions.

First investigations by Newkirk [1] showed that rotors may experience violent
whirling at speeds above the first critical due to internal damping. Since then, many

G. Jacquet-Richardet (=), E. Chatelet, and T. Nouri-Baranger
Université de Lyon, CNRS

INSA-Lyon, LaMCoS UMRS5259 Villeurbanne F-69621, France
e-mail: Georges.Jacquet @insa-lyon.fr

K. Gupta (ed.), IUTAM Symposium on Emerging Trends in Rotor Dynamics, 125
IUTAM Bookseries 25, DOI 10.1007/978-94-007-0020-8__11,
© Springer Science+Business Media B.V. 2011



126 G. Jacquet-Richardet et al.

researchers have studied the combined influence of internal (material, dry friction)
and external damping (bearings. . .). Classical results were obtained, showing that
rotor stability is improved by increasing the damping provided by the bearings,
whereas increasing internal damping may reduce the instability threshold [2—4].
Genta [5] demonstrated that an error is made when considering that hysteretic ro-
tating damping is destabilizing at any speed. Until now internal rotating damping
modeling remains an up to date research area [6,7].

Because of the specific strength and stiffness of high performance fiber rein-
forced materials, attempts are being made to replace metal shafts by composite ones
in many applications: driveshafts for helicopters and cars, centrifugal separators,
cylindrical tubes [8—10]. These materials provide advantages in terms of weight re-
duction and give designers the possibility of obtaining predetermined behavior by
changing the arrangement of the composite layers [11, 12]. For a rotor made of
composite materials, internal damping can be significant [13] due to the damping
capacity of the matrix. Optimization techniques have been used in order to avoid in-
stability, minimize the unbalanced response and maximize the stability limit speed.
For composite shafts, equivalent modulus beam theory (EMBT) based on classi-
cal laminate theory, has many limitations [14], and is only valid for symmetric
stacking. General homogenized beam theory (GHBT) has been developed to re-
duce the previous limitations [15]. The equivalent flexural moduli are in this case
evaluated using the Young’s modulus, shear modulus and specific damping capacity
of each layer. The distance to the neutral axis and the thickness of each layer are
explicitly taken into account. Shear effects are considered by evaluating the flexural
warping function.

Beam based models are generally useful but may also be questionable. In the case
of tubes, multilayered shell models may be needed. Finally, most of the published
studies remain purely numerical and there is a lack of experimental results that may
be used for a better understanding of the effect of rotating damping as well as for
validation purpose [16, 17].

This paper gives first some brief descriptions of the theoretical background con-
cerning internal damping modeling and the equations of motions. Then, applications
are presented in order to illustrate and discuss specific features.

2 Equations of Motion: Composite Rotor

Most existing rheological models are based on the combination of elastic and vis-
cous basic elements such as those of Maxwell, Hook and Kelvin-Voigt [18]. In this
work, the Kelvin-Voigt model has been chosen. It consists of a spring and a damper
in parallel and is commonly used for linear viscoelastic systems. The associated
equations of motion of the rotor [19] are, in the rotating frame:

M} + 1+ c@) {d} + K + Ki(@)]4d} = (0} (1)
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where [M] represents the mass, [C;] the internal damping, [C(§2)] includes an
antisymmetric gyroscopic matrix (function of £2 speed of rotation) and a frequently
asymmetric matrix owing to the characteristics of bearings, [K] is the elastic stiff-
ness matrix, and [K;(£2)] is the stiffness matrix associated to internal damping as

well as stress stiffening and spin softening effects. {d} , {d} and {d} are respec-

tively nodal accelerations, velocities and displacements. The Campbell diagram and
instability regions are determined from the solution of the eigenvalue problem ob-
tained after reduction by the pseudo modal method [19]. The natural frequencies are
obtained from the imaginary part and stability criterion is defined from the real part
of the eigenvalues.

Considering formulations based on beam theories and dealing with homogeneous
materials, the stiffness of the structure is a function of the product EI, where E is
the Young’s modulus and 7, the inertia of the section. Similarly, dissipation due to
internal damping is a function of EIn, where 7 is the loss factor. When considering
composite rotors, two formulations may be used. The most classical one uses equiv-
alent homogenized material approaches and leads to the Equivalent Modulus Beam
Theory (EMBT). On the other hand, General Homogenized Beam Theory (GHBT)
is based on a direct homogenization of the products EI and EIn. GHBT has the
advantage of being valid for any laminate stacking of the rotor wall. The homoge-
nized parameters of the rotor are derived from the strain energy and are expressed
as follows [15]:

N 4 4 N 4 4
Ri™ — Ry— Ri* — Ry —
_ k k k—1 _ k. k k k—1
EI—kE_lE n<—4 )Eln— E E*n n(—4 ) 2)

k=1
1

EF =
et o5t 22 1 _ Auy
5 T E T 6, 2%

3)

with: E;, E;, vy, Gy respectively Young’s moduli, Poisson’s ratio and shear mod-
ulus in the orthotropic axes, ¢ = cos(f), s = sin(0), Ry, Ry_; give the beginning
and the end of the kth layer from the neural axis, 6 is the layer orientation angle
and E* 7k is the damped Young’s modulus of layer k along the rotor axis. Damping
factor n is obtained from the specific damping capacity of layers according to the
longitudinal, transversal and shear directions respectively. For the effect of trans-
verse shear, the homogenized shear modulus GS is obtained from the shear strain
energy.

3 Application

Two different applications are presented and used for illustration. The first one con-
cerns a thin wall composite shaft and the second a composite rotor with discs.
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3.1 Thin Walled Composite Shaft

The application considered first is a simply supported thin-walled tube with
two lateral inner discs at both ends. The shaft length is L =1.5m, its outer
diameter is D =0.09m and its wall thickness is e =7.0 x 10~*m. The discs
lie at a distance of 0.05m from both ends of the tube, their thickness is
3.0 x 1073 m and their inner radius is 0.0075m. The shaft is made of five
layers of Boron/Epoxy (p=1,600kg/m>, E;=3.0 x 10''Pa, E, =62 x
10° Pa, G1» = G13 = Gp3 =4.1 x 10° Pa and vy, = 0.26). The stacking sequence
considered is [0°, —30°, +30°, 0°, 90°], given from the inner to the outer surface
of the cylinder. Mechanical damping is here neglected.

As shown in Fig. 1, only 1/12th (30°) of the whole structure is meshed using a
multilayered shell element, constructed from the solid isoparametric element with
16 nodes, by applying Reissner-Mindlin hypotheses. The resulting element is ge-
ometrically characterised by 16 nodes and kinematically by eight nodes and five
dof per node. A shear correction coefficient equal to 5/6 is considered and reduced
integration is used to prevent shear locking.

The three first bending frequencies obtained for the structure at rest are reported
in Table 1. These values are compared with those computed using ROTORINSA
[19] associated with an EMBT. Differences in results are significant and can be
explained by the effect of the simplifying assumptions associated with EMBT: (a)
contribution of each layer independent of its radial position, this hypothesis being
only valid for thin-walled shafts with symmetrical sequences, (b) longitudinal shear
deformations associated with bending not considered. Critical speeds obtained with
both shell and beam models are also reported. Due to stress stiffening effects, accu-
racy of the beam model decreases when rotation speed increases.

Fig. 1 Cylindrical tube. Only
1/12th of the mesh (dark)

is considered by the
numerical model

Table 1 Natural frequencies at rest (Hz) and first critical speeds (rpm)

Freq. atrest ~ Freq. at rest Critical speed  Critical speed
Rotorinsa 3D model A(%) Rotorinsa 3D model A(%)
508.4 475.4 6.7 31,820 28,570 11.4

1,749.2 1,446.7 18.9 116, 625 91, 660 27.2

3,305.7 2,564.7 24.0
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3.2 Composite Rotor with Two Discs

In order to emphasize the influence of internal damping in rotordynamic analysis,
Campbell diagram and instability thresholds are determined for a rotor made of
a filament wound shaft when considering different configurations of stacking se-
quences. The structure, proposed by Pereira and Marcio [12], is a composite shaft
with two rigid steel disks supported by two bearings as shown in Fig. 2. Rotor pa-
rametersare: L = 1.2m, D = 0.096m, ¢ = 0.008 m, Disc: D; = 0.096m, D, =
0.3m, h=0.05m.

Material properties of each ply made of carbon/epoxy are summarized in Table 2
and the anisotropic bearing stiffness characteristics are: K, = 1.10’ N/m, K, =
1.108N/m, K,, = K, = 0 (no external damping considered). The first con-
figuration consists of 8 plies of 0.001 m thickness in a balanced and symmetric
configuration [£6°]s. Figure 3 gives the Campbell diagram obtained using GHBT.
Frequencies and instabilities thresholds are in this case in very good agreement with
those obtained by Pereira and Marcio [12] using EMBT. As there is no external
damping, instability occurs just after the critical speed.

The same structure with different symmetrical and asymmetrical stacking se-
quences is then considered. When examining Table 3, the influence of stacking on
the fundamental frequency as well as on the instability threshold appears clearly.

As shown in Table 4, where both results obtained from GHBT and EMBT are
compared, the distance to the neutral axis contributes to the calculation of the me-
chanical characteristics of the rotor with GHBT but not accurately with EMBT.
When using EMBT, an error up to 16% on instability threshold and 7% on the fun-
damental frequency is observed. The Campbell diagram associated with the second
configuration considered above is presented in Fig. 4.

L3 ] 2L/3

111144

Fig. 2 Filament wound shaft with two disks

Table 2 Material data for the shaft (carbon epoxy)
E/(GPa) E/ (GPa) Gu(GPa) uy  p(kg/m’) 1 (%) ¥ (%) v (%)
172.7 7.20 3.76 0.3  1,446.2 0.45 4.22 7.05
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Fig.3 Campbell diagram and instability regions for a laminate § = 75° with anisotropic bearings
(thick lines = unstable)

Table 3 Mechanical characteristics of the shaft

Stacking sequence Freq (Hz) Instability threshold (rpm)
1 [90,, 45, 0]s 39.87 5,864
2 [90,0,90,45,90,45,0,90] 40.08 5,913
3 [90, 45, 0,]s 50.71 10, 981
4 [45,0,45,0,90,0,90,0] 51.36 11,395

Table 4 Comparison between GHBT and EMBT. Instability threshold — first frequency

GHBM (rpm) EMBT (pm) % GHBM (Hz) EMBT (Hz) %

[90,, 45, 0]s 5,864 6,956 15.7 39.87 42.76
[90, 0, 90, 45, 90, 45,0,90] 5,913 6,965 15.1 40.08 42.76
[90, 45, 0,]s 10,981 12,064 9.0 50.71 52.37
[45,0,45,0, 90,0, 90,0] 11,395 12,064 55 51.36 52.37

6.7
6.3
3.2
2.0

Differences between configurations is up to 21% for frequencies at rest and about
47% for instability thresholds, and for different cases, not presented here, the ro-
tor may exceed the third critical speed without generating instability. The greater
the number of fibers oriented close to the longitudinal direction of the tube, the
more they contribute to shaft rigidity and, consequently, higher the frequencies are.
Similarly, the lower the orientation angle, the lower the internal damping due to
composite materials is and, consequently, the instability occurs later.
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Fig. 4 Campbell diagram for configuration [90,0,90,45,90,45,0,90]

4 Experimental Analyses

An experimental set up developed at the LMA of Marseille France, shown in
Fig. 5 is used for illustration and validation. The set up allows studying the sta-
bility of shafts made of different materials with various lengths ranging between
0.5 and 3m. To allow supercritical behavior, passive dissipation is introduced at
bearing level using viscoelastic supports (damping factor 3.5%). Bearings are clas-
sical ball bearings. The main characteristics of the tested rotors, made of PVC,
are: Young modulus 2.2 GPa, density 1,350kg/ m> , external radius 0.025 m, inter-
nal radius 0.0215 m, damping factor 1.25%. Isotropic bearing mass is 2.608 kg and
foundation stiffness is 567 x 103 N/m.

Figure 6 shows the evolution of the computed frequencies and instability thresh-
olds, with respect to the rotor length L. Legends are as follows: F_; is i th frequency
of the system; SI; is ith associated instability threshold. The instability zone (grey)
of this rotor is greater than the instability zone of rotors made of classical materials
due to the material damping which is more significant for PVC (1.25% here com-
pared to 0.2 associated to an aluminum rotor for example). Experimental results
obtained at the LMA are also given. They are symbolized by a circle O for the
first frequency and by a star @ for the instability thresholds. Four experimental tests
were performed for tubes of lengths 0.6 m, 0.8 m, 0.9 m and 1 m. The experimental
instability was detected at the first critical speed. Tendencies shown by experimental
results are in good agreement with theoretical results and the first frequency identi-
fied matches very well.

Observation points out two instability zones merging at a length L near 0.8 m.
Within this zone the different components of the system are highly coupled. Fre-
quencies associated to the rigid rotor with flexible bearings match frequencies of
the tube supported by rigid bearings. For this particular length of rotor, bearings are
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Fig. 5 Testing machine for high-speed tubes

12 13 14

1.1

0.9

05 06 07 038

0.4

L (m)

Fig. 6 PVC Tube: numerical and experimental results (dashed zone is unstable)

highly responding and then provide more external damping to the system, increasing

stability. Such behavior has also been observed by Dutt and Nakra [20] who show
that a proper selection of the value of support parameters can increase significantly

instability threshold for a system on viscoelastic supports.
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5 Conclusion

The presented paper deals with the dynamical analysis of internally damped ro-
tating composite shafts. Usual rotordynamics modeling is based on beam theories.
In this case, the General Homogenized Beam Theory is needed to avoid the main
drawbacks associated with formulations that consider only symmetrical and bal-
anced stacking sequences and do not take into account the distance of layers from
the neutral axis. As already shown, those simplifications may lead to significant
discrepancies in terms of frequencies and instability thresholds. The method also
allows accurate characterization of the structure’s internal damping, based on the
specific damping capacity of each ply of the composite assembly. Another limita-
tion illustrated here concerns the case where the rotating structure is more a tube
than a shaft. In this case classical effects such as stress stiffening and spin softening
shall be accounted for. Then beam theories are no more valid and shall be replaced
by multilayered shell theories.

Finally an experimental set up is described and used for illustration and valida-
tion. New techniques are under development and major improvements are clearly
needed to overcome the severe limitations of the classical equivalent viscous damp-
ing model. But the development of those techniques has to be clearly associated
with much more fine available experimental results (transient response. . .).

Acknowledgements The authors wish to thank Pr. C. Hochard from the Laboratoire de Mé-
canique et d’Acoustique, UPR CNRS 7051 Marseille France and Dr O. Montagnier for providing
the experimental data presented in Sect. 4.

References

—

. Newkirk, B.L.: Shaft whipping. Gen. Electr. Rev. 27(3), 169-178 (1924)
2. Genta, G.: Dynamics of Rotating Systems. Springer, New York (2005)
3. Cerminaro, A.M., Nelson, F.C.: The Effect of Viscous and Hysteretic Damping Rotor Stability.
ASME TURBOEXPO, Munich, Germany (2000)
4. Sino, R., Chatelet, E., Montagnier, O., Jacquet-Richardet, G.: Dynamic Instability of Internally
Damped Rotors. ASME TURBOEXPO, Montreal, Canada (2007)
5. Genta, G.: On a persistent misunderstanding of the role of hysteretic damping in rotordynamics.
J. Vib. Acoust. 126, 459-461 (2004)
6. Genta, G.: Time domain simulation of rotors with hysteretic damping. In: Nineth International
Conference on Vibrations in Rotating Machinery, Exeter, pp.799-810 (2008)
7. Vatta, F, Vigliani, A.: Internal damping in rotating shafts. Mech. Mach. Theor. 43,
1376-1384 (2008)
8. Darlow, M.S., Creonte, J.: Optimal design of composite helicopter power transmission shafts
with axially varying fiber lay-up. J. Am. Helicop. Soc. 40(2), 50-56 (1995)
9. Singh, S.P., Gupta, K.: Damping measurements in fiber reinforced composite rotors. J. Sound
Vib. 211(3), 513-520 (1998)
10. Chatelet, E., Lornage, D., Jacquet-Richardet, G.: A three-dimensional modeling of the dynamic
behavior of composite rotors. Int. J. Rotating Mach. 8(3), 185-192 (2002)
11. Bauchau, O.: Optimal design of high speed rotating graphite/epoxy shafts. J. Compo. Mater.
17(3), 170-181 (1983)



134

12.

13.

14.

15.

16.

17.

18.

19.

20.

G. Jacquet-Richardet et al.

Pereira, J.C., Marcio, E.S.: Evaluation and Optimization of the Instability Regions on Rotors in
Wounding Shaft. II Congresso Nacional de Engenharia Mecanica, Jodo Pessoa, Brazil (2002)
Wettergren, H.L., Olsson, K.O.: Dynamic instability of a rotating asymmetric shaft with inter-
nal viscous damping supported in anisotropic bearings. J. Sound Vib. 195(1), 75-84 (1996)
Singh, S.P., Gupta, K.: Free damped flexural vibration analysis of composite cylindrical tubes
using beam and shell theories. J. Sound Vib. 172(2), 171-190 (1994)

Sino, R., Baranger, T.N., Chatelet, E., Jacquet, G.: Dynamic analysis of rotating composite
shaft. Compo. Sci. Technol. 68(2), 337-345 (2008)

Montagnier, O., Hochard, C.:Etude théorique et expérimentale de la dynamique des arbres
de transmission supercritiques. 17°™ congrés Francais de Mécanique, Troyes, 29 Aoit-2
Septembre (2005)

Montagnier, O., Hochard, C.: Design of Supercritical Composite Helicopter Driveshafts:
Theoretical and Experimental Study. European Conference for Aerospace Sciences (EU-
CASS) (2005)

Osinski, Z.: Damping of Vibrations. Institute of Machine Design Fundamentals, Warsaw
University of Technology, Poland, A.A.balkema (1998)

Lalanne, M., Ferraris, G.: Rotordynamics Prediction in Engineering, 2nd edn. J. Wiley and
Sons, p. 254 (1998)

Dutt, J.K., Nakra, B.C.: Stability of rotor systems with viscoelastic supports. J. Sound Vib.
153(1), 89-96 (1992)



Unbalance Response Analysis of a Spinning
Rotor Mounted on a Precessing Platform

Ankuran Saha, Rajesh Ghosh, Arghya Nandi, and Sumanta Neogy

Abstract The present work deals with analysis of a uniformly spinning shaft with
a non-central disc mounted on a rotating (precessing) base, where the spin axis and
the precession axis intersect at right angle. The motion of the rotor is such that
it undergoes small elastic deformation superposed on rigid body rotation about a
point. It is assumed that the shaft is axially and torsionally stiff and the disc has
four degrees of freedom. Due to unbalance excitation, somewhat like a rotor on an
orthotropic support, this rotor has also been found to undergo backward whirl.

Keywords Spin - Precession - Rotor - Unbalance response - Backward whirl

1 Introduction

Spinning and precessing motions of a rigid body with a constant nutation angle are
frequently encountered in practice like a motor-shaft-disk system on a turntable, a
helicopter rotor in pitching (in a circular path) flight, a special purpose machine
tool etc. Many sophisticated analyses have been attempted for spinning, symmetric
and non-symmetric shaft-disk systems on fixed base [1-5]. A general continuum
formulation has also been recently reported for non-axisymmetric rotors on fixed
bases [6]. It is Lin and Meng [7], who first reported on dynamics of an elastic rotor
on a maneuvering support. They considered a two-degree of freedom accelerating
Jeffcott rotor model primarily in a pitching aircraft. On the other hand considerable
work has already been done on vibration of rotating beams (precessing but non-
spinning). This has always been an important topic as turbine and compressor blades
[8], flexible manipulators in robotic applications [9] etc. can also be approximately
modeled as rotating beams. Xiao et al. [10] demonstrated the effect of simultaneous
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dynamic softening and stiffening in a rotating beam with a tip mass. In the present
work response analysis of spinning and precessing rotor due to unbalance excitation
is performed.

2 Analysis

2.1 Governing Equations of Motion

The shaft-disk system shown in Fig. 1 is spinning with a constant angular velocity
Q2 about an axis a. This axis is again precessing about the inertial Z axis with an
angular velocity €2 ,,. The inertial reference is represented by the coordinate system
XYZ. The coordinate system xyz precesses about the axis Z with a uniform angular
velocity Q ,, (Fig. 2a). The axis Z and the axis z are coincident. The reference x’y’z
rotates about the axis x with an angular velocity €2 si. The axes x and x’ are co-
incident ones. This reference frame x’y’z would have been the body-fitted frame
had the solid been rigid. With respect to the reference x’y’z’ the solid has elastic
deformations only. The solid undergoes a small elastic deformation superposed on
the specified rigid body motion.

It is assumed that during deformation the disk remains rigid in its own plane. In
undeformed condition, the vector Rz +ecos Qgt ] + e sin Qg 1k locates the center of
mass of the disk. The unit vectors 7, ] and k are along the axes x,y and z respectively.
In deformed configuration, the center has a position vector (Fig. 2b).

P = Ri +ecosQt] + e sin Qtk + uyf + uzlg (1)

Q

1o
a

[ [

Fig. 1 A spinning and precessing rotor.
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b
Z, z
Y Mass centre of the disc
Geometric centre of the disc €
Qst
Uy \
uZ
|,
»
Y,y

Fig. 2 (a) Coordinate systems fixed to inertical and rotating references (b) location of the centre
of mass

The last two terms in the above expression define the translation of the disk due to

the elastic bending. In case of no elastic rotation (slope) of the disk, the plane of the
disk would have been parallel to the y-z plane.

The velocity of the centre of mass of the disk is as follows:-

- A ad i R
V== (—Qpuy — Qpecos Q)1 + (% — Qe sin Qf + QI,R) i
du; A
+ W+Qsecosﬂst k 2)
The kinetic energy of translation for the disk is expressed as follows:
T
. —Qpuy — Q2 pe cos Qt m 0 0
Ju .
Toans = 3 (a—ty+QpR—Qpes1n§2st) 0 m O
%—i—Qsecostt 0 0 m
—Qpuy — Q2 pe cos Lt
(% + 2, R - Qpesin Q) 3)

% + Qe cos Qt

The angular location of the disk can be expressed by the following consecutive
rotations (Fig. 3).
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Fig. 3 Rotations of the disk.

i. Rotation €2 ,¢ about inertial Z axis.
ii. Rotation B, about z or Z axis. Due to this rotation the y axis rotates and becomes
the b axis.
iii. Rotation By about the b axis. After this rotation the coordinate system abc is
obtained.
iv. Rotation ;¢ about axis a.

The elastic rotations of the disk can be described as two infinitesimal rotations B,
and By about the axes z and b (close to y) respectively.

Now, retaining all the terms to avoid missing out of any resulting significant term
in the process, the components of the angular velocity vector can be expressed in
the coordinate system abc as follows: -

2y cosB, 0 —sinB, 0 Q, — (2, +B,)sinB, + Q,
wpp=| 0 1 0 0 418, = B,
W, sinB, 0 cosB, Q, +B, 0 (Qp +Bz) cos B,

(C))
The rotational kinetic energy of the disk is
Cf@a) [Ir 0 07 [
Tyor = 5 Wp 0 It O Wp (%)
We 0O 0 Ir We

The symbols /p and Ir stand for polar and transverse mass moment of inertia
respectively.
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The total potential energy of the non-symmetric shaft in terms of linear and
angular displacements in the spinning and precessing frame xyz is given by
T
Uy Uy

u;

(6)

[K] = )

0 k3 kzz O
kig 0 0 kus

The Lagrangian can be defined as,
L= TTrans + TRot -V (8)

Combining Eq. (3), Eq. (5) and Eq. (6), the Lagrange’s equations of motion can be
presented as follows:

[MI{U} + [GI{U} + (K] + [KID U} = {3+ {f o (€

m 0 0 0
0m 0 0
M] = 10
(M] 0 0 Ir 0 (102)
0 0 0 Ir
00 0 0 00 0 0
00 0 0 00 0 0
Gl =Q = Q! 10b
[] SOO 0 Ip sT00 0 y ( )
00 —Ip 0 00 —x 0
-mQ2 0 0 0
0 0 0 0
K], =
(K], 0 0 —-(Up—1Ir)Q% 0
0 0 0 0
-mQ2 0 0 0
0 0 0 0
10
0 0 —Ir(x—DQ2 0 (10¢)
0 0 0 0



140 A. Saha et al.
BT =100 —1p2Q, 0] (10d)
B = Lm (22 + Q2) ecos st mQZesinQsr 0 OJ (10e)
(U" = |u, u. By, B.| (10f)
Damping terms can be included as follows to give,

M] {U} + (D] + [G]) {U} + (K] + [K]; + [K2]) {U} = {f} + {F}y, (1D

where,
0 —Q 00
cr Q2 0 00
K,=|"" 12
(K], 0 0 00 (12a)
0 0 00
Cn +cr 0 00
. 0 cn+c 00
[D] = 0 0 00 (12b)
0 0 00

Here the symbols ¢, and ¢, stand for coefficient of non-rotating and rotating (with
respect to the precessing frame) damping respectively.

As an initial partial check of governing Eq. (11) one can make the precession
speed 2, zero, which represents a rotor on a fixed base. For this case the results are
available in literature and can be used for comparison.

For

Qp =0,[K]; = [0] (13)

For an undamped case and for a thin disk, all the matrices match exactly with those
derived by Nelson and McVaugh [1].

3 Numerical Example

A cantilevered shaft of circular cross-section with a disc at its tip is considered for
numerical simulation. The root of the shaft is connected to a motor. The shaft-disc
system along with the motor is placed on a rotating base. The following numerical
values are considered for the rotational speeds and the dimensions of the shaft-disc
system.

Radius of the disc R; = 0.075m, Thickness of the disc t; = 0.010m
Mass of the disc my; = 1.38kg
Moment of inertia of the disc about its diameter I; = 1.9408 x 1073 kgm?
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Diameter of the shaft d; = 0.015m, Length of the shaft Ly = 0.400m
Unbalance me = 10™* kg.m

Percentage damping values are computed by consider critical damping coefficient
= 2 xXmg X w, ~ 350Ns/m. The non-rotating first natural frequency of the rotor is
denoted by w,. A value of 5% non-rotating damping is considered in this work. It
is observed that effect of precession is more prominently felt in the displacement in
the y-direction. As is noted from Eq. (9) and relation (10c), precession has an effect
similar to that of an orthotropic support.

This is also evident from the Campbell diagram shown in Fig. 4. For the present
configuration the stiffness in the y-direction is reduced due to precession. Figure 5a
shows the response of the rotor in y-direction.
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Fig. 4 Campbell diagram for the first forward and backward whirl modes
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With increase in precession speed the peak response at the first forward critical
speed breaks up in two branches. At the first branch at lower spin speed the rotor
whirl changes from forward to backward and then backward to forward (Fig. 5b).

4 Conclusion

In the present work the investigation centers around the effect of precession speed
on unbalance response of a spinning rotor supported on a precessing base. Since
such a motion introduces a negative stiffness in one direction, this rotor behaves
like one on orthotropic support and exhibits backward whirl. Though simple two
and four degrees of freedom models are considered here, this method can also be
extended to three-dimensional rotor models.
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A Simple Viscoelastic Model of Rotor-Shaft
Systems

J.K. Dutt

Abstract Damping exists in every material in varying degrees; so materials in
general are viscoelastic in nature. Energy storage as well as dissipation in vary-
ing degrees, accompany every time varying deformation, with the effect that stress
and strain in a material get out of phase. This work presents the development of
preliminary equations of motion of a simple viscoelastic rotor-shaft-system by us-
ing differential operator algebra. Sample results of stability limit of spin speed and
stability limit of uniform angular acceleration at a stable spin speed are also pre-
sented. Use of operators enables one to consider linear multi-element (e.g., 3, 4
or higher elements) material model for better representation of the viscoelastic ro-
tor continuum rather than a two-element Voigt model used generally. The primary
inspiration for a multi-element model arises from the need to capture broad band
spectral behaviour of materials, primarily polymers and polymer composites. Addi-
tionally such a model is generic, as with suitable choice of model parameters, the
formulation may also be used to obtain the equations of motion, if a two-element
(Voigt model) or a single element (purely elastic) model is used to represent the ro-
tor material behaviour. The equations developed may be easily used to find the time
response of the rotor-disc subjected to any dynamic forcing function.

Keywords Viscoelastic rotors - Multi-element rotor models - Rotor stability

1 Introduction

Viscoelastic materials store and dissipate energy simultaneously upon deformation,
the frequency of which influences the energy storage and dissipation. For linear vis-
coelastic solids this behaviour may be represented by multi-element models, many
of which are found in Bland [1]. Asnani [2] obtained the frequency dependent
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storage modulus and loss factor of Poly-Vinyl-Chloride (PVC) at different
temperatures and Kapur et al. [3] extracted parameters for a four-element model to
represent its behaviour. Efficient energy dissipation is the primary motivation to
use viscoelastic materials, such as polymers for vibration reduction and vibration
control; Nakra [4] has given many such examples. Although light weight is a good
advantage to use such materials for rotor-shafts, at least for cold low duty oper-
ations, yet, low elastic modulus is an impediment towards achieving high rotor
speed for problems of stability. Texts by Dimentberg [5], Tondl [6] and many others
used two-element Voigt model to represent the material behaviour and developed
equations of motion of rotor-shaft-systems. Zorzi and Nelson [7], Ozguven and
Ozkan [8], Ku [9] and many others used the two-element material model to for-
mulate the equations of motion after discretizing the rotor continuum with finite
beam elements. The above authors also proposed a combination of viscous and
hysteretic damping models for structural materials like steel. In this regard, Genta
[10] pointed out correct interpretation and the use of hysteretic damping model.
However for frequency-dependent material properties, (storage modulus and loss
factor), shown by polymers, such material models do not work well. Grybos [11]
used three-element material model and studied the dynamics of a viscoelastic rotor.
Roy et al. [12] reported a finite-element approach, where viscoelastic behaviour of
the rotor-continuum was represented by ATF (Augmenting Thermodynamic Field).
Roy [13] in his doctoral work investigated in detail different approaches to rep-
resent viscoelastic material behaviours to model the rotor continuum. This paper
attempts to obtain the equations of motion of a simple rotor-shaft system in the time
domain by considering a multi-element material model to represent the viscoelastic
behaviour for closely investigating the dynamics of a viscoelastic rotor.

2 Analysis

Figures 1a—c show the two-element, three-element and the four-element models re-
spectively [1]. In general, for linear viscoelastic solids, the constitutive relationship
may be represented by 0 = E () ¢ where o, the instantaneous dynamic stress
is obtained by operating £ () = (Nu (D)/Dn (D)), a function of differential time
D = (d/dr), on instantaneous dynamic strain €. For the special case of linear elastic
behaviour, E is a constant. Expressions of E,(), t = 2, 3, 4 for 2, 3, and 4-element
models, shown in Figs. la—c, are given by Egs. (1a), (1b) and 1(c) respectively.

d, k,
k,Zd,
k, k, d,
Fig. 1 Two-element,
Three-element and
four-element models 1(b) 1(c)
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Ex()=yvi+r2D.yi =kiy2=di (la)
E3()=%,V1 =k1,)/2=d1+k11€jl,7/4=z—; (1b)
E4() = n —i_(lyj_DVij;DZ,Vl =ki,yp=di+dr+ k]lcjz,

V3= dllc—jz,ﬂ = Z—z (Ic)

The units of k;, d; (j = 1, 2) above are adjusted accordingly. Expressions of E;
() and E3 () may be obtained from Eq. (1c) by eliminating appropriate elements.

Ghosh and Mallik [14] reported a simple classical approach to include the effect
of rotor-material damping. Figure 2a drawn after following the authors, shows a dis-
placed section of a rotor shaft and three reference frames, the “fixed frame” (x, y),
spin synchronized or “spin frame” (€, 17), and the whirl-synchronized or the “whirl
frame” (r, ¢), having unit vectors (e, ey), (e¢, ;) and (e;, e,) respectively. These
frames are attached at “O” the point of intersection of rotor-shaft section plane con-
sidered and the bearing centre-line. Figure 2b shows the bending of a differential
element of the shaft in the whirl plane and the longitudinal strain ¢, at a fibre at a
distance §; from the neutral plane is

e, = (51/R) = 81(8%8(z,1)/97%) (2)

In the above equation, R = (0%8(z,t)/0z?) is the instantaneous radius of curva-
ture at the section considered, where §(z,¢) is the instantaneous deflection of the
rotor, at a spatial location z. From Fig. 2a the expression of instantaneous longitudi-
nal strain at the location (r, ) may be written as

r 028(z. 1)
&z = (&2)max (—) CoSe, (E)max = ro—— 3)
ro 0z
Instantaneous longitudinal stress in the above fibre may be written as
Nu(D)
o, = E(e; = Dn(D)gZ 4)

Expressions of instantaneous bending moments M, and M, may be written with the
help of Eq. (3) by integrating the corresponding expressions of differential quantities
over the entire cross section as

Dn(D)[M,] = ?n?%Nu(D) [(£2)max cos ] (cos a)drda
0

270 5)
Dn(D)[My] = 2f / %NM(D) [(£.)max cos ] (sin o) drdo
00
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\

Fig. 2 (a) Shaft section, (b) differential shaft length and radius of curvature

The operator Nu(D) operates only on the strain term i.e., (&;)max Os & and not on all
functions of time. Expressions of force per unit length along the r and ¢ directions
pr and p, respectively may be had from Egs. (6).

2 _ 5 2
priz,t) = % = W(lmz?? |:n1—ro Of Nu(D)[(&;)max cos ] cosada:|
(6)
—>My 2| g F -
Pe(1) = —53% = puipysz | mre { Nu(D)[(&;)max cos &] sin ado

In the above, I is the diametral area moment of inertia of the shaft section. Total
force acting on the shaft at a section as a result of the bending moment is obtained
by integrating Eq. (6) between spatial limits. Considering simply supported end
conditions and approximating §(z, ¢) by its first mode shape for simplicity i.e., by
8(z. 1) = 8c(1) cos (32), where 8. (1) is the instantaneous deflection in the mid-span,
and using the expression of (e;)max, the total instantaneous force acting at a rotor-
section in the middle of its span along r and ¢ directions may be written as in
Eq. (7).

L/ T
= %_Lf; %(J-J/L)4 Zf[Nu(D)[SC (¢) cos(rz/ L) cosa] cosada]dz
L/2 27 (7)
Py = —D;(lD) _Lf/2 ]LT(T[/L)“' {[Nu(D)[SC(Z) cos(mz/L) cos ] sineda]d z

Expressions of P, and P, for any material model may now be obtained from Eq. (7)
by putting appropriate expressions of Nu(D) and Dn(D).
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For a four-element material model, as an example, (i.e., with Nu(D) = y; +
y2D + y3D? and Dn(D) = 1 + y4D) the expressions of P, and P, are given in
Eq. (8).

—1
pr = mﬂ(ﬂ/m (1186 (t) + Y28 (1) + y38e (1)

+y38¢(t) + y38e(1)d?)

Po = Gy 21/ L (et + 2038000+ pabe0d) (9

It may easily be verified that by putting y; = E, y» = iy, y3 =4 =0 the op-
erator corresponding to the two-element material model is obtained, which matches
exactly with those given in equation (12.39) in Ghosh and Mallik [14]. So general-
ized expressions of P, and P, are obtained.

Coordinate transformation may be performed to obtain the components (Pg, Py)
in the spin frame (£, ). Expressions of P¢ and P, are obtained as in Eq. (9) by
putting in Eq. (8), & = 8.(¢) cos(¥ — w1), ne = 8¢(t) sin(¥ — wt), & = w — r,
and the derivatives.

Pe = qnpy2l 1/ LP[yiée + vaée + vaée]

©))
Py = 1750y 21 0/ L)’ [yine + yaiie + y3iic]

Writing the radius vector in the spin frame, i.e., vector OC = ¢, = & + 1., (Where
t = / — 1) the expression of force Py = P¢ + (P is given in Eq. (10)

-1
P§ mZZ(T[/L) [Vl é‘c + VZEC + V3§c] (10)

Using the expression in Eq. (10) and Newton’s second law of motion, the equations

of motion for free vibration of the rotor-disc placed in the middle of rotor-shaft with
simply supported end conditions (as shown in Fig. 3) are obtained as in Eq. (11).

Meg(Ce + 1208 —w?Ee) — Pr = 0 (11)

In Eq. (11) m,, is the equivalent mass of the disc, i.e., the disc mass plus an effect of
the shaft mass which is 2 48.57% by using Rayleigh’s principle. Operating Eq. (11)

Fig. 3 The rotor-shaft system
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with (I + y4D) and transforming the same using {, = p.e*®" and its derivatives,

the equations of motion are written in stationary frame as in Eq. (12).

MeqYaPc + [(Meg + Py3) — imegyawlpe + [By2 — i(2B Y30 + Meqya®)]pe
+[(:BV1 - :8730)2 - mqu4wd)) - i(meqd) + Meg Y4l + IBVZQ) + ,3V30'))]Pc =0
12)

This equation may be used with suitable values of y,[t = 2, 3] to get equations of
motion of the rotor-shaft system if two- or three-element material models are used.
It may be noted that Eq. (12) is a linear differential equation in terms of the complex
displacement p. and the material model incorporates the effect of spin speed and
generally its time derivatives in the dynamics of the rotor.

This paper investigates the transient response of Eq. (12) to study the stability
of the system, which is found using the Routh’s criterion as used by Tondl [6] and
applied by Dutt and Nakra [15]. For this, putting p. = Z e in Eq. (11), the char-
acteristic equation is obtained as in Eq. (12) and may be expressed as a polynomial
in A as written in Eq. (13). Equation (13) is rewritten as in Eq. (14).

—i MegVal® + [—(Meq + BY3) + i Megya]A? + [(2B Y30 + Meqyadd)
+i B yald + [(B y1 — B y30% — Meqya®) — i (Meq® + Meqyadd + B yo0
+B y3w)] =0 (13)
(ao + i bo)A* + (a1 +i b)A* + (az +i b2)A + (a3 +i b3) =0 (14)

Stability is found out by applying on Eq. (14), the Routh’s criterion, which pre-
scribes simultaneous satisfaction of three conditions as the polynomial is a cubic
with complex coefficients. The general form of conditions is given in Eq. (15). Us-
ing these conditions, the stability limit of the spin speed and the stability limit of
uniform angular acceleration at a stable spin speed are determined.

ap ay a4z . . . ap O
bo by by . . . by, O
0 ap a1 ap . .ap 0
(=1)" 0 bo br bo . b O >0(n=1,2,3) (15)
0O 0 0 a9 a1 a» . ay
0 0 0 by by by . b,

3 Results and Discussion

For presenting the results, a shaft of length 0.25m and diameter 0.025 m, made
of Poly-Vinyl-Chloride (PVC) of density 1,390kg/ m> as shown schematically in
Fig. 3, is considered where a disc of mass 0.5kg is at the mid-span. The ends
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Fig. 4 E and 7 predicted by three and four-element models

are assumed to be supported on rolling element bearings, which are considered
rigid with respect to the PVC shaft and generate simply supported boundary condi-
tions at the ends. Frequency dependent values of storage modulus and loss factor
of PVC are reported by Asnani [2] as well as by Kapur et al. [3] at different
temperatures. From these, and also following Dutt and Toi [16], Roy [13] ex-
tracted both three- and four-element models by using genetic algorithm. Figure
4 shows the quality of fit between the predicted and experimentally obtained
storage modulus and loss factor; the table containing the model parameters are
shown at a temperature of 24°C only. It is obvious that the four-element model
represents the material behaviour more accurately. For the three-element model
ki = 2.231e7N/m?, k, = 4.3239¢7N/m?, and d = 17875 N-sec./m?, whereas
for the four-element model k; = 2.0579¢7N/m?, k, =1.6015¢7 N/m?, d; =
8210.9N-sec./m?, d, =25614 N-sec./m>.

Using these values, stability limit of the spin speed, predicted by the three-
element model is 515rpm and that by the four-element model is 494 rpm. The
stability limit of uniform acceleration level is calculated and plotted in Fig. 5. The
four-element model predicts a higher value of stability limit of angular acceleration
than that predicted by the three-element material model. Difference of predicted
values of stability limits of spin-speed and angular acceleration between the mod-
els results due to the presence of an extra damping element in four-element model,
generating extra stationary as well as rotating damping forces.
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Fig. 5 Limit of angular acceleration predicted by three and four-element models

4 Conclusions

This work proposes an operator based generalized formulation of equations
of motion of a simple viscoelastic rotor-shaft-system, by considering multi-element
(e.g., three-element, four-element) standard viscoelastic solid model to represent
frequency dependent behaviour of rotor-shaft material. Thus the time domain model
enables the analysis of transient as well as steady-state behaviours. It is noted that
higher orders of the model introduce the influence of higher time derivatives of
spin-speed in deciding the dynamics of rotor-shaft system. Stability limit of steady
angular acceleration predicted for a PVC rotor-shaft-system by using a four-element
material model shows lower values compared to that predicted by three-element
model. Effect of temperature should be taken in the analysis in general. Experimen-
tal verification is necessary for confirmation of these results.
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Rotor Dynamic Analysis Using ANSYS

M. Santhosh Kumar

Abstract The computer based codes for rotor dynamics evolved from tabular
method, transfer matrix method and to finite element method. Recent trends in ro-
tor dynamics analysis indicate a shift from beam to solid and shell models, which
enable the classical finite element approach to be used in the design process. The
application of the finite element method is a useful and important tool when the
classic theory is difficult to use or apply.

The ANSYS finite element programs are used extensively in many disciplines
of engineering to solve variety of problems. Over the years, ANSYS mechanical
program’s dynamics capabilities have evolved according to the emerging analysis
needs, maturity of analysis methods and increasing computing power. The pro-
gram’s rotor dynamic analysis technology has developed at a rapid pace to meet
the requirements of Industry. This paper is devoted to discuss the various features
available in ANSYS mechanical program to study the dynamic characteristics of
rotors and their supporting systems.

Keywords FEM - ANSYS - Critical speed - Campbell diagram - Stability

1 Introduction

Until recently, the industry specific rotor dynamic codes in the common practice are
based on one dimensional model, historically referred to as a “Jeffcott” or “Laval”
model, consisting of beam-mass—spring elements for lateral and torsional vibration
based on transfer matrix method, tabular methods and finite element method. Grad-
ually, the one dimensional rotor models came closer to the practical needs of early
rotordynamicsts; but, not close enough. The distinction between disk and shaft and
coupled behaviors are blurred in the typical applications like aircraft gas turbine.
A more general modeling technique was needed.

M.S. Kumar
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ANSYS mechanical program allows the mass, spring, beam, shell and the solid
elements to model complex system for analysis of stress, free and forced vibra-
tion. The tendency of a rotor systems angular momentum to couple with rotations
about the rotor axis is called the “gyroscopic effect” and causes the natural fre-
quency to vary with rotor speed. The rotation effect makes formulation and solution
of the system equation different from classical vibration problems. Though ANSYS
code contains the basic FEA tools to carry out various investigations of rotor dy-
namics from the earlier days, there were no routines grouped specifically for rotor
dynamic evaluations. From ANSYS Version 10, special routines are being devel-
oped for modeling, solving and interpretation of result of rotor systems to address
the specific requirements of rotor dynamic industry. The various modeling solution
and post processing features relevant to rotor dynamics that are available in ANSYS
[1] are briefly summarized in this paper.

2 Theoretical Background

Common procedures for analyzing rotating structures in stationary reference frame
are limited to structures which are axisymmetric about the axis of rotation. The
stationary reference frame leads to the gyroscopic matrix added to the damping
matrix. Rotating structures which are not axisymmetric about the axis of rotation
or where the off-axis flexibility is important, or where the inertia or stiffness is
not axisymmetric, are most easily formulated in a rotating reference frame. The
rotating reference frame leads to the coriolis matrix added to the damping matrix
as well as the modification of the apparent stiffness of the structure also known as
spin-softening effect. The results in rotating reference frame are different from the
result in stationary reference frame. For example, in the rotating reference frame
the bending frequencies are offset by rotational velocity. The rotating and stationary
reference frame approaches have their benefits and limitations. Table 1 below can
be used to choose the best option for different applications [1].

2.1 The Fundamental Equations

The dynamic behavior of a rotor system is described by the discrete differential
equation in the stationary frame of reference.

[M] it} + ([C]+ [Coy]) (i} + [KNu} = {F} (D
where [M ] is mass matrix, [K] is stiffness matrix, [C] is damping matrix, and [C,y,]

is gyroscopic matrix. ANSYS derives the gyroscopic matrix [C,,,], starting from the
kinetic energy expression [1,2]:
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Table 1 Reference frame considerations

155

Stationary reference frame

Rotating reference frame

Structure must be axisymmetric about the spin
axis. The stationary structure and supports
(such as bearings) need not be
axisymmetric.

Rotating structure can be part of a stationary
structure in an analysis model (such as a
rotor-stator assembly).

Supports more than one rotating structure
spinning at different rotational speeds about
different axes of rotation (such as a
multi-spool rotor).

Not applicable to static analysis

Supported elements: BEAM4, PIPE16,
MASS21, SHELL63, BEAM188,
SHELL181, BEAM189, SOLID45,
SOLID9YS, SOLID185, SOLID186,
SOLID187, SOLID272, SOLID273,
SHELL281, PIPE288, and PIPE289

Structure need not be axisymmetric about the
spin axis. Supports need to be symmetric.

Rotating structure must be the only part of an
analysis model (such as a gas turbine engine
rotor alone).

Supports only a single rotating structure.

Applicable to static analysis

Supported elements: MASS21, SHELL181,
PLANE182,PLANE183,SOLID185,
SOLID186, SOLID187, BEAM188,
BEAM189, SOLSH190, SHELL281,
PIPE288, PIPE289, PLANE223,
SOLID226, and SOLID227.

T
. 1 (a m 0 )
EKl:_ y y
e 2%’;‘1} [Om]%’;‘z}—i_

T
0 I; O 6 ..
M} [o u”e’ﬁ}‘wﬂp%

2

where m is mass, I, is polar moment of inertia, /; is diametral moment of inertia,
i, is spinning velocity about X axis, 8y and 0z are angular displacements about

Y and Z axes respectively.

The first two terms contribute to the mass matrix of the element and the last term
gives the gyroscopic matrix. For new generation elements such as SOLID185 and
SHELL181 elements, the expression of the kinetic energy is:

Gki
E ’=—a)x/
v

X () +6.) dm 3)

The governing equation of motion in rotating frame of reference is:

(M] {iir} + ([C]+ [Coor]) {itr} + ([K] = [Kc]) {ur} = {F} (4)

Coriolis force in rotating reference frame generates the damping matrix of the ele-

ment as a skew symmetric matrix [1, 3],

(Coo] =2 / INTT (0] [N] x p.dv )

where [N] is shape function matrix, [w] is skew symmetric rotational matrix, and
[K.] is global stiffness due to centrifugal force (Spin softening).
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If internal damping is present in the rotating structure (proportional damping for
example) or if there is localized viscous damping (as in a damper), damping forces
in the rotating reference frame may be expressed as:

{Fa} = [C] {7} (6)
The damping force in stationary reference frame is expressed as
{Fa} = [R]T [C] [R] {7} + [R]" [C] [R] [0]" {r} @)

where {F(’j} and {F,} are damping forces in the rotating and stationary reference
frame; {r'} and {r} are the displacement vectors in the rotating and stationary refer-
ence frames; [C] is the damping matrix; [R] is the transformation matrix. The second
term in above equation represents the effect of rotating damping. It will modify the
apparent stiffness of the structure. The resulting matrix will be non-symmetric.

2.2 Supported Element Types

The computation of the gyroscopic matrix for a simple beam and mass elements was
done in ANSYS many years ago. In recent versions of ANSYS, a routine has been
developed to compute gyroscopic/coriolis matrix and add to the damping matrix
for finite elements of different dimensionality as listed in Table 1. Also, the effects
of rotary inertia, shear deformation, axial load, and internal damping have been
included.

2.3 Modeling Bearings and Seals

Bearings are designed to support and to transfer pure radial loads, pure thrust loads,
or a combination of the two between two parts — one rotating relative to the other.
Seals are used to protect bearings from dirt and foreign matters and retain lubricants.

Bearings are not infinitely stiff, the friction and lubricant in them introduce
damping. So, one can visualize rotor system rotating on a set of springs, and of-
ten springs that have stiffness that varies with speed and direction. The same is
applicable for damping. Irrespective of the type of bearing, for rotor dynamic anal-
ysis purpose, all bearings need to be characterized (dynamically) by their stiffness
and damping properties. Bearing coefficients can be determined from experimental
data or from analytical formulae and numerical calculations or special purpose bear-
ing performance programs. Support systems which are not well-described by these
coefficients, such as magnetic bearings, are approximated.

When considering lateral vibrations in (XY) plane only, the axial coordinate
can be disregarded and the position of the shaft centre at the bearing location
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should be described by lateral displacements and possible rotations only. The linear
constitutive equation for the bearing can be given now by a 4 x 4 stiffness matrix
and a 4 x 4 damping matrix.

& e lsbel -t o
Cryx Cryy ity Kyryx Kpyy iy Fy
Here C is damping coefficient and K ¢ stiffness coefficient.

Traditionally bearings are represented in ANSYS either by multiple COMBIN
14 elements or by a single MATRIX 27 element. But with the recent inclusion
of COMBIN 214 element, radial stiffness and damping in vertical, horizontal
planes and cross coupled terms can be specified by a single element. These
bearing stiffness and damping coefficients can also be a function of rotor speed
Cf = Cf(a)), Kf = Kf(a))

3 Free Vibration (Modal) Analysis

When components are spinning, the gyroscopic/coriolis terms introduce additional
forces to the system, causing natural frequencies to split and shift up and down.
These natural frequencies must be determined to predict the critical speeds where
high response amplitude is expected. Running several modal analyses shows how
speed affects frequency from zero rpm up to the maximum rotational velocity of the
system.

Because of the inclusion of gyroscopic/coriolis matrix, the regular eigen solvers
like Subspace, Block Lanczos cannot be employed. DAMP and QRDAMP complex
eigen solvers available in ANSYS can be used to extract the complex eigenvalues of
the rotor systems. If the damping is added to the equation of motion of free vibration

[M] ity + [C] {i} + [K] {u} =0 )
the behavior is expressed by complex eigenvalues and eigenvectors
{ui} = {o; £y, je i+ (10)

In the complex conjugate pair of eigen values (0; = w; j ), the real part o; represents
the stability of the system and the imaginary part w; represents the steady-state
circular frequency of the system.

The e%" represents the time decay, if o; is negative, this indicates that the dis-
placement amplitude will decay exponentially which denotes a stable system. On
other hand if o; is positive, this indicates unbounded exponential growth in ampli-
tude and leads to an unstable system.

The complex mode enables one to make clear definition of the forward whirl and
the backward whirl. The whirl direction of the modes is calculated from the complex
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eigenvectors. The real and imaginary parts of the displacement in two perpendicular
directions normal to the axis of the rotor are collected into two vectors for each
node i,

Re Im
1,i 1,i

(uniy = 1 R Lo funih = gim 1 (1
0 0

The whirl direction is found from the direction of the cross product.

W3 = {ua} x{uz} (12)

The direction of vector {W} is compared with the direction of applied rotational
velocity, if the resulting vector sign is positive then ANSYS marks the mode as
forward whirl and if negative the whirl is backward.

In a modal analysis with multiple load steps corresponding to different ro-
tor speeds, ANSYS sorts the results by automatically applying a mode tracking
algorithm to generate the Campbell diagram. Critical speeds are determined as in-
tersection points between frequency curves and excitation line.

Numerical example 1: A Nelson-Vaugh rotor [2] shown in Fig. 1 was modelled
using Beam 188 elements as well general axisymmetric SOLID 272 element with
three Fourier terms. The comparison between reference results and ANSYS results
are shown in Table 2 and Fig. 1 shows a Campbell diagram of the same model
generated from ANSYS.

I— Excitation order

EVV\\I’ :::g::— Stability indicator

FW |stable 2100

Beam model
BW/(stable
BW|stable[1680 _
o

FW |stable|1260 \%\_‘
[—
[ —
840}— N

c

S Frequency|[Hz] L. |

5 420 Critical speeds Axisymmetric model
= 0 (x10**2)

<

& 0 200 0 g0 80 400

Spin velocity [rpm]
CAMPBELL DIAGRAM

Fig. 1 Nelson-Vaugh rotor model
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Table 2 Nelson-Vaugh rotor natural frequency

ANSYS general Ratio
Reference ~ ANSYS beam axisymmetric Ratio beam axisymmetric
results model model model model
Whirl speeds for excitation order (slope) = 4
Mode 1 4,015 4,013.386 3,911.15 1 0.974
Mode 2 4,120.25 4,116.172 4,017.653 0.999 0.975
Mode 3 11,989.25 12,015.44 11,774.622 1.002 0.982
Mode 4 12,200 12,227 11,985.938 1.002 0.982
Mode 5 18,184.25  18,205.28 17, 445.646 1.001 0.959
Mode 6  20,162.25 20, 127.06 19, 651.341 0.998 0.975
POST26
AMPLITUDE
uxTip
uyTi -
uzDick 1.0E-03 1 nodal dia
—. 1.0E-04 49.36 Hz
E 1.0E-05 Q
T 1.0E-06 o
g 1.0E-07 0 nodal dia
& 1.0E-08
& 1.0E-09 Q
[=}
122:1? 2 nodal dia
0 50 100 150 200 250 300 350 400 450 500 0
FREQUENCIES -
3 nodal dia

Cantilevered Disk-Spindle System - Base Excitation

Fig. 2 Disk-spindle frequency response and mode shapes

4 Harmonic Analysis

A harmonic analysis is used to determine the frequency response of a structure to
harmonically time-varying loads, such as unbalance forces, base excitations, those
typically seen in rotating machinery.

Numerical example 2: A cantilevered disk-spindle system is shown in Fig. 2.
The disk is fixed to the spindle with a rigid clamp and is rotating at 0.75 x 50 Hz.
The base excitation is a harmonic acceleration along the negative Y direction, with
a frequency of up to 200Hz. The spindle is modeled using BEAM 188 elements
and the disk is modeled using SHELL 181 elements. The harmonic solution was
carried out using Modal Superposition techniques. The mode shape of the first nodal
diameter mode shows the coupling behavior between disk and shaft. The lateral
displacement amplitudes of spindle tip and axial displacement amplitude of disk are
shown in Fig. 2 below.

Some forces may rotate synchronously (for example, unbalance) or asyn-
chronously with the structure. Rather than specifying the frequency of the excitation
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Fig. 4 (a) Campbell diagram of inner spool. (b) Frequency response plot

force, a ratio between the frequency of excitation and the frequency of the rotational
velocity of the structure is specified via the SYNCHRO command.

Unbalance forces are represented on a complex plane. Unbalance force is split
into real and imaginary parts. The positive real value and negative imaginary value
of unbalance forces are applied along real and imaginary axes of the unbalance plane
respectively, as shown in Fig. 3b.

Numerical example 3: An unbalance study of two-spool rotor shown in Fig. 3a
supported on symmetric bearings was carried out. The inner spool rotates at up to
14,000 rpm and the outer spool rotates 1.5 times faster. The Campbell diagram and
frequency response function are shown in Fig. 4.

5 Transient Analysis

Transient dynamic analysis technique is used to determine the dynamic response of
a rotating structure under the action of any general time-dependent loads.

The direct (full) transient analysis uses the full system matrices to calculate
the transient response and this facilitates the inclusion of nonlinearities such as
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Fig. 5 (a) Unbalance force vs time. (b) Speed ramp-up response

nonlinear force deflection curve for spring elements, gap conditions, and contact
elements. Alternatively the faster modal superposition transient analysis can be used
to calculate response of the time varying excitations of a rotor spinning at a con-
stant speed.

Numerical example 4: Nelson-Vaugh beam element rotor [2] shown in Fig. 1
was simulated in time-transient domain for an unbalance mass of 10 gm at 70 mm
radius, when the rotor speed is ramped from O to 20,000 rpm in 1 sec. The unbal-
ance response of the rotor during speed ramp is shown in Fig. 5b. One can see the
magnification of lateral response near the first critical speed.

The rotor speed at different time points is used to compute imbalance forces for
transient analysis. The time varying unbalance forces are computed as shown in
Fig. 5a using following relations.

Fe(t) = mr x @® x (—sinwt); Fy(t) = mrx w? x (cos wt) (13)

This requires w to be a known function of time. The proper way to apply an imbal-
ance force when the speed is a variable is to define both the X and ¥ components
of force as a tabular parameter perpendicular to the rotation axis Z.

The orbital response of the rotor stations are plotted by loading the response am-
plitude in two directions of bending and plotting it against each other using/POST26
after the completion of solution. The ANSYS result tracking tool (NLHIST com-
mands) enables monitoring the directional amplitudes and orbit plots online as the
solution progresses as shown in Fig. 6.

6 Conclusion

Nowadays, rotordynamicsts are combining the FEM and solid modeling techniques
to generate simulations that accommodate the coupled behavior of flexible disks,
flexible shafts and flexible support structures into a single multidimensional model.
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Fig. 6 (a) Instantaneous displacement of rotor. (b) Orbital motion of rotor

The ANSYS mechanical program offers comprehensive, easy-to-use rotor
dynamics analysis capabilities and enables solution of large scale, complex models.
The preprocessing, solution/analysis and post processing infrastructure is the com-
mon thread between the components of elements, materials, and equation solvers.
This facilitates a common FEA model for both stress and rotor dynamic analy-
sis. An integrated infrastructure, APDL customization, and the new paradigm of
Workbench Simulation and Design Explorer, work together to provide tremendous
simulation capabilities for rotor dynamics.
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Vibration of Rotating Bladed Discs: Mistuning,
Coriolis, and Robust Design

D.J. Ewins and Y.J. Chan

Abstract Studies of the consequences of mistuning on bladed disc vibration levels
have been undertaken for over 40 years and yet mistuning is still an unresolved
problem for turbomachinery designers. Why is this? How have we failed to solve
this problem? And what can we do now? This paper proposes a different approach
which seeks to manage, rather than solve, the blade mistuning problem.

Keywords Bladed discs - Mistuning - Resonance

1 Definition of the Problem

First, we must define the Mistuned Blades problem. The essential cause of the prob-
lem is that when a bladed disc is constructed, the actual dimensions and material
properties of the set of nominally-identical blades will exhibit small variations from
one blade to the next. Normally, structures are expected to be robust to such in-
evitable manufacturing variations but the bladed disc is an exception — indeed, an
extreme exception — and the consequences of these variations, referred to as “blade
mistuning”, can be a disproportionally large variations in resonant response levels
from one blade to the next. A scatter of individual blade properties, such as mass, of
the order of 2-3% can routinely lead to scatter in the resonance response peak lev-
els of 200-300%, with the highest of these being much greater than the level which
would apply to all blades if they were perfectly tuned (all identical to each other) -
see Fig. 1.
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Fig. 1 (a) Forced response plots of individual blades on mistuned assembly. (b) Resonance peak
amplitudes from mistuned blade set as function of individual blade mistune state

This means that normal manufacturing tolerances that are perfectly normal, and
which are harmless in other contexts, can lead to wide variations in fatigue life un-
der prolonged vibration. In contrast, when considering the other major vibration
problem in turbomachine blades — that of the instabilities referred to as “flutter” —
it is known that mistuning generally has a beneficial effect by raising the speed at
which flutter of a bladed assembly will be initiated, thereby delaying the onset of
this often destructive type of vibration. However, modern design methods are gen-
erally effective at avoiding flutter, while forced response is an inescapable feature
of a running engine and cannot be avoided completely, so that designs must antici-
pate the vibration response levels that will be experienced in normal operation and
design fatigue lives accordingly. Hence, the main concern with blade mistuning is
the forced vibration response issue.

2 The Practical Problem

It is known that scatter (or “uncertainty”) in blade properties leads directly to a
scatter (or “variability”) in the resonance forced response levels and the essential
practical problem is to establish the quantitative scale of the effect and to design
accordingly. The effect can be displayed graphically in plots such as that in Fig. 2a
and we can superimpose this type of result for different tolerance ranges, such as in
Fig. 2b. Specifically, the question is for a given scatter (pdf) of the blade properties,
what will be the consequent scatter (again, as a pdf) of the resonance peak response
levels of that population of blades, and this information is shown in Fig. 2c for
the data shown previously in Fig. 2b. The input pdf will be bounded because of
the selection/culling procedures that are applied at manufacture and/or assembly.
Hence, it is supposed that the output pdf will also be bounded: thus, that there will
exist a maximum value that the amplification factor can attain, and this maximum
is marked on the pdf plots. We need to know that value, and the probability of
encountering it and values close to it that represent the likely worst case in service
to be designed against.
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What the design engineer needs is, in essence: for a given distribution (pdf) of
individual blade properties:

a. The value of the maximum response level that any blade in that population might
attain, and — because that is a very rare occurrence.

b. A measure of the distribution of individual blade response levels (pdf) in order
to assess the probability of the worst case being attained, and of all the higher
response levels, so that a proper probabilistic design analysis can be made.

It turns out that these analyses are not simple to make, and past research has tended
to seek a solution to the problem whereby the worst consequences of mistuning
might somehow be avoided, or suppressed, rather than what is now proposed, to seek
a strategy to manage it. In the event, no-one has succeeded in solving the problem
and virtually all the 400 or so papers over the past 40 years have served only to
reinforce the complexity and intractability of the problem, and the futility of seeking
a magic cure — at least, so far!
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3 Brief Review of Major Features from Previous Studies

Studies using the classical lumped parameter model shown in Fig. 3, and based on
Dye and Henry [1], display all the essential features of mistuning: small variations
in individual blade properties leading to large variations in resonance peak response
amplitudes. Results with these simple models are qualitatively the same as those
using more accurate physically representative models (with many more DOFs), al-
though the latter may be used to determine specific quantitative data for specific
designs. Various features found are summarized in the following paragraphs.

The basic modal structure for a bladed disc consists mostly of a set of double
modes (pairs of modes with the same cyclic order/nodal diameter orthogonal to
each other). When tuned, both modes of a pair have identical natural frequencies;
when mistuned, the modes split into a pair with close natural frequencies (where the
frequency split is of the same order as the mistune level). The characteristics of a
double mode pair with increased mistune level reveal an underlying characteristic
of an Amplification Factor, R, which increases from 1.0 (at the tuned state where
scatter is zero) up to a maximum of about 1.28, and then falls towards 1.1 as the
mistune increases even further. For more complex situations, where there are many
(more than 2) modes contributing to the response, the actual extent of the mistuning
effect varies from case to case but the trend is similar: as the magnitude of mis-
tune scatter is increased from zero, the amplification factor increases steadily until
reaching a peak or a plateau and the leveling off and often falling back (Fig. 4). The
highest value, or peak, is generally much greater than 1.3 and has a strong depen-
dence on blade number as well as other less tangible features such as strength of
inter blade coupling.

For cases with smaller inter-blade coupling (typical for higher numbers of nodal
diameters, or for systems with stiffer discs) the double mode tuned system natural
frequencies tend to be closer together so that when they split because of mistuning,
they quickly interact with each other, the mistuning causing a more dramatic pertur-
bation on their frequencies and both the mode shapes and the force response plots
are highly complex. In these cases, the modes quickly degenerate to become highly
localised shapes and — in the limit with zero coupling (an infinitely stiff disc) — each
mode shape involves just one blade at a time, with almost no amplification of re-
sponse. It is in the highly complex regions between strong and zero coupling where

AX; 4 AX AXiyq
k m;_4 k m; K M1
M M M
NV AVAVAYAY AVAYAYAY,
K K K

Ke 777757 Ka 75777 Ka 777757

Fig. 3 Original lumped parameter bladed disc model (still) used for mistuning studies
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the most severe consequences of mistuning occur, leading to amplification factors
which are clearly a function of blade number, and for which Whitehead’s formula
[2] is a useful first guide of the potential severity of mistuning. In this region where
the effects are at their most acute and most complex, the only effective way to de-
scribe the magnitude of the mistuning effect is by a Monte Carlo-type of numerical
exercise where literally hundreds of randomly-selected blade sets are analyzed nu-

merically and the results superimposed on plots such as those shown in Fig. 2.

One example for a single randomly-selected set of blades which have been re-
arranged into different patterns (but always using the same 36 blades), is shown
in Fig. 5. This result gives a strikingly similar scatter to those results obtained
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from hundreds of different sets drawn from the overall population and shows that
the specific arrangement of mistuned blades plays a major role in the consequences
for forced response levels.

In general, it is observed that the mean level for all blades in a set drops by about
25-30% as compared with the reference (tuned system) level so that, on average,
mistuning is good, overall. However, this is not true for the worst blade, and that is
the only one that really matters.

Most studies find that mistuning is worse than the equivalent tuned system, in
that some blades will always exhibit higher response levels than would occur in a
tuned assembly subjected to the same excitation conditions. However, some pub-
lished results show an overall improvement — i.e., all blades lower than the tuned
system reference level [3]. If this were a general result it would be extremely useful
and a solution to the blade mistune problem but it does not seem to have yet had
that impact. In many cases, the comparison between tuned and mistuned conditions
can be distorted if the damping is also varied from one blade to the next. This is
because damping directly affects the absolute response levels of the tuned system
and so comparisons between tuned and mistuned must be precise about what level
of damping is used for the tuned system reference case.

4 Some Recent Developments

In this section, we review briefly some of the developments in recent years which
have served to make our models and analysis of mistuned systems more accurate
and more realistic. However, they have not generally provided a solution to the
mistuning problem, just a more precise means of calculating how severe it is.

4.1 Coriolis Effects [4,5]

Quite recently, it has been discovered that Coriolis effects which had previously
been assumed to be second- or third-order, and therefore insignificant in practical
terms, can in fact be first-order effects in the context of mistuned bladed assemblies.
In simple terms, it was shown, both theoretically and by experimental validation,
that in certain designs of bladed disc, Coriolis effects can result in a split in the
“identical” natural frequencies which make up one double mode of a tuned system —
even in the presence of zero mistune. It also turns out that the frequency splitting
effect due to Coriolis, which is necessarily strongly speed-dependent, can be of the
same order of magnitude as that which is brought about on the same system by
realistic levels of blade mistune (see Fig. 6 for illustration). The implications of
this discovery are that many previously-made calculations of mistuning effects for
specific cases will be in error because of the omission of the Coriolis terms. Studies
in recent research [4] show that while the inclusion of Coriolis terms in typical
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cases does not significantly alter the bounds of the mistuning effect, it does change
the specific vibration levels of individual blades and would therefore have a primary
influence on attempts which might be made to compare prediction and measurement
in specific cases. Such experimental data are very rare, and often inconclusive, and
this effect may provide an explanation for the dearth of experimental evidence to
support the many theoretical studies which have been undertaken and which are
awaiting convincing validation from real measured data.

4.2 Combined Aero/Structural Effects [6-8]

Many bladed disc studies focus either on structural dynamic aspects (for mistun-
ing due blade to blade differences, added damping devices, etc.) or on aerodynamic
effects, especially for flutter, but few have included both effects simultaneously.
Recently, however, there have been some mistuning studies which combine both
features in the same model and while these have provided a more realistic represen-
tation of real systems, the results have been somewhat more complex to interpret.
The main reason for this complication is that when considering aerodynamic mis-
tuning — i.e., variations from blade to blade in the aerodynamics of the relevant
working fluid passages — this involves a blade to blade variation in the damping
as well as the inertia and/or stiffness effects. For the reason explained above, this
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introduces complications in the traditional way of comparing tuned and mistuned
systems, because it depends which of the various damping levels is used as the refer-
ence case in the tuned system. Nevertheless, these combined aero-structural models
must become more widely used as they are closer descriptions of real systems.

4.3 Intentional Mistuning [3, 9]

Ever since mistuning appeared on the scene, and its adverse consequences appreci-
ated, researchers have sought to find a “hair of the dog” type of antidote to it. By
that we mean that ways are sought to use controlled, or intentional, mistuning in
order to contain the problem within restricted bounds. The basic concept is simple:
it is known from the many mistuning studies that some mistune patterns are much
less aggressive in the amplification factors than are others from the same population.
Indeed, as Fig. 4 shows, some arrangements of a single set of blades can have signif-
icantly lower amplification factors than slightly different patterns formed from the
same set of blades. These observations lead to the conclusion that there are clearly
advantageous ways to install a given set of blades, and disadvantageous ways of
doing so. Perhaps, if we can master this phenomenon, we might be able to avoid the
worst mistuning conditions without going to the expense of manufacturing blades
to much tighter tolerances. However, there are three obstacles to this approach. The
first is that the inverse problem has not been solved and the only known way to deter-
mine the optimum arrangement of a given set of blades is to compute all the possible
combinations and find it empirically. Alternatively, we can follow an optimization
procedure for 30 or 40 iterations and gain a significant advantage at a minimal cost.
Second, it is necessary to ensure that any proposed distribution pattern is robust
and that the advantage gained by its use is not immediately lost as individual blade
properties change slightly with time and wear. The third drawback is again cost —
the cost involved in measuring and identifying every single blade, and ensuring that
it or its replacement at maintenance is of the correct tune, is probably prohibitive.
Thus, we are left looking at intentional mistuning of the type where there might be,
for example, two “standard” blade sets — one set with a high mean, the other with
a low mean — and an associated build procedure which takes alternate high and low
blades.

4.4 Determination of Specific Mistune Pattern from Bladed Disc
Modes [10-12]

As interest in controlled mistuning grows, and with the widespread use of blisks, the
prospect of attaining a specific mistune pattern on a bladed disc, and of maintaining
that throughout a significant operating life, become both realistic and potentially at-
tractive. For example, if it can be established that a given blisk has a mistune pattern
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that means it sits well below the worst case for that design, then it is known that this
unit is very unlikely to fall victim to a mistuning problem in service. Because the
blades are integral with the disc, the usual uncertainties and variabilities that come
with repeated loosening and tightening of the blade root/disc interface are absent
and the only reason for the mistune state at build becoming different is through ero-
sion or wear of the blade surface, and that is likely to be a slow process. Thus it
may be of interest to establish the exact mistune pattern at installation and, possibly,
to compute the specific mistune state of that unit (see Sect. 5 below). Of relevance
here are the recently-developed methods for determining the individual blade mis-
tune values from the blades on a blisk directly from measurement of the bladed disk
assembly modes, which can be obtained from a modal test either at rest, or under
rotation (see previous section).

S A New Mistuning Strategy (NMS)

At this stage, it is appropriate to outline the proposal to manage rather than to
solve the mistuning problem, and the current research project underway at Imperial
College London. The NMS advocates a three-step anti-mistuning procedure at the
design stage and a supplementary condition monitoring stage for blisks at produc-
tion and during the operating life of these components. The essential features of
this strategy, which is based on the premise that mistuning cannot be avoided, or
eliminated, but can be effectively controlled by appropriate design, are as follows.

5.1 Stepl1

For each case where mistuning effects could be a problem, either the upper bound
response level or an upper limit with acceptable risk (such as the 99.9% probability
response level) is calculated. Although the difference between the two values may
be small, a 4% reduction in dynamic stress can lead to a doubled fatigue life in some
superalloys [13].

Because traditional Monte Carlo-based simulations cannot provide reliable esti-
mates for either parameter, optimization and importance sampling are introduced to
find the upper bound and 99.9% probability response level respectively. Better than
95% confidence intervals of 99.9% (and even 99.99%) probability response levels
can be found by importance sampling with a fraction of computational resources as
compared with Monte Carlo simulations (Fig. 7).

5.2 Step 2

If necessary, seek to reduce the predicted 99.9% peak stress to the design required
level by application of a series of devices, namely — (i) to strengthen the basic blade
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design so as to reduce the tuned system datum response level, (ii) modify the basic
bladed disc design to change the inter-blade coupling and thus the severity of scat-
ter magnification, and/or (iii) to add deliberate damping devices so as to lower the
tuned system datum response level and, possibly, breadth of scatter of responses.
Approach (i) reduces the dynamic stress in bladed discs but a handful of blades still
suffer from much shorter fatigue lives than others.

Approaches (ii) and (iii) can improve the robustness of bladed discs slightly.
However, the reduction of scatter from approach (iii) is generally small compared
with the reduction in the tuned system datum by the increase of higher damping
ratio.

If the approaches suggested above do not lower the potential worst case to an ac-
ceptable level, the mistuning patterns may need to be controlled in one of two ways,
either by imposing tighter tolerances or by applying some form of intentional mis-
tuning. Although these methods lead to much higher manufacturing costs, the upper
bound or the 99% response levels can be controlled effectively. Figure 8 shows that
the tolerances to be assigned depend on the bladed disc design, i.e., interblade cou-
pling and damping: the tolerances are usually less tight if the interblade coupling or
damping ratio is high. Intentional mistuning can also lower the responses of blades
as shown in Fig. 9.

Through these measures, it should be possible to arrive at a design where the
potential worst-case consequences of mistuning arising are taken into account at
the design stage and the probability of encountering them is set at an acceptably
low level.

There is an additional element in this new approach to managing mistuning which
takes advantage of a number of features which are found in blisks.
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5.3 Step 3

For integrally-machined blisks: use recently-developed methods for identifying the
specific mistune pattern on given blisk from measurement of the assembly modes of
that blisk, together with the mathematical model used for its design, to compute the
specific amplification factor for that individual unit and thereby to define its mis-
tune vulnerability factor: e.g., the percent of the worst case response level (from the
statistics of the whole population) which that specific unit will experience. Further-
more, this assessment method can be used to monitor the state of an individual unit
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throughout its service life, and the evolution of its mistune characteristics can be
tracked and the possibility of it moving towards a high-risk state can be identified
and arrested.

6 Concluding Discussion

It is necessary to accept that mistuning is an inevitable non-robust feature of the
bladed disc type of structure. Perhaps it is interesting to explore and explain why,
but it is a feature that cannot be avoided. It is useful to understand the physics well
enough to be able to explain the relative roles of interblade coupling, number of
blades, level of damping, extent of scatter, all of which we can observe by computa-
tion but none of which have yet been explained through understanding the physics.

It should also be noted that the essential problem is deterministic, and not
probabilistic, because the underlying mechanism that causes mistuning is an acute
sensitivity of the forced response of the bladed disc structure to small perturbations
in its properties. We need to seek a deterministic formulation of that sensitivity and
how to reduce it.

For now, we must seek practical solutions by minimizing the sensitivity (even if
only by trial and error), by adding more damping, and by seeking practical con-
trolled mistune patterns, being very careful in this latter endeavor to ensure the
robustness of the proposed solution (The “perfect” solution is to make all the blades
identical: however, this is notoriously non-robust because slight wear causes a rapid
deterioration of the mistuning problem).
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Modeling Geometric Mistuning of a Bladed
Rotor: Modified Modal Domain Analysis

Alok Sinha and Yasharth Bhartiya

Abstract Modified Modal Domain Analysis (MMDA) is a novel method for the
development of a reduced-order model of a bladed rotor with geometric mistuning.
This method utilizes proper orthogonal decomposition of Coordinate Measurement
Machine (CMM) data on blades’ geometries, and sector analyses using ANSYS
and solid modeling. In this paper, the algorithm to compute reduced-order mass and
stiffness matrices from ANSYS sector analyses are provided and numerical results
dealing with variations in natural frequencies and forced response are presented for
different patterns of geometric mistuning.

Keywords MMDA - Geometric mistuning - Sector Analysis - Reduced order model

1 Introduction

Blade profiles of an integrally bladed rotor are manufactured by milling machines
[1]. During this milling process, there are blade-to-blade variations in geometries of
blades, which are known as geometric mistuning. These variations in blades’ geom-
etry cause simultaneous and dependent perturbations in mass and stiffness matrices
of each blade [2]. In addition, blade-to-blade geometric variations are random in
nature. It is extremely important to accurately model the effects of geometric mis-
tuning at the design stage so that the impact of geometric mistuning on the flutter
and forced response can be reliably estimated. The key to this goal is to develop an
accurate reduced-order model as sector analysis cannot be performed for a mistuned
bladed rotor. In this age of advanced computing, it is quite possible to model the full
bladed rotor in ANSYS or NASTRAN. However, because of the stochastic nature of
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the problem, one must conduct Monte Carlo simulations to determine the statistics
of response. The cost of conducting Monte Carlo simulations with finite-element
models of full rotors will be prohibitive.

For the last 15 years, there has been a significant progress [3, 4] in the devel-
opment of a reduced order model of a mistuned bladed disk. But, none of these
techniques is able to generate a reduced-order model of a bladed rotor with geomet-
ric mistuning. The author of this paper has developed a breakthrough method [2],
Modified Modal Domain Analysis (MMDA), to develop the reduced-order model
in the presence of geometric mistuning. This method only requires sector analy-
ses of certain tuned bladed disks, which are easily accomplished in ANSYS or
NASTRAN. Furthermore, variations in geometry are characterized by the proper
orthogonal decompositions (POD) of blades’ profiles which are measured by a coor-
dinate measurement machine (CMM). The validity of this technique has been shown
for an academic rotor by comparison with results from the full rotor analysis. How-
ever, the algorithm to compute the reduced-order mass and stiffness matrices from
sector analyses was not provided in the previous paper [2].

In this paper, the algorithm to compute the reduced-order mass and stiffness
matrices from sector analyses is provided. Further, it is shown how a MMDA model
developed on the basis of blades with specified geometry can be very easily used to
perform Monte Carlo simulations of all the arrangements of blades without requir-
ing any new finite element analysis. Numerical results from these simulations are
presented.

2 Modified Modal Domain Analysis (MMDA)

A mistuned bladed-disk assembly or a bladed rotor can be described by

where M; and K; are mass and stiffness matrices of the perfectly tuned bladed
rotor with each blade having the average geometry, respectively. Matrices §M and
8K are deviations in mass and stiffness matrices due to mistuning. Let

x =y 2)

where
o = [CI)I sz e can+1] (3)

@, : r tuned modes of the system with blades having the mean geometry.
@, : r tuned modes of the system with blades having perturbed geometry along
(£ — 1)th POD feature, £ = 2,...., np + 1.
Substituting (2) into (1), and pre-multiplying by ®, the reduced-order model is
obtained as follows:
M,§ + Ky =0 @)
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where
K, = oK, ® + 5K D (5)
M, = M, + HsMD (6)
To obtain reduced-order mass and stiffness matrices, ®7 K, ®;, & M,d;,
PHSK,®; and @M, ®; are to be calculated for i = 1,2,...., np + 1, and
j =i, i+ 1, ..., np + 1. Here, only algorithms to compute dDiHMthj and

®H§M, ®; are presented. The procedures to compute 7 K, ; and ®HK,d;
are similar.

2.1 Computation of ® lH M, ®; via ANSYS Sector Analyses

Describe the tuned mass matrix of the full rotor as follows:

Mg M2+ Mg
Mo Mipo - Mo,

M, = (N

Mt,n,l Mt,n,2 -« Mi,n,n

It should be remembered that M; will be a circulant matrix; i.e., the second block
row will be obtained by shifting the first block row by one location, the third block
row will be obtained by shifting the second block row by one location, and so on.
Let ¢; ;¢ represent nodal displacements associated with the tuned mode for POD
feature# i, sector j and the interblade phase angle = 2y{/n. Note that

Gijp =Yg =1 (8)
2np
Vp = o 9)

The (£ + 1, p + 1) element of d>lH M; ®; is as follows:

H H H
i aMGPite + @i iMp@i2e Qi i MipPinp
- (W H H
= (1 + et WomV0 4.y =)W W)) @i,l,eMsz‘Pj,l,p = X‘/’i,l,eMti)‘/’j,l,p

(10)
where
ME =M1+ eV Mo+ + eV M, (11a)
1 _etn(wp_"/’g)
(11b)

A= A o0
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Let yg and yj be real and imaginary parts of y, respectively. With M,C;e and M,jf
being real and imaginary parts of M,

Mg = MPR + M (12)
where
MR = (XRM&R - XIMthI) and Mype" = (XIMthR + XRMthI) (13)

Let
Qi =R, ol (14)

From Eq. (10), the (£ 4+ 1, p 4 1) element of CIJZ.H M; ®; is expressed as follows:
H H
X0 eMp®ine = 01 M0
, , MmeR _ prmel (pR
= [(pl'l,el,i 901{1,@] [Mtretcl MrrtliR :| |: JI,l,p
tp tp LIAW

, , MmeR _ prmel (PR
4 I:_(pf (p_R ] tp tp iLp (15)
i,1,0 7i,1,¢4 Mtrzwl er’gcR (p_/l',l,p

From Eq. (13),
R 1 R 1 1 R
e e | = ar e, TN || e M| ae)
Mt Me Mg Mg, Mg —Mg,
2.2 Computation of ® IH SM, ®; via ANSYS Sector Analyses

The perturbation in the mass matrix, §M , has the block diagonal form. Therefore,

n

PHsMD; = Z@,.HSM;’@,- (17)
(=1
where
0 -- 0 ---0
SME =10 ---6My--- 0 (18)
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The (v + 1, p + 1) element of &7 M} ®; in Eq. (17) is as follows:

—¥y ’ ’ My, —6My (PR
<Pl{{1,v5M£3LZ(W ¥ )<Pj,1,p = [(pl,lfl’v (pil,l,v:l |: c s] |: AN

8Mys SMyc || 97y,
, s 1[8Mee =My, | @R
—o! R Le Ls LLe | (19
+t[ Piaw (pz,l,V] [SM“ My, } [%I_J,J( )

where

8Mye = My cos(E(yp — ) and SMgs = SMsin(€(yp — ) (20a,b)

2.3 Connection with ANSYS Sector Analysis

The ANSYS code only works with real numbers [5]. It constructs two identical
sectors, one for real part and another for imaginary part of the displacement. As
a result, only one interblade phase angle for a repeated eigenvalue is considered.
Further, the mass and stiffness matrices for a double sector are as follows:

R I R I
Mti’, _M’jg and Kfcp, _Kljg @21
Mg Mg Ki, Ki,

Therefore, Mt‘/')R, M,"p’ in Eq. (16) can be obtained directly from ANSYS mass
matrices. Furthermore, eigenvectors of the double sector have exactly the form

[(pl.R; ((pl.l/l (] and [—cpl.l/l e‘PiR; e] which appear in Egs. (15) and (19).

3 Numerical Results

The bladed disk considered by Sinha [2] is again used. The number of blades is 24,
and the mistuning pattern#1 [2] representing changes in uniform blades’ thicknesses
is studied. The factors A for blade thickness changes are provided in Table 1 where
the blade thickness = (14 A)bg and by is the thickness of the tuned blade. In Eq. (3),
np = 1.

Sector analysis is performed with each blade thickness, and mass and stiffness
matrices are stored. Subtracting mass and stiffness matrices of a sector having blade
with the average thickness, K; and M; (j = 1,2,..., 24)in Eq. (18), are obtained
for the implementation of MMDA.

With blade thicknesses represented in Table 1, 1,000 random permutations of the
mistuning pattern are created. Using MMDA, all of these mistuned bladed disks are
analyzed without needing any new finite element analysis. Using Eq. (19), Eq. (17)
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Table 1 Factors A for original pattern of blade thicknesses (geometric mistuning)
Blade 1 Blade 2 Blade 3 Blade 4 Blade 5 Blade 6 Blade 7 Blade 8

0.0051 0.0263 —0.0467 —0.0184 —0.0105 —0.0485 —0.0528 0.0372
Blade 9 Blade 10 Blade 11  Blade 12 Blade 13  Blade 14 Blade 15 Blade 16
0.0 —0.0258  0.0322 0.0093 —0.0396  0.05 0.0116 0.0492
Blade 17 Blade 18 Blade 19 Blade 20 Blade21 Blade22 Blade23  Blade 24
0.0455 —0.0274 —0.0517 —0.0029 —0.0132 —0.0337 0.0199 0.0395

Table 2 Factors A for a random permutation of original blade thicknesses
Blade 1 Blade 2 Blade 3 Blade 4 Blade 5 Blade 6 Blade 7 Blade 8

0.0492 —0.0029 —0.0517 —0.0258 0.0116 —0.0105 —0.0274  0.0051
Blade 9 Blade 10 Blade 11  Blade 12 Blade 13 Blade 14 Blade 15 Blade 16
—.0528 —0.0467 —0.0184 0.0199 0.0455 0.0372 0.0395 0.0263
Blade 17 Blade 18 Blade 19 Blade 20 Blade21 Blade22 Blade23 Blade 24
0.0322 0 —0.0132 —0.0337 —0.0485 —0.0396 0.0093 0.05
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Fig. 1 MMDA results for a random permutation of original blade thicknesses

is viewed as ¢} §Myg¥, | being multiplied with a weighing factor e tWo=vv)
and then added. Therefore, qol-I:I,’VSM g(pf 1p is calculated only once for each sector
and then used for all permutations of the mistuning pattern. Note that the weighing
factors e/¢(o=¥v) change for different permutations. The validity of the MMDA
based analysis is shown by comparison of MMDA results with full rotor results for
one of the random permutations of original blade thicknesses (Table 2 and Fig. 1).
In Fig. 1, the first 24 frequencies represent the family of first bending modes of
vibration of blades. The variations in these frequencies are shown in Fig. 2 for dif-
ferent permutations of blade thicknesses. It should be noted that the nodal diameter
on the abscissa of the plot refers to the perfectly tuned system only. The histogram
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Fig. 3 Distributions of natural frequencies for nodal diameter = 9 (NOC = number of occur-

rences)

of variations in frequencies near the frequency of a perfectly tuned system with
nodal diameter = 9 is shown in Fig. 3. The standard deviation of these frequen-
cies is 0.0023. The histogram of the amplitude magnification with respect to tuned
amplitude is shown in Fig. 4 when the nine nodal diameter forcing function is
applied with the modal damping = 0.001. The standard deviation of these ampli-
tudes is 0.0749.
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4 Conclusions

The algorithm for MMDA has been presented. In particular, it is shown how data
(mass matrices, stiffness matrices and modal vectors) from sector analyses can be
used to efficiently implement MMDA. Numerical results are provided to support the
fact that MMDA can be easily used to analyze the mistuned bladed disk obtained
after random permutations of the original mistuning pattern. For nine nodal diam-
eter excitation, the maximum amplitude amplification is about 1.5 with the modal
damping = 0.001. The standard deviation of variations in amplitude magnifications
is about 0.0749 whereas the standard deviation of corresponding mistuned natural
frequencies is only 0.0023.
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Trends in Controllable Oil Film Bearings

Ilmar F. Santos

Abstract This work gives an overview about the theoretical and experimental
achievements of mechatronics applied to oil film bearings, with the aim of: con-
trolling the lateral vibration of flexible rotating shafts; modifying bearing dynamic
characteristics, as stiffness and damping properties; increasing the rotational speed
ranges by improving damping and eliminating instability problems, for example, by
compensating cross-coupling destabilizing effects; reducing startup torque and en-
ergy dissipation in bearings; compensating thermal effects. It is shown that such
controllable bearings can act as “smart" components and be applied to rotating
machines with the goal of avoiding unexpected stops of plants, performing ro-
tordynamic tests and identifying model parameters “on site". Emphasis is given
to the controllable lubrication (active lubrication) applied to different types of oil
film bearings, i.e., as tilting-pad bearings, multirecess journal bearings and plain
bearings.

Keywords Controllable bearings - Active lubrication - Smart bearings - Active rotor
vibration control - Rotortronics - Bearing testing - Bearing parameter identification

1 Introduction

The relative maturity of many traditional technologies within different technical
areas implies little or no potential for significant improvements of machine per-
formance. Consequently, to deal with the technical challenges related to some
new requirements of safety, quality, reduced weight, low vibration and noise lev-
els, non-conventional techniques have to be introduced where the conventional
ones have already reached their limits. This is especially true in the field of
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conventional fluid film bearings. Thus, the combination of tribology, control tech-
niques and informatics (mechatronics) enables the development of “smart" bearings
able to deal with multi-objective functions, i.e., not only the capability of support-
ing a rotating shaft. The synergy among different sub-areas enables balancing of
various contradictory properties of integrated systems, allowing significant improve-
ments and overcoming limitations related to conventional “passive” conventional
solutions.

One of the most attractive features of mechatronics is its ability to render prod-
ucts “smart”. Such a smart machine makes use of the built-in active control to
incorporate higher performance functions. Thus, the machine may acquire higher
precision and the ability for self-diagnosis, e.g., it can calibrate itself, it can give a
prognosis about its future ability to operate in a satisfactory way, or about its remain-
ing lifetime, and it can have the possibility of suggesting corrective actions which
may be induced by itself. It is the mechatronic structure of the machine, the built-in
control, its sensors, processors, actuators, and above all, its software, which enable
these novel features. This is a way to design machines and products with higher
performance, less maintenance costs, longer lifetime, and an enhanced customer
attraction [37].

The development of new machine components capable of keeping low levels of
machine vibrations is of fundamental importance. This claim can be easily verified
by checking the number of new “passive" and “active" elements under development
stages in the last two decades. Apart from the over forty years old squeeze-film
damper technology [1,24], the seal dampers [42] are one of the most important new
“passive” elements. Among the “active" and “semi-active" elements (mechatronic
components) one can cite: hybrid squeeze-film dampers [5], controllable squeeze
film dampers using electro-rheological fluids [13, 17, 18], controllable squeeze film
dampers using magneto-rheological fluids [45, 46], active hydraulic chamber sys-
tems connected to different types of bearings [2, 25, 31, 41], variable impedance
hydrodynamic journal bearings using accumulators [8], piezoelectrically controlled
bearings [23], combined piezoelectric-hydraulic actuators [40], actively lubricated
bearings [26-28], active-controlled fluid bearings [3], magnetized journal bearings
lubricated with ferro-fluids [22], disk-type electro-rheological dampers [43, 44],
disk-type magneto-rheological fluid dampers [47], foil-magnetic hybrid bearings
[12] and bearings composed of flexible sleeves controlled by means of hydraulic
chambers [15, 39]. While active magnetic bearings have a relatively long history
of development and testing, and nowadays their industrial application to rotat-
ing machines is a well-established technology, the development of new types of
mechatronic components as hybrid squeeze-film dampers, controllable squeeze film
dampers using electro-rheological fluids, controllable squeeze film dampers using
magneto-rheological fluids, active hydraulic chamber systems connected to differ-
ent types of bearings, variable impedance hydrodynamic journal bearings using
accumulators, piezoelectric-controlled bearings, combined piezoelectric-hydraulic
actuators, actively lubricated bearings, active-controlled fluid bearings, magnetized
journal bearings lubricated with ferro-fluids, disk-type electro-rheological dampers,
disk-type magneto-rheological fluid dampers, foil-magnetic hybrid bearings and
bearings composed of flexible sleeves controlled by means of hydraulic chambers,
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has a shorter history and is still “creeping" in different laboratories of universities
and companies.

The development of journal bearings with controllable radial oil injection, or
simply actively lubricated, has a history of only a little more than one decade [26].
There are obviously advantages and drawbacks when compared to active magnetic
bearings, depending on the application purposes. Research activities have shown
the potential of such new mechatronic devices and in this framework this work is
intended to give an overview of the achievements and trends in this promising field,
with special emphasis on tilting-pad bearings, multirecess hybrid bearings and plain
bearings. With such controllable oil film bearings it is intended to: (a) control of the
lateral vibration of flexible rotating shafts; (b) modify bearing dynamic coefficients;
(c) increase the rotational speed ranges by increasing damping and eliminating in-
stability problems, e.g., by compensating cross-coupling destabilizing effects; (d)
reduce startup torque and energy dissipation in bearings; (¢) compensate thermal
effects; (f) develop “smart" components able to avoid unexpected plants shutdowns,
perform rotordynamic tests and identify model parameters “on -site".

2 Designing and Testing Controllable Oil Film Bearings

When the hydrostatic and the hydrodynamic lubrication are simultaneously com-
bined in a journal bearing with the aim of reducing wear between rotating and
stationary parts, one refers to hybrid lubrication, which offers the advantages of both
lubrication mechanisms. When part of the hydrostatic pressure is also dynamically
modified by means of hydraulic control systems, one refers to active lubrication
or active oil film. By the combination of fluid power, electronics and control theory,
active lubrication makes simultaneously feasible the reduction of wear and the atten-
uation of vibration. The direct influence on the oil flow behavior in the bearing gap
is achieved by machining orifices along the bearing surface or pad surface and con-
necting them to servo valves via pipelines. The servo valves enable changes of the
fluid injection pressure directly in the bearing gap. By changing the flow character-
istics through the electronic injection, one attempts to control the rotor movements,
modify the stiffness and damping of the oil film or induce controllable shaft move-
ments via calibrated oil film forces. The main advantages of the active lubricated
bearing shown in Fig. la are: the compactness, the capability of generating high
control forces, there is no need of additional backup bearings in case of control
failure, since they are also able to operate passively (without control). The length
of pipelines connecting the servo valves and oil film gap is significantly reduced
by machining channels inside of the the bearing housing, as illustrated in details in
Fig. 1b. The displacement sensors 1 and 2 capture the lateral vibrations of the rotor
in the vertical and horizontal directions respectively. The accelerometer 3 mounted
on the the bearing housing detects bearing housing vibrations in the horizontal di-
rection. The servo valves 4 and § are used to control the pressurized oil injection.
The pressurized oil flows through the channels machined inside the bearing housing,
namely channels 8 and 9, into the bearing gap by means of orifices machined in the
middle of the pads. In industrial bearings such a type of orifices is normally of use
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Fig. 1 Active lubricated bearing — (a) active lubricated bearing as a mechatronic device: 1
— displacement sensor (eddy-current) to measure rotor vibrations in the vertical direction; 2 —
displacement sensor (eddy-current) to measure rotor vibrations in the horizontal direction; 3 —
accelerometer to measure housing vibrations 4 and 5 — servo valves 6 — oil supply pipeline (con-
ventional hydrodynamic lubrication); (b) exploded view of the bearing illustrating the channels
machined inside of the housing with the aim of achieving a compact bearing: 7 channel build cir-
cumferentially to feed oil between the pads (conventional hydrodynamic lubrication); 8 and 9 —
channels inside of the bearing housing connected pairwise with the the servo valves (active lubri-
cation); (c¢) 3D-view of the bearing as a mechanical component

to hydrostatic lubrication under startup conditions. The channels 8 and 9 connected
to servo valves 4 and 5 by a differential principle make possible the generation
of time-dependent control forces. The pads are mounted in a load-between-pads
configuration, i.e., 45° from the static loading in the vertical direction. Therefore,
the oil injection will occur with an angle of 45° from the vertical or horizontal
directions. Such an oil injection will be controlled using the information coming
from the sensors 1, 2, 3 and other sensors mounted along the flexible rotating shaft.
The (conventional) hydrodynamic lubrication will be always turned on. Thus, the
bearing can operate passively as well as actively. The conventional hydrodynamic
lubrication will be created by feeding the oil with low pressure (up to 0.2 MPa) via
the pipeline connector 6 and the channel 7. The oil will achieve the bearing gap
through holes machined between the four pads. The orifices are machined 90° from
each other connecting the channel 7 and the space between the four tilting-pads.
A test rig was designed to experimentally evaluate the rotor-bearing performance
and it is shown in Fig. 2. An electric motor 7 with speed controller and a belt trans-
mission is used, angular velocities up to 10,000 rpm can be achieved. The rotating
shaft 2 is supported at one of its ends by a ball bearing 1. Such a shaft can behave as
a rigid body or as a flexible body, depending on the frequency range and the num-
ber of rigid discs attached to its free end, close to the auxiliary bearing 4. The active
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Fig. 2 Test rig to experimentally evaluate the performance of active lubricated bearings to control
rigid and flexible rotating shafts: 1 — pedestal and ball bearing ; 2 — flexible shaft; 3 — active lu-
bricated tilting-pad bearing; 4 — auxiliary bearing used as excitation and measurement station;
5 — electromagnetic shaker; 6 — force transducer; 7 — electric motor; 8 — servo valves; 9 —
displacement sensors without contact (eddy-current); 10 — pipeline for low pressure injection (hy-
drodynamic lubrication) and 11 — pipeline for high pressure injection (active lubrication)

tilting-pad journal bearing 3 built by four pads in a load-between-pads configuration
is the mechatronic device to be tested. The oil to build up the hydrodynamic lu-
brication is supplied through the pipelines 10. The electronic radial oil injection
(active lubrication) is built up using the two servo valves 8 as actuators, and the
displacement sensors 9 are used as input signals to the controller. Acceloremeters
are also mounted on the auxiliary bearing 4. Acceleration signals can also be used to
define different control strategies. An excitation station built by the auxiliary bearing
4, the electromagnetic shaker 5 and the force transducer 6 allows also dynamic test-
ing. A hydraulic system built by a pump, accumulators, oil filters and servo valves 8
is used. A digital control unit, consisted of a PC computer with DSPACE cards and
dedicated software for digital signal processing, is used to design and investigate
different types of control strategies.

Active lubrication using P controllers — varying the proportional control gains
while keeping the derivative gains as zero, significant modification of the stiffness
coefficients is achieved, while the damping is not much altered.

Active lubrication using D controllers — varying the derivative control gains while
keeping proportional gains as zero, one achieves a significant modification of the
damping coefficients. The damping coefficients vary linearly as a function of the
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control gains at low frequencies. Nevertheless, such a region of changes narrows
with the increase of the rotating speed and frequency (synchronous coefficients).
When the control voltage exceeds the linear range of the servo valve, the coefficients
stop varying and remain constant in the so far achieved values. The stiffness coeff-
icients are though not much altered by the derivative gains.

Tilting-pad journal bearings are frequently used in high speed machines with the
aim of avoiding oil-whirl instabilities. They do not have significant cross-coupling
effects. It means the control energy can be saved and used to increase the damping
properties of the bearing instead of using it to suppress and eliminate the destabi-
lizing cross-coupling effect. Tilting-pad bearings are though more expensive than
conventional journal bearings, because they are built by extra accurately machined
components, namely the pads. Multirecess journal bearings are hybrid bearings
which allow a significant adjustment of the bearing stiffness. Due to their design
simplicity they are cheaper than tilting-pad journal bearings. Multirecess bearings
have relatively good damping characteristics in their passive form. Nevertheless, at
high angular velocities the cross-coupling effect increases and affects significantly
the rotor-bearing stability. The feasibility of applying multirecess journal bearings
to industrial compressors is theoretically investigated in [36] and experimentally
illustrated in [3, 4]. Their application to rigid rotating shafts seems to work ex-
tremely well due to strong changes of the direct stiffness and damping coefficients.
Nevertheless, such a kind of bearing may not be so well suitable to control lateral
movements of flexible shafts. Details will be given in Section 7.

Modifications of the direct stiffness coefficients are achieved by means of pro-
portional as well as derivative controllers. The largest modifications of the direct
stiffness are achieved by means of the proportional controllers. However, signifi-
cant modifications of the direct damping coefficients are only achieved by using
derivative controllers [33]. It means, that the direct damping coefficients can only
be increased by means of the active lubrication, if the linear velocity of the journal
center is measured or estimated. If a X-Y coupled PD controller is used, a compensa-
tion of the cross-coupling effects is possible. The significance of the modification of
the bearings properties achieved by means of the active lubrication is evaluated from
the behavior of the whirl frequency ratio and critical mass parameter [16]. It is pos-
sible to reduce the whirl frequency ratio and increase the critical mass parameter by
properly designing a X-Y coupled PD-controller for the active lubrication system.
The crossed retrofitting of the rotor linear displacements allows almost a cancelation
of the cross coupling stiffness in a tiny range of proportional gain values [34]. From
the point of view of control implementation in variable-speed rotating machines, an
adaptive self-tuning controller with variable gains or a robust controller is necessary
in order to effectively compensate the cross coupling effect.

3 Controllable Elastohydrodynamic Bearings

In [9-11] the elasticity of the sliding surfaces — the pads in the case of tilting-pad
bearings — are taken into account and elasto-hydrodynamic models are created. Such
models are being developed with the aim of predicting dynamic coefficients of radial
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tilting-pad bearings under active elastohydrodynamic lubrication, i.e., the dynamic
of the servo valves and control parameters are included into the mathematical model.
Promising results are being obtained and documented in [9-11]. The possibility of
applying active lubrication to deform the bearing pad and adjust the bearing preload
factor is also an emerging trend in controllable fluid film bearings. Similar principle
is applied to bearings composed of flexible sleeves controlled by means of hydraulic
chambers [15,39]. The main difference between the two principles is the way how
the deformation of the sliding surface is achieved. In [11] the deformation is ob-
tained with help of an appropriate distribution of the orifices along the pad surface
and the controllable radial oil injection into the bearing gap.

4 Control Design Strategies

The design of feedback control laws for active lubricated bearings is not a trivial
task. The active (oil film) control forces are strongly coupled to the hydrodynamic
forces via the fluid continuity equation. There are different ways of designing the
feedback control laws.

The first one is given by predefining the structure of the control loop, for exam-
ple, by retrofitting displacement and velocity signals coming from the rotor lateral
movements at the bearing location, and creating a decentralized PD controller. The
gain of such feedback signals can be explicitly included into the modified Reynolds
equations for active lubrication [29, 30]. By using the modified Reynolds equation
and the perturbation technique damping and stiffness coefficients can be calculated
as a function of the excitation frequency, Sommerfeld number and feedback control
gains. Such coefficients can be introduced into rotordynamic models. Eigenvalues
and eigenvectors of rotor-bearing systems can be calculated. Keeping the attention
on the real part of the eigenvalues, it is possible to calculate the gains in order to
obtain more stable rotor-bearing systems. Such an approach is detailed in [30, 32].
Its drawback is that only decentralized controllers can be designed. The main ad-
vantage is that the frequency-dependency of the active oil film forces is taken into
account. Moreover, this approach makes feasible to elaborate tables for represent-
ing stiffness and damping coefficients as a function of Sommerfeld number, rotor
eccentricity and control gains Gp and G p. Such coefficients can be easily coupled
to rotordynamic simulation programs in order to predict the dynamic behavior of
rotor-bearing systems under conventional and active lubrication conditions.

Another useful approach is to decouple the active oil film forces and conven-
tional hydrodynamic forces by using pesudo-static tests and approximate the active
oil film force by a linear function of the servo valve input signal U,. In other words,
the problem is mathematically summarized by finding a linear coefficient A that
leads to F4 = A - U,, where F4 is the active oil film force and A is a coefficient
obtained from pseudo-static tests using different values of U,. How to obtain the
coefficient A is discussed in [20]. Such a procedure enables the design of central-
ized controllers based on modern control theory. Nevertheless, the results at higher
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frequencies are less accurate than the results obtained via modified Reynolds
equation, perturbation technique and global bearing dynamic coefficients [32]. In
[21] though, such a coefficient is expressed as a function of the Sommerfeld number
and the excitaiton frequency, i.e. A = A(S0, w), and feedback control gains are de-
signed for attenuating vibrations of industrial gas compressor (flexible rotor-bearing
system) of about 400 kg.

Another approach is to explore the nonlinear relationship between damping and
stiffness coefficients and the rotor eccentricity (or equilibrium position inside of
the bearing) and develop nonlinear controllers, as shown in [19]. Special attention
should be paid to integral controllers which can lead to less stable rotor-bearing sys-
tems when the integral part of the controller brings the rotor back to the bearing
geometric center. This leads to a reduction of the static eccentricity and, conse-
quently, a significant reduction of the (passive) bearing damping coefficient. To
achieve more stable rotor-bearing systems the integral part of the controller should
not reduce the rotor eccentricity. Ideally, from the viewpoint of rotor-bearing stabil-
ity the integral part should bring the rotor as close as possible to the bearing surface,
increasing the static eccentricity. Nevertheless, in the case of high eccentricities,
thermal effects may lead to a reduction of the (passive) damping coefficients.

5 Modification of Oil Film Dynamic Coefficients and Active
Vibration Control of Rotors

One of the main advantages of incorporating the PD control gains inside of the mod-
ified Reynolds equation and obtaining the bearing coefficients using the perturbation
technique is the feasibility of elaborating “Journal Bearing Tables" in the same way
as presented in [16, 38], but with the fundamental difference that supply pressures
and control gains shall become part of such tables. In other words, the control gains
become part of the ““ Controllable Journal Bearing Tables". Thus, the integration of
mechanics, electronics and informatics (mechatronics) is consolidated and the lim-
itations of bearing dynamic coefficients are overcome by introducing new design
variables, as control gains and supply pressures.

Obtaining the active bearing stiffness and damping coefficients experimentally
by means of identification procedures and inverse methods demands accurate cal-
ibration of the excitation systems coupled to force transducers, and the sensing
systems coupled to displacement, velocity and acceleration transducers. Moreover,
identification procedures are based on dynamic models which always present differ-
ent levels of inaccuracy. Sensitivity and error propagation analyses are fundamental
to assure a correct interpretation of experimental results. Up to now it has not been
possible to identify such active bearing coefficients with appropriate accuracy to
clearly validate the dependency of the active bearing coefficients on the excitation
frequency and control gains. In all test setups, the non-modeled dynamics heavily
influences the bearing parameters identification in different frequency ranges. How-
ever, it is possible to obtain with a good accuracy the values of damping ratio ¢ of
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Fig. 3 Experimental results — identification of damping ratio £ of the flexible rotor-bearing system
at constant angular velocity of 1,000 rpm and different lubrication conditions using a “smart active
magnetic bearing" and an electromagnetic shaker: (a) conventional hydrodynamics; (b) hybrid
lubrication with P;,; = 70 bar; (¢) active lubrication with a P-controller and supply pressure of 70
bar; (d) active lubrication with a PD-controller and supply pressure of 70 bar; (e) active lubrication
with a PD-controller and supply pressure of 100 bar

a rotor-bearing system using the information around the resonance ranges, as it is
illustrated in Fig. 3. Using the magnetic bearing with hall sensors carefully cal-
ibrated in [14], and an electromagnetic shaker with a force transducer attached
between shaker and rotor, the identification of the system damping ratio £ is per-
formed. The experimental results are illustrated in Fig. 3. The rotor operates with
a constant angular velocity of 1,000 rpm and the tilting-pad bearing operates under
the following conditions: (a) conventional hydrodynamic lubrication; (b) hybrid lu-
brication with P;,; = 70 bar; (c) active lubrication with a P controller and supply
pressure of 70 bar; (d) active lubrication with a PD controller and supply pres-
sure of 70 bar; (e) active lubrication with a PD controller and supply pressure of
100 bar. A reduction of the vibration amplitudes around the resonance of the rotor-
bearing system can be clearly seen. An increase in damping factor obtained via
active lubrication is experimentally demonstrated and presented in the table incor-
porated into Fig. 3. The identification of damping ratio ¢ is done with very good
accuracy. The two experimental procedures are compared. Nevertheless, the identifi-
cation of damping and stiffness coefficients as a function of the excitation frequency
and control gains is still very poor. Research activities toward the identification
of frequency-dependent coefficients are still being carried out. The feasibility of
controlling lateral vibrations of flexible rotors using active lubricated bearings is
experimentally proven, as shown in Fig. 3.
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6 Smart Bearings — Rotordynamic Testing and Parameter
Identification

When hydraulic or magnetic active forces are measured with high accuracy and
displacement, acceleration and force transducers are properly adapted to the system,
it is possible to develop “smart bearings" able to properly perform rotordynamic
tests and aid the identification of system parameters. The characterization of active
oil film forces is though a complicated task and depends on several parameters:
Sommerfeld number (journal angular velocity, bearing load, oil viscosity, bearing
gap, bearing dimensions), preload factors, orifice diameter and positioning over slid-
ing surface, excitation frequency, feedback control gain, as well as on the dynamic
parameters of the servo valves, i.e., their natural frequencies, damping factors and
pressure-flow coefficients.

The rotor-bearing system illustrated in Fig. 4b is excited by the active oil film
forces using a slow-sine sweep function as servo valve input signal. The experimen-
tal frequency response function (FRF) — estimators H1, H2 and coherence func-
tion —is illustrated in Fig. 4a. Both estimators H 1 and H 2 are presented and given in
acceleration unit divided by volts. Good coherence is achieved between 40 and 170
Hz, as it can be seen in Fig. 4a. The feasibility of using the active lubricated bearing
as a “calibrated shaker" is strongly dependent on the “active force maps" presented
in Fig. 5. Such maps translate the servo valve input signal (given in volts) into values
of force in Newton. In that way the functions H'1 and H2 can be given in acceler-
ation units m/s? divided by Newton. Figure 5a illustrates the theoretical behavior
of the active lubrication forces as a function of the excitation frequency and the
amplitude of the input signal to the servo valve given in [21]. Figure 5b shows the ex-
perimental results coming from the characterization of the active lubrication forces
using a quasi-static test and the determination of the coefficient A given in [20].
As mentioned in Section 4, the conventional and active lubrication forces may be
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Fig. 4 Experimental results — active lubricated bearing used as shaker: (a) experimental frequency
response function obtained via active lubrication and (b) flexible rotating shaft supported by an
active lubricated tilting-pad journal bearing
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Fig. 5 Qualitative comparison of the active oil film forces and the experimental determination of
the coefficient A used to linearized the oil film active forces — (a) theoretical behavior of the active
lubrication forces as a function of the excitation frequency and amplitude of the input signal to the
servo valve; (b) experimental characterization of the active lubrication forces using a quasi-static
test and determination of the coefficient A

accurately decoupled using the coefficient A, only if such a coefficient also becomes
dependent on the frequency and on the Sommerfeld number, i.e., A = A(So, ).
It means that A shall be estimated by a series of tests in the operational frequency
range, and not only by a quasi-static test at low frequency, as it is illustrated in
Fig. 5b. Moreover, the influence of hysteresis effect as a function of the excitation
frequency has to be carefully investigated, aiming at correctly dealing with the non-
linear characteristics of the hydraulic control system.

7 Feasibility of Industrial Application

Active Tilting-Pad Journal Bearings — In terms of industrial application, it is im-
portant to highlight that tilting-pad bearings are the most stable among the different
types of journal bearings. Normally, when vibration instabilities arise in a rotating
machine supported by hydrodynamic bearings, the journal bearings are exchanged
to tilting-pad bearings. If further actions shall be taken towards to improve rotor-
bearing stability, control techniques can be applied to a journal bearing that already
presents the best stability properties.

The feasibility of reducing lateral vibrations of an industrial gas compressor by
using an active lubricated tilting-pad journal bearing is investigated in [35]. The
rotating machine whose dynamics was analyzed is a gas compressor composed of
five impellers, which weighs 391 kg and operates in the range of 6,942 rpm (115.7
Hz) to 10,170 rpm (169.7 Hz).

Multirecess Journal Bearings with Two Pairs of Active Pockets — In terms of
industrial application, the importance of hybrid journal bearings as load support el-
ements in high-speed turbomachinery and machine tool spindles has steadily grown
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over the past years. Hybrid bearings enable high-load carrying capacity with large
direct stiffness, accuracy of positioning, low friction and long life. These properties
make them attractive for applications to reactor coolant pumps and precision grinder
spindles. Further improvements of the rotor-bearing stability using active lubricated
multirecess bearings are discussed in [36], using the same industrial gas compressor.
In the special case of multirecess journal bearings, an increase of the supply pressure
will necessarily lead to a simultaneous increase of the stiffness coefficients of the
bearing. By increasing the stiffness of the bearings, only small relative movements
between compressor shaft and bearing housing will be allowed in those nodes. This
will deteriorate the capability of dissipation of vibration energy by squeezing the
oil film in the bearings and will reduce the damping ratio. From the viewpoint of
active lubrication applied to multirecess journal bearings with the aim of control-
ling lateral dynamics of flexible rotors a paradigm is reached: (a) for improving the
performance of the active lubrication in such special type of bearings high values
of supply pressure are needed, once the saturation of the control signals retrofitted
to the servo valves limits the range in which the bearing dynamics coefficients can
be modified. Nevertheless, by increasing the supply pressure the main stiffness co-
efficients of the bearing will also increase; (b) for reducing lateral vibrations of the
flexible rotating machine it is very important to allow relative large displacements
in the bearings, in order to increase the dissipation of vibration energy by squeezing
the oil film. It means that it is important to keep low values of the main stiffness
coefficients, which coerces into working with low values of supply pressure. With
low supply pressures the efficiency of the active lubrication will be significantly
reduced.

Active Lubricated Plain Bearings of Reciprocating Machines — The feasibility
of applying active lubrication techniques to reciprocating machines with different
sizes are investigated in [6, 7]on the system size, servo valves can be substituted
by piezo-injectors in order to obtain more compact systems. Increasing the oil film
thickness and reducing the rotor orbits inside of the bearings can lead to a significant
reduction of friction and vibrations.

8 Concluding Remarks

One of the main advantages of incorporating the control gains inside of the modi-
fied Reynolds equation and obtaining the bearing coefficients using the perturbation
technique is the feasibility of elaborating “Journal Bearing Tables" in the same way
as presented in [16, 38], but with the fundamental difference that supply pressure
and control gains become part of such tables. The integration of mechanics, elec-
tronics and informatics (mechatronics) allows designers to overcome the limitations
of bearing dynamic coefficients by introducing new design variables.

The feasibility of compensating cross-coupling stiffness and increasing of direct
damping in multi-recess journal bearings is only one of many challenges that can be
overcome using controllable oil film bearings.
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It is important to highlight that the required high precision calibration of the

active oil film forces is a very challenging problem and, if overcame, will make
feasible the utilization of such bearings as calibrated shakers, opening new possibil-
ities of dynamic testing of rotating machines “on site" via their controllable oil film
bearings.
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Developments in Fluid Film Bearing Technology

A. El-Shafei

Abstract This paper presents some new developments in Fluid Film Bearing (FFB)
technology. The phenomena of oil whirl and oil whip leading to instability in FFB
supported rotors; limit the performance of rotating machinery. This paper presents
some new developments that affect the instability threshold, namely the positive
effect of angular misalignment on the instability threshold and related design im-
provements in FFB design. In addition, the concept of an integrated FFB with active
magnetic bearing (AMB) is discussed with implications on improving the stability
threshold, and actively controlling FFBs.

Keywords Fluid film bearings - Instability - Stability threshold - Oil whirl -
Oil whip - Stable bearing design - Journal bearings - Active Magnetic bearings

1 Introduction

Fluid film bearings are the main supporting elements for many heavy rotating ma-
chinery, including high-speed high performance rotating machinery. However, the
performance of rotating machinery supported by fluid film bearings are limited by
the instability threshold known as oil whirl and oil whip [1]. Even though this prob-
lem has been known for nearly a century now, yet it has attracted a lot of attention.
Recently Gordan Kirk [2] posed the following two questions:

1. Are there any possibilities that the rotor system transgress the threshold speed?
2. Can the rotor operate above this threshold speed?

These two questions clearly presented by Kirk are always pondered by both fluid
film bearing designers and rotating machinery designers. These two questions are
the motivation for this paper and the author believes that some progress towards the
answer to these two questions is made here.
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This paper consists basically of three parts: Part I consists of some experimental
and numerical results that illustrate the effect of angular misalignment on the per-
formance of fluid film bearings; Part II presents some possible design changes to
fluid film bearings; Part III introduces the concept of an integrated fluid film bearing
(FFB) and active magnetic bearing (AMB) to actively control the instability.

2 Experimental and Numerical Investigation of Misalignment

2.1 Experiments with Coupling Misalignment

While conducting some experiments on oil whirl and oil whip [3], the author and
his students noticed a major effect of misalignment on the instability threshold.

The test rig which consists of a one-inch diameter rotor supporting four discs
as shown in Fig. 1, and supported by two plain journal bearings was used to deter-
mine the stability threshold. The rotor was driven by an electric motor through a
flexible coupling. The rotor vibration was measured by proximity probes connected
to a Bently Nevada DVF-3 Tracking Filter and a Briiel and Kjaer 2515 Spectrum
Analyzer.

Before starting the experiments, the rotor was first adequately balanced at the
first and second critical speeds. This was a little bit difficult due to the unusual
rotor configuration chosen, where three disks are overhung, and only one disk is
located between the bearings. However, adequate balancing for both of the first and
second modes was achieved, as shown in Fig. 2, and this balance condition was
maintained throughout the experiments, except where an unbalance was purpose-
fully introduced.

Electric motor
Flexible coupling
Bearing housing
Steel disks

Steel shaft

NA W=

148 505050

307

200 | 130 1400 260

Fig. 1 Test rig
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Fig. 2 Tracking data, case 1

Also before starting the experiments, the coupling connecting the drive motor to
the test rig was aligned by the reverse indicator method to a parallel tolerance of
0.1 mm and an angular tolerance of 0.08°. Again, these alignment tolerances were
maintained throughout the experiments, except where an angular or offset misalign-
ment was purposefully introduced.

2.1.1 Data

Before venturing into presenting the data and explaining the results, it is appropriate
to re-iterate the known definitions of oil whirl and oil whip [4]. Oil whirl is a form
of instability (less severe) that occurs at little less than half the running speed (0.49x
in this case), which leads to the more violent oil whip when the oil whirl frequency
coincides with the first critical speed [4]. The main difference lies in the fact that
oil whirl is speed dependent (0.49x in this case), while oil whip locks up at the
first critical speed even though the rotor speed is increasing [4]. Thus, tracking the
0.49x component will show only the oil whirl, as well as tracking the 1x component
will show only the usual Bodé plot with evidence of critical speeds. Plotting of the
direct (unfiltered) vibration with speed will illustrate the total vibration activity mea-
sured at that location. Instead of presenting waterfall plots, which are usually used
to present such experimental results, where it is sometimes difficult to extract infor-
mation, presenting the results in this Bodé format, tracking different components,
was chosen.

Capabilities of the measurement system were exploited, in which the DVF-3 can
provide the 1x filtered data (showing the critical speed activity), 0.5x filtered (show-
ing the oil whirl activity), as well as the direct unfiltered vibration with the speed
change. A large filter bandwidth (120 cpm) for the 0.5x filtered data was chosen
since the oil whirl in the test rig occurred at 0.49x. Thus, filter bandwidth should
be enough to capture all oil whirl activity. The direct unfiltered data contains all
the spectral information. An increase in the direct vibration data that cannot be ex-
plained by either the 1x or 0.5x vibration is an indication of some other phenomena.
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Since the DVF-3 cannot track a particular speed component (the first critical for oil
whip), we used the direct unfiltered data as an indication of oil whip. Thus if the di-
rect unfiltered data increased with no corresponding increase of the 0.5x or 1x com-
ponents, then this is an indication of oil whip. This was confirmed by spectral plots,
where the main vibration component while the rotor was operating at a high speed,
was at the first critical speed and its multiples. An exception occurred while crossing
the first critical speed (see, e.g., Fig. 2). Since this is transient data, and the first mode
is lightly damped, the 1x vibration levels increased sharply, but actually the DVF-3
could not capture all the 1x activity in the filtered 1x display during fast critical
speed crossing. However, the direct measurement does not have this shortcoming.
Thus, only at the first critical speed, the high direct vibration is actually all 1x.

2.1.2 Casel

The first case to be considered is the case of a well balanced and aligned rotor, with
the oil supplied at a pressure of 4 bar. Tracking data for the horizontal (x) probe are
shown in Fig. 2. It can be seen that the first critical speed occurs at 1,638 rpm, while
the measured second critical speed is split 3,920rpm at the horizontal (x) probe,
and 4,095rpm at the vertical (y) probe. The onset of instability (increase of 0.5x
component) was at 3,164 rpm. One can notice that the 0.5x component decreases at
about 4,400 rpm, while the direct vibration is still high, indicating the persistence of
oil whip. This can be seen in the spectral plot of Fig. 3.
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2.1.3 Case2

Case 2 is similar to case 1, but with offset misalignment. Figure 4 shows the tracking
data, with 1.85 mm offset misalignment at the coupling. The onset of instability was
delayed to 3,885 rpm. The oil whirl component was obviously benign, but the oil
whip became dominant at higher speeds.

2.14 Case3

Case 3 is similar to case 1, but with angular misalignment. Figure 5 shows tracking
data with 1° angular misalignment at the coupling. This is the most interesting case.
With angular misalignment, the drive side bearing has only benign subharmonic
vibration. The rotor has its smoothest behavior in this case.

1000
900
800
700
600

500

300

200 A =

o JAN 7

0 ,g;’u&g’hn—_éé’_{

0 1000 2000 3000 4000 5000 6000
Speed (rpm)

direct

1x
0.5x

Displacement (um pp)

Fig. 4 Tracking data, case 2

1000 [“
900
800
700
600

\‘
500 \
|
|

direct
1x
——0.5x

400
300

200 A

1004 dle”” \w

0 \ \ : : :

0 1000 2000 3000 4000 5000 6000
Speed (rpm)

Displacement (um pp)

Fig. 5 Tracking data, case 3



206 A. El-Shafei

Ee

NSSSSSSY g7

OFFSET MISALIGNMENT ANGULAR MISALIGNMENT

Fig. 6 Offset and angular misalignment

2.1.5 Discussion

The systematic experiments presented herein, clearly show the effect of offset
misalignment and angular misalignment. These experiments clearly separate the ef-
fect of each of these conditions on bearing instability independently of each other.

The journal bearing instability is usually explained by the cross-coupled stift-
ness effect in the journal bearing. It is well-known that loading the bearings can
improve stability characteristics of the rotor-bearing system. Bearing loading af-
fects the stiffness characteristics of the bearing, thus increasing the threshold of
instability. Bearing loading is usually taken to mean an increase in the bearing static
eccentricity. This fact has led many investigators to consider offset misalignment as
a means of loading bearings. Actually, in practice, this has become a common pro-
cedure to load bearings and improve stability. As an example, most vertical pumps
manufacturers use the middle of three bearings to load the bearings and increase the
stability threshold.

The bearing loading through static eccentricity is quite similar to the effect of
offset misalignment, case 2. The separation of angular misalignment, case 3, from
the offset misalignment in the presented experiments actually provides insight on
their respective behavior. The difference between offset and angular misalignment
is clearly illustrated in Fig. 6. Actually, the presented experimental results clearly
show that angular misalignment is much more effective than offset (or parallel) mis-
alignment in improving the stability characteristics.

2.2 Numerical Results for Bearing Misalignment

The author and his team further tried to understand these experimental results, by
developing a 2D finite difference program to numerically evaluate the dynamic char-
acteristics of journal bearings [5]. It was found that there are a total of 16 stiffness
and 16 damping coefficients considering horizontal and vertical displacements and
rotations. The variation of these coefficients with journal tilting (angular misalign-
ment) is shown in Figs. 7 to 10, [5].
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Figure 7 illustrates the effect of varying ¢, and ¢, (the journal tilting about
the x and y-axes) on the dominant K,,, which can be seen to be considerable: a
misalignment angle of 0.30 degrees results in a considerable increase in stiffness
while Fig. 8 shows that the damping coefficient C,, also increases considerably
with ¢,,.

More importantly, the angular misalignment introduces substantial forces due to
tilting. Figures 9 and 10 illustrate the introduction of considerable stiffness force
coefficients Kygx and Kyy, of the order of 10kN/rad even for small tilting of 0.2
degrees [5]. Even though the moment coefficients introduced are much smaller that
the force coefficients, however the large values for the force coefficients resulting
from tilting should be considered by designers, as these force coefficients due to
misalignment are comparable to the force coefficients due to displacements.

2.3 Experiments with Bearing Misalignment

The author decided to expand his investigation further. The experiments presented
in Sect. 2.1 illustrated the effect of coupling misalignment on the instability thresh-
old. The author and his team continued experimentation on bearing misalignment.
By directly introducing the angular misalignment at the bearings [6], it was pos-
sible to investigate the effect of bearing misalignment on the instability threshold.
However, to remove any coupling stiffness effect, the authors removed the flexible
coupling and replaced it with a hose (see Fig. 11), and the motor-rotor alignment
was maintained within tolerance. Three sets of experiments were conducted on the
test rig of Fig. 1, with three different configurations as shown in Table 1. The first

Fig. 11 Flexible coupling
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Table 1 Matrix of experiments

DE NDE
Onset of instability Onset of instability
Case  Angle (deg) (rpm) Angle (deg)  (rpm) Configuration
1 0.05 3,200 0.05 3,200 Aligned
2 0.27 3,200 0.26 3,200 Reflected
3 0.28 4,500 0.25 4,500 Parallel

1000 « o7
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600...-

400 o

displacement (um)

200 .

0.4
4000
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Fig. 12 Case 1 Waterfall spectrum of NDEB

set of experiments was done with aligned bearings and the onset of instability was at
3,200 rpm. The waterfall plot for the non-drive-end bearing for this case is shown in
Fig. 12 illustrating the onset of instability. The second set of experiments was done
with about 0.25° angular misalignment introduced at the bearings but the drive-end
bearing and the non-drive-end bearing were misaligned in opposite directions. The
onset of instability stayed at the same speed at 3,200 rpm. The waterfall plot for
the non drive-end bearing for this case is shown in Fig. 13 illustrating the onset of
instability. This case is called reflected bearing misalignment.

However, the most interesting result was obtained when, a third set of experi-
ments were conducted, again with a 0.25° angular misalignment was introduced at
the bearings, but the drive-end bearing and the non-drive-end bearing were mis-
aligned in the same direction. This case is called parallel bearing misalignment
in Table 1. The onset of instability was increased to 4,500 rpm. This is shown in
Fig. 14, where the waterfall plots at the non-drive-end bearing clearly illustrates
the onset of instability. This means that a 0.25° angular misalignment judiciously
introduced at the bearings resulted in about a 50% increase in the stability threshold.

The above experiments conclusively illustrate that bearing angular misalignment
actually improves the performance of fluid film bearings regarding the onset of insta-
bility. In addition it is clearly seen that the angular misalignment introduced interacts
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with both the rotor configuration and the dynamical mode shape of the rotor, as
the difference between the reflected and parallel bearing misalignment case results
clearly illustrate.

The author believes that many more experiments with many more rotor//bearing
configurations should be conducted to clearly understand this phenomenon, and also
understand the side effects of misalignment of bearing wear and heat generated,
if any.



212 A. El-Shafei

3 Possible New Bearing Designs

Although much more work is needed to further understand the design implications
of the above experiments, however the author wishes to provide an explanation for
the above results. At this stage this is a conjecture rather than a theory.

In fluid film bearing design, the introduction of disturbance of the flow and pres-
sure fields in the circumferential direction resulted in progressively better onset
of instability in journal bearings through the introduction of lemon-bore bearings,
pressure-dam bearings, multi-lobe bearings and finally the tilting pad bearings.
However, the above experiments clearly show that by introducing angular mis-
alignment at the bearings, this produces a significantly improved onset of instability
performance.

The author thus conjures that with angular misalignment, a disturbance in the
axial direction is introduced for the velocity and pressure fields resulting in this
improved onset of instability. This means that by introducing a tilted pressure-dam
bearing (Fig. 15), or a multi lobe bearing with tilted centers of curvature (Fig. 16),
or any similar disturbance [7] can lead to an even progressively better performance
of FFBs regarding the onset of instability.

The above points have to be clarified further. The author believes that by judi-
ciously introducing a misalignment in bearings and exploiting the modal character-
istics of the rotor it is possible to design fluid film bearings that can transgress the
stability threshold. This requires much more work to better understand the charac-
teristics of the instability in FFBs and the interaction of the fluid film forces with
the rotor modal behavior, and the role the coupling stiffness plays in controlling the

Fig. 15 Tilted pressure-dam
bearing

Fig. 16 Multi-lobe bearing
with tilted centers of
curvature
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instability. The author believes that a lot more work is needed to understand these
implications and a major test effort is planned by the author and his colleagues to
demystify the instability problem and to clearly answer Gordon Kirk’s questions
introduced at the beginning of the paper. In particular we have shown here that the
rotor can actually transgress the stability threshold and clearly can operate above the
stability threshold by simply introducing a tilting axial disturbance in the bearing.

4 Integrated Journal and Active Magnetic Bearing

This section is about a new concept [8, 9] in load carrying and control of rotat-
ing machinery. Journal Bearings (JBs) and Active Magnetic Bearings (AMBs) are
both excellent bearings for high performance rotating machinery. Actually, JBs and
AMBs are two competing bearings in many markets. Both bearings’ manufacturers
promote their own technology. JB manufacturers promote the large load carrying
capacity and high damping in JBs, while AMB manufacturers promote the control-
lability of the rotor system and the elimination of oil supply. However, both bearings
also have their limitations. JBs are limited by the instability mechanism known as
oil whirl and oil whip [2, 3], while AMBs have lower load capacity and tend to be
larger for the same load.

Thus it seems natural to try to combine both bearings in a single bearing concept,
where the superior load carrying capacity of JBs are to be exploited along with the
controllability characteristics of AMBs that can be used to control the instability
of JBs. This will result in a bearing concept with high load carrying capacity with
controlled instability, and a smaller magnetic bearing that is not carrying any static
load while providing the required control [9].

The author with one of his students investigated this possibility [8]. By studying
an integrated JB/AMB on a Jeffcott rotor, the authors were able to show the insta-
bility of the JB (see Fig. 17) and by introducing an AMB the authors investigated
three control algorithms. They were all effective, however the most efficient was
with damping control (see Fig. 18).

Comparing Figs. 17 and 18, it is clearly seen that the damping controller of the
integrated JB/AMB was able to eliminate the instability and allowed the rotor to
operate well above the instability limit smoothly. Actually, the reduction of the orbit
size at the disc location with the damping controller was 90%.

Thus the basic idea here is quite simple: rather than using the AMB as a load
carrying element, the AMB is used as a controller only, resulting in a much smaller
and more efficient AMB. The load carrying is done by the Journal bearings, exploit-
ing their excellent load carrying capabilities, and the JB instability is overcome with
the AMB. This results in a combined AMB/JB that exploits the advantages of each
device, and eliminates the deficiencies of each bearing. The combined AMB/JB sys-
tem can thus be used to carry larger loads and operate at higher speeds. If the well
known capabilities of AMB control are also added to the system such as unbalance
cancellation and integrating feedback, a much improved device would be developed.
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5 Conclusion

This paper presented a variety of new developments in fluid film bearing technology.
The basic questions posed by Prof. Kirk [2] were addressed, namely the possibility
to transgress the instability in FFBs and the possibility to operate above the stability
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threshold. The paper clearly presented experimental results that showed that the
introduction of angular misalignment at the coupling significantly increases the
speed of onset of instability, it also presented some numerical results illustrating
the forces in misaligned bearings, as well as experimental results for misaligned
bearings, and possible bearing designs considering axial disturbance.

Moreover the paper introduced the concept of an integrated JB/AMB and illus-
trated the possibility of transgressing the instability threshold effectively using a
damping controller.

The above developments clearly illustrate that new FFB designs are possible that
would provide better performance for high-speed high-load rotating machinery.
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Numerical Model of the High Speed Rotors
Supported on Variable Geometry Bearings

Zbigniew Kozanecki, Jan Kicinski, and Grzegorz Zywica

Abstract The reported investigations aim at developing the theoretical model of
a bearing characterized by variable geometry. The method used for calculating the
non-linear response to an arbitrary excitation takes into account factors characteris-
tic of the variable bearing geometry, including friction in the supports. The article
presents part of the study referring to numerical analyses oriented towards develop-
ing the model of a high-speed rotor supported on bump-foil or tilting pad bearings.

Keywords Foil bearings - Tilting pad bearings - High-speed bearings - Rotor
dynamics

1 Introduction

The micro power system which is used in a small power source, of power output
ranging between 1 and 20kW, is based on the Brayton or Rankine cycle and con-
sists of a turbine and a generator. The system requires high revolutions to generate
sufficient power on the small-size turbine. The existing conventional oil-lubricated
bearings reveal performance limits in these revolutions, especially when the stabil-
ity of a bearing is taken into account. The development of new technologies, along
with more and more common applications of non-conventional materials in machine
design, provide opportunities for considering an idea to apply the working medium
used in a small high-speed turbo-machine [8] as a lubricating medium for its bear-
ings very realistic. As far as small high-speed turbo-generators are concerned, the
application of bearings lubricated with a low-viscosity working medium (gas or
liquid) makes it possible to increase total efficiency of the machine by several or
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more percent via decreasing hydrodynamic friction losses. In machines in which
the low-viscosity working gas or liquid is used, the application of hydrodynamic
bearings lubricated by that working medium makes it possible:

e to increase total efficiency of the machine by several or more percent, which
is done by decreasing friction losses in the bearings and by eliminating the oil
system and seals connected with it;

e to simplify the design of the shaft and to reduce its length;

e to maintain absolute purity of the working medium;

e to build a “hermetic” machine without a rotating shaft end protruding outside the
casing, to eliminate the mechanical gear and “working medium — atmosphere”
seals in a high-frequency generator or motor integrated with the shaft.

A basic problem connected with practical application of non-conventional oil-free
bearings in high-speed rotors is the reliability of machine operation in various work-
ing conditions. The materials used in such bearings have to secure:

e conditions for short, non-destructive contact of the rotating bearing journal with
the bush during machine start-ups and shut-downs;

e low friction coefficient between the journal and the bush;

e corrosion resistance during the contact with the lubricating medium.

Therefore, while studying possible applications of non-conventional lubricating me-
dia, one should analyze thoroughly the dynamics of the “rotor-bearing-casing”
system within the whole range of machine operation. Dynamic properties of the
bearings are functions of numerous variables and their calculation may be trouble-
some. According to the linear theory, these properties are usually represented by a
set of eight coupled dynamic coefficients, linearised around the static equilibrium
position of the bearing. An assumption of small displacements of the shaft center in
the closest vicinity of the equilibrium position makes it possible to simplify signifi-
cantly the theoretical considerations. For the problem formulated in the above way it
is necessary, however, to limit the scale of the excitation forces in order to fulfill the
basic condition of small displacements around the equilibrium point. The absence
of precise criteria defining the applicability range of the linear method often leads
to serious errors in the dynamic analysis of the rotor-bearings system.

The development of so-called non-conventional bearings for high-speed rotors is
connected with the fact that they can be often used where the application of well-
known traditional bearings is not possible. The fixed geometry of the hydrodynamic
bearings often leads to the unstable operation at a very high speed. A significant
aspect of the bearing selected for the present investigations is to develop a theoreti-
cal model of the bearing characterized by non-rigid (compliant surface) or variable
geometry. Figure 1 shows two typical designs of self-acting liquid or gas lubricated
bearings characterized by variable geometry.

The two types of bearings can use gases or liquids as the working medium.
Before analyzing the bearing dynamics it is necessary to find the static equilibrium
position of the journal, in which the forces resulting from the pressure distribution
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Fig. 1 Variable-geometry bearings selected for the investigation (a) — tilting pad bearing,
(b) — bump foil bearing)

in the hydrodynamic (aerodynamic) film of the bearing balance the external static
loading of the journal. Once the equilibrium position is found, the initial condi-
tions for the dynamic part of the analysis are determined. The non-linear dynamic
analysis of the bearings takes into account current forces existing in the film for
any excitation applied, and examines the trajectory of the journal motion in such
operating conditions. The above formulation of the problem requires simultaneous
integration of the equations of motion for each titling pad or elastically supported
bush in the bump-foil bearing and the bearing journal with the equations of pressure
in the hydrodynamic film. The solution to this problem bases on the reverse problem
of the dynamics of a particle, where the relations between the forces acting on the
particle and the resulting motion are examined.

Thus, the solution to this problem is limited to determining the resultant force
acting on the bearing journal and forces acting on each bearing titling pad or elas-
tically supported foil at each time step. These forces are non-linear functions of the
location and velocity of the journal, whose instantaneous values are used to solve
the equations of motion.

The motion of tilting pads or an elastic bush generates friction forces in the elas-
tic foil or the tilting shoe support. On the other hand, it is evident that the nature
of tilting pad or elastically supported bush motion can dramatically affect dynamic
characteristics of the bearing [3, 9, 10]. Therefore nonlinear modeling of dynamic
properties of a variable-geometry bearing, including design characteristics of the
support and the generated friction forces, becomes indispensable in high-speed bear-
ing applications.



220 7. Kozanecki et al.

2 Gas Bearing Technology: Tilting Pad Bearing Model

Compressibility of the gas is an important factor which is to be taken into account
in the analysis of various designs of gas bearings — of both aerodynamic and aero-
static (self-acting and externally pressurized) type. The advantages revealed by these
bearings over liquid-lubricated bearings include:

e stability of the lubricant — no vaporization, cavitation, solidification, or decom-
position under extreme temperatures (—260°C-1000°C),
e low friction (low viscosity), and practically no heating without contact [9, 10].

The titling pad bearing consists of independent titling pads coupled by the common
mass m supported on the bearing. The calculations for an individual tilting pad
are carried out in the local coordinate system, marked in Fig. 1 by the axes that
connect the pivot points with the shaft center. The second, global coordinate system
is immovable and is marked by the axis that connects the pivot point with the bearing
center. It is assumed that the thickness of the gas film at the points of support /ip; in
both co-ordinate systems is the same. In order to carry out the analysis of the bearing
dynamics it is necessary to find the static equilibrium position. In this shaft position
the force being the geometric sum of force vectors in the films of the individual
tilting pads balances the external static load of the journal. Once this position is
found, the initial conditions for the dynamic part of the analysis are determined.
Thus, the solution to this problem consists in determining the resultant force acting
on the bearing journal and the moment acting on each bearing titling pad at each
time step. These forces and moments are non-linear functions of journal location
and velocity, the instantaneous values of which are used to solve the equations of
motion, of the mass supported on the bearing, and of the titling pads of the bush.
For the bearing with three tilting pads, assuming that the rotation of each tilting
pad takes place around the axis parallel to the journal axis, the following set of
differential equations should be solved at each time step:

Jld'l :MRl(al,dzl,x.y,)'c,)},t)
Jiv1oit1 = MR (g1, oy x.y, X, p,¢) (1)
Jidixy = MRy (o, e, x.y, X, y, 1)

m)'C' = Fx(X,y,)'C,)},t)
my = Fy(x,y,x, 1)

— journal and pad motion

D (PH,) + A5 (PHy) — 2 (PH?%—{;) -
- (PHi1) + Ay (PHi 1) = 45 (PH 3
2 (PH) + Ay (PH) — 5 (PHI 35 ) -

39 _
(PHIW) =0
d P
3 (PHi+i7,8_) =0
39P\ _
(PH2%E) =0
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N—"
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2)
— pressure distribution at each pad
where m— mass supported in the bearing, J; —inertia of i th tilting pad, o;—tilting
pad deflection amplitude, MR;—tilting pad excitations,
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— compressibility number, dimensionless

A solution to the above mentioned equation set can be only obtained via numerical
computations. Firstly, the examined bearing is loaded with static force components
Fzxg and Fzyg acting along the X and Y axes of the global co-ordinate system.
Forces in the bearing film balance this force, and the system is in equilibrium. At
time ¢ = 0, an additional arbitrary force, which can generally have a constant com-
ponent and a variable component, is applied. In the global coordinate system, the
following relations represent the components of the external force Fz that loads the
bearing journal:

Fzxc = Fsrxc

att < Oand
Fzyc = Fsrye

Fzxg = Fsixc + Foxc + Fn cos(w(t —t0) + ¢n)
. att > 0 3)
Fzyc = Fsryc + Foyg + Fy sin(w(t —to) + ¢n)
where Fzxg, Fzyg — components of the external excitation at < 0 and r > 0.

The titling pad bearing consists of three independent titling pads, coupled by the
common mass m supported on the bearing. Figure 2 presents the design of a tilting
pad gas bearing with various versions of a tilting shoe support.

Each design of the support adds a specific term to the pad motion equation. In
order to present the effect of the pad support design on the bearing dynamic char-
acteristics, two sample designs were selected, which were: the frictionless pivot (a)
and the spherical pivot including simple Coulomb friction model (b). For each ex-
amined tilting pad, we integrate the equations of pressure, Eq. (2), with respect to
time, substituting the new thickness distribution of the gas film [H;]; (t + At) re-
sulting from the motion of the pads and the journal. After integrating the Eq. (2)
for successive tilting pads we obtain instantaneous forces (Fy;, Fy) resulting from
the pressure in the bearing gap, and the moments Mg; resulting from hydrodynamic
pressure distribution which was the source of rotation of the tilting pad after Az.

/

Fig. 2 Sample designs of pad supports in the high speed tilting pad bearing ((a) — frictionless
pivot, (b) — spherical pivot including friction, (¢) — elastomeric pivot, (d) — linear contact pivot)
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FX(t+ At) = i Fxi(t + At)cos((i — 1) y)
1

“
k
FY(t 4+ At) =) Fy(t + At)sin(i — 1) )
1
— external excitations of the tilting pads
Mgi(t + At) = ) Rp Fy(t + Ar) + M (5)

The above mentioned terms Mf; in Eq. (5) are calculated when the friction model
without hysteresis effects (Coulomb model) or that including the hysteresis effect is
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Fig. 3 Stable and unstable orbit of journal motion in the gas bearing with four ceramic pads. The
journal motion is excited by the rotating synchronous force ((a) — frictionless pivot, (b) — spherical
pivot including friction)
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accounted for in the pad joints. A sample solution to the above equations is shown
in Fig.3 as a non-linear orbit of the journal moving in the gas bearing with four
ceramic pads, and excited by the rotating synchronous force (i.e., unbalance force)
at the speed of 54,000 rpm (900 Hz).

The bearing data are:

k = 4 (number of ceramic tilting pads)

D = 20 mm (journal diameter)

L = 20 mm (bearing length)

Cp = 0.015 mm (design radial clearance)
N = 54,000 rpm (rotational speed)

@ = 0.05 (coefficient of the pivot friction)
Jr =0.122 grnm2 (pad inertia)

These two presented cases refer to the same geometry of the ceramic pad bearing
with frictionless pivots and with spherical pivot including Coulomb friction model.
These sample results reveal crucial influence of the pad pivot design on the bearing
dynamic characteristics. The calculation codes developed within the framework of
those investigations were verified experimentally [10]. Good agreement between
the results of the experimental investigations carried out on this machine and the
theoretical results has been found.

3 Hydrodynamic Bearing Technology: Foil Bearing Model

Foil bearings have been known for many years but their modelling still faces
considerable problems [1, 2]. These problems originate from the complicated struc-
ture of the bearings which, along with the elements known from classical designs of
slide bearings, include a foil set (bump foil and top foil) being a key bearing compo-
nent (Fig. 1). Properties of the foil set, along with those of the fluid film, determine
dynamic properties of the rotor-bearing system in this type of bearing. It is obvious
that modelling of foil bearings needs to take into account properties of the struc-
tural base, the lubricating film, and the interactions between them. Additionally,
during the start-ups and shut-downs of the rotating machine, the journal and the top
foil come into contact with each other. It is also noteworthy that the properties of
materials used in the foil bearings depend on the operating temperature. Considering
the above we can state that modelling the phenomena taking place in the foil bear-
ings requires a complex thermal fluid-structure numerical analysis. The complexity
of the above named problems can be a source of considerable differences between
numerical calculations and experimental results [2, 4]. Nowadays, designing foil
bearings requires expensive and time-consuming experiments. Reliable numerical
models could make the design process easier and cheaper.

A procedure commonly used in foil bearing modelling is the following. The
computer codes describing the fluid film are based on the Reynolds equation and
make use of algorithms of the finite difference method or the finite volume method
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Fig. 4 Fragment of foil set ((a) — FEM model, (b) — results of verification)

[1,2,4,13]. The interaction of the foil set and the sleeve surface is usually simulated
using the finite element method [2, 12, 13]. Some authors also propose to replace the
compliant foil with a single stiffness-damping element [14]. The model of the entire
foil bearing is a result of couplings between the fluid film and the compliant foil
set model. Some references suggest the use of analytical formulas [11], which are
significantly simplified, but in this way satisfactory results are often unattainable.

At the Institute of Fluid-Flow Machinery (IFEM) PASci in the first stage of
modelling, a selected fragment of foil set was examined individually. This frag-
mentary model makes use of all techniques applied by authors in the final model
of the entire foil bearing. Due to initial simplification of the model, quite an easy
experimental verification was possible. That problem was the subject of an earlier
publication [7].

The model of the structural base fragment, and the results of its verification
are shown in Fig. 4, in which good conformity can be observed. A model of the
structural base of the whole bearing sleeve was defined using the same modelling
technique as those used for the partial model. Because of its relative small defor-
mation, the bearing sleeve in final model was replaced with a cylindrical surface.
Deformations of the foil set have a crucial impact on static and dynamic charac-
teristics of the bearings. Therefore, a complete model of the foil set was defined in
program ABAQUS [7]. Contact phenomena occurring between all bearing elements
were taken into consideration. The friction coefficient was assumed equal to 0.1.

Figure 5 shows the defined model of the foil bearing structural base. This model
made it possible to calculate the deformations of the top and bump foil set from pres-
sure distributions in the bearing interspace. The dynamics of the rotor and pressure
distributions inside the bearing were calculated using computer codes composing
the MESWIR series [5, 6], which have been worked out at IFFM PASci.

In the first step, the temperature of the fluid film was calculated using the code
KINWR-D and the diathermal model of a hydrodynamic slide bearing. The temper-
ature defines the absolute viscosity of the lubricant, a parameter which is used in the
next steps of calculations. The pressure distribution in the fluid film was calculated
using the code KINWIR-I-LEW, which makes use of the isothermal model. Next,
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Fig. 5 FEM model of foil bearing structural base ((a) — isometric view, (b) — cross section)
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Fig. 6 Two-support shaft with two disc ((a) — isometric view, (b) — dimensions)

the pressure of the fluid film was distributed over the inner surface of the top foil. As
a result of ABAQUS calculations, the modified shape of the foil set was obtained to
reflect the film pressure distribution. The modified shape of the bearing interspace
was introduced into the code NLDW-LEW-75-F, and the dynamic calculations of
the whole rotor-bearing system were performed. In cases when condition changes
were introduced (e.g., additional dynamic load appears), the shape of the foil set
was determined once again, and the dynamic calculations were repeated. Using the
above model of the foil bearing, the calculations for a selected rotor were performed.
The dimensions of the examined rotor system are close to rotors in microturbines
used in cogeneration plants. The object of investigation was a two-support shaft with
two disc (a bladed disc and a generator), shown in Fig. 6.

The finite element model of the rotor-bearing system in code of MESWIR series
consists of 24 Timoshenko beam elements. Sample results of calculations, having
the form of relative journal-bush vibration curves are shown in Fig. 7.

Properties of the lubrication fluid were assumed for a selected low-boiling
medium. The results of calculations reveal that for the analysed rotor-bearing
system we can reach high rotational speed. Unfortunately, within some ranges
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Fig. 7 Amplitudes of relative journal-bush vibrations for rotor supported on foil bearings

(close to 23,000rpm and 74,000rpm) we can observe remarkable increase of
amplitude in bearing 2. The analysis of the vibration trajectory reveals that hydro-
dynamic instability appears in those ranges. Probably the origin of that instability is
caused by low load of the bearing 2. It means that the analysed rotor-bearing sys-
tem requires some modifications. For instance, we could change the width of the
sleeve bearing or use another geometry of the bump foil and introduce additional
frictional damping between the foil set by changing coating material. Using the pro-
posed methods of calculation we are able to optimize the foil bearing design before
experimental tests.

4 Conclusions

The obtained results of the theoretical analysis of the dynamics of the high speed
variable geometry bearings for oil-free turbo-machines indicate that to secure cor-
rect and failure-free operation of the rotating system, one should analyze thoroughly
the dynamics of the “rotor-bearing-casing” system within the whole range of ma-
chine operation. The differences between dynamic properties of the bearing with the
variable geometry caused by alterations in the design of the elastic foil or tilting pad
joints show crucial influence of the phenomena which normally are not included in
the classical methodology.

Therefore, nonlinear modeling of dynamic properties of variable-geometry bear-
ings, including design characteristics of the support and friction in it, becomes
indispensable in high speed bearing applications.

The presented method of calculation of the non-linear response of the variable
geometry bearing to any excitation takes into account the factors characteristic of
the design, such as friction in the supports and the type of material used for bearing
production. Experimental investigation of the machine designed and manufactured
according to the methodology presented in the paper will be the subject of further
investigations.
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Effect of Unbalance on the Dynamic Response
of a Flexible Rotor Supported on Porous Oil
Journal Bearings

S.K. Laha and S.K. Kakoty

Abstract The present study deals with non-dimensional dynamic analysis of a
flexible rotor with a rigid disk under unbalance excitation mounted on porous oil
journal bearings at the two ends. The system equation of motion is obtained by fi-
nite element formulation of Timoshenko Beam and the disk and the oil-film forces
are calculated from the solution of the modified Reynolds equation simultaneously
with Darcy’s equation. The system equation of motion is then solved by Wilson-6
method. The effect of unbalance on the rotor-bearing system can be observed from
the waterfall diagram of the rotor vibration. It has been observed that when the oper-
ating speed is low, the major cause of rotor vibration is the unbalance, but at higher
operating speeds, oil-whirl phenomenon takes over as a major cause of vibration.
The simulation is carried out for different rotor-bearing parameters. The method de-
veloped here can also be used to obtain journal centre trajectories and responses at
different nodal points of the rotor.

Keywords Timoshenko beam - Porous hydrodynamic bearing - Unbalance
response - Oil-whirl - Oil-whip

1 Introduction

Rotating machines supported on hydrodynamic journal bearings are one of the most
widely used machines in engineering field. The correct prediction of the dynamic
behaviour of a flexible rotor with complicated accessories is extremely essential.
The hydrodynamic journal bearings supporting the rotor not only affect the criti-
cal speed and unbalance response of the rotor but also induce self-acting vibration
commonly known as oil-whirl and oil-whip. Because of oil-whirl the journal centre
rotates with half of the spin speed of a lightly-loaded rotor and when the spin speed
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reaches twice the first natural frequency of the rotor, the oil-whirl becomes equal to
the shaft critical speed and at this stage severe vibration is observed which is known
as oil-whip.

Porous bearing can be used where other bearings cannot be placed due to lack of
space or when replenishment of lubricant is difficult. In the past a lot of research has
been carried out on flow in porous media. Kumar and Rao [1] presented a theoreti-
cal investigation on the steady state characteristics of finite hydrodynamic porous oil
journal bearings in turbulent regimes. Lubricant flow in the porous media is based
on Darcy’s model. Chattopadhyay and Majumdar [2] carried out the stability anal-
ysis of rigid rotor supported on porous journal bearing using linearized stiffness
and damping coefficients of the bearing. High porosity with a maximum amount
of lubricating oil is used for high-speed, light-load applications, such as fractional-
horsepower motor bearings.

Quan et al. [3] conducted experimental analysis under high speed (around
69,000rpm) and light load conditions and found that porous bearings could work
under hydrodynamic conditions even at these high speeds. To maintain hydrody-
namic lubrication for high speed application, it is necessary to supplement oil.

Nelson [4] utilized Timoshenko beam theory for establishing shape functions.
Based on these shape functions the system finite element matrices of the govern-
ing equations were derived. The inclusion of shear deformation effects yielded a
more precise element than presented previously and could be incorporated easily in
the computer programs. Muszynska [5, 6] studied the stability problems of oil-whirl
and oil-whip in rotor-bearing system. Ping et al. [7] studied the oil-whip phenom-
ena by obtaining the dynamic response of a single-disk symmetric flexible rotor
supported by two oil-lubricating bearings. Castro et al. [8] also studied whirl and
whip instabilities in rotor-bearing system considering a non-linear force model of
short-bearing approximation. Laha et al. [9] carried out stability analysis of a Tim-
oshenko Beam supported on hydrodynamic porous journal bearing using non-linear
transient method. The effects of different rotor-bearing parameters on the stability
margin of the rotor are investigated.

In the present study a flexible rotor with a centrally mounted disk, supported on
two hydrodynamic porous journal bearings is considered. Timoshenko beam the-
ory is used to model the rotor incorporating translational and rotational mass, shear
deformation, bending and also gyroscopic effect. Waterfall diagrams or cascade dia-
grams are presented to observe the effect of unbalance as well as the hydrodynamic
bearing forces on the dynamic response of the journal bearing.

2 Mathematical Model

2.1 Finite Element Equation of Motion of the Rotor-Disk System

A uniform shaft of length L mounted with a disk of mass m, rotating at constant
speed w about the Z-axis and simply supported on two bearings is shown in Fig. 1.
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Fig. 1 Rotor supported on fluid film bearings
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The shaft is discretized into a finite number of elements. The element is
considered to be initially straight and is modeled as eight-degrees-of-freedom
element, two translations and two rotations at each node. Axial motion is assumed
to be negligible. The cross-section of the element is circular and is considered to
be uniform. A typical cross-section of the shaft in a deformed state, located at a
distance z from the left end can be described by translations in X and Y -directions
as well as the small rotations about X and Y -directions.

The finite element equation of a rotor element of length / is given by Nelson [4]

(IM7)° + MRING) — 0[GI {4} + [K]*{g)* = {F)° (1)
Following non-dimensional scheme is introduced

__zl—_l Wt_—tﬁ—F
EotT e c!Th Ty

V= —,w=

al <

where, W = %(pAL + mg) g is the load per bearing.
Then elemental equation of motion in non-dimensional form can be written as

([#tr]° + ax1*) (G}~ [G]° (3} + [K] 1@y = {F)° @)

The non-dimensional equation of motion of the disk is written as,

(M9} - [G 1"} = {F},,, 3)

where { F¢},,, is the vector of unbalance forces due to the disk eccentricity.
The system equation of motion of the rotor is arrived at by assembling the ele-
mental equations and would be as follows:

([MDia} - ((GDfa} + ([K])a} = {F) @)
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In the system equation of motion, Eq. (4), the right hand side is the force vector
consisting of hydrodynamic forces at the bearing ends and unbalance forces at the
disk location due to the disk eccentricity. The non-dimensional forces at the bearing
locations can be expressed as,

Fy = —FfﬂS sing — FanS cos ¢ — 1 (in the vertical direction)

Fy = F(f 7S cosp — F,B 7S sin ¢ (in the horizontal direction)

The non-dimensional unbalance forces at the disk location are given by,

- Cw? 7 _
F{f —2( =2 (e—d) md_ sin? (in the vertical direction)
C 14+ my
m

_ Cw? -
F f} =2 (i) (e—d> ( d_ ) cos? (in the horizontal direction)
g C I +mgy

2.2 Hydrodynamic Porous Bearing

Figure 2 shows the schematic diagram of the porous journal bearing. The lubricant
flow through the porous bush and the clearance space is viscous and laminar. The
flow through the porous bush is governed by Darcy’s law and that through the clear-
ance space is governed by modified Reynolds equation.

The differential equations for the porous hydrodynamic journal bearing are given
below.

Film region

Porous Layer
Perpendicular to the
Line of centres

Solid Housing

< JDIIIiiiiies \. Line of Centres

Fig. 2 Bearing geometry
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For the porous media:

_ 321;/ R 2 8213/ _ D 2 82]3/
Kx —) == +K|+— ) = =0 5
962 +(H) 052 T ‘(LB) 022 ©)

For the clearance space:

3 (=40p D\ 9 (-53p
%(h 8_9)+(LB) PE (h 5z

— 6(1 — 2¢)(— sin §) + 12& cos 0 +ﬁ(al;) 6)

y=0

The non-dimensional bearing forces along the radial and the circumferential direc-
tions are given by

1 6,
—//p"cos@d@d%
0 0

23
/psm 0dodz (7
0

o\_

3 Solution Procedure

Let v, and wp, denote the non-dimensional horizontal and vertical deflection of the
rotor respectively at the bearing location. From the rotor-bearing geometry, ¢ and
¢ are related to vy and wp (vp = —esing and wp = —ecos¢). Therefore, the
eccentricity ratio and attitude angle and their derivatives are obtained as,

&= ,/ﬁi—i—v’vi

tang = vy / wp

& = —(vp sing + wp cos @)

b= (Vp cosp — wp sin @)
e

®)

The non-dimensional equation of motion (4) of the rotor is solved numerically by
Wilson-6 method for translational and rotational displacement, velocity and accel-
eration at each nodal point and thereby eccentricity ratio and attitude angle of the
bearing and their derivatives are estimated at every time step by using Eq. (8). Time-
step used in the Wilson-6 method is 0.0025 and it has been observed that time-step
smaller than this does not improve the solution significantly. The derivatives es-
timated as explained above are then used in time-dependent modified Reynolds
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equation for the calculation of hydrodynamic force components for the next time
step. The Gauss-Seidel iteration method with successive over-relaxation scheme is
used to solve the Darcy’s equation and the modified Reynolds equation simultane-
ously along with the boundary conditions [9] for obtaining pressure distribution.

4 Results and Discussion

In the present scheme of analysis, the non-dimensional parameters obtained are
Lg/D,e/C,eq/C,H/R,R/C,R/(2L), E/(pgL),mgy/(pAL) and Cw?/g. The
last parameter is the mass parameter, 7z which is a function of the operating speed.
Figures 3a—c show the variation of non-dimensional first natural frequency as a
function of mass parameter of a rigidly supported rotor. The critical value of mass
parameter corresponds to resonance speed at which the w, / @ = 1 line intersects
the plot as depicted in Figs. 3a—c. Both forward and backward natural frequencies
are observed.

a 13 . b s
R/2L =0.0156 R/2L = 0.0156
1.2F E 6 E p
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Fig. 3 (a—c) Variation of natural whirl frequency with mass parameter
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Fig. 5 Waterfall diagram of rotor with R/2L = 0.0156, E/(pgL) = 1.35 x 10°, 8 = 0.03

Waterfall diagrams (Figs.4-9) of the vibration response of the rotors with
different slenderness ratio and stiffness parameters are obtained at the disk location.
The following parameters are kept same while obtaining the waterfall diagrams:
LE =106 =05 5 = 025 % = 025, 5 =02, K, = K. = 1.0
The waterfall diagrams of the flexible rotor exhibit the following dynamic phe-

nomena.
1. When the mass parameter of the rotor is low, there are only the synchronous

vibrations with small amplitudes as shown in Figs.4-9, and only one peak is
observed along the line w, / @ = 1. This is caused by the unbalance of the rotor.
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Fig. 6 Waterfall diagram of rotor with R/2L = 0.0083, E/(pgL) = 2.7 x 10° and B = 0.03
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Fig.7 Waterfall diagram of rotor with R /2L = 0.0156, E/(pgL) = 2.7 x 10° and 8 = 0.6

2. Unbalance response becomes maximum at a value of mass parameter corre-
sponding to the resonance frequency. For rotor with slenderness ratio R/2L =
0.0156 and stiffness parameter E/(pgL) = 1.35 x 109, critical speed is at
m = 1.35 (Fig.3b) and from the waterfall diagram of the same rotor, highest
peak along the w, / @ = 1 line is observed at close to m = 1.4 (Fig.5).

3. At higher values of mass parameter apart from synchronous vibration, oil-whirl
which is half-synchronous vibration also appears as observed in Figs. 4-9: one
more peak is observed along @, / @ = 0.5 line. Amplitude of oil whirl increases
with the increase of mass parameter and is much higher than that of unbalance
response [5-7].
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Fig. 9 Waterfall diagram of rotor with R/2L = 0.0156, E/(pgL) = 2.7 x 10° and 8 = 3.0

4. When the spin speed approaches twice the value of first critical frequency,
the half-synchronous oil frequency reaches the first resonance speed. Let i,
be the critical mass parameter corresponding to first critical frequency, i.e.,
me.=0C a)c2 /g. Oil-whip occurs at 2w,, and the corresponding mass parameter is

m = Clow)? _ 4m.. Therefore, when spin speed reaches twice the first critical
frequency, the corresponding mass parameter is four times the critical mass pa-
rameter. For a rotor with R/2L = 0.0156 and E/(pgL) = 1.35 x 10°, the mass
parameter corresponding to the first critical speed is 1.35 (Fig. 3b) and the mass
parameter corresponding to twice the first critical speed is 5.4 (1.35x4). From the
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waterfall diagram of the same rotor (Fig. 5) when mass parameter reaches around
5.4, oil-whirl is replaced by oil-whip, the vibration frequency of which remains
close to the first critical speed. Severe vibration is observed in this regime which
is known as oil-whip [5-7].

5. Figures4 and 6 depict the waterfall diagrams for two different slenderness ratios,
R/2L = 0.0156 and 0.0083 for E / (pgL) = 2.7x10°. When R /2L = 0.0156,
maximum unbalance and oil-whirl appear at 7n = 2.67 and 2.0 respectively. Sim-
ilarly for R/2L = 0.0083, maximum unbalance and oil-whirl appear at iz = 0.4
and 0.6 respectively. It may be observed that the maximum unbalance response
and oil-whirl set in at lower speeds as slenderness ratio decreases.

6. Similarly Fig. 5 shows the waterfall diagram of the rotor when R/2L = 0.0156
and E/(pgL) =1.35 x 10°. For this case, maximum unbalance and oil whirl
appear at m = 1.4 and 1.8 respectively. Comparing Figs. 4 and 5 it may be con-
cluded that maximum unbalance response and oil-whirl are observed at lower
mass parameter value as the stiffness parameter E/(pgL) decreases.

7. Figures4, 7, 8 and 9 show the waterfall diagrams of the rotor with R/2L =
0.0156 and E/(pgL) = 2.7 x 10 when 8 = 0.03, 0.6, 1.0 and 3.0 respectively.
Bearing feeding parameter depends on the permeability of the porous bush and
has profound effect on the dynamic characteristics of the rotor-bearing system
as it may be observed from above figures. It may be observed that when § =
0.03(Fig. 4) whirl amplitude gradually increases with increase in 7. But for § =
0.6, 1.0 and 3.0 (Figs. 7-9) high amplitudes of oil-whirl appear even at low mass
parameter and these high amplitudes are observed throughout the range of mass
parameter considered in the analysis.

5 Conclusions

The present study takes up a flexible rotor Timoshenko beam supported on porous
oil bearings. The simulation of the rotor/bearing has given the advantage of consid-
ering all the non-linear effects. Therefore, the results would be of utmost importance
to rotor-bearing designers. The study carried out depicts the effect of different non-
dimensional parameters, e.g., stiffness parameter, slenderness ratio of the rotor and
bearing feeding parameter of the porous bearing. The analysis reveals that the half
frequency whirling or oil-whirl dominates the unbalance forces at higher mass pa-
rameter values vis-a-vis the operating speeds for the case of disk eccentricity ratio
of 0.25. The present model can be extended to investigate the effects of other non-
dimensional rotor-bearing parameters.

Nomenclature

A, L, R Cross-sectional area 7 D? /4, length and radius of the rotor
C Clearance of the bearing
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eqd, € Eccentricity of the disk, and eccentricity ratio ey /C
E,p Young’s Modulus and mass density of the rotor material
h Non-dimensional film thickness, / /C =1+ ¢ecosb

H Thickness of the porous bush

K., K. Non- dimensional permeability factor of the porous bush in circumferen-
tial and axial directions respectively, Kx / K, K, / K,
Lp /D Aspect ratio of the bearing

mg Non-dimensional mass of the disk, m4 /(pAL)
m Mass parameter, C w? /g

R /2L Slenderness ratio of the rotor

S Sommerfeld number

B Bearing feeding parameter, 12K, R2/C3 H
w,wp Rotor spin speed, whirling speed

¢ Attitude Angle
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Analysis of Capillary Compensated Hole-Entry
Hydrostatic/Hybrid Journal Bearing Operating
with Micropolar Lubricant

Suresh Verma, K.D. Gupta, and Vijay Kumar

Abstract The present paper describes the performance of a capillary compensated
hole-entry hydrostatic/hybrid symmetric journal bearing system operating with
micropolar lubricant. The numerical solution of the modified Reynolds equation
governing the flow of the micropolar lubricant is obtained using finite element
method. The results presented in this paper indicate that the two parameters, non-
dimensional characteristic length (/,;) and coupling number (N 2) of the micropolar
lubricant affect the static and dynamic performance characteristics of bearing and
herein these characteristics have been compared with that of Newtonian lubricant.

Keywords Capillary restrictor - Finite element method - Hybrid - Hydrostatic
- Micropolar lubrication

1 Introduction

The design of hydrostatic journal bearing system is generally based on the assump-
tion that the lubricant behaves as a Newtonian fluid. However, the lubricants used
to lubricate the bearings are mineral in nature and additives are mixed with them
to enhance their performance during lubrication. In view of the inadequacies of
classical Newtonian theory, lubrication theory for micropolar fluids is applied to
solve the lubrication problems of such fluids. Micropolar fluids are fluids with mi-
crostructure. They represent fluids consisting of rigid, randomly oriented particles
suspended in a viscous medium, where the deformation of fluid particles is ignored.
A number of studies [1-7] on micropolar lubrication have been reported. Kumar
et al. [7] have presented the performance of a double row symmetric hole-entry
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hybrid journal bearing configuration containing 12 holes per row with Newtonian
lubricant. A theoretical study of the performance characteristics of a constant flow
valve compensated multi-recess hydrostatic journal bearings operating with microp-
olar lubricant have been given by Verma et al. [8]. The present work deals with the
solution of the modified Reynolds equation and studies the performance of a hydro-
static/hybrid hole-entry journal bearing compensated with capillary restrictor and
operating with micropolar lubricant. The results presented in the study are expected
to be quite useful to the bearing designers.

2 Analysis

Figure 1 shows a geometric configuration of a capillary compensated double-row
(12 holes in each row) symmetric hydrostatic/hybrid journal bearing. The journal
is assumed to rotate with uniform angular velocity about its equilibrium position.
The three-dimensional flow of incompressible micropolar lubricant in the conver-
gent area of the journal bearing is governed by the modified Reynolds equation.
With the usual assumptions of the lubrication film and constancy of the character-
istic coefficients across the film of the micropolar lubricant, the modified Reynolds
equation is given as Prakash and Sinha [3]:

0 {h3<1>8p} 0 {h3d>8p} _wyRy0h  Oh 0

ax 12 0x @ 12 dy 2 8x+5

Bearing

Fig.1 Geometric details and co-ordinate system of hole-entry journal bearing
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where

1212 6NI Nh K o\? y\?
O=14-— - 2Meom(20), N = =)
T T (21) (2u+x) (4u)

Here p is the viscosity coefficient of the Newtonian fluid, « is the spin viscosity, y is
the material coefficient, % is the film thickness, and p is the micropolar film pressure.
N and [ are two parameters distinguishing a micropolar lubricant from Newtonian
lubricant. N is a dimensionless parameter called the coupling number which couples
the linear and angular momentum equations arising from the micro-rotational effects
of the suspended particles in the lubricant. / represents the interaction between the
micropolar lubricant and the film gap or clearance space of a journal bearing and is
termed as the characteristic length of the micropolar lubricant. Equation (1) in its
non-dimensional form can be given as

_Q%+% 2
2 0a  Of (

) (Roop

o5 .
0B ) 12 B

1272 da

0

do

where

— 12 6N Nhl
q> =1 + o COth m
R12 him 2

Using the finite element method based on Galerkin’s technique and Eq. (2), the
system equation for the discretized flow field is derived and in matrix form it is
given as: B B

F{P} ={0} + Q{Ru}+ Xs{Rxu} + Zs{Rz} 3)

A dot over terms represents first derivative of the respective terms with respect to
time. Each term of respective matrix/vector is computed using following expres-
sions:

-3

B (N ON;  —dN; ON;
o) i J Fi) L J do d 3
(8a8a+ B aﬂ)}“ﬂ (32)

—3 — —3
no(—0p\ Q- h (0P —e

— h dN;
R, = ——dad 3
Hi /Ae 2 aOl o :3 ( C)
(3d)
ﬁfﬁ = //ﬁ) sina N; da dp (3e)
A
where /1 and [, are direction cosines and i, j = 1,2, ...., nf (number of nodes per

element) are local node numbers.
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2.1 Fluid-Film Thickness

For a rigid journal bearing system, operating under static conditions, the fluid film
thickness expression in non-dimensional form is given as:

h=1-Xycosa —Zysina (@]

In a capillary compensated hydrostatic/hybrid journal bearing system, continuity
of lubricant flow rate between the restrictor and the bearing is maintained. The lu-
bricant flow rate Q p through capillary restrictor neglecting gravitational force, in
non-dimensional form is given as:

Or=Cpn(1-7,) 5

The global system of governing Egs. (3), (4) and (5) is obtained by employing
Galerkin’s orthogonality criterion and then solved after applying appropriate bound-
ary conditions [7]. For two degree of freedom system, there exist four stiffness
(S, Sizs S, S22) and four damping coefficients (Cyy, C ., C .., C.), which can be
used to study the stability of the system.

The modified Reynolds equation governing the flow of the micropolar lubricant
is solved along with restrictor flow equation by finite element method so as to obtain
fluid-film pressures. The iterative procedure is repeated till the converged solution
for the fluid film pressure field is obtained. The detailed solution procedure is as in
Verma et al. [8].

3 Results and Discussion

The mathematical model developed is used to compute the performance charac-
teristics of a hole-entry hydrostatic/hybrid journal bearing system. The results are
computed for the following non-dimensional values of bearing operating and geo-
metric parameters:

2=00,10W,=1.01=1.0,a, =0.25

Two non-dimensional parameters i.e., N2 and I, are used to distinguish a mi-
cropolar lubricant from a Newtonian lubricant. As N2 approaches zero and/or I,
approaches infinity, the micropolar effect becomes insignificant and the micropolar
lubricant converts into a Newtonian one. The validity of the developed program is
established by computing the load W (kN) at different eccentricity ratios for hydro-
dynamic bearing operating with Newtonian and micropolar lubricants. The results
shown in Fig. 2 have been compared with the available theoretical results of Wang
and Zhu [6]. The maximum deviation of about 8% and 7% are noted at maximum
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Fig. 3 Variation of minimum fluid film thickness with /,,

eccentricity ratio of 0.8 for Newtonian and micropolar lubricant respectively. The
difference in the analytical solutions may be attributed to the different computa-
tional scheme used.

The variation of static and dynamic characteristics with different values of mi-
cropolar parameters and C g, are shown in Figs.3 to 11. Figure3 depicts that for
hydrostatic mode /., get reduced at high rate at lower values of /,, in comparison
to the Newtonian lubricant. But for hybrid mode hmin increases with increase in N2
and this increase is marginally high at lower values of /,,. Figures4, 5 and 6 show
the variation in stiffness coefficients (S .., S., S-x, S-). Figure4 indicates that the
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Fig. 5 Variation of cross-coupled stiffness S, and S, with restrictor design parameter

direct stiffness coefficient (Exx) first shows increasing trend for 632 < 0.1 but after
652 > 0.15, a decreasing trend is observed for both the modes.

The effect of /,, and N2 on direct stiffness coefficient (Exx) is to enhance its
value up to C,, = 0.15, after that there is reduction for both the modes. An im-
portant observation is that there exists an optimum value of C, which gives the
maximum value of S, for different micropolar parameters. The cross-coupled coef-
ficients (S, and S,) increases with an increase in micropolar effect of the lubricant
and decreases with increase in C, as shown in Fig.5.

The direct stiffness coefficient in the direction of load i.e., S,. shows a sim-

ilar behavior as observed for S,,. For hydrostatic mode at around Cs, = 0.12
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the micropolar parameters have no effect on S.. and beyond that S . decreases with
increase in micropolar effect of lubricant as shown in Fig. 6. However, the bearing
is stiff in the direction of load and is rather soft in the direction orthogonal to it.
The direct damping coefficient (fxx) reduces with increase in the value of C 4, as
indicated by Fig. 7 and increases with increase in micropolar effect as compared to
Newtonian lubricant for both hydrostatic and hybrid modes of operation. In Fig. 8,
the cross-coupled damping coefficients (—C ., —C.,) show increasing trend with
increase of restrictor design parameter C g, and decreases with increase in microp-
olar effect for C5 < 0.125 as compared to Newtonian lubricant. At Csr = 0.125
these coefficients remain unaltered towards the variation in micropolar effect. For
Css > 0.125 the coefficients EXZ and fu increasse with increase in micropolar
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0.3

effect of lubricant as compared to the Newtonian lubricant. The Fig.9 shows that
the damping coefficient in the direction of load C_. increases with increase in mi-
cropolar effect of lubricant for both hydrostatic and hybrid mode of operation. The
variation of threshold speed @y, with C , for different values of micropolar param-
eters of lubricant, are shown in Fig. 10. It may be observed from Fig. 10 that there
exists an optimum value C g, = 0.1 at which @, is maximum for different values of
the micropolar parameters. For Cy, < 0.175 the stable region of bearing operation

increases with increase in micropolar effect of lubricant and for C s,

> 0.175 the

stable region decreases with increase in micropolar effect of lubricant as compared

to the Newtonian.
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The variation of non-dimensional critical mass (M) with Cy, for different
values of micropolar parameters is similar to that of @, as shown in Fig. 11. The
maximum percentage increase and decrease in M is found to be of the order of
19.5% and 4.2% respectively, as compared to the Newtonian lubricant for N2 =
0.9, I, = 20 corresponding to @, = 0.25 and Cs, = 0.05 to 0.25. A bearing de-
signer needs to consider these effects, in order to maintain a safe stability margin of

a journal bearing system.
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4 Conclusions

A study of hole-entry journal bearing system capillary compensated and operating
with micropolar lubricant is presented. The following conclusions are drawn from
the results presented in this study:

1. For hydrostatic mode, as compared to Newtonian lubricant,_zmin remains un-
altered at around 552 = (.15, but below and above this, /i, increases and
decreases respectively, with increase in micropolar effect of the lubricant. For
hybrid mode, Emin increases with increase in micropolar effect of the lubricant.

2. There exists an optimum value of restrictor design parameter 632 at which the
stiffness coefficient and stability parameters are maximum and that value of C g,
is around 0.1 as depicted from the results for different micropolar parameters.

3. The direct damping coefficients increases with increase of micropolar effect of
lubricant as compared to Newtonian lubricant for a specified operating and geo-
metric parameters.

Nomenclature

Dimensional Parameters

Land width (m)

Radial clearance (m)

Journal diameter (m)

Fluid film reaction (N)

Fluid film thickness (m)

Characteristic length (m)

Bearing length (m)

Capillary length (m)

Pressure (N.m™2)

Pressure at hole (N.m™2)

Bearing flow (m3.s71)

Radial coordinate

Radius of capillary (m)

Journal radius (m)

Time (s)

Velocity components in x, y, z directions (m.s™1)

External load (N)

X,y Circumferential and axial
coordinates (m)

X5, Zy Journal coordinates

z Coordinate across film thickness (m)

wr+/g/c,g acceleration due to gravity

7 Dynamic viscosity (Pa.s)

TSmO S

S St
S

o

RS
<E
o

<
S
=



Analysis of Capillary Compensated Hole-Entry Hydrostatic

Non-Dimensional Parameters

= ap/L; land width ratio;
= ¢/ Ry; clearance ratio;

cnzz(nRngcn¢w);
Restrictor design parameter

| o8l

F = F (1/psR?%) ; fluid film
reaction;

E_hﬁjmzcﬂ;

P = p/ps:

0 = (ur/c?py).0:

v = (u,v) (urRJ/c Ps):
X_V: W(:urRJ/C pS) (Ry/c):

N
| |

(C Ps/urR _])a
WO - (W /ps ) s

= (k/(2p + K))I/Z:
couphng number;
X5.Z;=(X5.Y7)/Ry:
7=27/h;
(@.p) = (x,y)/Ry;
& = e/c; eccentricity ratio;
A = L/ D; aspect ratio;
=/
Wy = wy/wr; threshold
frequency;
Q = ws(ur Ry /2 ps);
speed parameter;

Subscripts

cap Capillary; J Journal; r Reference value; s Supply condition

Matrices and Vectors

[C] Fluid-film damping coefficient

[M] Journal mass matrix

[N] Shape function matrix

{P} Pressure vector

{0} Flow vector

{R,, R.} RHS vectors for journal velocity
{Rp} Column vector (hydrodynamic term)
[S] Fluid-film stiffness coefficient matrix
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Rotordynamic Analysis of Carbon Graphite
Seals of a Steam Rotary Joint

H. Hirani and S.S. Goilkar

Abstract In the present paper, a carbon graphite mechanical seal under low speed
(<1 m/s), low pressure (3 to 7 bar) and high temperature (120-170°C) conditions
has been analyzed. Paper manufacturing machines, where the process fluid steam
transfers the heat to rotary drum for drying of paper-pulp, use a floating arrangement
of such mechanical carbon graphite seals. A good design of floating ring seal permits
relatively low clearance (to minimize leakage) without rubbing contacts, but in the
absence of a reliable rotor dynamics tool, often floating rings are subject to excessive
vibrations and subsequent brittle failure. To avoid unpredictable seal failures it is
always essential to estimate reliable static and dynamic characteristics of floating
seals. The present paper describes a numerical procedure for computing the static
and dynamic characteristics of floating ring seals accounting for all radial and axial
forces. The dynamic characteristics are predicted, based on the perturbation analysis
and a finite-difference scheme. The analyzed results have been utilized to modify the
geometric design of seal rings. Finally, comparative experimental studies performed
on the modified and existing seals have been presented to validate the modified seal
design.

Keywords Steam rotary joint - Paper industries - Carbon graphite floating seal

1 Introduction

In paper manufacturing industries, the roll of wet paper is passed over the series
of steam heated drums to vaporize the water contents of paper-pulp. The steam re-
quired for heating these drums is supplied through rotary joints which work as an
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Steam Inlet Bearing Blocks
Rotary Joint
Flange Joint /ﬂ \
: Siphon Pipe to remove
Cogiiistdte P con(Ii)ensate Rotating Drying Drum

Fig.1 Schematic of rotary joint arrangement used in paper industry

Fig. 2 Degrees of freedom ¥ Floating seal
in floating seal

intermediate assembly in between the fixed steam/condensate pipes and the rotating
drying drums. A schematic of such a rotary joint with exaggerated view of steam
rotary joint is shown in Fig. 1. Avoiding leakage of steam from rotary joint to atmo-
sphere, and allowing free relative motion of drying drum are the main design targets
of steam rotary joints. These joints are equipped with floating ring carbon graphite
seals. The floating arrangement of seal minimizes the frictional resistance and me-
chanical wear due to the formation of fluid films in between the sliding surfaces.

The floating seal ring remains in contact with the rotor surface statically at
maximum eccentricity position, but during running condition due to aerodynamic
(assuming high-temperature-steam behaves like air) and friction forces the seal-ring
achieves a different equilibrium position. The floating ring gets locked at an eccen-
tric location and such a non-contact position is a necessary condition to get good
tribological performance [1]. In complete floating position, the seal can move freely
in x and y (shown in Fig.2) directions. Such idle floating positions may provide
infinite seal life, but in practice unpredictable seal failures, with seal life equal to
two days to two months, have been observed in paper manufacturing industries. To
ensure the stable floating position of seal ring, it is necessary to estimate the dy-
namic characteristics along with static characteristics of floating seal arrangement
under realistic operating conditions.

The present paper aims:

1. To estimate dynamic characteristics of floating seal based on the perturbation
analysis and a finite-difference scheme.
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2. To design and fabricate the test set up for testing the carbon graphite floating seal
used in rotary joint.

3. To modify the geometric design of seal ring on the basis of the results obtained
through the theoretical and experimental studies.

2 Working of Steam Rotary Joint

A rotary joint, studied in the present research work, is an assembly of a shaft, siphon,
steam and condensate pipes, spring, Guide II, Guide III (Floating seal), primary and
secondary seals, as shown in Fig. 3. The mating surfaces of shaft and floating ring
are kept in continuous contact during running conditions by applying a closing force
of compressive nature, created by spring and steam pressure.

The rotary joint is assembled with massive drying drum by sealed flange cou-
pling, as shown in Fig. 1. As the shaft of drying drum is primarily supported by
bearing block, only a negligible weight of drying drum is transferred to the rotary
joint through the steam shaft [2]. However, the assembly of rotary joint and drying
drum experiences a huge variation in the required steam pressure. Further, man-
ufacturing of economic carbon graphite seals essentially requires relatively larger
tolerance band. An engineering drawing of shaft-floating ring-housing is shown
in Fig.4. The relatively wide variation in the load-magnitude and relatively large
tolerance in seal-ring dimensions (as listed in Table 1) may cause serious stabil-
ity problems for floating ring and may result in brittle failure of carbon graphite
seals.

Steam Inlet Mounting Eye of
Flange / Rotary Joint

Housing

Steam Pipe

////////

B Spring
\l\\" \ //? Shaft
// ////////////////////////////////

r N\ ’/{/y’ /

Siphon Pipe

ISNWNW%Z 2

Steam and
Condensate Cap

,,,,,,,,,,,,,, ,,,,,,,,,,,,,,,,,,,,
7%,

,,\\\ 7%

)
,,,,,,,,/,/,/,,,,,,,/,/,/,/,,,,;// Secondary Seal

.
\\

Q

Primary Seal
Guide III

Condensate Outlet Guide II

Condensate Pipe

Fig. 3 Construction of steam rotary joint



256 H. Hirani and S.S. Goilkar

Rotor/Shaft

Housing /
v Floating Seal

40.00

»

Fig. 4 Tolerances between shaft, floating seal, and housing

Table 1 Floating seal and steam shaft/rotor geometric characteristics

Outer diameter  Clearance between Clearance between

(OD) of shaft shaft and seal Cy floating seal and L/D
(mm) (mm) housing C,., (mm)  Seal length L (mm) ratio
59.60 0.06 to 0.15 0.0 to 0.1 40.00 0.671

3 Experimental Setup

To test the seals in actual industrial conditions a setup was fabricated in the
laboratory. A steam boiler was connected to seal joint to facilitate the testing un-
der required steam pressures. To know the lock up position of floating seal, two
proximity sensors were placed at 90° phase over the circumference of floating ring,
as shown in the Fig. 5a. In addition to know the running clearance (due to thermal
expansion of shaft and seal materials) a thermocouple was placed near the seal sur-
face, as shown in Fig. 5b.

Unfortunately, the measured readings of proximity sensors were unacceptably
noisy. One possible reason for unreliable results from proximity sensors is high
temperature (>130°C) steam environment around proximity sensors. Therefore an
alternative arrangement of locating shaft position [3] was made by using torque
sensor. The fabricated setup with the torque sensors and data acquisition system for
online monitoring of the friction characteristics is shown in Fig. 6. A typical graph
of measured torque and displacement data is shown in Fig. 7. The voltage output of
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Fig. 5 (a) Schematic of proximity sensor arrangement (b) Thermocouple arrangement

Qutlet
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Fig. 6 Schematic of rotary joint arrangement with torque sensor and variable frequency drive

both the sensors for a total of ten cycles (256 data per cycle) are plotted on y-axis
of Fig.7. The figure clearly indicates that displacement reading do not show any
definite behavior, while torque readings show sinusoidal behavior.

Figures 8 and 9 show the readings of torque sensor acquired at different steam
pressure and various rotational speed. It is interesting to observe that increas-
ing pressure (aerostatic loading) increases the frictional torque, while increasing
rotational speed (aerodynamic force) reduces the frictional torque. Further, these di-
agrams show that rate of increase in torque with increase in steam pressure is much
more than decrease in torque with increase in rotational speed. In other words, sen-
sitivity of torque with steam pressure is very high compared to sensitivity of torque
with respect to rotational speed.

The temperature results plotted in Fig. 10 show that operating temperature at
housing near floating ring is substantially high and such high temperature need to
be considered for reliable performance analysis of floating seal ring.
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4 Theoretical Modeling

In stationary condition, the guide III is subject to weight of floating ring (W)
and axial spring and radial friction forces. Under running condition, the floating
seal ring is subject to two additional, aerostatic and aerodynamic forces [4]. The
forces in axial direction (i.e., spring force, aerostatic force) seal the leakage path,
while forces (i.e., aerostatic and aerodynamic) in radial direction support the shaft-
assembly weight. A force balance on a section of floating ring is shown in Fig. 11.
The high pressure side normal load is calculated using K6 + %(OD2 — 1D?)
Pgeam, where K is spring stiffness (~3.723N/mm),§ is spring compression
(~86mm), OD is outer diameter (126 mm in the present case) and ID is inner
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diameter (~59.6 mm) of the seal ring. Increasing steam pressure increases the
normal load on seal ring. The friction force F» can be evaluated using coeffi-
cient of friction (u)*Normal load. Authors in their earlier publication [3] estimated

=025

Under rotational speed of shaft, there is a possibility of development of aero-
dynamic film between the floating ring and shaft, and between floating ring and
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housing [5]. To determine the aerodynamic load capacity of floating seal, the
compressible Reynolds equation (1) is solved.

0 3 0P 0 ;0P d (ph) d (ph)
ox |:'Oh 8xi|+8z|:ph 8z:|_677 |:U ox 2 ot )

Here p is the density of steam, 7 is steam-viscosity, and / is film thickness. The so-
lution is complex because /4, P, and p are functions of x /6. On assuming that steam
acts as isothermal gas (P /p = constant), Reynolds equation can be simplified:

0 opP 0 oP d(Ph) d(Ph)
—|PRP—|+—=|PhP—|= 2
8x|: h 8xi|+8z[ h az} o |:U ox * ot ]

On rearranging,

9 P2 B ap2 d(Ph) d(Ph)
— | = — | nB=—|=12 2 2
8x|: 8x:|+8z|: 8Z1| n[U 0x * ot i| @

This equation shows a strong dependence of pressure (P) and film thickness (/).
The film thickness depends on the operating clearance between shaft and ring, and
ring and housing. Due to high operating temperature, as shown in Fig. 10, the oper-
ating clearance (due to thermal expansion of shaft, seal and housing clearance) will
be different than initial clearance listed in Table 1.

Material properties listed in Table2 can be utilized to evaluate the operating
clearance. A gross approximation indicates that there will be thermal expansion
of shaft by 150 micron, seal ring by 50 micron, and housing by 250 micron. Such
thermal expansion will increase radial clearance (25 to 100 micron) between seal
ring and housing, while reduce the radial clearance (50 to 25 micron) between seal
ring and shaft. This elementary analysis indicates that load carrying capacity of fluid
film between seal ring and housing will be lesser than 10% compared to load capac-
ity of fluid film between seal ring and shaft. Accounting for these facts, Eq. (2) was
solved only for gas bearing between shaft and seal ring.

Table 2 Material properties of floating ring, shaft and housing

Material grade

Material property CYl FG 260 housing SS 304 shaft
Coeff. of thermal expansion (/°C) 3.4e-6 14.5e-6 16.9¢e-6
Transverse bend strength (kgf/cm?) 280 2,651 6,016

Shear strength (kgf/cm?) 210 - 1,896
Compressive strength (kgf/cm?) 840 7,658 6,016
Dynamic elastic modulus (kgf/cm?) 180,000 - -

Porosity (%) 12 - -

Poisson ratio 0.22 0.26 0.28

Thermal conductivity (W/m.K) 12.0 15.7 16.2
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Circumferential
scratches

Fig. 12 Failed carbon graphite floating seal

If aerodynamic force (F,ero) is larger than the resultant force due to friction and
the force due to weight, the floating ring begins to “float” to the geometric center
of the shaft [6]. An equilibrium position is obtained by solving iteratively Egs. (2)
and (3).

FIJ« + Wg — Faero (507 §00) =0 (3)

After locating the static position (&g, ¢¢), perturbation analysis [7] using Egs. (4)
and (2) can be used to evaluate the dynamic characteristics of floating seal geometry.

P =P (. o) + Pc Ae + Py Adp + P; Aé + Py Ad @)

On solving Eqs. (2) and (3), and using finite difference method under 120 rpm and
5 bar steam pressure, convergence problem occurred. There was no solution even
for eccentricity ratio greater than 0.99. This indicated that the friction force on the
floating ring was very high and aerodynamic force was insufficient to separate the
shaft from seal ring. To validate this, experiments at operating conditions of 120 rpm
and 5 bar steam pressure were performed for five hours. Failure of carbon graphite
seal ring, as shown in Fig. 12, was observed.

This study was directed to reduce the normal pressure on floating ring seal.
Therefore the outer diameter of seal ring was reduced to 112 mm.

5 Experimental Study on Modified Seal Ring

Experiments were performed on the modified seal ring having outer diameter as
112mm. Measured values of torque for this seal ring are shown in Fig. 13a,b.
Approximately 15% reduction in torque values was observed. Further, there was
no damage on the outer surface of seal ring.
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6 Conclusions

In the floating seal ring, design though the fluid dynamic forces was helpful in
maintaining the locked up conditions, but in actual practice the dry rubbing con-
dition exists due to dynamic loading of the rotor during running condition.

The sinusoidal excitations generated in the rotary joint shaft can be found out
easily with the help of frictional torque measured online during the testing in actual
industrial conditions and environment.

The floating seal ring material is found out to be good when frictional and wear
characteristics are considered. However to obtain longer seal life the loading on
seals should be kept as compressive type rather than the variable transverse bending
type created due to rotor dynamics effect.
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Applications and Research Topics for Active
Magnetic Bearings

Gerhard Schweitzer

Abstract More than 30 years of research and application experience have lead to
active magnetic bearings (AMB), which allow unique applications for rotating ma-
chinery with excellent performance. The paper will briefly discuss the state of art by
giving historic examples and actual industrial applications. The main part is devoted
to recent research topics, as a challenge to young researchers in rotor dynamics,
mechatronics design and control. As an outlook, novel applications for nuclear and
underwater environment, and for a superconductive bearing are addressed.

Keywords Magnetic bearings - Active magnetic bearings - Research topics - Rotor
dynamics

1 Introduction

Magnetic bearings offer a novel way of solving classical problems of rotor dynamics
by suspending a spinning rotor with no contact, wear and lubrication, and control-
ling its dynamic behavior. In a general sense such an Active Magnetic Bearing -
AMB is a typical mechatronics product. Figure 1 presents the main components and
explains the function of a simple bearing for suspending a rotor just in one direction.
The suspension of a full rotor of course needs several magnets, which are connected
to one another by a multivariable controller. The built-in software determines its
main characteristics, which allows to control the dynamics. Thus, the control law
of the feedback is responsible for the stability of the hovering state as well as the
stiffness and the damping of such a suspension. Stiffness and damping can be varied
widely within physical limits, and can be adjusted to technical requirements. They
can also be changed during operation. Theory, design and application are detailed in
[13], which is the reference to several figures of this survey and to further research
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Electro-
Magnet

Micro-
Processor
Control

Rotor

Power Amplifier

Fig. 1 Principle of the actively controlled magnetic bearing: a gap sensor measures the
displacement of the rotor from its reference position, a microprocessor derives a control signal
from the measurement, a power amplifier transforms this signal into a control current, and this
current generates the magnetic field forces within the actuating electromagnet in such a way that
the rotor remains in its hovering position

topics as well. Standards and guidelines on practical issues are given in [8]. After a
brief glance on history the paper shows examples of recent industrial applications
for turbomachinery and flywheels. It concentrates on actual research topics such as
high speed issues, control of elastic rotors, touch-down dynamics, and the potential
of using AMB as a key element for smart rotating machinery. An outlook on future
applications, such as in nuclear and underwater environments, concludes the survey.

2 A Glance on History

First investigations on the physics of suspending a body freely by magnetic field
forces go back to Earnshaw (1842, [3]) and Braunbek (1939, [2]). A patent of Kem-
per (1937, [9]) showed the potential of AMB for magnetically levitated vehicles,
and the experiments of Beams demonstrated a spectacular high speed application,
where mm-sized steel balls were rotated freely with up to 300 kHz until they burst
[1]. First industrial-like applications of AMB were initiated by Habermann [7] for
aerospace momentum wheels. The potential for the active control of rotor dynamics
was shown in 1974, see Fig. 2. The interest in AMB grew with the implementation
of digital control with microprocessors [15], emphasizing the role of software as a
prominent element within the machine, eventually leading to the concept of smart
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Fig. 2 Active damping:
vibration control of a
high-speed rotor by AMB
was demonstrated in theory
and experiment for a
multibody centrifuge [12].
The lateral displacements of
the rotor elements are
measured in some selected
locations, the signals are used
to derive a control signal for
generating suitable damping
forces, which act on a specific
rotor. In such a way it is
possible to cross various
bending resonances, and to
extend the operational speed
beyond the initial stability
limit caused by internal
damping effects

b.
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machines [4], Section 4. The industrialization, about 20 years ago, came with the
availability of design tools for modeling rotor dynamics and control, and with the

advances of hardware for power electronics.

3 Industrial Applications

The state of art in industrial applications will be shown by a few typical examples,
Figs. 2-6. The description of the examples is given in the captions. The actual
emphasis is on turbo-machinery, but of course, there are other promising areas as
well, such as machine tools, high-speed motors and generators, flywheels, momen-
tum wheels, or centrifuges. The main features are not only high speed, high power
density, or the control of rotor dynamics. Other features, such as the absence of con-
tamination by lubrication or mechanical wear, low energy consumption, and low
maintenance costs are prevailing now. Furthermore, the use of AMB as a key to
smart machinery allows the integration of the machine into the control of a whole
production process and to manage safety and maintenance issues.
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Fig. 3 Turbo-blower: cooling
gas compressor (CO,) for a
power laser, cutting metal
sheets up to 25 mm. The laser
needs uncontaminated gas.
The speed is 54,000 rpm, the
rotor mass 3.6 kg, the motor
power 12 kW, the radial
bearing 48 mm in diameter,
the bearing force 230 N
(courtesy TRUMPF/MECOS)
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Fig. 4 Pipeline compressor HOFIM for natural gas: integration of direct drive and magnetic bear-

ing in the turbomachine, 6 MW, 9,000 rpm (courtesy MAN Turbo/S2M)



Applications and Research Topics for Active Magnetic Bearings 267

Fig. 5 Gas-turbine/Generator for power generation: four radial bearings and one thrust bearing,
6,010 rpm, 9,000 kW, bearing diameter 400 mm (courtesy S2M)

Fig. 6 Flywheel [11]: the 140 kW energy storage flywheel has been developed to provide 15 s
of ride-through power and UPS service in conjunction with a diesel generator set. The flywheel
operates in a vacuum. In the cabinet the flywheel is on the lower left, the magnetic bearing con-
troller is at upper middle, motor/generator and system controller on upper left, and motor/generator
power electronics on the right. The right figure shows the cross-section of the flywheel: total en-
ergy storage 1.25 kWh at 36,000 rpm for delivery of 140 kW for 15 s (0.58 kWh), flywheel rotor
mass 109 kg. The flywheel has a steel hub, a 2-pole brushless DC motor/generator, and permanent
magnet biased magnetic bearings (courtesy CALNETIX)
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4 Research Topics

This survey will focus on five research topics, which actually appear to be most
challenging, and which are illustrated in exemplary figures:

High-Speed Rotors: In industrial applications the speed usually is limited not by
the bearings themselves, but by the mechanical design of the motor drive, Fig. 7.
Critical elements are the usually complex structure of the motor/generator part and
the laminated bushes on the rotor with their shrink fits, under the magnetic bearings.
Research shows that rotor speeds of up to 340 m/s in the bearing area can be reached
with iron sheets from amorphous metal (metallic glass), having good magnetic and
mechanical properties. For high speeds permanent magnet synchronous drives are
used, where the rotor is wound with carbon fibres, allowing speeds of about 300
m/s. As the cooling of the rotor, in particular in vacuum applications, is limited,
high efficiency of the drives and optimized thermal design is essential.

Control of Elastic Rotors: “There are two reasons why flexible systems present
more of a challenge to the control system designer than does a rigid rotor. The first
is the simple matter that a flexible rotor has a much wider mechanical bandwidth
than does a rigid rotor. This means that the mechanical response to high frequency
forcing is much larger for a flexible rotor than for a rigid rotor and, as a result,
the dynamic behavior of the feedback controller at high frequencies is much more
important for flexible rotors than for rigid rotors. The second reason is that, when the
sensors and actuators are not collocated axially along the rotor, then it is always true
that at least one undamped flexible mode shape will exhibit a node between a sensor-
actuator pair. If this mode has a frequency within the bandwidth of the controller,
then it poses special dynamics problems for the system. Both of these issues must
be attended to either explicitly or implicitly in the design of an AMB controller for a
flexible rotor (cited from Maslen in [13])." Figures 8 and 9 show a simple example.
For a real elastic rotor, on an elastic foundation, with several actuators and sensors,
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1004 _ 185 m/s
178 m/s -~
T T T T
0 10 20 30 40 50
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Fig. 7 Examples for the maximal diameter of the (asynchronous) motor drive in function of the
rotor speed, which has been achieved in various conventional AMB applications. The (x) indicates
arotor broken at 178 m/s. The circumferential speed is a measure for the centrifugal load and leads
to specific requirements on design and material
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Fig. 8 A pinned, flexible Actuator

beam controlled at the free Sensor
end by an active magnetic
bearing. Sensor and actuator
are not collocated (courtesy
Maslen)

il

o ) .
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Fig. 9 Modeshapes of the flexible beam of Fig. 8. The mode numbers 3 and 8 show that the
displacements measured at the sensor location are out of phase with the ones at the actuator loca-
tion, causing stability problems. For this simple single input/single output control, compensation
of the phase lag can be achieved classically. For real rotors more advanced concepts are necessary
(courtesy Maslen)

a multiple input/multiple output control has to take into account uncertainties, and
it has to be robust.

Touch-Down Dynamics: Contact between a rotor and a stator can lead to violent
vibrations. As a back-up, in order to avoid potential damage, AMB supported rotors
are equipped with touch-down bearings. These are an additional set of conventional
bearings, and the rotor will only come into touch with them in extraordinary situa-
tions. These bearings should be able to support the rotor for a limited time period
until the normal operating mode can be recovered or until the rotor can be run down
safely. Dynamics of the touch-down are inherently nonlinear, with strong depen-
dence on initial conditions, and with chaotic phases (Fig. 10). The backward whirl
is the most dangerous one, generating very high contact forces. The optimal design
of retainer bearings still relies mostly on experience, and a systematic, generally ac-
cepted design procedure has yet to be developed. Open research questions include
the choice of material, the physical insight into high-speed contacts, i.e. for contact
speeds above 200 m/s, the running down through critical speeds in retainer bearings,
and control aspects in critical contact situations.

Smart Machines: Machines can be termed smart when their internal capability
of sensing, actuating and information processing is used in an extensive way. This
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phase 3 phase 2

Fig. 10 Left Variables for describing the touch-down dynamics of the rotor within the stator:
rotor speed @, whirl velocity 6, air gap p, mass of the rotor m, normal force F and friction force
wFy. Right: motion of the rotor center within a circle with the radius of the airgap (0.3 mm). The
backward whirl is initiated by a drop down of the rotor [6]
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Fig. 11 Structure of a smart machine

leads to better functionality with features such as self-calibration, self-diagnostics,
self-tuning, self-corrections, and eventually, it leads to less maintenance and higher
safety. The smart machine in Fig. 11 consists of three main parts. One is the Actual
Mechatronic System, the real machine with its process, sensors, actuators and the
controller. The second part is the Mechatronic System Model, a software represen-
tation of the real machine, built up by using identification techniques. The model,
or a part of it, will be used for designing, modifying or reconfiguring the control of
the real machine. The third part describes the Smart Machine Management. It indi-
cates the additional functions that can be incorporated into the system by making
OsmartO use of the available information. Figure 12 shows the application of the
smart machine concept to an AMB system, which has been built as a test rig for
developing self-tuning procedures for its basic control loop.
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Fig. 12 Rotor in AMB with additional smart machine modules for diagnosis and correction

Fig. 13 Schematic
cross-section of a
turbo-generator for a nuclear
power plant, the first
pebble-bed high temperature
gas-cooled test reactor with
the gas turbine in the direct
cycle (HTR-10GT, under
construction, Chinese
government key project):

6 MW, 15,000 rpm, vertical
rotor axis, four radial
bearings, two axial bearings,
length of turbine 3.5 m, mass
of turbine 1,000 kg. (photo
courtesy Institute of Nuclear
and Novel Energy
Technology INET, Tsinghua
University, Beijing [16])
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Fig. 14 Test rig for a
superconductive bearing
designed for a4 MVA HTS
synchronous generator,
bearing capacity 500 kg,
maximum speed 4,500 rpm.
In the temperature range
below 60 K the bearing
capacity remains almost
constant. The bearing,
initially cooled down to 28 K,
can still be operated for
additional 2 h without cooling
(photo courtesy

SIEMENS [10])

The potential of AMB/rotor systems to become fault-tolerant is seen as a general
feature of smart machinery, contributing to the already very impressive, but still
growing, safety and reliability features of AMBOs.

Advanced Applications: Advanced applications are a challenge for actual AMB
research, promising novel and attractive solutions. Examples are given in Fig. 13
for a nuclear power plant, and in Fig. 14 for the use of high temperature supercon-
ductors. AMB’s in aero-engines would lead to the futuristic all-electric, or rather
oil-free, airplane [5]. Related research problems on high temperature materials are
addressed and referenced in [13]. For the deep-sea exploration of natural gas, com-
pressors will be needed that work autonomously and with minimal maintenance,
and AMB equipped machinery is offering such performance [14].

5 Conclusions

The survey shows, after a brief glance on history and trends, the state of the art
for industrial applications of active magnetic bearings in rotating machinery. Main
areas are turbo-machinery, most often coupled to directly driven motor/generator
units. The advantages are, next to vibration control and high power density, the
absence of contamination by lubrication and mechanical wear, low costs for energy
and maintenance, and high lifetime.

Five research topics are addressed and illustrated by examples: high-speed ro-
tors, the control of elastic rotors, touch-down dynamics, the smart machine concept,
and advanced applications. These include applications of AMB for nuclear power
generation, superconductive bearings, aeroengines, and underwater compressors for
natural gas exploration.
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Accurate Analytical Determination
of Electromagnetic Bearing Coefficients

C. Nataraj

Abstract Electromagnetic contactless bearings have unique advantages over
conventional bearings including no wear, reduced pollution and maintenance,
and active control prospects. Their existing mathematical models are however very
simplistic, and not very accurate leading to inferior (and, sometimes, catastrophic)
performance under demanding conditions. This paper seeks to derive a better model
from a basic consideration of the fundamental physics of the problem. It also intends
to provide a family of curves suitable for use by an engineering designer. First, the
fundamental electromagnetic equations are presented for a typical radial magnetic
bearing configuration. The bearing is divided into four subdomains and the result-
ing partial differential equations and the boundary conditions are formulated over
the different subdomains. The rotor is placed into a circular orbit, which leads to
a moving boundary problem. The equations are then solved in closed form using
an approximate asymptotic technique. The resulting magnetic fields and forces are
computed, and the results are presented in a form suitable for use by a bearing
designer. The results are also in a form that is decoupled from the active control
strategy which greatly enhances their applicability.

Keywords Magnetic bearings - Rotor dynamics - Electromagnetics - Analytical
solutions

1 Introduction

The suspension of a rotating shaft assembly in a magnetic field thereby avoiding
mechanical contact and lubrication is an idea that is very attractive and has been
the subject of some research i