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INTRODUCTION 

The 23rd Leeds-Lyon Symposium addressed the topic of “Elastohydrodynamics”. It was held 
at the regular UK venue, Bodington Hall, The University of Leeds from Tuesday September 
10th to Friday September 13th 1996. The meeting was attended by 140 delegates fiom twenty 
countries and papers were presented in sixteen sessions with once again many parallel sessions 
in order to accommodate the large numbers of papers. The organisers from Leeds were 
magnificently supported by authors fiom the tribological community world-wide and we give 
our thanks to them, to other delegates and particularly to our colleagues from the Laboratoire 
de Mecanique des Contacts of the Institut National des Sciences Appliquees de Lyon who 
once again turned out in force. 

There have been three previous international meetings addressing the general area of 
elastohydrodynamic lubrication. 

“Elastohydrodynamic Lubrication” - A Symposium arranged by the Lubrication 
and Wear Group of the Institution of Mechanical Engineers from the 21st/23rd 
September 1965. 

“Elastohydrodynamic Lubrication” a meeting arranged by the Tribology Group of 
the Institution of Mechanical Engineers from the 1 1 - 13th April 1972. 

“Elastohydrodynamics and Related Topics” - The 5th Leeds-Lyon Symposium on 
Tribology held from the 19th to the 22nd September 1978. 

All these meetings were at the University of Leeds and the Institute of Tribology within the 
Department of Mechanical Engineering and Leeds was particularly proud therefore to organise 
this fourth world-wide gathering of tribologists. Four authors at the first meeting in 1965 also 
presented papers at the 23rd Leeds-Lyon Symposium on Tribology - Alastair Cameron, 
Duncan Dowson, Chris Hooke and Jerry Kannel. It was a particular delight to have these 
colleagues with us thirty one years to the month after the first EHL Meeting. 

Professor Stathis Ioannides presented the Keynote Address before the Symposium Dinner on 
the opening evening of the meeting. His paper “Tribology in Rolling Element Bearings, 
Recent Advances and the Wider Implications“ was a tour de force reflecting his wide 
experience of the influence of elastohydrodynamic lubrication studies on the development of 
rolling element bearing technology with particular reference to his experience at SKF 
Engineering and Research in the Netherlands. In addition to this Keynote Address there were 
fifteen other sessions covering the general areas, AnalyticaVNumerical, Experimental, Soft 
EHL, Lubricant Properties, Transmissions-Gears, Biotribology, Rolling Element Bearings, 
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Boundary Lubrication, Friction, Traction and Wear, Metal Forming, Transmissions - CVT’s 
and Plain Bearings. Nine other invited technical papers supported these sessions and we are 
gratefbl to the Invited Authors for their carefblly prepared papers and valuable contributions. 
Those who chaired sessions are recorded in this Volume of Proceedings and to them likewise 
we would like to express our thanks. Not only did those who chaired the sessions keep the 
busy programme to its time schedule but they also ensured valuable discussions which are 
recorded along with the Written Discussion in this Volume of Proceedings. 

The Symposium Dinner was held at Nidd Hall Country House Hotel immediately after the 
Keynote Address of Professor Ioannides on the first evening. The dinner was graced by the 
presence of the Pro-Chancellor of the University of Leeds, Colonel A C Roberts, who has been 
a great supporter of the Department of Mechanical Engineering and the aRer dinner speech 
was made by Professor David A Parkes, Director of Shell Research Limited who entertained 
and informed delegates in a sparkling presentation. On the afternoon of Thursday 12th 
September 1996 the delegates repaired to the new Royal Armouries Museum in the City of 
Leeds. The visit had been prepared by a presentation the previous evening by Mr Chris 
O’Boyle, Chief Executive of the Royal Armouries, and the visit to this new E42 million 
development was much enjoyed by delegates and rounded off in the evening by an excellent 
meal. After the meeting many delegates remained in Leeds to enjoy a walk in the Yorkshire 
Dales on Saturday 14th September. Two years previously those who had undertaken a similar 
walk had scaled one of the three Yorkshire Peaks, Whernside. On this occasion walkers scaled 
the second of the three peaks, Ingleborough, enjoying a repast and drink or two in the same 
Public House, The Old Hill Inn, as previously. It was observed that at the next Leeds-Lyon 
Symposium to be held in Leeds there would be some sense in addressing the third of the three 
Yorkshire Peaks - Pen-y-ghent. 

Yet again we are sincerely gratehl to our colleagues at the University of Leeds who have 
joined us in the detailed planning and execution of the Symposium. These have included, Mrs 
Cath Goulborn. Mrs Sheila Moore, Dr Peter Dearnley, Mr Ron Harding, Mr David 
Hawkridge, Mr Brian Jobbins, Mr David Jones, and other academic colleagues, clerical staff, 
technical staff, research fellows and research students who have played their part. We would 
like in particular to note that David Jones retired from the Department of Mechanical 
Engineering on the 30th September 1996. His association with, and contribution to, the series 
of Leeds-Lyon Symposia since their inception has been exceptional including taking 
responsibility for all aspects surrounding the audio-visual presentations at Leeds. We should 
also like to record that one of our tribological colleagues Dr Chris Radcliffe has also left us but 
it is with pleasure that we wish to record that two new academic tribological colleagues have 
now joined us in Leeds, Dr Pascal Ehret on the 1st July 1996 and Dr Martin Priest on the 1st 
September 1996. Once again Elsevier Science Publishers BV, Amsterdam have supported our 
endeavours tremendously and we gratehlly acknowledge them and the following organisations 
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who made financial contributions to the meeting. These financial contributions enabled us to 
achieve our goals and in particular to reduce the registration fee for many younger research 
workers. 

BP International Ltd 
Charities Aid Foundation - Unilever's Research and Engineering Division 
DePuy International Ltd 
Elsevier Science Publishers BV 
FAG OEM und Handel AG 

NSK Limited 
Shell Research Ltd 
SKF Engineering & Research Centre BV 

The range of topics covered by the Leeds-Lyon series of meetings is now extensive as will be 
seen from the following list. 

1. 

2. 'Superlaminar Flow in Bearings' 
3.  

4. 

5. 
6. 'Thermal Effects in Tribology' 
7. 'Friction and Traction' 
8. 
9. 

10. 

1 1. 

12. 'Global Studies of Mechanisms and Local Analyses of Surface Distress 

13. 

14. 'Interface Dynamics' 
15. 

16. 'Mechanics of Coatings' 

'Cavitation and Related Phenomena in Lubrication' 

'The Wear of Non-Metallic Materials' 
'Surface Roughness Effects in Lubrication' 
'Elastohydrodynamic Lubrication and Related Topics' 

'The Running-In Process in Tribology' 
'The Tribology of Reciprocating Engines' 
'Numerical and Experimental Methods Applied to Tribology' 
'Mixed Lubrication and Lubricated Wear' 

Phenomena' 
'Fluid Film Lubrication - Osborne Reynolds Centenary' 

'Tribological Design of Machine Elements' 



... 
V l l l  

17. ‘Vehicle Tribology’ 
18. 
19. ‘Thin Films in Tribology’ 
20. ‘Dissipative Processes in Tribology’ 
2 1. ‘Lubricants and Lubrication’ 
22. 

23 ‘Elastohydrodynamics - ‘96’ 

‘Wear Particles : From the Cradle to the Grave’ 

‘The Third Body Concept: Interpretation of Tribological Phenomena‘ 

Over the years the organisers of the meeting and the editors of the Volume of Proceedings 
have taken great care to ensure the quality of the papers presented orally and included in the 
final Volume of Proceedings. A view on the quality of all material is taken at the presentations 
and all manuscripts are reviewed by international tribological authorities in Europe and 
occasionally from elsewhere. The editors would like to acknowledge the support of referees 
and to record their commitment to the continuation and improvements of the high quality of 
papers which appear in the Proceedings. 

Exceptionally in 1997 there is to be a World Tribology Congress held from the 8th-12th 
September in London, the organisation being led by the Tribology Group of the Institution of 
Mechanical Engineers. All major tribological research societies have committed to the support 
of this World Tribology Congress in different ways. This includes the Leeds-Lyon Symposium 
which on this unusual occasion will be held at Imperial College of Science, Technology and 
Medicine from September 4th-6th immediately preceding the World Tribology Congress. We 
are grateful to our colleagues in the Department of Mechanical Engineering and the 
Department of Chemical Engineering at Imperial College - Professor Brian Briscoe, Dr 
Philippa Cann and Professor Hugh Spikes for their positive and energetic support of Leeds and 
Lyon on this occasion and we are already looking forward to this 24th Leeds-Lyon meeting 
which will be entitled “Tribology for Energy Conservation”. 

Duncan Dowson, Chris Taylor, Tom Childs 
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EHL in rolling element bearings, recent advances and the wider implications. 

E Ioannides 

SKF Engineering & Research Centre, and 
Imperial College of Science, Technology and Medicine 

Rolling element bearings were introduced industrially in the latter part of the nineteenth century and 
rapidly became the main machine element used in the support of rotating shafts and machinery, mainly 
because of their low frictional losses. Todays' demands for increased reliability and downsizing, combined 
with the requirement for high speed development of equipment, have encouraged the development of 
predictive tools rather than following the usually more expensive and slower testing approach. This in turn 
has spurred the refinement of EHL predictions that model more realistic operational conditions in rolling 
bearing and other machine elements. In this paper, lubrication of real surfaces with roughness or damage 
from solid contaminants is discussed, together with frictional losses. The implications of treating a rolling 
element bearing as a full dynamic system are considered and the need for further research is identified. 

1. INTRODUCTION 

The rolling element bearing is the most 
widespread machine element (after nuts and bolts) 
with some fifty billion bearings in operation 
throughout the world. The origin of rolling 
bearings can be traced in antiquity where bearings 
supporting platforms in Roman ships had rolling 
elements made of bronze and wood. Even earlier a 
Celtic cart was found with hubs. having spacing for 
supporting wooden elements, rolling or possibly 
sliding [l]. Despite these early origins rolling 
bearings were introduced industrially only during 
the latter part of the nineteenth century after a 
flurry of patents during the previous century. The 
chief reason for this is that low surface roughness 
of the rolling elements and the contacting raceways 
is needed to ensure satisfactory separation of these 
components by the very thin lubricant film formed 
during rotation of the bearing. This, together with 
the use of special steels of high cleanliness, is 
necessary to ensure long and trouble-free operation 
under the high contact pressures that develop in the 
minute contact areas between the relatively small 
rolling elements and the raceways, asmay be seen 
in the photoelastic model of Fig. 1. Thus, 
commercialization of rolling element bearings had 
to await the capability of manufacturing smooth 
surfaces made of strong steel. 

Fig.1: Photoelastic model of a radially loaded 
bearing 

As a consequence the modem rolling element 
bearing is a precision machine element, usually 
mass produced at high speed with very demanding 
dimensional and working contact surface 
requirements. The high demand on dimensional 
accuracy of the different bearing components 
originates from the requirements for running 
accuracy of machinery whilst, as indicated above, 



4 

the need for low roughness originates from the need 
to build a separating lubricating film. 

Optimising the selection of rolling bearings in 
machinery is an important issue, not only because 
of the large numbers of bearings involved, but also 
because of the critical role these components play 
in many applications, including safety, for 
example in transport systems. Today's high 
performance and reliability requirements are also a 
result of keen competition for all manufactured 
equipment combined with the need for high speed 
development from concept to finished product. This 
in turn implies that numerical modelling is usually 
preferable to testing because of both speed and 

cost. Considerable effort has therefore been put into 
modelling bearing performance in increasingly 
realistic terms by including, for example. effects of 
roughness and lubricant contamination. This is 
particularly important in modem machinery where 
the trends of higher speed and increased power 
density (downsizing) have been eroding the 
traditional safety factors built into earlier designs. 

The paper discusses three of the main 
performance criteria of bearings, life, friction and 
dynamic behaviour, concentrating on EHL-related 
issues affecting these. The current issues of life 
calculation are addressed first, including the 
introduction of a fatigue limit for bearing steels 
and the representation of realistic rough or 
contaminated lubrication conditions. Some recent 
contributions to these topics may be found in Refs. 
12-61. 

In addition, advances in EHL calculations and 
rheology modelling, which extend the 
understanding of asperity interactions and more 
generally the effects of topography on film building 
and contact stresses, are also discussed. Some of 
the difficulties and the progress in understanding 
grease lubrication are also addressed, as sealed or 
greased-for-life bearing applications have been 
steadily increasing in past years. Recent work in 
this area is described in Refs. [6-91. 

These broad issues of life, lubrication and 
contamination of rolling bearings, are also 

dominant in field studies of causes of failure, Fig 2, 
see for example [lo]. It should however be noted 
in this connection that the vast majority of 
bearings, 99.5%, are either scrapped with the 
equipment or replaced during maintenance without 
having failed. 

CAUSES OF FAILURE FOR BEARING LIFE c L1 
% 

Fig. 2: Main Causes of Bearing Failure 

The issue of rheology is also further discussed 
in the next section in relation to the friction torque 
of bearings. This aspect of bearing performance is 
gaining importance in the world of today with the 
keen interest in cnergy conservation. 

Finally, in addressing the overall 
performance of bearings, the dynamic effects of 
the whole bearing operating as a system are 
discussed. Again, as forces are transmitted through 
EHL contacts, these contacts dctcrmine the 
dynamic behaviour of the rolling elements and thc 
cage. A 'systems approach' to modelling the 
dynamics of the complete bearing therefore relies 
heavily on EHL simulation. Results from the 
dynamic modelling of complete bearings at various 
levels of complexity are reported in Refs. [ 1 1-1 21. 

2. LIFE AND LUBRICATION 

As indicated in the Introduction, the 
commercialization of rolling bearings had to wait 
until manufacturing practices could deliver surfaces 
smooth enough to be sufficiently separated by EHL 
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films. This is necessary to guarantee long life for 
rolling bearings which are expected to survive 
typically lo9 contacts at each point of the 
contacting surface of the raceways, each at a high 
contact pressure between 1 to 4 GPa. With 
microslip present (Heathcote - i.e. curvature 
originated - slip, slip from manufacturing 
tolerances etc.) such separation is necessary since 
when a degree of metallic contact occurs, reduction 
of service life of the bearings has been observed. 
Empirically this has been introduced into bearing 
life calculations, [13], and into bearing 
manufacturers' catalogues. 

Bearings are selected (type and size) such that 
the percentage probability (n) to fail in an 
application within a prescribed number of Millions 
of revolutions L,, i.e. the expected life of the 
bearings, is known. A number of conditions 
influence the bearing life L, such as steel quality, 
contacting surface quality, lubricating conditions, 
load, operating temperature, internal stresses from 
fittings, bearing kinematics, etc. and an increasing 
number of these are taken into account in the 
prediction methodologies for L, [ 141. 

The lubricant in the bearing is the low shear 
strength "third body" which is used to separate the 
two otherwise contacting bodies. Thus shearing 
takes place in the lubricant and the shear stresses 
exerted on the metallic surfaces are reduced as the 
separation grows. Under a variety of operating 
conditions, the real engineering (rough) surfaces in 
rolling bearings experience different degrees of 
metallic contact. Traditionally this has been 
described by the ratio, A, of the film thickness to 
the composite roughness or by the viscosity ratio K 
preferred by bearing manufacturers. Loss of bearing 
life has been empirically related to these 
parameters. In fact, this is the major cause of 
bearing failure as can be seen in Fig 2, showing the 
percentage share of the major causes of bearing 
failure. Efforts to model real surface lubrication 
have thus intensified in recent years. Three areas of 
this effort are discussed below. 

2.1. EHL of rough surfaces 
Lubricated rough contacts are characterised by 

pressure oscillations which describe the pressure 
increase at the top of the asperities and the pressure 
decrease in the intervening valleys compared to a 
smooth contact. The EHL solution for a rolling 
engineering rough surface must in most cases 
involve a simplified description of the surface or of 
the roughness, [15-181, as the solution must be time 
dependent to *account for the varying amounts of 
entrained lubricant and its squeezing by the asperity 
approach velocities. In contrast, pure sliding of a 
rough surface against a smooth one produces a 
steady state, where there is no approach velocity. 
The problem is time independent and many 
solutions exist, [ 19-2 11. 

Estimating the life of such real rough surfaces 
is of primary interest in the effort to predict the life 
of rolling bearings. The approach to this, given the 
present day calculation limitations described above, 
is to use expressions or design curves derived from 
test [ 131 or to utilise stress fields obtained from dry 
contact solutions to estimate the expected life. 
The latter approximation is valid for thin films 
where the pressure distribution approaches 
asymptotically the dry contact one as the film 
thickness diminishes. In the absence of pressure 
fluctuation attenuation by the lubricant film the 
dry contact pressure distributions provide a 
conservative limit for the purposes of life 
calculation. Such dry contact calculations have 
been reported by a number of authors, [22-231, and 
more recently the extension of the methods to 

layered contacts has been reported [24-251. The 
dry contact subsurface stress fields were used in 
[26] to assess the relative effect of roughness 
parameters on life. In Fig. 3, from this reference, 
the computed surfaces show that averaged L,, 
values increase dramatically when the rms slope of 
the surface is reduced or when the skewness is 
made more negative. The benefit deriving from a 
reduction in the roughness amplitude & itself is, by 
contrast, more modest. 

Moreover, in attempting to model the rough 
rolling and sliding lubricated contact present in 
rolling bearings the non-Newtonian rheology of the 
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lubricants must be addressed. At the typical 
pressures and temperatures of the contacts in these 
bearings such lubricants can solidify and react to 
the small amounts of sliding present in bearings by 
leaking sideways from the top of the asperities, 
allowing oil film collapse, [27-281. This behaviour 
can also be modelled by treating the lubricant film 
as a perfectly plastic solid, [29]. Fig. 7 shows the 
calculated collapse of the oil film thickness with 
passage time through the contact for a smooth on 
rough surface combination with four different 
asperity wavelengths (h)  in the direction 
transverse to the rolling/sliding [29]. 

Fig. 3: Relative life L,, variation versus roughness, 
slope and skewness 

In general, the complexity of EHL 
calculations for real rough surfaces is prohibitive. 
However, in recent times progress in this direction 
has been greatly assisted by Multigrid techniques 
which have resulted in dramatically shorter 
computational times and smaller memory 
requirements. It is therefore expected that these 
computational techniques will further expand the 
ability to understand film formation and stress 
levels at the asperity contact level (micro EHL) 
within a rough lubricated contact, e.g. [30]. 
However, the true performance of rolling bearings 
under mixed or boundary lubrication conditions 
depends also on the chemical composition of the oil 
and any additives, which can have a profound 
effect on life. Thus, for the foreseeable future, 
additional experimental work will be needed to 
support life predictions. 

2.2. EHL of damage 
In the past, a considerable amount of 

experimental work has been reported in which 
contaminated lubricants were used in rolling 
element bearings and rolling contacts. An overview 
of this work is given in [3]. In geneml, such 
experimental work points to a wide range of life 
reductions, usually severe, indicating the need for a 
predictive model which can account for the effects 
of such realistic conditions. For this reason 
theoretical studies have recently been emerging in 
which an effort is made to systematize the many 
,parameters that govern the effects of particulate 
contamination. These studies have concentrated on 
two main aspects: (a) the mechanisms and the 
prediction of damage by particles to the raceways 
and rolling elements [4-71. and (b) a theoretical 
confirmation of how such localised damage can 
reduce the fatigue life of a bearing [8-131. For the 
latter, fatigue models such as the one reported in 
[14] have been used to predict the life reductions 
associated with damaged raceways and rolling 
elements. An alternative approach has been the use 
of Fracture Mechanics and Micromechanics 
modeling, e.g. [6]. 

Again in many cases the starting point for life 
predictions is the dry contact stress calculations. 
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These calculations themselves are quite complex 
and require large computer memory and time if 
sufficient detail of the real damaged surface is 
modelled during the passage of the rolling element 
over the damaged ring. Early examples are given 
in (311 where FE methods were used to simulate 
the effect of a certain level of filtration in 
helicopter gearboxes. Again with the advent of 
Multilevel-multintegtion techniques it is now 
possible to calculate realistic contacts in bearings 
requiring many thousands of grid points. Fig 4a, 
shows the balYraceway dry contact pressure 
distribution in a deep grove ball bearing with a 
large circular dent ( 600 p m  diameter) in the centre 
of the contact whilst Fig 4b. shows the fatigue 
criterion distribution of 1141 in the subsurface 
region of the ring. The brighter colours in this 
figure signify higher values of the criterion and 
consequently higher risk of fatigue. It can further 
be seen in this figure that the risk of fatigue is 
higher in the rim area of the dent and the 
distribution is symmetric with respect to the centre 
of the dent. This implies that the risk for initiation 
of fatigue spalls is also evenly distributed around 
the rim of the dent. This contradicts the 
experimental evidence, that spalls invariably start 
near the trailing edge of the trailing side of the 
dent. With a full EHL calculation. however, it is 
possible to show that the film pressure and the 
corresponding value of the criterion are higher in 
the trailing edge of the dent and that therefore this 
is the predicted preferential site for fatigue spall 
initiation in agreement with the experimental 
evidence, [ 3 1 1. 

Fig. 4a: Pressure distribution in deep groove ball 
bearing with a dent of 600 p 

Fig. 46: Subsurface fatigue criterion distribution 

The predicted contact pressures and the values of 
the fatigue criterion according to [I41 are 
asymmetric, as shown in Fig 5. When effects of 
sliding are introduced, additional detrimental 
effects are suggested. [33]. Again further work is 
needed to integrate this with both thermal 
calculations and non-Newtonian rheology if the 
experimentally observed film thinning and raised 
temperatures are to be explained [34]. 
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Fig.5: Predicted risk of' fatigue in the 
neighhourhood q j a  dent using l!:HI, calculations 

2.3. Starvation and grease lubrication 
The preceding discussion implies that EHD 

film thickness can be predicted with some 
confidence for cases of smooth surfaces with 
Newtonian rheology under isothermal conditions 
and also that by using modem calculation methods. 
these may be extended to include rough and 
damaged surfaces, thermal effects and 
non-Newtonian rheology. However, one further 
limitation still exists: such analyses generally 
assume a sufficient supply of lubricant to ensure 
that the inlet to the conjunction is fully flooded. If' 
this condition is not met the contact becomes 
starved with significant reduction of the film 
thickness (50% of its fully flooded value under 
moderately starved conditions). This condition can 
occur even when excess oil is present if the 
combination of high oil viscosity and high rolling 
spced results in insufficient oil replenishing the 
raceway to sustain the inlet reservoir [35]. 
Grcase-lubricated bcarings operatc almost 
exclusively in the starved regime. 

The problem of starved lubrication was first 
rccogniscd ncarly 30 years ago. Early studies 
cstablished that the degree of film depletion was 
determined by the position of the lubricant-air 
meniscus in the inlet. Both experimental 1361 and 
numerical studies 1371 have subsequently 
dcvcloped similar relationships for the critical inlet 

boundary distance for starvation as a function of 
geometry and film thickness. An alternative 
approach was used by Chiu (351, who considered 
the starvation condition in terms of thc balance 
between oil being pushed from the raceway due to 
passage of the ball and rcflow into the raceway 
outside the contact. He thus derived a simple 
expression to predict the onset of starvation in real 
contacts. The regime of parched lubrication was 
first proposed by Kingsbury [38] to denote the fully 
starved condition where there is no inlet meniscus. 
In the parched regime no free oil is prcscnt and 
only a thin film of oil remains on the surface. It was 
shown that instrument hearings could run 
successfully for several hours with thin films of 
deposited oil only 80 - 200 nrn thick as lubricant 
This would certainly not be predicted by the A 
evaluation. More direct evidence of residual film 
separation in the parched regime has been obtained 
with thin film optical interferometry mcasuremcnts 
of heavily starved contacts [39]. 

Grease lubrication similarly suffcrs from a 
lack of understanding, at a detailed level, of the 
mechanism of oil replenishment. It is still not 
possible to establish the nature of the scparating 
film, to identify the film formation and lubricant 
supply mechanism, nor to predict bearing 
lubrication performance from fundamental grease 
properties. Experimental studies of film formation 
by greases in a single contact [40J have shown that 
the development of the EHL film is now governed 
by the supply of lubricant from the surrounding 
grease reservoir. This is seen in Fig. 6, wherc EHL 
film thickness is captured by thin film 
interferometry. The films shown are thicker at the 
sides of the track, next to the 'wall' of grease. This 
behaviour is characteristic of greases, although the 
starvation speed and the final film thickness level 
vary greatly with different grease types and 
operating conditions. 
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performance of rolling bearings is judged using a 
simple criterion based on the full film-to- 
roughness ratio A .  The arguments presented above 
demonstrate some of the diffculties inherent in the 
use of A values for starved and grease-lubricated 
bearings. A more complete discussion of the 
limitations of the film-roughness ratio A can be 
found in [41]. 

3. FRICTION 

As indicated above, the success of rolling 
bearings has been as a device that can support 
rotating shafts with a relatively small loss of power. 
The friction losses of rolling bearings are treated in 
an over-simplified manner in the bearing 
manufacturers' catalogues, where the friction 
torque of a bearing is calculated from both 
load-independent and load-dependent frictional 
moments using experimentally derived factors for 
the various bearing types and operating conditions. 

EHL is one important issue in the generation 
of the frictional moment as, in most cases, the 
important contributions come from lubricated 
contacts where the film thicknesses attained and the 
rheology of the lubricant mainly determine the 
power loss (additional losses exist from hysteresis, 
churning etc). Progress in understanding and 
modelling the lubricant rheology are thus vital and 
importance advances in this area have been 
reported [42] and [43]. Non-Newtonian behaviour 
has significant implications not only for the 
frictional behaviour in the contact but also in the 
ability of the lubricant to maintain films without 
their collapse in the presence of some sliding, [27 - 
291, Fig. 7. 

Finally, because of the vast number of rolling 
bearings that are used world-wide any small 
reduction of their friction torque would have 
considerable total energy implications. Thus the 
downsizing of bearings in applications made 

Contrary to the above observations the ability possible through more accurate performance 
predictions in improvements and quality, design, 

Fig. 6: Captured film images of grease lubrication 

of a grease to form an Em film is often described 
only in relation to its base oil viscosity with no 
reference to starvation effects. Furthermore the 
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h 

steel and manufacturing, can result in savings of 
many GWs of power. 

vibration and noise, together with more accurate 
friction and life prediction. 

bearing may be adopted, where the dynamic 
modelling is based, in the first instance. on dry 

4. DYNAMIC BEHAVIOUR 

The discussion above pertains to a description 
of the bearing performance mainly in quasi-static 
terms. In reality the rolling bearing is a fully 
dynamic system with many moving parts. that is. 
the rolling elements. the cage and at least one of 
the rings. As the rotational speed of the application 
increases it becomes necessary to describe the 
bearing as a dynamic structure and more 
importantly as a 'system' where the interaction of 
its components. through EHL contacts. is 
responsible for the overall performance of the 
complete bearing. In chis, the connection with the 
environment, i.e. the bearing housing, the shaft and 
rest of the machinery can also be important. 
Furthermore, while environmental trends require 
reduction of noise and vibration, rolling bearings 
can be both a source and a transmitter of vibration 
in rotating 
machinery. Thus description of the dynamic 
behaviour of a bearing fulfils two purposes: the 
understanding, modelling and optimisation of 

x 

Fig.8: FEMmodel of a bearing in its housing 
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5. DISCUSSION AND CONCLUSION 

Fig.9: Contribution of the ball pass fiequency in 
the circumferential direction on the outer surface of 
an application with a perfect bearing and a bearing 
with outer ring waviness 

The simulation of complete bearing dynamics 
on parallel computers is discussed in [46], Fig.10. 
Here the contact forces and moments on the 
different elements of the bearing (rolling elements, 
cage, rings) are based on EHL theory. With 
complete 3-D motions allowed in this model for the 
moving elements as well as detailed geometrical 
description the model is computationally very 
intensive and requires high numerical accuracy. It 
does however produce extensive information 
describing in detail the forces on, and motions of, 
the elements of the bearing and as such can be used 
to shorten considerably the development cycle of 
bearings. This has been achieved in the design of a 
new type of bearing, the Compact Aligning Roller 
Bearing, (CARBTM), [46]. 

The understanding and theory of EHL is 
inextricably related to rolling bearing technology. 
The design of rolling bearings, as explained above, 
is based on the transfer of forces from the shaft to 
the bearing housing through the small contacts 
between the rolling elements and the raceways. 
Consequently large pressures and local 
temperatures may develop creating a severe 
operating environment for the material of these 
elements of the bearing . As the longevity and the 
reliability of the bearing largely depend on the 
events in these small contacts, it is of paramount 
importance to extend lmowledge in this area so 
that the rolling bearing, a machine element 
important to the economy of the society, can be 
designed (selected) for applications in an optimum 
way. For this, the bearing manufacturers who 
understand the application environment of bearings 
and their functioning as a mechanism, should work 
more closely with Universities and other 
Institutions which expend considerable effort in the 
understanding of the details of single EHL contacts. 
It is only through combining such elements of 
understanding that the performance of the bearing 
can be addressed properly in terms of a complete 
dynamic system. And it is only through this 
systems approach, assisted by such partnerships, 
that rapid progress can be made in optimising the 
performance and design of this very important, 
deceptively simple, though in reality rather 
complex, machine element, the rolling bearing. 
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Influence of Local and Global Features in EHL Contacts 
A.A. Lubrecht ” 
“Laboratoire de Mdcanique des Contacts, UMR CNRS 5514, INSA de Lyon, France. 

This paper re-groups some of the recent developments in the understanding of the ElastoHydrodynamic Lubri- 
cation (EHL) of non-smooth surfaces. The work is ordered according to the extent of the non-smoothness (local 
versus global). Single features like indentations fall into the local category and in general one is interested in 
features with amplitudes (depths) much larger than the oil film thickness. The Muence of large amplitude fea- 
tures can be accurately approximated using a dry contact analysis. Both one- and two-dimensional results are 
discussed, and the influence of indentations on the pressure distribution, the subsurface stress field and finally 
on the contact life is outlined. Using a one-dimensional transient analysis, the asymmetrical failure position with 
respect to the dent is explained. An intermediate group is constituted by features like scratches and ridges, that 
are local in one dimension, and global in the second dimension. Generally, their study requires a transient two- 
dimensional analysis, unless the feature is longitudinal (aligned with the surface velocity) or if it is situated on a 
stationary surface. The numerical results obtained with a ridge agree surprisingly well with experimental data, 
for both pure rolling and rolling/sliding conditions. The global features are represented by waviness oriented with 
respect to the direction of entrainment. Compared with local features, waviness results in the interaction between 
subsequent minima and maxima, rendering its study delicate. Waviness is considered to be a f i s t  step towards 
the understanding of rough surface lubrication. In the general case of rolling and sliding two sets of perturbations 
in H and P can be observed in the solution, propagating with speeds ii = (UI + w ) / 2  and 212 respectively and 
interacting. Finally, the amplitude reduction of the waviness in line contacts is discussed, together with the way 
this reduction depends on the wavelength and operating conditions. 

1. INTRODUCTION 

The classical problem of the fully flooded lubri- 
cation of smooth surfaces under stationary condi- 
tions was solved in the 60’s by Dowson and Hig- 
ginson [8] (line contact: Id) and 70’s by Hamrock 
and Dowson [12] (point contact: 2d). Their the- 
oretical predictions correlated well with optical 
film thickness measurements [40]. 

However, these two successes mark only the 
start of the research into EHL. A topic that has 
received increasing attention over the last two 
decades is pEHL (micro-EHL), the lubrication of 
non-smooth surfaces, since technical surfaces are 
never perfectly smooth on the scale of the film 
thickness. Important contributions were made by 
Ai and Cheng [l-31, Chang et al. [5-71, and Kweh 
et al. [18]. 

Furthermore, the prediction of the film thick- 
ness is not a goal in itself, it is a first step towards 
the explanation of successful operation or failure 
of concentrated contacts. A classical example of a 
performance prediction parameter is A: the ratio 
of film thickness to surface roughness h/u .  How- 
ever, it is only a first order approximation, and 

sometimes (or under some operating conditions) 
it turns out to  be an unreliable one. 

Experiments showed the dramatic perfor- 
mance reduction due to the influence of de- 
bris [19,20,31,32]. Theoretical work tried to re- 
late the influence of the micro geometry on the 
pressure distribution, the stress distribution and 
consequently the performance (life) of bearings 
[9,14,20,21,39,41]. 

The influence of surface defects and surface 
roughness on the performance of concentrated 
contacts is increasing continuously, because of 
several reasons: 
* The choice of grease as a lubricant generally re- 
sults in film thicknesses much smaller than when 
using oil lubrication, because of insufficient lubri- 
cant supply. 
* Weight reduction and higher power production 
result in smaller bearings (smaller safety factors) 
and higher power densities to be transmitted. 
* Higher operating temperatures to obtain higher 
efficiencies result in thinner oil films. 

Reduction of viscous losses result in the choice 
of lubricants with lower viscosities, which in turn 
give thinner oil films. 
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The combined effect, causes oil film thicknesses 
to decrease cont,inuously and consequently causes 
h/cr bo decrease. As a result the influence of 
surface roughness on concentrated contact per- 
formance becomes more and more important. 

’Therefore, it is vital t80 improve our under- 
standing of tthe mechanisms of successful lubrica- 
t,ion of concentrated contacts. Thus it is neces- 
sary t,o st,udy the influence of surface defects and 
surface roughness more closely. This paper tries 
to give an overview of the work in this area per- 
formed in the last decade. 

2. “R.OUGH” EQUATIONS 

The dimensionless Reynolds equation for the 
t,ransient circular contact problem reads: 

‘I’he boundary condit,ions are P ( X , ,  Y ,  T )  = 0, 

(I, VT where S,,, XI,, 1; and l’b denote the bound- 
aries of the domain. Furthermore, the cavitation 
condition P ( S ,  Y, T )  2 0 ,  VX, Y ,  T must be sat- 
isfied. € and X are defined according to: 

P(Sh,E’,T) = 0,  P ( X , Y a , T )  = 0,  P(X,Y , ,T)  = 

The density p is assumed to depend on the pres- 
sure according to the Dowson and Higginson re- 
lation [8] and the Roelands viscosity pressure re- 
lation [30] is used. 

The film thickness equation reads: 

x 2  Y 2  
2 2  

P(X’ ,  Y’, T )  d X ‘  dY’ 

H ( X ,  l’, T )  = H o ( T )  + - + - - R(X, Y,  T )  

2 

+P s, \/(,A- - X ’ ) 2  + (Y - Y’)2 

where 77 (X,  Y ,  T )  denotes the tot#al undeformed 
geometry of the surface features (72 = RlSR2) at 
dimensionless time T and H o ( T )  is an integration 
(’onstant. At all times the force balance condition 
is imposed, i.e. the integral over the pressure must 
balance the externally applied contact load. This 
c-ondition determines the value of the integration 
constant lio(T) in the film thickness equation. 
Espressed in the dimensionless variables it reads: 

l P ( X , Y , T )  d X  d Y  - - 2 8  = 0, ’d7’ 
3 

3. NUMERICAL METHOD 

The nature of the lubricated contact; its tran- 
sient character, high pressure, high shear rate, 
high heat generation and small dimensions, ex- 
cludes almost every local experimental technique 
with one notable exception: interferometric film 
thickness measurement. 

Consequently engineers have tried to under- 
stand the behaviour of rough concentrated con- 
tacts through mathematical models. Because 
of the statistical nature of the surface rough- 
ness, statistical approaches were utilized. How- 
ever, because of the very non-linear nat,ure of the 
Reynolds equation and even worse of t,he pro- 
cesses relating stress cycles to failure, this ap- 
proach had only a limited success 

A second approach tries to extend the suc- 
cessful numerical study of the global contact to 
the study of pEHL. There are, however, a num- 
ber of complications. First of all, a study of 
the sub-contact size features requires a smaller 
length scale and thus many more discrete points. 
Secondly, the algorithms have to be more sta- 
ble to cope with variations on sub-contact scales. 
Thirdly, with non-smooth surfaces the equations 
become generally time dependent, requiring a 
transient solution. These three factors lead to an 
important increase in complexity of the problem, 
resulting in a large increase in computing times. 
In order to study local features in a point contact 
problem one needs 0(106)  points ( lo3  * lo3) arid 
O( lo4) time steps. 

Consequently one needs a very very fast, con-  
puter or a fast solution algorithm. We have se- 
lected the second approach. A classical solver for 
the EHL problem requires a solution time which 
is proportional to n3 (where n is the number of 
discrete points). A modern solver such as the 
Multigrid solver requires a calculation time which 
is proportional to nIn(n).  To achieve this effi- 
ciency, one needs to improve the speed of conver- 
gence of the fluid flow equation (Reynolds’ equa- 
tion [22,23,33]), and to speed up the deformation 
calculation (film thickness equation [4,2G]). 
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4. RESULTS 

In this section we will study the influence of 
(semi) local defects (dents and ridges) on film 
thickness, pressure and bearing fatigue life in line- 
and point contacts. 
As a second step we will study the influence of si- 
nusoidal waviness on the pressure and film thick- 
ness in line- and point contacts. 

4.1. Dents 
In order that its influence is noticeable, a lo- 

cal feature such as an indentation has to have an 
amplitude (depth) much larger than that of the 
global roughness. As a result, its amplitude is 
generally (much) larger than the lubricant film 
thickness. Consequently, the pressure distribu- 
tion can be accurately approximated by the dry 
contact pressure distribution. In Figure 1 [24] the 
dry (top) contact pressure distribution is com- 
pared with the pressure distribution for the lu- 
bricated case (bottom). The differences are small 
and can only be perceived in the inlet and the 
pressure spike region. The stresses in the subsur- 
face are consequently very similar. This confirms 
our hypothesis, that for features with amplitudes 
much larger than the film thickness, the dry con- 
tact simulation gives a good approximation of the 
subsurface stress field for the lubricated case and 
thus also a good approximation of the life ex- 
pectancy, which is a function of the subsurface 
stress field. 

This fact is used to study the influence of two 
dimensional (circular) dents on two dimensional 
(elliptical) contacts. Experimental measurements 
of this type are subject to statistical fluctuations. 
Consequently, to obtain meaningful results it is 
necessary to use average values, such as Llo de- 
fined as the life (or the number of stress cycles) 
surpassed by 90% of the population under test. 
This life can be related to an equivalent stress u 
in the material according to [13,25] as: 

where u, is the so-called fatigue limit of the ma- 
terial, c is an exponent close to 10, and V,. is the 
volume where u exceeds 6,. Note that Llo = 00 

when u 5 u, in the entire volume. 
The life reduction of a contact was calculated 

as a function of the maximum smooth surface 

1 
I , , , , , ,  I (  

1.0 s 

Figure 1 Pressure distribution for a dry- and a 
lubricated contact (top and bottom) with a dent 
(middle). 

contact pressure, the dent size (relative to the 
contact size) and the slope of the dent. Figure 2 
[27] shows the life (reduction) as a function of the 
dent geometry. As the dent size increases, and as 
the slope increases, the life is reduced more and 
more. 

Although the dry contact calculations accu- 
rately predict the life of the contact with a cer- 
tain dent, they can not predict the failure posi- 

1 
M 

a m  

Figure 2 Life reduction as a function of dent size 
and slope, for Ph = 2.5 GPa. 
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Figure 3 Pressure distribution as a function of 
time. 

tion, since the risk of failure is only a function 
of r ,  the distance from the centre of the dent. 
Practice, however, learns that the failure is al- 
ways located on the trailing edge of the dent. In 
order to explain this preference it is necessary to 
perform transient lubricated calculations. The 
film thickness and the pressure distribution for 
such a transient overrolling of a dent are shown 
in Figure 3 [34]. Careful examination of the re- 
sults shows that the pressure at the trailing edge 
is larger than at  the leading edge. The result- 
ing maximum stresses are displayed in Figure 4 
[24], which clearly shows an asymmetry in the 
stresses between leading and trailing edge of the 
dent. Not only are the stresses below the trailing 

, , , I  , , , , I  
1.0 s 

Figure 4 Maximum subsurface stress over time, 
below a dent , overrolling from right to left. 

Figure 5 Photograph of an artificially created 
dent and a spall originated below the 
edge. 

trailing 

edge higher, they occur also at  a much s..allower 
depth. Consequently, the risk of failure is higher 
below the trailing edge of the dent. Figure 5 [24] 
shows a photograph of a spall generated below 
the trailing edge of an artificially produced dent. 

In this section we have studied the influence of 
isolated sub-contact size features (dents) on the 
subsurface stress distribution and consequently 
on the life expectancy of the stressed component. 
In the next section we will study in detail the in- 
fluence of waviness on the pressure and film thick- 
ness. In order to do this we will have to take a 
closer look at the Reynolds equation. 
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4.2. Waviness in line contacts 
As stated above, we will study the behaviour 

of the Reynolds equation more closely for the case 
that the surfaces are non-smooth. In the first part 
we will consider only one of the surfaces to be 
non-smooth (surface 2). First of all the Reynolds 
equation becomes intrinsically time dependent: 

Because E - 1/17 = e x p ( 4 . P )  <( 1 the first 
term in the Reynolds equation vanishes for large 
values of p h  in the high pressure region, and the 
equation reduces to: 

where X = z/b,  T = i i t / b ,  ii = (u1 + u2)/2 is the 
average surface velocity and b is the radius of the 
Hertzian contact. Neglecting variations in p the 
solution for H in the high pressure region can be 
written as 

H ( X  - T) = H ( z  - iit) = constant 

In other words: variations of the film thickness 
H are transported through the contact with a 
velocity ii, the mean surface velocity, indepen- 
dent of the velocity of the surfaces. As a result 
the pressure profile and the film thickness be- 
come largely decoupled. These numerical predic- 
tions have been verified semi-analytically (Green- 
wood and Morales Espejel [10,11,29]) and exper- 
imentally (Kaneta [15-171). As a result the ap- 
parent wavelength A* in the contact depends on 
the surface speed ratio uz/U = 2u2/(u1 + ~ 2 ) :  

A* = Xii/u2, where X is the wavelength of the un- 
deformed surface with velocity u2. 
For a stationary wavy surface (u2 = 0) A *  = 00, 

at pure rolling (u1 = u2) A* = A, at rolling-sliding 
(u2 = u1/3 = ii/2) X* = 2X, etc. 

Figure 6 [35] shows the pressure profile and 
film thickness for the same contact conditions, 
while the surface speed ratio is varied. This Fig- 
ure demonstrates the variation of the wavelength 
A *  with the slide to roll ratio. 

For the case that the waviness extends to both 
surfaces the effects become more difficult to in- 
terpret. Figure 7 [28] shows the pressure and film 

-5 -2 - I  0 I 1 

I o.ao 1.0 

Figure 6a Pressure and film thickness for con- 
stant ii; u&i = 1. 

-J -1 - 1  0 

I '  
a.0 

1.11 I 

Figure 6b Pressure and film thickness for con- 
stant ii; u2lii = 0.5. 

thickness at one location ( X  = 0, contact centre) 
as a function of time T. The simulation starts 
with the waviness well outside the contact, so the 
conditions are identical to the stationary smooth 
surface case. As time progresses the waviness en- 
ters the contact, the time being determined by 
the actual surface velocities. The waviness of the 
fastest surface will arrive first at X = 0, giving 
rise to sinusoidal pressure and film thickness fluc- 
tuations. A little later the waviness of the sec- 
ond surface arrives causing harmonic fluctuations. 
Notice that the moment when the pressure and 
film thickness fluctuations arrive at X = 0 is dif- 
ferent for both cases. Also notice that the mean 
film thickness at X = 0 increases significantly due 
to the waviness. 
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Figure 8a Experimental /I 61 and ttitorttical film 
thickness interference graphs, for u z / u  = 0. 

Figure 7 Pressiire and film thickncas as a fiinc- 
tion of t i rnra  for *Y = 0 (two sided waviness) 

4.3. Ridge in point contacts 

I<eynolcls tqiiation reads 

Figure 8b Experimental [LS] and theowtical film 
thickness interferrriw graphs, for uz /u  = 0 5 For the point contact case tlic transient 

- 0  (€g-)+$ (€g)-F---- a ( p H )  a ( p H )  
LIT 

and reduces similarly to the line contact case, for 
17 >> 1, implying c << 1 t,o: 

= o  +- a ( p H )  a ( p u )  
ax r3T 

i i i  the high pressure region. Si1ic.e t,lie pres- 
sure drops rapidly towards ambient values for 
d m  -+ I ,  for instance s = 0,  I; = *II 
the pressure flow effect,s will remain significant in 
t,liis region. ('onsequent~ly t.he rclatiori H ( x  - I L L )  
is no longer v;tlitl in this region and filir i  thickness 
variations follow the initial micro groiiiet,ry. 

Figure 8 shows a comparison of cspcrirnen- 
t,al and t,heoret,ical film thickness va.lries (Tianet,a 
[I f i ] ,  [Xi]) using interfcrenr:e t4echniques. In this 
esperi~rient,, ;I surface with a t,ransverse ridge is 
passing t h r o 11 gh I. he con t :tc t are a fo r tl i fk rr n t 
rollirig/slitliiig speeds. 

Fioin thcsc: Figures it can be conclriclecl that 
thc t,liwret,ic.itl predictions agree v r r y  well, both 
qualitatively ; L i d  quxnt,ithtiveIy, wit,h the esprri- 
I ne 11 t. ;t l resi 1 I t,s , 

( kmscqncritly we helieve tha t  these cxperiinental 
results vulitlat,e the pressure and film thickness 
I)rcili(.t,etI hy t,he theoret.ica1 niodcls for pEHL 
coiid i tioris. 

Figure 8c Experirnental [I G] and theoretical film 
tliickness interference graphs, for 7 1 ? / 1 1  = 1 .  

4.4. Waviness in point contacts 
11s is the case for longitudinal riclgcs, loiigi- 

tudinal waviness result,s in  i t  st.;tt,ionary Iiibricn- 
t i o i i  problem. Here, however, t.h(. t.r;tnsirrit. ('ase 
of transverse waviness is stjutlied. 

The extension from a single fcat.urc (rirlge) t.o 

a global feature (waviness) ('aiisc's t,tir silnle inter- 
action problems as mentioned txforc. T l w  p r t ~ b -  
lein of transient waviness was acldrc. 
Froin this study a nuniher o f  c:onc.liisions can be 
clrawn. First, of all, t,he location whew t . h c b  r r i i n -  

i i i u n i  film thickness occurs in ca-se o f  a wavy s u r -  
face is roughly tlie same as for siiiooth sklrfit(:rs: 
the side lobe region. This is true for bo1.h pi i r t :  

rolling i t r i d  rolling sliding contlit,ioiis. For t,lie case 
that the wavy surface has a vclocity l i l rgr r  t.lian 
the smooth surface (212 > I L ) ,  t . l x  inean film thick- 
ness increases, see Figure (3. 'rllis increase3 is sin-  
i l a r  t,o t,he one obswvetl for the line cont,;ic.t, case 
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0.8 

in Figure 7. However, it should be pointed out 
that the minimum film thickness decreases. Fi- 
nally, this work shows that the places where the 
film thickness variations with time, are small or 
large, coincide with the location where the origi- 
nal waviness and its induced film variation inter- 
fere negatively or positively. 

+ @ +  100,ll 0 

63 50,15.7 + - 0 - 

....... 
y 4 . g  ...... 

Y.1.W - 
Hmin --- 

0.2 ..... 

5 0.1 

0.05 

Figure 9 Film thickness a t  X = 0, Y = 
0.0,0.25,0.5,0.75,1.0 and Hmin as a function of 
time for ug = 1.5 ii. 

4.5. Ampl i tude  reduction in line contacts 
The wavelength behaviour of the fluid in the 

high pressure zone being completely described by 
Greenwood et al., the major problem that re- 
mains to be solved is the amplitude of the de- 
formed waviness Ad. In general, this amplitude 
will be a function of both the initial amplitude 
Ail wavelength A, and operating conditions ( M ,  
L ) ,  including slip. As shown in [38] it is possi- 
ble to describe the relative amplitude reduction 
as a function of a dimensionless wavelength for 
all operating conditions, under pure rolling. 

In Figure 10 the relative amplitude reduction 
is plotted as a function of a particular dimension- 
less wavelength V = A/(bH,"'4), for a variety of 
wavelengths and operating conditions. This Fig- 
ure shows that the relative amplitude Ad/Ai can 
be described by a single curve, for different oper- 
ating conditions. The relative amplitude reduces 
from 1 to 0, with increasing wavelength. Obvi- 
ously, these theoretical line contact predictions 
need to be verified experimentally. Furthermore, 
the one dimensional analysis should be extended 
to a two dimensional one, in order to study the in- 
fluence of two dimensional waviness as a function 

I\ 

9 141,9.3 x 0.6 

0.2 Oa4 t 43 

@+ 4 
0 I 

1 10 100 
A / b /  H;l4 

Figure 10 Relative amplitude reduction as a 
function of V ,  for different operating conditions 
( M ,  L )  and pure rolling. 

of wavelength, amplitude and operating condi- 
tions, but also aspect ratio and orientation. How- 
ever, the generalization of the one dimensional re- 
sults onto a single curve, represents a promising 
start. 

5.  CONCLUSIONS 

The influence of three different categories of 
surface features has been studied in two differ- 
ent ways. First, the influence of indentations on 
pressure, stress and finally life was studied. Then 
the influence of waviness and single ridges on film 
thickness and pressure distribution was studied. 
Finally, the influence of operating conditions on 
the wavelength change and amplitude reduction 
of waviness was outlined. The numerical results 
have been compared with experimental and semi- 
numerical results, the agreement was both quali- 
tatively and quantitatively good. 

This good agreement between theoretical pre- 
dictions and experimental results indicates that 
the models used are sufficiently accurate and the 
simplifications such as: newtonian lubricant and 
isothermal flow, do not have a large influence on 
film thickness and pressure distribution. Thus 
these models can be used to analyze and optimize 
the influence of waviness/roughness on contact 
performance, as a function of the contact oper- 
ating conditions. A possible application of these 
results is the 'upgrade' of the classical parame- 
ter A = h / u  by one containing A d ,  for instance 
A' = h / A d ( V ) .  This parameter would yield a 
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maximum allowable amplitude as a function of 
the wavelength for a given set of operating con- 
ditions. 

However, a more complete model should also 
include rolling/sliding, non-newtonian lubricant 
models, traction forces, heat generation, convec- 
tion and conduction in a local way. This implies 
that the viscosity becomes a function of the tem- 
perature, which varies across the lubricant film. 
Consequently the assumptions which form the ba- 
sis of the Reynolds equation are no longer valid. 
It is possible to integrate over the height of the 
film, but this now has only a limited advantage 
over the complete solution of the Stokes equa- 
tions, without the use of the thin film approxima- 
tion. The Stokes equation has other additional 
advantages: it allows for instance, the detailed 
study of the inlet meniscus, using realistic bound- 
ary conditions. 

Finally, we are confident that such extensions 
of the models described in this overview will allow 
a more fundamental and detailed understanding 
of failure mechanisms in concentrated contacts, 
as surface induced spalling and scuffing. 
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Fully Coupled Elastohydrodynamic Solution Techniques for the Analysis of Real Rough Line 
Contacts using Finite Element and Finite Difference Models 

C D Elcoate, H P Evans and T G Hughes 
School of Engineering, University of Wales Cardfi, Cardif€, CF2 1XH 

This paper describes two computational models for the analysis of real roughness. line contact. 
elastohydrodynamic lubrication (EHL) problems assuming non-Newtonian lubricant behaviour. Models have 
been developed based on finite element and finite difference techniques. They are extremely robust with 
convergence of the numerical method assured irrespective of the starting conditions. Results are presented for 
a series of real roughness contacts. Of particular importance are the results where the lubricant film is 
considerably thinner than the roughness features of the surface finish. The results exiubit much less pressure 
rippling and asperity deformation than has been seen in equivalent Newtonian analyses. 

1. Introduction 

Thc cngineering application which is the main 
driving force belund the numerical models 
presented in this paper is that of high speed, high 
temperature auxiliary gearboxes used in the 
aerospace industry. The contacting lubricated 
surfaces in such components have low geometric 
conformity resulting in high contact pressures. 
These high pressures produce elastic deformation of 
the contacting surfaces and in turn have significant 
effects on the viscosity and density of the lubricant. 
The behaviour of such contacts falls into the regime 
of EHL. Factors which affect the formation or 
otherwise of a lubricant film in such contacts 
include relative surface speeds. load, temperature. 
lubricant properties and component surface finish. 
Aerospace gear boxes often operate under extremely 
harsh conditions, for example, at high speeds, high 
temperatures and with low viscosity lubricants, and 
as a result tend to have relatively thin 
elastohydrodynamic lubricant films. In extreme 
cases the contact can suffer a drastic reduction in 
oil film leading to metal to metal contact and a 
condition known as scuffing. One of the main 
factors that needs to be accounted for when 
lubricant films are so thin is the surface finish of 
the contacting surfaces. A surface roughness R, 
value of 0.4 pm is typical for aerospace gear teeth, 
which becomes very significant when compared to 
typical predicted film thickness values of 
0.1 - 1.0 pm. 

Numerical modelling of rough surface EHL 
contacts has been performed by numerous 
investigators in recent years. A number of modcls 
have been published involving various 
configurations of surface roughness. Sinusoidal 
roughness features have been considered by such 
authors as Goglia et al. (1984), Lubrecht et al. 
(1988) and Kweh et a]. (1989). Real roughness 
features where the R, value is significant compared 
to the film thickness have been considered by Kweh 
et al. (1992) and Patching (1994). Greenwood and 
Morales-Espejel (1994) extended the Newtonian 
steady state problem to include transient behaviour. 
They analysed sinusoidal roughness features and 
noted that the film thickness irregularities caused 
by the surface roughness travel at the mean velocity 
of the lubricant. and thc pressure ripples travel at 
the velocity of the features that produced them. Ai 
and Cheng (1994) carried out transient analyses of 
measured surface roughness profiles with R, valucs 
below 0.1 pm. They concluded that for simple 
sliding where the rough surface was stationary the 
roughness asperities were almost completely 
flattened, and as the velocity of the rough surface 
increased then the degree of flattening reduced. 
When the velocity of the rough surface was equal to 
or greater than the rolling speed they noted that the 
resultant film shape was close to the initial 
undeformed profile. Chang et al. (1993) 
incorporated thermal, transient and non-Newtonian 
effects assuming sinusoidal roughness, and stated 
that "...misleading results of large pressure rippling 
and flattened surface roughness are obtained using 
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the Ncwlonian lubricant models under steady-state. 
isothernial conditions." They concluded that less 
asperity deformation is present due either to non- 
Newtonian and thermal effects or to transient 
effects. 

The niodcls prcsentcd in this paper stem from 
difficultics experienced in applying thc model 
developed by Patching ( 1  994) to thc analysis of real 
rough contacts assuming Newtonian lubricant 
bchaviour. The model he developed was based on 
a successful smooth surface numerical model which 
consisted of a forwardinverse hybrid formulation. 
Great difficulties wcrc cxpcrienced however when 
applying the model to problems with real roughness 
profiles as the interchange between the forward and 
inverse methods was required for almost every 
individual roughness feature, of which there are 
many in a contact. Subsequently convergence was 
slow and required considerable user interaction. 

The work reported in this paper follows on from an 
investigation into the benefits of coupling the 
elasticity and flow cquations. This technique was 
described by Okamura (1982) who used a fully 
coupled Newton-Raphson model. This was 
subsequently extended by Houpert and Hamrock 
(1 986) to enable analysis of heavily loaded, smooth 
linc contacts assuming Newtonian lubricant 
behaviour. They achieved results up to maximum 
prcssurcs of 4.8 GPa with the Reynolds equation 
formulated in its first order form. The models 
dcscribcd in this paper include many of the features 
seen in these unified treatment, fully coupled 
models to overcome the difficulties experienced 
using a forwardinverse hybrid technique. 
However. the non-Newtonian Reynolds equation 
devclopcd by Cony et al. ( I  987) is formulated in its 
second order form. This is the necessary form if 
the methods are to be extcnded to consider 2D 
problcms. 

2. Notation 

b 
d 
El. E2 
E' 
h 
b i n  

Hertzian scmi-dimension 
elastic deflection 
Young's moduli of the two surfaces 

film thickness 
minimum film thickness 

2 / E'= ( 1  - v;) / E, +(1- vf ) / E, 

effective film thickness 
pressure 
radius of relative curvature, 
I / R  = 1 / R ,  +1 /R2  
radius of curvature of the surfaccs 
surface roughness parameter 
dummy integration variable 
mean entraining speed= (u,  + u 2 )  / 2 
surface speeds relative to contact 
load per unit length 
co-ordinate in direction of rolling 
pressure coefficient of viscosity 
parameters in density relationship 

viscosity 
viscosity at zero pressure 
density 
density at zero pressure 
representative shear stress 
Poisson's ratios of the two surfaces 
slide roll ratio=2(u, - u 2 ) / ( u ,  + u 2 )  

'effective4 

Other symbols are defined in the text 

3. Formulation 

This paper is concerned with one dimensional EHL 
line contacts. Both surfaces are treated as semi- 
infinite elastic solids so that the displacement 
normal to the surface is given by: 

where r is the co-ordinate of the point (usually 2b 
downstream of the contact), relative to which the 
displacement is established. The film thickness is 
given by: 

x2 h(x) = d(x) +- + c ~ ( x )  + C 
2R 

where cp(x) is the measured roughness a1 s. Thc 
constant C is madc up of the undeformed separation 
and geometry at the point relative to which thc 
displacement is established. 

Isothermal conditions are assumed and the viscosity 
and density of the lubricant are taken to depend on 
pressure as follows: 
v = Vo ~ x P ( ~ P )  



The nowNewtonian flow equation adopted is the 
second order, one dimensional, modified Reynolds 
equation developed by Conry et al. (1987). 

where: 

S =  

and: 

3( Ccosh C - sinh C) 

C3 zih2 sinh' C 

C=-- h dP 
22, dx 

The representative stress, T", for the purpose of this 
work is taken as constant although it is known to be 
weakly dependent on the pressure. 

The finite element method was adopted to solve 
equation (1). The finite element method used is 
the weak formulation of the Galerkin weighted 
residual approach. Thc domain is discretized 
using one dimensional quadratic elements and the 
numerical integration of the resultant equations is 
carried out on a local elemental level by 3 point 
Gauss quadrature. 

The finite element method is formulated using an 
iterative Newton-Raphson technique which 
incorporates full coupling of the elastic and 
hydrodynamic equations. The full matrix is set up 
and solved for pressure by means of Gaussian 
elimination. The pressure is under relaxed as 
necessary and the process repeated until 
convergence is reached. A simple flow chart 
outlining the main steps involved in an analysis is 
shown in Figure 1. The boundary conditions 
imposed are p = 0 at the upstream and downstream 
boundaries. The position of the upstream boundary 
is set at -3b but the position of the downstream 
boundary is initially unknown. The actual position 
of the downstream boundary is dealt with during 
the solution of the matrix. Whilst performing the 
back substitution, if a negative pressure is 
calculated in the exit region this pressure is set to 
zero and thcrcforc eliminated from the remaining 
back substitution. This method allows the position 

of the downstream boundary to 
automatically as long as suflicient 
elements are provided. 

~ 
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be found 
downstream 

1- 
Initialise problem, 
i.e. set separation. 
calculate contact 

area and Hertzian 
pressure distribution 

thickness based on the 
pressure distribution 

1 from the previous cycle. 1 
I 

matrices using the 
appropriate fully 

coupled hydrodynamic 
and elastic equations. 

t 

i 

Solve the system of 
matrices by Gaussian 

elimination, 

Update the pressure and 
relax if necessary. 

I 1 
f 

Figure 1 Flow chart for the fully coupled 
Newton-Raphson formulations. 

An equivalent finite difference model was also 
developed using the same governing equations and 
assumptions as the finite element model. Full 
details of both the finite element and finite 
difference formulations will be presented in future 
publications. 
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4. Roughness Model 

The line contact model adopted for this work 
consists of a stationary, rough surface of parabolic 
shape loaded against a moving. smooth surface. 
The ground surface roughness is transverse to the 
direction of flow which is representative of the 
conditions present in most gear teeth contacts. 

For the purpose of this work the ground surface 
analysed was that from a well run in but un-scuffed 
expcrimental disc. The disc measured was one 
used by Patching (1994) in a two disc scuffing rig. 
The disc was manufactured in such a way as to be 
representative of the finish found on gear teeth in 
aerospace auxiliary gearboxes. The surface was 
measured in a circumferential direction along the 
centre of the running track using a profilometer, the 
resultant profile is shown in Figure 2. where the 
rounding off of asperity tips caused by the running 
in process is apparent. The profile has an R, value 
of 0.32 pm with maximum peak to valley 
dimensions of approximately 2 pm. 
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Figure 2 Real roughness profile. 

Thc measured roughness data from thc profilometer 
was taken at a sample spacing of 3.5 pm which at 
the conditions analysed results in 96 measured 
points in the contact dimension b. To avoid 
individual roughness features being defined too 
coarsely, by only 3 points for example, the original 
measured data was interpolated to produce 288 
points in b. The interpolation routine adopted is 
detailed in Patching (1994) but essentially fits a 
curve to the original data points so as to fit new 

points between each original point without 
introducing new roughness features. Figure 3 
shows an example section of the roughness profile 
with the interpolated data superimposed 011 the 
original measured data. 

9 0.5 96 I 

t- < -  ,- I -1.5 1 

550 560 S70 580 590 600 

Mesh point 

Figure 3 A section of the real roughness profile 
showing the original measured data (96 points in b) 
and the interpolated data (288 points in b). 

5. Finite Element / Difference comparisons 

Patching (1994) analysed the real roughness profile 
discussed above assuming Newtonian lubricant 
behaviour. Figure 4 which is taken from Patching 
( 1994) shows the resultant pressure distribution and 
film shape from the analysis. To investigate the 
effect of non-Newtonian lubricant behaviour a 
comparison between the Patching (1 994) result and 
those from the finite element and finite difference 
models was carried out. The conditions used arc 
representative of Mobil Jet Oil at 100°C and are 
summarised in Table 1. 

Table 1 
Conditions assumed for comparison 

R,  and R, 19.05 mm 
TO 3.0 MPa 
5 0.3 
W' 600 KN/m 
U 24.87 m/s 
El and E, 206.8GPa 

01 11.1 GPa-' 
rln 0.0048 Pas 

v ,  and v2  0.3 
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Figure 4 Results of Newtonian analysis (Patching 
(1994)). (a) Pressure distribution with Hertzian 
pressure shown for reference. (b) Film shape. 

The value of 5 was chosen as a representative value 
for gear tooth contacts. The value of zo used is 
discussed in section 6. Both models converged 
from an initial Hertzian pressure distribution, and 
corresponding film thickness with added roughness 
as shown in Figure 5. Both models converged 
within 50 cycles using a relaxation of 0.15 on the 
pressure. Figure 6 shows the resultant pressure 
distribution and film shape from the finite element 
model. (the results for the finite difference model 
are indistinguishable in this graphical form). 
Table 2 summarises the representative film 
thicknesses from Patching (1994) and the finite 
element and finite difference models. The central 
film thickness is not included in Table 2 because, at 
its fixed position, it does not give a true indication 
of the overall film thickness and can be misleading. 
Instead, the effective film thickness is given which 
represents an approximate value for the average 

central film thickness obtained by drawing a line 
through the film shape asperities at the centre of the 
Hertzian contact region 

-1.5 -0.5 0.5 

xh 

Figure 5 Initial film shape for non-Newtonian 
analyses. 
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Figure 6 Results of nowNewtonian analysis using 
finite element model. (a) Pressure distribution 
with Hertzian pressure shown for reference. (b) 
Film shape. 
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Table 2 
Film thickiiesscs froiii real rough comp;ii ison 

Method h,,,,,, (prn) h,+,>,,,L,. (pm) 
Patching (1091) 0 389 0 170 
Finite cleniciil 0 366 0 -150 
Finite diffeicnce 0 3 7 3  0 -100 

Froin l'ablc 2 11 c;in be seen that tlic agreement 
betwccn the current finite difference and finitc 
element iiiodcls was \'cry good, tlic difference being 
only 2 'YO Comparing thc minimum ;ind effective 
f i l n i  tliiuknesscs of Patching's ( 1994) Newtonian 
;inalysis with those obtained froin tlic non- 
Nc\i,toni;in aml! scs shows ii slight reduction in Iilni 
thickncss i n  tlic non-Nc\\;loni;in case. This is i n  
agrccmcnt with many results frolli Newtonian non- 
Ne\vtoiii;in conip:irisons where thinner films are 
seen when using ii noii-Newtonian forniulation. 

The most interesting fcatorcs of tlicsc malyscs 
though are sccn in the plots of pressure distribiition 
and film sh;ipc sho\vn in  Figures 4 and 0 .  
Patcliiiig's ( IOO-1)  Neivtoni~i analysis. Figure 4. 
shows Inrgc ripplcs i n  the pressure distribution in 
the liigli prcssiirc region and a corresponding film 
shape that has had the aspcritics almost complctcly 
Ilattcncd The cqui\,alcnt non-Newtonian analyses 
csliibit iiiuclr siiiallcr pressure ripples i n  tlic high 
pressure rcgioii and the corresponding film shapes 
still Iia\sc proniincnt aspcritics althougli the valley 
features remain essentially tlie siiiiic These 
lindings :ire in ;igrccmcnt with those TI-oni Goglia cl 
al.  (198-1) and Cliang ct a l .  (19x9) ;ilbcit with 
siriiplilied roughness iiiodcls. 

Froni this an;il!sis i t  can be seen t h i l t  the results 
fi-om the finite clenient and finite diffcrcncc modcls 
:iIc csscntially tlic s m c .  and for tlie purposes of the 
investigation described i n  section 0 onl! tlic rcsrilts 
fIom the finitc eleinent model i l l  be presented. 
iilthoilgh the discussion will be rclc\,;int to both 
rnodcls. 

I tic linite clcnicnt model has been used to 
in\cstigatc the cffect on tlic pressure dislributioii 
arid film shape of operating condition changcs 
leading to d~ffercnt cffecti\ e film thichncsscs The 
conditions sclcctcd foi the conipar~son icprcsent 

severe scuffing conditions used during ;I IIKI disL 
cqm-inient forming one of ;I series ieported b\ 
Patching el a1 ( 1 9 9 5 )  The actual contlilioii~ used 
are representatne of Mob11 Jet 0 1 1  a1 107Y' and arc 
~ i imniar i~cd  111 Table 3 

Table 3 
Conditions assumed ror the real rouglincss m i h  ses 

R ,  and R, I9 05 iniii 

T o  3 0 MPii 
r 
b 1 2 4  
1% ' 1032 KN/m 
%" 0 027. 0 064. 0 1x3 

E ,  and E, 
0 342 and 0 660 N/ni 
206 X GPa 

\', and \', 0 3 
(X 8 34 GPa-1 

Parameters particulat to this :inal?sis thougli ;iic thc 
assiimed valucs of q,U and zC, 

Thc value for T~) is tlic sanie vnliic used b? C'onr! ct 
al. (1987). This value is at the lo~vcst end of rhc 
range nicnsiircd by Evans aiid Joliiisoii ( 1 0x6) ;ind 
was sclcctcd to prodiicc an  andysis ivhich csliibitcd 
iron-Newtonian behaviour LO the fullcst possible 
cstcnt. 

I n  the modified Reynolds equation. cqiiation 1 .  
whcn using the Barus pressure \,iscosily Im and 1'01 
;I specific slide roll ratio. U onl!, appears ;is ;I 

product with qo. To prodiicc ;I fd1  range of f i ln i  

thicknesses the prodrict of qo and U w s  adjusted. 
The actual valucs of qoU were increased from a 
~ninirtiuiri value of 0.027 N / m  (case a) to 0.000 N/m 
(casc c) in  the five steps given i n  Table 3 

A converged solution for condition c was produced 
initially from ;I Hertz pressure distribution with 
corresponding rough surface similar to that sho\vn 
i n  Figure 5 .  The solutions for tlic rcniaining 
conditions were produced froni the conwrgcd 
solution of the previous condition. i.c. d and b from 
c. i i  froni b arid c from d. Condition c conwrgcd 
within SO cycles using a rclasation factor of 0. I5 011 

tlic prcssiirc. The rcniaiiiing conditions ;ill 
converged witliiii 3 0  cycles using a rc1;isation factor 
of 0 .  15 on the pressure. Thc pressure distributions 
:ilid f ihi shapes for cases 21. c iilid c ;II.C sho\\iI I I I  

figures 7 to 9. The HertLian prcssure is ~iicludcd 
on the prcssurc distribution figures for rcfercncc. 
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Figure 7 Results of non-Newtonian analysis using 
finite element model, case a. (a) Pressure 
distribution with Hertzian pressure shown for 
reference. (b) Film shape. 

The resulting minimum and effective film 
thicknesses are given for each condition in Table 4. 

Table 4 
Minimum and effective film thicknesses from the 
real roughness analyses 

Case VOU 'effective 
(N/m) ( pm) ( pm) 

a 0.027 0.10 0.047 
b 0.064 0.20 0.15 
C 0.183 0.45 0.33 
d 0.342 0.65 0.54 
e 0.660 1.00 0.86 

Table 4 shows that by varying qoU from 0.027 to 
0.660 N/m results in a change in the effective film 
thickness from 0.10 to 1.0 pm and in minimum 
film thickness from 0.047 to 0.86 pm. With the h 
ratio varying from 0.3 1 to 3.1 this provides a full 
range of film thicknesses for discussion. 
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Figure 8 Results of non-Newtonian analysis using 
finite element model, case c. (a) Pressure 
distribution with Hertzian pressure shown for 
reference. (b) Film shape. 

The general trend that can be seen in Figures 7 to 9 
for the pressure distribution is that with increasing 
qoU the pressure distribution becomes less severely 
rippled. For example, Figure 7 shows the pressure 
distribution at condition a is severely rippled and 
exhibits large pressure gradients, whereas the 
pressure distribution in Figure 9 for condition e can 
be described as undulating with small pressure 
gradients. Conditions b, c and d represent gradual 
changes between the two extreme cases a and e, as 
can be seen for the intermediate case c shown in 
Figure 8. 

The general trend that can be seen in Figures 7 to 9 
for the film shapes is that with increasing qoU the 
film thickness increases and the basic film shape 
becomes less flat in the Hertzian region. For 
example Figure 7 shows that at condition a the 
effective film shape is almost completely flat and 
parallel in the Hertzian region with only the most 
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Figure 9 Results of non-Newtonian analysis using 
finite element model, case e. (a) Pressure 
distribution with Hertzian pressure shown for 
reference. (b) Film shape. 

severe asperity features remaining. Figure 9 shows 
that at condition e the film shape is no longer flat or 
parallel, with both the large and small scale 
roughness still remaining and the film thickness 
reducing throughout the Hertzian contact region. 
Conditions b, c and d, as seen for the pressure 
distribution, represent a gradual change between 
the two extreme cases a and e, as can be seen for 
the intermediate case c shown in Figure 8. Figure 
10 shows the series of film shapes together, and 
from this figure the gradual change as qoU 
increases can be clearly seen. Figure 10 also 
demonstrates that the valley features are essentially 
the same for each condition. 

a 
- 3  ln 

4 2  

M E l  
0 

iz 
-1.5 -0.5 0.5 

x/b 

Figure 10 Comparison of film shapes from the 
nowNewtonian analyses using the finite element 
model, cases a, c and e. 

The analyses presented so far were run at a 
minimum qoU value of 0.027 N/m, condition a. 
As stated earlier the conditions adopted for this 
analysis represent severe scuffing conditions from 
Patching et al. (1995) who experienced scuffing at 
an qoU value of approximately 0.01 N/m. To try 
and replicate this actual experimental condition 
analyses were carried out with decreasing values of 
qoU and results were obtained using a value of qoU 
= 0.015 N/m. The effective and minimum film 
thicknesses from t h i s  analysis were 0.05 pm and 
0.007 pm respectively with a h ratio of 0.16. The 
results not presented show that the minimum oil 
film thickness is extremely low and is consistent 
with the experimental result where scuffing 
occurred at qoU = 0.01 N/m, giving firther 
confidence in the ability of the numerical models to 
predict pressure distributions and film shapes in 
real rough EHL problems. 

7. Discussion and Conclusions 

The theoretical results presented in this paper show 
that the fully coupled finite element and finite 
difference models can be used to obtain solutions to 
line contact EHL problems with real roughness and 
very thin films. The maximum Hertzian contact 
pressure analysed in this paper is 1.4 GPa although 
pressure peaks up to approximately 2.5 GPa are 
present. More heavily loaded contacts can be 
analysed using the models, which have been used to 
study smooth contacts with maximum Hertzian 
pressures of 4 GPa and above. The model has been 
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found to be extremely robust with convergence of 
the numerical method being assured irrespective of 
the starting conditions adopted. For example, the 
real roughness analyses presented in this paper can 
be converged from an initial Hertzian pressure 
profile which is far from the converged pressure 
profile. A number of analyses carried out have 
however been produced from a previous solution to 
reduce the number of cycles to convergence. 

One of the most interesting features of the real 
roughness analyses are shown in the plots of 
pressure distribution and film shape. Patching 
(1994) in his Newtonian analyses of the same 
profile showed extreme rippling in the pressure 
distribution in the high pressure region and a 
corresponding film shape that had the roughness 
asperities almost completely flattened. The non- 
Newtonian analyses detailed here exhibit much 
smaller pressure ripples in the high pressure region 
and the Corresponding film shapes still have 
prominent asperities. even at very thin films. In 
fact the authors have analysed contacts with very 
small slide roll ratios. as low as 1.0 x i.e. 
approaching Newtonian behaviour. which still 
exhibited the asperity features seen at the higher 
slide roll ratios presented here. This suggests that 
the pure rolling Newtonian assumption when used 
in conjunction with a rcal roughness profile results 
in a very special case which is not realistic when 
considering actual engineering problems. 

The analyses of a real roughness contact at different 
effective film thicknesses produced marked 
differences in the pressure distributions and film 
shapes. At thin film conditions the film shape, 
made up of the tips of contacting asperities, is 
almost completely flat and parallel in the Hertzian 
region with only the most severe asperity features 
remaining. The associated pressure distribution is 
sharply rippled and exhibits large pressure 
gradients. At thick film conditions the film shape 
converges towards the exit with asperity tip features 
largely unmodified. The associated pressure 
distribution can be described as undulating with 
small pressure gradients. The results presented 
here emphasise that even when the effective EHL 
film thickness is much smaller than the surface 
roughness the capability of maintaining separation 
of the contacting bodies still exists when analysing 

the contact in one dimension. This observation 
supports the model proposed by Evans and Snidle 
(1996) that scuffing occurs due to leakage of the 
lubricant from the valley features in a transverse 
direction, i.e. side leakage. 

It should be noted here that the results presented are 
obtained using an isothermal model. A thermal 
analysis is required to take the full effect of sliding 
at the contact into account. It has already been 
stated that aerospace auxiliary gearboxes operate at 
extreme conditions resulting in rapid shearing of 
the thin lubricant film. The heat generated by this 
shearing will cause further thinning of the lubricant 
and a thermal treatment will allow this aspect to be 
tackled. 
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Fatigue and Brittle Fracture Analysis of Surface Engineered Materials in Rolling Contact 

T.H. Kim and A.V. aver  

Tribologv section, Department of Mechanical Engineering, ImpeM College, London SW7 2BX 

An analysis is presented of the failure by fatigue and by brittle fracture of MSO tool steel surfaces subject to rolling 
sliding contact. The analysis includes the effects of roughness on both surfaces, of slide roll ratio and of the 
intmduction of a shallow nitrided case such as has been previously investigated experimentally. Results suggest 
that the failure may be strongly influenced by the distribution of the magnitude and the cycle rate of stresses in a 
very shallow surface layer. The analysis agrees broadly with some pubhshed results but this may be fomitous. 

1. INTRODUCTION 

Application of surface engineering to rolling 
element bearings and gears is becoming 
commonplace as the search for higher performance 
continues. General surfsce treatment processes are 
described in Hutchirigs [l] and the use of nitric@ 
aJhini- ' *  gfortoolsteelbeanngsbyVanes 
[2). The stress distribution in loaded contact varies 
significantly with depth from the surface, as Olver [3 j 
illustrates, and it is accepted that ideally engineered 
materials should possess an appropriate variation of 
hardness and residual stress to withstand these stress 
~XlditiOllS. 

So far, materials and processes have mostly been 
developed from experimental observations and trial 
and error approaches without relating to the 
mechanisms respoasible for the failures. Studies to 
understand the stresses involved in rolling contact 
have been progressively developed from a smooth 
contact model by Smith & Liu [4] to real roughis 
and friction incorporating models by Sayles and co- 
workers [5,6]. 

In the present paper, we formulate an analysis 
method for surfaces whose properties vary with 
w h .  The model is based on the fatigue life model 
developed by Ioannides and Harris [q. Evaluation of 
full sub-surface stress distribution and the stress 
history of rolhg-sliding contact between two rough 
surfaces under both normal and tangential loads is 
developed, with emphasis on the importance of 

slidmg effects on the stress cycles experienced The 
profiles usedin the analysis are measured from real 
rough surfaces, or generated artificially using a 
random &wring function. A similar stress criterion 
is also used in the model to assess the probability of 
brittle fractwe, which often occurs when the hardness 
of the material is high. Analyses have been applied to 
a bearing steel (M50) with and without the surface 
treatment (nitriding). Mechanical property variations 
resulting from the fllrface mtment processes are 
accommodated in the analysis by means of a 
parameter which varies with depth from the surface. 

2. BACKGROUND 

Rolling element beanngs and gears in simplest 
t e r n  can be &mi as moving components in 
nonconformal contact under transmitted load. As the 
area of contact is very small compared to the size of 
the components, dominant stresses are concentrated 
around the contact region and can be extremely high. 
The problem of the contact of elastic bodies under a 
normal load was first investigated by Hertz in 1881, 
who derived expressions for the load distribution 
over the contact area and the stresses in the bodies in 
the vicinity of the contact region. This classic theory 
of contact was solved for smooth frictionless contact. 
The contact area is elliptical in general, but when 
elongated bodies, such as a cylinder or a flat, are 
involved in the contact (the major axis of the contact 
area much greater than the minor one), the problem 
can be simpli6ed as a two dimensional one by 
treating it as a line contact. This is a reasonable 
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assumption to apply to most roller beanngs and gears 
to reduce the complexity of the analysis required. 
Definitions of different types of contact in  general are 
described by Johnson IS!. 

Recent advances in numerical methods and 
computing powers have allowed more realistic 
features of the contact problem to be used in the 
analysis. The key features involved in rolling contact 
are the roughness of the contacting surfaces. 
lubrication and the friction. is well as the running 
conditions. such as the applied load the rolling speed 
and the slicfing induced. Each play a role in 
determining the nature of the contact conditions 
which consequently influences the stress and hence 
the failure mode. The models proposed in the past are 
described in the following section with regards to the 
above mentioned features of the rolling contact 
problem and their relevance in deducing more 
realistic account of the stresses experienced. 

2.1. Surface and subsurface stress 

The solution to the problem of the stresses in the 
smooth elastic body due to tangential and normal 
loads in line contact was presented by Snulh and Liu 
in 1953. who showed that when the conibination of 
loads considered are applied at the contact. the 
maximum shearing stress occurs at the surface 
instead of beneath the contact. as p h c t e d  by Hertz. 
and the magnitude is also larger. This emphasised the 
importance of friction in the contact which distorts 
the stress field signlficantly and shifts the location of 
the maximum stress of concern closcr to the surface. 
They also showed the existence of some reversal of 
stress (tension behind the contact) due to fnction and 
suggcsted how a crack may start and propagate when 
stresses are predominantly in compression. Such 
findngs were important step towards explaining the 
cause of Failures. such as pitting initiating from the 
suhce in the rail heads. wiuch appeared more Severe 
in curved rails where contact stresses due to both 
tangential and normal forces occur. However, the 
model solved the contact problem on the basis of the 
Hertzian pressure dstribution for both the tangential 
and normal loads and did not a m u n l  for the 

roughness which also induces critical strcsscs at the 
surface. 

Webster and Sayles developed a numerical 
model to simulate the elastic frictionless contact of 
real rough surfaces bv solving the classical two 
dmensional plane strain problem for the vertical 
displacements due to any applied pressure 
dstribution. The numerical method used allows 
contact pressures and dsplacements to be solved 
simultaneously. 

The pressure hstributions of real measured 
rough surfaces in contact were shown to consist of a 
large number of pressure spikes existing across the 
contact, and in many places well above the 
correspondmg hertzian pressure. A typical pressure 
dstribution over a rough surface is shown in figure 1. 
which shows the pressure fluctuating rapidly with 
respect to each asperity contact and valleys within the 
contact area. The apparent area of contact is much 
less than that prdc ted  by Hertz and the pressures are 
much higher. 

Further development of the model is made by 
Cole and Sayles [Uj who investigated the effccts of a 
coating layer in the substrate on the contact pressure 
dstribution. They varied the thickness and the ratio 
of elastic modulus of the coating and the substrdte to 
examine the changes in the contact pressure. From 
their results, it can be Seen that when the elastic 
modulus of the coating and the substrate are similar, 
the presence of the layer has little influence on the 
pressure dstribution, but when the coating layer is 
stiffer than the substrate the pressure peaks generated 
become much more pronounced. However most of the 
surface engineering processes suitable for rolling 
contact are of the thermochemical process typc whch 
involves modification of the composition and 
microstructures of the surface locally. but the elastic 
moduli of the surfaces are very little affected. In this 
paper. we neglect variation of elastic modulus 
resulting from the surface treatments of intcrcst. 
namely carburising and nitriding. 

Using the pressure distribution of rough surfaces 
gcncratcd by Webskr and Sayles’ contact model. 
Bailey and Sayles developed a numerical model to 
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Figure 1. Pressure distribution over a rough surface loaded by a smooth cylinder. High 
pressures peaks many times greater than the hertzian presswe are evident throughout the 
contact area. 

Figure2. orthogonal shear stress field beneath a rough contact. Concentration of high 
stresses at the surfhce due to individual asperity contacts decays rapidly with depth. The 
hertzian shear stress distribution is retained away from the surface. 

evaluate the complete subsurface stress field of non- 
conforming rough badies in elastic contact. Their 
model produced similar stress field to those shown by 
Smith and Liu when smooth flat profiles were used, 
but when measured rough profiles were used, the 
stresses near the surface were sigmficantly large and 
concentrated locally. Figure 2 shows a typical stress 
field in the vicinity of the contact. The 'roughness 
stresses' concentrated near the surface are the result 
of localised asperity contacts which give rise to very 
high local contact pressures. Large pressure spikes 
dominate and influence the stress field at the surface 
and superimpose with the neighbowing stresses, but 

these '- stresses' are very local to the contact 
surface and the typical hertzian stress field is retained 
away from the contact. 

They demonstrated the importance of surface finish 
(i.e. roughness) on the stress field by analysingseveral 
Merent surface finishes to illustrate how the 
maximum shear stress could occur very close to the 
sudhce, even when the fictional effect is ignored. 

One of the most notable changes in bearing 
Wures in recent years has been the origin of fatigue 
failures. At one time it was common to observe 



failure at inclusions which was believed to have 
initiated by cycles of shear stress below the surface at 
depths given by Hem. when these random defects 
wcrc inside the stressed zone. However. as the quality 
of materials has improved, both as a result of 
improvements secondary steelmalung and in some 
sectors introduction of' vacuum remelting the number 
and size of internal defects acting as critical stress 
raisers have been reduce4 so that when failures 
occur they are found to be surface originalcd. pcrhaps 
caused by the 'roughness stresses'. 

2.2. Lubrication 

In bearings and gears. the lubrication films 
gcneratcd arc elasto-hydrodynamic lubrication 
(EHL) or micro- elasto-hydrodynamic. The contact 
stress and the operating temperature are often very 
high and relatively low viscosity grades of lubricant 
are oiten selected because of cold start and other 
qwpment constraints. In these regmes of 
lubrication, thcrc exist sigrufiatnt surface interactions 
on the asperity scale. StuQes on the lubrication films 
in these regimes have been carried out for e.xample 
by Chang [lOl to understand the mechanisms of 
lubricated friction and wear. and Ai and Cheng 11 11 
have studed thc effect of roughness and thc relativc 
slidmg spccd bctwccn the contact surfaces to 
demonstrate fluctuations of pressurc occurring across 
the contact. Although, these featurcs of lubricant 
films arc important in obtaining morc precise picture 
of the pressure distribution in slidmg contact of rough 
surfaccs. rcsults have not in the main been confkmcd 
cspcrimcntally and thcrc arc considcrablc dfficulties 
associated with the analysis. We will assumc dry 
contact in this paper, correspondmg lo the lubricant 
films generated bcing thin comparcd to thc 
roughncss (0<1.< 1 ). 

2.3. Failure modes and life calculations 

The most common failure in rolling contact 
subject to cyclic l o a d q  is fatigue fixture. Lundberg 
and Palmgren 1121 developed a theory to evaluate 
fatigue life of rolling bearings in the early 1940's. 
Their theory relates the survival probability S of the 
bearing subject to a number of cycles N of repeated 

concentrated stress. in terms of the maximum 
orthogonal shear stress ru and the depth Z0 at which it 
occurs. and the volume Vof the stressed zone. 

so and Z,, were deduced from Hertz theory for 
smooth elastic body contact subject to a normal load 
only. It predicted the failure to occur from the 
subsurface zone where the maximum orthogonal 
shear stress occurs. Although, the theory provided 
useful predictions, several life adjustment factors had 
to bc introduced to the original model in order to 
justrt) new observations in modern bemngs, such as 
longer lives and surface originated failures when the 
maximum stress was thought to occur below the 
surface. 

A new fatigue life model developed by 
Ioannides and !-Jams in 1985 uses the complete 
subsurbce stress field of the body, rather than a 
maximum value for the stressed volumc. This is done 
by dividing the stressed volume in the region under 
the contact into small elements of Ab' of uniform 
stress. This allows every point in the volume to bc 
assessed indwidually for failure. whcthcr it initiatc at 
thc surface. or from subsurface. They also implicd a 
threshold fatigue stress limit to exist for rolling 
contact. below which no failure would occur, to 
cxplain thc extended fatigue life of bearings. 
Ioannides. Jacobson and Tripp [ 131 cniployed the 
shcar stress amplitude mdf i cd  by thc hydrostatic 
prcssurc. which influences the onset of yield and the 
fatigue limit to achicvc bettcr prcdctions without the 
need for ambiguous life adjusting hctors. Lubrecht. 
Jacobson and loannides 1141 eliminated the use of the 
depth weighting parameter arguing that thc survival 
of each volume elements should depend only on the 
stress experienced and not its relative position to the 
surface. 

More recently, Hamer et al. [IS] used the 
maximum shear stress amplitude, modified by the 
hydrostatic pressure component and the threshold 
shear stress. from a simulated rolling-sliding contact. 
They simulated rolling and sliding by moving one 
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body in relation to another and translating profiles 
relative 10 each other, respectively. A series of 
pressure distribution resulting from each discretized 
movements is used to determine the stress field 
variation of the subsurface region and the maximum 
value of each elements is used in the life calculation. 
They also investigated the importance of the asperity 
sliding completely over another and contributing 
greater fatigue risk due to the shear stress reversal. 
They expressed expected number of asperities 
overtaken in the contact in terms of the sliding speed 
and the average asperity spacing and showed the 
fatigue Me to be inversely proportional to the sliding 
speed This is an important feature of the model 
which is taken fiuther in this paper by considering 
the stress history generated in more detail from a 
fatigue point of view by examining the cycles of shear 
stress experienced within the passage of contact, 
rather than the number of asperities expected to slide 
over one another, and using a special counting 
method to determine equivalent damagmg cycles to 
be used in the fatigue model. 

BrittIe fracture is another important failure 
mode to consider as the materials of interest are 
becoming harder at the mike to be susceptible to 
fast fracture. Pearson [I61 implemented rolling 
contact tests of several hard surfaces and showed 
longer lives from strengthened contact surfaces. but 
the failures appeared to be brittle in nature. Stanley, 
Fessler and Sivill [I71 derived a general expression 
for the failure probability of a component subject to a 
non uniform, multi-axial stress system by means of 
the usual Weibull analysis. As with the fatigue 
analysis, the 1 1 1  stress dstribution in the component 
is used by dividing the component into a number of 
elements small enough to warrant the assumption of 
constant stresses. There is a close similarity between 
the two analyses in that both use the localised stresses 
of indvidual elements where each one contributes to 
the overall assessment. The dfferences are the stress 
component used in the criterion, the maximum 
principal stress is used in brittle fracture analysis. and 
the omittance of the number of cycles to failure term. 
The probability of failure term is used instead to 
describe their susceptibility, as there is an inherent 
variation involved with brittle materials behaviour. 

The following section describes in detail the 
proposed model to assess rolling contact fatigue of 
rough SurEdces and the signrficance of the sliding 
effects on the actual damaging cycles experienced 
and the probability of brittle fracture under the same 
stress conditions. 

3. DESCRIPTION OF MODEL 

The model proposed by Ioannides and Harris, 
given in equation (2), is used as the starting block 
where CT is any stress criterion integrated over the 
stressed volume. 

In this paper, we have chosen to neglect the 2 
term. as discussed before, and use the shear stress 
range in the stress criterion as the shear stress 
variation is quite random in nature in rough contact 
and determining the amplitude of the cycles can be 
ambiguous as it depends on the mean value. The 
range is defined as the difference between the 
maximum and the minimum shear stresses modified 
by the hydrostatic pressure with a coefficient of 0.3. 
The fatigue limit a. is the minimum range that can 
be considered to contribute towards the accumulation 
of fatigue damage and is set to zero. The model 
simulates rolling-sliding contact, as described in [ 151, 
by moving two M e s  relative to each other and 
slufting the profiles according to the rolling and the 
sliding speed, respectively. The radii of the curvature 
of two bodies is combined and the effective radius is 
assumed on one body while the other is treated as a 
half body plane. The profiles of two M c s  are also 
superimposed at each simulated instances of the 
movements and the combined roughness is put on the 
half plane surface whde keeping the other surface 
(curved one) smooth. For convenience of analysis, the 
half body with the combined rough profile is fixed 
while the curved body is moved across. From each 
instances of simulated rolling-sliding contact, a series 
of pressure distributions is obtained and the 
corresponding subsurface stress distributions of a 
small subsurface regon below the contact is 
determined. The size of the region and the resolution 
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Figure 3. Two rough profiles used in the analysis (Imm long). A third smooth flat surface 
is used in combination with the above two to simulate different contact condtions. 

(element size) depend on how large the stress field is 
and how significantly the stress varies near the 
surface due to the roughness effects. (The smaller the 
element the better it is in adopting finer changes of 
sbess, but the element size is limited to that of the 
material’s grain size ( 2 - 3 ~ ) ,  since fatigue initiation 
appears to occur on this scale.) In the fatigue 
analysis, the complete stress hlstory of each element 
in the stress field is used, and for the brittle analysis, 
the maxiinum principal stress determined of each 
element is used as being the most damagmg stress. 

3.1. Strevs cycle eountiag methods 

We have discussed so far in this paper the 
means of calculating the pressam distribution of any 
real surfaces in contact and subsequently the 
complete subsurface stress field and the stress history 
by simulating rolling-sliding contact. For fatigue 
analysis. however. it is necessary to assess the effect 
of the damagmg stress cycles experienced during a 
passage of contact. Schijve(181 described several 
counting methods in detail and more recently 
Dowling[l9] Qscussed the suitability of the range- 
pair and rain flow methods, which are identical, and 
assessed their importance. 

The fatigue life modcl uses the range-pair 
method to assess the stress variation during contact to 
determine how they influence the life of the 
component under such stress conditions e.uperienced 
in rolling-slidrng contact. 

4. RESULTS OF MODELLING 

To illustrate the effect of roughness in rolling- 
sliding contact three profiles, two rough profiles and 
a smooth one, are used in combination to simulate 
different contact condtions by superimposing a 
smooth profile on a rough profile, a rough profile on 
a smooth one and a rough profile on another rough 
profile. Two rough profiles are generated artificially 
to represent typical fine ground finish surfaces (figure 
3). To obtain a fd stress history of the material in 
the region near the surfsce, the contact starts away 
from this region so that the stress experienced is zero 
initially and starts to register as the contact passes 
over and to zero again when the contact moves away. 
An orthogonal shear stress distribution for a 10 nun 
&us cylinder on flat with the nominal load of 0.2 
N/pm shows the stress field to be about 600 pm wide 
and 400 pm deep, where outside this field the stress 
is negligibly small. A profile of 2000 pm long with a 



1 pm sampling length is used and the contact 
position is moved from 700 pm to 1300 pm in rolling 
steps of 10 pm to generate a series of subsurface 
stress distributions with respect to time during 
contact. The total rolling &stance of 600 pm is 
chosen to allow the stress field to sweep across the 
central region, 200 pm wide and 400 pm deep, to 
experience full stress variation. 

The first case examined is pure rolling of a 
smooth body over a smooth surface. This is just a 
simple hertzian stress field passing over the region 
and the stress history of elements at 2 pm below the 
surface (first element down) is plotted out in figure 4 
which shows a sharp reversal of the orthogonal shear 
stress from maximum to minimum. Elements deeper 
at 120 pm below the surface experience more 
gradual, but slightly larger stress variation as they lie 
close to the maximum shear stress zone. When the 
friction is added to the problem (PO. l), the elements 
near the surface sees a large part of its shear stress 
cycle in the direction of the applied traction (opposite 
the rolling direction). but this change gradually 
becomes unnoticeable below 50 pm. When the 
hydrostatic pressure term is also introduced, the 
modified shear stress is now very much in one 
Qrection during most part of its cycle close to the 
surface and again. typical hertzian cycle is retained 
deeper below the surface. 

When a smooth body is rolled over a rough 
surface without slidmg, the elements that lie beyond 
50pm from the surface are not inlluence by the 
roughness and shows stress variation identical to the 
smooth on smooth case. but the elements close to the 
surface exhibit different stress cycles, depending on 
where they lie in relation to the peaks or valleys of 
the rough profile. The stress range of thc elements 
directly below asperity peaks are much larger than 
those found in the smooth case (2 or 3 times larger) 
and although. only a small number of them 
experience higher stresses than the smooth case, their 

(Sliding may influence wear mechanisms, lubricant 
film formation and heat generation, but these aspects 
are not considered in ths paper). A rough surface 
rolling over a smooth surface without sliding exhibits 
the same stress variation as the smooth on rough 
case, but when sliding is induced, the stress variation 
is very Merent. The stress history of elements at the 
surface in a rough over a smooth case with a slide roll 
ratio, u 1  - u z  , of 0.33 is shown in figure 5 .  It 

shows a large number of stress fluctuations during the 
time in contact. The number of cycles counted for 
each elements are plotfed in figure 6 whch shows 
high concentration close to the surface where the 
variation is most severe. 

f(", + U2) 

The stress variation encountered when two 
rough surEaces are made to roll with the slide roll 
ratio of 0.33 is similar to the rough over a smooth 
case. but larger number of elements are subject to 
higher number of stress cycles. There is more chance 
of asperities colliding into each other and the depth to 
which it is affected is deeper as the 'roughness' 
stresses involved are higher. The relative fatigue lives 
obtained from different contact condltions and the 
slide-roll ratios of two rough surfaces are given in 
table 1. 

The maximum principal shear stress found at 
each depth below the contact is plotted out in figure 
7a for a rough surfiice rolling-slidng on another 
rough one. It shows rapid attenuation of the stress to 
a depth of about 20 pm where it starts to reduce much 
more gradually and, as with the number of shear 
stress cycles counted, the stress is concentrated in a 
shallow region close to the surface. To assess the 
damages incurred at each depth, the probability of 
failure P' is determined for each layer of elements in 
a rough contact by setting the number of cycles, N,  as 
100.OOO.OOO in equation (2), where Pf =1-S. and 
assuming the parameter A, to be related to the 
hardness in the form p e n  below. 

EqnW 1 - - 1 damaging ef€& could be si@cant as the stress is 
the most dominant factor in determining the fatigue 
life. For a case of a smooth surface rolling-slidmg where strength is the tensile strength of the 
over a rough one, in terms of the stresses material and HR is the Rockwell Hardness of the 
experienced it does not M e r  from pure rolling 

<stnngth>' Vd < 3 2 x M b '  vn/ 
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Figan 4. The stress aiterim history plot ofthe elements in the stressed region in rolling 
contad The strtss criterion is in Tpd and the time duration is over a distance of 6 0 0 ~  
with respect to the rolling speed ( a,c and d at 2 pn below the surface). 
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Figure 5. The stress criterion history of a rough profile rolling-sliding over a smooth one 
(a) and a rough profile rolling-sliding ovw another rough pmfile (b). The slide roll ratio in 
both cases is 0.33. 

Figure 6. Number of stress variations counted as damaging cycles using a range-pair 
counting method is carried out for rolling-sliding contact. 
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(slide roll ratio = 0.182) 
(slide roll ratio = 0.33) 

Table 1.  Fatigue life comparison of several conditions with Merent surfaces. 
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Figure 8. Comparison of the probability of failure for each layer with depth. 
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igure I) Comparison of the brittle fracture failure probability of the region close 
to the surface 

material. The hardness variation from nitriding 
is given in figure 7b. 

The probability of fatigue failure for M50 
steel with a uniform hardness of 62 HR and the 
nitrided M50 steel with a varying hardness 
profile are given in figure 8. For the uniform 
hardness case, the probability of failure is 
lughest at the surface whch drops fast to the 
qwescent zone where the roughness effect is no 
longer reached and increases again slightly in 
the maximum shear stress zone. It then 
approaches zero value further below. The same 
general variation of the probability of failure 
exists for the Ntrided material. but the values 
are lower in the shallow region near the surface 
and the maximum shear stress zone compared 
to the uniform case. With the assumed hardness 
variation of a typical nitrided M50 steel, the 
chanas of failure in the critical region has 
reduced by a factor. however, the surfice is still 
much more SuSceptible to failure. 

For the brittle analysis, we assumed the 
variable Ai to be related to the fracture 
toughness of the material, as suppose to the 
hardness in the fatigue analysis. and assumed a 

simple linear variation of the value from the 
surface down to 100pm deep (7 to 20 MPam’’’). 
The probability of the brittle fracture failure 
with dcpth is given in figure 9. 

5. DISCUSSION 

5.1 Fatigue Analysis 

The present analysis probably represents the 
simplest possible approach which can take into 
account the practically important features of 
roughness on both surfaces, sliding and case 
depth. The model is two-dimensional, perfectly 
elastic, and neglects lubrica+t film, wear - even 
when there is sliding present - and 
thennoelastic effects, all of which may have a 
significant role. It is probably best, therefore, to 
regard any apparent agreement with experiment 
as fortuitous. 

Nevertheless, it is plain that the main features 
of the analytical results are indeed credible. 
Nakajima [19] has reported a similar reduction 
of life with slide roll ratio using finely ground 
discs and the observation that smooth surfaces 
show a lower reduction of life with sliding than 
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do rough ones has also been reported by the 
same author. The analysis of the nitrided M50 
also shows an increase in life comparable, at 
least qualitatively, with those reported by 
Pearson [ 161. 

The most signtficant finding from the point of 
view of surface engneering. is that the principal 
controiling parameter is the variation with 
depth of the stress field. This is h@ly 
dependent on the finishing method, and it is 
likely that shallow reinforcement of the type 
studed would perform very dlnerently in 
situations where. for example the roughness was 
much greater. such as in typical gear teeth. It 
remains to be seen whether the present 
approach to rolling fatigue analysis can assist in 
this instance. Even in the present roughness. 
fatigue origination is still predicted at the 
surface, where the material is hardest. 

5.2 Brittle Analysis 
The observation that brittle fracture occurred 

in very high hardness surfaces subjected to 
rolling and the relative simplicity of the 
analysis, prompted its inclusion here. However. 
it is more likely that the observed bnttle 
fractures were initiated from htigue cracks so 
that a combined analysis is really necessary. 
ms may be possible in due course but is 
beyond the scope of the present paper. 

6. CONCLUSIONS 

An analysis based upon the method of 
Ioannides and Hams has been carried out for 
the case of M50 steel in which both contacting 
surfaces were rough. The effect of a shallow 
nitrided case of the type tested by Pearson was 
investigated. 

The results show that the distribution in 
depth of both the magnitude and the cycle ratc 
of the stresses is strongly dependent upon the 
sliding regme. 

The reduction in life associated with slidlng 
and the improvement associated with nitriding 
were similar to those measured but this could 
be fortuitous in view of the simplicity of the 
model. 
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Diesel Engines 
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A study has been carried out to investigate the importance of elastohydrodynamic effects in the 
lubrication of piston rings of modern gasoline and diesel engines. It has been found that, in 
terms of frictional power losses, elastohydrodynamic effects are not significant in gasoline 
engines, but can be important in diesel engines. In terms of top ringAiner wear, however, 
elastohydrodynamic lubrication effects may be important for both types of engines. 

1. INTRODUCTION 

In 1983, Professor Dowson undertook a 
study1 into the importance of 
elastohydrodynamic (EHD) effects in piston 
ring lubrication. More recently, other 
authors have also carried out such an 
analy~is~,~.Since then, engine design has 
continued to evolve, and combustion 
chamber pressures have been pushed ever 
higher in attempts to  squeeze more power 
from the engine. Therefore it was considered 
timely to repeat the investigation into the 
importance of EHD effects in the piston 
assembly, by considering two modern 
engines. The gasoline engine chosen for 
analysis was a Mercedes-Benz M l l l  2.0 
litre, 4 cylinder gasoline, currently being 
considered as the engine for a European fuel 
economy engine test. The diesel engine 
chosen for analysis was an RVI 10.0 litre, 6 
cylinder diesel engine, designed to meet 
modern (EURO-2) European emission limits. 
The peak combustion chamber pressure for 
the gasoline engine was approximately 35 
bars (for conditions of 2500 rpm and 95.4 Nm 
load), whereas the peak combustion chamber 
pressure of the diesel engine was 
approximately 140 bars. 
Initially, a hydrodynamic lubrication 
analysis of both engines was carried out, 

using piston ring lubrication software that 
has been validated against experimental oil 
film thickness4 and friction measurements5 
carried out in a running engine. The 
hydrodynamic lubrication analysis was used 
to identify conditions where EHD lubrication 
was most likely to occur. Unsurprisingly, the 
most likely place for EHD lubrication to 
occur was found to be around dead centre 
positions, with the most demanding 
conditions being found around top dead 
centre firing. 

An EHD analysis was then performed for 
piston ring lubrication around both top and 
bottom dead centres, for both engines. It was 
found that the largest elastic deflections 
occurring in the gasoline engine were around 
top dead centre firing, and were 
approximately 0.3 microns in magnitude. No 
significant elastic deflections were found at 
any other crank angles. For the diesel 
engine, the elastic deflection around top dead 
centre firing was found to be approximately 
2.0 microns, and significant elastic 
deflections were also observed around bottom 
dead centre positions. 
Since the piston is stationary at dead centre 
positions, the conclusion of this work is that 
as far as frictional power losses are 
concerned, EHD effects are not significant in 
modern gasoline engines, but could be 
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significant in modern diesel engines. 
However, for reliable top ring/liner wear 
estimates, EHD conditions should be taken 
into account for both engines. 

2. HYDRODYNAMIC LUBRICATION 
ANALYSIS 

A hydrodynamic lubrication analysis of the 
Mercedes-Benz M l l l  gasoline engine, and 
the RVI diesel engine was carried out. The 
software for the hydrodynamic lubrication 
analysis allowed for viscosityhemperature 
and viscosityhhear rate effects4p5, and also 
took into account the starvation of the upper 
piston rings due to the scraping action of the 
lower rings. The model assumed axial 
symmetry, and so neglected any effects due 
to ring gaps. The model was based on a 1D 
solution of the Reynolds' equation, and the 
algorithm is similar to  that used by a 
number of other researchers6-10. 

Figure 1 shows the results for the top ring oil 
film thickness predicted by the 
hydrodynamic model for the Mercedes-Benz 
M l l l  2.0 litre gasoline engine, for engine 
conditions of 2500 rpm and 98.4 Nm load. In 
Figure 1, it can be seen that it is essential to  
take starvation effects into account, 
particularly for mid-stroke positions. 
However, close to dead centre positions, the 
assumption of fully flooded lubrication 
conditions was found to be justified. This 
result has also been found by other authors9. 
In Figure 1, the "squeeze1' effect was ignored, 
so that the predicted oil film thickness was 
zero at dead centre positions. Figure 2 shows 
a fully flooded analysis of the M l l l  engine 
that takes the llsqueeze'' effect into account. 

Figures 3 and 4 show corresponding results 
for the RVI 10 litre diesel engine. For this 
case, the engine speed was 1100 rpm, and 
the engine was operated at  full load. 

e 

-3NI -240 - l U l  I0 120 240 3N)  

Crank angle (degrees) 

Figure 1 : Fully flooded and starved analysis 
of oil film thickness under the top ring of the 
Mercedes-Benz M l l l  2.0 litre gasoline 
engine 

0 

Crank angle (degrees) 

120 240 360 -360 -240 -120 

Figure 2 : Fully flooded top ring oil film 
thickness predictions for the Mercedes-Benz 
M l l l  2.0 litre gasoline engine, taking into 
account the "squeeze1' effect 

Fully tlaided 

Starved 

- 
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Figure 3 : Fully flooded and starved analysis 
of oil film thickness under the top ring of the 
RVI 10.0 litre diesel engine 
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Figure 4 : Fully flooded top ring oil film 
thickness predictions for the RVI 10.0 litre 
diesel engine, taking into account the 
l'squeezel' effect 

The calculations above were carried out 
assuming that the piston assemblies were 
lubricated with an SAE-30 monograde oil, 
and the bottom dead centre (BDC) liner 
temperature was taken to be 100' C, and the 
top dead centre liner temperature was taken 
to be 150' C. 

For the fully flooded analyses that 
incorporated the "squeeze" effect, the 
minimum oil film thicknesses were found, for 
both engines, close to top dead centre firing 
(0' crank angle on above graphs), as 
expected. For the Mercedes-Benz M l l l  2.0 
litre gasoline engine, the minimum oil film 
thickness was 0.13 microns at a crank angle 
of 4', and at this crank angle, the peak 
pressure under the top ring was estimated to 
be 124 bars. Similarly, for the RVI 10 litre 
diesel engine, the hydrodynamic calculations 
that included the "squeezet' effect found that 
the minimum oil film thickness was 0.006 
microns, at a crank angle of lo, and the 
peak pressure under the contact was 
predicted to be 2950 bars. Therefore, at first 
sight, it would appear that conditions in the 
gasoline engine are only marginally 
elastohydrodynamic, whereas in the diesel 
engine, around TDC firing, 
elastohydrodynamic effects will be highly 
significant. In the next Section, an EHD 
analysis is described, concentrating in 
particular on the TDC firing positions 
identified by the hydrodynamic analysis. 

However, BDC positions were also studied, 
to compare the relative importance of EHD 
in the two engines at different crank angles. 

3. ELASTOHYDRODYNAMIC ANALYSIS 

To study the role of EHD lubrication in the 
lubrication of a single parabolic piston ring 
an EHD black-box solver was used. EHDLIB 
Version 1.0 is a library of functions and 
programs that performs various EHD 
lubrication modelling tasks. It was developed 
in-house and has been widely used 
particularly for the valve train and involute 
spur gearsll. It calculates the pressure 
distribution in the oil film across the line 
contact by solving the Reynolds equation. 
This is used to calculate the oil film 
thickness across the contact and thus yields 
the minimum oil film thickness. This solver 
was modified to  cope with the film 
reformation that is present in piston ring 
lubrication. Such a film reformation is not 
present in valve train and gear 
lubricationll. The version of EHDLIB used 
in this note includes the pressure effect on 
viscosity. Currently the approach is 
isothermal but thermal effects are to  be 
included later this year. The solver can be 
run in either pseudo-static or  dynamic mode. 
The pseudo-static mode is time independent 
and ignores the squeeze term in the 
Reynolds equation. The dynamic mode 
includes these transient effects. Including 
the transient effects gives more physically 
realistic results. 

The viscosity values used in the EHD study 
were calculated from the input data used in 
the hydrodynamic lubrication study. For 
that analysis the viscosity varied with 
temperature according to Vogel's equationl2. 
To obtain a viscosity value for the EHD 
calculations the temperature at  TDC, T, was 
used in Vogel's equation as followings 

...( 1) 
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where 8,, 8, and K are constants for the 
lubricant. The values used were K =00348 
mPas, 8, = 1295.59"C and 8, = 122.98"C. 

Figure 5 shows the transient minimum oil 
film thickness for the M l l l  gasoline. The 
transient effects are clearly visible around 
TDC and BDC i.e. -180", 0", 180", 360". 

1 8 

-400 -200 0 200 400 60J 

crank angle (degrees) 

Figure 5 :  Minimum oil film thickness for 
M l l l  engine 

The size of the elastic deflections around 
TDC can be seen from Figures 6 and 7. 
Figure 6 shows the undeflected shape (lower 
curve) and the film thickness distribution 
(upper curve) across the line contact for 0". 
The difference between these curves gives 
the amount of elastic deflection. So the 
larger the difference the more 
elastohydrodynamic (and so the less 
hydrodynamic) the lubrication regime. For 
the M l l l  the elastic deflection is seen to be 
in the order of 0.3 pm at TDC firing position. 
The deflection at 180" is much reduced. 
Figure 7 is the analogous graph for 180". 
Figure 8 shows the pressure distribution 
associated with Figure 6. 

Figure 6: Film thickness across the line 
contact and undeflected shape at TDC (0") 
M l l l  engine 

Figure 7: Film thickness across the line 
contact and undeflected shape at TDC (180 
- M l l l  engine 

Run IP.1 

Figure 8: Pressure distribution across the 
line contact at TDC (0") - MIII engine 
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Figures 9 to 11 are the corresponding graphs 
for the RVI. The elastic deflection for the 
RVI at TDC firing is approximately 2 pm 
while at 180" it is negligible. 
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Figure 9: Minimum oil film thickness for RVI 
engine 

ffl Im) 

Figure 10: Film thickness across the line 
contact and undeflected shape at TDC (0") - 
RVI engine 

Figure 11: Film thickness across the line 

contact and undeflected shape at  TDC (180") 
- RVI engine 

Figure 12 shows the pressure distribution 
across the contact at 0". The peak pressure is 
almost ten times that seen for the Mlll 
engine. 

Figure 12: Pressure distribution across the 
line contact at TDC (0") - RVI engine 

These results are consistent with those 
obtained using hydrodynamic lubrication, 
e.g. the maximum squeeze effect is seen 
around BDC and TDC positions. 

4. DISCUSSION 

The hydrodynamic and elastohydrodynamic 
calculations of OFT in the Mercedes-Benz 
M l l l  gasoline engine and the RVI diesel 
engine are in close agreement. Differences 
have been observed, however, around TDC 
firing (i.e. at a crank angle of 00 1. At such 
dead centre positions, the piston is 
stationary, so the effect on frictional loss is 
not expected to be great. However, it is at 
such positions that wear is expected to  be 
greatest. Therefore, it is expected that 
elastohydrodynamic effects would have to be 
taken into account if reliable predictions of 
top ring/liner wear were required. Also it is 
worth noting that, for the gasoline engine, 
EHD conditions only occur very close to the 
vicinity of TDC firing. For the diesel engine, 
EHD conditions are expected to occur within 
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10-200 of TDC, so that the frictional loss 
could be affected. 

Hence, to summarise, we believe that EHD 
effects in gasoline engines are only 
significant for top ringkner wear, and not 
for frictional power loss. On the other hand, 
for a diesel engine, EHD effects need to be 
taken into account both to predict top 
ring/liner wear, and also to predict frictional 
losses. 

5. CONCLUSIONS 

Models of piston assembly lubrication have 
been developed, using both hydrodynamic 
and elastohydrodynamic lubrication theories. 
The models have been applied to two modern 
engines, a Mercedes-Benz M l l l  2.0 litre 
gasoline engine and an RVI 10 litre heavy 
duty diesel engine, designed to meet modern 
European emission limits (EURO-2). 

It was found that a hydrodynamic 
lubrication model was adequate to predict oil 
film thickness except in the vicinity of TDC 
firing, where an EHD model had to be used. 
For the gasoline engine, it was found that 
the EHD model was only required for the 
prediction of top r indiner  wear effects, 
whereas for the diesel engine, the EHD 
model was required to predict both top 
r inginer  war and frictional power losses. 
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Nanometer Elastohydrodynamic Lubrication 

A. J. Moore 

BP Oil Technology Centre, Chertsey Road, Sunbury-on-Thames, Middlesex, TW16 7LN, UK 

The ultra-thin film optical interferometry technique has extended the exploration of 
elastohydrodynamic (EHD) lubrication to  a regime where film thickness is measured in 
nanometers. With the gap between the lubricated surfaces corresponding to the width of just a 
few molecules, investigations are now being made into the validity of classical EHD theory in a 
regime where it may no longer be appropriate to  treat the lubricant as a continuum. Indications, 
so far, have been mixed. Some fluids appear to conform to EHD behaviour quite closely while 
others do not. Why this should be so has yet to be established. 

This paper examines the behaviour of EHD oil films in the light of the knowledge of confined 
liquid films gained from surface force apparatus (SFA) studies. To allow comparisons be made 
with EHD behaviour, a new series of experiments are presented for a range of liquids of known 
molecular structure. Results support the view that some liquids form immobile molecular layers 
on rolling surfaces of the type identified by SFA experiments. This type of layer behaves as part 
of the surface for the time that it spends within the contact, supplementing the film formed by 
elastohydrodynamic action in a simple additive manner. 

Somewhat different behaviour is seen for polar molecular species, for which a step change in 
effective viscosity is identified a t  a critical value of film thickness. Once again, though, 
elastohydrodynamic behaviour appears to remain quite normal once the change in viscosity has 
been completed. 

1. INTRODUCTION 

I t  has long been accepted that the 
thickness of the oil film in a conventional 
elastohydrodynamic (EHD) contact is 
determined by the effective viscosity of the 
lubricant in the inlet region. For Newtonian 
lubricants, the effective viscosity a t  any 
temperature is defined by the viscosity at 
atmospheric pressure and the response of 
viscosity to  pressure within the inlet region. 
For non-Newtonian oils, the response of 
viscosity to shear must also be taken into 
account. The term “conventional” is used 
here to categorise conditions where the 
thickness of the oil film is comparable with, 
or  greater than, the combined surface 
roughness and both are large in relation to  
the molecular dimensions of the lubricant. I t  

is then appropriate to  treat the lubricant as a 
continuum, to  assume that shear commences 
a t  the oil-surface interface and to  either 
ignore the influence of surface roughness or 
treat it as  a secondary consideration. 

Such an  approach has proved entirely 
satisfactory until recently since the regime of 
behaviour where it might not be valid could 
not be seen. This situation has changed with 
the development of the ultra-thin optical 
interferometry technique for measuring oil 
film thickness [ll.  Films of molecular 
dimensions can now be measured with sub- 
nanometer accuracy. Not surprisingly, 
perhaps, the behaviour found in such a 
domain does not always follow the 
predictions of classical EHD theory. It does 
depend on the molecular structure of the 
lubricant but not according to an  easily 
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identifiable set of rules. While structural 
features of both base oil and additive 
components influence behaviour in the thin 
film regime [2, 3, 4, 5 ,  6, 71, attention is 
devoted here to  the more fundamental 
aspects on the lubrication phenomenon and 
hence on the behaviour of base oils. 

The prospect of stable elasto- 
hydrodynamic oil films enduring a t  the 
nanometer level raises a number of 
questions that are not easily answered. At 
the more detailed level they include: what is 
the viscosity of the oil? where is the plane of 
zero slip? what is the influence of surface 
roughness? where does fluid film lubrication 
end and boundary lubrication begin? 

In seeking answers to these question, 
resort will initially be made to  the knowledge 
of confined liquid films gained from studies 
based on the surface force apparatus (SFA). 
Although the conditions of pressure and 
shear in SFA experiments are very mild 
compared with those of the EHD contact, a 
view of the molecular behaviour of liquids 
can be formed that can at  least be tested 
against observed EHD behaviour. Since the 
body of work available for such purposes 
remains slender a t  present, additional 
experiments have been conducted on a range 
of fluids of known molecular structure. 

2. THE BEHAVIOUR OF LIQUIDS IN 
THE SURFACE FORCE APPARATUS 

Surface force apparatus studies involve 
determinations of the equilibrium forces 
between two very smooth surfaces as a film 
of liquid is squeezed between them 18, 9, 101. 
Alternatively, a small oscillation may be 
applied to  the film so that the response of the 
liquid to  shear may be observed [ll, 121. The 
surfaces employed are usually molecularly 
smooth sheets of mica. 

From the response of liquids to  shear, 
three flow regimes have been identified [lo, 
131. When film thickness is large, i.e. greater 
than about 10 molecular diameters, the 
liquid flows hydrodynamically from the 
contact with the viscosity of the bulk fluid. 

surface 2 

Figure 1. Confined liquid films in surface 
force apparatus experiments 

However, a n  “immobile” layer, one or  two 
molecular diameters thick, forms on each of 
the two surfaces and does not participate in 
the flow; these layers are represented by the 
films of thickness D, in Figure 1. At a critical 
value, D,, of film thickness, flow ceases to 
behave in a classical hydrodynamic manner 
and the liquid exhibits the behaviour of a 
“confined” film. Finally, hard wall behaviour 
is observed when the immobile layers 
ultimately make contact; the layers then 
follow the elastic deformation of the 
underlying surfaces. 

It should be emphasised that, used in 
this context, the term “immobile” is not 
meant to imply that molecules are static, 
only that movement parallel t o  the surface is 
slow compared with the time-scale of 
experimental observations. Movement 
normal to  the surface is not necessarily 
affected and molecules may continue to 
exchange rapidly with those adjacent t o  it. 

In the “confined” regime, so-called 
because behaviour there is only found for 
liquids confined between t w o  surfaces, fluids 
of relatively simple structure may form 
quasi-discrete molecular layers. This only 
occurs, however, if the bounding surfaces are 
themselves molecularly smooth [141. As the 
film is compressed, a repulsive force must be 
overcome as each successive molecular layer 
is squeezed out of the contact and the force- 
distance relationship becomes oscillatory. 
The forces which give rise to  this type of 
characteristic are known as structural or 
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solvation forces [151. Films which behave in 
this way are found to be more solid-like than 
liquid-like in their response to shear [16,171. 

Simple molecular species, such as 
cyclohexane and the n-alkanes, give rise to 
particularly strong structural forces, 
reflecting the ease with which they form 
ordered molecular layers. The periodicity of 
the oscillatory force corresponds to the width 
or diameter of the species concerned, 0.6 nm 
for cyclohexane, and 0.4 nm for n-alkanes 
such as n-tetradecane and n-hexadecane [9, 
171. The figure for the n-alkanes, it will be 
noted, reflects a high degree of molecular 
alignment in the direction of shear. 

Side-branching, even in the form of a 
single methyl group, destroys the capacity of 
higher molecular weight alkanes to  form 
ordered structures [161. 2-methyloctadecane, 
for example, exhibits a monotonic force- 
distance relationship in confined films and 
forms an immobile layer 1.2-1.5 nm in 
thickness. 2-methylundecane shows similar 
behaviour to 2-methyloctadecane, as does a 
white oil. However, the lower molecular 
weight compound 2-methyloctane shows one 
oscillation in the force-distance relationship, 
of period 0.4 nm. 

Surface roughness has been shown to 
exert very little influence on the thickness of 
immobile layers U31. For n-dodecane, a layer 
about one molecular width in thickness, i.e. 

0.4 nm, has been found to form on surfaces 
ranging from 2 to 50 nm in peak-to-valley 
roughness. The elemental composition of the 
surface material also seems not to  be 
important. 

Molecular structure does exert a 
recognisable influence, as illustrated by the 
results of Georges et a1 [131 reproduced in 
Table 1. Immobile layer thicknesses for a 
range of fluids of similar molecular size 
varies by a factor of five and the thicknesses, 
D,, of the confined film by a factor of four. D, 
for the linear species n-dodecane again 
corresponds to its molecular width while that 
for the roughly spherical species 
octamethylcyclotetrasiloxane equates to  its 
molecular diameter. Confined layer 
behaviour begins at a film thickness, D,, of 
about five molecular diameters. In the tests 
involving cobalt surfaces represented in 
Table 1, n-hexadecane yields higher values of 
both D, and D, than n-dodecane, suggesting 
either a lower degree of molecular alignment 
or more than one molecular layer within the 
immobile layer. 

For the semi-rigid molecule 2,4- 
dicyclohexyl-2-methylpentane (the traction 
fluid known commercially as Santotrac 401, 
D, again corresponds to an immobile layer 
thickness of more than one molecular width 
or length. The behaviour of this fluid in the 
confined domain was elastic and suggested 

Table 1 
Characteristics of liquids in drainage experiments between smooth cobalt surfaces [131 

Liquid Formula Behaviour D, I nm D, I nm 

n-dodecane C12H36 flexible 0.4 2.4 

n-hexadecane ‘KH34 flexible 1.15 4.4 

2,2,4,4,6,8,8-heptamethylnonane ‘MH34 rigid 0.9 3.5 

2,4-dicyclohexyl-2-methylpentane Cl,H3, semi-rigid 2.0 9.5 

octamethylcyclotetrasiloxane [(CH3),Si014 rigid 0.8 6.0 
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that  molecules were both aligned and 
entangled. 

3. THIN FILM EHD BEHAVIOUR 

Pressures, shear rates and shear stresses 
in EHD contacts are orders of magnitude 
higher than those arising in SFA 
experiments. It is not obvious, therefore, that 
the attributes of liquids in SFA studies will 
persist in EHD oil films. Surface roughness 
considerations probably rule out the 
possibility of highly ordered films being 
formed but the prospects for immobile layers 
are more difficult to judge. 

Evidence that low molecular weight 
polymers form immobile layers has been 
presented by Cann et a1 [181. A series of 
polyisoprene fluids, ranging from 1180 to 
62,800 in molecular weight, formed layers 
two radii of gyration thick, in total, 
corresponding to a single layer of coiled 
polymer on each surface. On halting the 
rolling motion, a residual film was observed 
which decreased in thickness a t  an 
approximately exponential rate. 

If molecular influences go no further 
than the immobile layer, thin EHD contacts 
might take the form shown in Figure 2. This 
represents a contact of the usual shape with 
an immobile layer of aligned molecules 
superimposed on each of the rolling surfaces. 
The immobile layer effectively forms part of 
the surface and follows the deformation of 
the surface as it moves through the contact. 
Shear begins a t  the interface between the 
immobile layer and a fluid film conforming to 
classical EHD theory. 

For such a situation, the total thickness 
of the oil film a t  the centre of the contact is 
given by 

h = h’ + he (1) 

where h‘ = 20, and hc is the central film 
thickness defined by EHD theory. 

c cc c c c- 

Figure 2. Elastohydrodynamic oil film with 
an  immobile layer, of thickness D,, on each 
surface 

Although immobile layers have not been 
identified as such for lubricant base oils, 
departures from classical EHD behaviour 
have been observed in the film thickness 
regime below 10 nm [3, 41. An “excess” film 
thickness occurs in this domain which has 
been interpreted in terms of a rise in 
effective viscosity with narrowing contact 
width [41. Estimates of the film thickness, h’, 
below which such behaviour begins to 
become significant are given in Table 2. 
Comparison with molecular dimensions, also 
taken from 143, does not reveal an  obvious 
relationship with molecular size. 

Guangteng and Spikes [41 observed in 
their study of these fluids that film thickness 
rapidly fell t o  zero when the movement of the 
rolling surfaces was halted. No solid film 
thus remained to  account for the 
anomalously high film thicknesses they had 
observed a t  low rolling speeds. They also 
noted that two fluids, n-hexadecane and 2,4- 
dicyclohexyl-2-methylpentane, continued to 
obey the linear relationship between log(h,) 
and loghpeed) predicted by EHD theory. 
This allowed surface roughness effects to be 
ruled out as a possible source of the 
anomalies observed. Examination of their 
results suggests that  the argument is strong 
when applied to 2,4-dicyclohexyl-2-methyl- 
pentane but less so for n-hexadecane. The 
speed exponent for this fluid, at about 0.5, is 
much lower than that predicted by theory 
and a symptom of a significant non- 
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Table 2 
Estimates of h' based on the EHD film thickness measurements of Guangteng and Spikes [41. 

Fluid 
~~ 

Molecular dimensions I nm ht/ nm h' I nm 

n-hexadecane 2.2 length, 0.4 width ? ? 
di(2-ethylhexy1)sebacate 1.0 (ester group + alcohol chain) 4 1.0 
di(2-ethy1hexyl)phthalate 1.0 (ester group + alcohol chain) 10 1.5 
silicone 0.7 (2 units of chain, SiO-SiO-) 7 1.0 
synthetic hydrocarbon 2.3 length, 1.3 width, 0.25 thickness 3 0.6 
2,4-dicyclohexyl-2-methylpentane 1.3 length, 0.6 width <1 

h' = thickness of non-linear region 

conformance of some description. 
Visual inspection of the film thickness 

data reported by Guangteng and Spikes 
suggests that  the presence of immobile layers 
could equally well be invoked as an 
explanation for the trends observed. 
Estimates of h' are included in Table 2. Each 
is comparable with the dimensions of 
individual molecules and suggests that the 
immobile layer is no more than one or two 
molecules in width. Results for n-hexadecane 
are again considered uninterpretable while 
those for 2,4-dicyclohexyl-2-methylpentane 
do not support the presence of immobile 
layers. 

Examples of the behaviour predicted by 
equation (1) when h' takes the values listed 
in Table 2 are illustrated for di(2- 
ethylhexy1)sebacate and di(2-ethylhexy1)- 
phthalate in Figure 3. Theoretical values of 
central film thickness, hc, are defined by the 
Hamrock and Dowson [191 expression: 

(2) 
0.46 - 0.067 - 0.073 

j, = 2.69a0.53(1177,)0'67 K R w E 

where qo is the viscosity a t  atmospheric 
pressure, a the pressure-viscosity coefficient, 
W the applied load, E the effective elastic 
modulus, R the effective radius and K a 
geometric parameter equal to 0.706 for 
circular point contacts. Predicted film 
thicknesses, in Figure 3, provide excellent 
representations of the behaviour observed for 

Film thickness /run 
I .m 

loo - 

0. I I I I I 
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Figure 3. Predicted film thickness at 30 "C 
for di(2-ethylhexy1)sebacate (- h'=O, ---- 
h'=1.0 nm) and di(2-ethylhexy1)phthalate 
(- h'=O, ---- h'=1.5 nm). 

the fluids concerned, di(2-ethylhexy1)- 
phthalate revealing non-linearity in the 
log(h,) versus log(u) relationship at about 10 
nm film thickness and di(2- 
ethylhexyllsebacate a t  about 4 nm. 

4. FILM THICKNESS STUDIES FOR 
MODEL LIQUIDS 

Studies are reported here of the thin film 
EHD behaviour of a series of liquids of 
known molecular structure. Film thicknesses 
are determined for two simple and one 
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complex hydrocarbon and a single mono- 
ester. Comparison is finally made with the 
behaviour of a hydrocracked base oil, with 
and without a performance additive package. 

4.1. Experimental 
Film thickness was determined by the 

ultra-thin film optical interferometry 
technique developed by Johnson et  a1 Ill. 
Details of the experimental methods involved 
have been described elsewhere 12, 3, 6, 71. 

The specimen configuration consists of a 
steel ball rotating against a coated glass disc 
a t  a condition close to  pure rolling. The glass 
disc is coated first with chromium and then 
with a “spacer-layer” of silica, the purpose of 
the latter being to act as an artificial film of 
oil and allow constructive interference to  
occur a t  any real value of oil film thickness. 
Film thicknesses is deduced from shifts in 
the wavelength of constructive maxima, as 
determined by a diffraction grating 
spectrometer. The apparatus and computer 
system used to  measure film thickness were 
supplied by the Imperial College Tribology 
Section and PCS Instruments Ltd., 
respectively. 

Specimen properties and contact 
conditions between ball and disc were as 
summarised below. 

Glass disc: 
Elastic Modulus 75 GPa 
Poisson’s Ratio 0.220 
Ra roughness 10 nm 

Steel ball: 
Elastic Modulus 207 GPa 
Poisson’s Ratio 0.293 
Radius 9.5 mm 
Ra roughness 10 nm 

Effective Modulus, E 116.9 GPa 
Effective Radius, R 9.5 mm 

Load, W 20 N 
Max. Hertz Pressure 0.53 Gpa 

Each reported value of film thickness is 

the mean of either 10 or 15 consecutive 
measurements taken at a set value of rolling 
speed. The standard deviation of data sets 
typically varied from 1 t o  2.5 nm and the 
standard error of mean film thickness values 
from about 0.3 t o  0.6 nm. Above 10 nm, the 
repeatability of film thickness measurements 
was generally better than +lo%. Below 10 
nm, behaviour tended to be more variable. 

Experiments were carried out in an open 
lubrication laboratory with no control of 
ambient temperature or humidity. The 
purity of the liquids examined was typically 
95%. 

4.2.Cyclohexane and n-tetradecane 
These two liquids feature prominently in 

SFA studies because of the readiness with 
which they form structured films. Viscosities 
are very low even at room temperature, 1 
mPa.s for cyclohexane and 2 mPa.s for n- 
tetradecane. Despite this, the fluids acted as 
good lubricants and could be examined 
without damage to the silica spacer layer. 

Film thickness measurements, in Figure 
4, show that classical EHD theory was not 
obeyed by either fluid. The relationship 
between log(h) and log(u) does not take the 
linear form predicted by equation (2). 

If immobile layers are assumed to 
contribute to film thickness in the manner 
represented by equation (11, the total 
observed film thickness, h ,  consists of two 
immobile layers separated by a fluid film of 
the type predicted by EHD theory. For 
cyclohexane a single layer of molecules will 
be 0.6 nm thick, corresponding to  a value of 
h’ of 1.2 nm. Assuming this to  be so, Figure 5 
shows that  a logarithmic plot of the fluid film 
component, h-h’, against rolling speed lies in 
good accord with classical EHD theory. The 
slope of the plot is 0.67. 

A similar treatment of the results for n- 
tetradecane suggested that  h’ was about 2.3 
nm. On this basis, the behaviour of the fluid 
film component, h-h’, is found to lie in fairly 
good accord with EHD theory, in Figure 6, 
yielding a speed exponent of 0.70. 

The implied thickness, D,, of the 



63 

h /nm 

O t  

o +  
0 

0 ++ 
O O t  

0.001 0.01 0.1 1 10 

Rolling speed /(m/s) 

Figure 4. Film thickness at 30 "C for 
cyclohexane (+) and n-tetradecane (0) 
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Figure 5. Fluid film component for 
cyclohexane a t  30 "C assuming h'=1.2 nm 
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Figure 6. Fluid film component for n- 
tetradecane at 30 "C assuming h'=2.3 nm 

immobile layer for n-tetradecane is 1.15 nm, 
or about three molecular widths. This 
compares with a value of 0.7 nm, or two 
molecular widths, for this fluid in SFA 
experiments carried out with mica surfaces 
[lo] and a value of 1.15 nm for n-hexadecane 
when cobalt surfaces were used 1131. 

4.3.11,13-dioctyl-ll-methyltricosane 
11,13-dioctyl- 11-methyltricosane is a 

much larger C,, hydrocarbon featuring two 
C, side-chains near the centre of the 
molecule. It more closely represents the 
paraffinic content of mineral oils than do the 
n-alkanes. 

No evidence of immobile layers can be 
deduced from the film thickness behaviour 
presented in Figure 7 .  Speed exponents listed 
in Table 3 lie close to the theoretical value of 
0.67 a t  each temperature, again suggesting 
that behaviour remains in consistently good 
accord with EHD theory. 
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Figure 7, Film thickness for 11,13-dioctyl- 
11-methyl-tricosane at 30 "C (o), 60 "C (0) 
and 90 "C 

Table 3. 
Speed exponents for 11,13-dioctyl-ll-methyl- 
tricosane 

30 
60 
90 

0.687 
0.687 
0.689 

4.4. Isopropyl palmitate 
The mono-ester isopropyl palmitate, 

CH,(CH,),,CO,CH(CH,),, is a more polar 
compound based on a straight chain, C,, 
carboxylic acid. Figure 8 shows that film 
thickness at 30 "C varies at a rate consistent 
with theory down to a separation of about 7 
nm. Below that level, the behaviour observed 
may signify the presence of immobile layers 

n i  I I I -. - 
0.001 0.01 0.1 1 10 

Rolling speed / (m/s) 

Figure 8. Film thickness for isopropyl 
palmitate at 30 "C and 60 "C 

or it may represent an  incomplete version of 
the behaviour seen at 60 "C. 

At 60 "C the theoretical power law is 
observed down to a film thickness of about 4 
nm but a step-change then appears to occur 
in effective viscosity, Thereafter, behaviour 
continues to  follow the form expected of a 
conventional EHD oil film. No indication of 
immobile layer behaviour can be detected as 
film thicknesses varies down to  1 nm. 

An explanation for the change in 
effective viscosity seen at 60 "C may be given 
by the micropolar theory of molecular (or 
granular) behaviour [20, 211. The theory 
predicts changes in the viscosity of a liquid 
containing polar molecular species when film 
thickness falls to a level that  restricts the 
range of movements available to  the polar 
entities. I n  the present instance, the critical 
value of central film thickness is 4 nm and 
the important range of separations in the 
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inlet region about 4 to 8 nm. This 
corresponds to about two to four lengths of 
the isopropyl palmitate molecule. 

4.5. Commercial lubricants 
In two respects, the behaviour reported 

in preceding sections for model fluids are 
reflected by the characteristics of more 
complex commercial lubricants [61. Results 
for a hydrocracked base oil, with and without 
an additive system, are reproduced Figure 9. 
The base oil, like the C,, hydrocarbon in 
Figure 7, gives no evidence of immobile 
layers at the temperature 100 "C and yields a 
speed exponent very close to the theoretical 
value. The additive solution also gives no 
sign of immobile layers being present but 
does show an apparent transition in effective 
viscosity at the film thickness of 5 nm. This 
is clearly similar to the behaviour of 
isopropyl palmitate in Figure 8. More 
explicitly than in the case of isopropyl 
palmitate, however, a link is found between 
the introduction of polar molecules into a 
lubricant and a step change in viscosity that 
takes place at  a critical value of film 
thickness. 

5. CONCLUDING DISCUSSION 

It is tempting, but possibly incorrect, to  
infer from the results presented here that 
molecular structure differentiates the 
tendency of liquids to  form immobile layers. 
Unfortunately, variations in both structure 
and temperature occur together in this 
study. For practical reasons, fluids of simple 
molecular structure have, so far, only been 
examined at  30 "C. Fluids of more complex 
structure are also much more viscous at this 
temperature and yield a higher range of film 
thickness values. Immobile layers then 
become more difficult to identify. Film 
thickness can be reduced by raising the 
temperature but this introduces another 
potentially important variable. 

A technical solution to the problem 
experienced here has already been described 

0.001 0.01 0.1 1 10 

Rolling speed /(m/s) 

Figure 9. Film thickness at 100 "C for 
hydrocracked base oil (+> and hydrocracked 
base oil plus additive system (0) 

in the literature [31. It involves reducing the 
lower limit to  the range of rolling speed to 
enable very thin films to be observed for the 
more viscous fluids. To do this, multiple 
samples of film thickness must be taken 
around the circumference of the disc in order 
to  keep the time-scale of measurements 
within acceptable bounds. 

Applied to 2,4-dicyclohexyl-2-methyl- 
pentane, this technique has allowed film 
thicknesses as low as 1.2 nm to be observed 
at  25 "C, with little evidence of the type of 
behaviour associated with immobile layers. 
This is in marked contrast to  the behaviour 
seen in SFA experiments where the same 
fluid forms a layer about 2 nm thick (see 
Table 1). Studies of structural forces in 
confined liquids indicate that small compact 
molecules are more strongly attracted to 
surfaces than large complex ones. The 
possibility can hence be entertained that 
complex molecules form relatively weakly 
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bound immobile layers that are more easily 
removed by the shear forces encountered in 
the inlet region. 

Of the questions posed a t  the start of this 
paper, answers to some seem clearer than 
others. The question regarding viscosity is 
difficult to answer in a general way since it 
depends on the composition of the lubricant 
and possibly on temperature. Instances have 
nevertheless been found where the bulk 
viscosity prevails even in films of nanometer 
thickness. 

Surface roughness does not emerge as an  
especially important factor in thin film 
studies. SFA studies suggest that  it has 
remarkably little impact on the thickness of 
immobile layers and this may prove to  be 
true under EHD conditions as  well. The 
influence of immobile layers may well reduce 
the impact of surface roughness on the 
potential for surface damage. Unless such 
layers can be removed from surfaces by shear 
forces, they are likely to form an  important 
barrier between opposing asperities as they 
come into contact. 

The question regarding the position of 
the plane of shear is more straightforward. If 
an immobile layer is present, slip begins a t  
the interface between the immobile layer and 
the fluid film. Otherwise it remains a t  the 
interface between surface and oil. 

Finally, the answer to the question of 
whether molecularly thin EHD films can be 
differentiated from boundary films seems to  
be becoming clearer. The behaviours 
discussed in this paper are entirely those of 
liquids and the films discussed are films of 
liquid. Their life-span does not extend 
significantly beyond the time the lubricant 
dwells within the contact. Boundary films 
generally have the attributes of solids and 
persist on surfaces for longer periods of time. 
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Optical Interferometric Observations of the Effects of a Moving Dent 
on Point Contact EHL 

M. KANETA, T. KANADA and H. NISHIKAWA 

Department of Mechanical Engineering, Kyushu Institute of Technology, 
1 - 1, Sensuicho, Tobata, Kitakyushu 804, Japan 

In 1979, Wedeven and Cusano 111 observed very interesting feature concerning EHL film which was 
influenced by a moving dent. That is, if the dent is on the faster moving surface, the film shape upstream of the 
dent is influenced by the dent. Ai and Cheng 121 solved numerically this problem using the multigrid method, 
and pointed out that the dent is extended in the direction of sliding with a rate approximately equal to the sliding 
velocity, resulting in the pressure increase at the edge of the dent in the direction of sliding. The present study 
offers more detail experimental results, by duochromatic optical interferometry, concerning the effects of a 
moving dent on EHL films. 

1. INTRODUCTION 

The calculated minimum film thickness based 
on the smooth surface EHL theory is of the same 
order as the surface roughness of the contacting 
bodies. Consequently, it is important to clarify the 
effects of the surface roughness on the behavior of 
EHL films in order to have a better understanding 
of the working performance and durability of many 
machine elements. The present authors have therefore 
discussed through optical interferometric 
observations why and how EHL films are influenced 
by the surface kinematic conditions and the 
orientation and shape of surface asperities. They have 
used artificially-produced latticed asperities [3][41, 
transverse and longitudinal bumps [5][6], a circular 
bump [7], and a groove [8] formed on highly polished 
steel balls, and have obtained numerous important 
findings. However, they have never conducted 
experiments using artificially-produced dents. This 
is because these experiments have already been 
carried out by Wedeven and Cusano [l, 9,10, 111. 

Recently, multigrid technique has enabled to 
simulate a transient behavior of EHL films induced 
by moving surface defects such as grooves, bumps, 
dents and real surface roughness 12, 12, 13, 14, 151. 
Hence, it seems to be very necessary to accumulate 
detailed experimental results in order to have a deep 
understanding of the effects of surface roughness on 

EHL contacts. 
The purpose of this study is to investigate the 

influence of a moving dent on point EHL contacts 
in more detail by using duochromatic optical 
interferometry [ 161. 

1.1. Notation 
a = Hertzian contact radius 
d = diameter of dent measured at half the 

maximum depth 
E' = reduced elastic modulus, 

2/E'=(l-v,2)/E, + (1-vD2)/ED 
E, , ED = elastic moduli of steel ball and glass 

disk 
G = material parameter, cxE' 
h = film thickness 
R = radius of steel ball 
t = time 

u,, uD = surface velocities of steel ball and 
glass disk 

U = speed parameter, q,(u, + uB)/2ER 
w = load 
W = loadparameter, w E R 2  
x = distance from center of dent to that of 

Hertzian contact in the direction of 
motion 

xLick = length, in the direction of sliding, of 
thick film emitted from dent 

X = dimensionless distance, x/a 
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y = coordinate perpendicular to x-axis 
a = pressure coefficient of viscosity 

v,, V, = Poisson's ratios of steel ball and 
trans parent disk 

qo = viscosity at atmospheric pressure 
C = slide-to-roll ratio, 2(u, - uR)/(uD + u,) 

2. EXPERIMENTAL PROCEDURE 

2.1. Apparatus and specimens 
Figure 1 shows a schematic diagram of the 

apparatus used in this study. Contacting surfaces were 
composed of a precision 25.4mm diameter steel ball 
and a glass disk of 165mm diameter and 12mm thick, 
whose lower surface was sputtered with a semi- 
reflecting chromium layer. The reduced elastic 
modulus E' was 117GPa. A center-line average 
roughness and roundness of the steel ball were about 
0.005p and 0.13pm, respectively. 

The ball and glass disk were separately driven by 
variable speed motors through toothed belts. The 
surface velocities of the ball and disk could be 
measured with a rotary encoder attached to the end 
of each shaft. 

A dent was produced onto one part of the ball 
surface with a spherical cemented carbide tool. Five 
types of dent, three of which had similar shape and 
size, were used in experiments. Their styrus traces 
through the deepest portion of each dent are shown 
in Fig.2. 

The optical interferometry technique [ 161 was 
used to measure the film thickness distribution. The 
duochromatic interference fringe pattern obtained by 
a Xenon light source with a flash duration of 20ps 
through red and green filters was recorded with a 
high speed VCR (200 frames per second) and a 35mm 
camera attached to a microscope. In photographing 

with the 35mm camera, the flash of the Xenon lamp 
was triggered by a signal from the rotary encoder 
attached to the end of the shaft to which the ball 
was fastened. The exposure time was fixed by a 
single discharge from the Xenon lamp, which was 
short enough to freeze movement. As a result, we 
could take photographs of EHL films influenced by 
the dent passing through the contact region at a space 
of 55pm, although their pictures were not continuous 
with time. Comparing a series of interferograms 
recorded with the high speed VCR with that with 
the 35mm camera, it has been clarified that the change 
of EHL film caused by a dent passing through the 
EHL conjunction can be evaluated using 
interferograms recorded with the 35mm camera. 
Consequently, in this paper, interferograms obtained 
with the 35mm camera were used, because of the 
good resolution. 
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2.2. Experimental conditions 
The lubricating oil used in this investigation was 

a mineral bright stock having a kinematic viscosity 
of 393mmz/s at 40°C and 30mm2/s at IOO'C, a 
specific gravity of 0.878 at 5/4 "C, and a pressure- 
viscosity coefficient, a , of 22.5GPal at 21.5"C 
and 18GPa' at 40 "C. 

The experiments were performed by changing 
slide-to-roll ratio, X, under a constant dimensionless 
rolling velocity of U=9x10.'* or 4x10-". A load of 
w=39.2N, which gave a maximum Hertzian pressure 
of 0.54GPa and a Hertzian diameter of 0.37mm, 
was applied to the ball against the glass disk by a 
spring system. The oil temperature in the inlet to the 
contact was 21.5f0.8"C. These conditions gave the 
dimensionless load parameter W=2.1~10-~  and the 
materials parameter G=2630. 

Throughout the experiments, the directions of 
surface velocities of the steel ball and the glass disk 
at the contact point were the same; fluid flows from 
the left to right for all figures shown in this paper. 

3. RESULTS AND DISCUSSION 

3.1. Effects of slide-to-roll ratio 
Figure 3 shows interferograms observed at 

various positions when the type B, dent passes 
through the EHL conjunction under conditions of 
X = l ,  0 and - 1 with U=9~10- '~ .  The values in 
the interferograms indicate film thicknesses in pn. 
Venner [ 121 and Ai and Cheng 121 have pointed out 
through their numerical simulations that the flow in 
the EHL conjunction is mainly dominated by shear 
flow and pressure induced flow is almost absent due 
to the very high viscosity. If the pressure-induced 
flow is dominated by the shear flow, the film thickness 
in the EHL conjunction is expressible, from the 
Reynolds equation, in the form 

This means that a local film shape moves through 
the EHL conjunction approximately at the average 

c. c=-1 

Figure 3. Interferograms with type B, dent passing through contact areawith U=!2~10-'~ 
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speed of the contacting surfaces, while preserving 
its thickness and shape. The authors have proved 
this phenomenon experimentally using the optical 
interferometry technique 151161171, and pointed out 
that the film thickness distribution is significantly 
influenced by surface kinematic conditions. 

Under condition of C > 0 where the speed of the 
glass disk is faster than that of the ball with a dent, 
the average speed of fluid in the EHL conjunction is 
faster than the speed of the dent. Therefore, when 
the dent is in the inlet region of the EHL conjunction, 
a local reduction in film thickness takes place at a 
certain region just downstream of the dent as shown 
in Fig.3A. because of a notable side leakage of the 
entraining fluid as well as a fall of the hydrodynamic 
pressure generation by the wedge film action. The 
film thicknesses at the other region are the same as 
the smooth surface values. The length of the film 
reduction area in the direction of sliding was 
approximated by (d/u,)(u, + u , ) / 2 - d ,  i.e., 
dc /(2 - X), where " d " is the diameter of the dent 
at half the maximum depth under no-loading 
condition. As a result, we can conclude that the length 
of the film reduction area in the direction of sliding 
depends on a staying time of the dent at the inlet 
region, and increases with increasing slide-to-roll 
ratio. When the trailing edge of the dent enters the 
contact area, the film thicknesses upstream of the 
dent recover almost completely to the smooth surface 
values, and the dent emits a relatively thick film 
into the downstream side of the dent. The reduced 
film formed at the inlet of the contact area travels 
through the contact area with approximately the 
average speed of the surfaces. Moreover, the film 
thicknesses along the trailing edge of the dent over 
180" are thin. This phenomenon suggests that pressure 
gradients along this portion are very steep. Ai and 
Cheng [21 have shown by the numerical simulation 
that there are such pressure gradients. Although the 
dent has built-up edge, it does not seem to give 
substantial effect on this phenomenon, because the 
built-up edge seems to be flattened due to the effects 
of shear flow 171. As a result, two very narrow beltlike 
film reduction areas are produced at the downstream 
side of the dent. A full  recovery to an EHL film 
based on smooth surfaces is accomplished at the 
moment when the dent passes over the contact area. 

Under pure rolling conditions ( Z = 0), the influence 
of the dent is localized to a region around the dent 
as shown in  Fig.3B. I t  should be noticed that film 

thicknesses along the edge of the dent are thin as 
compared with film thickness observed using smooth 
surfaces and its reduction rate is slightly larger at 
the leading and trailing edges of the dent than at the 
side shoulders of the dent. This phenomenon seems 
to be closely related to the numerical result obtained 
by Ai and Cheng 121 that the pressure rises slightly 
at the side shoulders of the dent and drops at the 
leading and trailing edges of the dent. 

Under conditions of C < 0 where the average 
speed of the oil in the EHL conjunction is faster 
than the speed of the dent, the motion of the fluid 
in the contact area relative to the dent is opposite to 
the motion of the entraining fluid. Consequently, 
the film downstream of the dent is never influenced 
by the dent. Furthermore, the dent does not bring 
about noticeable side-leakage for the oil flowing into 
the upstream side of the dent across the dent when 
the dent is entering the contact region. Therefore, 
unlike cases of a groove where the side-leakage takes 
place along the groove [8], a local reduction in film 
thickness due to side-leakage does not occur at a 
certain region just upstream of the dent . However, 
when the dent is going out of the contact area, a 
local reduction in film thickness occurs at just 
upstream side of the dent due to the side-leakage, as 
shown in Figs.3C and 9C. When the whole of the 
dent enters the contact area, a thick film is emitted 
from the dent into the upstream side of the dent, as 

t / 1 

Position of dent X 

Figure 4. Length, in the direction of sliding, of 
thick film emitted from dent as a function of 
location of dent (U=9~10- '~)  
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shown in Fig.3C. As the dent approaches the exit, 
its thick film is left within the contact area. Owing 
to the same phenomenon as the cases of I: > 0, the 
film thicknesses along the leading front of the dent 
over 180" are thin as compared to the smooth surface 
value. As a result, two very narrow beltlike film 
reduction areas are produced at the upstream side of 
the dent shoulders and extend with a speed 
approximately equal to (uo - u s )  / 2 .  Consequently, 
a full recovery to an EHL film based on smooth 
surfaces is established after a while when the dent 
passes over the contact region. 

Figure 4 shows the length, in the direction of 
sliding, of thick film emitted from the dent, i.e., the 
distance from the leading or trailing edge of the 
dent to the end of the thick film, as a function of the 
position of the center of the dent. The position of 
the dent is specified by X=x/a, where x is the distance 
from the center of the dent to that of the Hertzian 
contact and "a" is the Hertzian contact radius. The 
lines in Fig.4 were obtained by multiplying 
Iu, - u,I / 2 by time after the whole of the dent entered 
the EHL conjunction. The calculated values almost 
agree with the observed results. That is, the speeds 
of the thick oil films being emitted from the dent 
into the downstream and upstream sides for cases of 
Z > O  and Z<O,respectively,are Iu, -u,1/2. 

As has been described in above, the effects of a 
moving dent on point EHL contacts observed in this 
study, as a whole, agree well with numerical 
simulations carried out by Ai and Cheng [2]. A 
marked difference between numerical and 
experimental results is the film thicknesses 
downstream of the dent under conditions of C I 0. 
The numerical result shows that the overall film 
thickness downstream of the dent is increased as 
compared with the smooth surface value. However, 
such a phenomenon has never observed within the 
limits of present experiments. In cases of I: 5 0 ,  it 
can be considered that the film downstream of the 
dent is never influenced by the dent. 

3.2. Deformation of dent 
Figure 5 shows film thicknesses at the center of 

the dent as a function of the location of the dent in 
the direction of motion for different side-to-roll ratios. 
The plots in Fig.5 were obtained with the type B, 
dent for I: = 1.5, 1 and - 1  and with the type B, dent, 
which was almost the same shape and size as the 
type B, dent, for Z = 0 and -1.5. In Fig.6, the 

midplane film profiles in the direction of motion 
overlaid onto the undeformed dent profiles, where 
each dent locates near the central position of the 
EHL conjunction. The dotted line in each figure 
corresponds to the undeformed profile (stylus trace) 
of the dent. The position of the stylus trace was 
determined in conformity with the undeformed dent 
extending outside the Hertzian contact, and the 
horizontal line was positioned at the smooth-surface 
film thickness. Figure 7 shows their enlarged views. 

As seen from Figs.5 to 7, under pure rolling 
conditions, the dent moves through the EHL 
conjunction while almost maintaining the 
undeformed shape. However, when sliding is 
introduced, film thickness within the dent is reduced 
substantially. That is, the depth of the dent decreases 
as the dent enters the contact area, and takes a 
minimum when the dent locates near the central region 
of the contact area. It should be noted that in cases 
of I: > 0 the amount of the film reduction is large 
and almost independent of the values of I:. However, 
in cases of Z c 0, the reduction rate seems to depend 
markedly on 1x1 and the amount of the film reduction 
seems to increase with the increase in /I:/. In order 
to clarify the reason why such a difference occurs, a 
load of 39.2N was applied slowly so as not to make 
an oil entrapment to the ball with the dent against 
the glass disk, and then the ball and glass disk were 
moved under various slide-to-roll ratios. In cases of 

E 
5. 

1.4 

. - .x -x- . -. -. -.)t.- 
L '* . -. - .x .  

g 1.2 

Position of dent X 

Figure 5. Film thickness at center of dent as a 
function of location of dent ( U = 9 ~ 1 0 - ' ~ )  
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Figure 6, Midplane film profile in the direction of motion (type B, dent, U=9xlO-u) 
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0 
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Figure 7. Enlarged views of midplane film profiles shown in Figure 6 

C > 0, a large amount of oil in the dent was discharged 
immediately after the motion was given. However, 
in cases of C < 0, the discharge of the oil from the 
dent depends on the slide-to-roll ratio and it is difficult 
to discharge the oil from the dent under low slide- 
to-roll ratios. Although further detail experiments 
may be necessary, these results suggest that the 
discharge of the oil in the dent due to shear force 
depends upon a sign of I;. 

It should also be noticed from Figs. 6 and 7 that 
when the dent exists at the central region of the 
EHL conjunction, a local reduction in film thickness 
at the midplane in the direction of motion is significant 
at the trailing edge of the dent in cases of C > 0 and 
the leading edge of the dent in cases of Z c 0. In 
cases of C = 0, the film reduction occurs at both the 
leading and trailing edges as has been described. 

33. Effects of dent size 
Figures 8 and 9 show typical interferograms 

obtained with the types A and C dents for Z = 1 and 
C = -1 under the same conditions as those for Fig.3, 
showing the effect of the size of the dent on EHL 
films. The amount of side-leakage, which may occur 
when the dent is entering and going out of the contact 
area, is controlled by the width and depth of the 
dent and the overall EHL film thickness; if the dent 
has a large depth and width, a large amount of side- 
leakage will be caused. As seen in Fig.8, with the 
type A dent, which is the largest of dents used in 
these experiments, a part of the film downstream of 
the dent is almost completely collapsed when the 
dent stays at the edge of the inlet of the contact for 
Z = 1, but for Z = -1 a part of the film upstream of 
the dent is almost completely collapsed when the 
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B. C = - 1  

Figure 8. Interferograms with type A dent passing through contact area with U=9x10-’* 

B. C = - 1  

Figure 9. lnterferograms with type Cdent passing through contact area with U=%lO-’* 

dent stays at the edge of the exit of the contact. On 
the other hand, with type C dent (see Fig.9), which 
is the smallest of the dents, the amount of local 
reduction in film thickness is small for both cases of 

The thickness of the film being emitted from the 
dent into the film reduction area becomes almost 
independent of the size of the dent, as the dent moves 
through the EHL conjunction. 

C = l  and C = - 1 .  

3.4. Effects of rolling speed 
Figure 10 shows the results obtained using the 

type B, dent under conditions of C = 1.5, 0 and 
- 1.5 with U4xlO.”. The overall features concerning 
EHL films which are influenced by the moving dent 
are the same as those described in section 3.1. 
However, it should be noted that film thicknesses in 
the region where there is no effect of the dent, i.e., 
film thicknesses based on the smooth surfaces, are 
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c. x=-1.5 
Figure 10. lnterferograms with type B, dent passing through contact areawith U=4x1O1I 

slightly thinner in cases of I: = -1.5 and I: = -1.5 
than in pure rolling. This seems to be influenced by 
heat generation due to sliding friction, although the 
temperature rise could not be detected with the 
thermocouple placed at the entry side of the contact. 

When the entraining or rolling speed increases 
and the overall film thickness increases, the effects 
of the dent on EHL film seem to be relatively reduced. 
Figure 11 shows film thicknesses at the center of 
the dent as a function of the location of the dent 
corresponding to Fig. 10. When sliding is introduced, 
film thickness within the dent or the depth of the 
dent is reduced. The amount of the film reduction is 
larger for X > 0 than for Z < 0. It  can also be seen 
from the comparison of Fig.10 with Fig.5 that the 
reduction rate in the dent depth with U=4xlO-” is 
lower than that with U=9xIO.’*. 

Only difference from cases of U=9~10- ’~  shown 
in Fig.3 is that a slightly thick film is formed at a 
narrow region just up- and downstream of the dent 

2 l l t  4 

1 .o E 22 
-1.0 -0.5 0 0.5 1 .o 

Position of dent X 

Figure 1 1. Film thickness at center of dent as a 
function of location of dent ( U = 4 ~ 1 0 - ~ ~ )  
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C. Z=-1 ( t P B , )  
Figure 12. Interferograms with dent passing through edge of contact area withU=9x10-'2 

according to C = 1.5 and C = -1.5, respectively. The 
thickness for C=1.5 is thicker than that for 
Z = -1.5. It should be noted from Fig. 2 that the 
height of built-up edge of the type B, dent is higher 
at the trailing edge than at the leading edge. 
Furthermore, the distance between the slightly thick 
film and the center of the dent does not change by 
the movement of the dent. These facts suggest that 
the occurrence of such a slightly thick film is caused 
by the squeeze film action acting parallel to the 
contact plane [17][18]. Such a thick film is also 
observed in Fig.8A. This is because the type A dent 
has a large built-up edge at the trailing side of the 
dent, although the rolling speed is lower than that 

for Fig.10. 

3.5. Effects of location of dent 
In the previous paragraphs, the behavior of EHL 

films induced by a dent passing through the middle 
region of the EHL conjunction has been discussed. 

It has been found that the effects of the dent on 
EHL films are almost the same wherever the dent 
passes through the contact area if the whole of 
the dent exists in the contact area. However, if a 
part of the dent passing through the EHL conjunction 
is always out of the contact area, there is a little 
discrepancy in the film behavior, because the EHL 
film is always influenced by the side leakage induced 
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by the dent. Figure 12 is enlarged interferograms 
showing the effects of dent passing through the edge 
of the contact area on EHL films. A local reduction 
in film thickness always takes place, while the dent 
exists in the EHL conjunction, at the down- and 
upstream sides in the direction of motion of the dent 
according to the positive and negative values of the 
side-to-roll ratio. Even in these cases, under pure 
rolling conditions the influence of the dent on the 
EHL film is moderate. 

4. CONCLUSIONS 

The effects of a moving dent on point contact 
EHL have been examined by direct observations by 
means of optical interferometry. The main 
conclusions drawn from the present work are 
summarized as follows: 

(1) When the dent is on the slower moving surface 
(C > 0 ), the film upstream of the dent is never 
influenced by the dent, while in the reverse 
situation ( C < 0), the film downstream of the 
dent is never influenced by the dent. 

When the dent passing through the EHL 
conjunction exists at the inlet region under 
conditions of C > 0, a local reduction in film 
thickness occurs at a certain area downstream 
of the dent, because of side leakage induced 
by the dent. The length of the film reduction 
area in the direction of sliding increases with 
increasing C. The degree of a local reduction 
in film thickness depends on the relative size 
of the dent with respect to the overall film 
thickness. When the whole of the dent enters 
the contact area, the reduced film moves through 
the contact area with approximately the average 
speed of the contacting surfaces. 

(3) Under pure rolling conditions ( Z  = 0). the 
variation in film thickness associated with the 
dent is confined to the vicinity of the dent. 
Although a local reduction in film thickness 
occurs at the peripheral edge of the dent, the 
amount of the film reduction is slightly larger 
at the leading and trailing edges than at the 
shoulders of the dent. 

(4) Under conditions of C < 0, a local reduction 
in film thickness so as to observed in cases of 
Z > Otakes place when the dent exists at the 
outlet region. When the dent passes through 
the contact area, very narrow beltlike film 
reduction areas are produced at the upstream 
side of both shoulders of the dent. In cases of 
I: > 0. the similar film reduction areas are also 
produced at the downstream side of the dent 
shoulders. 

( 5 )  When the whole of the dent enters the contact 
area, the dent emits the oil at the downstream 
and upstream sides according to Z>O and 
Z<O. 

(6) In cases of Z#O, the depth of the dent 
decreases as the dent enters the contact area, 
and takes a minimum when the dent locates 
near the central region of the contact. In cases 
of C > 0. the amount of the reduction in the 
depth of the dent is large and almost independent 
of the values of C. On the other hand, in cases 
of C < 0, the reduction rate increases with 
increasing 1x1. 

(7 When a part of the dent passing through the 
EHL conjunction exists out of the contact area, 
a local film break down or a local film reduction 
takes place at the downstream and upstream 
sides according to Z>O and C < O ,  
respectively. 
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Lubricant film thickness and shape using interferometry and image 
processing 
R. Bassani and E. Ciulli 

Dipartimento di Costruzioni Meccaniche e Nucleari, Universitil degli Studi di Pisa 
Via Diotisalvi, 2 - 56126 Pisa - Italy 

Optical interferometry is today one of the most used technique to determine the f i lm 
thickness and shape in typical elastohydrodynamic lubrication (EHL) conditions, but 
unfortunately the interpretation of interference patterns is not very easy and oRen depends on 
the observer. In this work a method is presented to reduce the uncertainty due to the human 
factor and to make the process of interpreting interference patterns more automatic. 

The used experimental apparatus is first described. The procedures developed for the elabo- 
ration of monochromatic interference images are then reported. The image processing method 
is based on the determination of maximum and minimum of light intensity along some direc- 
tions; in these points the heights can be calculated. Computer programs for both static and  
dynamic test conditions are developed to  automatically obtain the shape of the lubricant film i n 
digital and graphical three-dimensional form too. Some first results are finally shown. 

1. INTRODUCTION 

Determination of film thickness is the 
most important measurement for lubricated 
contacts. Several methods have been used to 
evaluate in particular the minimum film 
thickness. They can be classified in four 
different main categories: electrical 
(resistance, capacitance and inductance 
measurements), X-ray, mechanical (using 
strain gauges or dynamometers) and optical 
(interferometry, laser diffraction, laser 
fluorescence) methods [l-33. 

Optical interferometry is one of the most 
used techniques for its capacity to give high 
precision values and punctual evaluation of 
film thickness in the whole contact zone. In 
other words, not only the minimum film 
thickness but also the form of the lubricated 
meatus can be determined using 
interference images. First applications of 
this methodology go back to the 60's 14-73. 
Till today,. many researchers in several 
countries have developed their own test rigs 

based on optical interferometry. Works of 
some research groups are reported in [8-161. 

As well known, two different kinds of 
light can be used: the white one and the 
monochromatic one. Obtained pictures 
(photos or video camera images) have been 
normally investigated with the naked eye. 
Resolution is better using white light than 
with the monochromatic one. On the other 
hand it is not possible to use chromatic 
images to determine film thicknesses over 
about 1 pm and there are some uncertainties 
due to the human factor (colors can be 
perceived with a certain degree of 
inaccuracy; interpretation of calibration 
and test results must be performed by the 
same person, because someone else can have 
a different idea about what is a certain 
color). Monochromatic light, obtained using 
laser or white light filtered with 
interference filters, allows to measure 
thicknesses till several pm; in addition to 
this, different wavelengths can be used and 
the relative results combined to have more 
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detailed information. The minimum f i lm 
thickness that can be detected is about 0.1 pm 
for both cases. Particular methods to avoid 
this limitation have been developed 
allowing film thicknesses of less than 
0.01pm to be measured [17-181. Another 
problem is that only discrete values of f i lm 
thickness can be evaluated. Normally zones 
with difference of heights of the order of 0.03- 
0.06pm can be detected with white light a n d  
of the order of h l h  with monochromatic 
light ( h  is the wavelength of the used light 
and n the refractive index of the lubricant; a 
mean value of this ratio, with green light 
and usual oils, is about 0.1 pm). 

Improvements to the interpretation of 
interference pictures are possible with 
image processing methods. A technique for 
elaboration of color interference images i s  
reported in [191. The method is shown to 
work well in the range 0.095-0.7pm. 
Anyway there is the limitation of lpm for 
images obtained with white light that cannot 
be overcome: only elaboration of 
monochromatic images allows to  do it. 

In this paper a n  image processing method 
for elaboration of monochromatic pictures i s  
presented. Using the experimental 
apparatus briefly described in this paper, 
images are obtained both in static a n d  
dynamic conditions and then elaborated. 
Computer programs to treat these images a re  
developed. Some first results are presented 
and 3-D mesh surface plots of calculated 
heights are shown. 

2. EXPERIMENTAL APPARATUS 

The used experimental apparatus (Figure 
1) is a test rig for interference f i lm 
thickness and shape measurements. 

The contacting bodies are a glass disc 
and an easy changeable specimen. They 
simulate a real contact between components 
of machine elements as rolling bearings. 
Tests with different rolling and s l iding 
speed, load and oil are possible. Friction 
force developed in the contact can also be 

Figure 1. General view of the apparatus. 

measured. The apparatus, built in the 
middle ~ O ' S ,  has never been presented in a n  
international context. A brief description of 
i t  is here reported. 

Both the disc and the specimen are driven 
by DC electric motors allowing continuous 
variation of rotating speed from 0 to 
3000rpm. The disc can also be easily 
disconnected from the motor for pure rol l ing 
tests in which it is moved directly by the 
specimen. This is possible thanks to a n  
integral gas bearing supporting the disc 
itself. Many studies were necessary about 
externally pressurized gas bearings [20-221, 
mainly on pneumatic instability, a crucial 
problem for the integral aerostatic bearing. 
The bearing of the apparatus is today 
working as a "Yates" one, with axial je ts '  
air supply turned off. Another gas bearing is 
used for supporting the group of the specimen 
and the connected motor and it is the 
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fulcrum of a first order lever system used 
for the application of the load. The use of this 
radial gas bearing, whose axis is  
perpendicular to the rotation axis of the 
specimen, also allows to measure the 
friction force with a suitable load cell. The 
whole structure supporting specimen a n d  
motor is placed on a cross table for 
micrometrical positioning of the specimen. 
The supply gas pressure for the two bearings 
is normally set t o  6.105 N/m2. 

The lubricant can be heated or cooled 
thanks to a suitable system visible at the 
bottom of Fig. 1. Then it is splashed into the 
contact zone whose detail is shown in Fig. 2. 

Figure 2. Detail of the contact zone. 

Interference images are produced using 
the light of a xenon (for tests with white 
light) or mercury (for monochromatic light) 
arc lamp. In the second case interference 
filters are used, three different kinds of 
which are available to obtain lights of three 
wavelengths: 436 nm (blue), 546 nm (green) 
and 577 nm (yellow). A chromium layer for 
increasing reflectivity is deposited on the 
surface of the disc in contact with the 
specimens. The observation of interference 
images is made through a suitable 
microscope. 

Many specimens have been made of 
different forms, dimensions and materials; 
some of these are completely machine- 
worked and some others have been made 
using bearing balls glued in a conical seat. 

Also some discs with different glass a n d  
coatings are available (the thickness of 
chromium is varied and a further layer of 
silica can be used for protection). Some 
works done with the apparatus are reported 
in 123-241. 

3. IMAGE HANDLING 

Images are normally recorded on 
photographic films or using a video camera 
(a Panasonic WV-FEE) and a recorder (a  
professional Panasonic S VHS AG-7330). 
The camera or the video camera are 
mounted on the microscope (a Nikon SMZ- 
10). Photos can be scanned while recorded 
images can be directly discharged in the 
computers used for image elaboration (a  
Macintosh Centris 660 AV and a recently 
purchased Power Macintosh 7600/120). For 
the larger possibilities connected with the 
use of the video camera, this study i s  
centered on this kind of images, even if the 
definition of the photographic prints is  
usually better. The methodology used by the 
following described programs is anyway 
independent from the image definition. 
Nominal resolution of the video camera i s  
756x581 pixels and the corresponding 
images are digitized at 144dpi (dots per 
inch). This allows to have one dot for each 
pixel. 

The computer programs presented in this 
work have been developed in the MATLAB 
environment, particularly suitable for high- 
performance numerical computation a n d  
visualization. MATLAB's commands a n d  
functions have been used to form the so 
called "m-files". Over 40 m-files constitute 
this first version of the programs. 

Many different kinds of problems have 
been encountered and solved in developing 
the programs. For space reasons only few of 
these are reported in this paper. 

The images elaborated in the present 
work are obtained in static and in pure 
rolling tests made with the specimen of 
Figure 2 (one of some super-finished AISI 
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52100 steel bearing balls kindly furnished 
by SKF of Pinerolo, Italy). The sphere has a 
diameter of 24.606mm and a roughness 
R,=0.01 pm. The used disc is of crown glass 
with a semi-reflecting chromium layer of 
about 20nm and a medium roughness 
R,=0.015 pm. 

All shown pictures are relative to 
lubricated contacts with a load F=7N. The 
used lubricant is SN600 with a viscosity 
q,=0.25Ns/m2 at the test temperature. The 
actual magnification of the images i s  
evaluated using a calibration grid with a 
step of 0.5 mm. 

4. ELABORATION OF STATIC 
CONDITION KMAGES 

The first computer program has been de- 
veloped for elaboration of images obtained 
in static conditions. This kind of analysis 
allows to determine the phase change in re- 
flection, an important data for absolute fi lm 
thickness determination with monochro- 
matic interferograms. In addition to this, 
static images are easier to elaborate than the 
ones obtained in dynamic conditions, and 
some procedures of this first developed pro- 
gram are easily adaptable to the dynamic 
case. 

Captured monochromatic images, stored 
in tiff uncompressed format after 
discarding color information, are first 
imported in MATLAB and converted i n  
intensity images. This grey-scale image i s  
stored as a single matrix that contains 
values ranging from 0 (black) to 1 (white); 
each element of the matrix corresponds to a n  
image pixel. 

The center of the image is then deter- 
mined. An investigation is made in hori- 
zontal (x) and vertical (y) directions to find 
the values of x and y for which the width of 
the central zone is maximum. This is de- 
termined choosing a value greater than al l  
intensity values of the central zone; the 
choice is made using plots of some intensi- 
ties in x and y directions. As an example, i n  

Fig.3 an interferogram obtained in static 
conditions is shown with the six values of y 
used for the investigation (white l ines).  
Values of y are normalized using the total 
number of pixels in y directions. 

0 

- 
X 

Figure 3. Static interferogram. 

Related trends of the intensities a re  
reported in Figure 4. On the x-axis there are  
numbers denoting pixel positions in the x 
direction (pixel coordinate). The stored 
image is in this case 5x5cm large and the 
dimension of the corresponding matrix of 
intensity values is 284x284. 

After having determined the center of the 
circular contact zone, points of maximum 
and minimum of intensity are determined 
along the horizontal and vertical lines. The 
lines and the calculated points are reported 
in Figure 5. Intermediate graphic results 
are shown during this calculation. 
Interactive corrections can also be made to 
overcome many particular conditions re- 
lated to the several possible trends of inten- 
sity. A typical plot used for control is re- 
ported in Figure 6 (in the case shown here the 
determination of minimum points did not 
present particular difficulties). The circles 
correspond to the intensity values of points 
on the horizontal line on the right of the in-  
terference image center (in black the 
calculated minima). 
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Figure 4. Variation of intensity versus x (pixel coordinate) for six normalized y values. 

The points of maximum and minimum 
values found in the 4 main directions, left, 
right, top and bottom of the centre, are then 
used to determine the phase change a. The 
correct evaluation of this quantity is 
necessary to calculate the absolute fi lm 
thickness h using the following well known 
optical formulas: 

(K=O, 1,2 ... ) (1) 

Figure 5. Directions for first investigation. (K is the fringe order, h the wavelength of the 
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Figure 6. Example of intensity trend. 

light, n the refractive index of the 
lubricant). Formula (1) is used for the dark 
fringes, (2) for the light ones. 

On the other hand, the distance between 
two elastic bodies outside the static contact 
zone can be evaluated using a formula 
derived from the Hertzian theory: 

where a = q m  is the Hertzian 
radius, pH = 1.5. F/(rc. a2) is the maximum 
pressure, E = 2 .  [(l - vq)/E, + (1 - vi)/Ez I-' i s  
the equivalent elastic modulus and r is the 
distance from the center of the contact (F i s  
the load, R the radius of the sphere, El, & and 
vl, v2 are elastic moduli and Poisson's ratio 
of the 2 bodies in contact). 

E1=2.0.10" N/m2, v,=0.3 for the steel ball, 
E2=7.8-1010 N/m2, v2=0.2 for the glass disk, 
R~12.303.10~ my nd.49, k 5 4 6  nm. 

An iterative optimization technique i s  
emploied for the determination of 0. The 
differences of height values calculated with 
Hertzian and optical formulas are 
minimized using a least square method. 
The procedure can be repeated using only 

Values used in this study are: 

some of the found points of maximum or  
minimum value. In Figure 7an  example of 
results obtained after optimization is shown. 
In this figure only values of heights 
calculated for the dark fringes on the left of 
the image center are reported, while 
optimization was made using all points 
represented with crosses in Figure 5. The 
difference between optical (hot) and 
Hertzian values (hHz) are small, but the 
trend shown in Figure 7 has been recorded 
in many other elaborations. Optimized 
values of Q, are in good agreement with the 
normally used value for tests like these 
(0=-2/51t--1.26 [%I) but only considering 

x 
+ 

X 

0.15 0.2 0.25 0.3 
r Imml 

Figure 7. Tickness values calculated with 
Hertzian (hHz) and optical (hot) formulas. 

very few points near the contact zone; 
considering a bigger number of points, 
calculated values of Q, usually tend to 
diminish in absolute value. On the other 
hand, obtained results seem to be good 
because they don't vary much considering 
dark or light fringes, horizontal and  
vertical directions, different definition of 
the picture (the same image has been also 
memorized, only for test purpose, to 72, 20 
and 300 dpi using the program "Photoshop"). 
As expected, different values are also found 
with the yellow and blue filters. The study of 
the problem of the correct determination of Q, 

will be treated in a future work about the 
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possibility of determining the fi lm 
thickness without prior knowledge of the 
fringe order in the interferogram and using 
only monochromatic patterns obtained with 
different wavelengths. 

At this stage, the normally used value of 
@ for green images is adopted for 
determination of absolute heights of the first 
fringe in the last part of the program for 
analysis of static images. Using formulas 
(1) and (2) thickness in the previously 
determined points of minimum and 
maximum intensity is calculated. The 
principle of investigating intensities i n  
directions at 45" was chosen to find 
additional image points where heights can 
be calculated. Starting points for this 
investigation are the previously determined 
ones on the horizontal and vertical lines 
and other points of minimum intensity on 
the first circular fringe. The central zone, 
corresponding to zero values of heights, i s  
filled with points in suitable positions. In  
Figure 8determined points are reported on 
the interference image. The related plot of 
calculated heights is reported in Figure 9. 

The representation of Figure 9 is not very 
clear; much more indicative is a mesh 

Figure 8. Interferogram with determined 
points for calculation of heights. 

. .  . . .  . . .  

Figure 9. 3-D representation of the calcu- 
lated heights. 

surface plot. For this kind of plot an ordered 
grid of x and y values is usually needed. 
Unfortunately that is not the case of the 
points evaluated in the manner previously 
described. Anyway there are some methods 
allowing tointerpolate evaluated data on a 
suitable grid. An m-file developed for this 
aim was realized. The output of this 
elaboration related to the case of Figure 9 i s  
reported in Figure 10. To have a better 
feeling of the form of the deformed sphere i n 
contact with the disc, values of heights have 
been set in reverse mode. 

' -0 

Figure 10. 3-D mesh surface plot of a ball- 
disc contact. 
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5. ELABORATION OF DYNAMIC 
CONDITION IMAGES 

The elaboration of images obtained i n  
dynamic conditions involves m a n y  
different problems as in static conditions. 
Anyway some basic procedures used for the 
previous case can easily be extended to this 
one .  

The  developed program has  been tested 
with images corresponding to the classical  
features of EHL contacts: constant f i l m  
thickness in the central region and horse 
shoe shaped restriction in the outlet zone. 

The  basic concept used for film thickness  
evaluation is that the difference of heights 
between two successive fringes, one with 
maximum and one with minimum of 
intensity, can be found with the formula: 

h 
4 . n  

Ah = - (4) 

The  film thickness value in at least one 
point is needed. For this first version of the 
program, the minimum film thickness is 
evaluated using the formula for EHL 
elliptical contacts reported in 126 I .  

One of the problems is to avoid crossing 
two times the same fringe and giving i t  two 
different values of heights while 
investigating a chosen line on the i m a g e .  
For this reason, after importation of the 
image and  determination of an acceptable 
center of i t  using the mouse in a graph 
window, two points a re  determined for a 
convenient division of the image in four 
rectangular zones at the corners and a 
central strip (Figure 11). As for static 
images, points from which to start for a 45 
degree investigation are then found. These 
points a re  marked with stars in the f igure .  
Each investigation is made in one of t he  four 
separated lateral zones. Other points, 
represented with crosses in Figure 11, f rom 
which investigation is made a long  
horizontal lines are  then located in the 
central image strip. 

The film thickness is finally evaluated 

Fig. 11. Subdivision in investigation zones 
for a dynamic condition image (u=0.4 m/s). 

at each determined point of minimum or  
maximum intensity. Values of heights at 
the two points represented with black circles  
in Figure 11 and in the points represented 
with crosses a re  the initial data for the 
elaboration. 

For a large zone of the same fringe, the 
program h a s  also the possibility to calculate 
the position of points in which the difference 
of intensity is less than a given s m a l l  
value; in this point the height i s  also set 
equal to tha t  of the  nearest point of minimum 
or maximum. 

Some results of elaboration of i m a g e s  
obtained with two different velocities a r e  
shown in Figure 12. 

6. CONCLUSIONS 

Computer programs for the elaboration of 
monochromatic interference images are 
presented after a brief description of the 
apparatus used for experimental tests for  
lubricated contacts. The first elaborated 
program deals with images obtained i n  
static conditions. A second one is developed 
for dynamic conditions. 
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a b 

Fig. 12. Intereference images and 3-D mesh surface plots of the film thickness for two different 
rolling speeds, u: a) u=O.O9 ds, b) u=0.15 m/s. 

Some preliminary applications of both 
programs are shown. 

The main advantages of the developed 
procedures are the possibility to have more 
detailed information about film thickness 
values and fluctuations, the overcoming of 
the uncertainty due to the human factor and 
the elaboration of large number of images in 
an almost automatic way avoiding long and 

tedious manual work. 
This work should be a starting point for 

other investigations. 
A Study about the phase change 0 with 

different wavelengths of the light, 
thicknesses of the coatings on the glass disc 
and loads are possible in a quick way. 
Starting from the determination of the 
correct for the different wavelengths, a 
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procedure for absolute film thickness 
determination using only monochromatic 
images without knowing the fringe order 
could be developed. 

Information and results yielded by these 
programs can be combined with the ones 
given by methods for chromatic images a s  
that reported in [ 191 to  have very detailed and 
complete data. 

A possible development involves the 
treatment of images obtained with bodies 
with greater roughness. 

Numerical results will be obtained with a 
EHL finite element program considering 
thermal effect and different rheological 
behavior of lubricants already developed for 
linear contacts 1271. 
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Technique for measuring EHD film thickness in non-steady state contact conditions 
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A technique has been developed for making film thickness measurements in rolling elastohydrodynamic 
contacts under non-steady state conditions. It is based upon ultrathin film interferometry and allows the 
central film thickness down to less than 5 nm, and also film profiles across the EHD contact, to be precisely 
measured every 0.02 seconds. The technique has been applied to experiments in which lubricated specimens 
alternately roll at a constant speed and stop. It is found that upon halting motion, both the central and the 
minimum film thicknesses fall rapidly within several hundredths of seconds to residual levels but that 
thereafter, film thickness falls further only slowly as lubricant is squeezed out from the contact. Upon sudden 
start of motion, there is a small overshoot in the film thickness followed by a small oscillation, after which 
film thickness stabilises to a constant level which corresponds to the thickness predicted by steady state 
theory. Results of constant acceleration/ deceleration tests are also presented. 

1. INTRODUCTION 

Elastohydrodynamic (EHD) lubrication has 
been extensively studied both experimentally and 
theoretically in tribology, and our understanding of 
EHD lubrication has reached the point where film 
thicknesses under given steady state conditions can 
be easily calculated [ 11. However, many practical 
machine elements, such as rolling element 
bearings, gears, cams and traction drives, operate 
under non-steady state conditions where the load, 
speed or contact geometry are not constant over 
time. For example, involute gear teeth, even when 
they run at constant rotating speed, contact each 
other with varying load, varying slide-to-roll ratio, 
and varying contact radius. Recent applications in 
the precision, mechatronics industry involve 
components that undergo intermittent or 
reciprocating motions produced by stepper motors, 
for which bearings obviously have to support load 
under varying speed. It is often in such transient 
conditions that breakdown of lubrication films 
occurs which eventually gives rise to failure of the 
lubricated surfaces. It is therefore extremely 
important from the practical point of view to study 
non-steady state behaviour of EHD films and 

establish proper models to predict film thicknesses 
under such conditions. 

Several theoretical studies have been reported 
on non-steady state EHD problems. Vichard [2] 
developed equations for EHD line contact with 
time-varying load and contact radius based on 
Grubin's approximation. Others have conducted 
numerical studies to solve various types of non- 
steady state problem [3-61. The main limitations of 
these investigations are (i) that almost all of them 
concentrate only on line contact problems, (ii) they 
do not give practically useful equations for 
calculating film thicknesses, and (iii) the validity of 
their results have yet to be properly tested 
experimentally. It seems that to conduct full 
numerical simulation of time-varying, two- 
dimensional EHD systems is still very difficult and 
time-consuming. Our knowledge of the 
rheological properties of lubricants within EHD 
contacts is also inadequate for carrying out such 
analysis with confidence. 

Very few experimental attempts have been 
made to study non-steady state EHD. Vichard 121 
employed capacitance measurement to determine 
film thickness in a cam on flat geometry, and Ren 
et al. used conventional optical interferometry [7]. 
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However, neither was able to obtain accurate film 
thicknesses in well defined, controlled conditions. 
The reason for this lack of experimental work may 
be that to measure EHD film is very difficult even 
under steady state conditions, and there has been 
no fast and accurate measurement technique 
suitable for studying time-varying systems. 

The most advanced and reliable technique to 
accurately measure steady state EHD film 
thickness is currently the ultrathin film 
interferometric method developed by Johnston et 
al. [8]. This uses a combination of a spacer layer 
and spectroscopic analysis to measure film 
thicknesses between 2 and 200 nm with a 
resolution of about 1 nm. The technique has been 
employed to study the behaviour of thin films of a 
wide variety of lubricant types in rolling and 
rolling/sliding EHD contacts. From the point of 
view of the current work, the advantage of ultrathin 
film interferometry is that it is based on the analysis 
of spectrometer images with a computer-based 
data acquisition system, which is potentially well- 
suited to be applied to measuring rapid changes in 
film thickness under non-steady state conditions. 

The aim of the present study was to develop an 
extended system based on ultrathin film 
interferometry to directly measure EHD film 
thicknesses under non-steady state speed 
conditions. This paper describes the outline of the 
developed system and some preliminary results 
obtained. 

2. ULTRATHIN FILM INTERFEROMETRY 

The conventional ultrathin film interferometry 
technique [8] and the existing EHD test rig on 
which the present non-steady state measurement 
system is based is first briefly described. 

The test set-up consists of a contact formed 
between a 19.05 mm diameter steel ball and a flat 
glass disc, both contained within a temperature- 
controlled chamber. The disc is driven by a DC 
servo motor, while the ball is either driven by the 
disc or by a shaft connected to a separate motor. 
The present study employs the former so that the 
ball and disc contact is in nominally pure rolling. 
The ball is loaded against the rotating glass disc, 
and half-immersed in lubricant so that fluid is 
carried into the contact by the rotation of the ball. 

h 

ho 

Figure 1. Spacer layer method 

White light is shone onto the contact to produce 
interference images. 

One significant change to conventional 
interferometry is the use of a spacer layer, i.e. a 
transparent layer of silica deposited on top of the 
semi-reflective layer of chromium with which the 
glass disc is coated. As shown schematically in 
Figure 1, some of the light shone through the disc is 
reflected from the underside of the glass disc, while 
some passes through the spacer layer and also any 
oil film before being reflected from the steel 
surface. The two beams of light travel different 
distances so that they interfere optically to produce 
bright and dark interfered light output depending 
on the optical path difference. Bright constmctive 
interference occurs when: 

where hd and hs are the film thicknesses of the oil 
film and the spacer layer, respectively, n, and n, 
are their refractive indices at the wavelength 
concerned, h is the wavelength, N is the optical 
order, and t$ the phase change. Hence the spacer 
layer acts as “solid oil” and enables optical 
interferometry to be used to measure oil film 
thicknesses of less than one quarter the wavelength 

Another important feature of ultrathin film 
interferometry is the use of a spectrometer and 
microcomputer image analysis to determine 
accurately the wavelength of maximum 
constructive interference instead of detecting the 
colour or intensity of the interfered light by human 
eye. The light reflected from a narrow strip across 
the contact is passed into a spectrometer through an 
entrance slit and diffracted into its component 
wavelengths before being detected by a 

of light. 
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Figure 2. (a) An interference image of an EHD 
contact, (b) a spectrum image, and (c) a light 
intensity spectrum at the central band in (b) 

monochrome CCD camera. A typical 
spectrometer image is shown in Figure 2. The 
horizontal axis of the image is wavelength, while 
the vertical co-ordinate refers to distance across on 
the contact. Lighter regions are regions of 
constructive interference of light of the 
corresponding wavelength. Thus the band in the 
middle of the image represents the relatively flat, 
central region of the EHD contact. 

The spectrometer image is fed to a frame 
grabber on the microcomputer, and a computer 
program analyses the central band to determine the 
wavelength of maximum interference, from which 
the film thickness is calculated using Equation (1). 
Since the spacer layer thickness hs is usually not 
constant over the whole disc surface, the 
measurement is made at only one or several pre- 
determined, circumferential positions on the disc, 
at which hs has been previously determined 

without oil in the chamber using Equation (l), i.e. 
with hoi,=O. In order to ensure that the frame 
grabber captures an image exactly when the glass 
disc is at the specified positions, the computer 
program monitors the rotational position of the disc 
from a rotary encoder on the driving shaft of the 
glass disc. The encoder outputs 512 rotational 
positions in the form of 9-bit parallel digital signal. 

3. NON-STEADY STATE THICKNESS 
MEASUREMENT 

3.1 Design strategy 
To carry out the measurement of oil film 

thickness in non-steady state conditions essentially 
requires that changes in thickness with time must 
be followed rapidly and accurately. This is 
theoretically possible using ultrathin film 
interferometry and a measurement system has 
been constructed based on the following 
principles. 

Non-steady state conditions employed are 
those of varying speed with time. Several 
types of motions, which will be described 
later, are produced by using a function 
generator to control the DC servo motor 
which drives the disc. 
The conventional system uses a monochrome 
CCD camera, with a scan speed of 50 Hz, to 
obtain spectrometer images. Instead of 
analysing these images immediately after 
they are captured as in the existing system, 
they are recorded on video tape, to be 
analysed afterwards to determine film 
thickness. This allows film thickness 
determination at the maximum rate of 50 
measurements per second, which is far faster 
than possible by immediate analysis. 
To follow rapidlychanging conditions, the 
film thickness must be measured at any 
location on the glass disc. Therefore, before 
the EHD oil film is measured, the spacer layer 
thickness around the whole track is 
determined. 
For post-capture analysis it is necessary to 
know, for each video image, the location on 
the disc and the speed at which the image was 
captured. To do this, a specially designed 
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S-VHS Video Recorder Video Encoder Circuit Function Generator 
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Figure 3. Schematic diagram of the new system 

circuit was constructed to insert coded 
information regarding the position and the 
speed of the disc into each video image. 

(v) Computer programs were developed to 
analyse the many thousands of video frames 
obtained in order to determine film thickness 
rapidly and semi-automatically. 

3.2 System hardware 
Figure 3 shows a schematic diagram of the 

system configuration. In addition to the existing 
elastohydrodynamic optical rig, a function 
generator which gives several kinds of speed 
variation to the disc, an S-VHS video recorder for 
recording spectrometer images and a circuit to 
insert information on each image are indicated. 
The figure also shows how the various components 
are connected; thick dotted lines represent video 
lines, dotted lines are the encoder signals, and solid 
lines are command signals. 

The function generator produces oscillating 
output voltage having square, triangle or sinusoidal 
form within the frequency range 0.1 Hz to 1 MHz. 
The output can also have a DC voltage offset so 
that it is possible to generate, for example, a 
clockpulse-like wave with one of the levels equal 
to zero volts by using the square wave with an 
offset. Since the motor is used in the range where 

its speed is almost linearly proportional to given 
voltage, the disc can be driven with the above three 
types of speed variation. In practice, frequencies 
below 5 Hz were used in the current study in order 
to ensure proper response of the motor and to 
enable enough images to be obtained in one cycle 
to give a clear indication of the variation of film 
thickness with speed. 

A conventional S-VHS video recorder, 
Mitsubishi BV-2000B, is used to record the 
monochrome spectrometer images. The advantage 
of this model is that it can be controlled by a 
microcomputer using very simple commands. 

Before the images are recorded on tape, coded 
information in the form of a digital bar code is 
inserted near the top of each image field by a 
custom built circuit. This circuit is called a “video 
encoder”. The bar code contains 48 bits of 
information, which includes 9 bits for the encoder 
position, 16 bits for the video field number that 
increases frame by frame, and 16 bits for the 
approximate speed of the disc. Here the term 
“field” denotes one of two interlaced image fields 
that constitute one image frame; the 50 Hz video 
signal has 50 fields in a second. The bar code thus 
allows the computer program to identify which 
video field and which encoder position it is 
analysing. 
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3.3 Reading data from video tapes 
A very large number of images are recorded on 

tape during each experiment, far more than could 
be conveniently analysed manually. A series of 
Pascal computer programs were developed to read 
and process these semi-automatically. 

The whole analysis is divided into several 
stages, in each of which the initial task is to obtain, 
from each image field, light intensity variations 
with wavelength in a central band on the images, to 
decode the barcode to obtain the field number and 
the disc position, and to store these on hard disc. 

With the existing video recorder it was not 
possible to pause/still the video recorder whilst this 
was connected to the computer. Instead a program 
was written to automatically replay a selected 
section of the tape several times, using the RS- 
232C interface to control the video recorder, until 
all the fields in the section had been read. A 
procedure was devised which, while the tape is 
running, enables the frame grabber to grab a 
specified target field by using the decoded field 
number. This is effective even when there is 
instability in tape tracking. 

In some cases considerable damage on the 
spectrometer image was found, probably due to the 
coating being worn off from the surface of the disc. 
Since it is very difficult to detect this kind of defect 
after the intensity spectrum curve has been 
obtained, the analysis program includes a routine 
that automatically checks the images and mark the 
condition in the stored file, in order for subsequent 
analyses to reject damaged fields. 

3.4 Film thickness determination 

the images recorded on a tape is conducted by: 
Determination of film thickness variation from 

(i) mapping the spacer layer thickness by 
recording images during one revolution of the 
disc in non-lubricated conditions at constant, 
slow speed, or in lubricated conditions at 
which the spacer film thickness at some 
locations is already known, and 

(ii) determining oil film thickness and 
corresponding speed or position in non- 
steady state speed conditions. 

Instead of averaging the band in the central 
region of the EHD contact to obtain one averaged 

Table 1 
Test fluids and their viscosities 

Oils Dynamic viscosities (cP) 
25°C 40°C 100°C 

SNlOO 31.5 16.6 3.24 
SN150 55.1 27.1 3.81 

central film thickness, the band can be divided into 
rows of thin bands of a few video lines to obtain a 
film profile across the EHD contact [9]. 

3.5 Validation of the system 
In order to test the effectiveness of the 

recording and analysis system, experiments were 
conducted with a mineral oil SN150, listed in 
Table 1, under constant speed conditions at room 
temperature. A load of 20 N was used, which gave 
a Hertzian contact radius of 0.135 mm and a 
maximum Hertzian pressure of 0.526 GPa. The 
film thickness was measured at a series of speeds 
ranging between 4 mm/s and 0.124 m/s. 

Figure 4 shows the spacer layer thickness 
obtained from a lubricated, rolling contact at a 
speed of 41.1 mm/s, about 10 rpm. The steady 
state EHD film thickness at this speed is known to 
be 25.9 nm, which is subtracted from the measured 
thickness to obtain the thickness profile of the 
spacer layer. It can be seen that there is a large 
undulation in the spacer layer thickness between 
about 505 to 525 nm around the circular track due 
to circumferential spacer layer thickness variation. 

540 I 
E t 
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0 128 256 384 5 

Encoder position 

Figure 4. Spacer layer thickness variation 
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Figure 5. Steady state test result with SN150; 
(a) wavelength of maximum interference at 124 
mm/s, and (b) film thickness variations with 
rotational position at 124 mm/s and 8.25 mm/s 

Figure 5(a) is a plot of the wavelength of 
maximum interference against the rotational 
position of the disc from a lubricated rolling test at 
a rolling speed of 124 mm/s. It is clear that the 
wavelength fluctuates due to the variations in the 
spacer layer thickness; in this case the rotational 
speed is about 30 rpm, i.e. 0.5 revolutions per 
second. By using Equation (1) to subtract the 
spacer layer thickness from the total thickness, the 
oil film thickness is calculated. Figure 5(b) shows 
the result; the film thickness is quite constant round 
the disc, with a mean film thickness of 52.7 nm and 
a standard deviation of 0.88 nm. Also shown in 
Figure 5(b) is film thickness variation determined 
at a much lower speed of 8.25 mm/s. The mean 
and standard deviation are 9.0 nm and 0.74 tun, 
respectively, showing that good quality data can be 
determined in the 10 nm film thickness range. 

The above example clearly demonstrates that 
the developed system is able to measure oil film 
thicknesses with accuracy within 2 nm, and can be 
used confidently in non-steady speed tests. In the 
next sections, some preliminary results of non- 
steady state tests conducted are shown. 

4. NON-STEADY STATE EXPERIMENTS 

4.1 Experimental conditions 
Two mineral oils with different viscosities were 

used, as listed in Table 1. Several types of non- 
steady state speed motions were employed, 
including: 

(i) Rapid halting of motion 
(ii) Uni-directional on-off motion 
(iii) Reciprocation at nominally constant speed 
(iv) Acceleration/deceleration 

l ime 
(a) Rapid halting 

Time 
(b) Uni-directional on/off motion 

(c) Reciprocation at constant speed 

Time 

(d) Acceleration/ deceleration 

Figure 6. Non-steady state motions 
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Figure 7. Changes in the EHD central film 
thickness in arapid halting test; SN150,25"C, from 
a velocity of 41.2 mm/s 
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Figure 8. EHD film shapes across the contact in a 
rapid halting test shown in Figure 7 

These motions are shown schematically in 
Figure 6. In motions (i), (ii) and (iii) the rolling 
speed was varied over the range from about 20 to 
160 mm/s, whilst in (iv) the speed was varied 
between 0 and 165 mm/s. A load of 20 N was used 
in all the tests. 

4.2 Rapid halting of motion 
Figure 7 shows the variation of the central film 

thickness during rapid halting of motion with the 
lubricant SN150. The data points in the figure 
represent film thicknesses taken at intervals of 0.02 
seconds. When the motion is halted, which is 
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Figure 9. Changes in (a) velocity and (b) EHD 
central film thickness with time in a uni-directional 
odoff test; SN100,25"C, 1 Hz, 78.8 mm/s 

indicated on the abscissa to occur at 0 seconds, the 
EHD central film thickness collapses very rapidly, 
within a few hundredths of second. However, it 
does not drop immediately to zero but instead 
levels out at about half of the original thickness and 
there is then a very slow gradual decay of residual 
film. 

This behaviour can be studied in detail by 
acquiring profiles of film thickness across the EHD 
contact, as described in Section 3.4. Figure 8 
shows the changes in the film shape with time for 
the same test, from 0.1 seconds before the end of 
motion to 30.1 seconds after halting. The shape at 
-0.1 seconds clearly represents the well-known 
EHD film shape, showing the side lobes at which 
the film thickness is a minimum. After halting of 
the disc, film thickness falls more rapidly at the 
sides than at the centre of the contact. Thereafter, 
gradual squeezing out of the lubricant is seen until 
the film becomes almost flat at 30.1 seconds, with a 
residual, thin film of a few nanometers thickness. 
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Figure 10. Central film thicknesses during motion 
and after initial film collapse in uni-directional on/ 
off tests with S N  100 

4.3 Uni-directional on-off motion 
This is a motion which consists of cycles of 

constant speed followed by rest; equivalent to 
stepper motor action. The results at 1 Hz will be 
shown, where standstill of nominally 0.5 seconds 
follows 0.5 seconds of constant velocity motion. 

Figure 9 shows typical film thickness variation 
with time with the oil SN100, together with the 
corresponding variation in velocity. As in the case 
with abrupt halting, film thickness drops very 
rapidly to an intermediate value with subsequent 
decay taking place much more slowly. When 
motion is resumed, film thickness increases 
abruptly and then oscillates for a few cycles before 
it stabilises to a level which corresponds to the 
steady state film thickness. The frequency of this 
oscillation is about 12 s-' . 

Quite similar behaviour is observed at different 
speeds. Figure 10 compares the film thicknesses 
during motion with the film thickness attained after 
the initial film collapse on halting for different 
rolling speeds, all at 1 Hz. The figure demonstrates 
that the latter fi lm thicknesses are almost 
independent of the preceding speed and thus 
independent of initial film thickness. The above 
results show that under the present conditions, the 
EHD film never breaks down with the repetition of 
the on-off motion at 1 Hz. 

4.4 Uni-directional acceleratioddeceleration 
By using several triangular waves of different 

frequency while keeping the amplitude constant, 

D 
Time, s 

Time, s 

Figure 1 1. Changes in (a) velocity and (b) the EHD 
central film thickness in an acceleratiorddecelera- 
tion test; SN150,25"C, 0.1 Hz, 0-165 mm/s 

motions with different constant acceleration were 
generated. Figure 11 shows the velocity variation 
and the corresponding variation in the central film 
thickness when the speed changes between almost 
zero and 165 mm/s at a frequency of about 0.1 Hz 
with the oil SN150. The film thickness change 
matches the speed variation. The film thicknesses 
for several cycles of acceleration and deceleration 
are plotted against the speed in Figure 12(a). There 
is little difference in thickness between the 
increasing and decreasing results at the same 
speed. It can also be seen that the film thickness is 
not proportional to the speed but proportional to 
the speed to the power of about 0.7, as expected 
from EHD theory. 

Figure 12(b) and (c) shows that, as the cycle 
rate is increased to 1 Hz and then 2 Hz, the 
thickness values diverge, with those formed during 
acceleration falling below those formed during 
deceleration. There is a delay in the film thickness 



response to the change in speed. After the speed 
reaches the maximum, the film still continues to 
grow for a while. These results clearly shows the 
non-steady state effect produced by acceleration. 

5. DISCUSSION 

It has been shown that the system is able to 
measure EHD oil film thicknesses in various non- 
steady state conditions. It should be noted that 
further improvement of the technique for faster 
data acquisition can be made relatively simply by 
employing a high speed video camera. Although 
only a few results are presented here, they provide 
some interesting insights. 

When rolling is suddenly halted, the film 
thickness falls in two stages, a very rapid film 
collapse occurring over a time period of less than 
0.1 seconds, followed by a much slower reduction. 
The former is accompanied by the rapid fall of the 
minimum film thickness in the side lobes. This 
loss of film thickness may have important 
implications when surface damage in low 
frequency stop/start motion is concerned. The 
latter proceeds as the lubricant flows out of the 
contact through the narrow gap at the sides of the 
contact, by the squeeze film action. This behaviour 
is qualitatively similar to that predicted by 
numerical analysis [ 31. 

The present results also show the occurrence of 
oscillation in the film thickness when rolling is 
suddenly commenced. The overshoot of the film 
thickness and the subsequent damping may 
indicate the dynamic effect of the lubricant film 
and also the dynamics of the motor-to-disc 
driveline. It has been found that, upon sudden 
start-up, there is a small oscillation in the shaft 
driving the disc. Further investigation is needed in 
order to clarify how these effects operate. 

One of the biggest limitations of the current 
system is that the speed of the ball was not 
monitored or controlled. Instead it was assumed 
that the ball was driven in nominally pure rolling 
by the disc. It is possible that, after sudden changes 
of the disc velocity, some skidding due to the 
inertia of the ball may have occurred. Skidding 
might also have affected the lag in film thickness 
found in the acceleration/ deceleration tests. At 
present, the authors believe that the non-steady 
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Figure 12. Variation of the EHD central film 
thickness with velocity (a) in the test shown in 
Figure 1 1. (b) at 1 Hz, and (c) at 2 Hz 

effect caused by the inertia of the ball is 
insignificant under the present conditions. The 
reason is that the time constant of the exponential 
reduction of the ball speed upon the sudden halting 
of the disc should be less than one thousandth of a 
second. This is based on a very simple model in 
which the traction between the disc and the ball is 
proportional to the speed difference, with the 
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maximum traction coefficient being about 0.05 
[lo], and the inertia of the supporting bearings 
being neglected. 

To overcome this limitation, future work will 
accurately monitor and control the ball motion as 
well as that of the disc, and will also measure 
traction forces between the disc and the ball. 
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The problem of surface waviness in ElastoHydrodynamic Lubrication is commonly considered as a first step 
towards understanding the lubrication of rough surfaces. Both problems are generally transient. The current 
paper investigates the deformation of sinusoidal waviness in the contact, more precisely it studies the amplitude 
reduction of one-sided waviness in a transient EHL line contact. The film thickness amplitude at X = 0 is called 
Ad (deformed amplitude). It is shown that for waviness amplitudes smaller than the film thickness A, < H,, the 
ratio &/A, is independent of the undeformed amplitude A, .  In other words: for small amplitudes the deformed 
amplitude depends linearly on the initial amplitude A, .  Rather surprisingly, the same behaviour is found for 
A, > H,. The results show that qualitatively waviness with short wavelengths A/b < 1 is hardly deformed, thus 
Ad N A, .  Long wavelengths on the contrary, disappear nearly completely: Ad << A,  thus &/A, N 0 .  However, 
quantitatively the amplitude reduction was found to depend also on the contact operating conditions. With a 
generalized coordinate V, instead of A / b ,  the relative amplitude Ad/A, can be described by a single function of 
V for all operating conditions: Ad/A, = F ( V ) , V ( M ,  L ) .  A possible way of expressing V is: V = A/b M 3 l 4 / L 1 l 2 .  

1. Introduction 

The interest in Elasto Hydrodynamic Lubrica- 
tion (EHL) has gradually shifted from the steady 
state smooth surface problem to more complex 
geometries, i.e. the effect of surface features such 
as dents, bumps, waviness and roughness. In 
other words attention has moved from the macro 
contact to features that cover only a fraction of 
the contact area: the micro contact, and from the 
steady state to  transient conditions. This change 
in interest can easily be explained when realiz- 
ing that engineering surfaces are never perfectly 
smooth. The current trends in design are towards 
increased efficiency: higher loads, lower viscosity 
oils and higher operating temperatures and thus 
thinner lubricant films. As a result the surface to- 
pography becomes increasingly important when 
describing the performance of lubricated concen- 
trated contacts. Experimental investigations into 
the influence of surface effects have been car- 
ried out using optical interferometry, Wedeven 
and Cusano (1979), Kaneta and Cameron (1980), 
and more recently Kaneta (1992) and Kaneta et 

al. (1992,1993). Also more and more theoretical 
work is devoted to  studying the influence of the 
surface topography. Most of these studies have 
been carried out using a steady state analysis, 
see for instance Goglia et al. (1984), Kweh et 
a1 (1989), and Lee and Hamrock (1990). How- 
ever, in general both surfaces move and any fea- 
ture present on the surface will move through the 
contact. Hence, in fact such theoretical studies 
require a transient analysis calculating the pres- 
sure and film thickness, see Ai and Cheng (1993, 
1994a, 1994b, 1996), Chang (1989,1992), Osborn 
and Sadeghi (1992) and Venner et al. (1991). A 
time step proportional to the spatial discretisa- 
tion should be used to model the motion of the 
feature through the contact. In addition, the 
number of spatial nodes should be sufficiently 
large to  study features on a sub-contact scale. 
Obviously, a prerequisite for such studies is an 
algorithm of very low complexity for the compu- 
tation of the film thickness and pressure in the 
contact at each time step. Moreover, to simu- 
late situations of practical interest, the algorithm 
should also be stable, especially since rough sur- 
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face problems tend to be more difficult to solve 
from a stability point of view than their smooth 
surface counterparts. 

The introduction and further development of 
multilevel techniques to solve the EHL problem 
has yielded algorithms for the steady state line 
and point contact problem of O(n Inn) complex- 
ity, n being the number of discretisation points. 
As a result these methods allow a fast computa- 
tion of the pressure profile and film shape using 
large values of n and are well suited to accomplish 
the transient calculations. 

This method has allowed detailed studies of 
transient features: Lubrecht et al. (1990, 1992) 
and Venner et al. (1991, 1994a, 1994b, 1994c, 
1996). 

A detailed analysis of the change of the wave- 
length of the waviness in an EHL contact was sup- 
plied by Greenwood and Johnson (1992), Green- 
wood and Morales-Espejel (1994) and Morales- 
Espejel (1993). The missing part of the puzzle re- 
mains the change of amplitude inside the contact; 
the amplitude reduction as a function of wave- 
length and operating conditions, which forms the 
topic of the current paper. 

2. Nomenclature 

Ad dimensionless deformed amplitude 
Ad = [maxT H ( 0 ,  T )  - minT H ( 0 ,  T ) ] /2  

Ad equivalent dimensionless 
deformed ~ amplitude 
Ad = [ m q  H ( X  = 0 )  - ming H ( X  = 0)]/2 

Ai = a; R/b2 
half width of Hertzian contact 

Ai dimensionless initial amplitude 

b 
b = d(8wR)/(?rE’) 

E’ reduced modulus of elasticity 

G dimensionless materials parameter 
G = a E ’  

h film thickness 
H dimensionless film thickness 

H ,  dimensionless central film thickness 

2/E’ = (1 - Y ; ) / E ~  + (1 - Y ; ) / E ~  

H = hR/b2 

H ,  = h,R/b2 

HO 
L 

M 

P 
Ph 

P 
R 

t 
T 
U l  

u2 

U 

- 
U 

X 

X 
Xa , 

X* 
W 

L 

a 
a 
- 

AT 
A X  
€ 

x x 

mean central film thickness over time 

central film thickness increase 
dH,  = H ,  - H ,  
integration constant 
dimensionless material parameter 
(Moes) L = G(2U)0.25 
dimensionless load parameter (Moes) 

pressure 
maximum Hertzian pressure 
Ph = (2w)/(nb) 
dimensionless pressure, P = p/ph 
reduced radius of curvature 

dimensionless deviations from the 
smooth profile 
time 
dimensionless time T = t C / b  
velocity of lower (smooth) surface 
velocity of upper surface 
mean velocity u = (u1 + u2)/2 
dimensionless speed parameter 
U = voG/(E’R) 
coordinate 
dimensionless coordinate, X = z/b 
dimensionless inlet, outlet boundary of 
the domain Xa = z o / b ,  Xb = X b / b  

dimensionless position of waviness start 
dimensionless load parameter 
W = w/(E’R) 
viscosity index (Roelands equation) 
pressure viscosity index 
dimensionless parameter, (Y = a p h  
dimensionless time increment 
dimensionless space increment 
coefficient in Reynolds equation 

waviness wavelength 
dimensionless speed parameter 

viscosity 
viscosity at ambient pressure 
dimensionless viscosity, ij = q/qo 
density 
density a t  ambient pressure 
dimensionless density, p = p/po 

H ,  = (H,+ + H ; ) / 2  

M = w(2u)-o.5 

1/R = 1/R1+ 1/R2 

xb 

€ = (pH3)/(qx) 

x = (12r]oUR2)/(b3pph) 
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3. Theory 

For completeness this section presents the di- 
mensionless equations to be solved. 

The boundary conditions are P(X, ,T)  = 
P(Xa,T)  = 0, VT where X ,  and xb denote the 
boundaries of the domain. Furthermore, the cav- 
itation condition P(X,T) 2 0, VX,T must be 
satisfied. 6 and 1 are defined according to: 

pH3 - 1270UR2 
€ =  - A =  

q1 b3ph 

The density p is assumed to depend on the pres- 
sure according to  the Dowson and Higginson re- 
lation (Dowson and Higginson (1966)) and the 
Roelands viscosity pressure relation ( Roelands 
(1966)) is used. 

The film thickness equation is made dimensionless 
using the same parameters and accounting for a 
moving surface feature reads: 

X2 
H(X, T) = Ho(T) + 2 - R ( X ,  T) 

xb 
-1 / P(X’ ,  T )  In (X - X‘I dX’ (2) 

.r x, 

where R(X,  T) denotes the undeformed waviness 
geometry. 

A ( X ,  T)  = Aj 10- 10 ( m a x ( 0 , W ) Z )  

The exponential term in the amplitude 
smoothly suppresses the waviness for X - X ,  > 
0, i.e. without introducing any discontinuous 
derivatives. It allows the waviness to start ef- 
fectively at X, = XS,o + T u ~ / u ,  and thus allows 
the computations to start with the waviness well 
outside the contact and to move physically cor- 
rect through the contact, from T = 0 onwards. 

At all times the force balance condition is im- 
posed, i.e. the integral over the pressure must bal- 
ance the externally applied contact load. This 
condition determines the value of the integration 
constant Ho(T) in equation (2). Expressed in the 
dimensionless variables it reads: 

.r Jxl’ P(X,T) dX - - = 0, VT 
2 (3) 

The equations were discretised with second order 
accuracy with respect to  both space and time. 
Multilevel techniques were used to  accelerate the 
convergence of the relaxation process, and to cal- 
culate the deformation integrals rapidly. These 
techniques are extensively described in Lubrecht 
(1987) and Venner (1991). 

In our study we focus on the behaviour of the 
amplitude of the film thickness oscillations Ad in 
the center of the contact: 

2Ad= maxH(0,T)  T -minH(O,T) T (4) 

where the maximum and minimum are taken over 
the period in which the film thickness variations 
have become periodic, thus excluding the period 
when the waviness enters the contact. We will 
refer t o  Ad as the (dimensionless) deformed  am- 
plitude. 

3.1. Numerical Accuracy 
In this section the numerical accuracy of the re- 
sults is analysed for a specific case ( M  = 100, L = 
11). The parameter values are: a = 2.2 x lo-’, 
z = 0.67, qo = 4.0 x lo-’ and PO = 1.96 x lo8. 
The domain was taken -2.5 5 X 5 1.5. The 
smooth problem value of the central film thick- 
ness is H ,  = 1.417 x for level 8, 2048 
points. The level 9 (4096 points) value is H, = 
1.422 x lo-’. The level 10 (8192 points) value is 
H ,  = 1.423 x lo-’. 

This indicates that the absolute error on level 
9 is of the order of 1 x The problem of 
the determination of the amplitude reduction is, 
however, more difficult because of three reasons. 
First of all, one studies the behaviour of a dif- 
ference between two amplitudes. Secondly, be- 
cause these amplitudes are an order of magnitude 
smaller than H,, and finally, because the problem 
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- 
Ai/Hc 

A / b  0.1 0.2 0.5 
4.0 0.030 0.030 0.029 
2.0 0.073 0.073 0.073 
1.0 0.183 0.182 0.195 
0.5 0.394 0.393 0.378 
0.25 0.660 0.670 0.679 
0.125 0.839 0.838 0.859 

is transient the incremental error per timestep ac- 
cumulates. This error accumulation can be easily 
monitored when comparing the waviness ampli- 
tude around X = -0.9 and X = 0.9. These 
should remain identical as long as the pressure 
remains sufficiently high everywhere in the high 
pressure zone. For the above case with pure 
rolling, A / b  = 0.5 and Ai /H,  = 0.1, Ad/& = 
0.395 was obtained with level 8, level 9 resulted 
in Ad/Ai = 0.394, while the level 10 result was 
Ad/A, = 0.393. Assuming second order accuracy, 
the level 9 results reported throughout the work 
are estimated to  have an absolute error of approx- 
imately 1%. However, towards larger and smaller 
values of Ad/Ai,  and for smaller values of A / b ,  the 
situation is less favourable, and an overall relative 
error of 2 4 %  in Ad/& seems to  be more realistic. 

4. Pure Rolling (u2 = U) 

4.1. Linear Behaviour Ai << H ,  
The stationary Reynolds equation being al- 

ready a complicated non-linear equation, the cen- 
tral idea was to study the behaviour of wavi- 
ness with amplitudes Aj much smaller than the 
smooth film thickness H c .  It was hoped that for 
these small amplitudes the waviness deformation 
would be linear, i.e. independent of Ai.  This lin- 
ear behaviour is indeed obtained as can be con- 
cluded from Table 1. The differences between the 
columns are thought to  be primarily caused by 
numerical errors. 

0.6 
Ad /Aa 

A; /H,  ~ 0 . 1  o 

Ai /Hc =0.5 @ 
' A i / H ,  =0.2 + 
9 

0.4 . 

0.2 ' 

I I I 1 1 1 1 1 1 1  I ,& , 1 1 1 1  I 
@ 

0 
0.01 0.1 1 10 

A / b  
Figure 1 Relative amplitude as a function of 
X / b ,  for three different initial amplitudes and pure 
rolling, M = 100, L = 11. 

The same results are plotted in Figure 1, in order 
to  observe the way Ad/Ai depends on X / b .  This 
figure shows that long wavelengths like A / b  = 4 
are almost completely deformed (flattened), while 
shorter wavelengths such as A / b  = 1/8 deform 
only very little. However, as is demonstrated in 
the next section, the relative amplitude reduction 
depends on the specific operating conditions. 

4.2. Influence of Rolling Speed 
Figure 2 shows how the amplitude reduction 

curve depends on the velocity u. A series of con- 
stant horizontal shifts with respect t o  the coordi- 
nate A / b  was obtained. For increasing values of 6 
the curve tends to  be shifted to  the right. Since 
the relative amplitude Ad/Ai is independent of 
Ai, and since 0 5 Ad/Ai 5 1, it seems logical 
to try and reduce the number of parameters by 
scaling the horizontal coordinate. 

It was found that the horizontal shift can be 
counteracted by introducing a new parameter 
A/b/f i .  In order to keep the scale of the hor- 
izontal axis similar to the ones used before, all 
velocities are scaled to the velocity ii in Figure 2. 
Figure 3 shows that the different curves all coin- 
cide when the new horizontal coordinate is used 
A / b / & .  

Table 1 &/Ai for different initial amplitudes 
Ai/Hc and wavelengths A / b ,  M = 100, L = 11. 
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Figure 2 Relative amplitude as a function ofAlb, 
for four different speeds and pure rolling. 

4.3. Influence of Operating Conditions 
After this successful attempt, it was logical to 

try to  reduce the curves with respect to load 
and material parameters as well. Remember- 
ing though, that the steady-state EHL problem 
can be described by two parameters only: Ci,  x 
or M, L, the parameter fi was abandoned, in 
favour of M and L. 

Fixing the ratio of M and L to obtain 1/a, 
see above, and staying close to rational fractions 
for the exponents, the following dimensionless pa- 
rameter V was obtained; V = A / b M 3 I 4 / L 1 l 2 .  
This parameter allows a single description of 
Ad/& as a function of V irrespective of the op- 
erating conditions, see Figure 4. This parame- 
ter can be rewritten, up to a constant as: V = 
A / b / G .  Since the two expressions are identical 
up to a multiplicative constant, their approxima- 
tion is equally good. 

In a slightly different approach the parame- 
ter V is made dimensionless with respect to the 
central film thickness, in dimensionless terms it 
reads: V = X/b/HFt4. The reduction of all re- 
sults onto a single curve is equally effective, as is 
shown by Figure 5. 

0.01 0.1 1 10 

Figure 3 Relative amplitude as a function of 
A/b/&,  for four different speeds and pure rolling. 
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Figure 4 Relative amplitude as a function of V, 
for different conditions (M, L) and pure rolling. 
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Figure 5 Relative amplitude as a function of V, 
for different conditions (M, L )  and pure rolling. 
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4.4. Curve Fit 
The single curve that describes the relative am- 

plitude Ad/Ai as a function of V, is approximated 
by the following equation: 

1 _ -  - Ad 
24, 1 + 0 . 1 7 0 +  0.03V2 ( 5 )  

where V = X/bM3l4 /L ' I2 .  This equation 
naturally fulfills the two asymptotic values: 
limv+oAd/A, = 1 and limv-, = 0. 
This curve, which is plotted in Figures 4 and 
6, closely approximates the computed values for 
&/Ai 5 0.5. For larger values, 0.5 < &/A,  < I ,  
however, this curve seems to  predict values which 
are too small. More complex approximations are 
possible to improve the fit for 0.5 < Ad/& < 1 
but do not add Lo the insight. 

Greenwood and Morales-Espejel (1994) predict 
a similar relat.ion between arnplitude and dimen- 
sionless wavelength, which can be rewritten using 
the notation of this paper as: 

where V = X / b / H ,  and C' 2 3.3. Since H ,  N 

0.01, the point &/A* = 0.5 would be reached 
around X / b  = 0.003, whereas Figure 1 shows that 
this point oc.curs around X / b  = 0.3. Thus, qual- 
itatively (6) gives a similar curve as (5), but as 
the predictions of (6) are two orders of magni- 
tude lower, we are still left in the dark with re- 
spect to  the "physical" mechanism determining 
the observed behaviour. 

4.5. Non-Linear Behaviour Ai N H ,  
When the waviness amplitude becomes compa- 

rable to the film thickness the above stated linear 
behaviour is expected to  break down. However, 
an extension of Figure 1, including amplitudes Ai 
up to  three times the film thickness value, show 
hardly any deviation from the linear behaviour, 
see Figure 6. 

From this Figure it can be concluded that  the 
amplitude reduction remains linear, even for am- 
plitudes A; much larger than the film thickness. 
However, for A i / H ,  2 2.0  and &/A; 2 0.6 this 
suggests that  Ad > H , ,  and that contact between 

the two surfaces occurs. Indeed, Ad > H,, but 
no contact occurs because the mean central film 
thickness value H ,  increases over the smooth sur- 
face value H , ,  as is shown in Figure 7. In this Fig- 
ure H ,  is defined as H ,  = ( H :  + H ; ) / 2 ,  where 
H: and H ,  are the subsequent maximum and 
minimum value of H ( X  = 0 , T )  over time. For 
deformed amplitudes Ad that  are larger than H,, 
H ,  tends asymptotically t o  Ad, which is logical, 
since no additional deformation seems to occur. 
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. A i / H ,  = 3.0 * Q curve(x) . - 

0.1 1 10 100 
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Figure 6 Relative amplitude as a function of 
V,  for six different initial amplitudes and pure 
rolling, M = 100, I; = 11. 

In Figure 8 the increase in the mean central 
film thickness d H ,  is plotted against X / b ,  d h ,  
is defined as d H ,  = ( H :  + H ; ) / 2  - H,. The 
variation of d H ,  with Ai is not linear, as is shown 
in Figure 8, it seems as if d H ,  cx A;/'. A similar 
non linear behaviour was observed in Veniier and 
Lubrecht 1994a, Figure 9. 

5. Simple Sliding (u' = 0) 

The  sarne analysis as in section 4 was per- 
formed for the stationary case of simple sliding, 
where the waviness is located on the stationary 
surface: 

27rX 
R(X) = Ai cos (- ( V b )  - 4) 
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Figure 7 Mean central film thickness as a func- 
tion of A / b ,  for six different initial amplitudes and 
pure rolling, M = 100, L = 11. 
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Figure 8 Mean central film thickness difference 
as a function of X l b ,  for six different initial am- 
plitudes and pure rolling, M = 100, L = 11. 

In this form the problem has been studied ex- 
tensively in the past, e.g. over a decade ago by 
Goglia et al. (1984b). They investigated in de- 
tail the effect of the waviness amplitude and fase- 
shift on the pressure profile and film shape. Here 
we revisit this problem, and investigate if a sim- 
ilar mastercurve exists as for the transient pure 
rolling problem. 

As the problem is stationary Ad according to 
(4) is not defined. However, instead of T the 
faseshift may be used to obtain an equivalent de- 
formed amplitude (Couhier 1996): 

2 & =  max H ( X = O ) -  min H ( X = O )  (7) 
o5452r 0 5 4 5 2 ~  

Subsequently the behaviour of the equivalent rel- 
ative amplitude A d / A i  was studied as a func- 
tion of the operating conditions, see Figure 9. 
Firstly it appears that ,  as for the pure rolling 
cases, the results obtained for different loading 
conditions can be mapped on a single curve using 
the very same dimensionless parameter V. How- 
ever, the behaviour is essentially different. In- 
deed for V > 1 we see a similar behaviour as in 
Figure 4, however, for V < 1, the quantity A d  

decreases. This behaviour reflects a fundamental 
difference between the transient solution and the 
steady state solution. The reduction of A d  for 
V < 1 does not imply that the waviness itself is 
completely flattened. On the contrary, for small 
wavelengths the film thickness varies as a func- 
tion of X with an amplitude that, even though it 
is small (and for larger wavelengths almost zero), 
increases with decreasing wavelength. 

The reduction of A d  for V < 1 is simply the 
consequence of its definition as a film thickness 
difference taken from a series of (uncoupled) so- 
lutions. Under pure sliding conditions the wavi- 
ness in the inlet perturbs the pressure build-up in 
the transition zone (zone in which the Poiseuille 
flow term disappears). The extent of this zone 
is limited, but whenever the wavelength becomes 
smaller than its size, an averaging effect takes 
place, resulting in an insensitivity of H ( X  = 0) 
to a fase-shift. 
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Figure 9 Relative equivalent amplitude as a 
function of V for different conditions (M, L) and 
simple sliding. The dotted curve gives the rela- 
tive amplitude as a function V for pure rolling 
according to equation (5) 

6. Discussion and Conclusion 

The problem of waviness amplitude reduction 
in an EHL line contact has been studied in this 
paper by means of the amplitude Ad of the film 
thickness oscillations in the center of the con- 
tact. It was  found that under pure rolling the 
relative amplitude Ad/Aj can be expressed as 
a single function of a dimensionless wavelength 
V = X/bM3l4/L1l2. This relation does not de- 
pend either on the contact operating conditions, 
nor on the initial amplitude or wavelength. For 
large amplitude waviness, the mean central film 
thickness d H ,  tends to  increase with Ai. 

The same study was carried out for the case 
of pure sliding. For this steady state problem an 
equivalent deformed amplitude can be defined us- 
ing the fase of the wave relative to  the contact. It 
was shown that the relative equivalent deformed 
amplitude &/Ai is a function only of the very 
same dimensionless wavelength V. For large V 
the behaviour of A d / &  is similar to  the behaviour 
of &/Ai for pure rolling. However, for small V 
the behaviour was quite different as &/Ai tends 
to  0 whereas Ad/Ai tends to unity. This differ- 
ent behaviour is a consequence of the definition 
of A d .  

Further work is required to  analyse the ampli- 
tude behaviour under general rolling/sliding con- 
ditions. 

In this paper we studied the deformed ampli- 
tude by means of the film thickness oscillations 
in the center of the contact. Strictly this is not 
exactly the deformed amplitude as the result in- 
cludes changes of Ho as a function of time. The 
exact influence of these changes should be investi- 
gated. Subsequently attention should be directed 
to the case of two dimensional roughness in point 
contacts. 

Finally, fast and stable numerical algorithms 
presently allow detailed studies of the transient 
effects of surface features on film and pressure 
in EHL contacts. Indeed, detailed simulations 
for individual features and load conditions can 
give much information, but the main question is 
t o  translate this knowledge into simple engineer- 
ing tools for general use. The results presented 
here can be an important step in this direction. 
They facilitate computation of (an estimate of) 
the deformed film profile for pure rolling from 
the decomposition of the undeformed profile in its 
Fourier components and the application of equa- 
tion (5) onto every single component amplitude. 
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C 

The micro-EHL problems taking into account the micro-cavitation caused by surhce asperities 
were analysed numerically to determine the criterion of formation of micro-cavity and to study the effect 
of micro-cavitation on oil film thickness and pressure distributions. The numerical procedures consist of 
the Newton-Raphson method and the step by step method. The pressure in each micro-cavity is 
assumed to be the saturated vapor pressure of lubricant and the negative gauge pressure is obtained at 
the region of each micro-cavity. It is bund that the micro-cavities appear, when the surhce roughness 
amplitude is large enough. With decrease of the dimensionless speed parameter U or the dimensionless 
materials paramater G. the micro-cavities appear even if the surhce roughness amplitude is small. 

1. INTRODUCTION 

Micro-EHL problems have been studied in 
many lubricating conditions. It is already 
recognized that the effects of surface roughness on 
oil film thickness and pressure distributions cannot 
be excluded in real tribological problems. 
However, in the micro-EHL analyses, the 
effect of mutual interactions between micro 
asperities cannot be well simulated comparing the 
viscosity rising effect of lubricant due to contact 
pressure. Therefore. it is expected that the 
micro-cavitation caused by surface asperities may 
overcome this diflkulty [1-31. 

The damage by cavitation in journal bearings 
have been investigated, and reviewed by 
Dowson-Taylor [4]. The aspect of cavitation in 
lubricat are recognized gaseous and vaporous. 

The boundary conditions of cavity in journal 

bearings were investigated by Swiit [5], Stieber 
[6]. Coyne-Elrod [7] and Floberg [a], and the 
numerical p d u r e s  were presented [9-141. 
However, these investigations treated only low 
contact pressure conditions in p d  bearings. In 
the case of high contact pressure conditions as 
realized in rolling element bearings, the gaseous 
cavitation (gauge pressure) were studied [ 1 5 - 161. 

In this paper, the micro-EHL problems 
taking into account the micro-cavitation caused 
by surhce asperities were treated numerically to 
determine the criterion of hrmation of 
micro-cavity and to study the effect of 
micro-cavitation on EHL oil film thickness and 
pressure distributions. It is assumed that the 
pressure in each micro-cavity is equal to the 
saturated vapor pressure of lubricant. Loading 
conditions are simulated to the conditions of 
rolling element bearings. 
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2. LINE CONTACT MODEL 

In following nmexical 
simulations, the line mnted model between a 
ri&i roller and an elastic half-space ie used as 
shown in F i i  1. 

A surfsce aspexity proilk is assumed to be a 
sinusoidal cume as shown in I;reure 2. If the 
surface aspeailks are large enough, they produce 
mim-ca* as indicated in the &we. The 
pressure in each ldm-cavity is a e a d  the 
satuxated vapor paesaure. 

In order to simp& thie numerical 
simulation, the micro-EHL problems of line 
contact between a mqh-stationary rigid s h c e  
and a smooth-moving elastic sur$ce am solved 

L 
x 

Micro - cav i t i e s  

3. NUMERICAL CALCULATIONS 

The numerical calculation procedms consist 
oftwostages.Atthehtstage.themiCr0- 
EHL prohlem is solved to obtain the contact 
pressure d i s M n  [lu. At the second stage, 
the locations w h m  micro-cavities appear are 
dekImined. 

3 . 1 .  Micro-EHL onolyrir 
The isothermal, line-contact EHL problem 

can be Iep-ted with three dimensionlesS 
eqlatbn foms. The h t  OM! is the hynolds 
equation. For each node i hdhting virtual 
location in the Newtonian fluid, the Reynolds 
equation is e x p d  as follows : 

and b fim by the D~w~~n-HigeineOn” 
equation [19] : 

- 0.6xlO-Bph Pi 
1+1.7x1O4’h Pi pi -I+ 

The term of (dPldX)i is important to solve the 
Reynolds equation. To keep the shbdity of 
numerical calculations, we use the Euleia 
diihwm fornula [20-211. The diacrete m i o n  
is mtIudUced by the fonowhgtecbni~ : 



115 

(5) 

to obtain the accurate calculation results for 
Roelands equation. Therefore, (dP/dX)i is given 
as: 

2-1 -l 

[ gli=[ - ~ E ( 1 + 5 . l x l o - Q p ~  Pi) I 

The second one is the oil film thickness 
equation, that is, 

where f2 is a term to take into account the 
surface asperity profle in these numerical 
simulation. that is. 

and D i  is the innUence d u e n t  obtained by 
Houpert-Hammck [24]. By using the Lagmagian 
interpolation method to integrate the pressure, 
this term gives accurate calculation results of the 
elastic deformation. 

The third one is the force equilibrium 
equation, thatis, 

n n 

i=l 
s=)ci pi--=o 

2 (9) 

Similarly, to obtain the accurate calculation 
results, the Lagrangian interpolation method is 
used to integxate the pressure in the equation (9). 
The term Ci is a weighting hdor  obtaiued by 
Houpert-Hammck [241. 

At the inlet and the outlet menisci, the 
Reynolds boundary conditions are used, that is, 

at the inlet meniscus : X=XL1 , P=O 

at the outlet meniscus : X=XL~ . dp P=-- 
dx -O 

These equations can be solved by the 
Newton-Raphson method. In the Newton- 
Raphson algorithm, the hear system of n+ l  
equations is represented as follows : 

I . . . .  . 

fl 
f 2  

f n  
S 

The Doolittle method is used to solve this 
hear system to decrease the required computing 
time. Since the calculation results are 

the new values of unknowns are given as follows : 
S as correction values of unknowns, 
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Since the value of term (Fam) is obtained, 
the oil film thickness at the outlet meniscus is 

given by substituting P=dP/dX=O in equation (1). 

Therefore, the outlet meniscus distance and 
number of node n are determined by comparison 
between oil I%II distribution and (Fam) 1241. 
This method is effictive to avoid the singular point 
in the equation of elastic deformation. 

The iterative calculation is continued, until 
the convergence criterion is satisfied. The 
convergence criterion is defined as follows : 

n 

i=2 
>\Pi I slo-s 

The numerical method provides converged 
solutions in a wide region of dimensionless 
parameters G, Uand W Based on this method, 
the complete resolutions can be obtained in a 
variety of operating conditions of rolling element 
bearings. 

3 .  2 .  Micro-cavitation 
The micro-EHL problems are solved at the 

condition of large s h c e  roughuess amplitude, 
and the minus gauge pressure appears. If the 
minus gauge pressure is smaller than the value of 
saturated vapor pressure of lubricantthe cavity 
appears in the lubricant film. 

When the Reynolds equation is applied to 
the region where lubricant does not exist, the 
physical inamsequence occurs. Therefore. the 
new outlet meniscus should be assumed at the 
starting point of the physical inconsequence in the 
Reynolds equation. The new inlet meniscus is 
assumed at the starting point where the Reynolds 
equation can be applied. The region between the 
new inlet meniscus and the new outlet meniscus 
is determined by micro-cavity. 

If the micro-cavitation is considered to only 
remove the physically inconsequent Reynolds 

equations, the second problem arises. 
The flow continuous equation is taked into 

account, when the Reynolds equation is 
introdud h m  the Navior-Stokes equation. 
Even if the physical inconsequence in the 
Reynolds equations are removed, the flow 
continuous is not satisfied in each lubricated 
region separated by the micm-cavity. Since the 
condition of mass flow continuous must be 
satisfied, the disagxeement of mass flow in each 
lubricated region is physical inconsequence. 
Therefore, by using the procedure of the starved 
EHL pmblem, the location of new meniscus is 
controlled to satisfy the mass flow continuous 
condition. At the lubricated region separeted by 
the micro-cavity, the mass flow xate Q x , ~  must 
be satisfied as bllows : 

- 

where the mass flow in each element is given as 
follows : 

Since the cavities are formed at the regions 
located separately from the atmosphere, the 
pressure in each cavity is assumed to be the 
s a m t e d  vapor p ~ s s u r e  of lubricant. In the real 
numerical analysis, the pressure at the element 
in a micm-cavity is assumed to be the known 
value Pv . The pressure in the micro-cavity is 
used to calculate the elastic deformation and force 
eqilibrium equation, but the Reynolds equation is 
not applied in the micm-cavity. 

In the conventional EHL analysis, the 
Reynolds boundary condition was used. The 
pressure in micm-cavities is the satmated vapor 
pressure of lubricant, the Reynolds boundary 
condition cannot be applied to the new meniscus 
formed by the micro-cavity. 

In this paper, two boundary conditions for 
the micro-mvitation were discussed. At the new 
meniscus formed by the micro-cavity, the 
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boundary conditions are represented as dollows : 

(boundarymndition I ) 

at the inlet meniscus : X=Xcl,k , P=Pv 

at the outlet meniscus : X=XCZ.k , P=Pv 
dP 

=O 

(boundary condition II ) 

at the inlet meniscus : X=XCl,k , P=Pv 

at the outlet meniscus : X=XCZ,k P=Pv 

If the boundary condition I is used, the 
oil &n thickness at the new outlet meniscus is 
given by substituting P=Pv , dPldX=O in 
equation (1). 

where p; is given by substituting P=Pv in the 
Dowson-figginson's equation : 

Therefore, the new outlet meniscus distance is 
determined by comparison between the oil 
distribution and HCZ. The oil ilm thickness at 
the new inlet meniscus is given by the step by 
step approach to satisfy the continuity of mass 
flow. 

If the boundary condition II is used, the 
new outlet meniscus distance is determined by the 
starting point of the saturated vapor pressure. 
Similarly, the oil iilm thickness at the new inlet 
meniscus is given by the step by step approach to 
satisfy the continuity of mass flow. 

If the slope of the pressure is h e d  to be 0 : 

at the inlet meniscus : X=XCl,k , P=Pv 
dP 
- =O 
dx 

, the mass flow continuity in each lubricated 
region sepamted by the micro-cavity cannot be 
sa t i sm.  The flow chart of algorithm used in this 
paper is shown in Figure 3. 

I I 

; I Detexminationofoutletmeniscus I 
I 
I I I i o i  Convergence criterion 

I 

e s s  flow continuous equation is sa t idedy  

I 
Figure  3. Flow cbart of algorithm of micro- 

EHL analysis taking into account the 
micro-cavitation caused by surbce 
asperities. 
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4. RESULTS AND DISCUSSION 

4.1. Boundary condition 
The ddh n%Ub of d 5 thickness 

and p m s m  diatrihutjon are indicated in Figures 
4 d  5b compare the ef6ects of boundary 
COnditioM I and II. s e  aditions are 
a a ~ w s :  
dimensionless parameters : C=~OOO. u=10-11, 

surface asperity profiles : zcoe=o. 15, 

saturated vapor pressure : P*rdebx10-~ . 

w=2.nx10-4 

Aaor=O. 25, Qz=O 

If nal pmpefth d lnatmid brronhg 

I 

P 

B 
i d 
0 

0.10 

0.05 

* 40€-----7 micro - cavity 

3 

I t o  

0 - 
-1.2 0 1.2 

x-ABSCISSA. 4 b  
(b)Re88mdi8- 

Figure4. Boundaryconditbn I 

element beaxhgi are applied, the maximum 
Hertzimcontect~m is Cal~Was 1.5GPa 
cons*- an in- of conk t  p!tssm by 
sur$ce asperities, the mauimum contact pressure 
is rahrlatnl as about 3.5GPa. The oil hlm shap 
of each h p  is similar to tbat obtained m 
Conventional macro-EHL analyws. The shape of 
the pnseun distribution at each bump is nimilar 
to the shape of presam spike obtained in 
mvdi~nal macr~-EHL aaalyse~. Micro- 
cavities are formed in these calculations. since 
the dhqpemellt of oil hlm t h i w  and 
paerunae distxihtion an not nmarlEable as shown 
i a F i i 4 d 5 , t h e e & c t o f d i f f m a !  in 
bamderycondition%d 
I 

3 

I! 
i d 

I 

0 

4 

0.10 

0.05 

-1.2 0 1.2 
x-ABSCISSA xlb 

(a) Oil blm ,bLrk.rJII dhtrihtion 

c 0  r-l-7 micro-cavity 

2.0 

0 - 
-1.2 0 1.2 

X-ABsaSAl db 
(b)hm&- 

Figure 5. Bormdary<.nnditin It 
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a 0.0025 

s 

. .  
-0.0005 

0. 

1 I I 

- m i c r o  
cavi ty  

I I J 

inlet 

.55 0.60 
X-ABSCISSIL 46 

(a) bunday d m  I 

0 0.0025 
% 1 [ m i c r o '  
w- 1 \ cavi ty  / 

J 

0 [outlet'. - inlet 
-0.0005 

0.55 0.60 
x-ABSCISSA 4 b  

(b) boundary amdition II 

Figure 6. Pressure distribution at  the 
micro - cavity 

The pressure distributions of micro-cavity 
represented in F m  4 and 5 are shown m 
Fw 6 in order to compare the effects of 
boundary concitions I and II. The 
disagreement of pressure distribution is 
retuarkabk? at the micro-cavity starting point 
(outlet meniscus). The pressure m each 
micro-cavity indicates the minus gauge pressure 
(saturated vapor pxessm). It is considered that 
the effect of boundary condition is slightly 
recognized due to tbe condition of mass flow 
continuity. 

4.2. Criterion of micro-cavity formation 
The numerical calcuktions are compared to 

discuss the cxiterion of micro-cavity formation. 
In Figures 7 and 8, the pressure distribution, oil 

The position of each micro-cavity is indicated by 

. 

tilm thidmess and micro-cavity are illustrated. 

the arrow mark. simulating conditions are as follows: 
dimensionless parameters : ~=3000, U= 1.0-11 , 

surface asperity profiles : Zcoe=~. 15, 

saturated vapor pressure : Pv=-6.66x10-6 
In these Ilesults. only the surface asperity 

amplitude is varied. lEe order of surEace asperity 
amplitude of Figure 7(a) is the upper limit under 

surface asperity amplitude is larger than that for 
(a), the mfcro-cavities are formed at the each 
side of contact region only as shown in Fv I@). 
In Figure 7(c), the micro-cavities are fomed 
after each bump, because of the surfice asperity 
amplitude is laage eml& 

In Figures 9 and 10, the dimensionless 
speed parameter ~ = 1 . 0 - 1 1  is used to discuss the 
e&ct of U in the formation of micro-cavitation. 
Other simulating conditions are Same as in the 
Figures 8and 9. When the surface asperity 
amplitude of Figure 7(c) is used, the 

(a). In order to form the micro-cavities. the 
larger sur$ce asperity a m p M e  is required In 
Figures 9 (b) and (c). the micro-cavities are 
formed at the conditions of larger surface asperity 
amplitude. When the velocity parameter U 
i n m a ,  the larger surhce asperity amplitude is 
required to form the micro cavity. 

~terialsparameterG=6ooo isusedtodiscuss 
the effed of G in the micro-cavitation. Other 
simulating cooditions are same as in the Figures 8 
and 9. When the s m k e  asperity amplitude is 
used larger than that for Figun: I@), the 
micro-cavity is not formed as shown m F@ 11 
(a). In order to fom micro-cavities, the larger 
surfaceasperityampfitudeisrequired. Asshown 
in F m  11 (b) a d  (c), the micro-cavities are 
formed at the amditbs of larger surhce asperity 
amplitude. when the materials parameter G 
increases, the larger surhce asperity amplitude is 
required to form the micro-cavity. 

W=2.71XI.0-4 

A c o e 4 .  250 @=O 

which miao-cavities do ap~ear. Since the 

micrO-caVity is not formed shorn F M  9 

In F m  11 and 12, the dimensionless 
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-1.2 0 1.2 

X-ABSCISSA, db 
(a)-=&.mnlihUlr_ c-0.05 

$2 micro micro 

micro - cavity 

I L4 2.0 

0 
-1.2 0 1.2 

X-ABSCISSA, 45 
(4 s- asperity alnplhk c=0.10 

Figure 7. Pressure distribution 
(C=3000, U=10-l1, W=271X10-4, A=0.25) 
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B 0.05 
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B 0-05 
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- 
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- 
-1.2 0 

X-ABSCISSA, db 
1.2 

0)) wke Mperitg mplitude C=O.l2 

micro- cavity 

ft 

I t o  

0 
-1.2 0 1.2 

X-ABSCISSA, db 
(c) Surke as& a@h&, Cu0.14 

Figure 9. Pressure distribution 
(G=3000, U=2.5X10'1 l, W=2.71X104, A=O.25) 

0- 
0 1.2 

0 
-1.2 

x-ABSCISSA, xlb 
(a) Sur$ce asperity amplitude, C=O.~O 

0.10 - 
9 - 

B OSo5: 
i 

0 0  d A  
-1. a 0 1.2 

x-ABSCISSA, db 
(c) Sur$a aspuity afnplhk, C=0.14 

Pipure 10. Oil  f i lm t h i c k n e s s  
(G=3000, U=2.!jXl0-1', W=2.71X104, A=O.25) 
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B 2o 

I I  
-1 2 0 1.2 

X-ABSCISSA, & 
(a) * amplhde, ~-0 .0s  

micro micro  $ cavity cavity 

-1.2 0 1.2 
X-ABSaSAs Jb 

(b) s- pnptitude. c-0.10 

-1.2 0 1.2 
x-ABSCISSA, rJb 

(c) SurtwX as& ampbde, C-0.16 

Pipure 11. Pressure distribution 
(G=SOOO, U=lO-", W=2.7lXlO-4, A=0.25) 

0 0  dA 
-1.2 0 1.2 

X-ABSCISSA db 
(a) sur$a asperity pmalitude, c=o.o8 

0 0 1-1 
-1.2 0 1.2 

x-ABSCISSA, db 
(b) s- am-, c-0.10 

" 0.10 

1 
0 0  d1-,,,,,,,,,,,, 

-1.2 0 1.2 
x-ABscm 4 b  

(c) S w k e  q d t y  amplitub, C-0.16 

Figure 12. O i l  f i lm t h i c k n e s s  
(G=6000, U=lO-ll, W=2.TlX10-4, A=025) 
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The maximum contact pressure indeases 
with an inmase of the surface asperity amplitude 
as shown in Figures 7. 9 and 11. In F- 11, 
the maximum contact pmure is calculated as 
about 4.2 GPa, in spite of the loading condition 
of W=2.71X10-4. This values of contact p m s m  
is too large to obtain the converged solution. If 
the surfaoe asperity does not exist the maximum 
Hertzian contact pressure is calculated as 1.5GPa 
at this loading condition. If the e x k d  load is 

than W=2.71X10-4, the load is to0 & 
for the operating conditions realized in rolling 
element bear-. Therefore, the e k t o f  
0 : The micro-cavities are fomed after all 

A : Some micro-cavitk are fonned. 
0 :Themiuo-cavityisnothrmed. 

bump in the Hertzian contact area. 

f3 

5.0X10-1* 10-11 25x10-11 
VELOCITY PARAMETER U 

(a) The e&ct of vebcity parameter U 

A! 0.1 11 
0.01 

2000 10000 

MATERIALS PARAMETER G 
(b) The e w o f  materials parameterG 

F i g m  13. Criterion of micro-cavity 6ormation 

climembnless load parameter W is not discwed. 
The aiterion of micro-cavity hrmation is 

shown in Figure 13. With the velocity parametes 
U increasiqg, the larger surhce asperity 
amplitude is required. With the materials 
m t e r  G inCreaSing,the larger surhce 
asperity amplitude is required. 

Since the s u r k e  pro& must be smooth m 
order to satisfy one of the assumptio~ of the 
Reynolds equation which is introduced from the 
Navior-Stokes equation, the s h c e  asperity 
proilk is assumed to be sinusoidal curve in this 
study, The large s w h e  asperity amplitude is 
lequked to form the dcro-cavitks. lllerehre, 
the criterion of micro-cavity formation may be 
slightly oveieatimated. 

5 .  CONCLUSIONS 

Th ~ D ~ O - E H L  pr~blems taking into 
accounf the mim-cavitation caused by surkce 
asperities were investigated numerically. 
1) It is found that the mim-cavilies are 

f o d .  if the suhce ro-5 amplitude is 

2) ~thepressureineachmicro-cavityis 
assumed to be the saturated vapor pn?ssure of 
lubricant a negative gauge pressure is obtained 
at the region of each micro-cavity. 

3) In this paper, two boundary conditions at the 
micro-cavitation are compared, but the 
dhgrement due to two boundary conditioos is 
a d .  It is considered that the &ct of two 
bounda~~ conditions are slightly caused by the 
condition ofmass flow continuity. 

4) Itisfouudthatwhentbevelodtyparameter 
U increases, the larger surhce asperity 
arnphde is repuired to fom the micro-a*. 

5) WheathematerialspanuIleterGincnases, 
the larger suI.face asperity amplitude is required 
to swm the mim-ca*. 
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aSchool of Computer Studies, University of Leeds, 
Leeds LS2 9JT, United Kingdom 

A New Relaxation Scheme (NRS) is presented in this paper to solve Elasto Hydrodynamic Lubrication (EHL) 
point contact problems. The solutions obtained are compared with those obtained by Ehret 161 who employed 
the Distributive Relaxation Scheme (DRS) of Venner [2]. Results obtained using the two schemes are in close 
agreement which is very encouraging although it is too early to draw any conclusions. The new relaxation scheme 
thus provides an alternative approach to the distributive relaxation scheme. 

1. INTRODUCTION 

Over the last few decades various numerical al- 
gorithms have been presented for solving Elasto 
Hydrodynamic Lubrication (EHL) [l] point con- 
tact problems. One of the most effective tech- 
nique to date for solving these problems is the use 
of multigrid methods. Extensive use of multigrid 
methods in solving EHL problems have been pre- 
sented by Venner [2] and [3] and Venner and Lu- 
brecht [4]. The development of multigrid multi- 
integration by Brandt and Lubrecht [5] and Ven- 
ner [2] has also greatly enhanced the efficiency of 
multigrid methods for EHL problems. Venner [2] 
and more recently Ehret [6] employed Gauss- 
Seidel line and Jacobi distributive line relaxation 
schemes with multigrid multi-integration scheme 
to solve EHL problems. This scheme is known as 
the Distributive Relaxation Scheme (DRS). 

The aim of this paper is to present a New 
Relaxation Scheme (NRS) to solve EHL point 
contact problems using the multigrid method. 
The new relaxation scheme employs Gauss-Seidel 
and Jacobi line relaxation schemes and is an 
alternative approach to the distributive relax- 
ation scheme. In both the distributive relax- 
ation scheme of Venner [2] and the new relax- 
ation scheme, the choice of the relaxation scheme 
is dependent on the value of the coefficient 6 of 
the Reynolds equation. The main difference be- 
tween these two approaches is in how they treat 
the contact region of the EHL problem. Various 
test problems are used in order to  compare the 

results obtained using the distributive relaxation 
scheme employed by Ehret [6] and the new relax- 
ation scheme. 

The layout of the rest of the paper is as fol- 
lows. In section (2) we introduce the form of the 
equations to be solved. Multigrid method to be 
used is described in section (3) while section (4) 
describes different relaxation schemes which in- 
cludes the distributive and the new relaxation 
schemes. Section (5) describes the test problems 
to be used in the comparison between the two re- 
laxation schemes and the paper is concluded in 
section (6). 

2. GOVERNING EQUATIONS 

The mathematical model describing the 
isothermal EHL circular contact problem with oil 
entrainment in the positive X-direction consists of 
three non-dimensional equations. The Reynolds 
Equation relates pressure (P) to the film thickness 
(H) for a lubricant characterised by a pressure de- 
pendent viscosity r ]  and density p 

with the cavitation condition P 2 0 and 
the boundary condition P = 0. The non- 
dimensionalisation is expressed in terms of the so- 
called Moes parameters L and M ,  [7]. Pressure 
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is in units of the maximum Hertzian pressure 

where (Y is the pressure coefficient of viscosity of 
the lubricant. X and Y are in units of Hertzian 
radius ( b ) .  Film thickness is in units of b2 /R ,  
where R is the reduced radius of the contact. c is 
given by: 

(3) 

where p = 1 + if P > 0, otherwise p = 1 
( p  = 5.8 x 10-l' and = 138  x lo-', [8]) , 
~ = e x p { ~ [ - l + ( l + ~ P ) * ] }  (PO= 1.98~10 '  

and z = 0.88, [9]) and X = $&. 
The Film Thickness Equation, H(X, Y ) ,  com- 

putes the elastic distortion of the surfaces caused 
by the pressure in the film and is written as: 

H ( X , Y )  = Ho + f + 9 

pphP 
l + u p h p  

(4) 
2 '' x b  P(X ' ,  Y ' )  dXI  dYI  

+p J, s,. d(X - X')Z + (Y - Y')2 

where Ho is a constant. 
The final equation is the Force Balance Equa- 

tion which ensures that the integral over the pres- 
sure balances the external applied load: 

JyId 
2.1. Finite difference discretisation of gov- 

The governing equations are discretised with 
the direction of flow in the X-direction and mesh 
spacings h, and h, in the X and Y directions 
respectively. Due to  symmetry, only half the do- 
main is used in the Y-direction. Reynolds Equa- 
tion (1) is discretised at each non boundary mesh 
point ( i , j ) ,  ( ( i - l )hx+Xa,  ( j - l ) h y + Y a )  where 
X, Y E [X,, Xb] x [Ya, Yb] , using central and back- 
ward differencing to get: 

(5) 
2 n  P ( X ,  Y )  d X  d Y  = -. 
3 

erning equations 

where, ~ ~ + + , ~ , c , - + , ~ , c , , ~ + +  and c , , ~ - +  ( i  = 
2 , .  . . , m,-1 ; j = 2 , .  , . , ny-1) denote the values 
of c at the intermediate locations midway between 
mesh points. rn, and ny are the maximum num- 
ber of points in X and Y directions respectively. 

The discretised film thickness equation (4) at a 
point ( i , j )  is given by: 

(7) 

where Ho is a constant and d,,j is the elastic de- 
formation of the material due to the applied load. 
The elastic deformation of the surface is derived 
by dividing the pressure distribution into rectan- 
gular blocks of uniform pressure. Thus the elastic 
deformation, d x , y ,  at a point (XI  Y) due to  the 
uniform pressure over the rectangular area 2a2b 
is given by Venner [2] 

where T = J(X - X ' ) z  + (Y - Y')2 . 
If the entire domain is divided into equal 

rectangular areas, then from Dowson and Ham- 
rock [lo],  the elastic deformation, d i , j ,  at a point 
(i, j )  due to contributions of all rectangular areas 
of uniform pressure is given by: 

(9) 
" k = l  I=1 

where,rn= l i - k l + l , n =  I j - I I + l , m x a n d n y  
are the maximum number of points in the X and 
Y directions respectively. The coefficients I<m,n 
are independent of pressure, P .  

One advantage of a regular mesh is that the 
mxny coefficients need only be calculated once 
and stored. In contrast, on an irregular mesh it 
is necessary to store mxny coefficients for each 
mesh point. 

The force balance equation (5) determines the 
value of the integration constant Ho and is dis- 
cretised as follows: 
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3. MULTIGRID METHOD 

The use of multigrid methods in solving EHL 
problems was introduced by Lubrecht [ll], who 
through his extensive work has made multigrid 
method an important technique in solving such 
problems. The use of multigrids for solving EHL 
line and point contact problems has been de- 
scribed by Venner [2]. 

The concept of multigrid iteration depends on 
the asymptotic nature of errors associated with it- 
erative schemes and how the schemes reduce these 
errors. Smooth error components associated with 
low frequencies are hardly reduced with the clas- 
sical iterative schemes, thus resulting in slow con- 
vergence. The opposite is true for error compo- 
nents with wavelength of the order of the mesh 
spacing. However, low frequency error compo- 
nents can be adequately represented on coarser 
grid. In a multilevel solver, which makes use of 
a series of coarser grids, each error component is 
reduced until it becomes smooth when the same 
procedure is applied on a coarser grid. 

The FDMG Multigrid Software of Shaw [12] 
is used as a starting point for implementing the 
multigrid technique. FDMG employs Multigrid 
Full Approximation Scheme (FAS) to solve non- 
linear systems of partial differential equations us- 
ing either V or W coarse grid correction cycles. 
The Jacobi or Gauss Seidel iterative method can 
be used as a smoother. The option for the type of 
restriction is either injection or full weighting [7]. 

EHL problems are nonlinear. Thus, when using 
multigrids, the standard Correction Scheme can 
not be used and the Full Approximation Scheme 
must be used instead. In the cavitation region, 
in which negative pressures may be computed by 
the solver, the Reynolds equation is not valid and 
the computed negative pressures are set to zero 
in the standard manner as used by Venner [2]. 
The cavitation region is treated with the multi- 
grid method by using injection near and in the 
cavitational region when transferring the residual 
to the coarse grid. Full weighting is used in the 
remaining part of the domain. The elastic defor- 
mation and force balance equations get updated 
on each grid using the updated pressure values. 
The only substantial modification to FDMG has 

been to take symmetry boundary conditions and 
cavitation into consideration. 

The solution for the isothermal point contact 
problem is obtained by making use of strong cou- 
pling in the direction of flow, the X-direction. 
Thus the discrete equations are solved simulta- 
neously on a line of points, sweeping across the 
grid only in the positive Y-direction due to sym- 
metry. On each line of points, the new relaxation 
scheme is employed, as described in section (4.3). 

4. RELAXATION SCHEMES 

The coefficient E of the Reynolds equation (1)  
varies several orders of magnitude over the cal- 
culational domain. In both the inlet and out- 
let regions E >> 1 whereas in the contact re- 
gion € is very close to zero. Hence, in the dry 
contact region, i.e. (X2 + Y 2 )  5 1, the inte- 
gral aspect of the problem dominates whereas in 
the remaining part of the domain the problem 
behaves like a differential problem. When is 
small Reynolds equation (1) reduces to = 0 
which is a relation in X-direction only. Conse- 
quently when discretised there is no direct cou- 
pling via pressure between adjacent grid points 
in Y-direction. When is large the term 
in Reynolds equation (1)  is small compared to 
the differential terms. Thus the Reynolds equa- 
tion (1) has the form of the 2-D Poisson type 
equation. The value of E plays an important role 
in deciding which relaxation process to apply to 
the solution of discretised hynolds  equation (6) 
with Hi,j  evaluated using equation (7). The re- 
laxation process employed must be a stable er- 
ror smoother over the entire domain and must be 
able to cope with the extreme values of E which 
are a nonlinear function of pressure. The general 
approach taken in the successful distributive re- 
laxation scheme of Venner [2] (see also Ehret [6]) 
and also in the new relaxation scheme described 
here is to make the choice of relaxation scheme 
dependent on the value of E .  The precise differ- 
ence between the schemes will be described in sec- 
tion (4.4). 

When E is large, (a Poisson type problem), a 
one point Gauss-Seidel relaxation provides good 
error smoothing and stability. This is where given 
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an approximation P , , j  and the associated approx- 
imation H i j  to Pivj and H j j  respectively, a new 
approximation Fi,j is computed using 

where r i j  is the residual at the point ( i , j )  and 
Li, j  = L ( & , j )  is given by equation (6). How- 
ever, the performance of a one point Gauss-Seidel 
relaxation begins to deteriorate as E decreases. 
Firstly the relaxation becomes unstable - low fre- 
quency error components are amplified and the 
relaxation process diverges. Secondly, due to the 
loss of coupling in the Y-direction, the relaxation 
becomes ineffective in reducing high frequency er- 
ror components in Y-direction. 

The problem of stability can be overcome by 
using a relaxation scheme which has properties 
of both Gauss-Seidel and Jacobi relaxations. For 
a standard Gauss-Seidel relaxation the new u p  
dated solution get used immediately in relaxing 
subsequent equations whereas for a standard Ja- 
cobi relaxation the new updated solution replaces 
the old one at the end of a complete sweep. The 
relaxation scheme used in order to achieve stabil- 
ity depends very much on the value of E which 
is much smaller in the contact region than the 
non-contact region of the computational domain. 

The problem of loss of coupling can be over- 
come by making use of line relaxation instead of 
point relaxation. This implies that instead of vis- 
iting the grid points one by one in some order, 
e.g. lexicographic order, and solving the discrete 
equation at each grid point, a system of discrete 
equations on a line of points are solved simulta- 
neously. This must be done on a line which is in 
the direction of strong coupling. For EHL point 
contact problems their is strong coupling in the 
X-direction. Hence, we use points on a line in the 
X-direction, known as I-Line relaxation. That is 
on a line Y = j (j = 1 , .  . ., ny), where ny is the 
maximum number of points in the Y-direction. 

4.1. I-Line relaxation 
Suppose 2 is an approximation to the-true so- 

lution p then at a point ( i , j ) ,  Li,j  = L ( E ) i , j  # 0 

and Li,j = L(.P)i,j = 0. Taylors theorem gives: 

where Z , , j  = L ( p i , j )  is the discretised Reynolds 
equation (6) at the point (Xi,%). If we only 
consider points at ( i  - 1, j ) ,  (i, j) and (i + 1,  j) 
then equation (12) can be rewritten as: 

For a constant j, that is on a line Y = j ,  equa- 
tion (13) results in a tridiagonal system of equa- 
tions which are solved simultaneously for the cor- 
rection term A E .  Having obtained AE, a new 
approximation Fi,j to A , j  is computed using: 
- 

(14) p .  . = P.  . - W A p .  . 
$93 9 J  3 !J 

where W is a damping factor. A correct choice of 
W is critical to ensure convergence of the method. 

4.2. Distr ibut ive relaxat ion scheme 
The distributive relaxation scheme works on 

the principle that the relaxation process remains 
local. That is relaxing at a point Xi has minimal 
effect at points X j  far away from X i .  

The distributive relaxation scheme employed 
by both Venner [2] and Ehret [6] makes use 
of Jacobi Distributive Line Relaxation (JDLR), 
Gauss-Seidel Line Relaxation (GSLR) and Point 
Gauss-Seidel (PGS) depending on the pressure 
values on the domain. JDLR is employed in re- 
gions of domain where pressure is large, which 
means E is small, whereas in the remaining part 
of the domain, excluding the cavitation region 
where PGS is employed, GSLR is employed. 
Gauss-Seidel line relaxation and point Gauss- 
Seidel schemes employed are as described in sec- 
tion (4). 

When using JDLR a new approximation Fi,j 

to pivj is computed using 
- - 
Pi,j = Pi,j + GPij (15) 
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where 6Pil j  = APi,j - a(APi- l , j  + APi+l,j  + 
APi,j-1 + APi , j+ l ) .  A new approximation Zi,j 

to H i , j  is also computed using 

0 i + l  j+l 

It is not necessary to obtain the exact repre- 
sentation of Zi,j as is shown by Wang [13]. The 
correction terms, AEl are obtained using line re- 
laxation by solving a system of equations of the 
form given by 

Since JDLR is a Jacobi relaxation scheme, the 
solution E gets updated after a complete sweep. 
The numerical scheme employed makes use of the 
full niultigrid solver and of the multi-integration 
techniques [2] and [5] to compute elastic defor- 
mation. 

4.3. New relaxation scheme 
The new relaxation scheme makes use of Ja- 

cobi and GaussSeidel line relaxation schemes de- 
pending on the value of the coefficient c of the 
Reynolds equation (1). Jacobi and Gauss-Seidel 
line relaxation schemes are respectively employed 
in the contact and non-contact regions of the com- 
putational domain. This new relaxation scheme 
is employed in the following manner: 

Having obtained AE using I-Line relaxation on 
the line Y = j and before applying I-Line relax- 
ation on the line Y = j + 1, at every point on the 
line Y = j which lies in the non-contact region, 
as shown in Figure ( l ) ]  a new approximation Fi,j 

to pi,j is computed using equation (14) with the 
damping factor W lying in the range 0.5 to 0.8. 
Besides this, all the correction terms A E  in the 
contact region on the line Y = j are saved in or- 
der to update the solution in the contact region 
after a complete sweep. 

Figure 1 Representation of contact and non- 
contact regions. 

After all interior lines j have been visited, that 
- is after a complete sweep, a new approximation 
Pi,j  to pi,j is computed at  every point on the 
entire grid which lies only in the contact region 
using equation (14) but this time the damping 
factor W lies in the range 0.1 to 0.2. Thus the 
saved values of the corrections AE for the por- 
tions of each of the lines in the contact region, 
shown as shaded region in Figure ( l ) ,  are added 
en-masse at the end of the iteration. This cor- 
responds to a block Jacobi method. Having u p  
dated all the pressure values on the entire grid, 
the elastic deformation at every point on the en- 
tire grid is recalculated using the new pressure 
values. 

4.4. Differences be tween DRS and N R S  
The Distributive Relaxation Scheme (DRS) dif- 

fers from the New Relaxation Scheme (NRS) in 
many ways and it is now possible to describe the 
differences between these two relaxation schemes. 

The DRS makes use of Jacobi distributive 
and Gauss-Seidel line relaxation schemes in the 
contact and non contact regions of the compu- 
tational domain respectively whereas the NRS 
makes use of Jacobi and Gauss-Seidel line re- 
laxation schemes in the contact and non con- 
tact regions of the computational domain respec- 
tively. Besides this, the DRS also makes use of 
point Gauss-Seidel scheme in the cavitation re- 
gion. In the DRS, regions of domain where JPLR 
is employed, the correction terms at the points 
(i,j)] (i f 1,j) and ( i , j  f 1) are used to u p  
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date the solution at  the point ( i , j )  as shown in 
equation (15) whereas in the remaining part of 
the domain, where Gauss-Seidel line relaxation 
and point Gauss-Seidel schemes are employed, the 
method used to update solution is similar to the 
one used in the NRS. The solution, P ,  at a point 
( i , j )  in the NRS is updated using the correction 
term APi,j as shown in equation (14). The cor- 
rection terms in the NRS are obtained by solving 
a tridiagonal system of equations as can be seen 
from equation (13) whereas in the DRS, regions of 
domain where JDLR is employed, the system of 
equations are pentadiagonal as can be seen from 
equation (17). However, they will be tridiage 
nal in regions where Gauss-Seidel line relaxation 
scheme is employed. In DRS a new film thickness 
equation (16) is used when dealing with the cou- 
ette term of the Reynolds equation (1). This is 
not the case in the NRS. 

The main difference between the DRS and the 
NRS is in the contact region of the computational 
domain. This is where Jacobi distributive line 
relaxation scheme is employed by the DRS and 
Jacobi line relaxation scheme is employed by the 
NRS. The syst#em of equations solved in order to 
obtain the correction terms and the way pressures 
are updated at a point ( i , j )  are also different in 
the two schemes. The results obtained, as shown 
in section (5), shows that the NRS appears to 
work as well as the DRS, though the NRS is a 
much simpler scheme than the DRS. 

5. TEST PROBLEMS 

Results obtained using Multigrid Multi- 
Integration method (MIM) [2], which employs 
distributive relaxation scheme, and Multigrid 
method (MM), which makes use of the new re- 
laxation scheme are compared. Three test prob- 
lems defined by Moes parameters M and L are 
considered where for each test problem Moes pa- 
rameter L was fixed at 10, 14 and 28 while the 
Moes parameter M was varied from 10 to 200 for 
the three cases. A value of a = 2.2 x hence, 
the maximum Hertzian pressure varied from 0.44 
GPa to 2.71 GPa, was considered in all the test 
problems. 

Test problems solved using MIM employed 

513 x 513 mesh points on the finest grid and 
17 x 17 mesh points on the coarsest grid. When 
the Moes parameter L was fixed at  10 and 28, 
a finest grid of 129 x 129 and a coarsest grid of 
17 x 17 was used when solved using MM. How- 
ever, for the case L = 14, a finest grid with 
257 x 257 mesh points was employed. Both MIM 
and MM makes use of a full multigrid scheme 
and the discretisation schemes are the same for 
the two methods as described in section (2.1). 

The minimum and central film thicknesses ob- 
tained using the two methods have been com- 
pared and the results are shown in Tables 1 and 
2. The minimum and central film thicknesses 
obtained using the two methods are in general 
agreement especially for the case L = 14 where 
the computational domains employed by the two 
schemes are the same and the mesh resolution 
of the solutions obtained using the MM scheme is 
higher than that of the other two cases, L=10 and 
L=28. However, a discrepancy of about 5% is ob- 
served for the other two cases, L=10 and L=28. 
This can be attributed to the different size of do- 
mains employed by the two schemes and primarily 
to the differences in the mesh resolution. For solu- 
tions obtained using the MIM scheme, the domain 
employed was dependent on the Moes parameter 
M and the following domains were employed: 
[M 5 10 j -7 5 X 5 2 and -4.5 5 Y 5 4.51, 
[ lo  < M 5 50 =+ -5 5 X 5 2 and -3.5 5 E’ 5 
3.51 and [50 < M 5 500 j -4.5 5 X 5 1.5 
and -3 5 Y 5 31. For solutions obtained us- 
ing the MM scheme, the above domain was em- 
ployed only for the case L = 14. However, when 
the Moes parameter L was fixed at 10 and 28 
the domain employed was -4.5 5 X 5 1.5 and 
-3 5 Y 5 3. Figure 2 shows the pressure profile 
for the case L = 14 and M = 100. 

The efficiency of the solution is based on the 
Root Mean Square Residual (RMSR) and the 
mean absolute residual (NormO). The solutions 
obtained by Ehret using MIM, NormO was of the 
order 1.0 x and hardly any change in NormO 
was observed after a number of iterations. For 
the solutions obtained using MM, the RMSR and 
NormO were of the order 1.0 x and 1.0 x 
respectively. Hardly any change was also ob- 
served in the RMSR and NormO after about 5 
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Figure 2 3D pressure profile for M=100 & L=14 
on a 257x257 mesh with domain [-4.5 5 X 5 1.5 
& -3 5 Y 5 31. 

to 6 multigrid iterations (V-cycles). An analysis 
of the residuals showed that the main reason in 
not achieving very small residuals was due to the 
free boundary in the cavitation region and the 
pressure spikes. Work is still being done in order 
to reduce residuals in these regions. 

Results obtained by Ehret using MIM were car- 
ried out on a Sun Sparcstation 20 whereas an 
SGI R8000 was used for. the solutions obtained 
using multigrid method which employed the new 
relaxation scheme. When using MIM, 5 V-cycles 
are performed in about 30 minutes whereas when 
MM is employed, time taken to do 5 V-cycles was 
about 60 minutes. The bulk of the difference in 
this computing time is due to the use of multi- 
integration method by Ehret. Adoption of this 
approach in the new relaxation scheme may well 
mean that the two procedures are more evenly 
matched computationally. 

6. CONCLUSION 

A new relaxation scheme for solving EHL prob- 
lems have been presented in this paper and the 

numerical results obtained are compared with 
those obtained by Ehret [6] who employed dis- 
tributive relaxation scheme. The results obtained 
shows that the new relaxation scheme appears to 
work as well as the distributive relaxation scheme. 
This new relaxation scheme is very simple and 
the results obtained are very encouraging. How- 
ever, it is too early to  draw any conclusions at 
this stage as more work still needs to be done 
in order to analyse the accuracy of the solutions. 
An analysis of the residuals showed that in the 
free boundary cavitation and the pressure spike 
regions the residuals are relatively higher than 
those in the other regions of the computational 
domain. The results obtained also indicate that 
both the size of the computational domain and 
the mesh resolution does have an influence on the 
solutions. 
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Numerical simulation of the spatial elastohydrodynamic contact taking into 
account the complicated geometry of the inlet boundary of a lubricant film as 
well as the single surface irregularities 

M.Ya. Panovko 

Mechanical Engineering Research Institute of the Russian Academy of Sciences, 
4 Maliy Kharitonievsky Lane, Moscow 101830, Russia 

Method of numerical analysis of heavily loaded spatial elastohydrodynamic (EHD) is 
presented. A numerical simulation of the point EHD contact, taking into account the 
complicated geometry of the inlet boundary of a lubricant film, single surface irregularities of 
the type of a bump or a dent, and also in the presence of the both factors are carried out. A 
significant influence of the above-mentioned factors on pressure and film thickness at the EHD 
contact, friction on the contact surface and subsurface octahedral shear stresses are shown. 

1. INTRODUCTION 

In the previously carried out 
numerical investigations of the point 
elastohydrodynamical (EHD) contact the 
surface of the contact was supposed to be 
smooth or rough under fully flooded 
conditions [ 1-51. Those investigations have 
demonstrated the efficiency of the numerical 
method application for analysis of the basic 
effects in the EHD contact. However due to 
great dependance of reliability, fatigue life 
and wear resistance of the lubricated joints 
(e.g. bearings and gears) upon peculiarities 
of the lubricating, during recent years an 
increasing attention have been paid to 
influence of starved lubrication and single 
asperities on a contact surface. For example, 
a numerical simulation of the line EHD 
contact make it possible to form a more 
datailed conception of phenomena near 
asperities [6-81. 

A numerical simulation for the 
heavily loaded point EHD contact, taking 
into account the complicated geometry of the 
inlet boundary of a lubricant film, single 
surface irregularity of the type of a bump 
or a dent to be situated on one of surfaces, 

and also in the presence of the both factors 
are carried out in present paper. It allows to 
study the effects generated by factors 
mentioned above and their influence on 
parameters of the point EHD contact ( i.e. 
pressure distribution, film thickness, surface 
friction, tensor of the subsurface stresses). 

2. GOVERNING EQUATIONS 

The stationary problem of the 
heavily loaded point EHD contact (it is 
assumed that the lubricant behaves like a 
Newtonian incompressible fluid) under 
isothermal conditions is considered. Typical 
assumptions of the EHD lubrication theory 
are used in solving the problem [9,10]. The 
following dimensionless variables are 
introduced 
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where x,y - Cartesian coordinates in the 
contact plane, Rlx,Riy - reduced radii of 
curvature of the contacting bodies, p - 
lubricant pressure, aH and bH - half-axes 
Hertzian contact region, e - eccentricity of 
the contact ellipse, pH - maximum Herzian 
pressure, h - film thickness, ho - film 
thickness at the origin of coordinates, p - 
viscosity of lubricant, po - viscosity at 
ambient pressure (p=O), vI,v2 - vectors of the 
surface velocities, H~ - dimensionless film 
thickness at the origin of coordinates, V - 
load-velocity parameter, K(e) and E(e) - full 
elliptic integrals of the first and second 
kind, p - is determined from the equation 
p'cp(p) = R * ~ / R * ~ ,  d - function describing 
surface irregularity, wX and wY - 
wavelength of the surface irregularity along 
the x- and y-directions respectively, xd and 
yd - coordinates of the irregularity centre, A 
- amplitude of the irregularity. 

Configuration of the irregularity (of 
the type of a bump or a dent) is given (in 
dimensionless form, further without upper 
touches) by 

This is generalization of the equation which 
was used in [7] for numerical simulation of 
the line EHD contact. 

Equations of the point EHD contact 
in dimensionless form can be written as 

X 
1 2 

X 2 + & Y  + h = 1+- 
Ho zP2D(e)Ho 

p c = $ l  = o  
e 

(4) 

where C - boundary of the contact domain Q ,  
C, - exit (free) boundary (part of the 
boundary where (v 0 n))O), n - single vector 
of the outward normal. The Barus viscosity- 
pressure relationship p = poexp(Qp), where Q 
- piezoviscous parameter, was used in 
system (1)-(4) 

System (1)-(4) is the nonlinear 
integro-differential system of the Reynolds 
equation ( l ) ,  the gap between the two elastic 
bodies (2), force balance equation, i.e. the 
integral over the pressure equals to the 
externally applied contact load (3), and 
boundary conditions (4). 

Complementarity conditions [ 1,111 
are used to determine a free boundary, 
which separates the pressure-positive region 
from the cavitation region (pressure-null 
region). These conditions are written in 
following form 

L(p) = 0, p)O in lubricant domain 
L(p)(O, p = 0 in cavitation domain ( 5 )  

Shape of the exit boundary, load- 
velocity parameter V (for heavily loaded 
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contact V<<1), vector of the velocity 
v(vX,vy), parameters E = R ~ ~ / R ~ ~  and Q for 
system (1)-(5) are given. 

Pressure p(x,y), gap h(x,y), exit 
(free) boundary x,(y), and film thickness H~ 
at the origin of coordinates are a solution of 
the system (1)-(5). 

The known solution is used for 
determination of the friction stresses on 
contact surface with the aid of correlation 

psV h 
12hHo 2 

r=---H O P  v 

where first term - sliding shear stresses 
Ts = (rporg), second term - rolling shear 
stresses rr = (ma, Ty), s = 2(vz - vl)/lvz + vII - 
vector of the dimensionless sliding velocity. 

Components of the stress tensor in 
subsurface layer oii (x,y,z) is determined 
from known Boussinesq solution [12] and 
pressure on contact surface p(x,y) as 

where B~(X,Y,Z)  - stress tensor in the 
Boussinesq solution. Subsurface octahedral 
shear stresses Tact are calculated according to 
the known correlation (see e.g. [13]) with 
using the values of od (x, y,z) . 

3. NUMERICAL METHOD 

Computational domain in the plane 
(x,y) is given as rectangle and covered by 
nonuniform staggered grid with nodes (xi, yi) 

and (xi-u2,~j-vz ) * After integrating equation 
(1) over domain of the cell and 
transformating the double integral to the 
line integral over the contour of the cell (1) 
we obtain 

L] (p) = 1 [Hi&( Vp n) - V(v n)h 
I )  

Operator L(p) in complementarity conditions 
(see (5)) is replaced by ~ ( p ) .  

Solution of the EHD equations is 
carried out by Newton method. Linearizing 
equations (3), (4), (6) near solution 
(P(x,Y),Ho) fields 

(7) 

In equations (7)-(9) k - number of the 
iteration, 'Pk+I = Pk+l - Pk 
AHo,k+i = Ho,k+i - H0.k 9 &/+k - line operator 
(Frechet derivative) which is applied to 
Apk+, and can be written as 

f 

System (7)-(9) is used for developing 
the difference scheme. This numerical 
scheme satisfies the mass conservation law. 
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Matrix of the difference equations takes into 
account that the inlet boundary (there 
(v 0 n)(O) of the lubricant film may be given 
by comlicated shape (type of a hollow on 
inlet). Integral in the expression (2) is 
calculated according to the approach (see 
[14]) which is used for solution of the 
singular integral equations 

7 

where il( j) ,  i2(j) - arrays describing the 
situation of the inlet and exit boundaries, 
respectivly: m=l ,. . . ,NX+l; n=l,. .. ,NY+l. 
Array i2(j) is determined at every iteration 
according to the complementarity conditions 
(5). Node (mo-1/2,no-1/2) is situated at  the 
origin of coordinates. 

The Hertzian solution for two elastic 
solids as initial approximation is used. One 
iteration step includes solution of the 
difference equations (7)-(9) for AHO.k+l, 

Apk+I (xi, yj) by Gaussian method, calculation 

Ho.k+i &+I  (X i ,  Y j) 9 hk + I  (Xi- ~2 Y , - v ~ )  and 
determination of the exit boundary xe (y) . 
Iteration procedure is finished when the 
given relative accuracy of a solution 6 
satisfies the following condition 

4. NUMERICAL RESULTS 

Numerical simulation of the heavily 
loaded point EHD contact with a single 
surface irregularity or with a hollow 
(deepening) at the inlet boundary of 
lubricant film, and also in the presence of 
the both factors is carried out. For point 
EHD contact ~ = l ,  p = 1 ,  D ( O ) = x / 4 ,  v X = 1 ,  
vy = 0 are given. Calculations are carried out 
on the grid 30x30 under V=O.l, Q=5 and 6 
=0.00001. Sliding shear stresses for smooth 
surface are calculated under s=O. l .  For 
description of the surface irregularity d(x,y) 
the folowing parameters are used 
wx = wy = l ,A = M.1 (A<O - when bump, A>O - 
when dent). Centre of the irregularity x,,, yd 
is situated in the nodes of the grid with 
coordinates (-0.543,0), (O,O), (0.542,O). 
Calculations of the stress tensor ui, in 
subsurface layer are carried out under the 
Poisson's ratio o = 0.3. 

Figure 1. Pressure (a) and gap (b) 
distributions in the case with a hollow at the 
inlet boundary 
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Figure 2. Pressure (a) and gap @) isolines in 
the case with a hollow at the inlet boundary 

crest is formed for a gap in the x-direction, 
and contraction is locally absent near the 
exit boundary (see Figure 1, (b)). In this 
case a dimensionless thickness decreases 
as follows : under fully flooded conditions 
H~ =0.1786, and when inlet boundary has a 
hollow Ho = 0.05088. Calculations have 
shown that similar hollows cause a 
corresponding alterations in pressure and 
gap distributions. 

Numerical simulation has shown that 

take place under influence of the above- 
mentioned factors. 

When the shape of the inlet 
boundary is complex, e.g. it has only one Details of the pressure and gap 
hollow, pressure distribution p(x,Y) get a distributions are given by isolines in Figure 
deep furrow in x-direction, and pressure 2. The hollow strongly influences 
$pikes is locally vanished near Outlet distributions of the surface tangent stress 
boundary (see Figure 1, (a)). In addition a 

Figure 3. Distributions of the sliding in x- 

direction (c) stresses 
in the Point EHD contact new Phenomena direction (a), rolling in x-direction @) and y- 
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Figure 4. Octahedral shear stresses : (a) in 
plane z=-0.001; (b) in plane x=O 

Figure 5 .  Pressure (a), (c) and gap (b), (d) 
distributions: (a), @) - bump at x=-0.543; 
(c), (d) - bump at x=O. 

components and octahedral shear stresses. 
In Figure 3 sliding and rolling stresses 
are shown. Features of the sliding stresses 
are similar to pressure distributions. 
Features of the rolling stresses are 
determined by pressure gradient. In Figure 4 
octahedral shear stresses by isolines in the 
plane sections (z=-0.001 , x=O) when inlet 
boundary has a hollow are shown. One can 

see that new local extremums of the 
octahedral shear stresses appeare. 

A single surface bump causes the 
spike in pressure distribution under fully 
flooded conditions (see Figure 5 (a), (c)). The 
bump situated near the inlet boundary 
affects pressure distribution downstream up 
to exit boundary. A crest is formed in the x- 



141 

X 

Figure 6. Gap isolines: (a) - bump is situated 
at x=-0.543, @) - bump is situated at x=O 

direction. When a bump is situated at the 
origin of the coordinates or near the exit 
boundary this crest is not formed. The gap 
distributions are shown on Figure 5 (b), (d) 
as a surface of solution and on Figure 6 as 
isolines. When a bump is situated near the 
inlet boundary, the gap has a furrow in x- 
direction. For other cases the gaps are 
similar to a gap with smooth surface. 
Details of the gap distributions are shown by 
Figure 6 .  Dimensionless thickness H~ in 

Figure 7. Pressure (a), (c) and gap (b), (d) 
distributions: (a), @) - dent at x=-0.543; (c), 
(d) - dent at x-0. 

these cases are: ~ ~ = 0 . 2 0 0 9  (~,=-0.543), 
~ ~ = O . l 8  (x,=O), lq0-0.1787 (xd=O.542). 

When a single irregularity is a dent, 
the pressure distribution demonstrates a 
deep crater ( see Figure 7). Gap 
configurations in these cases to a certain 
extent more differ from that case 
when the contact operates under fully 
flooded conditions. Details of the gap 
distributions are shown in Figure 8. 
Dimensionless thickness H~ in these cases 
are: H0=0.2065 (xa=-0.543), H,,-0.1941 
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Figure 8. Gap isolines: (a) - dent is situated 
at x=-0.543, (b) - dent is situated at x-0. 

(xd=o), H0=0.1784 (xd-0.542). Figure 9 
demonstrates the isolines of the octahedral 
sear stresses in plane y=O when a dent is 
situated at above-mentioned coordinates. 
One can see that the local minimum is 
situated near the dent. Comparision Figure 
9 (a) and Figure 9 (b) shows that a surface 
irregularity strongly alters distribution of 
the octahedral sear stresses. 

Figure 10 demonstrates a combined 
influence of hollow and surface irregularity 
on parameters of the point EHD contact 
(case when a bump or dent are situated at 

Figure 9. Octahedral shear stresses in plane 
y-0: (a) - dent is situated at x=-0.543, 03) - 
dent is situated at x=O. 

the origin of the coordinates: xd=O,yd=O) , 
Comparison of presented distributions with 
corresponding distributions when the hollow 
or surface irregularity takes place indicates 
that a combined case includes the main 
features of both cases. When combination 
"a cut + a bump" takes place the 
dimensional film thickness equals to Ho 
-0.05157. When combination "a cut + a 
dent" takes place the dimensional film 
thickness equals to H~ = 0.06072. 
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Film thickness anomalies in very thin elastohydrodynamic oil films 

F. M. Baskerville and A. J. Moore 

BP Oil Technology Centre, Chertsey Road, Sunbury-on-Thames, Middlesex, TW16 7LN, UK 

Experimental studies of very thin elastohydrodynamic (EHD) oil films have shown, or suggested, 
that several aspects of lubricant behaviour do not fully conform to the model presumed by 
classical EHD theory. This study examines three forms of behaviour which appear to be 
anomalous. The first concerns the pressure-viscosity response of the lubricant in the EHD inlet 
zone. Although this appears to be weaker than expected, the disparity appears more likely to 
arise from a modest systematic error in the method by which film thickness is determined than 
from the behaviour of the lubricant. The second phenomenon investigated is a mechanism by 
which additive systems improve the durability of rolling surfaces. A transition is detected at a 
film thickness of about 5 nm, below which the effective viscosity of an additive-treated lubricant 
approximately doubles. Finally, the effect of polymeric viscosity index improvers on film 
thickness is examined for both simple base oil solutions and a simplified range of fully 
formulated engine oils. Both film thickness enhancements and a severe film thinning 
phenomenon are observed at film thicknesses in the region of 10 nm. 

1. INTRODUCTION 

Studies of very thin elastohydrodynamic 
(EHD) oil films based on optical 
interferometry have indicated that EHD 
theory provides a largely accurate 
description of lubricant behaviour as film 
thickness ranges down to  10 nm [l, 21. A 
number of departures from theory have also 
been identified, however, some with a high 
degree of certainty and some with less. Some 
forms of anomalous behaviour arise from the 
inherent structural (or solvation) properties 
of liquids in films of just a few molecular 
diameters thickness; these lie beyond the 
scope of this paper and are discussed 
elsewhere [31. Attention is concentrated here 
on three aspects of behaviour considered to 
be of greater potential importance to 
commercial lubricants. 

First to be considered is the pressure- 
viscosity response of lubricants in the EHD 
inlet region. Reported findings on this topic 
are somewhat at variance, with earlier 
studies pointing to quite good agreement 
between pressure-viscosity responses in EHD 

and conventional viscometric experiments 12, 
31 and more recent work suggesting that 
agreement may not be as good as first 
thought [41. A common feature of these 
studies is the thin film optical interferometry 
technique used to determine film thickness. 
Whilst the basic principles of the technique 
have remained unchanged, the precise way 
in which they are applied has been subject to 
continual modification. The version of the 
technique used in the present study is 
similar to that employed by Guangteng and 
Spikes 141. 

The second phenomenon investigated is 
the way in which additive systems are found 
to improve the protection afforded to rolling 
surfaces beyond that attributable to either a 
bulk viscosity increase or to boundary film 
formation. It has been noted in earlier work 
that the sometimes fragile silica spacer layer 
which lies at the heart of the thin film optical 
interferometry technique receives better 
protection from a lubricant containing an  
additive system than one that does not 121. 
Experiments conducted at very low values of 
film thickness provide an insight as to why 
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this might be so. 
Finally, a study is made of the behaviour 

of polymeric VI improvers when film 
thickness approaches the diameter of the 
polymer molecule. A variety of behaviours 
have been reported previously, ranging from 
film thickness enhancements for base oil 
solutions [51 to a film thinning phenomenon 
for fully formulated motor oils [21. The 
present work shows that VI improvers are 
highly sensitive to the presence of other 
additives. The consequences can be seen both 
in the way film thickness develops and in the 
frictional behaviour of solutions in the 
boundary regime. 

2.ExPERIMENTAL 

2.1. EHD film thickness measurement 
Film thickness was determined by the 

thin film optical interferometry technique 
developed by Johnson et a1 [ll. This 
technique overcomes the quarter wavelength 
resolution limit to  conventional 
interferometry by exploiting the similarity in 
optical properties between oil and silica. A 
spacer-layer of silica sputtered onto a semi- 
reflective glass surface acts as an artificial oil 
film and allows constructive interference to 
occur at any real value of oil film thickness. 
Film thicknesses is deduced from shifts in 
the wavelength of constructive maxima, as 
detected by a diffraction grating 
spectrometer. 

The apparatus and computer system 
used to measure film thickness were supplied 
by the Imperial College Tribology Section 
and PCS Instruments Ltd., respectively. 
Details of the experimental procedures are 
described elsewhere [4, 61. 

Specimen properties and contact 
conditions between a steel ball and a coated 
glass plate were as summarised below. 

Glass disc: 
Elastic Modulus 75 GPa 
Poisson's Ratio 0.220 
Ra roughness 10 nm 

Steel ball: 
Elastic Modulus 207 GPa 
Poisson's Ratio 0.293 
Radius 9.5 mm 
Ra roughness 10 nm 

Effective Modulus, E 116.9 GPa 
Effective Radius, R 9.5 mm 

Load, W 20 N 
Max. Hertz Pressure 0.53 GPa 

k see equation (3) 0.0284 N4.14 mo.68 

As will be seen later, the lower limit to 
which rolling speed could be taken depended 
on the robustness of the silica spacer layer on 
the glass disc. This varied from one batch of 
discs to another. 

At each set value of rolling speed, film 
thickness was typically determined in 
batches of five consecutive measurements 
and then evaluated for statistical variation. 
Mean values were accepted if the standard 
deviation did not exceed 1 nm. At very low 
speeds, a higher standard deviation, typically 
2.5 nm, was accepted but the sample size was 
then increased to 10 or 15 measurements. 
Whichever approach was taken, the standard 
error of the mean remained close to 0.5 nm. 
The long term repeatability of this type of 
measurement is generally found to be better 
than *lo%. 

2.2.Boundary friction measurements 
Friction was measured using a Plint TE- 

77 test rig following the procedure described 
in detail elsewhere 173. The specimen 
arrangement consisted of a cast iron pin 
reciprocating against a cast iron plate in a 
self-aligning, flat-on-flat configuration. The 
stroke length was 15 mm, the reciprocation 
rate 8 Hz, and the load 80N. The 
temperature of the plate surface was 100 "C. 

Although the experiment is designed to 
introduce a small hydrodynamic influence in 
the central region of each stroke, mean 
friction coefficients reflect a predominantly 
boundary lubrication condition. 



149 

3. PmssuRE-vIscosITY STUDIES 

3.1. Lubricants 
Six fluids of known pressure-viscosity 

response were examined over a range of 
temperature. Viscous properties at 
temperatures relevant to each fluid are listed 
in Table 1. The first two lubricants, di(2- 
ethylhexyllsebacate and di(2- 
ethylhexyllphthalate, have been extensively 
characterised in the 1953 A.S.M.E. Pressure- 
Viscosity Report [el. From the data reported 
therein, viscosities have been interpolated at 
0 and 0.2 GPa pressure for each of the 
temperatures of interest. A pressure-viscosity 
coefficient, ao, has then been derived as 

1 q  
AP 

ao=- 

Table 1 
Viscometric properties of reference oils 

where Ap is the pressure range, q the 
dynamic viscosity at the higher pressure, p, 
and qo the viscosity at atmospheric pressure. 

The other fluids examined include a 
mixed isomeric form of dicyclohexyl- 
cyclohexane and three other naphthenic 
hydrocarbons. Pressure-viscosity data for 
these fluids were obtained using a rolling 
ball high pressure viscometer, again for the 
pressure range 0 to  0.2 GPa. 

3.2. Results 
Film thickness measurements for di(2- 

ethylhexy1)sebacate and dicyclohexyl- 
cyclohexane are shown in Figures 1 and 2, 
respectively. The combinations of single and 
duplicate data sets in these figures illustrate 
both the satisfactory repeatability of the 
measurement and the low level of statistical 

Reference oil woc q, I mPa s a. I GPa" q I GPa" 

Di(2-ethylhexyllsebacate 30 
60 
90 

120 
Di(2-ethylhexyllphthalate 30 

60 
90 

120 
Dicyclohexy1cyclohexane 30 

45 
60 
90 

Naphthenic hydrocarbon A 30 
60 
90 

120 
Naphthenic hydrocarbon B 30 

60 
Naphthenic hydrocarbon C 30 

60 

14.78 
6.15 
3.30 
2.07 

41.90 
11.87 
4.94 
2.59 

59.70 
25.00 
12.70 
4.73 

47.20 
12.58 
5.15 
2.71 

10.99 
4.03 

10.63 
4.30 

12.9 
10.8 
9.4 
8.3 

18.3 
14.9 
12.3 
10.2 
44.2 
34.7 
28.1 
19.9 
31.2 
22.0 
16.8 
13.5 
18.2 
13.7 
22.7 
15.5 

9.6 
8.5 
7.0 
6.5 

14.8 
12.1 
8.8 
7.3 

32.2 
26.3 
19.8 
12.7 
25.3 
16.1 
12.0 
11.2 
14.0 
11.0 
15.9 
11.8 
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scatter in the mean values of film thickness. 
At film thicknesses below 10 nm, the 

behaviour of some lubricant base stocks can 
be both complex and variable [31. Although 
di(2ethylhexyl)sebacate, in Figure 1, obeys 
EHD theory down to fdm thicknesses of only 
2 nm, behaviour below 10 nm was not highly 
consistent in repeated experiments. 
Departures reported for this fluid from the 
usual power law relationship between film 
thickness and speed [91 were usually found to  
occur below the speed range covered in 
Figure 1. 

Dicyclohexylcyclohexane, in Figure 2, 
generates relatively thick oil films by virtue 
of its higher ranges of viscosity and pressure- 
viscosity coefficient. At the lowest 
temperature, film thicknesses range up to 
400 nm. The range of film thickness covered 
for the whole set of fluids thus embraces both 
a molecular scale of thickness and a scale 
that is large in relation to the combined 
surface roughness. 

3.3. Interpretation 
Interpretation of film thickness data is 

based on the Hamrock and Dowson 1101 
equation for central film thickness, h,: 

where 

0.46 -0.067 -0.0?3 
k = 2 . 6 9 K R  W E (3) 

and u is the rolling speed, W the applied 
load, E the effective elastic modulus, R the 
effective radius and K a geometric parameter 
equal to 0.706 for circular point contacts. A 
least squares fit of h, to u yields a 
relationship 

log(hJ = l o g ( A )  +b.log(u) , (4) 

where 

100 

10 

1 
0.01 0.1 1 10 

Rolling speed / I d s 1  

3O'C 

6O'C 

90.C 

120 ' C  

Figure 1. EHD film thickness for 
ethylhexyllsebacate 

Film thickness / nm 3O'C 
1,ooO 

100 

10 

di(2- 

45'C 

6O'C 

9O'C 

Figure 2. EHD film thickness for 
dicyclohexylcyclohexane 
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b, of course, should prove equal to 0.67. A 
regression analysis of film thickness data 
thus yields an estimate first of A and then of 
the pressure-viscosity coefficient, a. 

For di(2-ethylhexyl)sebacate, in Figure 1, 
and dicyclohexylcyclohexane, in Figure 2, 
mean values of b are 0.685 and 0.673, 
respectively. In this respect, the Hamrock 
and Dowson expression, equation (2), is 
obeyed quite closely. 

Estimates, a,, of the effective pressure- 
viscosity coefficient in the EHD inlet region 
are listed in Table 1. They prove lower than 
the values, ao, defined by conventional 
viscometry. Figure 3 shows that a, remains 
about 26% lower than a,, irrespective of fluid 
type or temperature. 

It has been suggested that low values of 
pressure-viscosity coefficient in the inlet 
region of very thin EHD oil films might stem 
from the response of lubricants to the severe 
conditions of shear [91. Although this 
possibility can not be ruled out, the 
consistency of the relationship found in 
Figure 3 and the wide range of film 
thicknesses covered do not provide 
encouragement for it. An alternative 

30- 

0 10 20 30 40 50 

a,, I GPa-' 

Figure 3. Comparison between pressure- 
viscosity coefficients determined by EHD and 
conventional forms of viscometry 

inference is that the low values of a,, derive 
from a systematic error in determinations of 
film thickness. An error of only 14.6% in the 
latter would account for the trend 
established in Figure 3. 

4. ENGINE OIL STUDIES 

4.1. Lubricants 
Engine crankcase oils typically consist of 

a blend of two or more base oil components, a 
dispersanuinhibitor (DI) additive package 
and a polymeric viscosity index improver 
(VII). While the DI system confers the levels 
of anti-wear, anti-corrosion and engine 
cleanliness performance needed for 
particular applications, the VI improver 
reduces the rate at which viscosity vanes 
with temperature. The enhancement in 
viscosity which results at high temperature 
helps to maintain hydrodynamically 
generated films in engine bearings at the 
thickness required. 

For simplicity, the fluids examined here 
are based on a single hydrocracked base oil 
and a single DI system. The latter is used at 
a concentration of 14% wlw, a typical treat- 
rate for high performance products. The VI 
improvers studied are described in Table 2. 
Each is used in the form of a concentrate and 
is added at a level which yields a final 
polymer concentration of between 1 and 1.5% 
w/w. The resultant high temperaturehigh 
shear rate (HTHS) viscosity at 150 "C is then 
about 3 mPa.s. 

HTHS viscosities, in Table 3, were 
determined using a Ravenfield concentric 
cylinder viscometer at temperatures of 100 
and 150 "C and a shear rate of 1O6s". 100 "C 
viscosities, in Table 3, show that the base oil 
and DI solution remain Newtonian at high 
shear rate while the polymer solutions 
experience shear thinning. 

4.2. Base oil and DI solution 
Film thicknesses given by the base oil 

and DI solution are shown in Figure 4. A 
wider range of speed can be seen to be 
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Table 2 
Polymer concentrates 

Mll M w  M w  'Mn Abbreviation Polymer type 

PMA Polymethacrylate 64,000 204,000 3.2 
SBCP Styrene-butadiene copolymer 113,100 143,400 1.3 
OCP Olefin copolymer 46,000 145,000 3.2 
DOCP Dispersant olefin copolymer 50,300 127,500 2.5 
DAOCP Dispersant antioxidant olefin copolymer 81,000 162,000 2.0 

Table 3 
Base oil and solution properties 

Sample Low shear viscosity I mPa.s HTHS viscosity I mPa-s 
30 "C 65 "C 100 "C 100 "C 150 "C 

Base oil 
Base oil + 5% wlw PMA 
Base oil + 10% wlw OCP 
Base oil + 10% wlw DOCP 
DI solution 
DI solution + 5% wlw PMA 
DI solution + 12.5% wlw SB 
DI solution + 10% wlw OCP 
DI solution + 10% wlw DOCP 
DI solution + 10% wlw DAOCP 

22.41 
32.80 
49.82 
63.27 

37.43 
67.61 
56.30 
74.64 
88.80 
91.15 

6.95 
10.73 
14.15 
14.90 

10.71 
16.94 
16.41 
20.11 
23.00 
23.15 

3.21 
5.09 
6.22 
6.40 

4.68 
7.51 
6.95 
8.37 
9.24 
9.62 

3.20 
4.40 
4.95 
5.10 

4.69 
6.00 
6.20 
6.58 
6.90 
7.15 

1.51 
2.16 
2.36 
2.47 

2.08 
2.89 
2.92 
3.09 
3.33 
3.29 

covered for the DI solution than for the base 
oil. The necessity for this arose from the 
frailty of the silica spacer layer on the 
surface of the disc. While, for the base oil, 
damage to the disc surface began to occur 
when film thickness was taken below 10 nm, 
lower values were accessible for the DI 
solution. As in previous studies [21, it was 
inferred that the presence of the DI system 
enhanced the protection afforded to the silica 
spacer layer. 

The increase in film thickness which 
results when the DI system is added to the 
base oil is due to a rise in viscosity. 
Comparison between observed and predicted 
effects of viscosity on film thickness may be 

expressed in terms of the parameter 4: 

(6) 
determined film thickness ratio ' = predicted film thickness ratio 

Basing determined film thickness ratios on 
the regression parameter A (which is 
equivalent to the trend value of film 
thickness at the rolling speed of 1 d s )  and 
predicted ratios on the Hamrock and Dowson 
expression, equation (21, the values of 4 given 
in Table 4 are obtained for the three 
temperatures of Figure 4. In each case $ lies 
close to 1, confirming that the change in 
viscosity accounts quite accurately for the 
observed variation in film thickness. The fact 
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Table 4 
Regression data for base oil and DI solution 

Sample 61°C Alnm b 0 

Base oil 30 154.1 0.685 - 
65 57.6 0.678 - 
100 30.0 0.678 - 

DI solution 30 210.9 0.684 0.97 
65 74.7 0.688 0.97 
100 37.8 0.678 0.98 

that 0 is not exactly equal to  one is due to the 
change in pressure-viscosity coefficient 
which results when a DI system is added to 
base oil [61. The reduction implied by a + 
value of 0.97 is about 6%. 

It  will be noted, from Table 4, that the 
speed exponent, b, again lies close to the 
Hamrock and Dowson value of 0.67. With 
both base oil and DI solution showing such 
good agreement with EHD theory, there are 
n o  grounds for suspecting boundary 

Fflm thickness /nm 
Loo0 

100 

10 

/ 

I I 

0.01 0.1 1 10 

Rolfing speed /wsJ 

film 

30.C 

65.C 

LOO'C 

Figure 4. Film thickness behaviour of base 
oil (+) and DI solution (0 ) .  

formation of contributing to the improved 
durability of the silica coating. 

Experiments carried out at a later date 
with a disc from a more robust batch of 
specimens allowed rolling speeds to be taken 
to substantially lower values. Over this wider 
range of speed, Figure 5 demonstrate that 
the base oil continued to obey EHD theory 
down to a film thickness of only 1.5 nm. The 
DI solution, however, underwent a change in 
behaviour at 5 nm film thickness to that of a 
more viscous medium. The implied increase 
in viscosity is by a factor of about two. A 
reversible physical phenomenon peculiar to 
very thin oil films is thus detected which is 
likely to be connected with the improved 
durability of the silica spacer layer. 
4.3. Friction studies 

Studies of boundary friction were carried 
out to provide insights into the relative 
strengths of the surface activities of the 
various additive components. Base oil 
solutions of PMA, OCP and DOCP VI 
improvers all yield lower friction coefficients 

Filmthickness/nm 

100 

10 

0.001 0.01 0.1 1 10 

Rolling speed /(m/s) 

Figure 5. Film thickness behaviour of base 
oil (+) and DI solution ( 0 )  at 100 "C 
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than base oil alone, in Table 5, reflecting a 
measure of surface activity on the part of 
each polymer. Viscometric influences, it is 
emphasised, do not have significant influence 
on friction in these experiments. 

Although the strongly adsorbing DI 
system does not obviously differ in frictional 
behaviour from the base oil, in Table 5, the 
similarity in friction coefficients is 
coincidental; observations of contact 
resistance during these measurements did 
reflect the greater activity of the DI system. 
A more tangible influence of the DI system is 
the inhibiting effect it has on the activity of 
VI improvers. Only the dispersant and 
antioxidant olefin copolymer, DAOCP, 
continues to  exert a significant effect on 
friction in the presence of the DI system. 
This material is known to be a relatively 
powerful friction modifier capable of 
imparting significant fuel economy benefits 
in the ASTM Sequence VI fuel efficiency test 
[Ill. 

Table 5 
Boundary friction coefficients, B, at 100°C 

Sample P 

Base oil 
Base oil + 5% wlw PMA 
Base oil + 10% wlw OCP 
Base oil + 10% wlw DOCP 
DI solution 
DI solution + 5% wlw PMA 
DI solution + 10% w/w SB 
DI solution + 10% wlw OCP 
DI solution + 10% wlw DOCP 
DI solution + 10% w/w DAOCP 

0.140 
0.094 
0.110 
0.092 

0.142 
0.144 
0.141 
0.145 
0.140 
0.116 

4.4. Film thickness for VI improved base 
oil 

The surface activity of dispersant types of 
VI improver has been established through 
both EHD film thickness experiments [51 and 
force balance studies [121. Of the materials 
examined here, the PMA VI improver, in 
Figure 6, can be seen to supplement the 

Film thiclcnes /nm 
1 N n .  

-.-- I 
100 . 

65.C 

100 ' C  

Figure 6. The influence of PMA VZ improver 
on f i m  thickness (symbols); dashed lines 
indicate the trends for untreated base oil. 

hydrodynamically generated film with a 
boundary film ten to twenty nanometers 
thick. However, neither the non-dispersant 
nor the dispersant types of OCP polymer 
show a comparable effect. Indeed, both types 
of polymer result, in Figures 7 and 8, in a 
severe thinning of the oil f i m  as film 
thickness falls below 10 nm. 

4.5. Film thickness for VI improved DI 
solutions 

For the PMA polymer, inhibition of its 
surface activity by the DI system can again 
be inferred from the film-forming 
characteristics shown in Figure 9. At the two 
lower temperatures the thickness of the 
boundary f i m  is clearly less than that 
suggested by Figure 7 while, at the highest, 
it completely disappears. 

At the highest temperature, a film 
thinning phenomenon can again be identified 
in the regime below 10 nm. Film thickness 
then falls approximately to the level expected 
of base oil alone. This type of behaviour 
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Film thickness /nm 
1 .ooo 

100 

10 

1 

3O'C 
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0.1 
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Figure 7. The influence of OCP VI improver 
on fdm thickness (symbols); dashed lines 
indicate the trends for untreated base oil. 
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Figure 8. The influence of DOCP VI improver 
on film thickness (symbols); dashed lines 
indicate the trends for untreated base oil. 

Filmthickness./nm 
1.m I 

f 5 . C  

100 'C 

Figure 9. Film thickness behaviour for base 
oil (----I, DI solution (-) and DI solution + 
PMA VI improver (symbols). 

Filmthickness/nm 
30.C 

65'C 

1Oo'C 

Figure 10. Film thickness behaviour for base 
oil (----I, DI solution (-1 and DI solution + 
OCP VI improver (symbols). 
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Film thickness / nm 
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Figure 11 Film thickness behaviour for base 
oil (----), DI solution (-1 and DI solution + 
DAOCP VI improver (symbols). 

was not found to  be highly repeatable, 
however, and eludes any generalised 
characterisation. 

As for the base oil solution, the DI 
solution containing OCP polymer exhibits, in 
Figure 10, a more severe form of film 
thinning behaviour at the highest 
temperature, Below 10 nm, film thickness 
falls far below the level that can be sustained 
by the base oil alone. Again, it is noted that 
this type of behaviour was not highly 
repeatable. 

DAOCP polymer, which, uniquely, 
retained a capacity for friction modification 
when the DI system was present, gives 
further evidence of boundary film formation 
in Figure 11. The effect persists at all 
temperatures, with no indications of film 
thinning. 

5. DISCUSSION 

Of the three potential anomalies in film 

thickness behaviour explored in this paper, 
two have been confirmed. Lubricants 
containing a performance additive package 
undergo a step change in viscosity below 
about 5 nm film thickness, boosting film 
thickness and enhancing surface protection. 
Oils containing a polymeric VI improver may 
experience either an enhancement or a 
severe depletion in film thickness at low 
entraining velocities, depending on the 
chemical structure of the VI improver, the 
presence of other additive components and 
on temperature. An aspect of behaviour 
which does not appear to  qualify as an 
anomaly is the pressure-viscosity response of 
lubricant base stocks. The low values of 
pressure-viscosity coefficient derived from 
EHD experiments are tentatively ascribed to 
a modest systematic error in the 
experimental method. 

The increase in viscosity for the DI 
solution below 5 nm film thickness is a 
possible manifestation of the micropolarity 
phenomenon postulated for fluids containing 
polar molecular species [131. It has been 
suggested that the viscosity of such fluids 
increases when film thickness approaches 
the dimensions of the polar entity as a result 
of restrictions on their freedom to rotate. The 
DI system investigated here contains three 
important species of polar molecule, a zinc 
dialkyldithiophosphate anti-wear additive, a 
phenate detergent and a succinimide 
dispersant. Approximate molecular 
diameters for the three are 1, 2 and 3 nm, 
respectively. Although it has not yet been 
established which species is responsible for 
the viscosity enhancement below 5 nm, the 
dispersant has the greatest influence on bulk 
viscosity and lies closest to  the critical film 
thickness in molecular dimensions. 

A possible explanation for the film 
thinning influence of VI improvers in Figures 
7 to 10 is one that has been proposed in 
connection with a wear promoting effect in 
valve train wear tests [141. It has been 
suggested that VI improver molecules 
accumulate in the EHD inlet zone and create 
a barrier to  the base oil solvent. A form of 
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lubricant starvation then results. Hard 
sphere diameters for the polymer molecules 
considered here are typically in the range 5 
to 8 nm, while the film thinning phenomenon 
first becomes apparent at a film thickness of 
between 10 nm and 20 nm. It is possible that 
a layer of polymer molecules, weakly bound 
to each of the two rolling surfaces, becomes 
detached under the high shear conditions of 
the inlet region to form a barrier 
approximately two molecular diameters in 
width. As fdm thicknesses diminishes, the 
barrier will move progressively away from 
the Hertzian pressure zone, accentuating the 
degree of starvation as it does so. 
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An Experimental Study of Film Thickness m the Mixed Lubrication Reghne 

G. Guangteng and H. A. Spikes 

Tribology Section, Imperial College, London SW7 2BX 

This paper describes an experimental study of the influence of surface roughness on elastohydrodynamic 
film thickness in a steel ball on glass flat contact under nominally pure rolling conditions. Steel balls with a 
range of isotropic roughnesses have been employed and measurements have focused on the mixed lubrication 
regime where the film thickness is comparable to or below the composite muface roughness. It has been found 
that full film lubrication is only realised when the nominal lambda ratio (A) has a value of 2 or higher. Below 
this value, the film thickness decreases, first gradually and then rapidly7 as the nominal smooth surface lambda 
ratio decreases. The mixed regime, where both roughness and entrainment velocity influence film separation, 
appears to span a large range in terms of the lambda ratio, from h = 2 to h = 0.1. 

The mean separation between rough surfaces in static contacts has been measured over a range of loads 
and the problem of the precise definition of lubricant film thickness in rough surf& conditions is discussed. 

1. BACKGROUND 

Many machine components, such as gears, 
rolling element bearings, cams and tappets, etc. 
operate in the mixed lubrication regime where the 
lubricant film thickness is comparable to or below 
the composite roughness of the rubbing surfaces. In 
such situations, the ratio of film thickness to 
composite surface roughness, known as the 
“specific film thickness” or “lambda ratio”, plays an 
important role in determining the actual lubrication 
state and the lifetime of those components. 

A recent review of mixed lubrication was 
given in (1). A great deal of theoretical modelling 
has been carried out on mixed lubrication (2-7) and 
this has gradually increased in realism and 
relevance over the past two decades. Early work 
tended to examine only the influence of surface 
topography on fluid film behaviour but more 
recently the two coupled influences, of roughness 
on fluid flow and of fluid pressure on topography in 
contacts have been modelled together. Initial work 
also tended to consider only stationary roughness 
and Newtonian, isothermal fluid behaviour but 
models with moving roughness, and thermal, non- 
Newtonian fluid response have now been at least 
partially solved. However computing limitations 
still make it impossible to properly model systems 

with realistic twwlimensionally rough moving 
fllrfaces and most work is still contined to cases in 
which the lambda ratio is relatively large, so as to 
avoid the problem of what happens at asperity 
contacts when any lubricant film thins to the point 
at which it can no longer be treated using 
continuum fluid models. 

Limited experimental work has been carried 
out on mixed lubrication and the most widely used 
technique has been optical interferometry (8-14). 
The relatively poor film thickness resolution of this 
method means that studies have been mainly 
carried out to observe film behaviour resulting from 
artificially created features (bumps, dents, coated 
particles, etc.) rather than to make quantitative 
measurements offilm thickness. The main findings 
fall into two main categories (i) how individual 
dents or bumps influence film thickness and how 
their shape is changed in contacts (ii) how 
roughness influences overall mean film thickness as 
compared to the smooth case. Some of the general 
conclusions reached from previous experimental 
w r k  on the influence of roughness upon overall 
film thickness are summarised below. 

(a) For longitudinal roughness, i.e. l-D roughness 
features parallel to the entrainment direction, 



there is a reduction in mean film thickness explore the effects of realistic surface roughness 
compared to the smooth surface case. upon EHD film thickness at low lambda ratios. The 
For transverse roughness, where 1-D ball-on-plate test rig used for the EHD film 
roughness features lie at right angles to the thickness measurements is shown in Figure 1 .  
entrainment direction, some results have 
shown no measurable change (8) but some 
have shown a reduction in film thickness with 
roughness (13). There is also evidence of a 
roughness wavelength dependence effect, i.e. 
an increase in film thickness at long 
welengths and a reduction at short 
wavelengths (1 1). 
Some researchers have reported that roughness 
generally reduces film thickness in sliding and 
rolling conditions (14). 

Max. Hertz pressure 
Bulk temperature 

It is clear that there is no general consensus 
about the effects of surface roughness upon film 
thickness. This is due partly to the fact that 
roughness itself is dBcult to characterise and 
seemingly similar roughness values may have 
different characteristics, such as mean asperity 
slope, which influence the results. While previous 
experiments have certainly advanced our 
understanding of the influence of local surface 
features on local film separation, they have not 
provided reliable information about the effect of 
general randomly distributed roughness on overall 
film thickness. It should also be noted that 
although the lambda ratio is defined in terms of the 
out-of-contact roughness, the actual roughness 
within an EHD contact may change significantly at 
high pressures and when thin lubricant films are 
present due to elastic flattening.. 

The aim of the current study was to 
investigate directly the influence of isotropic surface 
roughness on EHD film thickness. The study was 
based upon the use of ultra thin film interferometry 
which is able to measure film separation with high 
precision in rolling, lubricated contacts ( 15). 

0.48 GPa 
25°C 

2. TEST METHOD AND MATERIALS 

The experimental technique employed to 
memure film thickness in this study was ultrathin 
film interferometry. This is able to measure films 
accurately down to 2 nm, which makes it possible to 

Figure 1. Schematic diagram of test rig 

A steel ball (AISI 52100, 19.05 mm diameter) 
is loaded against the underside of a glass dlsc. The 
glass disc is driven by a motor via a series of speed- 
reduction gears to provide reliable speed holding 
down to 0.0002 d s .  The glass disc drives the steel 
ball in nominal pure rolling. The test lubricant is 
enclosed in a chamber and an insulated lid with a 
lubricant application hole sits on top of the glass 
disc. This helps to maintain constant test 
temperature and limits exposure of the lubricant to 
the outside environment. Temperature in the test 
chamber is maintained using a thermocouple in 
conjunction with feedback-controlled heater rods 
inserted in the chamber wall. Actual test 
temperature is measured near the contact inlet using 
a digital thermometer. All tests were carried out at 
a controlled temperature of 25f 0.5"C and a 
constant load of 20 N, which produced a maximum 
Hertz pressure of 0.48 GPa in the contact. The test 
conditions are summarised in Table 1.  

Table 1. Film thickness measurement test 
conditions 

I Rolling sueed I 0.001-2.0 ms" I 
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Fluid 

Di-(2-ethylhexyl 
Phthalate 
SHF4 1 

Film thicknesses were measured at various 
rolling speeds, ranging from 0.001 m / s  to about 2.0 
m/s. For each test, the relevant rig parts were first 
thoroughly cleaned using analytical grade toluene 
and acetone. The rig was then assembled and the 
load applied. Test fluid was supplied through the 
application hole to the chamber and test 
temperature adjusted to 25°C. At the start of each 
test, before lubricant was supplied to the surfaces, 
the spacer layer thickness was measured in the 
static, loaded contact at a fixed position on the disc. 
Thereafter, film thickness measurements were 
triggered to be taken from this same position so that 
the lubricant film thickness could be determined 
from the difference between the measured 
separation and the spacer layer thickness. Film 
thickness measurements were the average over the 
central region of the contact. 

Two base fluids were used in this study for the 
EHD film thickness measurements as listed in 
Table 2. Viscosities were measured using a cone 
on-plate viscometer at varying temperatures and 
also using capillary viscometers at room 
temperature. Measured viscosities are listed in 
Table 2. 

Description Viscosity 

Phthalate ester 0.055 1 

Synthetic 0.0238 
hydrocarbon 

(Pas), 25OC 

Table 2. EHD test fluids 

Ball Designation 
Smooth 
Roughl 
Rough2 

Roughness (rms, pm) Composite Roughness (pm) Mean Slope 
0.010 0.01 1 0 . 8 O  
0.060 0.060 2.2O 
0.095 0.095 3.4O 

Steel balls of three Merent roughness 
categories were chosen for the film thickness 
measurements, designated as ‘Smooth’, ‘Roughl’ 
and ‘Rough2’ respectively. The sut-Eace 
roughnesses of the balls and the glass plate were 
measured using a Talysurf 4 and the root-mean- 

Table 3. Test steel balls for film thickness measurements 

square (rms) roughness and mean asperity slope of 
the test balls are summarised in Table 3. The 
‘Smooth‘ balls had a roughness of 0.010 pm (rms) 
and were commercial high precision ball bearings 
similar to those used in previous studies (16). The 
glass plate was opt~cally smooth (0.004 pm, rms). 
The composite roughnesses of the undeformed 
surfaces are also included in Table 3. 

3. RESULTS 

3.1 Film thickness measurements 

Figure 2 shows film thickness results for 
SHF4 1 in the conventional log(fi1m thickness) versus 
log(speed) form. The film thickness of Roughl is 
generally higher and persists to lower rolling speed 
than that ofRough2. It is noted that there are larger 
and larger variations in the film thicknesses as 
rolling speed reduces, perhaps showing the 
stochastic effect of the influence of asperities upon 
a m  thickness and vice versa 

0.1 : I I I 

0.001 0.01 0.1 1 10 

Rolling speed (mls) 

Figure 2. Influence of surface roughness on film 
thickness 
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The film thckness results shown in figure 2 are 
also plotted in Figure 3 in terms of nominal lambda 
ratio. The abscissa is the ratio of film thickness 
measured with smooth surfaces to the composite 
surface roughness for Roughl and Rough2 cases 
respectively. The ordinate is the ratio of film 
thickness measured with Rough1 and Rough2 balls to 
their corresponding composite roughnesses. The 
broken straight line represents a reference line for the 
case of smooth surfaces, necessarily diagonal with a 
slope of 1. 

...................................................................................... 
/ '  

........................................................ 1 ............................ 

10 

f 
Y z 
1 0.1 

x 
m 1  r 

8 

5 - E 

0 

G 
0.01 

0.01 0. I 1 10 

Film thickness (smooth)/rms 

Figure 3. Measured versus smooth surface film 
thickness 

The results show that full film lubrication is 
only realised when the nominal lambda ratio reaches 
2 (a = 2). When the lambda ratio is below 2, the film 
thickness falls below the smooth case, operating in 
the mixed lubrication regime. As the lambda ratio 
further reduces (A < l), the film thickness decreases 
more rapidly. At this stage, occasional asperity 
contacts are expected to occur but the film thickness 
results show that this may happen only with very thin 
films. The mixed regime seems to persist down to a 
very low lambda ratio, but there is no abrupt 
transition to indicate the lower end of the mixed 
regime or the borderline between the mixed and 
boundary lubrication regimes. 

Figure 4 shows film thickness results for the 
phthalate ester in log(film thickness) versus 
log(speed) form. The general trend of film thickness 
reduction versus rolling speed is similar to that for 
SHF41, except that thicker films are generated and a 
measurable film persists to a lower speed than with 

SHF41. This is to be expected since the phthalate 
ester has a higher viscosity than SHF4 1. 

.. ..................................... 1' .................... ..................... 

- Smooth 

r Roughl 

0.001 0.01 0.1 1 10 

Rolling speed (mls) 

Figure 4. Influence of roughness on film thickness 
with phthalate ester lubricant 

Figure 5 .  Measured versus smooth surface film 
thickness with phthalate ester 

Figure 5 shows film thickness results in terms 
of nominal lambda ratio for the phthalate ester. The 
rate of decrease of film thickness for Rough1 balls 
with the phthalate ester is seen to be slightly smaller 
than that for Rough1 balls with SHF41. The reason 
is not yet clear but it may be due to the fact that the 
phthalate ester produces a boundary film, relatively 
more si@cant at low speeds, whilst SHF41 does 
not. This was found to be the case in a previous study 
using smooth surfaces (16) and can also be seen in 
Figure 4. 
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In the case of the phthalate ester, the roughness of 
Roughl balls may be small enough or reduced in the 
EHD contact to such an extent that the boundary film 
effect is powerfid enough to defer the film thickness 
reduction due to roughness. 

3.2 True Mean Separation 

It is important to understand what the above 
measured film thicknesses represent. To do this 
requires an appreciation of the s e w o n  in the 
static, loaded contact. 

To begin with the smooth surface case, Figure 
qa) shows a schematic of two smooth surfaces in 
contact. Under static loading and without a lubricant, 
the coated spacer layer thickness is measured, which 
is subsequently subtracted from the total separation 
measured in rolling conditions and with a lubricant to 
give the difference as the lubricant film thickness. 

I glass plate 

even in the static contact there is a sigmficant 
separation between the mean centrelines of the two 
solid surfaces. In the above film thickness 
measurements, this static separation was added to the 
spacer layer thickness and the total subtracted from 
subsequent rolling measurements. Thus for rough 
surface measurements the film thicknesses given in 
figures 2 to 5 represent the difference betwen the 
mean separation of the solid surfaces in the rolling 
case and the mean separation in the static case. 

It is possible to measure the mean separation 
within the static contact, both by gradually increasing 
the load and observing the change in separation and 
also by introducing fluid of a different refractive 
index to air between the stationary surfaces and 
noting the consequent change in optical separation. 
Figure 7 shows how mean gap between a rough ball 
(Roughl) and the glass plate varies with static load. 
At the load used in film thickness measurements the 
gap is close to 10 nm. In the smooth surface case, a 
similar gap may exist but was measured and found to 
be less than 1 nm. 

spacer 
layer -W 

(a) smooth ball 
I 

0 4 8 12 16 20 24 
Load (N) 

Dependence of mean separation on 

spacer 
layer + 

Figure 7. 
steel' ball 

(b) rough ball 
Figure 6. Mean separation in a static contact 

For the contact of rough surfaces however, as 
shown in Figure 6@), there are always pockets of air 
in the static contact due to the fact that asperities 
cannot flatten or conform sufficiently to fully close 
the gap between the two surfaces. This means that 

- 
applied load in static coitact 

Using the mean. separation in the static contact 
shown in Figure 7 it is possible to replot the measured 
film thickness results in terms of total mean surface 
separation versus rolling speed. Here the total mean 
surface separation is taken to be the measured film 
thickness plus the measured static gap. It represents 
the mean distance between the centrelines of the two 
solid surfaces at any given speed. Figure 8 shows the 
result for the smooth ball and the two different 
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roughness balls using SHF41. It can be seen that this 
mearmre of film thickness actually tracks the smooth 
fllrEace case quite closely down to about 12 nm, 
although at very slow speeds it will, of course, 
asymptote to 10 nm. 

1Mx) ....................... .................I .. ...................................... 

1 I o p g h l + h r ] ;  
...................................................................................... I : 

0.001 0.01 0.1 1 10 
Rolling speed (mls) 

Figure 8. Influence of rolling speed on total mean 
separation for rough and smooth surfaces 

4. DISCUSSION 

It is generally believed that when the lambda 
ratio is large, the swface roughness has no influence 
on film thickness, friction or load support. As the 
lambda ratio becomes smaller (h > 3), occasional 
contacts may occur between the solid surfaces, but the 
asperities will still carry a negligible fraction of the 
load. When the lambda ratio becomes very small (h c 
0.5), the load support is shared between the 
deforming asperities and the fluid film, and the 
surface roughness has significant influence upon the 
film generation, due to its influence on fluid flow 
pattern and load support. When the lambda ratio 
further reduces, the boundary regime is reached 
where the load is entirely supported by asperity 
contact and there is little fluid film pressure build up 
within the contact. 

This is in general agreement with the 
experimental results from the current study which 
show that when h > 2 the film thicknesses generated 
with the rough surfaces approach those of the smooth 
surface case, indicating negligible influence of 
roughness on film formation. It is evident from 

Figures 3 and 5 that, when the lambda ratio is in the 
range of h = 2 and h = 0.1 the film thickness is 
progressively but significantly reduced compared to 
the smooth case. In this region, surface roughness 
has a significant effect upon fluid flow behaviour and 
the surface roughness itself may be progressively 
flattened to some extent. The results shown in 
Figures 2 and 4 indicate that this happens when the 
lambda ratio is below 0.1 where there is no 
measurable fluid film. 

Only one previous study, by Kaneta and 
Cameron has attempted to measure overall film 
thickness in a rough point contact (10). These authors 
used a steel ball artificially roughened by sputtering 
on the surface a grid of regularly spaced asperities, of 
height 254 nm. In their paper the authors give values 
for mean film thickness and also tip and valley film 
thicknesses. The latter are respectively between the 
asperity tips and the counterface and between the base 
of the asperities and the counterface. The results 
from this study are compared with those from the 
current work on a non-dimensional plot in Figure 9. 

loo ................................................................................ 

! I 1 1 1 1  
10 

!! 
1 1  

1 
2 O. I  
E 0.01 

0.001 
1.E-9 1.E-8 1.E-7 1.E4 1.E5 I.E-4 1.E-3 

Dimensionless speed W m  

Figure 9. Comparison of current results with those 
of Kaneta and Cameron ( 10) 

There is good agreement with the mean film 
thicknesses measured by Kaneta and those found in 
the present work, although it should be noted that 
Kaneta's measurements were made in the high 
lambda ratio region where roughness actually seems 
to have little effect on the film thickness. As 
expected, the tip and valley film thicknesses are 
smaller and larger than the mean respectively. 
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It is seen that the above discussed experimental 
results are well in line with general findings of 
various researchers but certain differences and new 
details emerge from this study. Although these 
experiments are by no means exhaustive they tend to 
indicate that (i) full film lubrication can be realised 
when I. > 2; (ii) mixed regime spans a large lambda 
ratio range 0.1 < h > 2; (iii) the border between 
mixed and boundary regimes is not clear but it seems 
at a rather low lambda ratio. 

One problem which needs to be carefilly 
addressed in describing film thickness in mixed 
lubrication is what to use as a baseline value. The 
static measurements of this study show that a 
considerable separation may exist between rough 
surfaces even when the latter are stationary and 
asperities are bearing all the load. In one sense, the 
film thickness generated must be regarded as the 
extent to which separation rises from this value when 
rolling and thus entrainment occurs and this has been 
the definition favoured in the current study. However 
it must be recognised that the actual mean gap 
between the two surfaces in rolling contact is 
probably always larger than this. 

The static results provide some preliminary 
indications as to the likely value of the real surface 
roughness; or rather the extent to which separation 
varies, the “separation roughness” in an EHD contact. 
This is believed to be an important practical feature in 
determining, for example, fatigue life of rolling 
element bearings, but it is quite difficult to actually 
measure in thin film EHD contacts. It is 
acknowledged that the roughness in an EHD contact 
will be a good deal less than the out-of-contact 
composite roughness of the surfaces both because of 
overall elastic deformation and also the conformity of 
the two rubbing surfaces under high pressures. 

It is known that the hydrodymmc pressure in 
an EHD contact is similar to that in static contact, 
with modifications such as extended pressure build up 
in the inlet region and possible pressure ripplings. 
Because of this, the actual asperity deformation and 
hence the topography change will not be quite the 
same in a moving as a static contact but nonetheless 
Figure 7 does give an indication of the extent to 
which asperities can be flattened in an EHD contact. 

The composite surface roughness in the static 
contact is found to be about five times less than that 

in undeformed conditions. This is not unrealistic 
compared to the results from 2D contact analysis 
( 17). 

The experiments carried out in this study 
concentrated on measuring the mean film thickness 
in the central region of the contact and it should be 
pointed out that the central film thickness was used to 
calculate the nominal lambda ratios instead of the 
minimum film thickness. The ultrathin film method 
can also be used to give a film profile across the 
whole contact, which usually includes the minimum 
film thickness at the side restrictions (18). This can 
be used not just to show the minimum film thickness 
but also to investigate changes of &ace structures 
across the contact. A recently developed technique 
(1 9) can also produce 2D maps of film thickness for 
very thin films in EHD contacts, which makes it 
possible to look directly at surface roughness itself in 
EHD/mixed contacts and enables film thickness 
profiles to be determined precisely. These features 
will be implemented in the fiture studies. 

6. CONCLUSIONS 

The following conclusions may be drawn from this 
study. 

(a). The ultra thin film interferometry technique 
can now be used to measure film thicknesses of 
rough surfaces in EHD contacts particularly at 
low nominal lambda ratios. 

0). Full film lubrication is only realised when h > 
2; the mixed lubrication regime spans a large 
lambda ratio range 0.1 < h > 2 and there is no 
clear-cut for the border between mixed and 
boundary lubrication regimes. 

(c) It is now possible to explore the effective 
cornpasite roughness in static contacts, serving 
as an indicator of the real roughness in EHD 
contacts. 
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Surface Elastic Deformation by Solvent Structural Force in Very Thin Film Lubrication 
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Film thickness of the order of several nanometres is measured by using a precise experimental setup in 
which two molecularly smooth mica surfaces in crossed cylinder configuration are slid past each other with three 
kinds of liquid between the surfaces. It will be shown that the film thickness depends on liquid structure and the 
film is thickened when intervening liquid exhibits a strong solvent structural force. A new EHL theory which 
considers the deformation due to the structural force is introduced and results of the calculation are shown. 

1. Introduction 

With the advance of microfabrication 
technology machine elements have been remarkably 
downsized in recent In accordance with this 
tribologists have been requested to control the friction 
and wear occurred in very small sliding systems 
because the tribological properties govern the overall 
machine efficiency in these systems more notably than 
in the ordinary size of sliding ~ystems(~s~) .  A request 
with great urgency is made by the computer magnetic 
slider/disk engineers who are considering to reduce 
flying height of  the slider over the disk to ten 
nanometres or less in order to increase the recording 
density of the disk. This flying height is of the order of 
the surface roughness(s)thus thin liquid lubricant is an 
idea to avoid the contact between solid surfaces and to 
reduce wear(6). When the solid surfaces reach the 
distance of several nanometres, surface forces cannot 
be neglected any more('-*) and, in addition, very thin 
lubricant film shows different characteristics from 
those of isotropic lubricant as reported in the recent 
researches. Homola et al. (9) reported that the shear 
stress increased stepwise by the increase in load or by 

the decrease in sliding velocity. Alsten and Granick 
(lo) found the extremely enhanced dynamic viscosity 
of thin liquid film and suggested the phase transition 
to a solidlike structure. Georges et al. ( ' I )  proposed a 
model of "immobile" layer h i d  on each solid surface. 
Guanteng and Spikes (I2) found thicker films than 
predicted by EHL theory and suggested the existence 
of "boundary film" due to adsorption of liquid 
molecules on the solid surfaces. In order to design a 
small lubricating system we must know rheological 
and structural characteristics of thin film between solid 
surfaces and the applicable limit of conventional EHL 
theory ( I 3 ) .  

2. Experiments 
The authors measured film thickness of the 

order of several nanometres by using a simple but 
precise experimental setup (I4). Figure 1 shows a 
schematic illustration of the setup in which two 
molecularly smooth mica surfaces in crossed cylinder 
configuration are slid past each other. One of the mica 
surfaces is supported by an elastic hinge and minute 
and controlled slide is realized (66.2 ,U m/mV). On 
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smooth cylindrical lenses with the curvature radius of 
10.15 mm made of BK7 glass, cleaved mica sheets of 
thickness of 10 to 30 micrometres are glued carefully 
so that crystal axes of two mica sheets match each other 
during contacting and sliding. Roughness of mica 
surfaces measured by AFM is 0.048 nm(Ra )and 0.62 
nm (Rniax). Young's modulus of mica, E, is 34.5GPa 
and Poisson's ratio, Y , is 0.205 which are measured 
by Scanning Acoustic Microscope. Hardness of mica 
is 1.43 GPa measured by micro Vickers tester. 

Initially mica surfaces are made in contact by a 
small load, namely, 

Fcontacl= FvJW + Fin - FO (1) 

where F ~ f w  is van der Waals force, F m  is meniscus 
force and FO is pull-off spring force (see Fig. 2(a)). 

Fcontoci is set positive hut very small value so that 
surface contact is kept with negligible elastic surface 
deformation. If the pull-off force is not applied, Fcomci 

would be as large as a few mN which would cause the 
surface elastic deformation of about tell nm. When the 
mica surface supported by an elastic hinge slides, the 
mating mica surface supported by a double cantilever 
spring recedes from the sliding surface because of 
formation of liquid film. Thus the film thickness 
between surfaces can be known by measuring the 
displacement of the mica surface supported by the 
double cantilever spring. Fluid force, F, is giveii by 
the similar equation to eq.( 1 ), namely, 

F = FvdW + Fin - (FO - Fs) 

Fs = k * h 

(a) surface contact 

Fig. 1 Experimental setup 

(b) formation of lubrication film 

Fig. 2 Formation of lubrication film by sliding 
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where k is spring constant of the double cantilever 
spring (1 32.5 N/m) and h the film thickness (see Fig. 
2(b)). Note that FvdW and Fm are functions of film 
thickness (Is), thus their values in eq.(2) are different 
from those in eq.( l), respectively. 

Using Hertz elastic contact theory'I6), the total 
elastic deformation of the surfaces, w, is given by 

A V 

w = [(9F2)/(4RE'2)]1'3 (4) 

dielectric constant 
viscosity 

where E =  El( 1- Y *). Substituting material and 
geometric constants (E=34.5 GPa, Y =0.205 and R= 
10.15 mm) into eq.(4), we obtain 

~ ~ ~ ~~ 

2.05 2.02 2.30 

3.35 mPas 0.980 mPas 2.35 mPas 

w(m) = 0.56 X 10 '6( F(N))2/3 . ( 5 )  

As an example, eq.(5) gives w= 5.6nm for F=l mN 

and w= 1.2nm for F= 0.1 mN, thus minimizing Fconrcrct 

is important in this experiment. 
Fig.  3 shows an example of output of 

displacement probe (see Fig. 1) obtained at a slide with 
intervening liquid and illustrates the process for 
estimating the film thickness, h. Just after the start of 
a slide, the output shows a steep increase, which 
corresponds to the formation of liquid film, followed 
by a gradual increase. The gradual increase is at the 
rate of 7 ~ 1 0 - ~  and caused by the fact that the trace of 
sliding is not vertical to the displacement probe axis. 
In order to remove this effect from the output, the 
gradual increase in the figure is approximated by a 
straight line drawn by the least square method then y- 

I I . * . . 1 . . . . I  
0 100 200 

Sliding Distance ( ,U m) 

Fig. 3 Output of displacement sensor 

intercept of the line is regarded as the film thickness, 
h. This process is on the assumption that the sliding 
condition is not changed during the slide. In fact the 
sliding distance of 100 ,u m produces, in tlxs example, 
a spring bend of 7 nm which causes the increase in 
F c o n t ~ ~ t  of only 0.93 ,u N. We also obtained the results 
in a preliminary experiment that the fitted line always 
passes the origin for the case of dry sliding. The 
displacement probe is of the type of non-contact 
capacitive having the resolution of 0.7-0.8 nm with 
the cutoff frequency of 3 - 5Hz for 30 seconds. 

Three kinds of nonpolar liquid ( I n )  are used in 
the experiment. They are n-hexadecane, cyclohexane 
and OMCTS (octamethylcyclotetrasiloxane) and their 
properties are listed in Table 1. 

diameter 0.4 nm 0.6 nm I .O nni I I 
refractive index I 1.42 1.43 1.40 I 
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Experiments are performed in a clean booth 
under the atmospheric pressure with controlled 
environment, namely, the temperature of 21.5 zk 0.5 
"C and the relative humidity less than 20%. It is 
ascertained by a preliminary experiment that the results 
are not affected by an aqueous vapor if the relative 
humidity is set within this range. 

3. Results and Discussion 
In the experiment a small amount of liquid 

(0.1 - 0 . 2 ~ ~ )  is dropped between surfaces then small 
load is applied. The load is varied by changing FO in 
eq.( 1) carefully so that Fcontuct is set positive but very 
small value as described in the previous section. Mica 
surfaces are then slid past each other. Sliding speed is 
controlled by using a microcomputer as 50, 100 or 200 
,u m/s. The film thickness, h , is measured by the 
process described above and Fvdw, F m  and FS are 
calculated by using h value (I4), then fluid force, F,  is 
calculated by eq. (2). The results are shown in Fig. 4 
for n-hexadecane, in Fig. 5 for cyclohexane and in Fig. 
6 for OMCTS. Prediction by EHL theory for 
concentrated contact is also shown in the figures. Lines 

\ - . " '  1 

1 0-' 
0 

Fluid Force (mN) 

Fig. 4 Film thickness V.S. fluid force for n-hexadecane 
(u=200 /A m/s )  

denoted by "R-I" are predicted minimum film thickness 
by rigid-isoviscous theory, those denoted by "E-I" are 
by elastic-isoviscous theory(*"). It is seen froin these 
figures that the theoretical boundary between R-I and 
E-I regimes locates at h=l nm or less and the surface 
elastic deformation is considered negligible when the 
film thickness is larger than this value according to 
the conventional EHL theory. Fig.4 shows that the 
measured film thickness agrees well with the 
calculation by R-I theory down to two nm of film 
thickness when n-hexadecane is used as lubricant. For 
the film thickness smaller than this value, the thickened 
film suggests the increase in the viscosity near the 
solid('"), or the formation o f  "immobile" layer('" or 
"boundary film"('2). It is seen that the thickness of this 
layer would be less than 0.5 nm, ifexists, and it appears 
only when the surface separation is of the order of 
several nanometres.. 

When cyclohexane and OMCTS are used as 
lubricant (see Figs. 5 and 6), however, the film 
thickness deviates from the theoretical R-I curve at 
larger values of film thickness (5 -7 nm) then decrease 
stepwise with an increase in load. It is noted that the 

E-l(min) 
--- E-l(cen) - Experiment 

h 

Y E 

-------_____ .. . . . . . . . . . . . . . . . . . . . . . . . .  \- - - - - - 
lo-' 1 oo 

Fluid Force (mN) 

Fig. 5 Film thickness V.S. tluid force for cyclohexane 
(u=200 /1 m / s )  
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interval of the discrete film thickness is nearly equal 
to the liquid molecular diameter, namely, 0.6 nm for 
cyclohexane and 1 .O nm for OMCTS (see Table 1). If 
the difference between the measured and calculated 
fluid forces, namely, 

ES = F - Fehl (6) 

is plotted against film thickness, it is found that the 
force, Es, decays exponentially with the film thickness 
as shown in Fig. 7, in which, for the sake of simplicity, 
only the maximum value of FS at each steplike film 
thickness is plotted. It is seen from the figure that FS 

is not a dynamic force because the relation FS - h does 
not depend on the sliding velocity. It is known that 
the van der Waals force decays with the separation 
between solid surfaces. Thus the possibility of the 
origin of this force being the van der Waals force must 
be checked. The van der Waals force, however, decays 
more quickly than this example as shown in Fig. 8 
which shows the calculated van der Waals force for 
our experimental configuration. It is reported that 
cyclohexane and OMCTS have spherical molecular 

E-l(min) 
--- E-l(cen) - Experiment h 

v E 

Fig. 

Fluid Force (mN) 

6 Film thickness V.S. fluid force for OMCTS 
(u=200 t-' I d s )  

shape and show strong structural force"') compared to 
n-hexadecane. The structural force (or solvation force 1 
depends on the structure of the liquid intervening 
between solid surfaces. This force is oscillatory with 
the film thickness and the period is almost equal to the 
molecular diameter of intervening liquid as shown i n  
Fig. 9. It is considered that a repulsive or an attractive 
force acts according to dense or dilute condition of 
molecules between surfaces, respectively (see Fig. 10). 
The most dense condition is expected when the film 
thickness becomes some integral number times the 

Fig. 7 FS for OMCTS 

Film Thickness (nm) 

Fig, 8 Van der Wads  force and meniscus force 
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Attractive 

Surface separation 

Fig. 9 Solvation force V.S. surface separation 

(a) dense (b)dilute 
Fig. 10 Spherical molecules between surfaces 

molecule diameter. The molecules would form 
"layered structure" in these cases. From these 
consideration it is concluded that the thickened film 
in Figs. 5 and 6 is attributed to the solvent structural 
force. 

4. Surface elastic deformation by structural force 

When cyclohexane and OMCTS were used as 
lubricant with the film thickness of several nm, it was 
seen that an additional force of several mN was 
generated due to the solvent structural force. It is easily 
shown that this force produces surface elastic 
deformation of several nm by the Hertz elastic contact 
theory (see eq.(S)). Since this is of the same magnitude 
with film thickness, we cannot neglect the surface 
deformation any more in the analysis of this sort of 
lubrication problems. The authors developed a very 
thin film lubrication theory where solvation pressure 

was dominant(is). It is assumed the total pressure, p ,  is 
composed of three components, namely 

where ps is the pressure due to the liquid structural 
force, p d W  is that due to the van der Waals force 
between the solid surfaces and ph is hydrodynamic 
viscous force. ph  is obtained by solving the Reynolds 
equation and the calculation method of other 
components is written in detail el~ewhere"~' .  Similar 
to the conventional EHL calculation, the Reynolds 
equation is solved simultaneously with the equation 
of elastic deformation of solid(*'). As for the formation 
of equations and the boundary and initial conditions, 
the methods reported in the past are adopted in this 
study(2'*22J3). Examples of EHL calculation for OMCTS 
are shown in Figs. 11 (a) and (h). In figures the film 
thckness is normalized by the curvature radius of the 
mica surface, R = 10 mm, and the pressure by the 
equivalent Young's modulus, E=35.9 GPd. Fig. 1 l(a) 
shows the result for the total load of 30 p N. The 
surface deformation i s  not clear i n  th i s  case 
(approximately 0.5 nm by Hertz theory) hut the 
oscillatory pressure distribution which is due to the 
solvation structural force is observed. When the total 
load is 100 Nt the surface deformation and the 
pressure distribution similar to the Hertzian contact 
are observed as shown in Fig. 1 l (h) .  This is hecause 
the structural force, which is originally static like a 
point contact force, is dominant coinpared to the 
hydrodynamic force in this case. 

It is clarified that the measured film thickness 
deviates from the R-I theoretical curve due to the 
surface deformation by the solvent structural force, 
although the R-I theory is thought applicable to the 
film thickness down to one nm in this sliding condition 
according to Hamrock-Dowson diagram(20). The 
Hamrock-Dowson diagram for the point contact is 
shown in Fig.12 in which the range of the present 
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experiment is indicated by a solid long circle, namely 
F=10 ,U N -lOmN, u=l-500 ,U m/s, a =10 - 
3OGPa-' , R= 10mm. Symhols in the long circle indicate 
the sliding conditions under which the film thickness 
begins to deviate from the R-I theoretical curve for 
cyclohexane (+:200 ,U m/s) and for OMCTS( 0 : 200, 
A :loo, 0 :50 ,U m/s). The boundary line between R- 
I and E-I regimes on the diagram should pass this 
symbols because the elastic deformation begins to 
occur under these sliding conditions. 

[ x 1 0-71 [X10-6] 
151 1 I 1 I rl2 

F=30( /A N) 
Film Thickness 

10 

t -I1 

t .  I I I 
-30 -20 -10 0 

X 
(a)F=30 ,U N 

[ x 1 0-71 [XlO+] 

- 4  

-3  

-2 a 

- 1  

-1 0 0 
X 

(b)F=100 ,U N 
Fig. 11 Calculated film thickness and pressure 
distribution for OMCTS ( H=h/R, P=pIE', X=x/a, 
a:radius of Hertzian contact) 

5. Conclusions 

Film thickness of the order of several  
nanometres is measured with liquid between mica 
surfaces in crossed cylinder configuration. The 
measured film thickness agrees well with the 
calculation by R-I (Rigid-Isoviscous) lubrication 
theory down to two nanometres of film thickness when 
n-hexadecane, which has a molecular structure of 
flexible chain, is used. When cyclohexane and 
OMCTS (octamethylcyclotetrasiloxme) which have 
spherical molecular shape are used, however, the film 
thickness deviates from theoretical R-I curve at larger 
values (5-7 nm) then decreases stepwise. It i s  
considered that the deviation (thickened film) is 
attributed to solvent svuctural force. According to the 
newly developed EHL theory, it is seen that the surface 
elastic deformation due to the solvent structural force 
causes the thickened lubricant film. Thus the E-I 
(Elastic-Isoviscous) regime should be expanded in the 
Hamrock-Dowson diagram in the case of very thin film 
lubricating condition with very light load in which 
solvent structural force cannot be neglected any more 
compared to the ordinary fluid viscous force. 

I I ,  * I 

1 oo 1 o4 
gE 

Fig. 12 Sliding condition on Hamrock-Dowson diagram 
(gv : viscosity parameter, gE : elasticity parameter (z")) 
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FAILURE OF VERY HIGH SPEED ELASTOHYDRODYNAMIC CONTACTS 

D.J. HIRST and A.V. OLVER 
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Kensington, London, UK. 

This paper describes a rig designed to simulate high speed ball bearing contacts under laboratory 
conditions. Measured amounts of spin and sliding can be imposed on the contact in addition to the 
very high rolling speed. Scuffing-type failures can be provoked by high slip conditions. 

1. INTRODUCTION 

The ball bearings found in aero-engine gas 
turbines operate at around 2.5 million ON or 
more and similar conditions are encountered 
in some machine tool bearings. Under these 
conditions, the gyroscopic forces become 
dominant, exceeding the spin moments 
present. Race control theory is not applicable 
as the rotational axis of the rolling element is 
almost parallel to the shaft axis, so that sliding 
and spinning motion occur at both ball- 
raceway contacts in addition to the rolling 
motion. 

This paper describes a test rig designed to 
simulate this type of contact under controlled 
laboratory conditions, in order to study the 
limits of its performance. 

2. BACKGROUND 

A diagram of a typical bearing is shown in 
figure 1. The contact angles between the 
inner and outer raceways are a and p 
respectively. Reaction forces at each contact 
are accompanied by tangential frictional forces 
and a spin moment as shown. High orbital 
and rotational speeds lead to a centrifugal 
force and a gyroscopic moment respectively. 

the contact reaction forces at both raceways 
and the cage together with the centrifugal and 

Figure 1 Ball bearing contact geometry 

gyroscopic forces due to the motion. In 
addition, traction forces act on the ball leading 
to the occurrence of sliding and spinning 
motion at the contacts. 

The net effect of these forces on the ball is 
uncertain, and although it is known that in 
principle, relative spin and slip of the contact 
could be detrimental to the performance of the 
bearing, observations of failure phenomena 
have not been widely reported. 

The ball motion is determined by the 
equilibrium of the forces acting on it including 
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2.2 Ball Motion 
Ball motion can be predicted from theory in 
several ways. Race control theory, in which 
dry friction is assumed (1, 2) is valid for low 
speeds. The controlling contact (usually the 
outer at high speed) is assumed to undergo 
pure rolling whilst the other encounters both 
rolling and spin. Alternatively, if the speeds 
are sufficiently high the gyroscopic forces may 
become very large compared to the spin 
moments, a situation which we term 
“Gyroscopic Control”. The rotational axis of 
the ball is therefore parallel to the bearing axis 
and spinning and sliding occur at both raceway 
contacts. It might be assumed that this would 
occur at very high speed because of the 
expected low friction coefficient and high 
gyroscopic moment. 

For a more general case, several commercial 
computer packages are available which 
contain explicit fluid friction models. One 
example is ‘ADORE’ - the original theory and 
listing appears in (3) 

This approach takes into account the fluid 
friction arising from the oil. The high pressure 
contact between the ball and raceway is 
separated by a film of oil the thickness of 
which can be determined from the well-known 
regression equations of Dowson and Hamrock 
(4), subjected to a suitable correction factor 
combining both inlet shear heating and loading 
effects (5). Starvation may also occur in real 
bearings although this can be combated using, 
for example, through-race lubricant supply. 

Experimental measurements of ball motion 
present difficulties due to the high rotational 
speeds - cage speed measurements are more 
common and easier. In a recent paper 
Chapman (6) describes a rotating prism that 
optically freezes the ball and cage motion in a 
full bearing rig, thereby allowing closed circuit 
TV to record the tests. 

The contact studied in this project is subjected 
to simulated gyroscopic and centrifugal forces 
at high loads, speeds and temperatures and, 
as a result, encounters slip and spin at the 
contacting interfaces. The main objective was 

to identify contact conditions which could lead 
to failure of the ball raceway contact. 

3. RIG DESIGN 

In order to determine performance limiting 
conditions, an experimental rig was designed 
to simulate high speed ball bearing contacts 
such that the bearing element motion could be 
measured. It was designed to operate at 
around an equivalent DN of 3 million, with the 
option of higher speeds if required. 

3.1 Basic Design 
A simplified diagram showing the principle of 
the test rig is presented in figure 2: a driven 
disc rotates a non-orbiting lubricated follower 
(test ball) which is loaded against it. This 
system gives an equivalent cage speed of 
zero so that the required ball speed can be 
obtained from approximately half the usual 
driveshaft speed. 

I Load 

Driven 
Disc 

+ 
\ I 

Figure 2 Schematic diagram of the test rig 

The ball is loaded into a conforming groove 
formed from a split inner raceway pair in a 
gothic arch shape. This forces the ball axis of 
rotation to be parallel to the bearing axis 
thereby achieving the required simulated 
gyroscopic control. 

This method of testing was chosen over the 
conventional disc machine method, which can 
test elliptical contacts with crowned rollers 
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without the imposed spin motion, or full 
bearing testing which was rejected on grounds 
of size, cost, power consumption and the 
difficulties of monitoring ball motion. 

3.2 Test Ball 
The test ball was located and loaded into the 
rotating groove using a combined hydraulic 
ram and hydrostatic bearing - a 'biro'. The biro 
admits high pressure oil, which flows through 
an orifice to maintain the pressure across the 
back of the ball. This both loads and 
lubricates the contacts as well as providing a 
lubricating film between the ball and biro. The 
system is shown in figure 3. 

Measurable amounts of sliding and spinning 
were imposed upon the contacting interfaces 
at high rolling speed by variations in the 
raceway profile geometry. 

Ball motion was measured by use of a 
magnetic search coil system located on the 
biro housing. The active coil detects the 
movement of the magnetised ball. The output 
has sinusoidal form, the frequency being 
proportional to the rotational speed of the ball; 
changes in wave amplitude are proportional to 
the relative positions of the ball magnetic pole, 
the spin axis and the coil. 

Both the ball and the raceways were of M50 
VIM-VAR steel. Bulk oil and biro temperatures 
were measured using thermocouples. The 
lubricant supplied throughout was Castrol 
Aerojet 5, an ester-based turbine oil, which 
was run through 3 pm filters. The test rig was 
driven by a 25 kW d.c. motor, which is 

Oil inlet, at test pressure, Pz 

1 

Figure 3 The test ball and biro system loaded 
in a grooved rotor 

stepped up to the driveshaft via a POLY-V belt 
and pulley system. A control system triggered 
by abnormal instrumentation readings was 
installed to cut electrical power to the rig in the 
event of a failure. 

4. RESULTS 

Table 1 presents the contact conditions for the 
two types of tests run - for contact angles of 
35' and 40' - where P is the load in N, po  is the 
maximum contact pressure (Pa), a and b are 
the contact semi-major and semi-minor widths 
respectively (mm), and ho (pm) is the 
minimum film thickness assuming fully flooded 
conditions. 

Table 1 Table of full load and speed contact conditions at 1 OOOC, for contact angles of 40' and 35' 
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The effect of decreasing the contact angle is to 
decrease the maximum contact pressure. The 
theoretical film thickness, ignoring any possible 
starvation effects, is unaffected by the contact 
angle. 

The results show the variation in ball speed 
(indicated as R -  the ratio of ball speed to shaft 
speed) and PV for different loads, with variation 
in the contact angle and the contact conformity. 

4.1 Ball Speed 
Figure 4 shows the variation of ball to shaft 
speed ratio with load. Although the test was 
repeated for various shaft speeds, the shaft 
rotated at constant speed throughout the 
duration of each test. 

The first few points are at a very low speed 
ratio, indicative of skidding behaviour. The 
speed ratio then rises to a plateau close to the 
theoretical rolling ratio depending on the shaft 
speed: the magnitude of slip rises with the shaft 
rotational velocity 

It was noted that low ~2 values could be 
avoided by controlling the shaft speed such that 
it increased concurrently with the load so that 
skidding conditions (low load, high speed) were 
not reached. Figure 5 shows an example of 
this type of test with the ball speed only plotted 
as ordinate, due to the variable shaft velocity. 
Shaft speed was increased in equal steps until 
the desired final speed was reached - shown by 
the flat parts of some of the curves. The speed 
ratio in this case very quickly reached high 
values close to the theoretical rolling limit. 

Ball speed was taken from direct measurement 
of frequency of the magnetic signal. An 
oscillatory variation of the signal with a period 
of approximately 30 seconds was observed. 
This may indicate skewing of the ball axis due 
to unequal contact geometry, but no firm 
conclusions were drawn. 

First tests were run at up to three-quarter 
driveshaft speed. Later tests were run up to full 

4 .  -_ 

0 1000 2000 3000 4000 5000 

Load (N) 

Figure 4 Ball to shaft speed ratio vs load under 
constant driveshaft conditions (indicated as a 
percentage of full speed) and for a = 40". 
Points taken at 5 minute intervals. FC = 
Region of approximate failure conditions. 
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Figure 5 Normalised ball speed vs load for 
variable driveshaft conditions (the ball speed is 
normalised by dividing it by the final shaft 
speed which is indicated as a percentage of full 
speed). Measured points taken at 5 minute 
intervals, after each increment to the shaft 
speed until final speed is achieved. FC = 
Region of failure conditions 

speed - with simultaneously increasing load - 
whereupon they were tested until the maximum 
load was reached. Tests were repeated with 
variations in the contact angle. 
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Figure 6 PV vs Load for constant driveshaft 
test conditions (indicated as percentages of full 
speed) and for a = 40’. Points taken at 5 
minute intervals. FC = Region of approximate 
failure conditions. 
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Figure 7 Effect of load on PV for variable 
driveshaft test conditions with different contact 
angles. Measured points taken at 5 minute 
intervals, after each increment to the shaft 
speed until final speed is achieved. FC = 
Region of failure conditions. 

4.2 PV 
PV is an indicator, widely used in bearing 
design, of the maximum permissible load and 
speed conditions achievable in a bearing. It is 
given by the maximum value of the product of 

the local contact pressure (P) and the local, 
relative surface velocities (V). 

The PV curves for the same conditions shown 
in figures 4 and 5 are presented in figures 6 
and 7. 

The PV peak corresponding to the skidding 
conditions at low load can be seen in Figure 6. 
The curve drops off and thereafter follows a 
consistent gradient, once the applied load is 
sufficiently high. 

Figure 7 shows the avoidance of the PV peak 
associated with the skidding condition by virtue 
of the lower shaft speeds at low load. PV 
levels fall both as the contact angle is 
decreased, and as the shaft speed falls with the 
contact angle remaining constant. 

4.3 Failure 
Contact failures have been noted at the speed 
and load conditions indicated in figures 4-7. It 
was noted that failures are associated with PV 
peaks, although higher levels are possible for 
the high spin condition. Contact temperatures 
just before failure have been recorded at 
around 12OoC, which rises significantly with the 
onset of failure. 

The mechanism of failure has not been 
determined. The three factors that have been 
observed are: seizure in the biro; destruction of 
the lubricating film and damage to the ball and 
raceway contact. It appears that initial wear at 
the ball-raceway contact may eventually lead to 
debris being lodged in the biro so that the 
friction is increased at the ball-race interface, 
whilst at the same time restricting lubricant flow 
to the test ball. 

Failure cases were examined with both visual 
and scanning electron microscopy methods. 
Large areas of plastic flow were noted on the 
surface of the ball and evidence of severe 
surface and subsurface heating was also found 
around the wear scars. Two images taken with 
the scanning electron microscope are 
presented in figures 8 and 9. First the 
catastrophic wear capable of this type of 
contact is shown. Scuffing has taken place: the 
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smooth ball surface is just visible in the 
foreground with a large area of local welding 
behind it. The second image shows the surface 
away from the site of the scuffing failure. The 
surface is severely worn in the rolling direction 
and surface cracks across the direction of 
rolling can be clearly seen. 

5. DISCUSSION 

The test rig has several advantages over full 
scale bearing tests in terms of reduced power, 
space and cost requirements. In addition the 
method of determining the ball motion has 
been found to be successful, as the single, non- 
orbiting ball allows more ease of measurement 
than a rotating cage. It is, however, uncertain 
how the presence of other balls in the system 
would affect the contact conditions created in 
the rig. It is believed that a high speed rotating 
element is starved of oil by the motion of the 
preceding element, which effectively pushes 
the lubricant away from the track. This is not 
simulated in the rig, though the flow of the 
lubricant through the biro onto the test ball is 
also uncertain and unproven. 

Two types of condition appear to lead to failure. 
At low loads there is skidding which, in the rig, 
is predominantly a consequence of frictional 
drag from the biro. In a real bearing, a similar 
condition can arise from cage interaction at 
high speed and low load. In contrast, high load 
conditions can also precipitate failure; here, 
high spin velocities constitute the larger part of 
the slip. Post failure examination suggests that 
both failure mechanisms are similar, although 
the relative amount of damage increases with 
the ball speed. 

PV values increase with shaft speed; a PV 
peak is accompanied by an associated drop in 
the speed ratio, 0, indicating an increase in the 
slip levels. The PV values under which the two 
types of failure occurred are rather similar, 
suggesting that this is a useful parameter for 
gauging useful bearing performance limits. 

Figure 8 Failed ball element surface showing 
catastrophic damage area due to local welding 
(Scanning electron micrograph x350). 

Figure 9 Worn track of ball element, showing 
surface cracks normal to the rolling direction 
(Scanning electron micrograph x 750). 

6. CONCLUSIONS 

A test rig which reproduces the contact 
conditions of very high speed ball bearings has 
been developed. The rig consists of a single 
ball pressed into a gothic-arch inner raceway 
using a hydrostatic bearing. 

Failures of the ball-raceway contact can be 
provoked either by skidding (low load, high 
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speed) or by spin (high load, high speed) 
motions. The failures appear to be due to 
scuffing at a test temperature of around 12OoC. 

The failures obtained to date are at an 
approximately constant level of PV. 
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SYNOPSIS 

Lubricated soft contacts are characterised by the large magnitude of the surface deformations compared to the 
thickness of the fluid film separating them. Thus over most of the conjunction the pressures remain close to the 
dry contact values. It is only in narrow inlet and exit regions and, occasionally near other pressure singularities. 
that there is substantial divergence. The dry contact pressure distribution, therefore, largely dictates the nature 
of the lubrication process and the magnitude of the film thickness. 

This paper reviews the behaviour of soft contacts concentrating, particularly. on the relationshp between the 
lubrication behaviour and dry contact pressures. 

1. INTRODUCTION 

The lubrication of soft contacts is &stingushed 
from that of the niore fanuliar metallic. or hard. 
surfaces by two characteristics. The first is the 
relatively low contact pressures in the conjunction 
with values around I to 10 MPa being typical. Tlus 
ensures that the effects of pressure on viscosity, on 
wluch hard EHL relies, are almost entirely absent. 

The second characteristic of soft contacts is the 
very large magnitude of the surface deformation. 
Displacements of some hundreds of microns are 
common and, since film thicknesses are typically 
around 1 pni. the contact pressures and surface 
deformations are largely unaffected by the 
lubrication process. The other consequence of these 
large defornutions is that the Hertz approximation 
is generally no longer valid a id  a niore complex 
analysis of the deformation process becomes 
necessary. 

These two merences have inajor consequences 
in the lubrication process. The absence of piezo- 
viscous effects simplifies the lubrication analysis. It 
means that there can be no pressure splkes at the 
contact eMt. that the contact friction can be 
calculated without reference to complex, high 
pressure rheological characteristics and that the 
effects of surface roughness are somewhat easier to 

understand. However, t ius simpllfication is balanced 
by far more coniplex elastic behaviour and. because 
of the large deforinatioiis. it IS these that coiitrol the 
lubrication process. 

The use of modern multi-level calculatioii 
methods means that it IS now straightforward to 
calculate the film thickness in any soft contact 
under either steady or dynanlic con&tions. This 
paper will, therefore, . concentrate on the general 
characteristics of this type of problem and will. in 
particular, emplwise the relationslup between the 
solution of the dry contact pressure dstribution and 
the EHL film hckness. 

1.1 Notation 
a semi-contact width 
a 
A 
e 

ecxit exit length - &stance from h,,in to cavitation 

amplitude of residual sinusoidal roughness 
initial amplitude of sinusoidal roughness 
entrainment length - twice the distance from 
dry contact end to inaximuni pressure gradient 

2 1-v,? I-v' 
E' -=- +2 - equivalent elastic 

E' E, E, 
modulus 

g3 elasticity parameter 

= -  [ rs: for cylindrical contacts 
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h 
h' 

hill 
41, 
k 
L 
n 

P 
Pn 

R 

W 
t 
t 
U 

S.Y 

ri 
rl 
cp 
A 
'I' 

a 

0.5 

= [ yi;::] for wedge contacts 

clearance 
non-dimension clearance 
-- - whmh for cylincincal contacts 

?]UK 

Wh,, tan a for wedee contacts - - 
Y 

v a  
clearance at maximum pressure 
ininimum clearance 
inlet coefficient 
wavelength of sinusoidal roughness 
distance from end of contact measured into the 
conjunction 
pressure 
maximum pressure in Hertz line contact 

1 1 1  

K Rl 
- = - + - - equivalent radius 

load per unit length of contact 
layer thickness 
time 
= (ul + u2)/2 - entrainment velocity 
coordinates 
wedge angle 
elastic defornlation 
dynanlic viscosity 
phase of residual roughness 
= 27dL - roughness frequency 
attenuation factor 

2. LINE CONTACTS 

Any &scumon of soft contacts must start with 
an examiilatjon of the pressure distribution between 
the surfaces under frictionless, unlubricated 
conditions. Modern finite element methods provide 
easy means of calculating this distribution [1.2.3] 
although clue IS required because of the presence of 
infinite pressure gradents. Although these 
programs allow for large strains through the use of 
large strain elasticity models, strains are generally 
moderate and neo-Hookean. incompressible elastic 
models are generally sufficiently accurate. 

The very large surface duplacements mean that 
the dry contact pressure will be present, largely 
unchanged. when the surfaces are lubricated. 
Because Reynolds' equation defines the relationship 

between fluid pressure and clearance it follows that 
the dry contact pressure distribution controls the 
clearances in the contact and. hence, the lubrication 
behaviour. 

For line contacts in steady motion. this 
relationship was first explored by Blok [4] who 
developed an inverse analysis using the integrated 
form of Reynolds' equation: 

dP h-h, - = 12?]U- 
rlr h' 

Essentially, the maximum value of the pressure 
gradient determines ha: 

111 

and from thts the clearance, h. at every point in the 
conjunction may be found. Where two solutions for 
h exist, the larger value is chosen to the left of the 
point of maximum gradient (assuming entrainnient 
on the left of the contact): the lower to the right. 

2.1 Inlet control 
The simplest and most widely malysed contact. 

is that between two cyliiidrical surfaces - the Hertz 
line contact. Under dry conditions. the pressure 
distribution is given by: 

p = PH J- [31 

where PH is the maximum pressure under the 
contact and a is the semi-contact width. The critical 
feature here is that the pressure grachent becomes 
iilfnite at the ends of the contact. Thus direct 
application of Blok's inverse analysis predcts that 
the clearance will be zero. What in fact occurs as 
was demonstrated by Dowsoii and figginson [5 j  
and later, in more detail. by Herrebrugh [6] is that a 
pressure sweep forms at the inlet to the conjunction 
over-riding the initial section of the dry contact 
profile. 

Fig. 1 shows typical pressures and clearances for 
this contact for a range of values of g3, a parameter 
proposed by Johnson [7] to represent the extent of 
the elastic deformation of the contact. It may be 
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Fig. 1 Pressures and clearances in a lubricated 
Hertzian contact 

seen that. as g3 increases. the pressure becomes 
increasing close to the dry contact distribution and 
that the extent of the inlet sweep reduces. For high 
values of g3 the maximum positive pressure graQent 
occurs in the inlet and the maximum negative 
graQent in the exit. Thus it is the inlet regon that 
controls the mean clearance, h,,,, and the exit regon 
that determines the minimum clearance. 

Under these h~ghly deformed conQtions, the 
inlet and exit can be treated in isolation [8,9] and it 
may be shown that: 

khm[5]"" = 1.98 

and that h,, = 0.7Y5hm 141 

where k is determined by the dry contact pressure 
adjacent to end of the conjunction where it has the 
form: 

p = E'(/~I)'~ 

where n is the distance from the end of the contact 
measured into the conjunction. 

The effect of t h ~ s  may be seen in Fig. 2 where 
the minimum clearance is plotted against g3. The 
two chained lines represent the clearances predicted 
for a rigid contact and those obtained from the inlet 
analysis of equation 4. It can be seen that, for Hertz 
contacts. there is a smooth transition from rigid 
behaviour to inlet controlled behaviour and that use 
of the appropriate linut expression will yield a good 

.a I I 

1 s  
0.1 1 10 100 

g3 

Fig. 2 Variation of minimum film thickness with g3 
for Hertz contact 

estimate of the minimuni film thickness. It may also 
be noted that at the values of g3 typically found in 
elastomeric contacts, it is the inlet region that 
controls the contact's lubrication. 

Elasticity theory dictates [8] that the pressure 
gradient at the ends of all contacts will be infinite 
unless there is a change in slope in the undefornied 
surfaces at that point. Thus inlet controlled 
behaviour will, potentially, be found in all contacts. 
Where the dry contact pressure grachent decreases 
uniformly from inlet to exit, behaviour of the 
general type shown above will be found. A typical 
example is the behaviour of O-ring seals. discussed 
later, where the clearance is determined solely by 
the pressure coefficient, k. at the inlet. 

However, in some situations, the dry contact 
pressure Qstribution is more complex and this may 
alter the overall lubrication process. 

2.2 Maximum pressure gradient control 

The simplest modification of the inlet control is 
where the pressure gradient does not decrease 
uniformly from inlet to exit but shows a mxiinum 
part way through the contact. This situation is found 
in the lubrication of some elastomer lined surfaces. 
This contact problem has been widely examined. 
both theoretically and experimentally, [8. 10-131 
since it provides, perhaps, the most easily 
manufactured type of elastonieric conjunction. The 
dry contact pressure distribution is easily calculated. 
although the early, semi-ani~lyt~cal methods of 
Meijers [ 141 and Alblas and Kuipers [ 151 have been 
replaced by more accurate Fourier transform 
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Fig. 3 Pressure between a cylinder and an elastomer 
layer on a rigid substrate, d t  = 5 .  

procedures [16]. Fig. 3 shows the pressure and 
pressure grahenl for an elastomer layer with a 
seinicoiitact width of five times the layer hckness. 
Here, a maximum in the pressure gradient occurs 
about one quarter of the way from the inlet to the 
contact centre with a value of gradient close to 
8E'/R. It may also be noted that, at the ends of the 
contact, the pressure adopts the form given by 
equation 5 and that the pressure gradient becomes 
infinite. 

The inlet analysis described in the previous 
section can be used to determine the clearance, h,,,. 
From thxs the maximum pressure grahent in the 
inlet can be found using equation 1. For values of g3 
above 250 tlus grahent is higher than the 
maximum in the dry contact profile. However, for 
lower values. the calculated gradient in the inlet 
becomes smaller than that in the dry contact profile. 
Under these conditions the inlet sweep will over- 
ride the inlet. When h s  occurs the maximum drj 
contact pressure gradient controls the clearance and 
the inverse theory of equation (4) m a y  be used to 
determine h,,,. From this the other clearances may be 
obtained (except of course in the inlet and exit 
zones where the pressures are modified). 

The type pressures and clearances that result are 
show, for g3 = 31.6, in Fig. 4a. At higher values of 
g3 the extent of the inlet sweep is reduced and 
eventually the position of the maximum pressure 
gradient moves from the flank of the dry contact 
profile back to the inlet, as shown for g3 = 398 in 
Fig. 4b. It may be noted that, because the extent of 
the exit restriction is small, the position of the most 

d 
\ 
d :F 

0 E 
Fig. 4 Clearances in lubricated layer contact 

a) g3 = 3 1.6, b) g3 = 398 

negative pressure grahent occurs in the end section 
of the pressure curve for both values of g3. Tlius. for 
both values of g3, the ratio of h,,,, to h,,, is 
determined by the exit zone and not by the dry 
contact pressure gradient. 

The overall behaviour of t h s  conjunction is 
summarised in Fig. 5 where the minimum clearance 
is plotted against g3. The three chained lines 
correspond to the clearances calculated assunung a) 
a rigid contact, b) the clearance to be determined by 
the maximum pressure gradient and c) the clearance 
to be determined by the inlet. The crosses represent 
10OOk - - Inlet - - 

/ 
L I 

1 L  
1 10 100 1000 

gs 

Fig. 5 Variation of minimum clearance with g3 for 
layered contact 
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Fig. 6 Pressure between a rigid flat surface and an 
elastomer wedge 

the results of indvidual multi-level solutions of the 
problem such as those shown in Fig. 4. It may be 
seen that the actual behaviour blends these limit 
curves and that good esumates of clearance can be 
obtained simply by taluiig the three limit lines and 
using these to construct a piecewise relationship 
between clearance and operating conhtions. 

2.3 Pressure singularities 
As well as an infinite pressure gradient 

occurring at the inlet and exit, singularities can 
exist inside the contact. Where the elastomer 
surface has a sharp change in slope, as in the wedge 
shaped contact shown in Fig. 6, the pressure 
becomes infinite [ 171 at the centre of the wedge: 

cosh-' (a I x) 
E'tana p = -  
2K 

If the pressure gradent is exanuned it may be seen 
that near the centre of the contact the gradent 
varies as x-' while adjacent to the ends of the 
contact it varies as n-" '. As a result, as the elasticity 
parameter increases and the extent of any pressure 
sweep decreases, the pressure gradent at the centre 
becomes dominant and controls the clearances. 
Inverse theory then dctates the remaining 
clearances. High film thcknesses will form in front 
of the point of maximum pressure gradient and 
clearances close to hI,, will form befund it. 

Fig. 7 shows a typical clearance profile for g3 = 
31.6. The elasticity parameter, g3, is similar to that 
used in Hertz contacts and is defined by: 

'F 
\ "i A 

0 

Fig. 7 Pressures and clearance under a lubricated 
wedge 

11 2 w 2  tana 
maE' 1 (7) 

In calculating the results the start of film formation 
has been taken a distance 2a in front of the contact 
centre. 

The minimum clearance occurs just after the 
centre of the contact at the point of ni;uriniuni 
negative pressure gradent and there is another, 
smaller, restriction at the exit. At h s  value of g3 
the inlet region has been completely sinoothed with 
the pressure gradient increasing wliforn~Iy from the 
inlet to contact centre. 

Fig. 8, curve a, summdll 'ses the relationship 
between minimum film thickness, h', and g3 for this 
problem and it inay be noted that, at high values of 
g3, the clearance tends to a value close to 8.0. 
Noting that h' is given by: 

and that the load per unit length on the contact is: 

suggests that where there is a change in gradient of 
2u in the slope of the contact, the discontinuity will 
generate a minimum clearance of: 
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Fig. 8 Variation of clearance with g3 for wedge 
a) sharp wedge 
b) 0.05a tip ra&us 
c) 0. la up radius 
d) 0.25a tip radius 
e) 0.25 tip radus smoothly blended to wedge 

2.4 Pressure gradient singularities 
The second location where a singularity in 

pressure gradient may occur is at a change in 
cmature of the conjunction. Ths is illustrated by 
curve a in Fig. 9 where the apex of the wedge has 
been replaced by an arc of a circle. (The pressure 
dutributions are readily calculated using the 
analysis of Muskhelishvili [ 181 - or from equation 
2.41 of ref. 17). The junction between the wedge 
and circle has been taken at x=0.25a. It may be seen 
that the pressure profile is rounded but that the 
gradlent becomes infinite at the point where the 
curvature changes. In this case the gradient varies 
as ln(x) from the dscontinuity. 

Fig. Y Pressure distribution under a wedge with 
0.25a tip ra&us 
a) unsmoothed junction 
b) smoothed junction 

Fig. 10 Pressure and clearance distribution under a 
wedge with 0.25a tip radius 

Fig. 10 shows the clearance distribution for the 
same operating conbtions as the sharp wedge. The 
value of h,,, is now deternuned by the curvature 
dscontinuity with relatively large clearances in 
front of it and low clearances after. The minimum 
clearance occurs at the downstream change in 
curvature but a second minimum can be seen at the 
contact exit. 

The effect of ra&using tlie wedge on the 
nunimum film Uuckness can be seen in Fig. K 
where h' is plotted against g3 for three tip radii. The 
clearances follow the wedge results until the 
pressure sweep at the centre becomes smaller than 
the length of the tip and then &verge to curves b. c 
and d. 

For comparison, in curve b in Fig. 9. the 
discontinuity in curvature has been removed by 
inserting a linear change in radius over a short 
length of the contact. Thls has little effect on the dry 
contact pressure distribution but has the effect of 
removing the gradient singularity and replacing it 
with a simple inaximuni in the pressure gradient 
curve. The value of the maximum is only weakly 
dependent on the length used for blendmg and gives 
rise to very sinular clearances to those of the sharp 
change. Curve e in Fig. X shows nunimum 
clearance for the blended profile. curve d for the 
unblended. It can be seen that the minimum 
clearance has changed by less tlian 10%. 

In estimating the effect of curvature changes. 
therefore, it would seen1 sensible to replace tlie 
singularity by an averaged pressure gradient and to 
treat it as a point of nl;lximum pressure grzidient. 
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Finally. it may be noted that, at very hgh  values 
of g3, clearance control switches back to the inlet 
with the minimum film tluckness given by: 

The transition occurs above the hghest values of g, 
plotted in Fig. 8 and, in order to avoid confusion, 
the limit curve for the inlet has been ommitted. 

2.5 Clearance calculation 
In highly deformed. soft line contacts the 

clearance can be controlled by any one of the four 
types of point in the dry contact pressure gradient: 
the inlet to the conjunction, any step change in 
surface slope. any step change in surface curvature 
and any maximum in the pressure gradient. The 
latter is likely to occur where the surface curvature 
changes rapidly. The minimum film thickness may 
be calculated for each of tliese and where more than 
one exists the lowest calculated clearance will be the 
one that controls the conjunction. 

3. DYNAMIC BEHAVIOUR 

Although the above discussion has considered a 
wide range of Merent types of dry contact pressure 
dstribution. in the great majority of contacts the 
clearance will be controlled by the inlet region. 

If the Hertzian contact of Fig. 1 is considered. 
for a value of g3 of 100 - a value typical of many 
soft contacts. it may be seen that the pressure 
deviates from the dry contact distribution only in 
the very narrow inlet and exit zones. Under steady 
condtions the clearances are generated in the inlet 
zone. pass through the contact, being slightly 
reduced in transit. and emerge through the exit zone 
where a very localised restriction forms. 

Although analysis of this type of contact is now 
most easily carried out using multi-level techniques, 
it is, perhaps. worth examining the earlier approach 
developed initially by I-hrano [ 19,201. 

3.1Inverue analysis 

closely defined and Reynolds' equation 
Under the centre of the contact the pressures are 

can be regarded as an equation with the clearance h 
as the unknown rather than its more conventional 
interpretation as an equation in p. 
With this interpretation. equation 12 can be 
replaced by three ordinary Merential equations 

The first two equations define paths through the 
conjunction. the tlurd defines the variation of 
clearance along those paths. These equations nlay 
be read17 integrated to obtain the clearance 
dmibution. It is. of course. necessary to know the 
clearance where any path enters the conjunction. 

~ 

-0.0 0 
J a  

0.0 

Fig. 11 Paths from inverse analysis for layer contact 
with b/t = 5 .  Large initial clearance. 
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In one dmensional contacts, for cases where the 
clearance is controlled by a maximum pressure 
gradent under the conjuncuon. solution is fairly 
straightforward. Figure 11 shows the paths, as a 
function of position and time in the lubrication of 
the layered contact shown in Fig. 3. The analysis 
starts with a high, d o r m  clearance in the contact 
and follows the formation of the steady state 
solution. Initially, the paths diverge from near the 
centre of the contact as fluid is squeezed out. Then, 
as steady state conditions are approached, the paths 
fan out from the position of maximum pressure 
gradent. 

3.2 Inlet control 
For inlet controlled contacts the behaviour is 

slightly more complex. Here, paths will generally 
originate in the inlet to the conjunction where the 
pressures deviate from the dry contact values. 
Similarly, the lowest clearances are likely to occur 
in the exit region. If Hmno's approach is to be 
followed it is necessary to separate tlie end regions 
from the bulk of the contact and to cany out full. 
dynamic EHL calculations there [2 1,221. Clearances 
generated in the inlet region form the starting 
clearance for paths entering the centre of the 
conjunction. Similarly, the clearance of paths 
leaving the centre form the inner clearance of the 
exit region. 

Because the EHL calculations are restricted to 
the very limited end regions, analysis tends to be 
rapid compared with multi-level solutions (factors 
of 1 : 100 are typical). However, the major reason for 
considering ths approach is that it siniplrfies any 
interpretation of the results. 

Figures 12 shows two examples of the patlis 
calculated using t fus method. whle Fig. 13 shows 
the variations of clearance. The first example is for 
an elastomer layer with a senu-contact width twice 
the layer depth. The contact is reciprocating 
sinusoidally with a maximum velocity ~ 0 .  The 
second is for an O-ring seal with 10% nip and a 
sealed pressure of 0.1E' reciprocating with a 
constant entranment velocity in each direction. In 
the first case the entrainment length swept during 
the oscillation ( hdt  ) is twice the full contact width. 
in the second case 0.85 of the full contact width. To 
aid interpretation the paths in Fig. 12 have been 
extended from the central region into the inlet and 

Fig. 12 Paths from inverse analysis 
a) layer contact, alt = 2. u = ~0 sin(uot I 4a) 
b) O-ring, P,,, = 0.  IE', entrainment 
distance = 1.7a 

exit zones. The vertical lines in the figure represent 
the boundaries of the dry contact. The end zones. 
whch vary in size through the calculation, occupy 
an equal length each side of these lines. 

It may be seen that tlie paths originate close to 
the end of the conjunction and once inside tlie 
contact move at a speed close to the entraining 
velocity. What deviations there are are linuted to 
the end zones. 

The clearances in Fig. 13 are in the form of 
isometric plots luid show the clearance dmibution 
at a number of equi-spaced intervals throughout a 
cycle. 

Figure 13a shows tlie sinusoidd oscillation. At 
the start entrainment is changing from the riglit of 
tlie contact to the left. Under the majority of the 
contact clearances are hgh. having been generated 
at a point in the cycle where the eiitrainnieiit 
velocity was large. On the right. lower clearances 
occur due to the fall in entrainnient velocity towards 
the end of the cycle whle on the lefi a deep exit 
restriction is visible. 

As entrainnient occurs on the left. low 
clearances are initially generated because of the low 
velocity. However, the clearances inside the 
conjunction are large and are squeezed out by the 
adverse pressure grachent. The results is a very 
sharp step in film thuhess as the two meet. This 
step is convected through the conjunction at close to 
the entraining velocity and is followed by higher 
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A ' '0 
Fig. 13a Clearances from inverse analysis, 

-0 

Fig. 13b Clearances from inverse analysis 

clearances. Then, at the end of the half cycle an 
inlet restriction begins to form because of the falling 
entrainment velocity and eventually the process 
repeats. 

Figure 13b shows the clearances under the 0- 
ring. On the left of the conjunction clearances are 
generated at constant entrainment velocity and tend 
to vary little with time. These penetrate most of the 
way through the conjunction before the velocity 
reverses and they then return to the left of the 
conjunction forming a nearly uniforni exit 
restriction. Similar behaviour occurs on the right of 
the contact. It may be noted that, with the sealed 
pressure on the left. larger clearances are generated 
there than on the right because of the lower value of 
the inlet coefficient, k. 

However. a small section of the paths never 
leave the conjunction. sweeping back and forth 
inside it. Path a in Fig 12 is typical. Here, the 
clearances fall wuformly with time and the values 
shown are the result of 20 oscillations after steady 
state entrainment from the right. The resulting band 
of low clearance is clearly visible in the figure and. 
if the oscillation pattern persists, will result in the 
collapse of the fluid film - behaviour demonstrated 
experinlentally by firano [23]. 

4. ROUGHNESS EFFECTS 

The effect of surface roughness in soft contacts 
is somewhat more straightforward than in hard 
conjunctions where the effect of piezo-viscosity 
complicates the behaviour. 

It is not possible to include a full discussion here 
but it is, perhaps, worth mentioning the most 
straightforward situation. A large number of soft 
contacts consist of a relatively sniooth. hard surface 
sliding over a rough elastomer surface. Typical. 
here, are shaft seals. 

4.1 Small amplitude roughness 
Consider an elastomer surface with a sinusoidal 

surface roughness of low amplitude as shown in 
Fig. 14. It is assumed that the wavelength is snlall 
compared with the contact width and that. over the 
region being considered. the man clearance is 
d o r m  and equal to hm. Tlus roughness will 
generate a nearly sinusoidal pressure ripple that 
will, in turn. distort the surfaces and change the 
phase and amplitude of the surface profile. 
Following Greenwood and Johnsons' analysis [24J. 
it will be assumed that an initial surface roughness. 
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Acos(hx) is changed to acos(hx-cp) under the centre 
of the conjunction. Then. since the mean clearance 
at thls point in the contact is assumed to be close to 
h,,,, equation 1 can be integrated to obtain the 
pressure ripple: 

12?p 
h i A  

Ap=- a sin( k - Q )  

Thls pressure ripple will &stort the surface by 
an amount, 6. where 6 is given [ 171 by: 

Then. since the final surface roughness must be the 
sum of the initial roughness and the distortion: 

Acos(k)+- a s in (k  - Q )  = a cos(k  - Q )  h'ElAE" 
m 

or a = A cos \ I J  

(16) 

Thus. for long wavelength roughnesses where h 
is small and the angle \I/ is close to n/2, the 
roughness will be almost completely smoothed. For 
short wavelengths where h is large the roughness 
will remain unchanged. 

Where the clearance under the contact is 
controlled by the inlet. equation I6 can be 
simplified. Noting [U] that: 

0.6 

hm = 1.982[$] k-0.4 

and that the entrainment length, e, defined here as 
twice the &stance from the end of the dry contact to 
the point of inflection in the EHL pressure 
distributioti. is given by [Y]: 

0 4  

e = l.UX[$] 

-u 
n 

Fig. 14 Attenuation of sinusoidal surface roughness 
under the centre of the conjunction in a 
sliding contact. 

gives tanly = 0.612[+]2 

where L is the wavelength of the surface roughness. 
The rabo of the length of the inlet to the 

roughness wavelength. therefore. appears to control 
the extent to which the roughness is attenuated. 
Roughnesses of longer wavelength will be smoothed 
while rougl~iesses of shorter wavelength will be 
virtually unchanged in height. 

4.2 Large amplitude behaviour 
While the above analysis gwes some information 

about the behaviour of rough contacts it is limited 
to very low amplitudes of residual roughness. 
Actual behaviour is more complex. Figure 15 shows 
the vanation of the clearance at the centre of the 
conjunction, B. and in the exit. h,,,,, with roughness 
wavelength. A Hertzian contact has been chosen 
with a value of g3 of 31.6. The initial amplitude of 
the roughness is equal to OSh,,,. 

The left hand vertical dashed line shows the 
position where tan \I/ is equal to 1. The right hand 
dashed line shows the equivalent location for the 
exit. This has been calculated using an exit length 
equal to the &stance from the minimum clearance 
to the point of cavitation. The horizontal chained 
lines show m,,, and h,,Jh,,, for smooth contacts (1  
and 0.795 respectively) while the curved dotted line 
presents the estimate of h, obtained using the small 
amplitude analysis. Finally, the horizontal dashed 
lines represent the results of an EHL analysis with 
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averaged flow parameters obtained from a stochastic 
analysis [25-271. 

Eight phases of the initial surface roughness 
relative to the dry contact were investigated for each 
wavelength and the symbols represent the hghest 
and lowest values found. Again. these detailed 
resultss were obtained from a muti-level solution. 

Considering, first. the central clearance (i.e. the 
lowest clearance near the centre of the conjunction): 
for wavelengths longer than the contact width the 
clearance may be either increased or reduced 
depending on the phase of the roughness. This 
appears to be simply a result of the curvature 
change of the conjunction and the consequent 
alteration in the dry contact profile. Then. as the 
wavelength beconies shorter than the contact, the 
mininium clearance reduces. The phase of the 
roughness still has a large effect. Finally, as the 
wavelength becomes shorter than the iillet length 
the central clearance converges rapidly on the 
averaged flow solution and phase becomes 
unimportant. 

The mimnium clearance follows a roughly 
sinular pattern. with slightly more variation in the 
clearances since the phasing of the roughness at 
both inlet and exit are significant. Final 

convergence on the averaged flow solution is also 
delayed until the wavelength is short compared with 
the exit length. 

Although the behaviour of the actual contact is 
more complex than that prdcted by the mall  
amplitude analysis it is clear that the general 
predictions are valid. Rougluiesses with wave- 
lengths longer than the inlet are snioothed (but may 
still affect the clearance by altering the dry contact 
pressure bstnbution). Roughiesses with shorter 
wavelengths enter the contact unsmoothed. Their 
effect on the contact nlay then be reably calculated 
using the average flow coefficient model. 

Broadly similar behaviour is found for 
longitudinal and two bniensioilal roughness 
dlstributions aid it would appear possible to use the 
inlet length as a measure of the attenuation. 
incorporating longer wavelength rougluesses into 
the dry contact analysis and treating shorter 
wavelengths by an averaged flow niodel. 

6. CONCLUSIONS 
Soft contacts are typically characterised by the 

large magnitude of the elastic deforniation relative 
to any film thickness. Thls means that. over niuch 
of the contact, the pressures will remain close to 
those obtaining under dry. frictionless conditions. 

The large magnitude of the deformation means 
that most conjunctions are non-Hertzian. 
Clearances are. however. controlled by the dry 
contact pressure distribution and this makes it 
possible to estimate the likely behaviour of any 
contact from an elasticity analysis. For line contacts. 
the clearance may be controlled by the inlet to the 
conjunction, my maximum in the dry contact 
pressure gradient or by singularities in the pressure 
or pressure gradient dmibution. 

However. in most contacts the clearance will be 
determined by the iillet to (and exit from) the 
conjunction. Thus it is the narrow region at the ends 
of line contacts (and around the boundanes of two 
dimensional contacts) that determine the contacts' 
behaviour. The remainder of the conjunction simply 
transports the clearances generated at the inlet. The 
transport velocity is close to that of entrainment and 
there are only slight changes in clearance during the 
passage. 

Additionally, the narrow inlet region appears to 
act as a filter smoothing out roughnesses with 
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and that the eiitraiiuiient length. e. defined here as 
twice the &stance from the end of the dry contact to 
tlie point of inflection in the EHL pressure 
hstribution, is given by [U]: 

gives 

where L is the wavelength of the surface roughness. 
The ratio of the length of the inlet to the 

roughness wavelength. therefore. appears to control 
the extent to ~vliicli the roughness is attenuated. 
Roughnesses of longer wavelength will be smoothed 
wliile rougluiesses of shorter wavelength will be 
virtually unchanged in height. 

4.2 Large amplitude behaviour 
While the above analysis gives some information 

about the behaviour of rough contacts it is limited 
to very low aiiiplitudes of residual roughness. 
Actual behaviour is more complex. Figure 15 shows 
the variation of tlie clearance at the centre of the 
conjunction, h. and in the exit. hnh, with roughness 
wavelength. A Hertzian contact has been chosen 
with a value of g3 of 3 1.6. The initial amplitude of 
the roughness is equal to O.Sli,ll. 

The left hand vertical dashed line shows the 
position where tan 11’ is equal to 1. The right hand 
dashed line shows the equivalent location for the 
exit. Tlus has been calculated using an exit length 
equal to the &stance from the minimum clearance 
to the point of cavitation. The horizontal chained 
lines show hJli,,, and hl,,dhl,, for smooth contacts ( I  
and 0.795 respectively) while the curved dotted line 
presents the estinute of h, obtained using the snlall 
amplitude analysis. Finally. the horizontal dashed 
lines represent the results of an EHL analysis with 
averaged flow parameters obtained from a stochastic 
analvsis 125-271. 

Eight phases of the initial surface roughness 
relative to tlic dry contact were investigated for each 
waveleiiyh and the syiibols represent tlie ligliest 
and lowest values found. Again. these detailed 
resultss were obtained from a niuti-level solution. 

Considering, first. tlie central clearaim (i.e. the 
lowest clearance near tlie centre of tlie conjunction): 

for wavelengths longer than tlie contact width tlie 
clearance may be either increased or reduced 
depeiidng on tlie plme of tlie rougluiess. Tlus 
appears to be simply a result of tlie curvature 
change of tlie conjunction and tlie consequent 
alteration in the dry contact profile. Then. a s  tlie 
wavelength becomes shorter than the contact. the 
nuniniuni clearance reduces. The pliase of tlie 
roughness stdl has a large effect. Finiilly. ;is tlie 
wavelength becomes shorter than the inlet lengtli 
tlie central clearance converges rapidly on tlie 
averaged flow solution and pliase beconies 
uniniportant . 

The iniiuniuii clearance follows ii roughly 
sinular patteni. with slightly inore variation in the 
clearances since the phasing of tlic rougliness iit 
both inlet slid exit are significant. Finiil 
convergence on the averaged flow solution is also 
delayed until the wavelength is short conipared with 
tlie exit leiigtli. 

Although the behaviour of the actual contact IS 
more complex than that pre&cted by tlie small 
amplitude analysis it is clear that tlie general 
predctions are valid. Rouglinesses with wave- 
lengths longer than the inlet are smoothed (but may 
still affect the clearance by altering the dry contact 
pressure &stribution). Roughnesses with shorter 
wavelengths enter tlie contact unsiiiootlied. Their 
effect on the contact iiuy then be readily calculated 
using the average flow coefficient model. 

Broadlj similar behaviour is found for 
longitudinal illid two diniensional roughness 
&mibutions and it would appear possible to use tlie 
inlet length as a nieasure of tlie attenuation. 
incorporating longer wavelength rouglinesses into 
the dq contact analysis and treating shorter 
wavelengths by an averaged flow model. 

6. CONCLUSIONS 
Soft contacts are typically clmracterised by tlie 

large magnitude of the elastic deformtion relative 
to any film tluckness. Tlus means that. over much 
of tlie contact. tlie pressures will reniaiii close to 
those obtainiiig under dry. frictionless conditions. 

The large 1iiiigIUtude of tlic deforiiiatioii nie;uis 
that tilost coiyunctions iire non-Hemian. 
Clearances are. however. controlled by the d n  
contact pressure dlstributioir and this iiiakes it 
possible to estiniate the likely beliaviour of any 
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longer u.ilveleligths and leaving rougliiiesses with 
shorter wavelengths unchanged. 
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Film thickness measurements in elastohydrodynamically-lubricated elastomeric contacts 
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This paper reports measurements of the thick (1 - 100 pm) fluid films generated by isoviscous elasto- 
hydrodynamic lubrication (IEHL) in elastomer/glass contacts operating at relatively high sliding velocities and with 
relatively high viscosity fluids. These measurements were made using an optical displacement transducer focused 
through the glass onto the centre of the elastomer/glass contact. Close agreement is demonstrated between the 
experimental results and predictions generated from established IEHL theories, which have been verified previously 
only for data from experiments where the film thicknesses were much thinner. 

1. INTRODUCTION 

Camera-based white-light interferometry has 
become a popular method for measuring the thickness 
of EH films in the regime 0.2 - 1.5 pm when at least 
one of the contacting bodies is flat and transparent [ 11. 
The most important reason for this is that the central 
film thicknesses generated in non-conformal contacts 
are often within this range. As a consequence, white 
light produces vividly-coloured Newton’s rings that 
can be readily interpreted as film thickness contours. 
A second reason for the popularity of the technique is 
that it is inherently insensitive to any movement of the 
whole contact pair normal to the contact plane 
(resulting from mechanical and thermal disturbances). 

Monochromatic light from a filtered mercury or 
tungsten discharge lamp also produces Newton’s 
rings, and has advantages for profiling EH films 
greater than about 1 pm thick. This is because the 
fringes have greater contrast than those produced with 
white light [2,3]. Laser interferometry can also be 
used to quantify the thickness of fluid films but, as 
with using filtered light from discharge lamps, 
absolute thickness measurements by fringe counting 
can be difficult if a suitable datum (most commonly 
the first fringe) is not conveniently available [4]. 

Using laser interferometry, Schlesinger et al. [ 5 ]  have 
demonstrated that measuring the thinning of draining 
films that are initially greater than 500 pm thick is 
possible. Besides the problems with establishing the 
zero-thickness datum when using monochromatic light 
interferometry, the film thickness information in the 
0.2 - 1.5 pm region is less detailed than that 
obtainable with white light [6,7]. 

For films much thinner than about 0.2 pm, 
conventional white light interferometry becomes 
inappropriate. Spikes and his co-workers [8] have 
developed a modified technique to overcome this 
limitation. In this technique, a spacer layer is 
deposited on the surface of the flat transparent body. 
This produces a composite structure that does give 
coloured interference patterns for fluid films 
substantially less thick than visible optical 
wavelengths. In fact, it has been demonstrated that the 
method can be used to measure films as thin as 
1 nm [9]. It is also possible to determine central film 
thicknesses down to about 10 nm using 
monochromatic laser light. This is done by measuring 
the light intensity relative to the first dark and light 
fringe [lo]. However, this method is not as precise or 
convenient as that developed by Spikes and his 
colleagues. 

’ Current address is P.D. Papoutsanis S.A.I.C, Athens, Greece. 
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Once the central film thicknesses become greater 
than about 1.5 pm, interferometry is a less convenient 
technique because of the zero datum problem and the 
complexities of fringe counting. However, 
displacement measurements relative to a remote fixed 
point become more practical. In this paper, the 
development of such a method is described that 
enables the quantification of central film thicknesses 
in the range I - 100 pm. This uses a commercial 
optical displacement transducer and the method 
developed has been applied to an investigation of the 
films generated in sliding glass/elastomer contacts at 
relatively high sliding velocities in the presence of 
relatively high viscosity fluids. 

The displacement transducer is of a type 
commonly employed for non-contact surface 
topography measurements. A similar device and 
technique has previously been used to measure the 
real area of contact between a rough elastomer and a 
smooth glass plate under both dry [ 1 11 and squeeze 
film conditions [ 121. The present study has extended 
the use of the method to the measurement of the fluid 
film thickness generated in sliding contacts. 

The experimental data are compared with those 
calculated using established LEHL solutions [ 10,131, 
and implications for the tractions in such contacts are 
discussed. 

2. EXPERIMENTAL 

2.1. Apparatus 
Figure 1 shows a schematic diagram of the 

experimental apparatus. A twin-lapped low thermal 
expansion borosilicate glass disc (100 mm diameter 
and 6 mm thick) was drilled centrally and mounted 
vertically on a commercial air-bearing spindle (M107- 
42, Westwind Air Bearings, Poole, U.K.) .  This was 
rotated by an induction motor powered through an 
inverter drive (CDS 150, Imo Precision Controls, 
London, U.K.) which enabled effective rotational 
speed control in the range 1 - 50 Hz. 

The laser displacement transducer (Laser Stylus 
RM 600 LS 10, Rodenstock, Munich, Germany) was 
mounted so as to focus through the glass disc and onto 
the elastomeric specimen. This device operates in the 
near-infrared at 780 nm, gives a spot size of about 
1.5 pm in diameter on the measured surface, has a 
distance resolution of 1 nm and an operational range 
of + 400 pm. The ‘stand-off ’ distance between the 

end of the transducer and the measured surface is 
about 10 nun, in air, and the full included cone angle 
of the focused beam is approximately 47“. This 
transducer is an example of an ‘optical follower’ that 
utilises auto-focusing optics, derived from compact 
disc technology, to ‘lock-onto’ an interface and to 
measure its displacement relative to an internal 
reference position; such devices are described in some 
detail by Whitehouse [14] and Visscher [15].  In 
addition to the measurement of film thickness, this 
device was used to evaluate the ‘runout’ of the 
rotating disc (+ 2 pm), the inherent stability of the 
optical path (0.5 pm over several minutes), and the 
disc rotational speed (from the frequency of runout- 
induced displacement oscillations). 

r--- 

I I 

Clamps < 
\ 

’\ 

Laser 
displacement \ 

Air bearings 

,, Rotating spindle 

Force transducer 

XYZ positioner 

Figure 1. A plan view of the spinning disc apparatus. 
The air bearing spindle, the displacement 
transducer and the XYZ positioner were 
all firmly clamped to an optical table. 
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2.2. Materials 
The elastomeric specimens were prepared using a 

two part, fast-setting silicone liquid (Silflo, J&S 
Davis, Potters Bar, U.K.) used at a mixing ratio of 
150. This material is commercially used as a dental 
impression material. Specimens were usually cast 
between a concave glass lens (with a radius of 
curvature, R , of 9.4 mm) and a small glass window in 
order to produce optically-smooth plano-convex 
elastomeric specimens. Some of the silicone was cast 
similarly into a concave cylindrical glass lens to 
produce hemicylindrical elastomeric specimens. After 
the elastomer had cured, the window on which the 
specimen was attached was glued to a bolt to act as a 
stub. This was then used to mount the elastomer in 
close proximity to the glass disc, and within the 
optical capture distance of the laser probe. The elastic 
modulus of the elastomer was measured to be 
1.5 MPa, which represents an average value obtained 
from a simple Hertzian analysis of a wide range of 
low strain-rate, sphere against flat, force/displacement 
curves. 

Silicone oils (Dow Coming 200 fluids, Hopkin & 
Williams, Chadwell Heath, U.K., and Fluka 
Chemicals, Gillingham, U.K.) of viscosities between 
12 and 12200 mPas were used as lubricants. 

2.3. Measurement procedures 
The elastomeric specimens were positioned using 

manual micrometer-dnven translation stages. The 
most important of these moved the elastomer 
perpendicular to the plane of the disc. Once in contact, 
further motion of this stage caused deformation of the 
specimen and a finite normal load at the contact. This 
load was monitored by a piezoelectric force transducer 
(931 IA, Kistler Instruments Ltd., Hartley Wintney, 
U.K.). The radial distance, r, between the centre of the 
elastomer/glass contact and the centre of the disc was 
between 29 - 40 mm, a range governed by both the 
size of the disc and the diameter of the displacement 
transducer. This, in combination with the spindle 
rotational velocity range, allowed the imposition of 
linear sliding velocities at the contact of between 
about 0.02 and 12 m / s .  

Lubricants were continually ‘drip-fed’ to the 
contact using either a peristaltic pump or by gravity 
from a reservoir. Lubricant was directed to the front of 
the contact region by using the outside of a 
hypodermic needle angled at about 45” to the 
horizontal. A cylindrical splash guard was placed 

around the disc to both collect excess lubricant and to 
prevent fluid from contaminating the unlubricated side 
of the disc. 

Initially, the elastomeric specimen was aligned 
such that the displacement transducer was focused 
onto the centre of the contact region. This was most 
easily accomplished for the glasdelastomer contact in 
air, where there was a large reduction in the light 
intensity reflected from within the contact circle. 
Typically, 12, 5,  5 and 4 % of the incident intensity 
was reflected back through the transducer’s optics 
from the air/elastomer, glass/elastomer, silicone 
oil/elastomer and aidglass interfaces respectively. 
Reflection from the glass/oil or glasdwater interfaces 
was too low for the transducer to lock-onto, and, 
indeed, the current method relies on the effectiveness 
of this refractive index matching in order for fluid film 
thickness measurements to be made. 

A calibration curve between the measured 
‘optical’, h, , and actual lubricant film thicknesses, h,  
was obtained using one of the translation stages to 
vary the gap between the elastomer and the stationary 
glass disc over a range of 0 - 100 pm in a controlled 
manner (* 1 pm). For silicone fluids, the calibration 
was found to be linear and such that h = 1.66h0. 

3. IEHL FILM THICKNESS SOLUTIONS 

Hamrock and Dowson [13,16] were the first 
workers to generate numerical solutions for the IEH 
film thickness profiles generated in smooth point 
contacts and Newtonian fluids. Expressions for both 
the central and minimum film thicknesses, h, and h,, 
respectively, were derived for the case of elliptical 
contact geometries where the direction of motion 
coincided with the minor axis of the ellipse. The 
expression these workers give for the minimum film 
thickness, which is located either on the centre-line or 
in the side lobes of the contact [ 13,171, is 

where H, , M and N are dimensionless groups and k 
is the contact ellipticity. H, is the dimensionless 
minimum contact film thickness given by 
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where h,,,,,, is the actual minimum film thickness 
towards the rear of the contact, and R, is the effective 
radius of curvature in the direction of motion, x ,  
which is given by 

1 - 1  1 _ _  -+- 
Rx ‘a ‘b.1 

(3) 

where ra and rbx are the radii of curvature of the two 
contacting bodies, a and b, in the direction of motion. 
M is a dimensionless velocity parameter given by 

(4) 

where q is the shear viscosity of the lubricant in the 
inlet zone of the contact (as distinct to that within the 
contact which may be different due to non-Newtonian 
behaviour at the higher shear rates), U is the mean 
surface velocity (i.e. the entrainment velocity) in the 
direction of motion and is given by 

where u, and ub are the absolute surface velocities of 
the two contacting bodies in the direction of motion, 
and E ’ is the effective elastic modulus given by 

2 2 1-v,  I - V b  - - - + -  1 -  
E l  2Ea 2Eb 

where E,, and Eb are the elastic moduli, and v, and v, 
are the Poisson’s ratios of the two contacting bodies. 
N is a dimensionless load parameter given by 

N = -  W 

E 1 ~ x 2  
(7) 

where W is the applied load. k represents the ratio 
between the semi-major and semi-minor axes of the 
contact ellipse. The following expression is valid for 
0 < k c 20: 

where R, is the effective radius of curvature in a 
direction, y, transverse to the direction of motion and 
is given by 

1 -  1 1  - - -+- 
Ry ‘ay ‘by 

(9) 

Hamrock and Dowson [13,16] also give the 
following expression for the dimensionless and actual 
central film thicknesses, H, and h ,  respectively: 

These equations enable film thickness calculations 
to be made for any rolling or sliding non-conformal 
circular or elliptical contact (where the direction of 
motion coincides with the minor axis of the ellipse) 
involving smooth polymers or elastomers in the 
presence of excess Newtonian lubricants. 

In previously reported studies [18,19] we used an 
earlier equation for the minimum film thickness given 
by Roberts and Tabor [lo], which has the following 
form: 

hm, = 0.79 (qV)o.6 R o.6 E -0.4 (11) 

where 2a is the contact diameter. This equation, 
although derived from a numerical solution for the 
line-contact problem by Herrebrugh (201, was found 
to give predictions in close agreement with 
experimental measurements of the IEH films 
generated in sliding elastomeric sphere/glass flat 
contacts. These films were in the thickness range 50 - 
200 nm. 

4. RESULTS 

In the current study, the contact configuration 
involved a stationary elastomeric ‘lens’ of, unloaded, 
radius of curvature R ,  elastic modulus E,  and 
Poisson’s ratio v ,  sliding against a flat glass disc 
rotating at a frequency 0. In this case, rar= ray= R, 
rbz= rby= w , andeqns. 3 and 9 give R I = R ,  = R .  
Eqn. 8 then gives k = 1 which is the value for a 
circular contact. In addition, because the elastic 
modulus of glass is much greater than that of rubber, 
eqn. 6 reduces to 
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3 0 -  
E 

3 20- 

Q 

a 
2 10: 

5 -  

contact radius is [21] 

3 -  
2 .  

The linear sliding velocity at the contact, V , is given 
by V = 2nm. Now u, = 0 and u,, = V and therefore 
U = V12 (eqn. 5) .  

If the elastomer is assumed to have a Poisson's 
ratio equal to 0.49, substitution and rearrangement of 
eqns. 1-9 and 12 gives the following expression for 
the minimum film thickness: 

., . 
I ' I ' " ' I  I ' / . ' "  

Eqn. 10 can be developed in the same way to give 

C (14) 
h = 1.43(r l~)0 .64~0.80E-0 .42W-0.22  

This expression, developed here from the numerical 
solutions of Hamrock and Dowson [13,16], can be 
used to generate predictions for comparison with data 
from the current experiments. Figure 2 shows the 
measured central film thickness, h,  (expt.), as a 
function of the sliding velocity and load for four 
silicone fluids of viscosity 12, 110, 970 and 
12200 mPas. This is plotted as a function of the values 
predicted by eqn. 14; agreement is seen to be close. 
The broken straight line in Fig. 2 represents the 
bisector of the rectangle, and, because of the chosen 
scales, indicates the line of perfect agreement. 

.. 
' .'. ' .  

, ' 0 .  . -  

2 1. ' ' I " " I  1 " " 1  

2 5 10 20 50 100 200 
h, (Hamrock and Dowson)lpm 

Figure 2. A comparison between the measured central 
film thicknesses and predictions generated 
from eqn. 14. 

For the case of a compliant sphere of radius R, 
elastic modulus E, and Poisson's ratio v, in contact 
with a rigid flat, the appropriate Hertz equation for the 

3 -  3WR(1-v2) a -  
4E 

Substitution of this expression for the contact radius 
into eqn. 11, collecting up terms, and assuming 
v = 0.49, enables the Roberts and Tabor [ 101 equation 
to be couched in a form more readily comparable with 
eqn. 13: 

(16) 
h , = 0.87(tlV)0.6R2/3E-7/15W-2/15 

mm 

For the predictions of experimental film thickness data 
shown in Fig. 2, eqns. 13 and 14 on average give 
h, = 1.47 hM . Using the value of the proportionality 
constant in this expression to scale eqn. 16, Fig. 3 
shows how well this equation predicts the 
experimental data. Again, the broken straight line in 
Fig. 3 indicates the line of perfect agreement. 
Comparison of Fig. 3 with Fig. 2 suggests that eqn. 16 
is a slightly better predictor than eqn. 14, although the 
differences are relatively small. 

. *' 100 
* *. ,. .. .-  ' -.' * .  . . C' 

-9 ' . _  . (. ' *  
b 

5. DISCUSSION 

5.1. Laser displacement probe 
The earlier work of Visscher and his co-workers 

[12,15] demonstrated the potential usefulness of 
optical followers for investigating elastomeric 
surfaces in the presence of fluids. Such devices 
contain an infrared laser whose ouput is focused onto 
the interface to be measured using an internal lens, 

Figure 3. A comparison between the measured central 
film thicknesses and predictions generated 
from eqn. 16 and using h,= 1.47 h, . 



204 

and the reflected light exanlined in the back focal 
plane using photodiodes and appropriate optics. If the 
interface subsequently moves, then the focal point 
becomes temporarily out of focus and the photodiodes 
produce an error signal. This signal is used to 
dynamically-regulate the position of the lens (using a 
moving coil actuator) in a feedback loop, to re- 
establish the focused condition. The position of the 
lens is simultaneously measured with a separate 
displacement transducer, and this gives the required 
position of the interface relative to an internal 
reference point in device. 

The current work has successfully extended the 
method to measure fluid film thicknesses between an 
elastomer and a glass disc. The success of this 
approach required two main conditions to be met. 
First, that the fluid’s refractive index (RI) at the 
wavelength of the laser (780 nm) was sufficiently 
close to that of the glass (RI = 1.47 for low thermal 
expansion borosilicate glass) for the gladfluid 
interface to become ‘transparent’ to the laser. In 
practice, both the silicone oils (RI = I .40) and water 
(RI = 1.33) have refractive indices close enough to 
that of the glass to satisfy this condition. However, 
this was certainly not true for air (R1 = 11, where both 
the glasshir and the air/elastomer interfaces were 
sufficiently reflective that the laser could lock-onto 
either interface, or even in between the two 
depending on their relative separation. This led to a 
rather complex relationship between the thickness of 
the air gap and that derived from the changing 
position of the lens in the optical follower’s auto- 
focusing mechanism. This was in contrast to the case 
for either silicone fluids or water where the calibration 
was almost linear over the 0 - 100 pn range. 

The second condition that had to be satisfied was 
that the fluidlelastomer interface was sufficiently 
reflective for the laser’s auto-focusing mechanism to 
operate effectively. The white elastomer used was 
chosen for this purpose. An alternative would have 
been to metal-coat a transparent elastomer but this 
would have been more susceptible to wear. 

Using a simple paraxial approximation, it might be 
expected that the ratio between the optical and actual 
film thicknesses would be given by the aidoil 
refractive index ratio. The value obtained for silicone 
fluids of 1.66 is much higher than would be expected 
on this basis ( I  .40). However, the values did match if 
either the elastomer was replaced with a mirror, or if 
the thickness of the glass disc was measured, in air, by 

monitoring how far it was necessary to move the 
whole probe to lock onto first one, and then the other 
glass surface. In this case, the actual and optical glass 
thicknesses were measured to be 5.96 1 and 4.006 mm, 
and the ratio of 1.49 is very close to that expected 
from the refractive index (1.47). The calibration factor 
would therefore appear to be sensitive to the optical 
properties of the solid interface opposite to the glass, 
as well as to that of the fluid. In the case of the white 
elastomer, it could be that diffuse scattering from 
within the bulk of the sample was influencing the 
position of the focal point. 

5.2. Film thickness 
In Section 4 it was shown that the experimental 

data are in close agreement with predictions from 
existing theories, particularly those associated with 
Hamrock and Dowson (eqn. 14 and Fig. 2) and 
Roberts and Tabor (eqn. 16 and Fig. 3). The 
differences between the predictions from the these two 
theories are relatively small and illustrated in Fig. 4, 
which shows a comparison between the two for the 
experimental conditions. A power law fit gives 

hm, [eqn. 131 = 0.96 (hmh [eqn. 161)’,09 

and the associated curve is drawn on Fig. 4, together 
with a broken straight line that represents the line of 
perfect agreement. Practically, for the range of values 
of the variables spanned by the experimental points, 
eqn. 13 predicts values for the film thickness that are 
between 0.1 % (low V )  and 42 % (high V )  greater 
than that predicted by eqn. 16 using the I .47 scaling 
factor discussed earlier. 

.E 0 20 40 60 80 100 
-r hmin (Roberts and Tabor) /pm 

Figure 4. A comparison between predictions 
generated using eqns. 14 and 16. 



205 

At present, the repeatability of the film thickness 
measurements is ca. f 2 pm, a value determined partly 
by the runout of the spinning disc, and partly by other 
mechanical instabilities in the apparatus. It was in an 
effort to minimise these effects that an air-bearing 
spindle was chosen, and that the optical path was 
made horizontal so that all the components could be 
rigidly mounted to an optical table. On this basis, it 
would appear that the deviations of the experimental 
data from that predicted from the expressions given by 
Hamrock and Dowson are real. Such deviations might 
be expected, given that these expressions were only 
verified using data from experiments where the 
maximum film central thickness generated was only 
about a micron [22] - the film thicknesses generated in 
the current experiments were much larger than this. Of 
perhaps more importance, in the current study the 
contact area cannot be treated as small in comparison 
to the elastomer radius, and also the larger film 
thicknesses are not small in comparison to either the 
elastomer deformation or the contact diameter. Both 
these factors might be expected to modify the 
‘standard’ IEH behaviour. 

Nevertheless, the agreement between the present 
data and the predictions calculated from the minimum 
film thickness formula (eqn. 16) given by Roberts and 
Tabor [ 101 is excellent, although an assumption has to 
be made about the ratio between minimum and central 
film thicknesses. This is because only the latter was 
measured in the current work. It should be noted, for 
future work, that the high spatial resolution of the 
laser displacement probe (- 1 pm) would enable the 
measurement of film thckness line profiles across the 
whole contact region. This could be done by 
translating the elastomeric lens in the vertical or 
horizontal direction at the same time as rotating the 
disc. Roberts and Tabor also found close agreement 
between their measured minimum film thickness data 
and predictions from eqn. 11 [lo]. These data were 
obtained for IEH films generated during the sliding of 
a glass plate across an elastomeric hemisphere, but the 
maximum film thickness measured was only about 
200 nm. The expression used by Roberts and Tabor 
was derived from the appropriate equations given by 
Herrebrugh [20] for elastomeric line contacts. They 
simply assumed that, because of side-leakage, the 
values of the minimum film thickness would be 40 % 
less for a circular contact than for a line contact. 
Previously, Roberts and Swales [2] confirmed the 
validity of Herrebmgh’s line contact solutions in 

analogous sliding experiments involving elastomeric 
cylinders. Agreement was found to be particularly 
close for films less than 2 pm in thickness, although 
films up to 10 pm were measured. Later, McClune [3] 
also found close agreement with theory for relatively 
heavily-loaded elastomeric cylinders sliding against a 
rotating glass disc, and explained deviations at small 
loads due to side-leakage and late pressure build-up. 
McClune and Briscoe [23] also found satisfactory 
agreement in similar experiments involving the 
squeeze IEH films generated between an elastomeric 
cylinder and a glass flat where the maximum central 
deformations measured were up to about 30 pm. 

In Hamrock and Dowson’s iterative numerical 
solutions of the governing equations appropriate for 
point contacts [13], the elasticity and hydrodynamic 
equations are solved separately [24]. From a starting 
pressure distribution, the elasticity equation is used to 
calculate a film shape using particular values of k, M 
and N .  The Reynold’s equation is then solved with 
this film shape to give an improved pressure 
distribution and then this cycle repeated until 
convergence occurs. In contrast, Herrebrugh’s 
approach [20] was to couple the elasticity and 
hydrodynamic equations appropriate for line contacts 
into one integral equation containing the film 
thickness as the only variable. This equation was then 
solved by a combination of successive approximation 
or analytic continuation methods. In comparing the 
results appropriate for the current experiments from 
the two methods, the only major difference to be 
expected is in the treatment of side-leakage effects 
that are ignored in Herrebrugh’s line contact solutions. 

In the current configuration ensuring a fully- 
flooded conjunction was quite difficult. In an attempt 
to avoid starvation and the reduced central film 
thicknesses this leads to [25], lubricant had to be fed 
continuously to the front of the contact, which was 
subjected to normal load only after the disc was 
rotating at a constant velocity. In spite of these 
precautions, it is possible that there was some contact 
starvation, which would be more easily avoidable if 
the configuration was made vertical rather than 
horizontal, as with many interferometric EHL 
instruments [ 1,8]. 

5.3. Traction 
In the case of full-film IEHL it is possible to 

estimate the traction, and the associated friction 
coefficient, plEHL , assuming that the work done 



206 

involves shearing a disc of Newtonian fluid of a 
particular thickness and radius. The central film 
thickness, h,. , can be treated as characteristic for the 
purposes of this calculation. The contact diameter 
produced under static loading can be treated as the 
characteristic lateral dimension of the fluid disc and, 
as a result, the latter is given by the Hertzian elastic 
contact equation above (eqn. 15). Therefore 

where T is a shear stress. This shear stress can be 
calculated using the central film thickness, and the 
viscosity of the fluid in the gap which is subjected to 
a characteristic shear rate of V / h c ,  Provided the film 
thickness is greater than about 10 - 20 nm [8,10], it 
can be assumed that the fluid exhibits its bulk 
viscosity within the contact region and thus: 

V 
z = 7- (19) 

hc 

Substitution of eqns. 15 and 19 into eqn. 18, 
together with the two film thickness expressions (with 
h, = 1.47 h,, in the case of eqn. 16), gives 

using the Roberts and Tabor [ 101 expression for the 
film thickness (eqn. 16), and 

~ 0 . 3 l 4 ~ 0 . 6 8 6 ~ 0 . 3 7 2  
= 1.51 

for the film thickness expression calculated from the 
solutions of Hamrock and Dowson (eqn. 14) [13]. In 
order to aid a more ready comparison between 
eqns. 20 and 2 I ,  the latter can be approximated by an 
expression of the form 

where c is only a very weak function of the variables. 
The main difference is in the denominator where 
eqn. 22 predicts that the friction coefficient should 

decrease slightly as the specimen radius increases, 
whereas eqn. 20 shows no dependence. For the 
bracketed group to be dimensionless in eqns. 21 and 
22, the powers of E and W necessarily differ from 
those in eqn. 20 to compensate for the presence of a 
tinite power of R. 

Eqns. 20 and 21 can be used as the basis for 
interpreting experimental traction data for sphere-on- 
flat sliding contacts between smooth elastomers and 
rigid bodies. For instance, a plot of log@) against 
log (qV/FW)should give a slope of 0.4 in the IEHL 
regime and this is indeed found to be approximately 
the case [ 19,261. It should be noted that the effect of 
the magnitude of the elastic modulus and load on the 
friction coefficient is predicted to be relatively weak, 
with a factor of 100 increase in either of these 
quantities only leading to about a 250 % decrease in 
the friction coefficient (eqn. 20) - provided that the 
contact remains within the IEHL regime. 

6. CONCLUSIONS 

A laser displacement transducer, based on compact 
disc player technology, has been used successfully to 
measure the thickness of IEH films generated in 
sliding elastomer/glass contacts. The method offers 
some advantages over other optical techniques for 
investigating relatively thick lubricant films. The film 
thicknesses measured are in close agreement with 
theoretical predictions. 
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Synopsis 
Low modulus materials will by definition elastically deform under relatively light loads and can thus offer the 
contact conditions where relatively low viscosity fluids. such as water, can form effective isoviscous EHD films 
in relation to the interface roughness. Some aspects of h s  form of EHD will be demonstrated in relation to 
material modulus and geometry, and in relation to the magnitude and form of roughness where effective films 
can be generated. 

An important example of film generation with low modulus materials can occur with human slun on wet 
interfaces. Research wiI1 be described on the contact mechanics and frictional aspects of slun where the 
topography is found to be a very good example of a self-afhe fractal. and when under the appropriate 
conditions may well form effective EHD films against other interfaces in the presence of water as a lubricant. 

The implications of the results to slipping and sliding are discussed 

Introduction 
There are many important areas of tnbology where 
the lubrication of low modulus materials are 
involved. Some of these aspects have received 
attention in the academic press, for example 
elastomeric sealing [ 11 and similar areas. the 
predction of film thickness in smooth low modulus 
Hertzian-like contacts [2,3 I ,  but in particularly, in 
relation to human joints [4-91, where considerable 
research has been performed. 

Introducing roughness aspects to such problems was 
initially confined to defining lanibda values (the 
ratio of theoretical film thickness for smooth 
surfaces to the measured rms roughness of the 
contact). which is fraught wilh difficulty due to the 
very conforming nature of lhe surfaces when subject 
to loading. However in more recent work in relation 

to human joints [6-91 considerable efforts have been 
made to produce film thckness predictions by 
combining the hydrodynamic and elastic aspects of 
rough asperity contacts. 

The main lubrication mechanism involved with 
most of these situations is thought to be elastic 
isoviscoits elasfoh.vnrod?/naniics whch is usually 
referred to as sojl -ehd. A useful and interesting 
demonstration of this mechanism is described in 
[ 101. where a shelled hard-boiled egg is shown to 
glide freely on a smooth surface in the presence of 
water as a lubricant. In the same paper some aspects 
of roughness are introduced to th~s demonstration to 
esamine the level of elastic deformation in relation 
to predicted lanibda values. and the subsequent 
ability to form softehd films as a function of the 
structure of the roughness. 



What was evident from [ 101 was that the nature of 
the roughness in relation to the contact mechanics 
played a vital role in the ability to form fluid films. 
and that although lambda values based on the 
elastically deformed interface roughness were a 
better indicator of potential film formation, other 
aspects of contact were also important. T h s  paper 
describes some aspects of the overall topic. some of 
whch are based on work carried out in 2 
undergraduate research projects. One project 
involved aspects of slipping at wet interfaces of 
rubber soled shoes on various walkway surfaces in 
relation to lambda values [ 11 1, and the other was 
concerned with the roughness and contact aspects of 
human skin [ 121. 

Roughness and Contact of human Skin 
Relatively crude experiments were performed using 
a Form-Talysurf to measure the profile of the finger 
print area of human shn. The finger was held as 
steady as possible beneath the stylus whilst a profile 
was recorded. T h s  rather crude measurement 
method proved to be relatively reliable, probably due 
to the quite lugh levels of roughness involved in 
relation to smooth engineering surfaces. Sensitivity 
tests invohing several measurements over the same 
finger area were performed with the finger kept as 
still as possible, and with the introduction of various 
types of movement , to quantify the possible errors 
(described later). 

Further preliminary tests revealed that profiles of 
2mm in length, talung less than I minute to collect 
were adequate for further analysis. A total of 25 
undergraduate students were subjected to such 
measurements invohing various fingers, but in all 
cases the left hand index finger was included. giving 
a total profile data base of over 100 entries. 

Profiles were then subjected to various forms of 
analysis, whch confirmed some earlier preliminary 
measurements from. and by, one individual (Mr 
Lee-Prudhoe). that surprisingly revealed that the 
topography of each finger measured usually 
represented a very good e?cample of a self-affine 
fractal (this is not generally the case for engineering 
surfaces). Tlus form of fractal reveals itself as a 
straight line when the structure function of the 

profile is plotted on logarithnuc scales [ 131. Figure 
1 shows a typical structure function plot from a 
finger print profile. 

Self affine fractals can be defined in terms of 2 
parameters from such plots; the fractal dimension D. 
and the Topothesy A on the basis of the following 
equation given by Thomas and Thomas [ 131 
describing h e  structure function. 

The definition of fractal dimension D and topothesy 
A is that D represents the basic shape of a profile 
feature at any scale of size, and is dimensionless, 
and the topothesy A is a scaling parameter with 
units of length that modifies the height to width 
characteristics of this feature depending on the scale 
of size in question. The physical interpretation of D 
and A for self a f h e  fractal profiles in relation to 
what we have come to accept as roughness is thus, 
in general. not straightforward because of the 
interrelationship of the 2 parameters. T h s  
interrelationship can be seen from Equation ( I )  
where both D and A are needed to define the 
intercept of the structure function's line. 

However for self-similar fractals. where only the 
fractal dimension is needed. as the shape of the 
feature doesn't change with scale, D is called a space 
filling parameter, analogous to a relative roughness, 
where D= I represents a straight line. and D=2 is an 
infinite roughness. Thus for self-afhe fractal 
profiles of constant topothesy, D will represent the 
relative roughness of the profile. and conversely if 
the fractal dimension is constant the topothesy 
reflects the roughness. T h s  latter case seems to 
occur with fractured sedimentary rocks [ 141. 

The sensitivity tests on the measurement method 
briefly described earlier. revealed that if the finger 
was kept still a maximum error in D of less than 3% 
can be expected. but the topothesy could vary by as 
much as 20%. With intentional finger movements D 
and A always increased, but with very small 
intentional moiements. the increase in D was 
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Figure 1 A structure h c t i o n  plot of a finger profile. The continuous line is a best fi t  line used in conjunction 
with equation (1) to determine the fractal parameters. The abscissa is the delay length in units of microns. 

Table 1 Fractal parameters and other details of finger print dun measurements. 
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limited to a few percent. however A varied 
sigdicantly. Thus in all measurements the lowest 
values were taken as the most accurate. 

Table 1 gives the data collected on the basis of the 
best measurements (lowest parameter values) and in 
ascending order of fractal dimension. The full data 
set of all measurements indicated a trend of Asian 
students possessing a higher fractal dimension than 
Europeans. Thls was thought to possibly represent a 
feature related to climatic/thermal influences, but on 
analysis of only the most reliable data shown in 
Table 1 such a trend is not evident, and any such 
possibility is far from conclusive, and very likely 
simply represents the ability of Europeans to keep 
their finger's still. 

The definition of dun topography in terms of self- 
affine fi-actals is thus promising, but the large 
variation in topothesy seen in the data, which is 
related to its sensitivity to values of D, casts some 
doubt on this method of defining a self-afthe fractal 
and more research is needed on h s  aspect. 

Contact Mechanics of Skin 
The interface frictional and slipping potential of 
gripping objects is related to the contact geometry, 
stresses and lubricant aspects at the contact 
interface. Using a numerical rough surface contact 
algorithm [ 151 it was possible to examine many of 
these aspects for the finger print profiles measured. 

To perform the numerical contact analysis the 
mechanical properties of slun are needed. The skin 
is closely attached to the underlying tissue and any 
load applied to the slun surface will produce 
deformation of the dermas and subcutaneous 
(hypodermal) layers. However Vasblom [ 161 showed 
that for small deformations in the plane of the skin 
the contribution of the subcutaneous tissue was 
relatively unimportant. 

Variations in m e c b c a l  properties are almost 
certainly involved in h s  form of analysis, and use 
of multilayer contact methods [ 171 were considered, 
but it was decided to use a simple homogeneous 
model approach to t lus  initial study in order to 

determine the relevant aspects. The method used 
was to place a small piece of glass on to an inked 
finger and by measuring the approximately circular 
contact patch, calculate the effective modulus via 
Hertzian theory. For a load range of .04 IN to 
0.145N h s  method revealed modulii between 2 10 
and 160 KPa, assuming a Poisson's ratio of 0.4, and 
a value of 200KPa was adopted for the analysis. 

Contact analysis was performed for various frnger 
profiles against hypothetical cylinders of 20mm 
diameter with differing modulus over a load range. 
A stiff and a relatively low modulus contact are 
shown in Figures 2 and 3 respectively. For the stif€ 
cylinder the mean nominal contact pressure is about 
12.5 KPa, producing a real contact area of around 
27% where the real mean contact pressures are 
around 10KPa. The low modulus contact is under a 
nominal contact pressure of about 2.5KPa with peak 
real pressures of about 20KPa and a mean real 
pressure of around 8KPa. The nominal finger loads 
associated with these pressures are around 1N and 
less. 

Table 2 shows the effect of real contact area with 
load for various modulii contacts. 

Ecyl. MPa 100 1 0.5 0.2 0.1 0.05 
Nom.Pres. 
2.5 KPa 11.2 11.9 15.6 18.7 26.8 51.2 
5 KPa 16.9 16.9 27.5 
7.5 KPa 19.4 24.4 
10 KPa 24.4 30 
12.5KF'a 27.5 

Table 2 Ratios of real to nominal contact area (%) 
for finger contact with various modulus cylinders of 
20mm lameter. 

The results suggest that the real contact area is 
reluctant to increase with load when gripping 
relatively high modulus materials. 

T h s  effect is shown more clearly in Figure 4 wluch 
shows the effect of changing modulus on contact 
area. at a constant contact pressure, in th~s case a 
relatively low nominal pressure of 2.5KPa. 
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Figure 2 Elastic contact geometry over 2mm of a finger profile in contact with a relatively s t i f f  (E=IOOMPa) 
20mm radus cylinder under a nominal pressure of 12.5KPa. The upper trace is the undeformed finger profile 
and the lower plot represents the contact pressure distribution. 
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Figute 3 Elastic contact geometry over 2mm of the finger profile shown in Fig.2 in contact with a relatively 
soft (E=O.OSMPa) 20mm ra lus  cylinder under a nominal pressure of 2.5KPa. The upper trace is the 
undeformed finger profile and the lower plot represents the contact pressure dmibution. Note how the elastic 
conformity creates a contact area similar to Fig. 1, but thls is acheved at a much lower pressure 
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The real area of contact is seen to change very little 
for high modulii, but then increases rapidly due to 
conformity when the modulus of the surface being 
gripped approaches the finger’s modulus. 

Figure 4 The effect of cylinder modulus on finger 
contact area at a nominal pressure of 2.5KPa 

No correlation could be defined between the fractal 
parameters and the contact conditions for the 
various finger profiles analysed. 

Frictional Effects of Skin on Glass 
Some preliminary tests of the fnctional behaviour of 
fingers against an oscillating glass flat were 
performed in a rig designed to e.Yamine cv pint 
lubrication effects [ 181. No specific lubricant was 
used other than natural finger boundary films. 

A typical fnction cycle for a relatively highly 
loaded finger (around 30KPa nominal pressure and 
a real contact area of 8040%) is depicted in figure 
5 .  Stick and slip regons are evident on the trace as 
might be expected. 

Coefficients of fnction were estimated to be around 
0.9 (static) and 1.3 (dynamic) from provisional 
results at t lus tugher load. Lower loads were 
examined and somewhat surprisingly revealed much 
hgher coefficients. but h s  latter effect could not be 
confirmed with any quantitative certainty 

I /  I 
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Figure 5 A cycle of shear resistance measured from 
a finger pressed against an oscillating glass flat. 

LubricatiodSIipping of Conformal 
Surfaces 
The results of finger contact geometry effects in 
contact and other conformal contacts can be 
assessed in terms of their ability to form soft ehd 
films in the manner described in [ 101 where the dry 
contact geometry is used to calculate an equivalent 
roughness based on the contact gap and comparing 
h s  with the theoretical softehd film thickness. In 
effect by e.uamining the lambda value based on a 
modified contact roughness. Film hcknesses with 
water vary from around 4Opm for a 50 KPa modulus 
egg at 1.5 m/s to about 4pm for a lOOOOKPa rubber 
soled shoe for similar radii materials and speeds 
against skf€ surfaces. Thus finger films should be 
around 20 - 30 pm under similar conhtions. 

We have performed several analyses on t h s  basis 
and shown that the potential for conformity of low 
modulus materials suggests that roughness can exist 
to form a wavy but d o r m  film much less in extent 
than the measured roughness. 



Some analyses of rubber soled shoes on various 
surfaces are shown in Figures 6,7 and 8 representing 
the contact with varnished wood, a conventional 
concrete paving surface and the surface of South 
Kensington subway. The first and latter surfaces are 
qualitatively considered as slippery under wet 
conditions. 

I I I I I 
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Figure 6 Contact of a smooth rubber soled shoe 
(E=lOMPa,R=lOOmm) with a varnished wood 
surface ( ~ 7 . 3 p m )  for an 80Kg load. 

I I 

The lambda value of a rubber soled shoe slidmg at 
I d s  in the presence of water on varnished wood is 
calculated as about 0.38 using the film duchess 
equations of Hook et al(2.31 and talysurfroughness 
values from wood samples. When the elastic 
conformity shown in Fig.6 is used as a filter to allow 
calculation of the roughness of the gap, rather than 
the undeformed surface, then lambda increases to 
2.5. and contact occurs over about 64% of the 
nominal area. 

Similarly for the concrete pavement of Fig.7 lambda 
increases from 0.03 to 0.06 with only 9.3% real 
contact, and for South kensington subway from 0.05 
to 0. I with a real area of 18%. 

Figure 7 Contact of a smooth rubber soled shoe 
(E= lOMPa,R= 1 O O m m )  with a concrete paving 
surface (c~94pm) for an 80Kg load. 

Figure 8 Contact of a smooth rubber soled shoe 
(E= lOMPa,R= 1OOmm) with South Kensington 
subway surface ( ~ 5 8 p . m )  for an 80Kg load. 



in terms of comparing the lambda values of these 
three surfaces on the basis of the modified 
roughness method described, the rubber soled shoe 
on varnished wood can be explained, as can be the 
concrete pavement. But the South Kensington 
surface seems rough enough to prevent film 
formation. and yet it can be slippery. 

Considering the contact of fingers in gripping 
objects in a similar way it would seem that the 
process of trying to grip a very low modulus 
material under wet conditions can create the 
conformity necessary to allow hlgh relative lambda 
values to occur and soft ehd films to occur. However 
in the case of rigid materials slipperiness can often 
be experienced, but it seems unlikely to be the total 
result of steady state soft-ehd films. (Try picking up 
a wet glass quickly and then slowly to experience 
the influence of transient effects.) 

Thus a further aspect worth considering as a 
transient film forming effect is the result of squeeze 
films and trapped lubricant in allowing the velocity 
to increase to a high enough level to allow the 
development of sofl ehd films that become thick 
enough to nullify the roughness. 

In terms of wet pavement surfaces, and in particular 
the South Kensington subway surface. the wet 
surface, as with road surfaces, seems much 
slipperier when a small amount of water is present 
and when the surface is dusty and contaminated 
with debris. In this situation the effective viscosity 
of the two-phase mixture is increased and perhaps 
creates a more conducive effect to create such 
transient effects. It is also noticeable from Fig.8, 
and in relation to Fig.4. that a relatively small 
reduetion in modulus might create a significant 
improvement in conformity and thus potential for 
slipping. 

Conclusions 
The roughness off human skin in relation to fingers 
is shown to be a good example of self-&ne fractals. 
However the use of the structure function and 
defining the fractal in terms of topothesy as well as 
fractal dimension needs further work to create 
reliable results. 

The contact mechanics of skin and other conforming 
materials is analysed in relation to the conformity 
and ability to create soft ehd films with low modulus 
materials such as water. Some sense can be made of 
such analyses. but it does not explain all aspects of 
slipping seen in realistic situations. 

A further transient mechanism such as squeeze-film 
lubrication seems necessary to initiate velocities 
high enough to allow soft ehd films to form. 
However the form of the roughness is also important 
as micro-ehd films of sufficient extent in terms of 
the proportion of real area can allow a similar effect 
to occur as with squeeze films. The sliding of an egg 
on rough glass reported in [ 101 is an example of h s  
latter effect. 
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The sealing and lubrication principles of plain radial lip seals: 
an experimental study of local tangential deformations and film thickness 

Harry van Leeuwen and Marcel Wolfert 
Eindhoven University of Technology, Dept. of Mechanical Engineering, 
P.O. Box 513, 5600 MEI Eindhoven, Netherlands 

Tangential deformations of the seal surface at the contact zone between a shaft and a radial lip seal are 
determined by image analysis of video camera pictures. These displacements are thought to be essential for the 
sealing mechanism. The results show that all seals tested have an asymmetric pattern of tangential deformation, 
which is of the order of 10 pm. Local fluid film thickness has been studied on a separate test rig. This rig 
employs a new method for distance measurements in the shaftheal contact, based on an opto-electronic system 
as used in CD players. The preliminary results indicate that the investigated seal has a film thickness of the 
order of 1 pm under normal operational conditions, which is much higher than expected. Possible causes and 
improvements are discussed. 

1. INTRODUCTION 

Radial lip seals, also called rotating shaft seals, 
are very widely used machine elements, providing 
good performance at relatively low costs. They are 
employed to seal rotating and reciprocating shafts. 
They prevent (1) leakage of a fluid under low static 
pressure or that is splashed at the shaft, and (2) 
entrance of dust, dirt, etc., into the sealed fluid. The 
plain rotating shaft seal is the most interesting of the 
two, since the operational principles are still 
unclear. Figure 1 shows the confguration of a 
rotating shaft seal. The contact width is very narrow 
and of the order of 0.1 mm. The design of this 
modern lip seal is more than 60 years old. 

In the ideal case, the geometry of a shaft seal is 
rotationally symmetric. Reynolds' equation explains 
that there is no reason why a continuous fluid film 
should develop, because it would be parallel. There 
is no entrainment action. Nevertheless, since 40 
years researchers generally agree on the existence of 
a coherent fluid film, after Jagger (1957) concluded 
that the measured film thickness is of the order of 
1 pm. More support for full film lubrication 
conditions stems from the exceptional low seal wear, 
after a run in period. During this run in period, 
which may take a few 100 hours, a wear track is 
formed. The surface roughness of this track is vital 
to the sealing properties (Horve 1991, 1992). The 

lubrication mechanism is not obvious and has not 
found general agreement yet. 

garter 
lip / spring 

shaft 

oil 
side 

air side 

Figure I: Plain radial lip seal for rotating shafs 

If the existence of a full film is accepted, leakage 
would be expected. Fortunately, a properly operating 
plain lip seal does not leak after running in. 
Experienced seal designers know that a lip seal can 
pump fluid from the air side to the oil side, even 
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against a pressure head. This upstream pumping 
ability allows leakage free operation of the seal. The 
sealing mechanism is not obvious and still being 
disputed. 

It is clear that experiments play an important role 
in the quest for the physical explanation of the 
lubrication and sealing mechanism. Most of the 
experimental studies on radial lip seals that have 
been published concern global quantities like 
friction torque, radial load, or leakage. As part of 
the solution lies in the surface roughness, these 
global measurements cannot solve the problem. 
Local measurements are needed to generate ideas for 
the understanding of the operating principles. This 
paper reports on local measurements of tangential 
deforniations and of film thickness in  the contact 
between shaft and seal, to provide more support for 
some recent theoretical models. A brief review of 
theories and experiments will be given first. 

1.1. Notation 
b seal contact width I n11 
h fluid film thickness 11111 
h,, average valuc of film thickncss [nil  
n indcs of rcfraction 1-1 
pav average contact pressure INni-’I 
R shaft radius In1 1 
TI friction torque [Nrn] 
y axial position in contact zone Inil 
y=0 indicates contact edge at oil side 
ylndx indicates maximum tangential deformation 
7 dynamic fluid viscosity [Nsm-’] 
w shaft angular speed Is-’ I 

2. SEALING AND LUBRICATION 

2.1. Theory 
Many models have been suggested to explain the 

lubrication and sealing mechanism of rotating shaft 
seals in  the past 40 years. Recent contributions to 
the theory with state of the art surveys of existing 
models can be found in Miiller (1987). Stakenborg 
( 1  988), Salant and Flaherty (1  995) and Van Bavel et 
al. (1996). From these references it can be conclu- 
ded that fluid film formation can be explained by 
entrainment action, caused by deviations from a 
nominal smooth and parallel film. I t  IS much more 
difficult to explain the sealing mechanism. however. 

Kuzma (1969) was the first to present a radical 
departure froni then existing sealing theories, by 
developing a concept based on tangential defornia- 
lions of the seal surface due to viscous shear forces. 
He claims that his theory is applicable to lip seals 
too. The latest theories can explain both fluid film 
formation as well as upstream pumping by adopting 
this concept of tangential deformation (Salant and 
Flaherty (1995), Van Bavel et al. (1996)). These 
theories rely on the observations by Kammiiller 
(1986). who found that the seal surface has a rough- 
ness texture, which is deformed in sliding 
(tangential) direction due to viscous shear stress. To 
yield upstream pumping, therc is no necd for an 
axial asymmetry in the static pressure distribution. 
but the tangential deformation should nccessarily be 
axially asymmetric. The asperities in  the contact 
now act like microvanes, which pump Iluid, like in 
an asymmetric spiral groove bearing. Kammiiller’s 
work is discussed in more detail in section 2.2. I .  

In the recent models it is assumed that the 
tangential deformation is inside the bulk material. 
Hence the asperities do not deform themselves, and 
the only interaction between them is caused by the 
hydrodynamic pressures. This iniplies that both new 
and run in seals should show the same tangential 
deformation pattern. 

2.2. Experiments 
Recent reviews on local measurement methods 

for seals can be found in Stakenborg (l988), 
Visscher and Kanters (1990), Visscher (1992), Poll 
and Gabelli (1992), and Poll et al. (1992) These 
measurements include tangential deforination, 
meniscus position, surface distance, fluid film 
thickness, film and surface temperature, lip motion, 
and static pressure. No pressures nieasurenients 
under running conditions have becn reported. I n  this 
section local measurements of tangential deforma- 
tion and film thickness are briefly discussed. 

2.2.1. Tangential deformations 
Kawahara et al. (1980) state that shear stresses 

will defonn the lip surface in tangential direction. 
This deformation has an asymmetric distribution 
over the contact zone. Kawahara et al. (1980) only 
provided a schematic graph, arid gave no esperi- 
incntal support, nor did they relate the deforniations 
to pump flow. It was Kaniniuller (1986) who 
showed results of tangential deformation mcasure- 
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ments, and related them to flow rates. Kammuller 
determined tangential deformations of a 68 mm 
diameter seal surface at a shaft speed of about 20 
mid’ ,  under supposedly full film regime conditions. 
Using light microscopy, he measured the distance of 
travel of a threshold between a highly reflecting 
layer of gold, evaporated on the lip, and the lip’s 
elastomer. He documented 4 measurements. Two of 
them are reproduced in Figure 2. 

oil side 
angle 45” 

i, i i nitrileseal mean defor- 0,04 

mation [mm] 0.02 68 nun dia. 
0 Pumps 

m a n  defor- 00‘ I#.,I+ fluorelastomer 
mation [mml 0 0 2  

contact width 

seal, 68 rnm &a. 

0 leaks 
0 0 0 4  00Bmm 

Figure 2: Tangential displacerrients of the seal 
surface in  the contact zone, from Kanimiiller (1 986). 

This figure shows the averaged values of the 
deformation at two different circumferential 
positions. Only the relative deformations in the 
contact zone are of interest, not the bulk deforma- 
tion of the lip, since the latter does not contribute to 
the pump flow. Kammuller plotted a few readings 
within the contact zone only. At the oil side a small 
offset appears. The maximum tangential displace- 
ment amounts to about 40 pm, and the offset is 
roughly 10 pm. These values are consistent with 
calculations by Salant and Flaherty (1995) and Van 
Bavel et al. (1996). In practice, the mechanical 
behaviour of a seal is not rotationally symmetric. So 
it can be anticipated that the tangential deformation 
will not be the same at different circumferential 
positions. 

2.2.2. The importance of seal surface roughness 
Practice tells that some shaft surface roughness, 

somewhere in between 0.2 and 0.8 pm (CLA). is 

needed to create a properly run in seal surface. 
Kawahara and Hirabayashi (1979) found that, after 
running in, the sealing flow rate is determined by 
the seal surface roughness only. Nakamura and 
Kawahara (1984), Nakamura et al. (1985), and 
Nakamura (1987) concluded that the seal 
microgeometry is decisive for sealing. Horve ( 1  991) 
showed that the seal surface roughness is of crucial 
importance for the pumping ability. Horve 
concluded that rough wear tracks, with an 
abundance of microasperities, give good sealing 
properties. On the other hand, smooth wear tracks 
with a few microasperities give poor sealing 
performance. It is clear that, to assess the effect of 
surface roughness on fluid film formation and on 
pump flow rate, local film thickness measurements 
are needed. 

2.2.3. Torque 
Many authors interpret a Stribeck-like graph of 

friction torque vs. the so-called Gumbel number G 
(=qw/p,,) for elastomer seals as if they were dealing 
with bearings. In the latter case, the friction 
minimum is associated with a transition from mixed 
to full film lubrication conditions, which can be 
proved by simple measurements (e.g., Ohmic 
resistance). The validity of this interpretation in 
lubricated elastomeric contact has never been 
demonstrated. Film pressures are usually low in 
elastomer contacts. If it is true that film thicknesses 
are very low (yielding very high shear stresses), high 
values of the coefficient of friction will result, which 
may be even higher than under unlubricated 
conditions. For example, the Gumbel number does 
not take into account any elastomer property, which 
may be of importance here. Van Leeuwen and 
Stakenborg (1  990) performed a theoretical study and 
found a friction minimum under full film lubrication 
conditions. Experimental evidence can be found in 
Hoffmann et al. (1996). As a consequence, the 
lubrication condition cannot be determined by the 
friction behaviour alone. The film thickness is 
conclusive. 

2.2.4. Film thickness in lip seals 
Film thickness can be deduced from global 

friction torque measurements or leakage flow, see 
Jagger (1957), but this can only serve as a check of 
the results. In the past, film thickness has been 
measured directly by means of electrical, magnetic, 
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and optical methods. These methods are briefly 
reviewed here. 

Jagger (1957), Iny and Cameron (1961), and 
Schouten (1978) used the capacity of the oil film 
between the shaft and a specially treated lip seal. 
Film thickness was found to be of the order of 1 pm. 
Kawahara et al. (1981) and Ogata et al. (1987) 
employ the Ohmic resistance between shaft and lip. 
The resistance measurement is used for determining 
the lubrication mode, hence for qualitative purposes 
only. The necessary seal treatment will change the 
mechanical properties and the roughness texture 
after running in. 

A different approach is the measurement of the 
magnetic inductance between a shaft mounted 
sensor (a tape recorder head) and the seal with a 
magnetised fluid in between, by Poll and Gabelli 
(1992). The measured film thickness was of the 
same order as the capacitance measurements, 2 till 
10 pm, for a seal with very low small interference. 
The seal material remains unchanged. 

Optical methods can also refrain from changes in 
the elastomer. McClune and Tabor (1978) found 
film thicknesses between a smooth rubber annulus 
and a glass disc lubricated with a special fluid by 
means of interferometry. Fluid film fortnation was 
attributed to intentional radial misalignment and of 
the order of 2 pm. Poll et al. (1992) used fluorescent 
radiation in the contact between a hollow glass shaft 
and seal lubricated with a special fluid. The average 
film thickness does not markedly change with speed, 
and is about 0.35 pm. 

A new method, not applied before in film 
thickness measurements, is open loop focus error 
signal (fes) detection. This method was originally 
developed by Philips Research Laboratories for 
application in CD players. The potentials of fes 
detection in film thickness measurement are 
investigated by Visscher (1992), who also explains 
the principles (pp. 23-37)). He performed prelim- 
inary film thickness measurements on a cylindrical 
elastomer specimen and a flat glass plate, and 
concluded that the results were qualitatively in 
agreement with theory. See also Visscher and Struik 
(1994) and Visscher et al. (1994). The measured 
values of the fi lm thickness were of the order of 10 
pm. The focus error signal is a ratio of photodiode 

signals, and should therefore be more or less 
independent of the surface reflectance. Visscher 
claims that, in theory, surface roughness features are 
quantifiable by fes detection. The so-called radial 
error signal (res) is used for tracking purposes in 
CD players. Visscher shows that the res signal may 
be used to correct the fes signal for asperity slopes 
(Visscher (1992), pp. 35-36, 152-158). The spatial 
resolution of the fes measurement can be made very 
small: of the order of 1 km in a direction parallel to 
the fluid film, and of the order of 0.01 pm in film 
thickness direction. It is therefore chosen to measure 
film thickness in radial lip seals. 

It can be concluded that at present the film 
thickness in radial lip seals is not known to an 
accuracy which is desirable to assess the effects of 
surface roughness on their operation, and that the 
lubrication condition in a real shaftheal system is 
not known either. 

3. TEST EQUIPMENT 

3.1. Test specimens 
Two brands of seals were used throughout the 

experiments, designated brand R and brand S. 
Brand R had a rough wear track, and brand S 
showed a smooth surface after running in. Data are 
given in the Appendix. Friction coefficients were 
also determined on a pin disc apparatus, where Shell 
Ondina 68 oil has been used under lubricated 
conditions. Each seal, of a total of 15, obtained 6 
evaporated strips of about I mm width in groups of 
3, the two groups 120" apart along the 
circumference, see also under 3.2.2. This allows 
comparisons for the rotational symmetry of the seal. 
In total 10 seals were run in, the remainder was in 
new (virgin) state. The seals investigated in this 
paper were run in on rig RLS1 (see below) at 1000 
min-' during 25 up to 52 hours in Shell Tellus 46 
oil. The steel shaft had a CLA surface roughness of 
about R, = 0.5 pm in axial direction. The seals were 
cleaned three times in hexane before the were 
evaporated. 

3.2. Test rig RLSl 

earlier by Schouten (1 978) and Stakenborg (1 988). 
RLSl is a universal seal test apparatus, used 
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Figure 3: Photograph of the RLSl test rig for optical measurements in the contact zone. 

A picture of the arrangement is shown in Figure 3. 
Note the image on the monitor screen, which shows 
the contact zone of a seal of type R. 

3.2.1. Description 
The steel shaft is supported by two air bearings. 

At one end a hollow glass sleeve is fitted. The other 
side is connected to a motor by means of a low ratio 
transmission, allowing shaft speeds of the order of 
100 p d s .  At assembly the seal is slid over the glass 
shaft and mounted in a cylindrical housing, which is 

Top View 

servo motor 

transmission low @ ratio 

supported on an air film, allowing torque measure- 
ments. To measure small displacements a long 
distance microscope was built, using a Spindler and 
Hoyer Microbench kit. The layout is given in Figure 
4. The light is produced by a high pressure mercury 
source, and is filtered to obtain monochromatic 
light. For a sharp image with sufficient irradiance, 
an angle of incidence of 90' of the light rays on the 
seal surface was chosen. The images were taken in 
by a black and white videocamera and recorded on 
videocassette. A monitor and videoprinter were con- 
nected. 

optical fibre light source 

radial lip seal 111111 

camera 

half tran smis- 
air bearings hollow sleeve / o b j e ! i v e l h  diaphragm sable mirror 

Figure 4: Layout of the modfled test rig RLSl 
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The 70 mm diameter hollow shaft sleeve is made 
of BK7 glass, with a wall thickness of 4 mm. The 
radial runout of thc slccvc is better than 0.01 mm. 
The CLA roughncss is 0.04 pm. 

3.2.2. Test method 
The seals wcre operated dry and at very low 

spccds. If the contact is lubricated, the difference 
between the oil and the contact zone is blurred. This 
is because the reflectance of the oil/glass interface is 
much closer to that of the elastomer/glass interface 
than the reflectance of the gladair  interface. It is 
assumed that the deformation state of the seal is the 
same under dry as under lubricated conditions. To 
simulate a lubricated state, it is needed to introduce 
permanent slip in thc contact, so the seal will not 
stick to thc glass shaft. Friction torque values under 
dry and under lubricated conditions wcre fairly close 
under low sliding speeds. 

Essentially the method is based on distance 
measurement of moving markers. Several marker 
methods werc tcsted: the border of an ink layer, of a 
vacuum evaporated layer, and specklcs available in 
the contact zone. The ink layer was found to peel off 
easily. The number of useful specklcs was only 
about 6 per image, which was considered too low. 
The edge betwccn a highly reflecting layer and the 
low reflecting rubber marks a line, of which the 
deformation can be followed. This laycr should be 
thin (not to affect the surface roughness) and narrow 

(to have a low impact on thc friction). Chromium 
layers were vacuum evaporated over thc lip, with 
thickness < 400 A. The chromium has a reflectance 
of SO%, the glass shaft will reflect about 4% at the 
glass/air interface, and the glass/rubber contact will 
reflect about 1%. Reflected light will therefore be 
white, grey, and black, respectively, and a sharp 
contrast between the contact and thc glass/air 
interface results. 

At first the coordinates of the undeformcd and 
the deformed state were determined by hand from 
videoprints. The inaccuracy was f 5 pm, and could 
only be improved by repeating this tedious proccss 
many times for each print separately. I n  addition, 
this method depended on personal skills, which can 
lead to systematic errors and reproducibility errors. 
As the deformations are of the order of 10 pm, a 
method with lower inaccuracy and independent of 
the executor has to be used. 

Digital image analysis has less drawbacks. The 
videosignal (from the videocamera or VCR) is 
digitised by means of a PC equipped with a 
framcgrabber and image processing soflwarc (TIM- 
win). Figure 5 shows two seal images. The smooth 
seal S has only a few microasperities, and therefore 
a smooth edge and a lip surface that is fittcd tight to 
the shaft. On the contrary, the rough seal R has 
many asperities and many distinct contact spots, a 
very irregular contact edge, and a lip surfacc that 
does not fit close to the shaft. 

Figure 5: Images of the conlnct zone of a snrooth seal S (left) and a rough seal R (right) 
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The data are arranged in a matrix and loaded 
into MATLAB. The Thresholding and Contour 
functions proved to be very convenient. A distinct 
speckle on the image of the seal served as a 
(moving) reference. In a MATLAB program the 
coordinates of initial contour lines are subtracted 
from coordinate values obtained under slip. 

3.2.3. Calibration, reproducibility and inaccuracy 
The magnification is determined by measuring a 

calibrated grid on the glass shaft. The transverse 
magnification factor was found to be about 300x. 
The video output signal showed that the image had a 
uniform irradiance distribution. The distribution is 
of utmost importance, while an intensity different 
from initial conditions necessitates a different value 
of the threshold, which would render a lower 
reliability. The inaccuracy of the method was 
determined by following the edge of the chromium 
layer on several seals, when the glass shaft sticks to 
the seal. In this case the relative deformation should 

be zero. It was found that for the largest 
deformations the inaccuracy was better than f 2pm. 
If the same threshold value is chosen, and the initial 
adjustments are unchanged, the reproducibility is 
very good and independent of the person. 

3.3. Test rig RLS2 
Test rig RLS2 is a new apparatus, especially 

designed for film thickness determination in radial 
lip seals through fes detection. 

3.3.1. Description 
The RLS2 apparatus consists of a hollow steel 

shaft, which holds a lens system and electronics, and 
is supported in two precision angle contact bearings. 
At one end a hollow glass sleeve is glued on this 
shaft. At the other side a pulley is mounted, which is 
driven by a toothed belt. The maximum shaft speed 
is 600 mid’ and is closed loop controlled. Two seals 
are mounted in tandem geometry in a small housing, 
that can move axially with respect to the shaft. 

Figure 6: Photograph of RLS 2 test rig forjl in thickness nieasurenients (the test seal is removed). See text. 
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Measrtremenl# type ofsurface distance to sleeve [tnm] reflectance [-I sensrrrvrty [tn K'jm] 

flat metal plate 2 

polished metal plate 2 

polished metal plate 0.1 

flat NBK specimen 2 

ring of NHK .o, I 

<o, I ring ofNBR with oil film 

20 Oh 5 70 

60 Yo 690 

60-80 Yo 630 

2 Yo 170 

2 Yo '? unclear ? 

< < l %  20  
~ ~~ ~ 

Table I :  Sensitivity of thefes detection system with dgferent specinlens and variable object distance 

Figure 6 shows the RLS2 test rig with the housing 
disassembled. The seal housing is mounted on a 
base plate with elastic pivots, allowing very small 
motions in two perpendicular directions. These 
motions are realised by means of two micrometers. 
At present. i t  is not possible to measure friction on 
this apparatus. 

The hollow sleeve is made of duran glass with a 
refraction index n, = 1.477. It is glued on the steel 
shaft. I t  has an outer diameter of 70h7 mm, and the 
thickness is 2.0 mm. The original sleeve had a 
radial runout of +/- 2 pm, but this one cracked (see 
under 5.2). The measurements reported in this paper 
were performed with a substitute that had a total 
runout of +/- 10 pm at the lens position. S type seals 
were used. 

The lens system consists of a Philips GaAlAs 
laser, type CP065 (output 0.25 mW, laser wave 
length h = 780 nm), an achromatic collimator lens 
with focal distance f = 20.0 mm, and an aspherical 
objective lens with focal distance f = 9.0 mm. The 
spot size is about 3.5 pm in sliding direction, and 
the linearity range is +/- 13 pm. The laser light 
beam is reflected by the specimen, and diverted to 4 
photodiodes by means of a beam splitter. The 4 
diode signals are fed into an amplifier, built into the 
rotating shaft, which processes the diode signals to a 
low ohmic current. Brush contacts subsequently 
transmit the diode signals to a custom built 
instrumentation amplifier, that changes the diode 
signals into a focus error signal and a radial error 
signal. The sensitivity of the fes signal is about 
700 mV/pm on a polished metal specimen in air. 

With optical profilometxy the unit is usually used 
in closed loop (autofocus) mode. This mode cannot 
be operated beyond 600 Hz due to mass inertia. If 
fluid film formation in radial lip seals is assumed to 
occur at sliding speeds of at least 0 . 1  d s ,  and a 
distance nieasurement at every 10 pni is to be 
sampled at speeds of I d s ,  a sampling frequency of 
at least 100 kHz will be necessary. In this case thc 
optical system has to be run in open loop (fixed 
focus) mode, and the focus error signal is used for 
distance measurement. The maximum frequency of 
the amplifiers is 300 kHz. 

3.3.2. Test method 
The test rig was operated in a speed range 

between 0 and 600 mid'. The oil used is a mix of 
Shell Ondina oils, and optically almost identical to 
the duran glass sleeve (see Visscher (1  W2), p. 150). 
The fes output signal is used for measuring the 
distance from the light spot, and the seal elastomer. 
If the outside of the glass sleeve is in focus, the fes 
signal equals zero. It is assumed that the fes output 
signal has the same sensitivity under dynamic 
conditions as under static conditions. 

3.3.3. Calibration 
The fcs signal was calibrated on the rig by 

focusing the lens on a flat specimen, and lifting this 
specimen relative to the nonrotating shaft. This 
could easily be accomplished by adjusting one of the 
two micrometers. Different specimens were used for 
calibration, see Table 1. 

It follows from measurement 1, 2, and 4 that the 
sensitivity of the fes signal decreases as the 
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reflectance of the specimen decreases. If the 
specimen is closer to the shaft, reflection at the 
glasshir interface at the shaft outside will become 
more important, and now acts as a noise signal. 
Again, the sensitivity decreases (measurements 2 
and 3). To calibrate the fes output on N B R  seals, the 
lip of a seal was trimmed away, leaving a cylindrical 
ring of 70.2 mm inner diameter around the shaft. 
This NBR ring has a low reflectance, which results 
in a very low sensitivity at a very small distance of 
less than 0.1 mm. Presumably the reflected light 
from the rubber interferes with the reflected light 
from the glasdair interface. If the space between 
shaft and a NBR ring is filled with the Ondina oil, 
the sensitivity decreases to 0.020 V/pm. This is 
consistent with Visscher (1  992, p. 6 1). 

4. MEASUREMENT RESULTS 

4.1. Tangential deformations (RLSI) 
Not all chromium layers adhered equally well on 

the elastomer surface. The accessibility to the seal's 
tip is difficult. In addition, adhesion depends on the 
substrate roughness and the cleanliness. Oil rests 
will remain on the seal, even after thorough 
cleaning. The chromium layer sticks better to seal S 
than to seal R. A few seals were not useful, because 
the chromium came off too easily, or the tip of the 

10 I 

-I 

10 20 30 40 
o - -  l 
0 

axial position[pm] --C 

lip had no chromium deposit at all, or the 
chromium would peel off under continuous shear. 
Another problem arising with rough seals is the 
variation of the real contact area during shaft 
rotation. If a contact spot comes loose, light will be 
reflected at the glasshir instead of the 
glass/elastomer interface. This results in a local 
increase of the reflectance, obscuring the elastomer 
valley under it, and making the measurement 
unreliable. For these reasons most results were 
obtained on smooth seals 

Figure 7 shows some results. The oil side is at 
the left, the air side at the right. Figure 7b presents 
the tangential deformation under the no slip (stick) 
condition, see also under 3.2.3. Figure 7c and 7d 
show the tangential deformation on a new seal S8, 
at two distinct circumferential positions. In Figure 
7e and 7f two graphs are shown of a run in rough 
seal R4, again at two separate positions along the 
circumference. 
From observations of the monitor screen it follows 
that the axial position of the contact zone varies 
along the circumference, but the contact width is 
almost constant. This is also corroborated by the 
graphs from Figure 7c - 7f. Running in (at least 
until 50 hours at 1000 m i d ) ,  does not significantly 
change the contact width nor the tangential 
deflections. The contact width is found to be in 
between 0.037 mm and 0.065 mni. 

t 
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Figure 7: Tangential deformation of seals. The oil side is at the lep. S = smooth, R = rough. 
(a) run in smooth seal S3, (b) run in smooth seal S3 under stick conditions 
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Figure 7 (cont.): (c) new sniooth seal S8.1, (4 new smooth seal S8.2, at 12Oofroin (c) 
(e) run in rough seal R4.1, &I run in rough seal R4.2, at 120'from (e) 

The maximum tangential deformation is in between 
6 and 20 pm. This maximum occurs at a position in The first results obtained on RLS2 give an 
between 0 and 30% of contact width b from the oil impression of the potentials of open loop fes 
side cdgc, with a mean of about ym,= = 0.2b. The detection for film thickncss measurement in elasto- 
tangential deformation has an offset in sliding mer Seals. The low reflectance Of the elastomer 
direction at the oil side, which is betwecn I and 15 complicates the focusing on the outside of the shaft 
pin. At different circumferential positions the SO much that the fes signal could not be set zero. 
deformation pattern can differ considerably. Figure 8 shows the fes signal expressed in  pin for 6 

min-' and for 600 mid'. 

4.2. Film thickness (RLS2) 
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5. DISCUSSION 
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Figure 80: Filni thickness niensuretnent for 6 nrin-' 
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Figure 86: Filni thickness measurement for 600 niin- 

It appears that the fes signal contains very steep 
gradients, originating from noise. The noise level is 
about 40 mV, which corresponds to 2 pm film 
thickness. The autopower spectrum of the noise 
signal (with nonrotating shaft) contains frequencies 
in a wide band ranging far over 100 kHz. The 
highest amplitudes occur below 60 kHz. Earlier (in 
section 3.3.1) it was concluded that frequencies of 
the order of at least 100 kHz could be of interest for 
roughness effects. Hence it is not functional to filter 
the noise. 

5.1 Tangential deformations in the contact zone 
(RLS1) 

5.1.1. Tangential deformations 
Some results show very sharp gradients in the 

deformation, which cannot originate from shear 
stresses. See, e.g., Figure 7c. Sharp peaks may be 
ascribed to imperfect adhesion of the chromium 
layer. Due to shear stresses the deposited layer may 
come loose, in which case it is transported along a 
longer distance than when it would adhere perfectly 
to the seal surface. Sharp craters could originate 
from valleys in the surface texture. Valleys are not 
in contact with the glass shaft. They are only moved 
because the surrounding asperity peaks, which are in 
contact, force them to do so. The valleys may lag 
behind, and have less deformation. Thus the 
measured distribution cannot be smooth. 

The offset at the oil side is evident, and amounts 
16 till 100 % of the maximum tangential 
deformation. Van Bavel et al. (1996) have assumed 
an offset of 25 % of a presumed maximum 
deformation of 10 pm, and found an increase of at 
least 2 orders of magnitude in pump rate compared 
to zero offset (Ruijl (1994)). Salant and Flaherty 
(1995) calculated an offset of 25 till 30 YO of a 
maximum displacement of 70 till 80 pm for a 
surface covered with microasperities. Therefore this 
offset seems essential for sealing. 

The tangential deformation is not uniform along 
the circumference of the same seal. This can be 
attributed to seal imperfections (in material and 
geometry), causing deviations from rotatoly 
symmetry. This implies that areas having large 
deformation are followed by zones with low 
deformation. In other words: areas with a high 
reverse pump rate are succeeded by zones with a low 
(or even negative) pump rate. For a well operating 
seal, fluid that is accidently leaked to the air side in 
a certain zone, will be pumped back into the oil side 
at another zone. 

It is not possible to distinguish the tangential 
deformation of run in seals from that of new ones. 
This suggests that, on the whole, the tangential 
deformation is independent of the surface roughness 
texture. Hence, tangential deformations are 
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determined by the bulk of the lip rather than by the 
surface roughness. 

The influence of time on the deflection could not 
be measured. Due to wear of the chromium layer the 
threshold value had to be adjusted continuously. 
This is unacceptable, see section 3.2.3. Initial exper- 
iments, using videoprints, indicate that an almost 
uniform displacement is added to the existing 
deformation in time. Hence the deformation distri- 
bution does not change substantially. 

5.1.2. Contact width 
The contact width of a new seal appears to be 

about 0.060 mm. This is in line with FEM analysis 
results of Stakenborg (1988), who calculated b = 

0.073 mni for this shafvseal combination. I t  is also 
supported by calculations by Sponagel ct al. (1987) 
for the same seal and shaft size (b = 0.080 mm), and 
by experiments of Nakamura and Kawahara (1984) 
and Nakaniura (1987), who find contact widths of 
run in seals with 85 mm diameter in bctwcen 0.050 
and 0.100 mni 

Even after running in, this narrow contact band 
will not become markedly wider. Thus the static 
contact pressure distribution will not change 
considerably, and maintain the same average value. 
This is rcmarkable, since Gabelli et al. (1992) came 
to opposite conclusions. Thcy calculated a contact 
width of about b = 0.150 mni for a new 110 mm 
diameter seal, and b = 0.400 mm for a run in seal. 
Consequently. their average static contact pressure 
drops correspondingly. 

It follows that the contact width and the wear 
track width can differ notably. During running in 
the width of the wear track increases with time. In a 
different series of esperinients on RLSI. the wear 
track width was found to be in between 0.050 and 
0.30 mm for smooth seals S, for running tinies 
between 5 minutes and 50 hours. Shaft motions 
(bending, radial ninout) result in an axial 
translation and in rotation of the seal lip with 
respect to the shaft, yielding a wear track that is 
wider than the contact width. Gawlinski and 
Konderla (1984) did a FEM analysis of the seal 
dynamics and found that the contact width varied a 
factor of almost 2 during a shaft revolution. Seal 
geometry and assembly imperfections will only 
increase this diffcrcnce and render an even wider 
running track on the shaft. 

5.2 Film thickness (RLS2) 

5.2.1. Film thickness values 
If fluid film formation can be neglected at a 

speed as low as 6 min-I, this speed could serve as a 
reference for zero film thickness. The fes signal was 
determined at several shalt speeds, at the same part 
of the seal circumfcrence (constant sampling length 
of I .  1 mm), and centre line averaged. Subsequently, 
5 measurements were done at each speed and the 
average of these 5 was determined (hav). The value 
of at 6 min-’ was set equal to zero, and the other 
readings were corrected correspondingly. This 
results in Figure 9. 
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Figure 9: A verngedJiltri thickness vnlues vs. speed 

Figure 9 suggests that film thickness increases 
with speed, as in a hydrodynamic bearing. and 
amounts up to 4 3  pni at 600 min-I. A simple Petroff 
model for the friction torque of the parallel smooth 
seal, see Jagger (1957)), yields 

for the average film thickness ha,, where TI 
represents the friction torque. If it is assumed that at 
q = 0.01 Pa.s (at 333 K), w = 600 niiii-’ = 62.8 s-’. 
b =  2*10-4 m, R = 35*10-3 in, Tf= 0.8 Nm, it is 
found that ha, = 0.04 prn. Therefore, it may be con- 
cluded that the measured averaged film thickness is 
about 2 orders of magnitude higher than espected. 
In addition, the signal to noise ratio is too low. 

The first glass sleeve cracked during operation, 
see also section 3.3.1. An analysis of the 
temperature rise in a simple geometrical model was 
undertaken with MARC FJZ software. If it is assu- 
med that one seal dissipates 60 W at 600 min”, and 
that, far away from the contact, the oil has attained a 
temperature of 303 K, and the air of 293 K, a 

ha, = { (27~ TW bR3)/Tf} 
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maximum contact temperature of 630 K can be 
attained. These high temperatures can be reached in 
a few seconds. Therefore, high thermal stresses are 
created in the glass sleeve. At lower speeds the 
temperature rise is less dramatic: 470 K at 300 min- 
I ,  385 K at 150 mid', 335 K at 60 mid', and 306 K 
at 6 mid'. If, e.g., a sapphire sleeve had been used, 
the maximum contact temperature at 600 midl 
would have been 3 18 K. 

A substantial temperature rise has a large impact 
on the film thickness measurement, see Visscher 
(1992) pp. 217-229. Depending on the actual 
temperatures, an over as well as an underestimation 
of the film thickness is possible. If the temperature 
of the lubricant is 413 K, of the shaft 393 K, and of 
the lens system 303 K, respectively, the film 
thickness will be overestimated by about 4 pm. The 
influence of pressure on the film thickness 
measurement is less than 0.15 pm. It follows that 
the measured behaviour of film thickness with speed 
may be mainly attributed to temperature effects. 
Several corrective measures to compensate for these 
effects are conceivable. 

I t  is clear that in test rig RLS2 the accuracy of fes 
detection is affected considerably by temperature, 
and therefore the temperature should be kept under 
control. 

5.2.2. Noise 
Reflectances can be estimated by measuring the 

laser diode signals under various conditions. It is 
concluded that the reflectance of the oiYelastomer 
interface is about 0.4 YO, and that the internal 
reflectance in the sensor unit amounts 
approximately 0.8 %. In this respect the reflectance 
on the shaft inside (aidglass interface) can be 
neglected. See also under 3.3.3. 

Visscher (1992, pp. 189-190), in discussing the 
noise problem, concludes that the signal level should 
be increased. He suggests a laser source with higher 
light intensity and a thin metallic coating on the 
seal. Other feasible improvements are a decrease in 
the internal sensor reflectance and the use of a high 
refraction index glass shaft. If glass with an index of 
refraction of n = 1.7 is used, the reflection on the 
oil/elastomer surface rises from 0.4 % to 1.8 %. 

What is considered as noise could partly 
originate from asperity slopes. The effect of slopes 
on the fes signal can be accounted for by using the 
res signal, see under 2.2.4. As the surface slopes are 

statistically distributed over the seal contact, their 
influence on the fes signal may be disguised as 
noise. The RMS roughness of the tested seals 
amounts 1 - 2.5 pm. Considering the wave length 
scale of about 10 pm, this results in steep slopes of 
far over 0.1 (for a dismounted seal). This should be 
hrther explored. 

6. CONCLUSIONS 

(1)On the whole, Kammiiller's hypothesis of an 
asymmetric tangential deformation distribution 
is corroborated by the experiments on RLS 1. 

(2)The tangential deformations are not constant 
along the circumference. 

(3)The tangential deformation is determined by the 
bulk of the lip and not by the roughness 
texture. 

(4)New and run in seals both show the same 
tangential deformation pattern. 

(5)The contact width does hardly change under 
operation and is obviously smaller than the 
wear track width. 

(6) The reflectance on the oil/elastomer interface on 
test rig RLS2 is about 0.4 %. The sensitivity of 
the fes signal in an oil lubricated seal amounts 
about 20 mV/pm. This is considered sufficient 
for fes measurements. 

(7)The S / N  ratio of the fes signal on the current 
RLS2 rig is too low. Corrective measures are 
suggested. 

(8)The poor conductance of the glass sleeve 
introduces high contact temperatures, which 
result in a considerable overestimation of the 
film thickness. Different materials, like 
sapphire, should be considered. 
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A. Data of seals R and S 

Seal R (rough wear track) 
material: NBR (nitrile) 
size: 7 0 ~ 1 0 0 ~ 1 0  nim 
inner diameter 6 8 . 5 ~ 1 0 . ~  m 
garter spring stiffness 0.062 N/ni 
initial spring force 1.920 N 
coeflicient of friction (on pin and disc): 

dry 0.7-0.75, speeds up to 0.03 nds 
lubricated 0.6-0.2, speeds up to 0.16 m/s 

index of refraction n = 1.30 

Seal S (smooth wear track) 
material: NI3R (nitrile) 
size: 7 0 ~ 1 0 0 ~ 1 0  inn1 
inner diameter 6 8 . 6 ~ 1 0 . ~  ni 
garter spring stiffness 0.095 N/m 
initial spring force 1.9 1 1 N 
coefficient of friction (on pin and disc): 

dry 0.3-0.65, speeds up to 0.03 m/s 
lubricated 0.6-0.2, speeds up to 0.16 nds 

index of refraction n = 1.30 
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A Simple Formula for EHD Film Thickness of Non-Newtonian Liquids 

Scott Bair, Principal Research Engineer and Ward 0. Winer, Chair 

The George W. Woodruff School of Engineering 
Georgia Institute of Technology 
Atlanta, Georgia 30332-0405 

The classical EHD numerical solutions have provided the machine designer with simplified 
formulae for prediction of concentrated contact film thickness when the lubricant is Newtonian. Many 
liquids which function as lubricants display non-linear shear response in the range of shear stress 
critical to the pressure boosting zone of a concentrated contact. A recently developed numerical 
scheme for incompressible, isothermal line contact is used with a simplified rheological model to 
obtain a film thickness correction formula for non-Newtonian liquids using a minimum of parameters. 
The resulting prediction is compared with experiment. 

1. INTRODUCTION 

The designer of nonconformal contacting 
machine components can avail himself of 
formulae which predict the thickness of films 
formed by any piezoviscous Newtonian liquid 
which he may choose as a lubricant. These 
formulae have been verified by experiment for 
many lubricant types. Often, however, 
experimental measurement yields films 
considerably thinner than predicted by the 
isothermal Newtonian solutions. These 
discrepancies are usually attributed to thermal 
reduction of viscosity by viscous dissipation or 
shear thinning for the non-Newtonian liquid. 
Corrections are available for viscous heating 
(e.g.,. ref. [l]). No such correction is known for 
shear thinning. We should keep in mind, 
when making comparisons with experiment, 
that the classical EHD film thickness formulae 
are not exact solutions. The pressure 
relationships that have been used for 
compressibility and viscosity for example are 
not universal. 

Numerical methods have been worked out 
to generate complete film profiles for certain 
rheological models (e.g., ref. [21). Recently, 
Ostensen [3] introduced an iterative method 
for computing a mean effective viscosity by 

assuming that the mean effective inlet shear 
rate is equal to one-half of the ratio of rolling 
velocity, u, to central film thickness. Bair and 
Khonsari [4] used a very simple numerical 
method to simulate inlet flow which departed 
from convention by not using the Reynolds 
equation. Realistic constitutive laws could be 
utilized. In this paper, the latter numerical 
method is used to generate many central film 
thickness solutions for a useful rheological 
model. These numerical "experiments" are 
then used to regress the parameters for a shear 
thinning correction formula. 

2. METHOD 

The numerical method of ref. [4] which was 
refined in ref. [5] is applied to study the effects 
of the rheological parameters as well as 
operating conditions on central film thickness, 
h,, in incompressible, isothermal line contact. 
The same method is used to find the central 
film thicknesses, h, and h,,, for the 
corresponding Newtonian and non-Newtonian 
cases. This method assumes that the shape, 
h(x), of the contacting solids is unaffected by 
the presence of the liquid as originally 
suggested by Grubin. Local pressures are 
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Table 1 
Numerical Results 
a = 25GPa-' ; I$ from equation (6 )  

hhh, 
(0) 

- -  P R r , c  h,/nm 
GPa rn h . a  Pa ( m = l )  m =  4 m = O  m = - 7  

"&'= 10 1 0 1  10 1 0.1 

1 .01 1 10' 

1 01 1 10' 

1 .01 1 10' 

1 .01 .01 10' 

I .ni 01 10' 

1 01 .01 10" 

.5 .01 .01 10' 

I .04 .oi 10' 

2 ,002 n i  I @  

15900 3080 540 

15900 3080 540 

15900 3080 540 

564 9 6 3  16.1 

564 96.3 16.1 

564 96.3 1h.l 

657 118 206 

782 134 21 6 

314 54 1 897  

15.3 13.6 11.2 
(15.1) (11.8) (9.6) 

6.5 5.4 4 3 
(6.4) (5.0) (4.1) 
2.8 2.2 1.66 

(2.R) (2.2) (1.77) 
4.5 3.5 2.9 

1.74 1.45 1.27 
(1.75) (1.47) (1.27) 
1.06 1.02 1.00 

(1.05) (1.02) (1.01) 

(4.0) (3.3) (2.7) 

10 1 0.1 

77 60 46 
(93) (62) (44) 
18.7 14.3 10.5 
(22) (14.9) (10.5) 
5.0 3.5 2.4 

(5.4) (36)  (2.6) 
10.7 7.6 5.7 

(102) (74) (54) 
2.6 1.86 1.49 

(2.54) (1 90) (1.49) 
1.09 1.03 1.00 

(1.08) (1.03) (1.01) 
2.2 1.72 1.35 

(2.3) (1.72) (1.36) 
2.1 1.64 1.27 
(2.1) (1 62) (1 34) 
3.6 2.5 1.92 

(3.6) (2.6) (1.97) 

10 1 0.1 

864 616 --- 
(930) (502) 

96 65 41 
(108) (59) (35) 
11.6 6 4  4.0 

(12.7) (7.0) (4.2) 
43 2h -- 

(33) (20) 
4.2 2.8 1.96 

(4.1) (2.6) (1.83) 
1.15 1.05 1.00 

(1.13) (1.05) (1.02) 

found from integration of the momentum 
equation starting from a position eight contact 
half-widths from the Hertzian contact edge. 
The volume flow rate at the contact center, 
uh,, is conserved throughout to find the local 
shear stress profile across the film. The 
rheological equations for effective viscosity are 

(2) 

for the Newtonian and non-Newtonian cases 
respectively. The limiting low shear viscosity 
is p, T~ is a critical shear stress and m is a 
dimensionless parameter which controls the 
sensitivity of effective viscosity to shear stress, 
T. A significant departure from Newtonian 
occurs for shear stress greater than the critical 
value. The boundary condition applied at the 
Hertzian contact edge is that the isoviscous 
pressure is very close to the asymptotic value. 
For details, see ref. [4 and 51. 

3. NUMERICAL RESULTS 

The operating conditions for our numerical 
simulations are shown in Table 1. Average 
Hertzian pressure, i j ,  varied from 0.5 to 2 GPa. 
Reduced radius, R, varied from 2 to 10 mm, 
and rolling velocities, u, of 0.1, 1.0 and 10 m/s 
were used. The ambient low shear viscosity, 
pol was 1 and 0.01 P a s  The Newtonian 
solutions are tabulated as h, in Table 1. Non- 
Newtonian results are tabulated as h, / h,, 
for various values of T, and m. Low shear 
viscosity followed the Barus Law with 
a = 25GPa-I. 

4. DEVELOPMENT OF A CORRECTION 
FACTOR 

Experience with solutions for h" [4 and 51 
suggested that a correction could be applied to 
h, and that the form of the correction should 
be as follows. The Newtonian and non- 
Newtonian thicknesses approach one another 
at low film thickness (or low speed). At higher 
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thickness h,, diverges from h, which shows a 
power-law dependence on rolling speed. The 
non-Newtonian thickness, h,,, also displays a 
power-law relationship at high speed. The 
above characteristics suggest a correction of 
the form h,, = h N / $  where I$ is 
approximated by I$ which has a form similar to 
equation (2). 

- 

(3) 

The term upo / hNTc is a dimensionless shear 
stress which controls the transition of film 
thickness from Newtonian-like values. The 
parameters A, B, C and D are dimensionless 
and can be fitted using a least-squares type of 
program. F(m) should be zero for Newtonian 
(m=l in equation (2)) liquids. We investigated 
two forms for F(m): 

F(m) = 1 - m (4) 

and 

1 F(m) = 1 - - 
2 - m  (5) 

Both have the necessary property that 
F(m = 1) = 0 and both yield about equally 
good fit to the h, / h,, values in Table 1. The 
regressed parameters are given in Table 2. 

Table2 
Correction parameters regress from the results 
of Table 1 

I-m 4.740 1.726 0.5971 0.8524 0.34 

1 - 1 4.436 1.687 2.127 1.781 0.40 
2-rn 

Liquids which approach rate independent 
behavior (limiting shear stress behavior) at 

some high value of shear stress must have very 
large negative values of m. This presents a 
problem for equation (4). When used as a 
correction to the classical film thickness 
solutions for h,, one gets with (4) a film 
thickness which decreases with speed which 
seems unreasonable in an isothermal situation. 
For this reason, we recommend the use of 
equation (5) and the correction factor 

Equation (6) in combination 
solution for h, gives a prediction 

becomes 

(6) 

with a 
for EHD 

film thickness for shear thinning liquids. Note 
that for m + --co and large dimensionless 
shear stress, I$ K (u / hN)’.13. Then, 
hNN OC h N  3J3/ u2.13. NOW ordinarily h N  

varies approximately with uO.’ so that h,, 
should become essentially independent of 
speed for liquids which are rate independent 
in the inlet zone. Equation (6) was used to 
calculate values of 4 shown in Table 1 in 
parentheses. 

It is instructive to apply equation (6) to a 
real elastohydrodynamic contact. We assume 
that the correction worked out here is 
appropriate for point contact as well as line 
contact. Such an approach neglects the effect 
that shear thinning may have on side leakage. 
The curve marked h, in Figure 1 is the point 
contact solution of Hamrock and Dowson [6]. 
Central film thickness is plotted against the 
product upo for a steel ball of radius 0.076m 
rolling against a sapphire flat with a load of 
11.8 N. These are the operating conditions for 
the experiments presented in the next section. 
The pressure-viscosity coefficient was taken as 
25GPa-l for an example. The correction 
formula (6) is applied to the Hamrock and 
Dowson solution in the curves marked with 
the ( r c ,  m). The character of the non- 
Newtonian solution depends on the value of 
‘C‘ 
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Figure 1. Application of the correction formula (6) to the Hamrock and Dowson equation [6]. 

5. COMPARISON WITH EXPERIMENT 

Flow curves for a blend of mineral oil and 
polybutene are shown in Figure 2 for pressures 
of 200 and 241 MPa. The high shear stress data 
were obtained in torsional flow [7] with a 
High-pressure Rheogoniometer and low shear 
results were taken with a falling body. The 
curves fitted to the points in Figure2 are 
equation (2) with m = 0.462 and T~ = 5400Pa. 

Central film thickness was measured using 
interferometry for the liquid of Figure2 in 
point contact with average Hertz pressure of 
0.6 GPa and plotted as the points in Figure 3. 
The classical Newtonian solution [61 is shown 
as the dashed curve and the corrected solution 
(with equation (6)) is shown as the solid curve. 
The improvement in predictive power is 
excellent. 

Flow curves for a high viscosity 
polyalphaolefin were obtained with a High- 
Shear Stress Viscometer [81 in circular Couette 
flow and are shown in Figure 4. The curves 
are equation (2) for T, = 4500Pa and m=0.5. 
Film thickness results are shown in Figure 5 
using the same format as in Figure3. Our 
correction slightly overestimates the loss in 
thickness due to shear thinning. Similarly, 
flow curves and film thickness results for a 
medium viscosity polyalphaolefin are given in 
Figures 6 and 7 respectively. Here, 
T~ = 1.5MPa and m=0.4. 

The calculations above require values of 
ambient viscosity, po, and pressure viscosity 
coefficient. These properties were obtained 
from ref. [4 and 91. The reciprocal asymptotic 
isoviscous pressure was used for the pressure 
viscosity coefficient in the Newtonian solution. 
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Figure 2. Flow chart for a blend of mineral oil + 20% polybutene. 
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Figure 3. Central film thickness for mineral oil plus polybutene. 
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Figure 4. Flow chart for high viscosity 
pol yalphaolefin. 
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Figure 6. Flow chart for medium viscosity 
polyalphaolefin. 

6. DISCUSSION 

Clearly, the shear-thinning correction, 
hm z h N  / 4, where I$ is given by equation 
(61, improves the prediction of film thickness. 

SHF8001.10.C 

Figure 5. Film thickness for high viscosity 
polyalphaolefin. 

L 
1 o'2 1 o'! 1 

Vebcily. dms" 

Figure 7. Film thickness for medium viscosity 
polyalphaolefin. 

The mineral oil/polymer blend is expected to 
display a second Newtonian with a viscosity 
equal to or slightly greater than the low shear 
viscosity of the base oil. The base oil viscosity 
is, however, about one thousand times less 
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than the blend viscosity. Extrapolation from 
Figure2 shows that the second Newtonian 
would not be observed for shear stress less 
than about 1 GPa. This magnitude of shear 
stress is not expected in the inlet region and, 
consequently, the film thickness prediction is 
not effected by the absence of the second 
Newtonian in the assumed rheological 
model (2). I t  was necessary to perform the 
rheological measurements of the medium 
viscosity polyalphaolefin at pressures greater 
than those characteristic of the inlet region. 
Consequently, the value of 2, obtained is 
greater than would be appropriate for a film 
thickness analysis. A smaller T~ would 
improve the correction of film thickness for the 
medium viscosity polyalphaolefin. 

We offer a non-Newtonian correction 
formula for concentrated contact film thickness 
requiring only two rheological parameters 
beyond those currently used for the 
Newtonian solution. These new parameters, 
T, and m, may be obtained using existing 
rheometers. 
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EHL oil film thickness measurements for rape seed oil, camellia oil. olive oil. castor oil 
and glycerol have been carried out by optical interferometry. The experimental results 
showed that the central film thickness of castor oil and glycerol under rolling conditions was 
0.5-0.9 times thinner compared with the Hamrock - Dowson central film thickness formula. 
This fact was considered to be attributed to their poor wettability a t  the Iiquid/solid 
interface, which was estimated by observing the contact angle with the aid of a goniometer. 
Furthermore. the largest contact angle of glycerol was lowered by adding surfactant and 
brought about an increase in film thickness. It is suggested that the interfacial phenomena 
near the inlet side of the EHL contact region affects the EHL central film thickness, in 
particular. in case of vegetable oils and glycerol. Further. comparing oils with equal viscosity 
grades. vegetable oils with lower pressure-viscosity coefficients show lower traction coeffi- 
cients than the paraffinic mineral oils. The effect of wettability on the traction coefficient 
was unrecognized. 

1. INTRODUCTION 

The main component of vegetable oils 
comprises glyceride of fatty acids, biode- 
gradble oils have a superior to the per- 
formance for boundary lubrication. How- 
ever. the limitation of vegetable oils has 
been their high cost, and their thermal and 
oxidation instability. Therefore, it was 
mainly used for metal working lubricants. 
Recently the demand for biodegradable 
lubricating oil is increasing, vegetable oils 
as environmentally acceptable fluids are 
noticed [ 11. 

So f a r  in experimental research of elasto- 
hydrodynamic oil films mineral oils and 
synthetic oils were widely used. the use of 
vegetable oils was failed to notice. Thus. 
the traction and EHL film thickness mea- 
surements for vegetable oils were carried 

out by optical interferometry. A s  com- 
pared with mineral oils, behavior of vegeta- 
ble oils show considerable deviation con- 
cerning the EHL film thickness, in particu- 
lar. in maps of liquid/solid transition lubri- 
cation 121[3] and traction coefficient 141. 
It is confirmed tha t  the difference in 
wettability plays a significant role of this 
fact. Further, comparing oils with equal 
viscosity grades, vegetable oils with lower 
pressure-viscosity coefficients show lower 
traction coefficients than mineral oil se- 
ries. The effect of wettability on the trac- 
tion coefficient was unrecognized. 

The present investigations were carried 
out to clarify merits or demerits of vegeta- 
ble oils concerning EHL oil film thickness 
and traction. Furthermore, using the en- 
trapment of oil between normally ap-  
proaching elastic bodies, it is ascertained 
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the interfacial phenomena's effects on the 
EHL central film thickness. 

2. EXPERIMENTAL METHOD 

The apparatuses used in the present in- 
vestigation for measuring basic properties 
of lubricants are the viscometer of a fall- 
ing hall type, and the high pressure cylin- 
der for the density measurement at pres- 
sure up to 1.2 GPa and a t  temperatures 
from 0 to 100°C as described in the au -  
thors' previous report in detail 151. Hence. 
the general views of these apparatuses are 
omitted. 

For measurement of traction forces 
and  observation of EHL pat terns  by 
means of the usual interferometric meth- 
od. a rolling/sliding contact apparatus  
was used. It was composed of a pyrex 
glass or a sapphire optical flat of 40 mm di- 
ameter and 5 mm thick and a 23.8 mm di- 
ameter bearing steel ball for ellipticity pa- 
rameter k = l .  For ellipticity parameter k = 

3.6 a barrel shaped roller of 23.6 mm in 
maximum outer diameter and 84  mm in ra- 
dius of curvature in the meridian plane 
w a s  used. Fig. 1 shows a schematic dia- 
gram of the experimental apparatus used 
in this study. 

The experimental conditions in the trac- 
tion measurements are as follows: 
Maximum rolling speed u : 1 100 mm/s  
Con tact load W :  8 6 N  
Mean Hertzian contact pressure p 

with pyrex glass : 0.45 CPa. 
with sapphire : 0.90 GPa. 

with pyrex glass : 0.26 GPa. 
with sapphire : 0.52 GPa 

Temperature : room temperature 
The film thickness measurements were 

carried out at  mean Hertzian pressure 
0.26 GPa for k = 3.6 and 0.45 GPa for k = 

in circular contact. k= 1 

in elliptic contact, k=3.6 

1. 
The names and properties of tested lubri- 

cants are listed in Table 1. The main se-  
ries are classified into the following types: 
1.  Vegetable oils : rape seed oil. camellia oil. 

olive oil and castor oil 
2. Glycerol C3H5(OH13 
3 .  Surfactant containing oil: 

Polyoxyethylene 5% by weight used in 
solution in glycerol. 

P500N. PBSN 
Values of pressure-viscosity coefficient 

(K listed in Table 1 were all detcrmined as 
follows. Provided the validity of relation, 
In qi = In 110 t c r ~ .  ( I  was derived from the 
slope of plot using method of least 
squares .  For this ,  experimental data  
points in range q i  < 103 Pa.s arid pi < 0.33 
GPa were used 151. 

4. Paraffinic mineral oils P60N. P1 5 0 N .  

3. RESULTS AND DISCUSSIONS 

3.1 Film Thickness Measurements 
Fig. 2 shows the interference pattern for 

paraffinic mineral oil PBSN. We can see 
the well-known film shape having the flat 

p- I. ~ Light source 

M 

- 

belt 

I l l  I 
Lubricant reservoir 

Air bearing 

' Load 

Fig. 1 Schematic diagram of rolling - 
sliding apparatus 
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Table 1 Properties of Oils 
14 g/mL v, m / s 2  (1 ,  CPa-I 4)" q,. mN/m 
15°C 40°C 100°C: 40°C 23°C 23°C 

rape seed oil 0.9 189 35.7 8.06 9.0 12.0 34.1 
camellia oil 0.9 168 39.3 8.28 7.0 12.9 33.2 
olive oil 0.9 137 39.6 8.24 8.1 11.8 33.1 
castor oil 0.9666 241.0 17.50 11.3 18.7 33.1 
glycerol 1.263 1 209.3 12.00 3.7 48.1 40.1 
glycerol 
+ surfactant 5% 1.2549 181.0 11.45 3.4 23.4 31.4 

WON 0.8552 8.0 2.38 11.7 12.2 27.0 
P 150N 0.8620 29.9 5.28 12.7 11.0 28.3 
P500N 0.87 16 89.8 10.99 14.1 14.2 32.2 
PBSN 0.8772 379.3 29.10 16.4 12.9 31.2 
p : density, v : kinematic viscosity, u : pressure-viscosity coefficient 
4 : contact angle, uL : surface tension, surfactant : polyoxyethylene 

plateau region bounded by the horseshoe 
shaped constriction and the wake at the 
outlet region. When we compare the theo- 
retical film thickness and the experimen- 
tal film thickness, it is based on the lubri- 
cation regime. It is common practice for 
identification of the lubrication regime of 
point contacts to use Hamrock-Dowson di- 
agram [6] in which the regimes are divided 
as follows: isoviscous-rigid IR, piezo-vis- 
cous-rigid PR, isoviscous-elastic IE, and  
piezoviscous-elastic PE. The authors [3] 
previously pointed out that the most suit- 
ed representation for estimated of the solid- 
ified film thickness at  high pressure EHL 
contacts is concluded to use the liquid/sol- 
id transition lubrication diagram, where 
the product of pressure-viscosity coeffi- 
cient a and mean Hertzian pressure p as 
the abscissa and dimensionless parame- 
ter Gull4 as the ordinate are used. It is 
composed by combining Greenwood dia- 
gram [21, Hamrock-Dowson diagram and 
liquid / solid transition condition given by 
up. i.e., for liquid txp < 13, for viscoelastic 
solid 13 < a p  < 25, and for elastic-plastic 

p = 0.45 GPa 
U = 3 . 0 ~ 1 0 - l O  
a p  = 8.5 
G u l l 4  = 8.3 
h, = 1.3 pm 

0.5 mm 

Fig. 2 EHL pattern in rolling cotact 
(paraffinic mineral oil PBSN) 

0 cmnellla 011 
rn olive oil 
1-1 castor oil 
+glycerol 
0 glycerol 

v P500N 
)I BS 

+surlaclanl 5 

__  - - 

I 
I 

I I  I 

l V E l  E P  
I I 

I ,  I 

1 oo 10' 
a P  

Fig. 3 Experimental points in liquid/solid 
transition lubrication diagram 
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solid 25 < t r p  [71. The author’s experimen- 
tal ranges for circular contact k=  1 are plot- 
ted in Fig. 3. In our experimental range. 
the state of the lubricants is liquid and 
the lubrication regime is PE, therefore, the 
central film thickness calculated by the for- 
mula of Hamrock-Dowson for rlastohydro- 
dynamic lubrication. 

Fig. 4 shows central film thicknesses ob- 
tained under conditions of pure rolling 
with a load of 86 N for the case of k=3.6, 
where pure rolling was obtained by remov- 
ing the drive shaft from the barrel shaped 
roller and allowing the barrel shaped roll- 
er to be driven by the disk. For paraffinic 
mineral oil PBSN the measured film thick- 
ness is 1 . 1  times of the predicted value. 
The measured film thickness for castor is 
0.9 times of the predicted value. In particu- 
lar. for glycrrol that is main component of 
vegetable oil it is one half of the predicted 
value. 

So far with regard to the measured film 
thickness lower than  predicted value 
Wedeven. Evans and Cameron I81 and 
Chiu 191 observed the effects of oil starva- 
tion on film thickness.  Hlrata a n d  
Cameron [lo] reported the viscosity loss of 
the polymer thickened oils. In this study 
experiments are done under fully flooded 
condition, we couldn’t observe the oil star- 
vation. and also the tested lubricants con- 
tain no polymer. Therefore, we investigat- 
ed the effects of interfacial phenomena on 
the film thickness. 

The contact angle was measured on 
the glass disk with a n  aid of goniometer. 
Table 1 show the values of the contact an-  
gles. The cmntact angle of glycerol is so 
much higher. Therefore, it has  poor wet- 
tability. 

Fig. 5 shows the relation between the con- 
tact angle (I, and the nondimensional mea- 
sured film thickness h,/h, i.e.. the ratio 

of the predicted central film thickness h 
to the measured central film thickness 
h,. The nondimensional measured film 
thickness h,/h decreases with a n  in- 
crease the contact angle @. This fact was  
considered to t x  attributed to their poor 
wettability a t  the liquid/ solid interface. 
Furthermore, the largest contact angle of 
glycerol was lowered by adding surfactant 
and  brought about a n  increase in film 
thickness. It. is suggested that 1.he interfa- 
cial phenomena near the inlet side of the 
EHL contact region effects the EHL cen- 
tral film thickness, in particular, in the 
case of castor oil and glycerol. 

Moreover, it was supported that the re- 
covering time t of the wake after the sud- 
den stop decreases with a decrease in the 
contact angle @. Fig. 6 shows the relation 
between nondimensional measured cen- 

100; 

Y 

Jz 

i(--lLLaL-LL-- ,-,.-&I 

l o - ”  1 o-’O 
1J 

Fig. 4 Central film thickness in rolling con- 
tact ( p  = 0.26 GPa) 

0 20 40 
contact angel (P , deg 

Fig. 5 Effect of contact angle on central 
film thickness (rolling contact) 
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tral film thickness h,/h and non-dimen- 
sional number for interfacial phenomena 
qa/uLt, where CTL is surface tension listed 
in Table 1. a is the semi-width of the con- 
tact ellipse In perpendicular to the direc- 
tion of motion and t is recovering time of 
wake. I t  is suggested that the behavior of 
the inlet region under the EHL condition 
is similar to the behavior of the outlet re- 
gion. 

Next, we attempted to measure the en- 
trapment of oil between normally ap- 
proaching elastic bodies to verify the ef- 
fects of the interfacial phenomena on the 
EHL film thickness. A schematic diagram 
of the experimental apparatus I1 11 is 
shown in Fig.7. An optical flat of pyrex 
glass is clamped to the upper part. On 
the other hand, a bearing steel ball is at- 
tached to the upper end of a spindle sup- 
ported by an air bearing. The impact load 
is applied by releasing an electromagnet 
at the end of a lever. The steel ball with a 
static load 86 N was separated from the 
glass disk with a clearance of 0.06 mm. 

Fig. 8 shows the changes of in'terfer- 
ence fringe patterns with the elapse of 
time for castor oil. The authors previous- 
ly pointed out that under the condition 
showing O L ~ O  greater than 25, no leakage 
occurs corresponding to the elastic-plas- 
tic solidification, where po is the maxi- 
mum Hertzian pressure. When ap0 is low- 
er than 13. leakage occurs within a short 
period. Under the intermediate condition 
13 c up0 c 25. sealing effect is incomplete, 
but according to the value of clpo it main- 
tains for a considerably long period [ 121. 

In this study, apo of tested oils is in the 
range of 3.7 to 12.5, leakage occurred with- 
in a short period. So we recorded the se- 
quence of fringe patterns in a VTR and de- 
cided the maximum entrapped film thick- 

I 

";-3 lo-* r]  a / o L t  

Fig. 6 Relation between central Alm thick- 
ness and non-dimensional number 
for interfacial phenomena 

' ' ' " " '  

Tesl bdl. 

Hcater 

Fig. 7 Schematic diagram of impact test 
apparatus 
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ness hem,, of each oil. Fig. 9 plots hem, 
determined as such for all the 9 tested 
oils as a function of the lubricant parame- 
ter [131 aqo. The cross points in this fig- 
ure rearranges for the lubricant parameter 
avo at the previous results [ 111. It shows 
that the maximum entrapped film thick- 
ness hem, of the mineral oil series, rape 
seed oil, camellia oil and olive oil tends to 
increase with increasing the lubricant pa- 
rameter aqo, a single relation is obtained ir- 
respective of oils. However, the experimen- 
tal points of castor oil and glycerol with 
poor wettability show some deviation 
from the well-established relation in the 
case of the mineral oil series. Furthermore. 
the surfactant containing glycerol 
brought about an increase in the film 
thickness. Therefore, using the entrap- 
ment of oil between normally approaching 
elastic bodies, it was ascertained the inter- 
facial phenomena's effects on the EHL cen- 
tral f€lm thickness. 

3.2 Traction Measurements 
The authors previously pointed out 

that the most suited representation to esti- 
mate the traction characteristics is con- 
cluded to use the liquid / solid transition lu- 
brication diagram 141. The author's experi- 
mental ranges of elliptical contact k = 3.6 
at mean Hertzian pressure p = 0.26 GPa 
are plotted in Fig. 10. From this flgure, it 
is recognized that the lubrication regime 
is piezoviscous elastic (PE). The absolute 
values of the traction coefflcient were mea- 
sured varying slip ratios in positive and 
negative directions. Fig. 11 plots traction 
coefficients of castor oil as a function of 
G u l l 4  under mean Hertzian pressure 
0.26 GPa (k = 3.6). 0.45 GPa (k = 1). 0.52 
GPa (k = 3.6) and 0.90 GPa (k = 1). I t  
shows that traction coefficient under the 
constant pressure tends to decrease with 

increasing GU114, while in the range of 
lower G u l l 4  value the traction coeffi- 
cient reach constant high level papma 
and to increase with increasing mean 
Hertzian pressure [41. A number of papma 

for each test oil at mean Hertzian pres- 
sure 0.26 GPa, 0.45 GPa, 0.52 GPa and 
0.90 GPa are shown in Fig. 12. The re- 
sults show the traction coefficients of vege- 

rape seed oil 
carnellja oil 
olive oil castor oil 
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Fig. 9 Relation between entrapped Alm 
thickness and lubricant parameter 
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transition lubrication diagram 
Fig. 10 Experimental points in liquid/solid 
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table oils with lower pressure-viscosity coef- 
ficients a shown in Table 1 is lower than 
the mineral oil series of equal viscosity 
grades at  each mean Hertzian pressure. 
Furthermore, there is a linearly increasing 
relation between the papma at each 
mean Hertzian pressure and the pressure- 
viscosity coefficient cx of oils. 

Then, the traction coefficients of glycer- 
ol and surfactant containing glycerol is 
shown about the same values at  each 
mean Hertzian pressure. The effect of 
wettability on the traction coefficient was 
unrecognized. 

Fig. 13 shows the maximum traction coef- 
ficients papma of each oils and the prod- 
uct of the pressure-viscosity coef€icient a 
and mean Hertzian pressure p. It shows 
the /+mm tends to rise with increasing 
ap, where a p  is a measure of free volume 
of lubricant [4,5,7 I. 

I . I ' I ' I '  

- rape seed oil 
0 camellia oil 

- olive oil - 
- 0 castor oil 

n i I  I 1 

up'3.6 

10' 1 o2 
c; u 1'4 

Fig. 11 Effects of a p  and G u l l 4  on traction 
coefficient p 
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glycerol v 
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'P150N 
P500N v 
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0 glycerol x x  

v O v a  

' 0  

* d  n o  
-In 

10' 
a p  

700 

Fig. 13 Effect of a p  on traction coefficient 
Vapmax 

4. coNcLu8ION8 

Summarizing the experimental results, 
the following conclusion are drawn con- 
cerning the behavior of some vegetable 
oils in EHL contacts. 
(1) The central fllm thickness of castor 
oil and glycerol with poor wettability un- 
der rolling condition is 0.5-0.9 times thin- 
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ner compared with the predicted values. 
(2) The largest contact angle of glycerol is 
lowered by adding surfactant and brings 
about an increase in central film thickness. 
(3) Furthermore, using the entrapment of 

oil between normally approaching elastic 
bodies. it is ascertained. 
(4) These facts show the interfacial phe- 

nomena near the inlet side of the EHL con- 
tact region affects the EHL central film 
thickness. 
(5) In the full EHL regime, the traction co- 

efficients of vegetable oils are lower than 
the paraffinic mineral oils with equal vis- 
cosity grades. I t  is caused by lower pres- 
sure-viscosity coefficients of vegetable oils. 
Then, the effect of wettability on the trac- 
tion coefficient is unrecognized. 
(6) The maximum traction coefficient un- 

der the constant txp tends to rise with in- 
creasing t r p  both the vegetable oils and  
the paraffinic mineral oils. 
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Notation 
a 

b 

E 

G 
h 

k 
P 

he 

semi-width of contact ellipse in y 
direction 
semi-width of contact ellipse in x 

direction 
effective elastic modulus 

material parameter, a E' 
film thickness 
entrapped film thickness 
ellipticity parameter, a/  h 
mean Hertzian pressure 

[2 / E'=( 1 - v I ~ ) /  E 1 +( 1 -~22) /  E21 

po maximum Hertzian pressure 
R, radius of curvature in x direction 
t recovering time of wake 
U speed parameter, qou/E'R, 
u mean entrainment velocity 
( x  pressure-viscosity coefficient 
4 contact angle 
710 absolute viscosity at  atmospheric 

pressure 
p traction coefficient 
Y kinematic viscosity 
p lubricant density 
q, surface tension 

IE isoviscous-elastic 
IR isoviscous-rigid 
PE piezoviscous-elastic, EHL 
PR piezoviscous-rigid 

L liquid 
VE viscoelastic solid 
EP elastic-plastic solid 
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Estimation of pressure viscosity coefficient by high speed and high pressure 
traction drive test 
T. Nakamura, F. ltoigawa and T. Matsuhara” 

”Department of Mechanical Engineering, 
Nagoya Institute of Technology, 
Gokiso-cho, Showa-ku, Nagoya 466 Japan 

‘lraction tests under high speed condition are carried out for a traction fluid and the pressure viscosity coefficient ofthe traction 
Auid pressurized in an extreme short duration is estimated by coniparing calculated results with the experiniental results. Traction 
tests are performed on two roller traction drive apparatus in the surface velocity range from 18.9 to 44.0 nds. The experimental 
results suggest a practical use of traction drive device with the traction fluid used in this experiment. A relationship between 
the maximun~ traction coefficient which is important value for the practical design of the traction drive and the rheological 
properties including the pressure viscosity coefficient is numerically introduced. The effect of the surface velocity on the 
rheological properties is discussed with comparisons between the calculated results and the experimental results. Consequently, 
n o  effect of the short duration on the pressure viscosity coefficient of the traction fluid is found in this experimental condition. 

1. INTRODUCTION 

For a practical use of EHD traction drive, i t  is neces- 
sary to estimate rheological properties of traction flu- 
ids at the pressure and temperatures existing within the 
conjunction of the contact. I n  the viscoelastic model 
which indicates non-linear stress-strain behavior pro- 
posed by Johnson and Tevaarwerk [ 1 ], elastic shear 
modulus of the film, Eyring stress and viscosity under 
the high pressure are those of properties to lind out the 
magnitude of traction force. Many investigations have 
been carried out to measure the elastic shear modulus 
and Eyring stress in practical traction test at the tem- 
peratures existing or not 12-51, On the other hands, 
the viscosity under high speeds and high pressures has 
not been measured in practical situations hut done in  
static tests, for instance DAC, or i n  isothcrnial traction 
test [ 2 ] .  From the standpoint of the practical design 
and construction for the lubricated parts, for exam- 
ple, rolling bearing, gear tooth, CVT, and so on, i t  is 
important to clarify the relationship between pressure 
and viscosity under a high speed condition. Although 
several traction tests under high speed condition were 
reported [6,7], the relationship hetween pressure and 
viscosity was not discussed i n  these reports. The du- 
ration in which the fluid is subjected to extremely high 
pressure through thc contact becomes shorter with the 
increase in the surface velocity. The short duration 

may have an influence on  the rheological properties of 
traction fluid for the practical application of the high 
speed traction. 

In this report, traction tests are carried out for a trac- 
tion fluid. The pressure viscosity coefficient is esti- 
mated under high speed and high pressure condition 
on the traction drive test by taking note of the maxi- 
mum traction coefficient which determines the design 
of traction device. Experiments are carried out in the 
surface velocity range from 18.9 to 44.0ds at two 
pressure condition, 0.78 and 0.93 GPa, for the traction 
fluid “Santotrac 32” which correspond to “Santotrac 
50” manufactured by Monsanto Corporation. 

2. TRACTION TEST APPARATUS 

A traction test apparatus used in this research con- 
sists of two rollers which are independently driven 
by speed controlled motors as shown in Fig. 1 .  Both 
rollers arc spherical and in the same dimension, so it 
can be assume that the elastic contact between two 
rollers forms circular and flat contact plane. In this 
configuration, influence of a misalignment between 
two axes on the fluctuation of the pressure in the con- 
tact can be reduced rather than the case on two flat disk 
machine in line contact, especially under high speed. 

The rollers are supported by high precision angular 
contact bearings at the both ends. The traction forces 
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acting on the driver roller and the follower roller are 
detected by strain gauges attached on the torque tubes 
and are recorded through slip rings connected at the 
shaft ends. Rotational speeds of both rollers and a 
speed difference between them are also recorded. The 
traction fluid is poured into the conjunction at a rate of 
0.34 Umin, and traction fluid temperature is kept con- 
stant at 3OoC in this report. Roller specification and 
properties of traction fluid “Santotrac 32 ” are listed 
in table 1. 

In this system, traction forces of the driver roller, 
which are measured with the gauges, positively in- 
clude a friction force of one side of support bearing, on 
the contrary, negatively in the case of follower roller. 
Figure 2, where elastic tangential compliances of the 
rollers have been added, shows experimental results 
of traction coefficient on the follower side in the re- 
gion of low slip speed. The traction coefficients at 
zero slideholl ratio almost take value -0.002, regard- 
less of the applied normal load and roller surface ve- 
locity. This negative traction at zero slideholl ratio 
can be considered as a result of friction force of the 
support bearing. Accordingly, measured traction co- 
efficients are corrected by adding the value 0.002 in 
all conditions. 

Table 1 
Roller specification and properties of traction fluid 

Roller 
Material SUJ2 (AISI52100) 
Surface roughness 0.18 pm Ra 
Diameter 120 mm 

Santotrac 32’ 
Viscosity (4OOC) 0.027 Pa+! 
Density (20OC) 0.901 x 10’kg/m3 

Traction fluid 

* corresponding to Santotrac 50 manufactured by 
Monsanto Corporation 

3. TRACTION CURVE UNDER HIGH SPEED 
CONDITION 

Traction curves which represent a variation of trac- 
tion coefficient, p(= T/p) ,  with slideholl ratio, A(= 
AUIV) ,  are plotted in Figs. 3 and 4. The former is 

To 

1 2  6 3 4 5  
1 Slip ring 3 Torque tube 5 Coupling 
2 Revolution counter 4 Strain gauge 6 Support bearing 

Figure 1. Illustration of traction test apparatus 

 roller surface creep 
with elastic compliance 

-4 -2 0 2 
Slide/roll ratio x i U 4  

Figure 2. Estimation of support bearing friction and 
creep motion of roller surface due to elastic compli- 
ance 

obtained under high pressure, p = 0.93GPa, the lat- 
ter is low pressure, 8 = 0.78GPa, and roller surface 
velocity range is from 18.9 to 44.0 m / s  in both cases. 
The elastic compliance of the roller is not negligible in 
these conditions as shown in Fig. 2. So, the measured 
slideholl ratio, A, is corrected by subtracting the creep 
motion/roll ratio, A,, of the roller, which is obtained 
by following equation [8], 

P A, = 1.46 
(1 - v)E”’ 
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Figure 3. Traction curves obtained in several velocity 
condition, mean contact pressure F0.93GPa 

25.1 m/s 

31.4 mls S 

._ 
'd- 44.0 mls 
a, 
0 
0 

Figure 4. Traction curves obtained in several velocity 
condition, lower mean contact pressure than in Fig.3, 
jS=0.78GPa 

where v is Poisson ratio of roller material and E' is 
reduced elastic modulus. 

In Figs. 3 and 4, it can be seen that the roller sur- 
face velocity has little effect on the initial slope of 
traction curve at low slideholl ratio in both pressure 
conditions. This slope is proportional to the elastic 
shear modulus, G, of the traction fluid in the nip and 
inversely proportional to the aspect ratio of film shape, 
h/u. The little change of slope is the consequence of 

increase in the elastic shear modulus and increase in 
the film thickness as the roller surface velocity is in- 
creased. 

On the other hand, the variations of the traction 
curves with both the roller surface velocity and the 
contact pressure can be observed from non-linear re- 
gion to thermal region. The traction curves begin to 
leave from the initial slope line if the slide/roll ratio 
exceeds about 0.0003. The difference in the magni- 
tude of traction coefficient between different veloc- 
ity conditions increases as the slideholl ratio becomes 
larger. 

Each curve has a maximum traction coefficient, 
p,,,, at a slide/roll ratio, A,. The values of p,,,, 
and A,, are decreased with increasing the roller sur- 
face velocity. Nevertheless, the maximum traction co- 
efficient exceeds 0.1 for almost every testing condi- 
tion in this experiment. The slideholl ratio at p = 0.1 
is smaller than 0.003. The same results were reported 
for "Santotrac 32" when the inlet temperature was 
4OoC [5]. These results suggest a practical use of trac- 
tion drive device with the traction fluid used in this 
experiment. 

4. PRESSURE VISCOSITY COEFFICIENT 
AND EYRING STRESS 

In this experiment, the traction tests are carried out 
in non-linear viscoelastic regime because aj3 is in the 
range from 18 to 24 [9]. Thus, the stress-strain be- 
havior of EHD film can be represented with the fol- 
lowing constitutive equation proposed by Johnson and 
Tevaarwerk [ 1 1, 

1 To 7- 

G 17 7-0 
? =  -T+-sinh(-). 

If elastic shear modulus, G, Eyring stress, ro, and vis- 
cosity, 71, under high pressure in the EHD contact are 
known, the behavior of mean shear stress and shear 
strain can be obtained by integrating this equation over 
the EHD contact area. The elastic shear modulus, G, 
can be obtained from the initial slope of traction curve, 
because Deborah number, D, exceeds tenth in the ex- 
periment. So, 

(3) 

where N is normal load, a is Hertzian contact radius 
and suffix "0" denotes the value at low slide/roll ratio. 
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Assuming that the film thickness, h,  is uniform [ 101 
and the contacting footprint corresponds to Hertzian 
contact circle, equation (2) may be written non- 
dimensionally as, 

qU U q  ds 
-A = - - + sinh(s) 
r0h a G d X  (4) 

T 5 .  

70 a 
where s = -, X (= -) is non-dimensional distance 
in the peripheral direction of the roller. Temperature 
rise, AO, from the inlet fluid temperature, 00, is: 

0 . 1 5 4 p N A U  p N h A U  
a ( a k / p ' ~ ' C J ) O . ~  8ne2k ' AO = +- ( 5 )  

where I;',p' and c' are thermal conductivity, density 
and specific heat of the roller material respectively and 
I; is the thermal conductivity of the traction fluid. With 
this temperature rise, AO, the viscosity in the contact, 
17, is determined from Barus expression as, 

11 = qi exp(ap - PA@, (6)  

where qi is viscosity under atmospheric pressure at the 
inlet fluid temperature. Consequently, the constitutive 
equation can be rewritten as, 

To obtain the shear stress distribution, s ( X ) ,  above 
equation is integrated by using boundary condition at 
X = 0,s  = 0. Furthermore, integrating this shear 
stress distribution over whole contact area, mean non- 
dimensional shear stress, S is obtained as, 

The right-hand of above equation depends on S ,  A, ( 
and h. Though h is represented as 

h = hi exp(0.67<AS), (9) 

where hi is obtained by center film thickness formula 
under isothermal condition, both h and < are regarded 
as function of S and A.  Consequently, right-hand of 
equation (8) depends on S and A. 

From the point of view of the application, for exam- 
ple, designing for a practical traction drive machine, it 
is useful to introduce a relationship between the rhe- 
ological properties and the maximum traction coeffi- 
cient and the slide/roll ratio. Then, the mean shear 
stress S derived above is differentiated with respect to 
A: 

Though %/dA is included in the right-hand of above 
equation, its value is equal to zero at maximum trac- 
tion. So, above equation may be represented as the 
form of (I@, A) = 0. Here, equation (8) can be rewrit- 
ten as: 

f(s, A) = ss - s(X)dXdY = 0. (11) 

From these equations, if the rheological properties, 
that is, the pressure viscosity coefficient, a, and 
Eyring stress, TO, are known, S and A at the maxi- 
mum in the traction curve are derived by solving both 
f (E,  A) = 0 and g(S, A) = 0 simultaneously. Because 
integrations included in both equations can not be per- 
formed analytically and both equations are implicit 
expression with respect to S or A, these parameters can 
be derived only numerically. 

Integrating with Simpson's rule and solving simul- 
taneous equation with respect to S and A with Newton- 
Raphson method are performed when a and TO change 
in the ranges from 14 to 34GPa-' and from 4 to 
ISMPa, respectively. In Fig. 5, the trajectories of the 
maximum in the traction curve are illustrated for the 
various value of parameter TO. If the magnitude of TO is 
increased, the trajectory line considerably moves up- 
ward but slightly changes in the position with respect 
to A. The value of slide/roll ratio, A, at which the trac- 
tion coefficient reaches a maximum decreases as the 
roller surface velocity is increased. This trend agrees 
with the experimental results. 
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1 

Slide/roll ratio h m  

Figure 5. Variations of maximum point in traction 
curves with a for various value of parameter TO, San- 
totrac 32, p = 0.93GPa 

L 

.1 - 

P / ' a t c o " s t i  Trajectories of Pmax 1 

Figure 6. Traction curve by fitting polynomial expres- 
sion( 12) to experimental results and variation of max- 
imum point calculated for Santotrac 32, p = 0.93GPa 

5. DISCUSSION 

It is considered that the the value of pressure vis- 
cosity coefficient, a, under high speed condition will 
be found from the position of maximum in the traction 
curve. 

The following polynomial expression with respect 
to log(A) is fitted to the traction test results with the 
least square method: 

0.1 1 

h 
.- E 

w 

3 .a, 0.05 
E .o 

2 8  - %=const 

.- $5 

0.10 
-2.52 -2.5 -2.48 -2.46 -2.44 

Figure 7. Detailed illustration corresponding to rect- 
angular region of ABCD in Fig.6 

m 

k=O 

This fitting result gives both the magnitude of the max- 
imum traction coefficient, pmar, and slideholl ratio, 
A,, corresponding to the maximum point. The values 
of a and TO may be obtained by comparing the fitting 
result with the calculated results illustrated in Fig. 5 on 
the A-pmar diagram. The diagram shown in Fig. 6 is 
the case under the high speed and high pressure condi- 
tion(the roller surface velocity U = 44.0m/s, the mean 
contact pressure p = 0.93GPa). A rectangular region 
ABCD on the diagram is expanded into Fig. 7. By tak- 
ing it consideration that the ranges of the value a and 
TO are from 14 to 34GPa-', from 5 to ISMPa respec- 
tively in these figures, it is revealed that the variations 
of the magnitude of a and TO scarcely change the value 
of A, which indicates the maximum point. It is hard 
to find the values of a and T~ simultaneously from this 
diagram. Accordingly, the pressure viscosity coeffi- 
cient, a is estimated by taking a moderate value of TO 

into account. 
The film temperature rise with the increase in the 

roller surface velocity is very slight because a rate 
of increase in film thickness are considerably coun- 
terbalanced by a rate of decrease in T? at the maxi- 
mum point, and the roller surface temperature rise is 
inversely proportional to U'/ ' .  Evans and Johnson re- 
ported a week effect of pressure on Eyring stress, 70, 
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of the traction lubricant “Santotrac 50” which corre- 
sponds to “Santotrac 32” used in this experiment 121. 
So, i t  is assumed that TO has a constant value in this ex- 
periment. Thus, a can be measured with the diagrams 
in Fig. 6. 

Figs. 8 and 9 show calculated results of the max- 
imum traction coefficient, p,,,,, with roller surface 
velocity, l ’ ,  for the various value of pressure viscos- 
ity coefficient, a.  In these calculations, the value of 
Eyring stress, TO, was tixed in 10 MPa. This value was 
decided from experimental results of TO obtained for 
Santotrac 32, surface velocity , IT = 20 m / s  by Saito 
et al. [ 5 ] .  The filled circles in these tigures denote 
experimental results of maximum traction coefficient 
which are measured by titting polynomial expression 
mentioned above. The experimental results show re- 
ductions of p,,,,,. with the increase in 1 ;  in  the same 
manner as the calculated results where 0 is fixed at 
a constant value. These results suggest that the pres- 
sure viscosity coeflicient, a, is maintained nearly at 
constant regardless of the roller surface velocity. 

Fig. 10 shows film temperature rises calculated in 
the same condition as Figs. 8 and 9 , and the elas- 
tic shear moduli estimated from experimental results. 
Calculated results show small changes of temperature 
rise with the mean contact pressure and roller surface 
velocity. The elastic shear modulus, (,’, increases as 
the roller surface velocity is increased. This tendency 
agrees with results reported by Johnson ct a]. [ l ]  and 
Loewenthal [3]. 

6. CONCLUSIONS 

Traction drive tests under high speed condition are 
carried out for a traction Huid “Santotrac 32” and the 
pressure viscosity coeflicient of the fluid is estimated 
by comparing calculated results based on the non- 
linear Maxwell model proposed by the Johnson and 
Tevaarwcrk with the experimental results. 

Obtained conclusions are as follows; 

1. The maximum traction coefficient of the trac- 
tion fluid decrcascs as the roller surface veloc- 
ity is increased. Nevertheless, the value of the 
maximum traction coefficient exceeds the value 
0.1 in for almost every testing condition. 

2.  Calculated results show that the value of 
slide/roll ratio at which the traction coefficient 

E 

.- 
X 

10 20 30 40 I D 
Roller surface velocity (( m/s 

Figure 8. Estimation of pressure viscosity coefficient, 
7, = 0.93GPa, To = 1OMPd 

3 
Roller surface velocity U, m/s 

Figure 9. Estimation of pressure viscosity coefficient, 
p = 0.78GPa, TO = lOMPa 

reaches a maximum decreases as the roller sur- 
face velocity is increased. This trend agrees 
with the experimental restults. 

3.  It is hard to tind both the pressure viscosity co- 
efficient and Eyring stress simultaneously by 
comparing experimental result of the maximum 
traction point with calculated results. 

4. Variations of the pressure viscosity coefficient 
with the roller surface velocity can be estimated 
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Roller surface velocity U ,  m/s 

Figure 10. Film temperature calculated at the same 
condition as Figs. 8 and 9, and elastic shear modulus 
estimated with experimental results 

by fixing the Eyring stress. 

5 .  The duration in which the traction fluid through 
the pressurized contact has little effect on the 
pressure viscosity coefficient in the surface ve- 
locity range from 18.9 to 44.0 n d s .  
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Simulated lubricant non-Newtonian behaviour under elastohydrodynamic conditions 

S. Chynoweth, R.C. Coy, A.J. Holmes and L.E. Scales 
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Non-Equilibrium Molecular Dynamics Simulation (NEMDS) has been used to model the behaviour of 
simple lubricant-like liquids under extremes of pressure and shear rate, typical of those encountered in 
elastohydrodynamic (EHD) lubricated contacts. From these simulations, a 'molecular' constitutive equation has 
been developed and used to compute friction in an EHD line contact. NEMDS is carried out under constant 
volume conditions and the resultant pressure is obtained, whereas in real EHD conditions pressure is applied to 
the fluid and the volume changes. Previously reported results [ 1 1  using the molecular constitutive equation gave 
similar oil film thicknesses and friction coefficients to simple Newtonian lubricants at low load and speed 
conditions. At higher contact pressures, the Newtonian fluids gave unrealistically high friction coefficients, 
whereas the molecular constitutive equation gave sensible values reasonably close to experiment. However, at the 
most severe conditions tested, the molecular constitutive equation also gave unrealistically high friction values. In 
this paper, we correct the molecular constitutive equation to constant pressure and consider the effects of 
changing the parameters in the constitutive equation for two simple fluids: normal hexadecane and 2,2,4,4,6,8,8- 
heptamethy I-nonane. 

1. INTRODUCTION 

Classical Newtonian theory has been 
successfully employed by many researchers for the 
prediction of lubricant film thickness under 
elastohydrodynamic (EHD) lubrication conditions 
[2-41. This is because the hydrodynamic film 
thickness is primarily determined by the low pressure 
inlet region. However, friction is dependent upon the 
rheology of the lubricant within the high pressure 
contact zone and the assumption of Newtonian 
behaviour for lubricants in  elasto-hydrodynamic 
(EHD) lubrication has been shown in many cases to 
lead to large errors in the prediction of friction. 

There have been many models developed to 
overcome this deficiency. Those based around shear 
thinning have been successful in predicting friction 
[5,6], especially those models that invoke a 'limiting 
shear stress' for the lubricant which is linearly 
dependent on pressure [7]. The basis for this 
assumption lies in the experimental measurement of 
fluid properties at very high pressures and shear 
rates. The theoretical basis for this is less certain and 
many constitutive models have been put forward 
broadly based on a view that the lubricant flows as a 
plastic solid at some shear stress which varies with 
temperature and pressure. 

In this paper a constitutive equation derived from 
molecular dynamics simulations of normal and 
branched alkanes over a wide range of pressures and 
shear rates is used. This is a shear-thinning model 
based around the ideas of Rouse for polymer melts 
[8] and a four parameter flow curve originally 
proposed by Cross [9]. Using this constitutive model 
with a new robust numerical EHD solver, we 
demonstrate that it is possible to get realistic friction 
values for simple fluids. In a previous paper [ 11, we 
have shown that the assumption of constant volume 
in NEMDS did not correspond to experiment, where 
constant pressure is the norm. In this paper we 
correct the molecular constitutive equation to 
constant pressure and consider the effect of changing 
the parameters in the constitutive equation for two 
simple fluids, n-hexadecane (n-Cl6) and 
heptamethyl-nonane (i-C16). 

2. EHDSOLVER 

The software used for the macroscopic EHD 
simulations in this paper is a black box solver that 
has been developed for the accurate solution of line 
contact problems with a compressible or 
incompressible, isothermal or thermal, Newtonian or 
non-Newtonian fluid under steady or transient 
conditions [ 10,111. 
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ml) 

Non-Newtonian behaviour is characterized in the 
present work by a shear dependent viscosity law 
derived from molecular dynamics simulations (see 
Section 3). The software accurately solves problems 
over an extremely wide parametric range from the 
highest loads for which solutions have been reported 
in the literature 1121 down through the transition to 
the hydrodynamic regime. It uses a robust solution 
strategy based upon state of the art nonlinear 
equation techniques, linear algebra acceleration and 
adaptive meshing. The isothermal model employed 
here takes as input load, reduced elastic modulus, 
reduced radius, surface velocities, standard viscosity 
and pressurc coefficient of viscosity, along with 
viscosity and density model parameters. The outputs 
include pressure distribution, oil film shape, elastic 
deflections, viscosity distribution, minimum and 
central film thicknesses, friction force and coefficient 
of friction. 

“ 

3. NON-EQUILIBRIUM MOLECULAR 
DYNAMICS SIMULATIONS 

Non-equilibrium molecular dynamics 
simulations [ 13- 151 have indicated that liquids 
exhibit non-Newtonian behaviour at shear rates 
which, albeit high, are likely to be found in the 
lubricated contacts of automotive engines and other 
highly rated machinery operating under realistic 
EHD conditions. A concise statement of this 
behaviour at any state point for one specific alkane, 
P C , ~ ,  has been presented elsewhere 1161. This can 
be extended to any linear alkane, hence providing, in 
effect, a constitutive equation for linear alkanes. This 
equation is sufficient to provide the flow curve of 
any linear alkane given its zero-shear-rate viscosity 
at the appropriate state point and assuming the liquid 
phase. It is derived by drawing upon the strong 
analogy between the rheology of molecular liquids 
and that of polymer solutions which has been 
established in earlier studies. This approach for n- 
alkanes has been applied to the calculation of oil film 
thickness and friction under EHD conditions [ 11. 

Whereas NEMDS is carried out at constant 
volume, shear dilation effects mean that most 
experimental measurements are better characterised 
by constant pressure. As small volume changes have 
been observed under limiting shear stress conditions, 
pressure corrections must be applied to the NEMDS 

results in order to simulate the experimental 
conditions more closely. At every shear rate y, the 
density p was ‘manually’ adjusted so that 
corresponding constant volume NEMDS simulations 
could yield the same pressure p(y) as at equilibrium 
(y  = 0). The size of the pressure correction is only 
significant at the highest shear rates. The results are 
presented in Figure 1. The consequence of this 
correction is to increase the steepness of the flow 
curve, which we represent by increasing the value of 
the Cross exponent n. 

Figure 1: Effect of constant density / pressure o n  viscosity. 

The Cross Equation [9] has the correct features 
to describe the flow curve ( ~ ( y ) ,  where q is the 
viscosity and y is the shear rate) of linear alkanes. 
The equation can be written: 

which has four parameters: the asymptotic low and 
high shear-rate values of viscosity (denoted qo(p) 
and qm) and n and h, which govern the slope and 
position (in terms of shear-rate) of the shear-thinning 
region in which the bulk of the transition between the 
two asymptotes takes place. If ycri, is the shear rate 
at which the viscosity is mid-way between ‘qo and 
qm , then 

1 L=- 
Y crir 
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We also have 

i-C16 

and so h and n together govern the steepness of the 
transition, given qo and qm. 

po (Pa-') 1 . 9 6 ~ 1 0 ~  1 . 9 6 ~ 1 0 ~  - 
Putm 770 808 

p (Pa-') 1.2~10-9 1.0~10-9 

v (Pa-') 3 . 2 ~ 1 0 - ~  2 . 3 ~ 1 0 - ~  

The parameters n and qm are material constants for 
the given class of molecular structures, independent 
of the state-point and the molecular weight. This can 
be physically justified because at high shear-rates the 
molecules are aligned along the direction of flow so 
that the shear stresses are virtually independent of 
the length of the molecule. qm is fitted from the 
simulation data. 

qo encompasses the pressure dependence of 
viscosity according to a modified Roelands law: 

The value of qut,,,, the viscosity at atmospheric 
pressure, is available experimentally. a is the 
pressure coefficient of viscosity and z is a parameter 
that modifies the increase in viscosity at high 
pressures. These parameters are both obtained by 
fitting experimental data and, if treated 
independently of each other (necessary for the 
liquids in the present study), can give excellent fits 
for a wide range of fluids. po is a universal constant. 

The shear-rate at which shear-thinning takes 
place is governed by the characteristic relaxation 
time of the molecule, marking the point at which 
aligning effects of the hydrodynamic flow are 
sufficient to overcome the thermodynamic relaxation 
of the molecule. Accordingly, we have estimated the 
parameter h by the Rouse relaxation time [8]: 

where ycrir is the shear rate at which the viscosity is 
mid-way between qo and qm, K is a structure 

dependent constant, T is the temperature and p(p) is 
the density given, according to Dowson and 
Higginson [3], by 

p and v are parameters obtained by fitting 
experimental data and put,,, is the density at 
atmospheric pressure. For n-alkanes [ 11 

K =6M/n2R (7) 

where M is the molecular weight and R is the gas 
constant. For branched alkanes, K is fitted from the 
simulation data. Combining Equations (1-7), we 
obtain viscosity as the function 

This paper studies the normal and branched 
hydrocarbons n-CI6 and i-C16, for which the data in 
Table 1 pertaining to equations (1-7) have been 
obtained by fitting to experimental data or from 
NEMDS simulations, as appropriate. The values for 
n are those derived from constant volume 
simulations and are too low. Therefore the effect on 
friction of varying n will be explored in Section 4. 

I ql.. (Pas) I 1 . 3 4 ~ 1 0 - ~  I 3 . 6 3 ~ 1 0 - ~  I 
I K 10.0165 10.0125 I 
I n I 0.65 I 0.76 I 

~~ 

Table 1:  Viscosity parameters for "CI6 and i-C16. 
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Figure 4n: n-C16 friction coefficients. Newtonian. 
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Figure 4b: friction coefficients. n = 0.65. 

Figure 4c: mC,, friction coefficients, n = 1.00 
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Figure 4d: n-C,, friction coefficients, R = 1.35. 

Figure 5a: i-C,6 friction coefficients, Newtonian. 
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Figure 5b: i-C,6friction coefficients, n = 0.76. 
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4. APPLICATION OF THE NEMDS 
CONSTITUTIVE EQUATION TO EHD 
LUBRICATION 

The EHD solver has been used to compare the 
Newtonian (dq/ay = 0 )  and non-Newtonian cases 
using the constitutive equation (1) for n-C,, and i- 
CI6. The calculations are for isothermal conditions. 
Figures 2 and 3 plot the viscosity q as a function of 
shear rate y and pressure p as given by equation (1) 
for n = 0.65, 1 .O and I .35. Figures 4 and 5 show the 
variation of friction coefficient p with pressure 
(logarithmic scale) and slideholl ratio for n-C,6 and 
i-C,6 in both the Newtonian case and with a variety 
of n values. 

In practical EHD situations, such as in gears, 
valve trains and traction drives, contact pressures 
over lGPa are common. Film thicknesses can be 
very small (of the order of a few tens of nanometers) 
and, for example, in valve trains shear rates over lo* 
s-l can be inferred [17]. In traction drives, the 
slideholl ratio is one of the most important 
parameters in determining the friction, hence Figures 
2-5 cover most practical applications. 

5. DISCUSSION 

A molecular geometric analysis provides 
valuable microscopic understanding to the observed 
macroscopic EHD non-Newtonian behaviour. The 
intermolecular rearrangement caused by the applied 
shear manifests itself in changes to the molecular 
orientation functions [13]. These go from being 
essentially spherical when the molecules are 
randomly oriented (at equilibrium and in the first 
Newtonian region) to becoming more ellipsoidal as y 
is increased, indicating an increasing intermolecular 
alignment. This is the underlying mechanism for 
shear thinning and is also a possible explanation for 
limiting shear stress. 

Figure 2 depicts the viscosity (equation (1)) for n-C,6 
as a function of pressure and shear rate for three 
different values of the Cross exponent n. The 
increase in the steepness of the transition in the shear 
thinning regime with increasing n is clearly seen, 
both at low and high pressures. For a given value of 
n, there is also an increase in steepness with 

pressure, since, via equation (3, pressure thickening 
is incorporated in h in equation (3). More 
importantly, increasing h in this way has exactly the 
same effect in equation (1) as increasing shear rate. 
Therefore the whole transitional region is moved 
towards lower shear rates as the pressure increases. 
This effect is greater the higher the value of n,  and in 
Figure 2c is seen to lead to an actual drop in 
viscosity with increasing pressure at the highest 
pressures for n = 1.35. 

Figure 3 depicts the corresponding viscosity 
functions for i-C,6. This liquid has much stronger 
pressure thickening characteristics than n-C,, (a and 
z in Table 1)  and behaves rather more in  the manner 
of a traction fluid. It shows the same characteristics 
as n-C,, but in a more exaggerated form. In 
particular, the fall-off in viscosity at high pressure is 
very marked. This effect is likely to be important in 
the performance of traction drives (real traction 
fluids have much stronger pressure thickening 
properties even than this). 

Figure 4 depicts coefficient of friction p as a 
function of maximum Hertzian pressure and 
slide/roll ratio for n-C,, as computed for a complete 
contact by the EHD model. Figure 4a shows that, for 
the Newtonian case, friction increases with both 
slideholl ratio and pressure to a value of 0.03. In 
Figures 4b-4d, the shear thinning non-Newtonian 
constitutive equation is used for three values of the 
Cross exponent n. The effect of increasing n is to 
progressively reduce the coefficient of friction at the 
highest pressure and slideholl ratio from 0.01 at 
n = 0.65 to 0.006 at n = 1.35. This is a consequence 
of the reduction in viscosity at high pressures 
discussed above. The levelling out and eventual turn- 
down of the coefficient of friction at higher slideholl 
ratios with increasing pressure is a result of the 
increasing importance of shear thinning behaviour 
within the contact under the given operating 
conditions. This mimics experimental results run 
under approximately isothermal conditions [ 181. 

The effect of changing structure from linear to 
branched is partially illustrated in Figure 5 .  The 
Newtonian model (Figure 5a) gives unrealistically 
high coefficients of friction of over 3000. The shear 
thinning model (Figure 5b) shows the levelling out of 
coefficient of friction to about 0.25 with slideholl 
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ratio, even for a value of n = 0.76. This is a 
consequence of the different response of the two 
fluids to pressure, as discussed above. There is much 
less pressure thickening with the former at high 
pressures and hence a lower coefficient of friction, 
other things being equal. This is illustrated in  Figure 
6, which shows that z has a much stronger influence 
on the coefficient of friction than a. This reflects the 
effect that different molecular structures have on the 
response of the fluid at high pressure. 

,, ' L L C ~ '  T 10% slide-to-roll ratio / 

I 

1 2 a a l  ~ 

I-&, a = 1.30, z = 0 80 
l r n O l f  

nmm - 

n-C,,, a = 1 50, z = 0 13 

I 
SW.(YI 75a.m 1m.w I Z Y + W  ,5a,m 1 7 ~ m  zmm 

Pressure 

Figure 6: Effect of viscosity pressure coefficient on p. 

6mUI T 20% slide-to-roll ratio 

Figure 7: Effect of Cross equation exponent on p, 

The effect that changing n has on the coefficient of 
friction for i-C,6 for a given slide/roll ratio is 
clarified in the example given in Figure 7. Here, the 
coefficient of friction is plotted against pressure at 
20% slide/roll ratio. Initially the coefficient of 
friction is highest with n = 1.35, but, as the pressure 
increases, the order reverses so that n = 0.65 gives 
the highest coefficient of friction. This is in response 

to the steeper drop in viscosity and the earlier onset 
of shear thinning at higher pressures. 

The analysis of our molecular model combined with 
the macroscopic EHD solver provides insight into 
the role of molecular structure in determining friction 
under realistic conditions. The importance of non- 
Newtonian effects on calculating coefficient of 
friction and how they vary with structure has been 
demonstrated. Current work is being directed to 
modelling friction with a wider range of molecular 
structures. 

6. CONCLUSIONS 

1. We have demonstrated that a shear thinning 
constitutive equation for simple fluids can be 
derived from non-equilibrium molecular 
dynamics simulations. 

2. The effect of constant pressure simulations rather 
than constant volume is to effectively increase 
the Cross exponent n. 

3. This constitutive equation can be applied to the 
continuum equations for EHD lubrication under 
realistic conditions. 

4. The effect of increasing n can be to increase or 
decrease friction depending upon the pressure. 

5 .  Increasing the pressure coefficient of viscosity 
increases friction. 

6. The NEMDS constitutive model shows that 
realistic friction coefficients can be derived in 
comparison with the simple Newtonian case. 
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Elastohydrodynamics of gears 

R W Snidle and H P Evans 

School of Engmeering 
University of Wales Cardiff, Cardiff CF2 1YF 

The paper describes recent experimental and theoretical work on the elastohydrodynamic lubrication of gears. 
Gear tooth contacts tend to operate under conditions where the film is thin compared to surface roughness. This 
feature is shown to have a significant effect on scuffing capacity and friction and is also thought to be a factor in  
micropitting. Recent developments in thin film micro EHL theory are described and these should lead to a better 
understandmg of the behaviour and modes of surface distress in gears. The application of EHL analysis to the 
special types of contacts occurring in conformal and worm gears and thrust cones is also described. 

1. INTRODUCTION 

The mechanism responsible for the protection of 
the surfaces of heavily loaded rollinglslidmg 
contacts such as those between gear teeth is 
elastohydrodynamic lubrication (EHL). However, 
an important feature of gear tooth contacts is that 
the surfaces produced by present day manufacturing 
methods have roughness features that are of the 
same order or even significantly greater than the 
thickness of the oil film predicted by classical EHL 
theory [ 11. Consequently they operate under 
conditions described as "partial", "mixed or 
"micro" EHL. In theoretical solutions of both the 
dry contact and micro-EHL problems the presence of 
significant roughness leads to a severe rippling in 
the contact pressure distribution with maximum 
values far in excess of the Hertzian values expected 
when the surfaces are perfectly smooth. A practical 
problem whch is directly associated with these 
effects in hardened steel gears is that of 
"micropitting". A second form of surface failure in 
which roughness effects appear to play a part is that 
of scuffing. In this case the presence of gaps 
between the loaded surfaces in the nominal contact 
region allows leakage and escape of oil from the 
contact which can lead to complete collapse of the 
EHL film. 

Unlike rolling element bearings, which tend to 
have relatively good surface finish, most gears rarely 
have a finish better than about 0.4pm roughness 

average (Ra) and nominal oil films are typically 1p 
m (far less than this value under high temperature or 
low speed conditions). 

The particular problems of gear tooth contact 
lubrication have been highlighted by the British 
Gearing Association (BGA) [2] in its document: 
"Framework for transmission engineering research 
for the UK". The case prepared by BGA for basic 
research was founded upon an extensive survey of 
the gearing industry, and detailed requirements have 
been assessed by the Gear Research Foundation. 
The practical need for research on gearing in 
general is thus well made by BGA. In relation to 
tooth lubrication theory BGA concluded that 
"Conventional EHL theory does not satisfactorily 
explain lubrication of the gear mesh" 

The aim of t h s  paper is to draw attention to the 
need for research on gear tooth contact lubrication 
that will lead to a better understanding of the 
problems of micropitting and scuffing and gear 
lubrication in general. 

2. SCUFFING 

Scuffing is a form of surface &stress that can 
a€Fect gears running at high speeds or at high 
temperatures. Although there is no accepted 
explanation for the mechanism of scuffing it appears 
to be linked (in some situations) to the physical 
failure of the EHL mechanism. In attempting to 
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avoid scuffing problems the gear designer often 
specifies the use of chemically active extreme 
pressure (EP) additives in the lubricating oil or some 
form of surface treatment for the gears such as 
hardening or nitriding or a combination of these. 
Recently Patching et al [3] have shown 
experimentally that an improvement in the surface 
finish of hardened and ground steel discs can 
produce a signlficant improvement in scuffing 
performance. Scuffing tests to compare the 
performance of conventionally ground with 
superfinished (polished) dlscs showed an increase in 
the load at scuffing by a factor of about two. An 
additional benefit of the polishing process was that 
significantly lower friction and bulk metal 
temperatures were produced (see 94) . It should be 
emphasised that the ground and superfinished discs 
were of the same steel which was case-carburised 
and hardened to the same specification for both 
types of finish. The quality of the polishing process 
used is illustrated in Figure 1. Collected results 
from the series of scuffing tests to compare ground 
and supertinished discs are shown in Figure 2. 

I 

I w y  lpm 

I 

Figure 1. Comparison of (a) ground and (b) 
superfinished surfaces used in disc machine 
experiments. 

Analysis of EHL between typical gear tooth 
surfaces in contact strongly suggests that scuffing 
can be explained by the physical failure of the 
lubrication mechanism due to sideways leakage of 
lubricant near the edges of nominal point contacts, 
and within nominal line contacts due to waviness in 
the direction transverse to that of rolling/sliding. 

Figure 3 shows a scuffing scar at the edge of an 
elliptical contact: it is easy to envisage the leakage 
of oil from the loaded area in a transverse direction 
along the relatively deep valleys between asperities 
produced by the gnnchng process. 

IS00 1 
3000 4 

1000 1 
500 1 
0 4  - 

5 5 10 IS 23 25 10 

SLIDI\(. YPk F D  ( t i t ’ s )  

Figure 2. Results of s c a n g  experiments using 
steel discs. Lubricant: Mobiljet 2; oil feed 
temperature 100 degC. 
0 ground surfaces; superfhished surfaces 

Roughness valleys are therefore seen as vulnerable 
features of the surface when considering lubrication 
effects. This idea has been pursued theoretically [4] 
in a simple model of EHL film failure in which a dry 
contact analysis has been used to provide the 
geometry of gaps (due to valley features of 
roughness) between lubricated surfaces under thin 
film conditions. The magnitude of the transverse 
pressure gradients needed to cause significant 
sideways leakage in these gaps, and hence collapse 
of the film, is consistent with that present at the 
edges of real EHL contacts under similar operating 
conditions. 

In a more sophisticated development of this model 
now being pursued the transverse pressure gradent 
is no longer regarded as a disposable quantity but is 
calculated on the basis of a detailed analysis of oil 
flow in the gaps when subjected to boundary 
conditions at the edges of real contacts. This 
approach to modelling of film thinning and loss in 
real contacts shows promise as a means of 
explaining the physical limits of EHL films. 



273 

3. MICROPITTING 

Micropitting is pitting (rolling contact fatigue) on 
the scale of the roughness, as opposed to classical 
pitting which is on the scale of the nominal Hertzian 
contact dimension. With increased use of hardened 
gears micropitting has become of widespread 
concern. Although micropitting affects gears of all 
types it has become particularly troublesome in 
heavily loaded gears with hardened teeth. The 
problem has been studied by researchers [ 5 ]  [6] [7] 
[S] and is well known to gear designers [9 ] .  
Micropitting is also described as "frosting" or "grey 
staining" in the industry. It is characterised by the 
presence of fine surface pits and the Occurrence of 
local plastic deformation and shallow surface cracks. 
The condition can lead to significant wear of the 
surfaces causing loss of profile of the teeth. More 
serious cases precipitate scuffing and even complete 
fracture of the tooth. The problem is widespread 
and its solution has a high industrial priority. 

pressures and, through non-Newtonian and time- 
dependent behaviour, determine the traction forces 
at the micro contacts. The important subsurface 
stress field is therefore affected by the presence of a 
micro EHL film. 

The mechanism of plastic ratchetting brought 
about by asperity pummelling or cyclic stressing at 
the edges of micro contacts described by Kapoor and 
Johnson [ 131 may be a factor in micropitting. Work 
which has so far been directed towards an 
understanding of failure of railway wheel contacts 
undergoing plastic deformation may also have 
relevance to the problem [ 141. 
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Figure 4. Friction force at dlsc contact. 
W + groundsurfaces; 
0 A superfinished surfaces. 

4. FRICTION AND HEAT TRANSFER 

Figure 3. Scuffing scar (vertical mark) on surface of 
a ground steel disc at edge of contact regon. 

The causes of micropitting are not fully 
understood, but it is generally agreed that surface 
roughness and the lugh contact stresses at asperity 
contacts within the overall Hertzian contact are the 
key factors. A thorough understanding of the 
stresses at asperity contacts is clearly needed. 
Useful information can be obtained using elastic 
contact simulation [ 101 [ 1 11 or elastic/plastic contact 
simulation [ 121 which ignore the presence of the oil 
film. However, it is necessary to consider micro- 
EHL effects since these influence the contact 

The efficiency of work transfer in a gear mesh is 
generally in excess of ninety percent, so in many 
industrial applications overall efficiency of a geared 
transmission system is not a major issue. However, 
in high technology applications such as aerospace 
the losses arising from friction can become of 
critical importance. For example, the need for ever 
greater efficiency of propulsion systems for large 
transport aircraft has led to serious consideration of 
geared propeller engines or "geared fans" where a 
reduction gear drive is used to match the speed of an 
optimum-efficiency gas turbine to that of an efficient 
propeller or fan. The powers involved are hgh, 
typically 30 MW or even higher. In these 
applications reduced gear tooth friction can 
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Figure 5. Results of gear friction test Graphs show gearbox friction force and gear tooth bulk temperatures. 

potentially lead to significantly lower amounts of 
heat being generated at the tooth contacts and hence 
less bulky cooling arrangements. 

Measurements of bulk temperatures in  a lugh 
speed twedisc machine used to simulate aerospace 
tooth contact conditions shows the potential benefits 
of superfinishing of the surfaces [15]. Figure 4 
shows a typical comparison of disc friction values in 
this rig under the same operating condtions of 
rolling and sliding speed. 

In current research at Cardiff measurements of 
losses in gearing are being made using a special 
gearbox mounted on trunion bearings. At high 
speeds the nature of the convective heat transfer 
between the oil jet and the gears becomes a 
signlfcant factor in determining their temperature. 
Figure 5 shows some preliminary results of overall 
losses and gear tooth bulk temperatures as a function 
of speed obtained from the rig. In future work losses 
and temperatures will be compared with 
conventionally ground and superfinished gears and 
experimental values of friction with predictions from 
micro EHL theory. For this work it will be 
necessary to use the thin film EHL solver described 
by Elcoate, Evans and Hughes [16] (see $ 5 ) .  The 
solver will be developed for thermal, non- 
Newtonian, time-dependent conditions for t h s  
purpose. 

a 

Figure 6. Three-dimensional visualisation of surface 
of a ground steel gear tooth. 

5. MICRO EHL THEORY 

Considerable progress has been made with 
modelling of roughness in EHL contacts starting 
with idealised single features or sinusoidal waves 
and progressing to measured (real) roughness on 
both line and point contacts. Most analyses are 
based on the twedmensional or nominal line 
contact assumption. This is a reasonable 
assumption in the case of conventional involute, 



parallel axis gears where rolling/sliding takes place 
across the finishing marks wtuch are close to being 
two-dimensional, as may be judged from Figure 6. 

The early attempts to model micro EHL were 
based upon a sinusoidal representation of roughness 
under steady state conditions (Goglia et al [17]; 
Lubrecht et al [18]; Kweh et al [19]; Elsharkawy 
and Hamrock [20]) More recently real surfaces as 
represented by profilometer traces of actual surfaces 
have been used in steady-state solutions (Sadeghi 
[21]; Kweh et al [22]; Venner, et al [23]). The 
problem of non-steady (i.e. moving roughness) 
conditions has been addressed by Chang and 
Webster [24], Chang [25], and Chang et al [26] 
using sinusoidal roughness, and by Ai and Cheng 
[27] with random roughness. The influence of non- 
Newtonian effects in micro EHL solutions in general 
has been reviewed and studied by Chang and Zhao 
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Figure 7. Results of micro-EHL analysis of ground 
steel surfaces. (a) pressure distribution shown 
relative to Hertzian; (b) film thickness profile. 

A comparison of micro EHL of ground and 
superfinished surfaces [29] is shown in Figures 7 
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and 8. The surface profiles shown in these 
simulations were taken from discs used in the 
experimental work described in $2. 
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Figure 8. Results of micreEHL analysis of 
superfinished steel surfaces. (a) pressure distribution 
shown relative to Hertzian; (b) film thickness 
profile. 

The main problem with such solutions is in 
simulating condltions in which the oil film is of the 
same order or much smaller than the roughness 
amplitude, as it apparently is in many gears. These 
simulations of rough EHL contacts show sharply 
rippled pressure distributions with maximum 
pressures typically exceeding twice the 
corresponding Hertzian maximum pressure. The 
latest solutions of this type show that the inclusion 
of non-Newtonian lubricant behaviour and 
consideration of the roughness moving relative to 
the contact tend to reduce the pressure ripples but 
also tend to give thinner oil films. Rippling of the 
pressure distribution clearly has implications for 
surface fatigue effects such as pitting and micre 
pitting and the reduction of pressure in valley 
features, if extreme, can produce a sharp decrease of 
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viscosity and hence greatly enhance the tendency of 
the oil to leak from the contact in  the sideways 
direction. 
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Figure 9 Results of micro-EHL analysis under very 
thin film conditions Minimum film thickness 0 05 
pm, rolling speed 22nds, sliding speed 27 3m/s, 
lubricant Mobiljet 2 at 192 degC 

The effects of non-Newtonian lubricant behaviour 
and the transient (moving roughness) problem have 
been included in the most recent numerical models. 
However, the practically important case of high 
(roughness/filni thickness) seems to present a very 
difficult numerical problem. In order to study real 
gear tooth contact problems it will be necessary to 
model cases where the depth of roughness features is 
at least ten times greater than the minimum film. 
For this purpose a special line contact micro EHL 
solver has been developed by Elcoate et al [16]. 
With this solver it is possible to investigate 
conditions in which the minimum filni is extremely 

thin compared to the deepest valley features of 
roughness as shown in Figure 9. 

6. THRUST CONES 

Thrust cones are conical rims placed on the end 
faces of single helical gears in order to react the 
axial force that occurs when the gears are 
transmitting torque. If the apex angle of the mating 
thrust cones is large (i.e. close to 180 degrees) and 
equal, then the geometrical conformity of the line 
contact between the cones is high, and conditions 
favour the generation of a thick EHL filni. There 
appears to have been little basic work on the 
modelling of thrust cones and the approach taken by 
designers has been to use cones having apex angles 
giving very high conformity. 

Figure 10. Severe thinning at the edge of a thrust 
cones contact. Load 106kN; central film thickness 
12.6pm; minimum fi lm thickness 0.3 lptn. 

Contour key 

4 6pm 5 8pm 6 1 Opm 
7 12pn1 8 15pin 9 2Opm 
10 30pm 11 4Opm 12 6Opm 
13 8Opi11 

1 Ipm 2 2pm 3 4pm 

Full elastohydrcdynamic lubrication analysis of a 
typical thrust cones design [30] shows that in theory 
these devices can generate substantial oil films 
which should provide complete separation of the 
lubricated surfaces. A typical fi lm at the centre of 
the contact regon is about 12pm. The Ra of 
surfaces used in thrust cones applications is likely to 
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Figure 1 1. Film thickness contours for a worm gear tooth contact. Load 1 1.6 IcN. 
Contour key 

1, 0.25pm.; 2, 0.5Opm.; 3, 1.00pm.; 4, 2.00pm.; 5,  4.00pm.; 6, 8.00pm.; 7,20.OOpm. 

be lpm or less. This "central" value of the film 
thckness correlates well with the value predcted 
from classical EHL theory [l]. However, the 
analysis also predcts severe thinning of the film at 
the edges of the contact regon as shown in Figure 
10. Whereas the central film thickness is almost 
independent of the load (as we would expect from 
classical theory), the minimum film thickness falls 
sharply with the load to levels at which some 
asperity interaction is expected. The side-thinning 
effect places a practical limitation on the loadmg of 
thrust rims of purely conical form. msalignment 
further increases the possibility of edge contact. 
Edge effects in thrust rims of purely conical 
geometry are therefore ldcely to reduce their 
effectiveness and durability. 

A better solution is acheved by crowning one of 
the surfaces to give a self-aligrung or point contact 
between the thrust rims. Analysis of naturally 
relieved contacts of this type shows sigruficantly less 
thnningwith load [30], [31]. 

7. WORM GEARS 

The lubricated contacts in worm gears are similar to 
those occurring in high conformity Wildhaber- 
Novikov gears [32] gving rise to particularly severe 
conditions because of the elongated shape of the dry 
contact regon. The contact geometry is non- 

symmetricahon-Hertzian and although entrainment 
of the oil is predominantly along the major axis of 
the contact its direction varies throughout the area of 
the conjunction (i.e. a sigruficant spin component of 
velocity is present). High sliding and heat 
generation in the contact necessitate a thermal/non- 
Newtonian EHL treatment. A typical solution 
obtained for a worm gear contact is shown in Figure 
11. 

In the design of worm gears it is usual to aim for 
close conformity of the worm and wheel surfaces in 
the entraining direction, but too high a degree of 
conformity can result in the contact reaching the 
inlet edge of the wheel tooth. Conditions for 
effective film generation are therefore severely 
worsened. Some degree of mismatch of the tooth 
curvatures is required to provide the necessary 
converging inlet to the contact. For unidirectional 
drives it is possible to arrange for the position of the 
contact on the wheel tooth to be biased towards the 
outlet of the contact to provide an optimum inlet 
region whilst making best use of the potential area 
of contact in order to minimise contact pressures. 
Hydrodynamic lubrication considerations clearly 
have their part to play in worm gear design and 
detailed EHL analysis allows these effects to be 
properly quantified. 
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8. CONCLUSION 

The distinguishing features of EHL contacts in gears 
are: 

(i) surface roughness effects including micro EHL 
under non-steady condtions; 

(ii) the presence of sigdicant slidmg and frictional 
heating; 

(iii) non-Hertzian and non-symmetrical contact 
geometries; 

(iv) edge effects and the importance of edge relief 
and self-aligning configurations. 

Progress is being made in the analysis of 
roughness/micro EHL but the main requirement is 
the ability to model the severe conditions under 
which scuffing and micropitting failure occur. This 
requires EHL solvers capable of dealing with cases 
in which roughness amplitude is typically an order 
of magnitude greater than the minimum film. Such 
solvers must include thermal, non-Newtonian and 
time-dependent effects, and in order to model the 
sideways leakage of oil from valley features of 
roughness in gears, it will be necessary to include 
two-dimensional effects. 

The worm gear contact embodies all the above 
features and represents a major challenge for EHL 
modellers. 
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1 .  SUMMARY 

This work reports practical data that underline 
the lubricating performances of 
perfluoropolyethers using a worm gearmotor 
bench test, in comparison with the 
conventional fluids currently used. 
Mineral oils, synthetic oils and fluorinated oils 
were tested at very severe operating 
conditions (high torque, low service factor, 
high thermal stress) in order to evaluate the 
effect of chemical structure and viscosity on 
the performance. 
The computer controlled bench test, 
consisting mainly of a D.C. motor connected 
to a worm reducer generator via an 
overgear, was equipped with thermocouples 
and inductive torque meter. 
All the data were continously monitored and 
the temperature and torque were recorded as 
a function of time . 
At the end of the tests all the lubricants 
were analyzed to detect the amount of solid 
particles. These results were used as a 
reference to evaluate the wear of the gears 
during the operation. 
Among the fluid tested, linear perfluoroether 
with viscosity of 280 cSt at 20°C ( M30 ) 
showed the best performance in terms of low 
wear, high power trasmission ability and 
low operating temperature. 

- Bollate - ITALY 

2. PURPOSE OF THE WORK 

The objective of this work was to evaluate 
the behaviour of fluorinated oils as lubricants 
in worm reducers. 
The two key operating parameters of worm 
reducers are the very high sliding speed in this 
particular coupling (about 1,75 d s ) ,  
and the very low pressure between the teeth of 
worm and the worm wheel.This value is about 
200 N/mm2, compared with 1,600 N/mm2 of 
the gear reducers having spur-bevel gears. 
The effect of the following parameters 

- base fluid 
- fluid structure 
- fluid viscosity 

on the final performances of the products was 
evaluated. 

3 .  EXPERIMENTAL 

3.1. Equipment 

The scheme of the bench test is shown in Fig. 1 
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Fig. 1 
LUBRICATION TESTS IN WORM QEARMOTORS 

1. Tacho-gonomtor 
2. D. C. motor operating as 

8. Ovwgmr (pmllol gear 

6. Worm roducr gonorator 

roducor) 
drag bnko 4. lnductlw toquomoter 

The gearmotor was type MRV 63 U02A - 
90Lb 4 220.380 BY70 produced by ROSS1 
MOTORIDUTTORI. 
The technical characteristics of the worm 
reducers were: 
- trasmission ratio 20 
- output speed 70 min" 
- input speed 1400 min" 
- oil quantity 0,8 1 
- materials : 

worm : steel (16 Ni Cr 4), 

worm wheel: phosphorous bronze 
casehardened and hardened 

(PB2.BS 1400-73, P=0,15-0,21%) 

The electric motor was type 90 Lb 4 220.380 
BS, P1=1,85 KW 

The overgear, connected to the slow axle, 
was a parallel gear reducer type R 2 I  63 UP2A 
with trasmission ratio i = 10,7. . 
One termocouple was placed into the worm 
reducer (to measure the oil temperature), one 
on worm reducer casing and one in the room 
as reference (ambient temperature). 
Two worm reducers were used alternatively, 
after a running-in period to reach the same 
mechanical characteristics. 

The bench test was managed and checked via a 
computer. 
All the data were collected and elaborated 
by a continuous monitoring system. 

3.2. Procedure 

The worm reducer was washed with solvent, 
then dried and filled with the oil sample. 
The test started at room temperature. 
The torque was increased gradually without 
exceeding the power limit of the electrical 
motor. 
The test was stopped when the variation of 
the oil temperature of the sample was below 
2 "Ckr (steady state temperature) at the 
maximum power absorption of the 
electric motor, corresponding to the 
maximum torque. 
At the end of the test the oil sample was 
analysed to determine the quantity and the 
type of wear particles and its 
physico-chemical properties were re-checked. 

3.3. Fluids tested 

3.3.1. Fluorinated lubricants 

Perfluoropolyethers (PFPE) are synthetic 
fluids obtained by a liquid phase 
photooxidation process fiom 
hexafluoropropene (HFP) or tetrnfluoroethene 
(TFE) and, at the end of production 

process, they have the following structures: 
Branched PFPE ( Y fluid ), fiom HFP 

CF3 -( OCF2-CF),,,-(OCF2),-OCF3 
I 
CF, ( d n  ratio : 20 - 1000) 
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Linear PFPE ( M fluid ), from TFE PFPE 3.3.2. Conventional lubricants 

CF3-(OCF,-CF,)p~(OCF2),-OCF3 
(p/q ratio = 0.5 - 2 ) 

The presence of strong chemical bonds of 
covalent nature, such as C-0, C-F, C-C, and 
the absence of hydrogen in the structure, 
together with neutral character, provides to 
these fluids an excellent thermal and 
oxidation stability associated with 
other specific properties. 

Tab. 1 - Main properties of PFPE lubricants 
- Good lubricating properties 
- Good viscostaticity 
- High thermooxidative resistance 
-Low pour point 
- Low surface tension 
- Chemical inertness 
- Low volatility 
- High specific gravity 
- Resistance to radiation 
- Good dielectric properties 
- Non flammability 
- Compatibility with plastics,elastomers and metals 
- Solubility in perfluorinated organic solvent only 
- Biological inertness 

Three grades of PFFE of each structure ( Y 
and M ) were tested . Their physical 

properties are reported in the following table. 

Perfluoropolyethers - typical properties 
I - r  M 15, M 301 M 601 Y 251 Y 451 YR I 

at 2O"C,cSt 180 280 550 250 470 1200 

at 100"C.cSt 22 45 86 10 16 33 

Kinematic viscosity 

1 at 40"C.cSt 85 159 310 81 147 345 

Viscosity index 286 338 343 108 117 135 

Pour point ' C  -75 -65 -60 -35 -30 -25 

Weight loss 
at 204'C. 22 hs,% 3 0.7 

Density glcm 1.83 1.85 1.86 1.90 I 91 1 91 

. 

~~~ ~ 

- .- 

I.-: 

The following three current lubricants used in 
worm reducers, were used as reference, for 

comparison purpose : 
- Lubricant A : Mineral oil with E.P. additive 
- Lubricant B : Polyglycol with anti wear 
additive . 
- Lubricant C : Polyglycol with E.P. additive 
Their properties were the following : 

Kin. Viscosity viscosity 
lubricant at 40 "C Index 
A 210 97 
B 224 216 
C 225 220 

4.  RESULTS AND DISCUSSION 

The time necessary to reach the thermal 
steady state resulted about 4 hours. 

The theoretical value of the torque of worm 
reducers used during the tests was 16 daNm. 

During the test the value of the torque was 
increased up to 23 daNm (according to the 
lubricating oils) in order to obtain a very 
severe operating test condition . 

Tab. 2 showsthe valueof the torqueof the 
sample oils at steady state. 
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tab. 2 - LUBRICATION TESTS IN WORM GEARMOTORS 

I 
Tor TORQUE AT STEADY STATE 

Tab. 3 shows the value of the temperature of 
the sample oils at steady state. 
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With Fomblin YR was reached a very high 
torque value at steady state, but the 
temperature was definetely too0 high for 
long term operations. 

The data ( Fig. 2a / 2b ) show that the 
temperature of these oils increases quickly 
reaching a very high value up to 140 "C. All these lubricants showed a good 
The Oils Of this showed a poor 
performance. 

L ~ ~ ~ ~ ~ P F P E  ( ~ f l ~ i d s )  

performance (Fig.3d3b). The temperatures 
were quite low (80-100 "C) and the values 
of the torque were over 22 daNm. 
The best results were obtained with fluid 
M30. 
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4.2. Non fluorinated lubricants 
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Lubricant A and Lubricant B showed high 
torque, but high temperature. 
The better performance was obtained with 
Lubricant C that showed the highest torque 
and the lowest temperature. ( Fig. 4d4b ) 
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flu. 4 A - ConvenUonaI fluids - Torque vs tlme 
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4.3. Lubricant analysis. 

At the end of each test a properly 
homogenized sample of 600 g of each 
lubricating oil was analysed to evaluate the 
composition and the quantity of solid content. 
The results are reported in table 4 . 

ld 4- LUamXTIDw TEms w m tEI \Rm)m 

ANALYBISOF THEOILRESIWEAFTER TEST 
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Among the fluids with the best performance in 
operation, linear PFPE M 30 showed a lower 
amount of solid content compared to 
Lubricant C. 
More particularly the low content of Copper 
and Tin can be taken as a clear indication of 
the less wear occurred with the use of the 
linear PFPE fluid M30 

5 .  CONCLUSION 

Among all the lubricants tested, linear PFPE 
M 30 showed the best performance, in terms 
of high torque and low temperature in 
operation .This result was obtained without 
the need of any additive. 

- Among the conventional lubricants, 
presently used, the better performance was 
achieved with the synthetic lubricant C, 
containing E.P. additive. 

-The structure of the fluorinated tluids 
influenced the performance .Linear 
perfluoropolyethers ( M fluids ) showed 
better behaviour than perfluoropolyethers 
with branched structure ( Y fluid ), with the 
same viscosity. 

affected the results , due to the high 
temperature generated by the viscous friction. 

- Fluorinated oils showed the less wear as 
demontrated by the lower amount of solid 
particles found in the oils after the test. 

- High viscosity lubricants negatively 
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SYNOPSIS 

This paper describes investigations into various aspects of the lubrication dynamics of thrust cone bearings. 
When single helical gears are used to transmit power between parallel shafts there is an axial component of force 
between the two gears. The common way of reacting this force is by the use of separate thrust bearings mounted 
on the shafts of the gears. An alternative arrangement involves the use of thrust cones which are conical rims 
mounted on the edges of the gears close to the teeth. The results of full EHL analyses, validated by film thickness 
experiments using the interference method, have revealed a very load-sensitive film thinning effect at the edges 
of such contacts. With a rational comparison to rolling element bearing design and based on the work reported 
here, it is suggested that edge relief in the form of a circular arc is applied to one of the cone tracks (a 'crowned' 
cone) to avoid this effect and provide a self aligning elongated elliptical point contact. As a result of the work, 
validated lubrication design guides for both straight and crowned thrust cones have been produced and 
descriptions of these will follow in papers to be published elsewhere. 

NOTATION 

Elastic moduli of the bearing surfaces 

Film thickness 
Central film thickness 
Minimum film thickness 
pressure 
Relative radius of curvature 
Entraining velocity 
Load per unit length (line contacts) 
Pressure - viscosity coefficient 
Thrust cone angle 
Dynamic viscosity at ambient pressure 
Poisson's ratios of the bearing surfaces 

2/E'=(1-vl2)/El + (1-v,3/Ez 

1. INTRODUCTION 

The work described has been part of a wider 
ranging study involving collaboration between the 
Defence Evaluation and Research Agency @ERA), 
the University of Wales College of Cardiff (VWC), 
Cranfield University (CU), Leicester University 
(LU) and Imperial College, London (ICL). In 
essence the main objective of the work reported here 

was to provide validated lubrication design 
guidance to effect the full economic potential of 
thrust cone bearings. In particular information 
relating to localised film thinning and how best to 
avoid it was obtained. 

2. DESCRIPTION OF THRUST CONES 

In essence, thrust cone bearings consist of annular 
rings concentric with the gear axes that form a 
flange outside the pinion gear addendum circle, with 
a similar feature on the wheel gear, but inside the 
wheel dedendum circle, as shown schematically in 
Figure 1. Apart from the economic and noise 
benefits afforded by the use of single helical gears, 
thrust cones have the advantage of compactness and 
the axial space needed for high power intensity 
drives can be significantly reduced. Also, as the 
contact can occur close to the pitch line of the gears 
further design advantages are possible with reduced 
bending of the gears and frictional losses. These 
bearing surfaces may be referred to as rims, rings, 
cones or tracks and form a nominally rigid 'overlap' 
thus reacting the out of mesh forces and preventing 
relative axial movement of the gears. If the track on 
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Wheel axis / v  

Wheel track 

Figure 1. Schematic of basic thrust cone 
geometry showing the overlap area. The left-hand 
diagram shows the transverse section of the wheel and 

CD. The right-hand diagram shows a projection of the thrust 
cones edge into the common tangent plane at the line of contact. 

**-.- 

Pinion track 
Pinion track 

the wheel and the flange on the pinion were made 
perpendicular to the gear axes, then contact would 
occur over the whole of the overlap area. Although, 
resulting in a low theoretical contact stress, the 
generation of an oil film at the contact would be 
ineffective as the converging clearance necessary for 
hydrodynamic oil film formation would not exist. 
Consequently h e  surfaces are inclined at a small 
angle to the end face of the gears, called the thrust 
cone angle, such that a nominal conical geometry 
results. This allows the formation of a 
hydrodynamic oil film in the presence of an oil and 
appropriate angular velocity. Typically, the tracks 
are no more than 3Omm wide with a cone angle of 
between one half and two degrees. 

Thrust cones are by no means a recent invention 
and although their origin is not clear, it is apparent 
they have been used with success for some 
considerable time. In fact some aspects of their 
lubrication dynamics have already been reported by 
Langer [l] and Simon [2]. In general their work was 
appropriate to lightly loaded thrust cones operating 

at high speeds where the effects investigated in the 
work reported here are insignificant. Although 
Simon forewarned of misalignment producing a 
point contact at the edges of a thrust cone overlap, 
no general quantitative design guidance was offered. 

3. PRELIMINARY LUBRICATION 
APPRAISAL 

Considering the geometry of these bearings, at first 
sight, and on the basis of a simple analysis, low 
contact pressures, thick oil films and good 
tribological performance are implied. To explain 
this, in concept a thrust cone with a straight radial 
profile (or ‘straight’ cone) may be taken as a line 
contact. The small change in relative radius of 
curvature (R) across the track width is neglected, 
which is a reasonable omission for small cone 
angles. 

Referring to Figure 2, the radii of curvature of 
rollers of identical radii to the cone tracks at mid- 
point, R, and 5, are:- 
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Figure 2. 
Schematic showing the development of radii of 
curvature of rollers of identical radii to the cone 
tracks at mid-point. 

RP R, =- 
sin p 

RW 
* - s i n ~  

R -- 

to the cone track radii. In the limit as p tends to zero 
the surfaces become plane and R tends to infinity as 
expected. As the contact stress in a line contact is 
inversely proportional to (R')"2, low contact 
pressures can be achieved with smaller angle cone 
tracks. Allied to this, the formula for calculating the 
minimum oil film thickness in a line contact is given 
by Dowson and Higginson [3] as:- 

1.63(0r)O.~ ( q , ~ ) ~ . ~  (E')0.03 (R')o.43 
(4) - 

'mi" - (w')o. 1 3 

0.43 
Here hmin is proportional to (R') and therefore 

for small cone angles substantial oil films are 
expected. 

Relevant data for the design conditions initially 
investigated are given in Table 1. The minimum oil 
film thickness at the mean centre line of the cone 
track was calculated with equation 4 and estimated 
at 1 6 ~ .  Given the short width of the contact some 
thinning of this centre line value was also 
anticipated due to side leakage. (In the work that 
follows and described in section 5 ,  a reduction of 
more than 20% was computed). In comparison to the 
nominal surface roughness of the ground steel cone 
tracks of 0.4 pm Ra, complete surface separation 
could be expected. However, it was realised that the 
actual minimum film thickness could occur at the 
edges of the contact due to a combination of side 
leakage and elastic deflection across the cone tracks, 
implying a possible load dependency not usually 
anticipated from a cursory analysis using the chosen 
design formula. Therefore some form of edge relief 
is appropriate for what may be considered a special 
case of a short roller. 

Table 1. Conditions and parameters considered. 

Then for a thrust cone configuration it can be 
shown that R is given by:- 

(3) R' = Rw R, 
(R, + RP) sin p 

Thus for thrust cone contacts, where the angle p is 
close to zero, R' is surprisingly large when compared 

Maximum normal load on contact 
Mid-track entraining velocity 2 4 . 2 d s  
Cone angle 1" 
Nominal cone track width 20mm 
Young's Moduli of both cones 
Relative Radius of Curvature 11.6m 
Operating temperature 70°C 
Lubricant - I S 0  VG 68 mineral oil 

106kN 

2OOGPa 
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4. QUALITATIVE COMPARISON WITH 
ROLLING ELEMENT BEARING DESIGN 

Before proceeding with a description of the EHL 
analyses and validation experiments, it is worth 
making a simple comparison to standard rolling 
element profile design to rationalise a priori the 
suggestion of crowning highly loaded thrust cone 
bearing tracks. For roller bearings, a so called ‘dub- 
off radius is used to provide relief at the roller ends 

k 1 9 . 1 3  mm-! 

I l l  

I R=7500mml \ I 

Figure 3. A typical roller profile design. 
(after Hartnett [4]) 

which improves film forming ability, tolerance to 
misalignment and reduction in contact stress, all 
resulting in improved fatigue life. Typically these 
radii are applied on the end quarters of rollers and 
may be over a thousand times the roller radius to 
achieve the correct effect. Figure 3 is extracted from 
work by Hartnett [4] who developed the design 
methodology for economic application of this type 
of end relief in the production process. However, a 
useful comparison can be made with the contact 
aspect ratio (roller width/contact length) of 
Hartnett’s roller contact and the thrust cone contact 
defined here. For Hartnett’s roller, made of steel and 
loaded to 20 kN against a steel shaft of 50mm 
diameter this ratio is approximately 70. In 
comparison, for the thrust cone set i t  is  0.4. 
Therefore it may be implied that for nominal line 

contacts of small aspect ratio (straight thrust cones), 
a radical end or edge relief is required. As effective 
tribodesign practice of rollers having large contact 
aspect ratio dictates the form of end relief shown in 
Figure 3, then for thrust cones a centrally located 
circular arc across one of the cone tracks seems 
appropriate. With this in mind, on completion of 
isothermal EHL analyses relevant to the thrust cone 
design outlined here, further modelling work was 
centred on developing a methodology for selection 
of a crowning radius. 

5. RESULTS OF THE STRAIGHT CONES EHL 
ANALYSES 

A description of the model used in the analysis of 
the straight cone case considered is given elsewhere 
by Barragan de Ling et a1 [ 5 ] .  Therefore only a brief 
review of the results is presented. Several analyses 
were completed at part-load conditions up to the full 
load also accounting for the fact that the gearing 
considered was connected to a final drive where the 
thrust load was proportional to the square of the 
speed. Although a full thermal EHL analysis was not 
completed an estimation of temperature rise in the 
inlet region was made and accounted for in the 
analysis. 

Figures 4 and 5 show pressure and film thickness 
plots along the nominal cone track overlap centre 
line (or longitudinal direction) for 25% and full load 
conditions. As expected for such a contact the value 
of minimum film thickness was not particularly 
sensitive to this change in load. However, shown in 
Figures 6,7 and 8 are similar plots in the radial 
direction across the cone track (or transverse 
direction). As originally anticipated these 
demonstrate the marked effect of load on film 
thinning at the edges of the contact with a reduction 
in minimum film thickness there from 6 pn at 25 % 
load to 0.3 p at full load conditions. Compared to 
the surface roughness this implies the strong 
possibility of running in mixed lubrication 
conditions with the prospect of attendant wear and 
failure mechanisms associated with this lubrication 
regime. 
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analytical work concentrated on developing the loo- 

existing model to analyse a crowned cone track 

-40 
80 - 

-30 

- 20 

20 - - 10 

0 ,  I I I I I I 0 
-2.5 0.0 2.5 5.0 7.5 "10.0 12.5 15.0 17.5 

- 40 

P 
P 

-30 u) 

Y C 

u) 
8 

-20 2 5 
E - h 

80 - 

0 ,J , I I I I I 

-2.5 0.0 2.5 5.0 7.5 "10.0 12.5 15.0 17.5 

profile. This results in a slightly asymmetric 
elongated elliptical point contact for which some 
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Figure 4. The longitudinal film thickness (h) and Figure 6. The transverse film thickness (h) and 
pressure distribution (p) at 25% load. pressure distribution (p) at 25% load. 
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Figure 5. The longitudinal film thickness (h) and Figure 7. The transverse film thickness (h) and 
pressure distribution (p) at full load. pressure distribution (p) at 80% load. 

Figure 8. The transverse film thickness (h) and 
pressure distribution (p) at full load. 
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Figure 9. The transverse film thickness at 25%, 80% 
and full load with a 1 m crown radius. 

the influence of reduced pressure generation area 
associated with the proximity of the cone track 
overlap edges. In associated work concentrating on 
more general cases and reported by Barragan de 
Ling [8], at certain conditions this effect was found 
to be very influential on the film forming ability of 

crowned thrust cones. This has led to a design 
rationale for selection of crown radius accounting 
for the starvation effect caused by transverse 
misalignment of cone tracks and this will be 
described in papers that are in preparation. 

With the original model modified to account for 
the lubrication dynamics of crowned cones, analyses 
were made for the same conditions used in the 
straight cone work with various crown radii. Figure 
9 shows a film thickness plot in the transverse 
direction for a crown radius of lm. Although the 
centre line film thickness value (or central film) 
reduced to approximately 5pm because of this 
geometry modification, the minimum films were 
located inside the cone track edges and had 
increased to between 3pm and 2pm for the 25% and 
full load condition respectively. 

7. EXPERIMENTAL WORK 

In support of the modeling work a special test 
facility was developed and used to provide 

. .. . 
encoder Figure 10. Schematic of the test facility spindles and drive layout. 
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Figure 11. Close up of the wheel and 
pinion overlap. 

experimental oil film thickness data to validate the 
numerical work. This facility is more completely 
described by Parkins and Rudd [9]. Although the 
facility is unique by virtue of configuration and 
scale, the essence of the method used to measure 
film thickness is not. The light interference 
technique was first used to measure oil film 
thickness by Kirk [lo] and has been developed since 
that time by a number of workers. A schematic of 
the test facility layout is shown in Figure 10 while 
Figure 11 shows a close up of the contact overlap 
made between the steel wheel specimen and glass 
pinion specimen. When viewing the contact with 
either a standard metallurgical microscope for 
crowned cones or a wide field macro system, for the 
straight cone experiments, light interference patterns 
were observed. A wide field macro system was used 
for the straight cone simply because the contact area 
was much larger. In both cases a white light source 
was used with a Kodak Wratten No. 12 filter 
resulting in a duochromatic system of vivid red and 
green light fringes. 

The inference of film thickness information from 
such fringe patterns required careful calibration of 
the interference fringes. This was completed in a 
similar manner to that described by Foord et d [ll]. 
The calibrations established the separation of two 
surfaces (in air) corresponding to each fringe colour 
up to a maximum of approximately 1.4 pn. The 
calibration was carried out both in-situ using the 
contact between the thrust cone elements and 
separately with a specially designed calibration rig 
so that good agreement was confirmed. To obtain 

the oil film thickness, the corresponding fringe 
colours in air were divided by the refractive index of 
the oil. This latter value was dependent on pressure 
and the nominal Hertz pressure was used in the case 
of the central film thickness. The minimum film 
thickness was expected from numerical work to 
occur at substantially lower pressures, and no 
pressure correction was made for the minimum oil 
film thickness measurements. In this way relations 
of minimum and central oil film thickness with 
speed were obtained for both straight and crowned 
cone track profiles. 

Experiments were performed at a constant load and 
oil supply temperature, with the pinion and wheel 
gearing set for pure rolling at the track over-lap 
centre line to avoid damage to the reflective coatings 
on the glass pinion. An experiment consisted of 
varying the speed gradually and recording the light 
interference fringe detail on video for subsequent 
evaluation of the oil film thickness data. 

Figure 12 shows a typical frame from the video 
recording of a nominally straight cone experiment 
which has been reconstructed as a black and white 
image for the p~npose of producing this paper. The 
‘fringes’ illustrate the main features of contact 
between nominally straight cone tracks. The film 
thickness within the contact region was greatest in 
the region of the cenm of the track and is essentially 
flat in the direction of lubricant entrainment. There 
was a ‘nip’ to the rear of the contact which is 
characteristic of the oil films found in 
elastohydrodynamic line contacts. The contacts 
differed significantly from standard line contact 
behaviour with a significant degree of thinning of 
the oil film towards the edges of the contact as 
determined by the associated modelling, as Figure 
13 shows. 

In the ‘fringe’ pattern shown in Figure 12, the 
minimum film thickness can be seen formed 
inboard of the edge of the track. The apparent 
degree of thinning was of the same order as that 
expected from the theoretical treatment. However, 
the difference in location was due to a slight 
rounding of the nominally straight steel track. This 
slight error of form was apparent at the end of the 
polishing process necessary to obtain the appropriate 
degree of reflectivity and fineness of surface finish. 
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Figure 12. A reconstructed black and white image of a 
video frame for a straight cone experiment. Entraining 
velocity 0.375 d s ,  load 4OON. * h,,, - 3rd green fringe 
at a thickness of 0.63 p, 0.63 p by model. + h,, - 
2nd green fringe at a thickness of 0.47 p, 0.46 pn by 
model. Refractive index approximately 1.48. 

When measured this slight rounding at the wheel 
edges equated to a nominal crowning radius of 
approximately 3 metres. This was taken into account 
in the modelling and it did not affect the results 
sufficiently to warrant a further expensive, and 
probably impossible, finishing operation. 

Figure 13. Theoretical oil film 
thickness contour plot for the 
conditions shown in Figure 12. 

Figure 14 shows a typical frame from the video 
recording of a crowned cone experiment which 
again has been reconstructed as a black and white 
image. The 'fringes' illustrate the main features of 
an EHL contact with crowned cone tracks. Again, 
the film thickness within the contact region was 

greatest at the centre of the track. 
I t  was essentially flat in  the 
direction of lubricant 
entrainment and the 
characteristic 'nip' was seen to 
the rear of the contact. The nip 
developed into minimum film 
thickness lobes towards the 
edges of the nominal Hertz 
contact area. The film shape and 
thickness was found to agree 
well with the full EHL analysis 
and sufficient data was acquired 
to directly validate the relevant 
numerical models. 

Figures 15 and 16 show 
logarithmic plots of oil film 
thickness with speed for a 

Figure 14. A reconstructed black and white image of a video frame from a 
crowned cone experiment. Entraining velocity 0.5 d s .  load 660N. crown 
radius 3oOmm. 
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Figure 15. Measured and computed central film 
thickness for a crown cone experiment 
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Figure 16. Measured and computed minimum film 
thickness for a crown cone experiment 
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Figure 17. Comparison of the variation of film 
thickness with load for straight and 
crowned thrust cone tracks. 

- 

crowned cone experiment. The linearity is 
reassuringly good and it can be seen that theory and 
experiment agree within the 95% confidence limits 
derived from the experimental data. 

8. DISCUSSION 

It has been shown that thrust cone bearings with 
straight cone tracks have a nominal line contact and 
may be compared to a rolling element bearing. To 
this end when compared with best tribo-design 
practice for such bearings, as the transverse width of 
the thrust contacts may not be significantly larger 
than the nominal Hertzian contact dimension a 
radical degree of edge relief is implied. In the case 
of highly loaded slow speed thrust cones it has been 
shown that the lubrication of such configurations 
can suffer significantly from the effects of side 
leakage, and load-driven edge film thinning. To 
avoid such problems, it is suggested that edge relief 
in the form of a circular arc is applied to one of the 
cone tracks to effectively crown one of the surfaces 
to promote better minimum oil film thinning 
resistance with respect to load, as justified by the 
data shown in Figure 17. Although such a 
modification is an ‘on cost’, even for more lightly 
loaded higher speed thrust cones where such effects 
may be less evident, it has a further advantage in 
that it leads to an intrinsically self aligning contact 
which can be made more tolerant to misalignment. It 
will be realised from the comparisons made that 
crowning also has the effect of increasing contact 
pressure. However, given the film forming 
advantage and the fact that for such high conformity 
bearings contact pressures are generally much lower 
than those in the associated gear contacts, concern 
about fatigue resistance is unlikely to dictate any 
restriction on the use of crowning. 

9. CONCLUSIONS 

1. Under certain loading conditions straight thrust 
cones can suffer from severe oil film thinning 
at the contact edges. 

2. To counter the edge film thinning effect, 
profiling one of the cone tracks with a circular 
arc and effectively edge relieving a nominal 
line contact by ‘crowning’, leads to more load- 
stable minimum oil films. 
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An Optical EHD Study Using a Reciprocating Hertzian Contact Rig Designed to 
Simulate the Kinematics of Constant Velocity Joints 
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A test rig employing a reciprocating Hertzian contact and designed to simulate constant velocity joint (CVJ) 
motion, has been used to study the essential aspects of CVJ lribology. This paper describes the use of chromatic 
optical interferometry to study EHD film behaiour under reciprocating conditions. 

Film measurements are reported as a fiinction of stroke len@h, position and speed for different lubricants and 
the transient nature of film formation is described in terms of different modes of film behaviour and how these 
relate to operating conditions. 

Results are compared with the predictions of steady state theory where it is shown that significant deviations 
are often evident. The implications of the results to CVJ operation are discussed. 

1. INTRODUCTION 

Constant velocity joints (CVJs) are a special type of 
universal join1 designed to transmit torque between 
two non-aligned shafts at constant angular velocity. 
Their iliain application is in the drive lines of cars 
and light vans. Research has been going on for 
some years at lmperial College aimed at improving 
our tribological understanding of CVJs, in 
particular that of ball joints. These joints consist of 
an outer race connected to one shaft, an inner race 
connected to the second shaft and balls wluch 
transmit the torque. A cage constrains the balls to 
the honiolunetic plane, that is the plane that bisects 
the angle between the two non-aligned shafts. and 
so ensures constant angular velocity. Tlus causes 
the balls to reciprocate along the tracks of the inner 
and outer races as the s h a h  and joint rotate. 

A test rig was developed to simulate the essential 
aspects of CVJ operation. This test rig has been 
used to study some aspects of CVJ tribological 
behaviour through the measurement of film 
thickness and friction in reciprocating contacts ( 1). 

The overall aim of tlus and associated research 
projects is a better understanding of the tribological 
conditions within a CVJ and the identification of 
important parameters for future modelling of such 
systems. 

This paper reviews the background to this research 
and describes some of the initial film thckness 
results obtained. 

2. BACKGROUND 

To improve the operalion and design of CVJs it is 
necessary to understand, and be able to predict, 
lubricating conditions and frictional effects withn a 
joint. There are two principal reasons why tlus is 
difficult: firstly CVJs have a complex reciprocating 
motion affecting several integral components, and 
as a result much of the lubrication associated with 
these components is of a transient nature; and 
secondly CVJs are lubricated with complex greases. 
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Well established models exist to describe fluid film 
behaviour under steady state conditions and are 
being developed further for the transient case (2.3). 
However the behaviour of complex CVJ greases, 
which are formulated to exploit several lubrication 
regimes. is even more difficult to predict. and film 
behaviour cannot usually be accurately defined for 
the steady state or transient cases. 

Speed, temperature. contact surface roughness, 
local con&tions of lubricant supply as well as 
lubricant type. will all influence the lubrication of 
the contacts within a CVJ. Reciprocating motion 
and low entrainment speeds suggest that the 
elastohydrodynamic (Em) component is likely to 
be small. As yet no real model exists that accurately 
reflects the lubrication of CVJs. although a great 
deal more is now known as a result of research 
such as that reported here. 

3. CVJ OPERATION 

Although the inhvidual components w i h n  a CVJ 
are rotating at the speeds of the shafts, the bells 
reciprocate only a few millimetres on their tracks, 
consequently entrainment velocities are low. Ball 
speeds vary sinusoidally with respect to the tracks, 
and a mid-stroke (i.e. maximum ) speed of O.08ds 
is typical of service conditions. The geometry of 
CVJs forces the balls to move by a combination of 
rolling and slidmg. 

High loads and small contact areas lead to high 
pressures; 1 - 3 GPa being normal. with hgher 
stresses possible. The n o d  working temperature 
of joints lies in the range 50 to 80 "C. 

1. TEST FUC AND EXPEFUMENTS 

The test rig used for the experimental work has 
been designed to simulate the essential features of 
the motion of a ball witiun a CVJ (1). Figure 1 
depicts the contact configuration of the rig with it's 
associated friction force transducers and optics. 
Reciprocation of the plate holder, (in and out of 
Fig. 1). combined with synchronised rotation of the 
ball, form the basic kinematics of the rig. 

The rig. in the configuration* depicted in Figure 1, 
consists of a horizontal sapphire plate loaded 
against a steel ball supported upon two rolling 
element bearings. The plate and ball are 
synchronised and driven in simple harmonic 
motion. 

-4 

T- 

Figure 1 Specimen configuration and associated 
measurement arrangements of the rig for a ball-on- 
flat geometry. The plane of reciprocation of the flat 
holder is in and out of the figure. The support 
crescent allows a spin component to be imposed on 
the contact. 

Sapphire or glass plates have bem d for optical sludierr M 

depicted in Figure 1. however steel plates of d G e m t  rou&as etc. 
have also been used to study friction and wear effecb. Elliptical 
contact dl'ects have also been examined by replacing the ball wih a 
spherical roller. 
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The stroke length and frequency can be anythng up 
to 25 mm and 11Hz respectively, and the slide/roll 
ratio can be varied from pure rolling to full sliding. 

Frictional forces are measured with force 
transducers in two orthogonal directions in the 
plane of reciprocation (see Fig. 1). The contact force 
is known from the dead-weight loading system 
which gives an upper limit on maximum nominal 
contact pressure, for the ball-on-flat configuration 
shown in Figure 1, of around 4 GPa. 

The contacting specimens and their environment 
can also be heated up to a maximum temperature of 
about l4OoC for tests at elevated temperature. 

Film thickness is measured by chromatic optical 
interferometry between a glass or sapphire flat with 
a semi-reflective chromium coating and a steel ball. 
This gives a working range from approximately 120 
to 1000 nanometers with a resolution of about 25 
nanometers. The contact is observed via a video 
camera and the images recorded on videocassette. 
Film tluckness can thus be determined for each 
increment of time whch can then be related back to 
stroke position. This method also allows 
observation of the inlet meniscus. wake and any 
particles that may be present. The resolution of the 
image is such that markings or small defects on the 
ball can be detected and this helps determine 
position in the cycle. 

5. RESULTS 

Film thickness results are reported for three test 
lubricants at room temperature; a high viscosity 
reference oil HV1650; a base oil for a CVJ grease; 
and a CVJ grease. For th s  test work the rig was 
configured for pure rolling. In general, all the 
lubricants generated films that were greatest in the 
centre of the stroke where the speed is hghest and 
reduced at the ends as the speed fell to zero, but 
behaviour was more complex than that predicted by 
steady state theory. 

5.1 HVI6JO REFERENCE OIL 
For th s  lubricant, which has a viscosity of 1.2Pas at 
23OC, and is about 3 times higher than that of the 

CVJ base oil. the film thickness generated 
throughout the stroke by the reciprocating motion 
was found to be less than that predicted by steady 
state EHD theory. Some differences however were 
observed with increasing frequency. 

Figures 2 3  show film thcknesses measured during 
a half cycle. At low frequencies (Figure 2), no 
measurable oil film is generated at the ends (turn- 
around-points) of the motion. Moving away from 
the ends. film thickness increases with increasing 
speed and reaches a nlasimum at the midpoint of 
the reciprocating motion. 

At slightly higher reciprocating speeds (Figure 3) 
squeeze films are detected at each end of the 
motion. where steady state theory predxts a film 
rapidly falling to zero. 

When test frequency is increased further. a third 
type of behaviour is observed which results in a 
very distorted film profile (Figure 4). The film 
thickness generated is much less than that predicted 
by steady state theory and film thckness appears to 
be controlled by some parameter other than 
entrainment velocity. 

Observation of the inlet meniscus showed that as 
test frequency increased. it moved closer to the 
contact, and it would seem that oil starvation is 
influencing the results. 

5.2 CVJ GREASE BASE OIL 
Figures 5 & 6 show measurements recorded for the 
much less viscous CVJ grease base oil. The results 
are different from those of HVI650. and instead of 
the measured film thickness always lagging the 
steady state theoretical prediction, the recorded 
values exceed steady-state predictions for a 
substantial part of the stroke. Both Figures 5 and 6, 
which were obtained at different frequencies, show 
that squeeze films have been recorded at the ends of 
the motion or turn-around-points where there is 
reversal of entrainment. Restrictions on the 
experimental method meant that it was not possible 
to run the test at frequencies substantially greater 
than 3.2 Hz to see if t h s  oil also then shows the 
effects of starvation. 
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Figure 2. Graph of central film thickness versus position in cycle for experimental reciprocating motion and 
steady state theory; HVIGSO; 0.191 Hz. 
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Figure 3. Graph of central film thickness versus position in cycle for esperiniental reciprocating motion and 
steady state theory; HVI650; 0.3 10 Hz. 
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Figure 4. Graph of central film thickness versus position in cycle for experimental reciprocating motion and 
steady state theory: HVI650; 1.55 Hz. 
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Figure 5. Graph of central film thickness versus position in cycle for experimental reciprocating motion 
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Figure 7. Graph of central film thickness versus position in cycle for grease under reciprocating motion and 
steady state theory for base oil; 1.56 Hz; at start. 
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Figure 8. Comparison of central film hckness versus position in cycle for grease under reciprocating motion 
and steady state theory for base oil; 1.56 Hz; after 8 secs. 

5.3 CVJ GREASE 
Film thicknesses have also been measured for a 
typical CVJ grease. The behaviour of the grease is 
more complicated than that of the base oil in that 
the measured film thickness also varies with 
running time. The grease initially forms a thicker 
film than steady state EHD theory predicts, as 
shown in Figure 7 which illustrates the film 
generated in the first recorded half cycle of the test. 

Maximum film thxkness was found to decay with 
each half cycle until after 8 seconds running a 
condition is reached where the film generated is 
much less than that predicted by steady state theory 
and almost speed independent, Figure 8. 

6. DISCUSSION. 

The results of the test rig show that the supply 
condition is parbcularly important for reciprocating 
motion. The fluid CVJ grease base oil, and the 
mote viscous HVI650 oil when run at low 
frequencies, most closely follow the behaviour 
predicted from steady state theory; the small 
differences in thickness may be part~ally attributed 
to smal l  differences in temperature. Squeeze film 
effects prevent the film decaying to zero at 
entrainment reversal. 

With both the CVJ grease and HVI650 at higher 
test frequencies, starvation influences the film 
thickness generated until eventually. at longer 
running timeshigher frequencies, film thickness is 
independent of entrainment speed. 

Figure 9 shows this effect for the CVJ base oil when 
test results from a conventional steady-state optical 
EHD rig are compared with results from the 
reciprocating rig at the same speeds. 

I 0 I 
"1 0 

1 

Figure 9 Comparison of steady state (ball.ondisc) 
and reciprocating film-thickness measurements. 
over a range of speeds. for the grease base oil at 
room temperature. 
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Film thickness in reciprocating tests plateau's out 
due to stanation effects at a speed related to the 
viscocity. Further tests similar to those represented 
in Fig.9 have shown that the higher the viscosity. 
the lower will be the speed when the reciprocating 
films deviate from the steady state values. This 
effect has also been reported when some greases are 
used as the lubricant. even under steady state 
conditions (4). 

Under conditions of marginal starvation it was 
found that the film thickness was not symmetric 
about mid stroke, that is it was sensitive to the 
direction of travel. T h s  asynimetry can be seen in 
many of the results, but is very prominently 
illustrated in the results of Figures 4 and 8. As the 
ball starts moving at -10 nun. it turns back into a 
region freshly cleared of grease: (in the case of an 
oil it would be a freshly cavitated region). This 
hinders film formation as it limits the amount of 
lubricant available for film generation and the film 
builds more slowly than predicted by steady slate 
theory. 

As the ball slows down at the ends of each cycle. 
the film often decays more slowly than predicted. 
probably due to squeeze effects. This can accentuate 
the asynunetry due to the larger quantity of 
lubricant available in ths region relative to the start 
of each stroke. when the ball is turning back into a 
region freshly cleared of lubricant. Also as 
frequency increases. the time available for re-supply 
decreases, and a greater area of the track is affected 
by lubricant stanation until the film thckness 
along the majority of the track is controlled by the 
availability of the lubricant, e.g. Figs. 4 and 8. 

On the test rig the ball motion is restricted so that a 
track is formed on both the ball and the plate. In a 
joint. the ball is free to rotate and spin about any 
asis and is also observed to precess. Wear is not 
restricted to a single track but is distributed around 
the whole surface of the ball. Each time that the 
ball moves onto a fresh surface it will draw fresh 
grease into the contact . Thus whilst grease 
starvation must play a role in CVJ lubrication. it is 
unlikely to be as extreme as that found in the 
reported tests. 

7. CONCLUSIONS 

1) With an adequate supply of lubricant. EHD film 
formation in reciprocating motion is similar to that 
predicted from steady state theory and under some 
conditions m y  esceed it. 

2). Significant squeeze films can form at the point 
of entrainment reversal. 

3) Films formed under reciprocating motion are 
particularly sensitive to svarvation; at the end of 
motion. the ball turns back into a freshly cavitated 
region or a region freshly cleared of lubricant. 

4) Under conditions dominated by starvation. film 
thickness is constant over much of the cycle. 
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The amplitude of the complementary function for wavy EHL contacts. 
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In an EHL line contact between wavy rollers, it is known that the behaviour in the Hertz zone consists of two 
terms: a direct response, which has the original wavelength and movea with the speed of the roller carrying the 
original wave, and an induced response, which has a different wavelength and moves at the mean roller speed. 
Attempta (largely unsuccessful) to predict the magnitude of this induced response are described 

1.INTRODUCTION. 

Considerable progress has been made in recent 
years towards understanding of the behaviour 
of transverse roughness in an EHD contact. In 
the 'Hertzian' region of the contact, the 
pressure is so high and the viscosity reaches 
such enormous values that viscous shearing 
ceases, and instead of the Reynolds equation, 
the governing equation for one-dimensional 
flow becomes simply 

This is a transport equation, and its solutions 
are of two types, which in the case of a roller 
with a wavy surface may be described as a 
'forced vibration' and a 'free vibration'. The 
'forced vibration' consists of a pressure 
fluctuation which induces sinusoidal elastic 
deformation in the rollers, largely cancelling 
out the original waviness: the amplitudes of 
the pressure fluctuation and of the resulting 
film-thickness variations are determined by 
the competition between the compressibility of 
the lubricant and the deformability of the 
rollers, but, especially for long wavelengths, 
this results in film-thickness variations which 
are very much smaller than the original 
waviness, and pressure variations almost as 
large as those needed to  flatten the waviness 
completely, as in a dry contact. 

The 'fi-ee vibration' can be anythmg! - 
any wave travelhg with speed ii is a solution 
of the transport equation. But it must, of 
course, be stimulated in some way, and the 
excitation consists of the waviness arriving at  
the end of the inlet with a fmquency (ul / A),  
where u, is the speed of the wavy surface and 
A is the wavelength. (If both rollers are wavy, 

there will be two excitations). This excitation 
will induce a free vibration of the same 
frequency, and therefore, since its speed ii is 
set, of wavelength A '  = ii / (ul I A) differing 
from that of the original waviness. Also, the 
free vibration consists of a film thickness 
variation and a pressure variation, but the 
pressure variation is normally smaller than 
that of the pressure variation in the forced 
vibration, while the film thickness variation is 
normally much larger that the film thickness 
variation of the forced vibration, so that what 
we see is the pressure variation of the first 
(wavelength A ,  speed ul)  and the film 
thickness variation of the second (wavelength 
A ' , speed u' ) . This is confusing enough when 
the roughness is a single, sinusoidal wave; but 
it becomes worse when the roughness is of 
some other form, which must be reduced by 
Fourier analysis t o  a set of sinusoidal 
components. 

The picture just described is based on 
work and insights from many papers from 
different authors, especially [1,2,3,4,5,6,7,81. 
But what none of these papers contain is any 
rule for determining the amplitude of the free 
vibration. Venner et a1 [9,10] have attempted 
to fill this gap by determining the amplitude 
numerically, and, for the case of pure rolling, 
have produced a master curve h m  which the 
amplitude may be predicted. This paper 
reports (largely unsuccessful) attempts to 
explain this master curve. 

The compressibility of the fluid plays a 
major part in determining the amplitude of 
the film thickness variations, and indeed, is 
almost entirely responsible for any film 
thickness variation in the 'forced vibration': 
but in this first attempt a t  a theory it will be 
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neglected and only znCOmpre88zbk fluids 
considered. 

1.1 Equations. 
Throughout the paper, we consider a 
lubricated roller contact with an initial 
waviness z = zI sin(2ax I A ) ,  and that the 
pressure fluctuates correspondingly about its 
smooth surface values. I t  is assumed that the 
elastic deformation may be calculated uaing 
the equations for a half-space covered by 
sinusoidal waves. Then from [7], but with a 
slight change of notation: 

where is a representative pressure 
(conveniently taken as the Hertz pressure) and 
F the mean film thickness in the Hertz mgion. 
Then in the high pressure region we have: 

Forced vibration: 
The amplitudes pl of the pressure fluctuations 
and hl of the film thickness fluctuations are 
given by: 

(3) 
L u l =  -1 hl B 

z, ~h 1-i; ;= j m  

Free vibration: 
The amplitudes pl of the pressure fluctuations 
and v1 of the film thickneas fluctuations are 
related by 

&- X E '  

v1 I h A' v1 2h' 
U=L or (4) 

where A' is A except that A replaces A .  For 
pure rolling where u1 =u' the two are the 
same. 

2. PURE ROLLING WITH A WAVY 
ROLLER. 
What wil l  be the amplitude of the excitation of 
the ' h e  vibration' 7 If the amplitude of the 
roughness z, is unchanged at  the inlet, then 
according to simple gear pump theory, 4 is 
precisely the amplitude of the varying 
additional flow into the contact, which hae to 
be accommodated in and carried through the 

high pressure zone. If, aa is usually true, the 
'forced vibration' coneista of pressure ripples 
which completely flatten the roughness, then 
the amplitude of the additional flow must be 
the amplitude of the induced wave: 

zj" z1. (5) 
Roughnew deformation in the inlet. 
Assuming that no deformation occurs in the 
inlet seems rather extreme, and certainly the 
amplitude given by (5) is too large. Suppose 
that the amplitude reduction given by 
equation (3) is assumed to take place in the 
inlet, even though it has been calculated by 
assuming an infinite number of equal pressure 
ripples: and that the point at which the 
gearpump mechanism operates is near the end 
of the inlet, where the pressure is just 
beginning its steep rise, ie where a p  = 1. 
(called by Couhier 191 the magic point). Then 
(5) becomee 

ZT z1/4-. (6 )  

(7) 
A 
B 

12A2q,,u' e x p ( a p )  -- 1% A2q,-,ii 
a2E i3 n2 E'L3 

- NOW, - =  

on setting a p  = 1 .  How does this compare 

found by A MI4 with the variable V P - - 
b L!I2 

Venner et a1 to determine the amplitude? 
Rewriting in terms of the non-dimensional 
variables gives 

Approximating the film thickness by the 
simple Kapitza equation 

(see [ 111) then simple manipulation gives 
h' - 1.5(a770~')~/~ P3 

A 2 A 4 3 1 2  1 = 0 . 1 6 V 2 - -  1 
A I  ~ = o . i ( ~ )  Lp P 
where P - ap, 1 L 4 m :  so that for 
constant P the two are directly related and 
the simple model appears to give the correct 
dependence. Fig 1 shows a comparison of the 
excitation h c t i o n  predicted by equations (6) 
and (7) wi th  some early results by Venner et a1 
191 in which L and M were held constant 
(L=11.3, M = 98.3) and only the wavelength h 
varied, and there is general agreement. But 
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sadly, later results established conclusively 
that the additional P term gives a spurious 
dependence not found in the numerical results. 
Even worse, it seems doubtful whether there is 
any justification for applying equation (3) in 
the inlet in a case of pure rolling, which is 
governed by the unsteady Reynolds equation. 

+ Qwr Pump Eqw- I 

O.'t 

0.2 I 

Fig 1. Amplitude reduction in rolling 
according to  the gearpump equation and 
equation (6) for L=11.3, M=98.3 . 

3. The wavy-Grubin model. 

Venner et a1 [lo] give a second set of 
numerical solutions, for the case of simple 
sliding of a smooth plane over a wavy roller 
(see also [3, pt 21. Here the film-thickness 
variation along the channel is small and may 
be ignored: but the mean film thickness 
depends on how the roughness is positioned 
with respect to the contact. Venner et a1 show 
that the ratio of the amplitude of this, almost- 
sinusoidal, variation of the mean film 
thickness to that of the original waviness is 
governed by the same non-dimensional group 
V .  To what extent can we reproduce these 
I.eSl.lltS? 

The governing equation is now the steady 
Reynolds equation 

h - E  - -  dp  - 12qu'- 
dx h3 (9) 

We use the Ertel-Grubin model, in which the 
inlet is assumed to have the Hertz shape 

h = + (")i 2 R  5 Jfi - cosh-' 5 )  (10) 

where f = x I b,  except that here we add a 
fked waviness z = z1 cos (2n(x  + 6 )  I A + #). 

This immediately raises a dimculty: within the 
Hertz region, if the waviness is undeformed, 
the film thiclmess will be 

2 n ( x  + 6 )  
A + $1, h = h,, + ti COS( (11) 

and will periodically attain the critical value 
h = h' a t  which the pressure is a maximum or 
minimum. These maxima must all take the 
same value { certainly the maxima of the 
reduced pressure q I ( 1  I a)(1- exp(-a p ) )  
must be very nearly the same}, so that we 
cannot, as in the ordinary Grubin theory, take 

to be b. Instead, the two must be related 

bY (12) 

The phase angle # is irrelevant, so we can 
write h = b ( l +  k c o s 8 )  with k = z1 I h, and 
obtain the well-known integrals of Sommerfeld 
journal bearing theory: hence 

- 2 -  kZ 
h =b- 

2 +  k Z '  
(13) 

Having found r ,  we then determine the point 
xkin the Hertz region at which h = 5 (here # 
is relevant}, and apply the modified Grubin 
condition 

(14) 

to determine h,, (by iteration). 
Changing the variables to  H = Rh I bZ and 
f = x I b , equation (14) becomes 

The integral depends only on Ho and A I b:  

the RHS may be rewritten - 

the result of the calculation must be of the 
form 

(16) Ho = F ( A  I b,M3I2 I L ) .  
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Fig. 2 shows the results of varying the two 
parameters separately: over almost the entire 
range, combining the two parameters into 

V = (A I b ) ( M 3 / 2  I L)'I2 (17) 
brings all the points on to a single curve. Only 
when V is small (and the film thicknesses 
very nearly all the same, barely dependent on 
the phase angle) are the points also dependent 
on h I h .  

6 .  

Unfortunately, although the amplitude 
depends on the correct parameter, the 6 7 4 -  
variation is completely wrong: the amplitude 

'Q 3 -  can be much larger than that of the waviness 
causing it, and steadily increases with V 
instead of rising to  a low maximum ( -  0 . 3 ~ ~ )  

\ 

2 -  

2.6 

N " 'I 

1 -  and then falling to zero. 
Clearly the assumption that the 

I 
+ 

Wuad*.Unbbmd 
* *  8 ' 0 .  + ,  

0.6 I 
+ 

0 

0 

I 

0 

l 0, - - t  0 .  

10.' 10' 10' 10' 

V 

I L'" : V = ( A  I b )  . Q 
Fig 2. Amplitude reduction in simple sliding. 

Q = 

Hertzian region and completely flattened 
within it; and certainly this is not far from the 
truth! But as the phase of the waviness vanes, 
this would result in a wave being arbitrarily 
truncated a t  x = - 6 ,  so generating a 
discontinuity: Instead, the waviness is 
postulated to continue unchanged as far as the 
pressure maximum a t  which the reduced 
pressure first reaches 1 I a ,  and then to  
disappear: this seems t o  imply that now 

= b. Again there is a complication: 
normally the relevant maximum lies in the 
Hertz zone, but sometimes a higher maximum 
occurs in the inlet: the Grubin model, of 
course, requires the higher value to be chosen. 
The result is rather unfortunate for higher 
amplitudes of waviness, as the film thickness 
values corresponding to the two locations vary 
with phase angle very differently, and the 
composite curve resulting is distinctly non- 
sinusoidal. But for small amplitudes the 
problem is minor. Fig 3 shows the results. 

0 . 
0 

8 

0 

o +  

indeed we know what the film thickness 
variation along the Hertzian zone will be. 
From equation (31, which now is valid (see 
[2],[7l,[8]), t h e  a m p l i t u d e  i s  

where here we use the pressure in the Hertz 
zone rather than the value cxp = l a t  the 

magic point. For all likely values of P {and 
certainly P 2 10) this will be undetectable. 

model would be to  
assume the waviness undeformed outside the 

The simplest 

A. 

b v = -  * Q  
Fig 3. Amplitude reduction in simple sliding, 
assuming complete flattening in the Hertz zone. 

It is not clear from these two models 
exactly where the waviness generates the f2m 
thickness changes. In order to throw some 
light on this, two artificial models were tried: 
in the first, the waviness was  arbitrarily 
reduced by a factor ( E l  h )  so  that  the 
waviness is only appreciable near the end of 
the inlet: in the second the complementary 
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factor ( 1  - r I h )  was used. Using the first 
factor had a negligible effect: using the second 
largely eliminated the dependence of the film 
thickness on the waviness. This gives general 
support to Couhier's concept of a magic point, 
though not, of course, establishing that it is a 
point rather than a narrow region which 
matters. 

Accordingly, the experiment was tried 
of again attenuating the roughness by using 
the factor from equation (6), 

using the viscosity at the magic point, a p  = 1 
so that r is again given by equation (7). The 
smooth surface film thickness was need to 
calculate A I B; it was found by a preliminary 
iterative solution of the Grubin equations 
using t h e  Crook approximat ion  

= 0.5 15( L I M3/2)3/4 as an initial guess. 
There are now three independent variables, 
A I b, ( L  I M3l2) ,  and P. Even holding P 
constant results in a considerable scatter when 
the film thickness variation is plotted against 
V ,  though the results are now of the right 
form, with the largest amplitude for 
intermediate values of V (Fig. 4): when P is 
vaned the scatter becomes excessive. 

ZT = zl/d= 

' 0 1 0 0  
eO-25 a +  0 

. 
I 

+ 
6 

I 

+ 
0 

It would seem that it is correct to 
regard the response as due to two factors: the 
direct response of the film thickness to  the 
phase of the waviness, which is responsible for 
the ineffectiveness of short wavelength 
waviness, and the attenuation of the waviness 
a t  the end of the inlet, which is complete for 
long wavelengths and so makes long 
wavelengths ineffective. If so, then the size of 
the largest response will depend on how the 
two factors combine, and w i l l  be changed by a 
shiR in one factor. Thus, redefining the magic 
point as the point where a p  3: 2will increase 
A I B by a factor e and shift the falling part of 
the curve to the left while leaving the rising 
part alone: the effect is to reduce the 
maximum considerably, but of course, has no 
effect on the scatter. 

CONCLUSION 
The amplitude of the film-thickness 

fluctuations between two wavy rollers in pure 
rolling can be predicted t o  a first 
approximation by using the gear-pump 
equation with the waviness modified by a 
factor based on conditions at the magic point 
defined as the point where the pressure 
reaches the value a -' , but this introduces an 
additional, spurious, factor involving P I a po 
compared  w i t h  t h e  p a r a m e t e r  
V = ( A  I ! I ) ( M ~ / ~  I L!'2)on wh ich  t h e  
numerical solutions depend. 

The mean film-thickness when a 
smooth surface slides past a stationary, wavy 
roller is usually higher than for two smooth 
rollers, but depends on the exact location of 
the waviness with respect to the Hertzian 
zone. The variation of the mean film thickness 
with the phase of the waviness is almost 0 

I + I sinusoidal, and the amplitude is governed by 
I a -  I the interaction of two factors:- the direct - 

J response of the film thickness to the waviness, 
lo-' 1 o0 10' Id which is responsible for the ineffectiveness of 

waviness of short wavelength , and the 
attenuation of the waviness at the end of the 

when the initial amplitude is reduced and so m ~ e s  low wavelengths ineffective. 
according to equation (6). Computations based on a simple 

Grubin analysis show that the first factor 

01 .. 
V =-*Q A 

b 
Fig 4. Amplitude reduction in simple sliding inlet, which is complete for long 
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depends on V ; the remaining factor is not too 
Merent f+om the factor used here to obtain 
the pure rolling results above. But this factor, 
zT = z l / , / m ,  offered here is 
inadequate: possibly because the attenuation 
is not determined by the behaviour at a single 
point in the inlet; possibly because the 
approximation of calculating the elastic 
deflection as if there were an in6nite number 
of waves of the same amplitude is too poor. It 
is not clear that either of these changes would 
actually produce the right sort of change in the 
results: our factor depends on V and P, and 
the dependence on P needs to be reduced. 
Perhaps the location of the magic point 
depends on the Hertz width rather than 
occuITing at a particular inlet pressure? 
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Time-Dependent Solutions with Waviness and Asperities in EHL Point 
Contacts 
P. Ehret, D. Dowson, and C.M Taylor a 

a Institute of Tribology, Department of Mechanical Engineering. The University of Leeds 

The effects of various surface textures, described either by an orientated waviness or an uniform distribution of 
asperities, are compared under pure rolling conditions for elastohydrodynamic lubricated point contacts. Time- 
dependent solutions, obtained with a Multigrid Multi-Integration method, reveal that the orientation of the 
waviness, in these conditions, has only a moderate effect on the values of minimum film thickness and maximum 
pressure. These results are in contrast to those obtained under pure sliding conditions, where the orientation of 
the surface texture leads to important differences in terms of minimum film thickness. In pure sliding, it is shown 
that the best lubrication condition is produced for the transverse waviness. 

1. INTRODUCTION 

Reliability and durability of all heavily loaded 
concentrated contacts rely upon the existence 
of a thin film of lubricant in order to separate 
the bounding surfaces in relative motion. Over 
the years, technological and economic issues have 
necessitated the transfer of higher loads over 
the contact area, leading modern mechanisms to 
sustain stringent elastohydrodynamic lubrication 
conditions, where film thickness is approximately 
of the same magnitude as the surface roughness. 
Under such severe conditions, the characteristics 
of the surface texture, and more importantly, the 
properties of the deformed surface texture to al- 
low lubricant to flow between peaks and valleys 
and to protect every part of the contact, have a 
considerable impact on the success of the lubri- 
cation conditions. 

In a previous study [l], the effects of a sur- 
face texture described by a waviness were anal- 
ysed under different orientations of the surface 
compared to the entrainment velocity. The find- 
ings revealed that the orientation of the waviness 
affected considerably the lubrication conditions 
and therefore the minimum film thickness. Un- 
der isothermal and pure sliding conditions (mo- 
tionless waviness), the results obtained showed 
that transverse waviness provides a substantial 
enhancement in lubrication capabilities, and pro- 

duced even larger minimum film thickness than 
the smooth surface case. The reason is explained 
by the fact that valleys created by leakage flows at 
the entrance of the contact supply a regular flow 
of lubricant in remote parts of the contact. On 
the other hand, for other orientations, lubrication 
conditions become non-homogeneous. The orien- 
tation thus leads to an accumulation of the lubri- 
cant in the valleys of the waviness at the entrance 
of the contact, which propagates in a straight line 
all over the contact in the direction of the en- 
trainment velocity. The minimum film thickness 
then decreases reaching the smallest values for an 
orientation approximately equal to 60°. Similar 
simulations were performed by Ai [Z] with trans- 
verse, oblique and longitudinal orientations of a 
surface texture described either by a waviness, or 
by a random roughness. 

This paper presents an extension to these stud- 
ies in which the effects of the surface texture are 
investigated in pure rolling conditions. The influ- 
ence of waviness orientation is again considered, 
but surface patterns which contain uniformly dis- 
tributed asperities on the surface are also exam- 
ined. The aim of this study is to identify the 
effects of the surface texture on the flow of lubri- 
cant through the contact. The ultimate purpose 
is to propose surface textures which improve the 
lubrication conditions, alleviating stress on the 
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bounding surfaces, and increasing the fatigue life 
of the machine elements. 

The effects of the surface texture on elastohy- 
drodynamic lubrication has attracted great at- 
tention over the years. In the 1970s, the sur- 
face roughness orientation in EHL contacts was 
studied by Patir and Cheng [3] using a stochas- 
tic approach to define the surface characteristics. 
Nevertheless such approaches present fundamen- 
tal flaws in elastohydrodynamic conditions since 
the micro-geometries are deformed under high 
pressure, and cannot be presumed known in the 
contact area. The representation of the surface 
texture in a deterministic manner requires, how- 
ever , handling a very demanding numerical prob- 
lem involving fine levels of discretization to define 
accurately the micro-geometries, but also the so- 
lution of the strongly non-linear Reynolds equa- 
tion. 

For point and elliptical contacts, studies with 
a deterministic representation of the micro- 
geometry were initiated by Seabra, [4], Bar- 
rangan de Ling [5], Kweh [6], and Lubrecht 
[7]. The development of the multigrid multi- 
integration technique [8], [9] [lo] has impressively 
overcome the limits of the more traditional nu- 
merical schemes, by allowing high level of d i s  
cretization and, fast and stable convergence. Us- 
ing this technique, Venner [lo] studied exten- 
sively the effect of micro-geometries in point con- 
tacts. Recently Venner and Lubrecht [ l l]  [12] 
[13] have proposed time-dependent simulations 
of EHL point contacts with transverse waviness 
under various rolling/sliding conditions. Their 
study confirmed Greenwood and Morale Espe- 
jel’s [14] theory which considers the film thick- 
ness as the result of wave combination propagat- 
ing through the contact at different speeds. 

amp Micro-geometry amplitude [m] 
El Reduced Elasticity Modulus [Pa], 

2 - 11-4) I (lira - El 
El Elasticity Modulus of Body 1 [Pal 
Ez Elasticity Modulus of Body 2 iPaj 
G Dimensionless Material Parameter, 

h h  

h,,, Central Film Thickness [m] 
hmin Minimum Film Thickness [m] 
hoo 
Hoo Constant of integration 

H Dimensionless film thickness, 

L 

M Dimensionless Load Parameter (Moes), 

p Pressure [Pa] 
p h  Maximum Hertzian Pressure [Pa], 

Ph = 
PR Reference Pressure [Pa] , 

p~ = 0.198 lo9 P a  
P Dimensionless pressure P = p / p h  
R Radius of the Ball [m] 
r Half length of the Asperities [m] 
t Time 
f Dimensionless time f = tu,/a 
ue Entrainment Velocity [m/s] 
U Dimensionless Velocity Parameter, u=tlou, 
XIY Coordinates [m] 
X ,Y Dimensionless Coordinates 
Xo, ,Yo, Initial Location of Asperity Centre 

z Pressure Viscosity Parameter 
w Load [N] 
6 Wavelength [m] 

G = a E ’  
Maximum Hertzian Deformation [m] , 
hh = 

Motional Separation of Rigid Surfaces [m] 

HOO = hOO/hh 

H = h / h h  
Dimensionless Material Parameter (Moes) , 
L = G ( ~ u ) ’ / ~  

M = ~ ( 2 u ) - 3 / 4  

3F 

E’R 

X = z/a,Y = y / a  

W Dimensionless Load Parameter, 

W Dimensionless wavelength, 
1.1. Notation W = &  

a radius of the Hertzian contact [m], W = 6 / a  

A Dimensionless amplitude, 

3FR 3 a Pressure Viscosity Index [Pa-’] 
a =  (y )  

q Viscosity [Pa s] A = a m p / h h  
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- 
W 2. THEORY 

The lubrication conditions of the contact be- 
tween a smooth ball and a plane containing 
micro-geometries are examined under pure rolling 
conditions (Figure 1). The ball and the plane 
have same kinematic conditions, and move with 
an entrainment velocity u,. Kinematic and 
loading conditions are not dependent on time. 
Isothermal conditions are assumed. Furthermore 
the lubricant is considered as a Newtonian com- 
pressible and piezoviscous fluid. The change of 
density with pressure is given by the Dowson and 
Higginson relation [ 151 : 

--I 

Entrainment Velocity 

The viscosity variation 
equation [IS] : 

The domain of study is 

(1) 

obeys the Roelands 

.I 
(2) 

rectangular, and the 
coordinates are defined such that the axis Ox has 
the same direction as the surface velocity. The 
origin of the frame is located at the centre of the 
contact. The set of equations which have to be 
satisfied at each instant f are represented in a 
dimensionless form as follows : 

Figure 1: Kinematic condition and Geom- 
etry. On the plane, the surface texture is 
defined either as an orientated waviness 
or as an uniform distribution of asperities 

0 the Reynolds equation, 

770 Viscosity at Ambient Pressure [Pa s] 
V R  Reference Viscosity [Pa s], 

VR = 6.32 10-spa s 
c Reynolds Equation Coefficients, 

c =  pHJ 

X Dimensionless parameter 

03Ph 

v1 Poisson's ratio of Body 1 
v2 Poisson's ratio of Body 2 

vx 

= 12vou,Ra 

D 
Dt 

v (V€P)  = -- ( p H )  

0 the Elasticity equation 

(3) 

x' Y' H = Hoo + 2 + 7 
-'R(X, y, 0 (4) 

0 the Balance equation 
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The operator & (.) of the Reynolds equation 
represents the time derivative following the aver- 
age motion of the fluid through the contact ; 

I 5.27 

D a a 
- ( * I =  Di s( . )+- ( . )  ax 

This defines respectively the squeeze and Cou- 
ette terms. 

The boundary conditions for the Reynolds 
equation are : 

P = 0 on each side of the computation domain 

at  the boundary cavitation 8P p = - = o  ax 
2.1. Surface Texture 

The function R(X, Y, f )  defines the micro- 
geometry located on the plane. Two types of sur- 
face texture are considered : 

0 a waviness orientated at a given angle 4 
compared to the entrainment velocity u e .  
Specifically, the orientation angle 4 = Oo 
corresponds to a transverse waviness, and 
4 = 90" defines a longitudinal waviness. 

x, = XCOS(C#J) - Ysin(4)  
x d  = (xs + f)COs(+) (6) 
R(X,Y,f) = A ( l  +cos (27rXaGXd)) 

0 a uniform distribution of asperities. 

x,, = XO, + t 
x-x. 2 

zi = 1 - ( .> + ( y C L ) '  (7) 

R(X, Y, i) = A xi  6 
Only the positive values of zi  are con- 
sidered. The distribution of the asperity 
centres ,Yo,,Yo, is such that each asper- 
ity is surrounded by five other asperities. 
The distance between each asperity centre 
equals W = 2r. 

Compared to a traditional definition, the wavi- 
ness has been translated to the value A in order 
to compare results obtained from the two micro- 
geometries. After translation, it follows that, for 
both surface textures, the function R(X, Y,  f) re- 
mains positive or nil everywhere in the domain of 
study. 

2.2. Conditions of Study 
The conditions of study are related to one of 

Kaneta's experiments [17], and are the same as 
used by Venner and Lubrecht [ll] in simulations 
of a moving ridge. The parameters of study are 
presented in Table 1. The height of the micro- 
geometry remains constant in the whole study. 
Its value is chosen equal to 0.120pm which corre- 
sponds respectively to A = 0.0225 for the wavi- 
ness, and A = 0.045 for the asperity distribution. 

El 

IlO 

'Ue 

R 
a 

W 

Ph 
h h  

F 
hmin,smooth 

hcen,smooth 

Dimen mless Num 
M II 23: 

1.17 10" 
2.2 10-8 

1.22 
0.01075 

1.27 lo-' 
0.184 
0.54 
2.67 
38.3 

0.062 
0.142 

Table 1 Smooth surface parameters, and loading 
con& tions 

2.3. Numerical Method 
The multigrid multi-integration method [lo], 

[18] [19] is used to solve the set of equations at 
each time step. The finest mesh is defined by a 



317 

, I  

19 

h 

QS 

PO 

Wavelength W = 0.68 
- 

. 

IS u 

Wavelength W = 0.5 

Wavelength W = 0.32 

Figure 2: Contours of film thickness, 
pressure and film thickness profiles at 
Y=O, for transverse waviness, under pure 
rolling conditions, at f = 3.6 

grid of 257 x 257 points, and the coarsest grid 
contains 17 x 17 points. In order to increase the 
efficiency of the numerical scheme, the F-cycle is 
employed. The solution, obtained at the previ- 
ous time step, is not used directly as a first guess 
to solve the set of equations at the current time, 
but it is decomposed according to its smooth (low 
frequency) and detailed (high frequency) compo- 
nents by transferring it on different grids. The 
solution at the current time is then constructed 
from low to high frequencies by correcting the 
components obtained at the previous time with 
the Full Approximation Scheme [8]. 

As pointed out by Venner, it is essential to em- 
ploy a second order scheme to discretize the Cou- 
ette and squeeze terms of the Reynolds equation. 
For transient solutions, under pure rolling condi- 
tions, the use of the first order scheme leads to a 
decrease in the amplitude of the surface feature 
as it moves towards the contact. The solution ex- 
hibits an overprediction of the pressure and sur- 
face deformation. This numerical artifact is ex- 
plained by the fact that first order schemes have 
difficulties in representing the local changes in the 
solution. Parts of the solution history are thus 
misrepresented or forgotten, leading to a solution 
similar to that obtained in steady-state. For sec- 
ond order schemes, this problem can also appear 
when the time step is not small enough consider- 
ing the changes in the solution between two in- 
stants. This is the case when a large number of 
surface features are present in the contact, involv- 
ing a multitude of simultaneous changes at each 
time step. For these reasons, time-dependent sim- 
ulations of real rough surfaces remains question- 
able since a very large spatial discretization, and 
a very fine time step are required to represent and 
conserve the high frequency features of the sur- 
face topography. 

There is a simple test which allows us to con- 
trol if the time step is sufficiently small to account 
for all the changes which take place in the con- 
tact. It consists of checking the pressure and film 
thickness profiles at Y = 0 during the passage 
of transverse waviness under pure rolling condi- 
tions. For this case, the solution is well known. 
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The waviness must travel without any change in 
the contact, since there is no pressure induced 
flow in the high pressure area of the contact. In 
this part of the contact, the viscosity is so high 
that the elliptical part of the Reynolds equation 
vanishes. As a result, the deformation of the 
waviness and the pressure ripples are only pro- 
duced by the squeeze action which takes place 
when the surface feature enters the contact. Sub- 
sequently these ripples cannot increase when the 
waviness moves towards the contact. It follows 
that the increase in the pressure ripples as ob- 
served in some of Lubrecht and Venner’s sim- 
ulations [12] [13] can only be explained by the 
numerical damping of the waviness, and should 
disappear by decreasing the time step. Using 
the same spatial discretization as Venner and Lu- 
brecht, the previous condition on the transport 
of the surface features in pure rolling conditions 
leads us to employ a time step twice as small as 
theirs. The transport of the waviness is clearly 
seen in Figure 2 for 3 different wavelengths, as 
an instant far from the start-up. For all the 
cases presented, AX = AY = 0.015625, and 
At = 0.0078125. The computational domain is 
defined as -2.5 5 .Y 5 1.5 and -2 5 Y 5 2. 

The initial condition chosen corresponds to the 
deformed smooth geometry on which is superim- 
posed the underformed micro-geometry. As a re- 
sult,  the pressure field at time 1 = 0 remains close 
to the pressure field obtained with the smooth ge- 
ometry. The initial condition can be considered 
as a representation of the geometry according to 
the A ratio (smooth minimum film thickness to 
the composite roughness). In this present study, 
the A ratio is about 1, although a value at  least 
larger than 3 is commonly recommended to assure 
satisfactory elastohydrodynamic lubrication. The 
start-up of the numerical simulation presents the 
transition between the micro-geometry defined by 
the A ratio and the real conditions of lubrication. 
Since the minimum film thickness is smaller than 
the height of the micro-geometry, there are lo- 
cal interferences between the two bounding sur- 
faces during a short period of time at the start-up. 
No special numerical treatment of the Reynolds 
equation has been made to  handle this aspect, 

although an accurate and rigorous solution of 
the start-up conditions should require solving the 
problem of contact between solid/solid in the ar- 
eas where local interferences exist. 

3. RESULTS 

3.1. Transition Period 
Figures 3, 4 and 5 display the evolution of the 

film thickness, and pressure profiles for a trans- 
verse waviness, an orientated waviness ($ = 4 5 O )  , 
and an asperity distribution during the period 
when the surface features, set at 2 = 0 in the con- 
junction, pass through the contact. Thereafter 
periodic results are obtained and are indepen- 
dent of the initial solution. In order to improve 
the visualization of the film thickness contours, a 
maximum and a minimum threshold are selected, 
which correspond respectively to H = 0.0525, 
and H = 0.02. As a result, the zones without 
any contour represent the new locations of the 
initial surface textures (minimum threshold) , and 
the positions of the valleys filled with lubricant 
(maximum threshold) , which are created when 
new surface features arrive in the contact. 

These simulations show that the initial sur- 
face features, as they move through the contact, 
hardly sustain any deformation. This is explained 
by the fact that the lubricant, in the high pres- 
sure region, and the initial micro-geometry pos- 
sess same velocities. 

The transition between the initial condition 
and the arrival of new surface features is clearly 
seen on the film thickness profiles. They show 
that the entrance of new surface feature are al- 
ways accompanied by a substantial entrainment 
of lubricant in the contact, leading to an increase 
in the separation between the bounding surfaces. 
It is also interesting to note that most of the 
deformation to which the surface feature is sub- 
jected is produced when the micro-geometry en- 
ters the contact due to the squeeze action. This 
effect is especially evident for the asperity feature 
(Figure 4) which changes shape as it squeezes the 
lubricant. 
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Figure 3: Contours of film thickness, pres- 
sure and film thickness profiles at Y=O, 
for a transverse waviness, W = 0.32, un- 
der pure rolling conditions 

f =  1.56 

Figure 4: Contours of film thickness, pres- 
sure and film thickness profiles at Y=O, 
for an orientated waviness,$ = 45", W = 
0.32, under pure rolling conditions 
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Figure 5: Contours  of film thickness, pres- 
sure and film thickness profiles at Y=O, 
for an asperi ty  distribution, W = 0.5, un- 
der pure rolling conditions 

3.2. Lubricant  Flow 
The entrance of identical surface features in 

the contact, at regular time intervals, splits up 
the continuous inlet flow, and subsequently forms 
patchy lubrication conditions. For the transverse 
and orientated wavinesses (Figure 3 and 4), this 
aspect is illustrated by areas of the contact where 
lubricant, is entrapped between the ridges of the 
waviness, and propagates a t  the same speed as 
the surface micro-geometry. 

In Figure 5, it is shown that the asperity dis- 
tribution allows the lubricant to flow around the 
surface features. Note also the space between the 
asperities in the transverse direction which forms 
longitudinal valleys. In this case, conditions at 
the entrance of the contact do not lead to  forma- 
tions of valleys filled with lubricant as obtained in 
the previous cases. The situation remains, how- 
ever, similar to that observed for the transverse 
and orientated wavinesses; pressure induced flow 
is non-existent at the centre of the contact and 
the asperities travel without any change through 
the contact. Contrary to the waviness, the re- 
sults obtained with this micro-geometry depend 
on the position of the asperities in the transverse 
direction. 

3.3. Minimum Fim Thickness 
The evolution of the minimum film thickness 

as a function of time is presented in Figure 6 
for a waviness which is characterized by a wave- 
length W = 0.32. Four different orientations of 
the surface texture have been examined which are 
; 4 = O', 4 = 22.5', 4 = 45', 4 = 67.5'. AS 
previously mentioned, interferences between the 
bounding surfaces are produced at the beginning 
of the simulations since the micro-geometry is 
larger than the smooth minimum film thickness. 
This is described on the figure by a minimum film 
thickness equal to zero. As new surface features 
arrive in the contact, they draw a larger quantity 
of lubricant and the minimum film thickness grad- 
ually increases. At time{ > 2, it can be estimated 
that the solution no longer depends on the initial 
condition since the evolution of the minimum film 
thickness becomes periodic. After this stage, re- 
sults can thus be compared in order to analyse 
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the influence of the surface texture. These peri- 
odic results do not show important differences in 
terms of the magnitude of their oscillating com- 
ponents, although the frequency of their variation 
is dependent upon the waviness orientation, since 
the orientation affects the number of ridges which 
crosses the centreline Y = 0 of the conjunction. 

0.015 , I 

,.. . . . . . . . . . . . . .  

............................ I ,&-A Phl-22 5 
rr--nPhl-45 t 

1 
0 0  1 0  2 0  3.0 4.0 

t 

O w 0  

Figure 6: Variation of the minimum film 
thickness, as function of the time, in pure 
rolling conditions, for wavinesses, W = 
0.32, q5 = O', q5 = 22.5', d, = 45", 4 = 67.5' 

These results are completed with two other ori- 
entation angles 4 = 11.25' and 4 = 78.75", and 
are condensed in Figure 7. Symbols represent 
the average values of the minimum film thickness 
when periodic results are reached, while the error 
bar defines the lowest and highest values of the 
time-variations. With this graph, it is then ap- 
parent that the minimum film thickness slightly 
increases with the orientation of the waviness in 
the conjunction. It is interesting to compared 
these results with those obtained in pure slid- 
ing conditions with a motionless waviness and a 
configuration where a ridge of the waviness is lo- 
cated at  the centre of the contact. For this case, 
the minimum film thickness exhibits a completely 
opposite trend. The maximum value of film thick- 
ness is obtained in these sliding conditions for a 
transverse waviness and declines as the orienta- 
tion angle increases. 

I 

. -  0 026 SMOOTH MINIMUM FILM THICKNESS 

I 1 
0 0  200 400 w o  80 0 

OrWrn1.ll.m An@. 

Figure 7: Comparison of the minimum film 
thickness, in pure sliding and in pure 
rolling conditions, as function of the ori- 
entation angle, for a waviness, W = 0.32 

Figure 8: Minimum film thickness, in pure 
rolling conditions, for transverse wavi- 
ness, orientated waviness r#~ = 45', and as- 
perity distribution, under different wave- 
lengths W1 = 0.32, W 2  = 0.5, and W1 = 0.68 

Figure 8 summarizes the values of minimum 
film thickness obtained under different wave- 
lengths of the surface texture ; W = 0.32, W = 
0.5 and W = 0.68. A transverse waviness, an 
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orientated waviness (4 = 45O), and an asperity 
distribution are analysed. For all the wavinesses, 
whatever the orientations considered, the increase 
in the wavelength leads to a rise in the minimum 
film thickness. On the other hand, for the as- 
perity distribution, a decrease in minimum film 
thickness occurs when the wavelength passes from 
W = 0.5 to W = 0.68. For this case, the latter 
wavelength is too large, and the transverse space 
between the asperities which forms longitudinal 
valleys cannot be created in the extreme part of 
the contact, where the minimum film thickness 
takes place. 

Figure 9: Variation of the maximum pres- 
sure, as function of the time, in pure 
rolling conditions, for wavinesses, W = 
0.32, q5 = 0" ,  4 = 22.5', 4 = 2 5 O ,  6 = 67.5' 

3.4. Maximum Pressure 
The evolution of the maximum pressure as a 

function of the time is shown in Figure 9 for the 
same micro-geometries as proposed in the previ- 
ous section. The variations of pressures which 
occur during the transition period are due to the 
progression of the initial surface geometry. Since 
the initial micro-geometry has been set artificially 
in the contact, these pressures are not relevant to 
real cases. The periodic results are again con- 
densed in order to show the variations of maxi- 
mum pressure as a function of the orientation an- 
gle. With Figure 10, it is shown that pressures, 

Figure 10: Comparison of the maximum 
pressure, in pure sliding and in pure 
rolling conditions, as function of the ori- 
entation angle, for a waviness, W = 0.32 

under pure rolling conditions, remains much lower 
than those obtained in pure sliding cases, for any 
of the orientation angles. Note that the maxi- 
mum pressure slightly increases with the orienta- 
tion angle, and its value tends towards that o b  
tained, in pure sliding conditions, for the longitu- 
dinal waviness. 

Figure 11: Maximum pressure, in pure 
rolling conditions, for transverse wavi- 
ness, orientated waviness 4 = 45", and as- 
perity distribution, under different wave- 
lengths W1 = 0.32, W 2  = 0.5, and W1 = 0.68 



Figure 11 regroups the results obtained with 
the surface textures and orientation described in 
the previous section. The values of maximum 
pressure, for the transverse and orientated wavi- 
nesses, in pure rolling conditions, remain close 
to that of the smooth surface problem. This 
again points out the small deformation that the 
micro-geometry has to sustain in these running 
conditions. Maximum pressure, for the asper- 
ity distribution, remains slightly higher than for 
transverse waviness, due to higher pressure spikes 
which are formed at the end of each asperity. 

4. CONCLUSIONS 

In pure rolling conditions, minimum film thick- 
ness and maximum pressure are not very sensitive 
to the orientation of the waviness, or the pat- 
tern of the surface texture. The minimum film 
thickness of transverse and orientated wavinesses 
is governed by the flow of lubricant drawn, at the 
entrance of the contact, under the ridges of the 
waviness. It also depends on the deformation of 
the ridges as they enter the contact. The magni- 
tude of the deformation is mainly related to the 
wavelength of the ridge compared to the size of 
the contact. Results show that short wavelength 
surface features are less deformed compared to 
those of long wavelength. 

For the asperity distribution, lubrication condi- 
tions are similar to the transverse waviness since 
again, minimum film thickness depends upon 
both entrainment of the lubricant and deforma- 
tion of surface features at the entrance of the 
contact. The asperity distribution however im- 
proves the situation when the transverse space 
between the asperities, which form longitudinal 
valleys, are located at  the extremity of the con- 
tact. 
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Finite Element Modelling of Surface Fatigue Crack in EHD Contact 

S. Bogdanski 
Institute of Aeronautics and Applied Mechanics, Warsaw University of Technology, Nowowiejska 22/24, 
00-665 Warsaw, Poland 

The interaction of EHD contact with a shallow angle surface breaking crack is analysed. The crack, which 
in reality is assumed to be embedded in one member of the EHD contact couple, and the member itself are 
modelled as a 2D prism containing plane, zero thickness discontinuity of material of a given length and an 
angle of inclination to the horizontal a. The cycle of loading is simulated by assuming that the stresses 
having a EHD distribution travel along the prism such that one passage is equivalent to one cycle of rolling. 
Friction between the crack faces as well as the stick/slip phenomena are accounted for in the analysis. 
An influence of crack slope and friction between the crack faces on the values and ranges of mode I and mode 
I1 SIF is investigated. Comparison with theothers results of analyses, which assume Hertzian pressure 
distribution, is presented. 

1. INTRODUCTION 

Very often happens in engineering practice that 
a surface breaking rolling-contact fatigue crack is 
exposed, after its initiation, to the pure EHL 
conditions for aperiod of time which is sufkient 
for creating pits. As S. Way already pointed out in 
1935 [l], such situation is possible even for fully 
developed EHD lubrication, which prevents 
the interacting surfaces from metallic contacts. 

Since that time, the phenomena involved with 
rolling contact fatigue have been a subject of 
research for many investigators [2 - 181. Despite 
many approaches and technics have been applied, 
the mechanism of creating pits is not fully 
explained, and is still a topic of interest to many 
researchers. 

L. M. Keer and M. D. Bryant [2] simulated by 
computer the propagation phases of the experiments 
of Way [l]  and Yamamoto [3]. They applied 2D 
model of a crack embedded in an elastic half plane. 
Loading cycle was simulated by assuming that 
stresses having a Hertzian distribution travel across 
the half space. They predicted cycles of stress 
intensities large enough to cause crack growth, but 
they have not indicated the mechanism, which could 
be responsible for propagating contact fatigue 
cracks. 

Bower [4] utilised similar 2D model for 
explaining the characteristic features of rolling 
contact fatigue cracks, which have been observed 
experimentally. 

crack 

Direction of load movem&t I 

Fig. 1. a). The members of an EIID contact couple, 
b). Geometry of a crack and load coniiguration. 

He stated that a satisfactory explanation for 
pitting must account for the influence of fluid 
lubricant, and explain the direction of crack growth, 
which is always in agreement with the direction of 
the load motion. He pointed out additionally, that 
the model used for analysis should explain also 
the effect of tractive force direction. His model 
incorporated three possible mechanisms of crack 
growth. 
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The first accounted for friction reduction effect 
caused by lubrication of the crack faces, the second 
one based on "the hydraulic action of liquid" inside 
the crack interior and the third one assumed an 
occurrence of fluid entrapment phenomenon. 
The results obtained from the analyses for the first 
and the third mechanisms seem to give an 
explanation for *the preferred" direction of cracks 
growth, and the effect of tractive force direction. 
The fluid influence could be also explained there in 
two ways, firstly as the necessary medium for 
lubricating thecrack faces, and secondly as a 
medium necessary for entrapment phenomenon. 
However, in the light of unsuccessful experimental 
attempts of growing mode I1 cracks, and due to 
thelack of experimental data for non proportional 
mode I and mode I1 cycles, which are the result of 
the fluid entrapment mechanism, it is difficult to 
predict the direction or rate of the crack growth on 
the basis of these results. 

The similar method based on the distribution of 
dislocations has been applied to multiple cracks by 
Duborg, Godet and Villechaise [5]. The cracks 
have been located also in an elastic half plane, and 
contact load was approximated by the theoretical 
Hertz' pressure distribution. 

Bogdanski, Olzak and Stupnicki [6] ,  [7] 
utilised 2 D  FEM model in the form of a cylinder 
and prism for the analysis of lubricating and 
hydraulic effects of liquid on the behaviour of 
surface breaking rolling contact fatigue cracks. 

Nomenclature 

They determined normal and tangential contact 
interactions between cylinder and prism through 
the complete solutions of the contact problems for 
the consecutive positions of cylinder rolling over 
the prism. Using similar model, they investigated 
the fluid entrapment effect combined with tractive 
force and residual stresses acting in the vicinity of 
crack [8], [9], [lo]. Murakami and Nasser [ I l l  
have developed a "body force method" which was 
applied to the analyses of three dimensional rolling 
contact fatigue cracks by Kaneta and Murakami 
[I21 , [13] and Kaneta, Murakami and Yatsuzuka 
[14]. The method is very interesting and 
the results cover wide scope of cases, but again 
cracks are embedded in the elastic half - space and 
contact load is approximated by the Hertzian 
pressure. 

The 3 D  real geometry model of "squat" type of 
crack, which occurs in the rail head, has been 
attempted for the first time by Bogdanski, Olzak 
and Stupnicki [9], 1151. They applied FEM model 
for a wheel and a section of rail containing 
a typical "squat" shape crack. Using the flexibility 
matrices and utilising the iterative procedure, they 
solved a series of consecutive contact problems 
which occur between rail and wheel during rolling 
of the wheel over thecrack. They indicated on 
the significant differences between the contact 
pressure distributions obtained through the solution 
of the real geometry contact problem and those 
predicted by Hertz' thcory. 

a - length of the crack, [m]. 
b - Hertzian line contact footprint half 

E = equivalent Young modulus, 

F - nornial load intensity, F= NIL 
G - material parameter, G = a' E' 
H - oil film thickness, [in]. 
K, - mode I stress intensity factor, 

K',- dimensionless mode I stress 

width, [m]. 

E' = 24( 1 -v,)*/E, + ( I-V,)~E,] 

[ m a  &I.  

intensity factor, 
K', = K,, /(Po& 1 

w a  &I. 
K,, - mode II stress intensity factor, 

KqIl - dimensionless mode II stress 

intensity factor, K',,= ~ , , / ( p ~ & )  
N - normal load, [N] 
L - contact length, [m]. 
p - oil pressure in EHD film, [ m a ] .  
po - maximum Hertzian contact 

R - roller radius, [m]. 
K' = equivalent radius of rollers, 

S - slip parameter, 

u - velocity, [m/s]. 
u' - average entrainment rolling speed, 

U - dimensionless speed parameter, 

pressure , w a ] .  

R' = RIRJ(Rl+RJ 

s = 2(u,-u,~u,+u,). 

u' = (u,+u,)n, [mls]. 

u = q u' IE' K'. 

W - load parameter, W = F/E'I?L. 
ci - angle of crack inclination, ["I. 
a' - piezocoefficient of oil viscosity 
h = traction to normal load ratio, 

p - coefficient of friction between 

x, x' - co-ordinates, [in]. 
q = viscosity of oil in ambient 

Indices: 
1 ,2  -for lower and upper roller, 

a - for the point of the first pressure 

h = % /Po. 

crack faces. 

conditions, [Pa s]. 

respectively. 

maximum. 
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Using similar model, they investigated 
an influence of face friction on the crack behaviour 
as a result of lubrication of the crack faces [ 161. 

Most of the results of the above discussed 
analyses can be at least partially used for 
explanation of the phenomena occurring during 
the development of rolling contact fatigue cracks in 
gears, bearings and railway tracks. However, 
the particular contact couples have their specific 
features, which should be taken into account when 
creating the more adequite and precise models. 
TheEHD contact is an example of such a couple. 
Fully developed EHD oil film prevents the co- 
operating surfaces from the direct metallic contacts 
of surface asperities. Hence, solving the contact 
problem in this case is not necessaty nor even 
assuming the Hertzian pressure distribution. 
Theonly proper approach seems to be an 
application of a real EHD pressure and traction 
distributions as a contact load. The permanent 
presence of oil in thecontact zone, and 
consequently in the vicinity of a crack mouth, when 
it is passing along this zone creates conditions for 
occurrence of all discussed here mechanisms of 
liquid interactions. 

These mechanisms should be modelled on 
the basis of fluid mechanics, and the models should 
account for the dynamic effects associated with fluid 
sucking in, and flowing out from the crack interior. 
Referring to theabove, the first step of such an 
approach in modelling of the RCF cracks exposed to 
EHD contact has been undertaken, and is described 
in this paper. 

2. MODELLING 
The two-dimensional finite element model of a 

oblique, surface breaking crack has been applied to 
investigate the state of stress in the vicinity of 
a crack tip, during cyclic EHD contact loading. 
The EHD contact couple (Fig. la.) is modelled here 
as a plane prism with the length of 32b and height 
of 7b, which is subjected to the travelling EHD 
pressure and traction distributions (Fig. Ib.). One 
passage of such load is equivalent to one cycle of 
rolling. The cycle of loading starts for the position 
of the load centre at x = - 5b, and ends at x = 7b. 

Thecrack, which is modelled here as a plane 
discontinuity of material, is embedded in the centre 
of the prism, and is characterised by the length "a" 

and an angle of inclination to the horizontal "a". 
The crack mouth is located at x = 0.0. 

Fully developed EHD conditions have been 
assumed, which assure an existence of 
the continuous oil film, thick enough to prevent 
the surface asperities from touching each other. As 
an approximation of a real pressure and traction 
distributions acting in theEHD oil film, those of 
a numerical solution of thermo-elastohydrodynamic 
problem for U = 3.10 - I 1  has been taken for 
the analysis (Fig. 2.1, [ 171, [ 181. 

The tangential and normal interactions between 
thecrack faces are taken into account through 
the contact problem being subsequently solved 
during simulation of the cycle of loading. Three 
states of thecrack faces interactions are 
distinguished; crack open, crack being in sticking 
contact and crack in sliding contact. Penetration of 
a crack interior by oil and the consequent reduction 
of friction is also taken into account. The deformed 
geometry of body being in contact is incorporated 
into themodel, and several angles of crack 
inclination are analysed. On the basis of the linear 
fracture mechanics, values, ranges and histories of 
fluctuations of the stress intensity factors SIF; K,, 
K,, at the crack tip are determined for the cycle of 
contact loading. 

The analysis has been performed for several 
values of friction coefficient at the crack faces. 
The results are compared with those obtained by 
others, who either used the theoretical Hertz' contact 
pressure distribution as an approximation of the real 
contact pressure [4], or solved a number of 
consecutive contact problems for the co-operating 
surfaces [5 ] .  

3. RESULTS 
For each cycle of loading the state of stress in 

thevicinity of a crack has been determined and 
consequently thehistory diagrams of mode I and 
mode I1 Stress Intensity factors (SIF). The diagrams 
are shown as thecurves plotted for thevalues of 
the particular SIFs against the position of the load 
centre. The history diagram for the mode I1 SIF 
shown in Fig. 3 has been chosen here as an example 
for explaining how to read such diagrams in 
this paper. The above mentioned diagram concerns 
the case of EHD pressure distribution presented in 
Fig. 2 (the cuve for U = 3.10 - I 1  ). 
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-2.0 -1.0 0.0 
x / b  

1 .o 

Fig. 2. Dimensionless pressure profiles and film shapes for varying dimensionless speed parameter. 
The load, material and slip parameters are constant: W = 5.0 10 -5, G = 3000, S = 0.2. 

This pressure distribution travels along 
the prism containing the crack of the length a = b12, 
inclined to the horizontal at an angle a = 25'. 

As shown in Fig. 3, the axis x' / b along which 
the EHD pressure profile is defined travels from 
the left to right across the co-ordinate system x I b 
having their origin (x' I b = 0.0) at the crack mouth. 
Values of the mode I1 and mode I SIFs are plotted 
for various locations of the load centre (load centre 
is located at x' I b = 0.0) as the curves of the SIF 
cycle, which corresponds to one rolling cycle of 
thesystem shown in Fig. la. Friction coefficients 
" p 'I, which are written in the diagram legends, 
describe friction between the crack faces. 
The traction ratio h = % / p, describes friction at 
the surfaces of members being in contact. 

Theabove mentioned EHD pressure profile is 
shown in detail in Fig. 2 (curve for U = 3. lo-" ), 
and the EHD contact parameters for the chosen case 
are as follows; 

Maximum theoretical Hertz' pressure, 
p, = 638.0 MPa; 

Hertzian line contact footprint half-length; 
b = 0.226 mm 
Load parameter, W = 5.  10 -5; 

Material parameter, G = 3000; 
Speed parameter, U = 3.10 - l l ;  

Slip parameter, S=0.2; 
Minimum film thickness parameter, 
(hmh R') I bZ = 0.2302 
Global traction coefficient, h = 0.5612.10 - I ;  

It should be pointed out, that the global traction 
coefficient reflects here the tangential interactions 
between the fluid film and the solid surface, which 
vary along the contact length . Similarly as traction 
coefficient h = % I p, used in the Hertz contact, it is 
defined as a ratio of the resultant tractive load to 
the normal load, but here this quantity is specific for 
thegiven EHD conditions. In thecases of Hertz' 
pressure distribution used in RCF crack analyses 
this ratio does not influence the pressure profile, 
and can be assumed arbitrarily. 
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Fig. 3. The typical history diagram for mode I1 SIF for the case of EHD pressure distribution. Po = 638.0 MPa, 
CL = 25O, b = 0.226 mm, a = b /2,  p = 0.2 ,  h = 0.0. Crack located at x / b  = 0.0. 

Here, this coefficient depends mainly on the slip 
and material parameter, and is constant for 
the fixed EHD contact parameters. Hence, it is not 
possible to assume various tractive forces in 
the present analysis for the fixed pressure 
distribution. To obtain various traction coefficients 
it is necessary to change some of theabove 
mentioned parameters. Thebest way is to alter 
the slip - the parameter having the greatest 
influence on traction, but such a change will always 
alter the pressure distribution. For all analyses 
reported in this paper, the above mentioned case of 
EHD contact has been assumed, with only one 
common value of global traction coefficient; h = - 
0.06. However, it was possible to use this pressure 

and traction distributions for loading cracks of 
various geometry and with various friction 
coefficients controlling their face slippage. 

3.1. Hertz' pressure profiles. 
As already mentioned, the results of the RCF 

crack analyses for the EHD conditions are not 
available in the literature as the investigators have 
always applied a simplified Hertzian pressure 

distribution for the similar analyses. To make 
the results comparable, some calculations for 
the cases with Hertzian pressure distribution have 
been carried out, before attempting the analysis for 
the cases with the EHD pressure distributions. 
Having both, the results for EHD and Hertzian 
pressure distributions, obtained from the same 
method of analysis, gives an additional opportunity 
to compare them and determine the possible 
consequences resulting from the simplifications 
applied to the EHD contact pressure distribution. 

Thecomparison of themode I1 SIF cycle 
obtained by theauthor and by Bower [4] is 
presented in Fig. 4. Both calculations have been 
carried out for the Hertzian contact pressure 
distribution, for the same friction coefficient p = 0.1 
at the crack faces and the same ratio I p, = - 0.1. 
The length of the crack in both cases was a = b 12, 
and it was inclined at an angle of a =  25" to 
the horizontal. The curves presenting the mode I1 
SIF cycles have similar shapes but thecurve 
presenting the Bower's results seems to be shifted 
down a certain distance. Therange of this SIF 
fluctuation in Bower's case is about AKIIl = 0.3 1, 
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which is approximately 19% larger as compared to 
A K l l  = 0.26 obtained by the author. The mode I 
SIF cycles can not be compared, because they are 
not available in Bower's paper. 

Direchon of load movement ~- 

-I.'., I 

-1 .o 0.0 1 .o 2.0 
Position of a centre of load, x l b  

Fig. 4. Comparison of the Mode I1 SIF cycles for 
Hertzian pressure distribution obtained by 
Bower [S] and author. The rcsults obtained 
for; a = b /2 ,  a =  25O, p=0.1,  h = - 0.1. 

t 

I I I 1 I 1 

Position of a centre of load, x/b 

3.2 EHD pressure profiles. 
The typical history diagram of the niodc I1 SIF 

for thecase of EHD pressure profile is shown in 
Fig. 3. Friction coefficient for crack faccs was 
assumed as p=0 .2 ,  and no traction forccs have 
been included (A = 0.0). The crack of the length 
a = b/2 was inclined at an angle of a = 25' to 
the horizontal. 

The phases of the mode I1 SIF cvck 
The wholc cycle of the SLF K,, variation can be 

divided into eight phases, which correspond to 
the current state of thecrack faces, i. e. their 
position and relative motion against each other. 

The phase I can be defined by the range of s co- 
ordinate 5.0 < x / b <3.0. This part of the cycle 
shows the initial stage of crack opening (Fig. 5 . )  
during which the SIF K, and K,, increase as the load 
approaches the crack mouth. Thc uppcr side of 
thecrack is not loaded yet, as the pressure profile 
begins at x' / b = - 3.0. Starting froin the load 
position of s / b = - 3.0, the phase I1 begins, which 
is manifested by the growth of the mode 11 SIF with 
higher gradient. As shown in Fig. 5, thc mode I SIF 
decreases in this phase, due to the action of the part 
of the low gradient pressure profile, which 
pressurises the uppcr wedge of the crack. When 
the travelliiig load starts to cover the crack mouth 
by the highcr gradient part of pressure profile, 
b). 

p= 0.15 
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r ---I 

Direction of load m o v e q  
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EHD, (Author) 

- Hertz, (Author; 
z- .~ ... 

I 

Fig. 5 .  Comparison of the SIF cycles for the EHD and the Hertzian pressure distributions applied as the crack 
load, a). mode I cycle, b). mode 11 cycle. No tractive force. 
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thephase I11 commences with very steep rise of 
the discussed SIF. This rapid growth of the SIF is 
caused by the intensive loading of the upper wedge 
of the crack by the part of the pressure profile, 
which is close to the high pressure region. 
Depending on thevalue of friction coefficient, 
thephase IV begins m n e r  or later, which 
represents the phenomenon of the blockade of crack 
faces . During the part of phase I11 and the whole 
phase IV, thevalue of mode I SIF remains zero. 
For the load position approximately at x / b = 1.0 
the blockade finishes, and the released crack faces 
slip against each other, unloading thecrack tip. 
This is thephase V, during which thevalue of 
theSIF K,, drops to zero. During this phase 
thevalue of themode I SIF is still zero. After 
the load relaxation, starting from the load position 
for which the SIF K,, attains zero value, the crack 
tip shearing changes direction to negative, and 
the upper face of the crack starts to slip upwards to 
the left in relation to the lower face. This is 
the phase VI, during which the crack is locked in 
the vicinity of its tip, with the mode I SIF value is 
still equal to zero. This phase is very short, as 
the SIF K,, drops very rapidly to the maximum 
negative value. The phase VII is associated with 
relaxation of load imposed on the crack faces during 

'E -0.05 
a 

-5.0 -2.5 0.0 2.5 5.0 7.5 
Position of a centre of load, xlb 

previous phase. At the end of this phase the SIF K,, 
attains zero value for the second time in the cycle. 
The last phase, numbered as VIII, covers the ending 
part of the cycle for 2.0 < x <7.0, during which 
theSIF initially increases, and after reaching its 
local maximum positive value, begins to decrease. 
This fluctuations are accompanied by thesimilar 
variation of the SIF K,. 

Comuarison between EHD and Hertz' cases. 
As already mentioned, some cases with Hertzian 

pressure distribution have been analysed to make it 
possible to evaluate an impact of simplifications on 
the results. Two pairs of cases have been analysed. 
For the first one the friction coefficient p = 0.2 has 
been assumed, and traction has been neglected, h = 
0.0. Thesecond one has been analysed with 

the face friction coefficient p = 0.1, and in 
thepresence of driving tractive force, h=-0.06 
and h = -0.1 for Hertz' and EHD pressure profile, 
respectively. The comparison of the results for 
both cases is presented in Fig. 5. and Fig. 6. As 
shown, both cycles of loading obtained by the two 
various methods of load modelling are different in 
shapes and ranges of fluctuations. For the first pair 
of cases (Fig. 5.) ,  the ranges of the SIF fluctuations 
for theEHD pressure profile case are less as 
compared to the Hertzian profile case, by 17% and 

&) -2.5 0:o 2.5 510 7.5 
Position of a centre of load, xlb 

Fig. 6. The SIF cycles for the EHD and the Hertzian pressure profiles applied as a crack load, in the presence of 
tractive force, p, = 638 MPa, b = 0.226 mm, a = b / 2 a = 25; a). mode I cycle, b). mode I1 cycle. 
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22.6%, for mode I and mode I1 loading, 
respectively. For the second pair of analysed cases 
(Fig. 6.), the reduction of the SIF ranges is even 
higher, but it is partly caused by the inconsistency 
of the ratio h, which is h =  -0.06 for theEHD 
pressure profile, and h =  -0.1 for theHertz' 
pressure profile. 

Influence of friction. 
The phenomenon of friction between the crack 

faces is recently a subject of the great interest, 
because some results of the experimental 
investigations and numerical analyses indicate on 
the significant role of liquid in the crack growth 

Liquid if present in the crack interior, can 
reduce friction between its faces considerably, 
enabling them to slip against each other. Referring 
to the above, the calculations for several friction 
coefficients have been carried out and the results are 
presented in Fig. 7 and Fig. 8. As shown, 
the ranges of the mode I1 SIF fluctuation strongly 
depend on the value of the friction coefficient 
between thecrack faces. This SIF varies within 
the greatest ranges for the case, which neglects 
friction between the crack faces (p = 0.0). 
The cycle for these cases has the characteristic 
sharp shape without the horizontal section, which 

PI, ~91. 

I I . I  I 

Position of a centre of load, xlb 

I 

-5.0 -2.5 0.0 2.5 5.0 7.5 

represents the blockade of thc crack faces. 
The ranges of the SIFs fluctuations depend also on 
the crack slope, taking the higher values for steeper 
cracks. The length of thecycle sections, during 
which thecrack faces are blocked, depends on 
the value of the friction coefficient, and on the crack 
slope. The smaller the crack inclination angle 
the longer tlie blocking period of the cycle, and 
theearlier thebeginning of this phase of cycle. 
For crack inclined at an angle of a = 60' to 
the horizontal, this blocking phenomenon vanishes, 
even for such high value of friction coefficients as 
p = 0.4 (Fig 8.b). The comparison of the mode I 
SIF cycles for various friction coefficients is not 
presented here, because this cycles are influenced by 
friction very insignificantly, and the curves remain 
identical within the whole range of load positions. 

Influence of cruck slope. 
Theeffect of crack slope on thcvalues and 

shapes of the mode I and mode I1 SIF cycles can be 
investigated trough the comparison of the particular 
cycles determined for various angles of crack 
inclination. Such cycles are presented in Fig. 9 and 
Fig. 10 for the two face friction coefficients kt = 0.2 
and 11 = 0.6, respectively. Both, the mode I and 
mode I1 SIF cycles are dependent on thecrack 
slope, but the latter are inlluenced more intensively. 

Y 
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- i , O  -2.5 010 2.5 5.0 7.5 
Position of a centre of load, xlb 

Fig. 7. The cycles of the mode I1 SIF for various friction coefficients between the crack faces. The EHD 
pressure profile; p, = 638 m a ,  b = 0.226 mm, a = b / 2, , h = - 0.06; a). a. = 25O, b). CL = 35" 
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Direction of load movement a). 
II 

Fig. 8. The cycles of the mode II SIF for various friction coefficients between the crack faces. The EHD 
pressure profile; p, = 638 IbiPa, b = 0.226 mm, a = b / 2, , h = - 0.06. a). a = 4 5 O ,  b). a = 60°. 

a). b). 

I 

-5.0 -2.5 0.0 2.5 5.0 7.5 
Position of a centre of load, x/b 

b = 0.226 mm, a = b / 2 , ,  h = - 0.06, p =  0.2; 
Fig. 9. Thecycles of theSIFs for various crack 

Dredon of load movement 
o.21r- - I 

slopes. TheEHD pressure profile; p0=638MPa, 
a) made I cycles b). mode I1 cycles 
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The steeper the crack slopes the higher 
the ranges of the SIFs fluctuations. For 
the coefficient of friction p = 0.2 (Fig. 9b), 
the shapes of the mode I1 SIFs cycles are similar for 
all crack slopes less than 01 = 60°, for which the face 
blocking does not occur. This similarity does not 
appear for higher face friction coefficients. 
The mode 11 cycles shown in Fig. lob (p = 0.6) have 
completely different shapes, especially for angles 
higher than 40'. 

Influence of tractive force. 

As already mentioned, traction in the EHD 
contact depends on the EHD parameters. For given 
complete set of these parameters, theonly one 
value of traction load can be obtained. As a 
consequence of theabove, in this paper, an 
influence of tractive force can be investigated 
through the comparison of the cases with traction 
load to the cases, which neglect traction. Such 
exemplary comparisons for the driving tractive 
force are shown in Fig. 11. As shown, the presence 
of this force increases the ranges of both the mode I 
and mode I1 SIF cycles even for very small value of 
the traction ratio, which was in these case equal to 
h = - 0.06. 

Direction of lcad movement 

5 
Position of a centre of load, xlb 

Fig. 10. The cycles of the SIFs for various crack 

4. CONCLUSIONS 

0 FE modelling of rolling contact fatigue 
cracks is a convenient tool which enables 
the characteristic features of the contact problem to 
be accounted for. 

Simplification of the EHD contact pressure 
distribution to theHertzian pressure profile in 
the EHD contact fatigue cracks analysis leads to 
the higher values and ranges of the mode I and 
mode I1 SIF fluctuations during the rolling cycles. 
The differences depends on the crack geometry and 
loading conditions. It was shown in this paper, that 
these differences can be close to 20%. As the rate 
of crack growth depends on the discussed ranges, it 
seems to be safe to rely in the engineering practice 
on theanalyses giving higher estimates of these 
decisive quantities. However, apart from 
the quantitative differences, the discussed 
simplification implies also some qualitative 
misinterpretations of the crack behaviour during 
the cyclic loading. 

Friction between thecrack faces plays an 
important role during the whole loading process of 
theEHD contact fatigue crack. This role is 
especially important for the cracks growing in 
the EHD environment, which assures the permanent 
presence of a lubricant in the form of fluid 

0 

0 

Direction of load movement > 
I 

I 

-5.0 -2.5 0:O 2.5 5.0 7.5 
Position of a centre of load, xlb 

slopes. The EHD pressure profile; p., = 638 m a ,  
b = 0.226 mm, a = b I 2 ,  p = 0.6, h = - 0.06 (driving), a). mode I cycles, b). mode I1 cycles. 
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-i.o -2.5 o:o 2.5 5:o 7.5 
Position of a centre of load, xlb 

I -& -2.5 oyo 2.5 5.0 7.5 
Position of a centre of load, x/b 

Fig. 11. Comparison of the SIF cycles for cases with and without tractive force. The EHD contact, 
p, = 638 MPa, a = 25", a = b / 2, p = 0.6, h = - 0.06 (driving); a). mode I cycles, b). mode I1 cycles. 

continuous film, and hence in thevicinity of 
thecrack mouth during its passage through 
thecontact zone. This continuous supply of oil 
makes it easier to fill thecrack interior in some 
circumstances. Oil present between the crack faces 
can lubricate them and reduce friction, as well as 
separate them, or keep them apart in certain 
conditions, which also leads to the similar final 
effect of enabling crack faces to move against each 
other. Such conditions can cause the signifcant 
increases of the mode I1 SIF ranges of variation. 
From the another point of view, the increase of face 
friction coefficient alters sometimes severely 
the shape of the mode I1 crack tip loading cycle, and 
changes the physical character and sequence of 
the phenomena occurring during the rolling process 
( see Fig. lob for the large angles a). 

In thecontrary to the most of methods 
applied to the RCF crack analyses, the method used 
in the presented paper accounts for the tangential 
contact interactions, which can vary along 
the contact zone. This allows for more precise 
modelling of the tractive force distribution in 
the vicinity of the crack mouth, when it is crossing 
the contact patch. Such modelling is especially 
desired when analysing the EHD contacts with high 

0 

values of slip. The results obtained in t h s  analysis 
proof that even such a small tractive driving force, 
which results from theEHD liquid interaction for 
rather small slip parameter S = 0.2, can 
significantly increase the range of the mode I1 SIF, 
by increasing the positive maximum before 
the crack mouth and the negative minimum after it 
( Fig, 1 lb  ). This effect is the most intensive for 
the shallow crack angles. The mode 1 SIF history 
diagram is also influenced significantly by the 
action of tractive force ( Fig. 1 l a  ). The maximum 
K, values attained during the initial opening phase 
of the cycle is increased, as well as the local 
maximum reached after the crack mouth. 
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Thermal and nowNewtonian effects on traction in an elliptical EHD 
contact under high loads and sliding speeds 
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Predictions of the traction with good accuracy in elastohydrodynamic (EHD) contacts are of primary 
importance. An expedient non-Newtonian thermal EHL model for heavily loaded point contacts has 
been developed by the authors. The computer model, incorporating several different rheological laws 
of lubricants, is capable of effectively and accurately predicting the traction in elliptical EHD contacts 
when the applied load is high (Po > 1 GPa). The influence of temperature rises and the non-Newtonian 
behaviour of a lubricant on the traction has been examined using this model. The main purpose of this 
paper is to report and discuss some data obtained. Results show that, in thermal conditions, for lower 
sliding speeds (Us c 1 m/s) the non-Newtonian effect on the traction is significant and should be taken 
into account, whereas, when sliding speeds are higher the use of the Newtonian law is sufficient for 
evaluating the traction. 

1. INTRODUCTION 

One of the primary purposes of EHL studies is to 
determine the traction in machine elements such as 
gears, cams and rolling-element bearings. Over the 
decades, a large volume of predictive EHL models 
has been developed by various researchers in order 
to obtain the film thickness and traction in lubricated 
EHD contacts. Most of them were based on 
isothermal conditions in the lubricant. It is well 
known, however, that when sliding is introduced in 
the EHD contact, the isothermal assumption is not 
sufficient, particularly for predicting the traction. 
Hence, thermal effects have been considered by 
numerous workers in modelling the EHL problems. 
On the other hand, a vast majority of the previous 
EHL analyses assume that lubricants follow the 
Newtonian law. Experiments show (and it is widely 
accepted), however, that a liquid lubricant in the 
EHD contact usually exhibits a nonlinear (non- 
Newtonian) characteristic. There is little doubt that 
this will influence the traction in the contact. In order 
to take the non-Newtonian effect into account in 
EHL theories, various alternative rheological laws 

have been proposed by a number of researchers, e.g. 
[l-31. A summary of these rheological models can 
be found in reference [4]. 

Thermal and non-Newtonian effects in the EHL 
have already been considered by some researchers. 
Early theoretical studies of the combined rheological 
and thermal effects on traction [5-71 are based on 
the assumption that the pressure distribution is 
Hertzian and the film thickness is uniform. This 
provides a first approximation, but it is not adequate, 
particularly in light loading conditions. Recently, the 
complete solutions to the non-Newtonian thermal 
EHL of line contacts have been obtained by some 
researchers. Wang and Zhang [8] obtained a 
numerical solution based on mean values of the 
lubricant properties across the film. They 
incorporated a modified version of Bair and Winer's 
rheological model in the analysis, and found that 
both thermal and non-Newtonian effects on the 
traction were significant. Yang and Wen [9] derived 
and solved a generalized Reynolds equation which 
can accommodate different rheological laws. Their 
results show that the effect of the non-Newtonian 
property on the traction is not significant even when 



338 

slide-roll ratios are small. This result appears to be 
unusual and contrary to the findings of the other 
studies (e.g. [8]). Sui and Sadeghi [ lo]  incorporated 
the Eyring rheological model in their thermal EHL 
(TEHL) analysis. Their results indicate that the 
thermal effect on the traction is significant. The 
Eyring model was also used by Wang et al. [ 1 I ,  121 
in their line contact analyses. Hsiao and Hamrock 
[ 131 used a circular rheological model in their EHL 
analysis. They have also confirmed the significance 
of temperature rises on the traction. 

This brief review reveals that almost all of the 
previous non-Newtonian TEHL models deal with 
line-contact problems, and in many cases the loads 
considered were low. Most of these models 
employed the Eyring law and were involved in a 
complete numerical solution of the generalised 
Reynolds equation. The procedure from such 
complete approaches is very expensive in terms of 
CPU time. This may be not suitable and unnecessary 
for practical purposes. 

In this study, an empirical and economical 
numerical approach to the non-Newtonian TEHL of 
elliptical contacts has been developed by the authors. 
The computer model, incorporating several different 
rheological laws, is applicable to engineering 
practices where the applied loads are high (Po > 1 
GPa). From an empirically corrected Hertzian 
pressure distribution, the generalised momentum and 
energy equations were solved simultaneously. The 
three-dimensional distributions of the velocity, 
temperature, shear stress and film thickness in the 
contact were obtained. Then the priori assumed 
pressure distribution was verified, and modified if 
necessary, with the aid of the flow continuity 
condition (equation). Because the solution of the 
Reynolds equation for the pressure was avoided, the 
computer algorithms developed from this approach 
were highly economical in terms of computing cost. 
The CPU time required for a complete run on a 
DELL 450L (50 MHz) was about 80 seconds for a 
general case. 

The computer model has been used to investigate 
the thermal and non-Newtonian effects on the 
traction in an elliptical contact. The main objective 
of this paper is to present and discuss the results 
obtained. It is shown that the non-Newtonian 
behaviour of lubricants has a dominant effect on the 
traction when slide-roll ratios are low, whereas, the 
thermal effect is controlling in high sliding speed 
conditions. 

2. SUMMARY OF THE ANALYTICAL MODEL 

Details of the model and numerical techniques are 
presented in a separate paper [ 141. For completeness, 
the governing equations are listed in the present 
paper. 

2.1. Equations of motion 
The three-dimensional generalised equations of 

motion (momentum equations) for non-Newtonian 
fluids were derived by the authors [ 141 and they can 
be written as 

where A, = 1/G, and F(c,) is a so-called 
‘rheology function’ which takes different forms for 
different rheological models. (See Appendix for 
notation.) For example, for Bair and Winer’s model 
[3], it is defined by 

When AG = 0 and F(z ) = 1, equations ( la )  and ( lb)  
become the common forms of the simplified Navier- 
Stokes equations. 

For the problem under investigation, the boundary 
conditions for equations ( la )  and ( 1  b) are: 

u = U , ,  v = 0 for z = 0 (at surface 1); 
u = U2,  v = 0 for z = h (at surface 2). 

2.2. Continuity equation 

be expressed as 
The continuity equation in the integral form can 

2.3. Energy equation 
The temperature distribution in the film can be 

obtained through solving the energy equation. For 



339 

the problem under investigation, the generalised 
energy equation is expressed as [ 141 

2.4. Temperatures on the contact surfaces 
In solving the energy equation, the temperatures 

on the contact surfaces need to be known 
beforehand. These surface temperatures can be 
specified approximately by 

2.5. Elastic deformation 

surfaces at contact is given by 
The equivalent local deformation of the two solid 

2.6. Film thickness 
The film thickness in the conjunction is calculated 

2 
by 

x Y 2  
h ( x , y ) = h ,  +-+-+D(x,y)-D(O,O) (6) 

2Rx 2 R ,  

2.7. Load equilibrium 

resultant of the fluid film pressures. Thus, 
The applied load must be balanced by the 

A 

(7) 

2.8. Lubricant viscosity-pressure-temperature 
relation 

The viscosity of lubricants is a strong function of 
temperature and pressure. A viscosity-pressure- 
temperature relation proposed by Roelands [ 151 was 
used in this study and it can be expressed as 

7 = ex{(ln(qo)+9.67(l+-~ 

(8) 
\ ,  [ -r To + 135 - 9.671 

T +  135 

where S, = S, - S 2  In(l+T/135), and SI, S2 and ST 
are the lubricant dependent coefficients. 

2.9. Lubricant density-pressure-temperature 
relation 

As a function of pressure and temperature, the 
lubricant density is determined by a relation 
proposed by Dowson and Higginson [ 161: 

r 1 

where CA, C, and & are the lubricant dependent 
constants. 

3. BRIEF DESCRIPTION OF THE 
COMPUTATION PROCEDURE 

It is known that in heavily loaded conditions (PO > 
1 GPa) the pressure distribution in the contact 
conjunction is close to Hertzian. Thus, as an ‘input 
parameter’, a Hertzian pressure distribution was 
initially corrected in the inlet, outlet and side leakage 
regions of the solution domain according to an 
empirical procedure. The computation domain was 
chosen to be slightly larger than the Hertzian contact 
area with an extended inlet zone. Details of the 
establishment of the initial pressures and numerical 
scheme are presented elsewhere [ 141. But, the global 
solution procedure is described as follows: 
(i) From the corrected Hertzian pressure 

distribution, the elastic deformations and film 
thicknesses were calculated. 

(ii) The surface temperatures at a given column or 
‘base point’ on the Oxy plane were computed; 
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the nodal temperatures across the tilm thickness 
at the given base point were initialised 
empirically. 

(iii) The computation was conducted iteratively to 
obtain the shear stresses. The Newton-Raphson 
method and an under-relaxation scheme 'were 
used in the iteration process. 

(iv) The equations of motion and the energy equation -. . 

were solved simultaneously and iteratively in 
conjunction with the updating of the lubricant 
properties until the convergent temperatures 
were obtained. 
After the shear stresses and film temperatures at 
the given column converged separately, their 
consistency between two consecutive global 
cycles was checked. If necessary, the solution 
process was repeated from step (iii). 

(vi) The same procedure was applied to the next 
column (base point) until the computation was 
completed over the entire solution domain. 
Then, the central film thickness was updated. If 
necessary, the procedure was repeated from step 
(ii) until the film thickness converged. 

(vii) The flow continuity condition (equation) was 
checked at each column. In case this was not 
fulfilled, the priori assumed pressure distribution 
was modified and the entire computation process 

was repeated. Only a few number (normally 2 - 
4) of the pressure modifications was required to 
meet the continuity condition over the solution 
domain. 

The computer program developed from the 
procedures described above is highly economical and 
efficient in terms of CPU time. This is principally 
because a very limited number of updates of the 
elastic deformations is required as only a few number 
of pressure modifications is normally involved. For 
the mesh (Nx = 55,  Ny = 15 and Nz = 10) used for 
most of the cases presented in this paper, the CPU 
time taken for a run on a DELL 450/L PC was 
generally about 80 seconds. 

4. RESULTS AND DISCUSSION 

The contact between a steel ball and a steel roller, 
having the diameters of 40 mm and 96 mm, was 
simulated to examine the significance of thermal and 
non-Newtonian effects on traction. The equivalent 
sizes of the ball and roller and their properties are 
presented in Table 1. The properties of a paraffinic 
base oil, Tellus 145, used by Briiggemann and 
Kollmann [17] were adopted to conduct the 
simulation. These properties are listed in Table 2. 

Table 1. Properties of the steel ball and roller used 
Equivalent radius in x-direction 
Equivalent radius in y-direction 
Modulus of elasticity 

Specific heat capacity 
Density 

R,=O.O14 m 
R,=0.02 m 
El  =E2 = 200 x lo9 Pa 

C1 = C2 = 460 J kg-' OC-' 
pI = p2 = 7865 kg m-3 

Poisson's ratio V I  = ~2 = 0.3 

Table 2. Lubricant properties 

Inlet viscosity 
Inlet density 

Inlet (bulk) temperature To= 50 "c 
qo = 0.058 Pa s 
po = 875 kg m-3 

Coefficient for pressure-viscosity index SI = 0.72 
Coefficient for pressure-viscosity index S2 = 0.26 
Temperature-viscosity index S T =  1.14 
Coefficient of compressibility CA = 0.326 x lo-' Pa-' 
Coefficient of compressibility C, = 0.283 x Pa-' 
Thermal expansivity DT =0.35 x 10 .~  O c - '  

Thermal conductivity 
Specific heat capacity 
Elastic shear modulus 

KL=0.13 W m-' "C-' 
CL = 2010 J kg-' OC-' 
G~ = 1000 x lo6 Pa 
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The current analysis can accommodate various 
rheological models. In order to demonstrate the 
capability of the computer model and to investigate 
the effect of non-Newtonian behaviour of the 
lubricant, the Eyring law and Bair and Winer’s 
rheological model were considered: 

1)  The Eyring (nonlinear viscous) model [l] ,  

sinh(T ,/zo) 
where F ( z e ) =  

( T e / T o )  ’ 

2) Bair and Winer’s (visco-elastic-plastic) model [3], 

dz, z i i  v ,  = A , - + - F ( z , )  
dt rl 

Experiments [ 181 show that the shear strength of 
liquid lubricants is nearly directly proportional to the 
pressure. Hence, the limiting shear stress for Bair 
and Winer’s model (referred to as the B-W model 
hereafter) was evaluated by 

The constant of proportionality, y, was taken to be 
0.045. The reason for this will be discussed in 
section 4.2. For the Eyring model, the representative 
(Eyring) stress was assumed to be one third of the 
limiting shear stress, i.e.,z, =z  L/3. This assumption 
was also employed by Wolff and Kubo [ 191. 

4.1. Non-Newtonian effect 
In order to demonstrate the non-Newtonian effect 

on the traction, Figures 1 (a) and (b) show 
comparison of the traction coefficients predicted by 
the Eyring and B-W models with that obtained using 
the Newtonian law for a range of slide to roll ratios 
in thermal conditions. Figure 1 (a) shows the results 
for PO = 2 GPa and Urn = 4 m/s, while Figure 1 (b) 
presents the data in a less severe condition with po = 
1.2 GPa and Urn = 2 m/s. It can be seen that for the 
lower slide-roll ratios, the prediction of the 
Newtonian law is dramatically higher than those of 

the non-Newtonian models. (In the figures, the 
values over 0.25 are truncated for the Newtonian 
model.) In fact, the maximum traction coefficient 
predicted by the Newtonian law was over 1 .O for po = 
2 GPa. This is far from being realistic. Further, for 
the lower slide-roll ratios the use of the Eyring model 
does predict the lower traction coefficient than the 
Newtonian law, but this is not adequate, and the 
prediction is significantly higher than that of the B- 
W model, particularly under the heavier load. The B- 
W rheological model appears to be more realistic in 
the present conditions. (This is evident from Figure 2 
which will be discussed in the next subsection.) 
Therefore, the results presented in rest of this paper 
have been obtained by employing the B-W model. 
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Figure 1. Comparison of the traction coefficients 
calculated using three different rheological 
models in thermal conditions. 
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When slide-roll ratios are higher, however, the 
traction coefficients obtained using the three 
rheological models become similar. This is due to a 
dominating thermal thinning effect, which will be 
discussed later. 

- - ~ ' C L  =90MPa 
-6-TL =120MPa 

E al 0 Bruggemann's expt. .- ,. 

u\ 

0.02 

I 
0!2 014 0.6 O h  4 1!2 1:4 1.6 

Slide-roll ratio 

Figure 2. The effect of the magnitude of limiting 
shear stress on the traction coefficient: 
PO = 2 GPa, U,,, = 4 m/s. 

4.2. Effect of the magnitude of 
the limiting shear stress 

Figure 2 shows variation of the traction 
coefficients with the slide-roll ratio for two values of 
the limiting shear stress in thermal conditions at po = 
2 GPa and U,,, = 4 m/s, and comparison with the 
experimental results obtained by Bruggemann and 
Kollmann [17]. The two limiting shear stresses of 
120 MPa and 90 MPa correspond to y = 0.06 and y = 
0.045 respectively. It is noted that, in general, the 
higher limiting shear stress results in  the higher 
traction coefficient. But the difference is notable 
only when the slide-roll ratio is smaller (i.e., s < 0.3). 
This occurs since the limiting shear stress dominates 
the shear stress distribution in the contact when 
sliding speeds are lower. Consequently, the traction 
(coefficient) predicted for zL = 120 MPa is markedly 
higher than that obtained for q, = 90 MPa. For higher 
slide-roll ratios, the effect of the limiting shear stress 
on the traction is less significant because of the 
thermal effect. 

It is particularly noteworthy that the predictions 
for zL = 90 MPa (y = 0.045) are in better correlation 
with Briiggemann and Kollmann's measurements. 

Therefore, the slope of the limiting shear stress- 
pressure relation, 'y, was taken to be 0.045 in this 
work. 

4.3. Thermal effect, and temperature 
and shear stress profiles 

Figure 3 illustrates the coefficients of traction as a 
function of slide-roll ratio, predicted in thermal and 
isothermal conditions for two rolling (average) 
speeds of 2 m/s and 4 m/s at Po = 2 GPa. The 
isothermal condition considers a uniform 
temperature throughout the contact conjunction with 
its value being equal to the inlet (bulk) temperature 
of 50 OC. In the isothermal condition, the traction 
coefficient hardly changes with the slide-roll ratio 
after attaining its limiting value at a very small slide- 
roll ratio. Also, the traction coefficient is almost 
independent of the average speed (Urn).  These are to 
be expected because of the dominating effect of 
limiting shear response. In the thermal condition, 
however, the calculated traction coefficient reduces 
significantly with the slide-roll ratio after reaching its 
maximum value, particularly for the higher average 
velocity. This is due to the dominating thermal 
effect. 

-e- Isothermal 

Slide-roll ratio 

Figure 3. The thermal effect on traction 
for po = 2 GPa. 

Figure 4 shows the temperature distribution on the 
horizontal plane of symmetry for a slide-roll ratio of 
1 at po = 2 GPa and U,,, = 4 m / s .  As can be seen, 
there is a large temperature rise in the film. (The 
shape of the temperature profile is similar to that of 
the pressure distribution which is depicted in  Figure 
5 .  It is noted that the pressure distribution is close to 
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Hertzian except there is a ‘ridge’ in the exit region of 
the contact.) Because of the significant temperature 
rise over most of the contact area, the lubricant 
viscosity is greatly reduced. Consequently, the lower 
shear stresses result. This is evident from Figure 6 
where the corresponding shear stress distribution is 
presented. Clearly, the shear stresses are well below 
the limiting value of 90 MPa, particularly in the 
outlet region of the contact conjunction. As a result, 
for increasing the slide-roll ratio a decrease in the 
traction (coefficient) is observed. 

Figure 6. Equivalent shear stress distribution (ze) 
at surface 1: PO = 2 GPa, Urn = 4 m/s, s = 1. 

Figure 4. Temperature distribution on the horizontal 
plane of symmetry (Z = 0.5): po = 2 GPa, 
Urn = 4 m/s, s = 1. 

Figure 7. Equivalent shear stress distribution (ze) on 
the vertical plane of symmetry (Y = 0): 

po=2GPa, Um=4m/s , s=  1. 

Figure 5 .  Film pressure distribution: 
po=2GPa,Urn=4m/s , s=  1. 

Figure 7 depicts the shear stress profile on the 
vertical plane of symmetry through the Hertzian 
contact centre in the same conditions as discussed 
above. It can be seen that the equivalent shear stress 
profiles at different layers of the film are very 
similar. This result is to be expected. Thus, this may 
suggest that the traction is effectively and efficiently 
transmitted from one surface to the other of the 
contact bodies through the film. 
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4.4. Influence of load 
Figure 8 presents comparison of the traction 

coefficients obtained for three different loads (Po = 
1.2, 2.0 and 2.8 GPa) with Urn = 4 m/s. Generally, the 
traction coefficient is not strongly affected by load in 
the present conditions. But, in a lower range of slide- 
roll ratios the traction coefficient falls with an 
increase in load. This is consistent with the 
conventional observations [20]. In contrast, for the 
higher slide-roll ratios the traction coefficient 
reduces with an increase in load. This occurs 
probably because of the compression heating effect. 

0.0 81 +--p0=2.0GPa 

O d ? . , ,  
b 0.2 0.4 0:s 0:s 5 112 114 1!6 

Slide-roll ratio 

Figure 8. The influence of load on the traction 
coefficient for U,,, = 4 m/s 

Figures 9 (a) and (b) show the equivalent shear 
stress distributions for two loads (PO = 1.2 GPa and 
2.0 GPa) at a very small slide-roll ratio of 0.00001 
and a rolling speed of 4 m/s. It can be seen that the 
shapes of the shear stress distributions for the two 
loads are significantly different. For the lighter load, 
the shear stresses fail to reach the limiting value of 
54 MPa at the given slide-roll ratio. Whereas, for the 
higher load they obtain the limiting shear stress of 90 
MPa over the central area of the contact. This 
explains why the traction (coefficient) increases with 
load for the lower slide-roll ratios and why it attains 
its maximum value at a very small slide-roll ratio in 
the heavy loading conditions. It is interesting to note 
there is a 'skirt' round the central distribution (area), 
particularly for the lighter load. This occurs because 
the effect of pressure-induced flow (shearing) is 
relatively significant in the vicinity of edge of the 
contact as the Couette flow is less dominant at such a 
small slide-roll ratio. 

(a) po = 1.2 GPa 

Figure 9. The effect of maximum Hertzian pressure 
on the equivalent shear stress distribution at 
surface 1: Urn = 4 d s ,  s = 0.00001. 

5. CONCLUSIONS 

A practical and effective model of the non- 
Newtonian 'IEHL for elliptical contacts has been 
developed by the authors. Using this computer 
model, the calculations have been conducted to 
examine the applicability of the Eyring law and Bair 
and Winer's rheological model and the influences of 
the non-Newtonian character of a lubricant and 
temperature rises on the traction. From the results 
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presented in this paper, the following points can be 
obtained: 
0 Bair and Winer’s rheological model is more 

realistic than the Eyring law in evaluating the 
traction in the EHD contact of heavy loads. 
In thermal conditions, for lower sliding speeds 
(Us < 1 m/s) the non-Newtonian effect is 
significant and should be taken into account 
when evaluating the traction; whereas, for higher 
sliding speeds the use of the Newtonian law is 
sufficient. 
For the non-Newtonian lubricant, the thermal 
effect on the traction is significant when sliding 
speeds are relatively high and this influence 
increases with an increase in slide-roll ratio. 
When sliding speeds are lower, the magnitude of 
the limiting shear stress has a considerable 
influence on the traction. 
When the non-Newtonian effect is considered, 
the traction appears to be less sensitive to the 
load in the heavy loading conditions. 

0 

0 

0 
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APPENDIX: Nomenclature 

semi-minor axis of Hertzian 
contact ellipse, m 
area of solution domain, m2 
l/GL, Pa-' 
semi-major axis of Hertzian 
contact ellipse, m 
specific heat capacity of two bodies, 
J kg" "C-' 

coefficients of compressibility of 
lubricant, Pa-' 
specific heat of lubricant, 
elastic deformation, m 
thermal expansivity, OC-' 
elastic modulii of two contact bodies, Pa 
equivalent modulus of elasticity, 
~ / [ ( I - v , ~ ) / E ,  +(I-v,*)/E,], pa 
elastic shear modulus of lubricant, Pa 
film thickness, m 
central film thickness, m 
thermal conductivity of two bodies, 

thermal conductivity of lubricant, 

number of mesh intervals 
along x-direction 
number of mesh intervals along y- 
direction 
number of mesh intervals along z- 
direction 
pressure, Pa 
maximum Hertzian pressure, Pa 
equivalent radius of curvature of the 
contact bodies in  x-direction, m 
equivalent radius of curvature of the 
contact bodies in y-direction, m 
slide to roll ratio, Us/U,,, 
temperature-viscosity index 
coefficients for determining 
pressure-viscosity index 
pressure-viscosity index 
temperature-viscosity index 
time, s 

w m-I oc-1 

w m'l oc - I  

film temperature, OC 
inlet (bulk) temperature, O C  

temperature at the contact surface of 
lower speed (surface l), "C 
temperature at the contact surface of 
higher speed (surface 2), "C 
velocity in x-direction, m s-' 
velocity at surface 1, m s-' 
velocity at surface 2, m s-' 
average (rolling) speed, ( U ,  + U,)/2 
sliding speed, U ,  - U,, m s- 
velocity i n  y-direction, m s-' 
velocity in z-direction, m s-' 
applied load, N 
coordinate along rolling direction, m 
location of inlet boundary 
of solution domain, m 
dimensionless coordinate, X = x/a 
coordinate perpendicular to x-axis on the 
plane of contact, m 
dimensionless coordinate, Y = y/b 
coordinate in film thickness direction, m 
dimensionless coordinate, Z= d h  
slope of limiting shear stress-pressure 
relation 
shear strain rate tensor, s" 

lubricant viscosity, Pa s 
inlet viscosity of lubricant, Pa s 
Poisson's ratios of two bodies 
inlet lubricant density, kg m-3 
densities of two bodies, kg m-3 
lubricant density, kg m-3 
Eyring shear stress, Pa 
limiting shear stress, Pa 
equivalent shear stress, 

I 

shear stress tensor, Pa 
shear stress in x-direction, Pa 
shear stress in y-direction, Pa 
dummy variables 
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Influence of Geometry of Conjunction on Elastohydrodynamic Film Formation in Knee Prostheses 
with Compliant Layer 
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Fukuoka, 8 10 Japan 
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University, Hakozaki, Higashi-ku, Fukuoka 812-81 Japan 

In most of existing knee prostheses with low geometrical congruity, the sufficient fluid film is unlikely to be 
formed to prevent a direct contact between femoral and tibial component. The difference in geometry of conjunction 
of knee prostheses may exert an influence on lubricating film formation. Fluid film formation and fnctional behavior 
in several kinds of knee prostheses with compliant layer different in geometry of conjunction were examined in 
knee joint simulator tests under walking conditions. The femoral component is the sphere of 30mm radius made 
of stainless steel. The tibial components were made of conductive silicone rubber layer of 3mm thickness supported 
by acrylic resin. Four kinds of tibial components were prepared for a different conjunction geometry. Silicone 
oils were used as lubricants. The geometrical shapes of conjunction are classified into three kinds of shape, i.e., a 
longitudinally long ellipse, a transversely long ellipse to the sliding direction and a circle. Four kinds of data ( 
tibial axis load, flexion angle, frictional torque and degree of separation ) were measured. The data of 25th cycle 
were evaluated. As a result, the ability of the fluid film formation of the transverse geometry of conjunction was 
higher than the longitudinal geometry of conjunction. 

1. INTRODUCTION 
2. EXPERIMENTAL METHODS 

2.1 Knee joint simulator 
In most of existing knee prostheses composed of 

corrosion-resistant metal or ceramics and ultrahigh 
molecular weight polyethylene with low geometrical 
congruity, the sufficient fluid film is unlikely to be 
formed to prevent a direct contact between femoral 
and tibial component. 

The application of compliant materials for rubbing 
surface in knee prostheses appears to enhance the 
elastohydrodynamic film formation [ 1-61. Furthermore, 
optimum geometrical design to improve the geometrical 
congruity seems to enhance the fluid film formation 
[4,7]. The difference in geometry of conjunction may 
exert an influence on lubricating film formation. The 
geometry of conjunction of the knee prostheses is 
determined by a combination of femoral and tibial 
component of the prostheses. 

In this paper, the fluid film formation and frictional 
behaviour in several kinds of knee prostheses with 
compliant layer different in geometry of conjunction 
were examined in knee joint simulator tests under 

Figure 1 shows the 3D solid model of the knee joint 

walking conditions and then the difference i n  
geometrical design was evaluated. Figure 1. The knee joint simulator modeled by 

3-D software. 
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Femoral material 
r.m.s roughness 

Femoral Tibial Tibial Tibial Tibial 
component corn onent component component component 

Figure 2. A spherical femoral and 4 types of tibial components for knee joint simulator tests. 

(SR30) (Rat) (R=39) (R=36) (R=33) 

SUSS1 6 ( JIS ) 
0.065 pm 

simulator used for the experiment. A walking motion 
was simulated by using this knee joint simulator. 
Flexion-extension motion of the femoral component 
and time-dependent tibial axis load were achieved by 
personal computer controlled hydraulic system. A strain 
gauges were attached on the femoral flexion-extension 
shaft for the measurement of the frictional torque. A 
degree of separation to correspond to fluid film 
formation can be measured by the electric resistance 
method [ 1-41. 

2.2 Specimens 
The specimens used for the knee joint simulator tests 

are shown in the Fig. 2. The femoral component is the 
sphere of 30mm radius made of stainless steel 
(SUS316). The tibial components were made of 
conductive silicone rubber layer of 3mm thickness 
supported by acrylic resin. Root mean square values 
for surface roughness are 0.065pm for stainless steel 
and 3.3pm for silicone rubber, respectively. 

Four kinds of tibial components were prepared for 
a different conjunction geometry. Figure 3 shows the 

Tablel. Experiment condition 

Temperature 
Lubricant 

30 - 32 "C 
Silicone oil S-30 
(kinetic viscosity is 1 30 mm2/s at 25°C) 

Tibial material 

r.m.s roughness 

~ 

Conductive silicone 
rubber layer of 3mm 
thickness supported 
by plastic resin 

3.3 wm 

R'/ R"=30/30 R'/R''=130/30 R/R"=180/30 R'/R"=330/30 

Figure 3. The 4 fundamental combinations of the tibial and femoral components, and the corresponding 
geometries of conjunction which was examined under the static load. 
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R'/R"=30/30 R'/R"=130/30 R'/R"=30/130 

Figure 4. The 3 fundamental arrangements for 3 geometrical shapes of conjunction. 

J 

0 500 1000 1500 2000 2500 3000 
Percent of cycle 

Figure 5. Changes in torque for 30 walking periods, in which the toque at the 25th cycle was evaluated. 
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four kinds of fundamental combinations of the tibial 
and femoral components and the corresponding 
geometries of conjunction under the static load. 

2.3 Experimental condition 
All tests were carried out at room temperature ( 30 

- 32 "C ). Silicone oil ( S-30, the numeral means a 
kinetic viscosity mm2/s at 25 "C ) was used as a 
lubricant. The period of walking used in the experiment 
is 2 seconds, and two kinds of loading patterns and 
a common flexion-extension pattern are shown in the 
Table 1. Usual total condylar knee prostheses have 
both medial and lateral contact zones. Knee prostheses 
used in this test have single contact zone. Therefore, 
both half and full loading patterns compared with the 

Heel 
[ Y t a n c e  phase ~~ TOr:wing phass 

.. 
0 20 40 60 80 100 

Percent of cycle 

( A )  

previous tests [ 1-41 were applied. 

2.4 Experimental procedure 
The geometrical shapes of conjunction are classified 

into three kinds of shape, i.e., a longitudinally long 
ellipse, a transversely long ellipse to the sliding direction 
and a circle. The experiments were carried out using 
the arrangements of specimens shown in the Fig. 4 for 
three kinds of geometrical shapes of conjunction. Each 
experiment was carried out for 30 cycles. 

2.5 Data processing 
Using the knee joint simulator, four kinds of data 

(tibial axis load, flexion angle, frictional torque and 
degree of separation) were measured in the experiment. 

I I I I 

.. 
0 20 40 60 80 100 

Percent of cycle 

( B )  

Figure 6. Examples of the graph of the data on the 25th period used for the evaluation when it has a 
circular geometry of conjunction. ( A: peak load of 2kN. B: peak load of 1 kN. ) 
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A degree of separation is defined as the ratio of 
measured voltage to applied voltage of 1OOmV. (degree 
of separation is 1 : full separation, degree of separation 
is 0 : contact) 

As shown in Fig. 5 which means the change in the 
frictional torque for 30 cycles, the data of 25th cycle 
which are considered to be stable are evaluated in this 
paper. Figure 6 shows examples of the graph of the 
data on the 23th period used for the evaluation when 
it has a circular geometry of conjunction. 

3. RESULTS 

Experimental results were classified as two groups 
in relation to geometrical shapes of conjunction, i.e., 
longitudinal or transverse conjunction. Each group has 
two graphs classified by the peak load ( 2kN and 1kN 
). All graphs have two columns. Left columns show 
a series of graphs of the frictional torque, and right 
columns show a series of graphs of the degree of 
separation. The top graphs are frictional torque and 
degree of separation in the case of the circular contact. 
Each series of graphs are arranged in longitudinal or 
transverse as increasing order of geometrical congruity 
from the top to the bottom. 

3.1 The case of which the geometrical shapes of 
conjunction is a longitudinally long ellipse to 
the sliding direction. 

3.1.1 Full load condition;peak load of 2kN. (Fig. 7) 
The longitudinally longer the elliptical shape of 

conjunction is, the lower the frictional torque is. A 
degree of separation is almost 0.1 when the geometrical 
shape of conjunction is circular. As the geometrical 
shape of conjunction becomes gradually long, the 
degree of separation increases gradually to almost 0.8. 

3.1.2 Half load condition;peak load of 1kN. (Fig. 

The longitudinally longer the elliptical shape of 
conjunction is, the higher the frictional torque is. But, 
the frictional torque is lower than 0.7 N-m. As the 
geometrical shapes of conjunction becomes long 
gradually, the degree of separation decreases gradually. 
However, the degree of separation is higher than 0.5 
at least. 

8) 

3.2 The case of which the geometrical shapes of 
conjunction is a transversely long ellipse to the 
sliding direction. 

3.2.1 Full load condition;peak load of 2kN. (Fig. 9) 
When the geometrical shape of conjunction is circle, 

a frictional torque is high, and a degree of separation 
is almost 0.1, 

On the other hand, at all the cases that the geometrical 
shapes of conjunction are transversely long elliptical 
to the sliding direction, a frictional torque is low, and 
a degree of separation is almost 1 except for the 
especially severe phase. 

3.2.2 Half load condition;peak load of 1kN (Fig.10) 
The frictional torque is lower than 0.3 N*m. The 

degree of separation is almost 1. An influence by 
differences of the geometrical shapes of conjunction 
is little observed. 

4. DISCUSSIONS 

As pointed out based on the authors' previous studies 
[ 1-41 and tribological viewpoint of cushion form bearing 
[5 ,6 ,8 ] ,  the application of compliant layer for rubbing 
surface of knee prostheses appears to enhance fluid 
film formation. In this paper, the authors examined the 
effect of conjunction geometry on lubricating film 
formation for the same material combination different 
in tibia1 geometry. The factor which influences an 
elastohydrodynamic film formation is discussed in the 
following by classifying it in the longitudinal and the 
transverse geometry of conjunction. 

Except for the graph in the case of the circular 
conjunction in the top in Figs.7, 8, 9 and 10, 
experimental results for frictional torque and degree 
of separation are compared. Obviously the frictional 
torque for transverse conjunction in Figs. 9 and 10 is 
smaller than for longitudinal conjunction in Figs.7 and 
8.  This is supported by fluid film formation. The 
degree of separation in Figs. 9 and 10 is higher than 
in Figs. 7 and 8. 

If it is said in other words, friction in the case of 
the transverse geometry is smaller than the longitudinal 
one, and a degree of separation is higher under the 
condition of the transverse conjunction. For transverse 
conjunction, a friction coefficient is about 0.01 in the 
phase of the maximum load before the moment of the 
toe off, and a degree of separation is almost 1 in the 
whole cycle except just before toe off at full load 
condition. As mentioned above, considerable 
elastohydrodynamic fluid film is likely to prevent direct 
contact between rubbing surfaces in knee prosthesis 
with silicone rubber layer, which has transverse elliptic 
conjunction. 

On the other hand, in the case of longitudinal 
conjunction in Figs. 7 and 8, degree of separation is 
low under the severe condition. This means that fluid 
film is partly broken down and local direct contact 
occurs. Coefficient of friction was almost 0.05 at the 
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Figure 7 .  A series of graphs of data which has circular and three longitudinal geometries of conjunction 
when a peak load is 2kN, as arranged in longitudinal order from the top to the bottom. The 
left column is the graphs of the data of the frictional torque. The right column is the graphs 
of the data of the degree of separation. 
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Figure 9. A series of graphs of data which has circuler and three transverse geometries of conjunction 
when a peak load is 2kN, as arranged in transverse order from the top to the bottom. The 
left column is the graphs of the data of the frictional torque. The right column is the graphs 
of the data of the degree of separation. 
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of the data of the degree of separation. 
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phase of maximum load before toe off for severe case. 
Therefore, transverse geometry is more desirable than 
the longitudinal one from the viewpoint of fluid film 
formation. 

Next, the influence of difference of equivalent radius 
or contact area on fluid film formation is discussed in 
the case of longitudinal conjunction as shown in Figs. 
7 and 8. Under high load condition in  Fig.7, R'=330 
mm corresponding to longer and larger contact area 
shows lower hction and higher separation than smaller 
conjunctions. On the other hand, under half load 
condition in Fig.8, R=330 mm exhibits higher friction 
and lower separation than other conjunction with 
smaller R ,  while frictional value is not so high. 

These results indicate the influence of longitudinal 
geometry of conjunction varies depending on the 
severity of operating condition. One of parameter 
controlling severity is load or contact pressure. Figure 
1 1  shows the changes in contact area. This indicates 
the mean contact pressure increases as R' is smaller 
under the same load condition (2 kN, R'=330 mm: 3.6 
MPa -> R'=30 mm: 5.4 MPa) and increases with 
increasing load for the same R'/R" (R'/R"= 130/30, 
1 kN:3.4 MPa -> 2 kN:4.9 MPa). 

Under mild condition in Fig.8 where fluid film is 
maintained during walking in circular conjunction, the 
fluid film becomes thinner probably due to an increase 
in side leakage flow, as geometry of conjunction 
becomes longer in frictional direction. That is, under 
mild condition, fluid film has a tendency to break 
down as the longitudinal width becomes longer, in 
spite of decreasing contact pressure. In contrast, under 
severe condition in Fig.7 where considerable direct 
contact occurs between rubbing surfaces, friction 
becomes higher as the longitudinal width becomes 
shorter, which is probably due to increasing tendency 
of contact stresses. In circular conjunction under high 
load condition, fluid film formation is little expected 
and significantly high frictional torque is observed. 

From the viewpoint of optimum geometrical design, 
it is noticed that the longest conjunction with larger 
contact area is little varied by increase in load, although 
local contact easily occurs under mild condition. 

Next, the influence which a geometry of transverse 
conjunction exerts on fluid film formation is discussed. 
As shown in Figs. 9 and 10, the circular conjunction 
shows high friction and low separation under high load 
condition, but exhibits low friction and almost full 
separation except local drop under half load condition. 
It is noted under severe high load condition that 
transverse conjunction can maintain low friction 
condition and good fluid film formation except some 
local contact before toe off. This remarkable difference 
in fluid film formation between circular and transverse 

elliptic conjunctions may be due to higher film thickness 
with increasing ellipticity ratio [9] and lower contact 
pressure in transverse conjunction under the same load 
condition. However, the drop in degree of separation 
is a little larger in larger R'. Thn suggests the existence 
of optimum geometry for fluid film formation. 

As described above, there was no difference between 
transverse conjunctions (R"= 130, 180 and 330) in 
Fig.10 under mild condition. And, there was small 
difference under high load condition. So, additional 
tests were carried out under severer operating condition 
lubricated with silicone oil S- 10 of lower viscosity. 
The experimental results are shown in Fig. 12. Only 
the results of R"=180 and R"=330 are shown in 
Fig.12. All other graphs showed high friction and low 
separation in the same way as the case of R"=180. 
The area of the conjunction in R"=330 is the highest 
as shown in the Fig. I 1. This fact suggests the beneficial 
effect of larger transvese contact area. However, it 
is required to examine the fluid film formation in 
further tests using models of transverse conjunction 
with the same contact area but with different geometry, 
to evaluate the influence of conjunction geometry. 

5. CONCLUSIONS 

The frictional torque and the degree of separation 
were measured by using the knee joint simulator to 
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Figure 11. The areas of the conjunctions in 
the load 1 kN and 2kN. 



examine the ability of the fluid film formation by 
changing the geometry of conjunction for both 
longitudinal and transverse elliptical contacts. As a 
result, i t  was obviously proved that the ability of the 
fluid film formation of the transverse geometry of 
conjunction is higher than the longitudinal geometry 
of conjunction. 

If the longitudinal length for longitudinal conjunction 
became long, it was found out that friction increased 
due to fluid film thinning by side leakage under milder 
loading condition. In contrast, under excessively high 
loading condition, the friction increased as the 
longitudinal length became shorter, probably due to 
excessively increased contact pressure. 

An experimental and theoretical study to investigate 
the geometrical shapes of conjunction which is the 
most suitable for the fluid film formation is necessary. 
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Micro-Elastohydrodynamic Squeeze-Film Lubrication of Compliant Layered Surfaces Firmly 
Bonded to a Rigid Substrate 

Z M Jin" and D Dowson" 

'Department of Mechanical and Manufacturing Engineering, Bradford University, UK. 

bDepartment of Mechanical Engineering, Leeds University, UK. 

The micro-elastohydrodynamic lubrication mechanism associated with asperities superimposed upon a 
compliant layered bearing surface firmly bonded to a rigid substrate under squeeze-film motion has been 
considered in this study. A simple cosine has been assumed for the roughness profile. Both Reynolds' equation 
and the elasticity equation have been solved simultaneously and results for the pressure distribution and film 
profile have been obtained for a wide range of roughness amplitudes and wavelengths. It has been found that the 
roughness on the compliant layered bearing surface is hardly deformed under squeeze-film motion, particularly 
in the centre of the contact, where the lubricant flow is minimum, while a slight increase in micro- 
elastohydrodynamic action occurs near the edge of the contact region. The consequence is that both the 
minimum film thickness and the squeeze-film velocity are reduced and the pressure distribution is only slightly 
modified compared with the smooth surface solution. Therefore, it is concluded from this study that micro- 
elastohydrodynamic action is less pronounced under pure squeeze-film motion than with sliding motion. 

1. INTRODUCTION 

Normal approach, or squeeze-film motion, 
occurs when two solids separated by a viscous fluid 
move towards each other. This subject has been 
extensively reported in the literature because of its 
practical importance. In many machine components. 
squeeze-film lubrication is very important in 
protecting the bearing surfaces during start-up or 
stopping. In other situations when both the load and 
the velocity change with time, squeeze-film action is 
also very important when the velocity becomes zero 
or the load is extremely high and the sliding velocity 
is very low. This later situation can be found in 
natural synovial joints during walking and squeeze- 
film lubrication has been shown to play a dominant 
role in preventing the two articulating surfaces from 
touching each other Wgginson, 1977). 

The analyses of various rigid bearing surfaces 
under squeeze-film motion have been summarised 
by Moore (1972). The first analysis considering 
elastic deformation of the bearing surface was 
carried out by Christensen (1962) for two cylinders. 

An interesting observation was the formation of a 
pocket in the centre of the contact. Later, 
Christensen extended his analysis to the squeeze- 
film lubrication problem between two spheres 
(Christensen, 1970). The elastohydrodynamic 
squeeze-film lubrication between two cylinders with 
relatively low elastic modulus was solved by 
Herreburgh (1970). An approximate solution to the 
elastohydrodynamic squeeze-film lubrication 
problem of both cylindrical and spherical surfaces 
was obtained by Higginson (1978) using a Grubin- 
type assumption. Following the same line, Cudworth 
and Mykura (1980) extended the analysis to a 
compliant layered bearing surface and good 
agreement between the simplified theory and 
experiment was found by these authors. 

Another exciting recent development in the field 
of tribology is micro-elastohydrodynanuc lubrication 
(micro-EHL for short) @owson, 1995). It has been 
shown that significant pressure perturbations can be 
generated by surface asperities, which in turn 
largely smooth out the original roughness. Most of 
the micro-EHL studies reported in the literature 
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Ii;wc bccii conccrncd with mo~crials of high clastic 
modulus irnd sliding niotion. Thcrcforc thc purposc 
of thc prcscnt study is to invcstigatc thc micro- 
clastohydrodynamic lubrication mechanism of a 
compliant layered bearing surface with low elastic 
modulus under squeeze-film motion. 

1.1 Notation 

a 
A 

b 
B 

C, 

d 
D 
E 
E’ 

h 
hm, 
h, 
H 
R 
P 
Po 

P 
*P 

S 

S 

X 

Xe 

X 

W 

W 

11 
6 

Amplitude of roughness; 
Non-dmensional amplitude of roughness, 
dh3; 
Half dry contact width; 
Non-dmensional half dry contact width, 
bld; 
Dimensionless compliance defined in 

equation (8), 20(1 - 2% - v)2 ; 

Layer thickness: 
Non-dimensional layer thickness, dm; 
Elastic modulus ; 

2% - V2); 
Equivalent elastic modulus, 

Film tluckness ; 
Minimum film thickness; 
Central film thickness ; 
Non-dmensional film thickness, h/R; 
Bearing radius ; 
Pressure ; 
Maximum pressure; 
Pressure perturbation due to roughness; 
Non-dimensional pressure, p/E*; 

Central squeeze-film velocity, - ; 

Non-dimensional central squeeze-film 

dhLl 
dt 

velocity. 7%. ; 

Horizontal co-ordinate ; 
exit distance; 
Non-dimensional horizontal co-ordinate, 
d d ;  
Load ; 
Non-dmensional load, 

Lubricant Viscosity ; 
Elastic deformation ; 

4, EliMic dcforniiltion ;II thc ccnlrc of thc 
conjunction. x=O: 

V Poisson’s ratio: 
h Wavclcngth of roughncss: 
h Non-dimensional roughncss wavelcngth, 

wb; 

2. PHYSICAL MODEL AND THEORETICAL 
AND NUMERICAL FORMULATION 

The problem considered in the present study is a 
smooth rigid cylinder moving towards a rough 
compliant layered bearing surface firmly attached to 
a rigid substrate as shown in Figure 1. 

Figure 1 A micro-elastohydrodynamic squeeze-film 
lubrication model of a smooth rigid cylinder moving 
towards a rough compliant layered bearing surface. 

The governing equations for this model are 
Reynolds’ equation , 

and the film thickness equation considering the 
roughness in the form of a simple cosine function, 
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whcrc ( ( 5 )  IS thc elastic deformation of thc compliant 
lavercd surface, calculatcd relative lo the centre of 
thc contact Therefore. (11,) IS the central film 

thickncss. The squeeze-film velocity ($) is, in 

general. not constant within the contact region 
bccause of the change of the elastic deformation 
with time (often referred to as local squeeze-film 
velocity). In the present study, the local squeeze-film 
velocity is neglected and the squeeze-film velocity is 
t‘aken to be that at the centre of the contact (x=O. 
h=b) .  Thercfore, 

Under this assumption. Reynolds’ equation can be 
further simplrfied to, 

X * = 12rp- 
dx h3 

The boundary conditions are 

= 0 at s=o dy 

and 

whcre (s,) is thc exit distance shown i n  Figure I .  
Furthermore. the integration of thc pressure 
distribution must satisfy the specified load 

(7 )  

where (b) is the contact half width and is estimated 
from the following equations depending upon 
Poisson’s ratio of the compliant layer (Johnson, 
1985); 

for Poisson’s ratio not equal or close to 0.5 

B = ( 1.5- 5:s) ’ I 3  

where 

1-2u Cs = 2 D  
(1 - v)’ 

and for Poisson’s ratio equal to 0.5 

B = (60W I D’)’‘’ 

Equations (2), (4) and (6) can be written in non- 
dimensional form as follows : 

XI 
H = H , + D 2 - + A H , ~ ~ ~  

2 

and 

The following non-dimensional parameters are 
adopted in the present study : 
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A srr;iiglil fonviird ilcration llictllod WiIS uscd 10 

bol1Ildiiv conditions rcprcscntcd by cquations (521) 

iind (sb). Thc solution was startcd by specifying a 
ccntral film thickncss (h,,) and assuming a pressure 
distribution. which enabled the elastic deformation 
to be calculated from the displacement coefficients 
based upon the theoretical work of Meijers (1968). 
The pressure distribution between two adjacent 
nodes was assumed to be uniform and the details of 
the numerical calculation have been published 
elsewhere @owson and Jin, 1990). An initial 
squeeze-film velocity was also assumed, which, 
together with the calculated elastic deformation, 
enabled the solution to the Reynolds' equation to be 
obtained using a simple central difference scheme. 
The pressure distribution thus obtained was then 
integrated using a simple trapezoidal formula and 
the result was compared with the load specified. If 
different, the squeeze-film velocity was modified 
using a bisection routine. M e r  the load had 
converged, the pressure distribution was then 
compared with the initial assumed form and if 
different, a new pressure distribution was assumed 
based upon both the initially assumed and the 
correctly calculated pressure distribution with some 
weighting factors. The number of nodal points taken 
in the present study was generally between 500 and 
1000 and the exit distance was chosen to be 2.5 
times the dry contact half width. The computing 
time required to obtain a convergent solution 
generally depends on the cases considered. It was 
found that when the film thickness became 
comparable with the elastic deformation, a large 
damping factor had to be introduced in order to 
stabilise the pressure iteration process. Furthermore, 
in order to facilitate the iteration, the initial pressure 
distribution was specified from a convergent 
solution obtained under less severe conditions. This 
was found to sigruficantly reduce computing time 
and to stabilise the pressure iteration process. 

S O ~ V C  cqtIiitions ( 10) and ( I I )  subjcct 10 LIIC 

3. RESULTS AND DISCUSSION 

The following parameters were chosen for analysis 
in the present study : 

U ;1 
- = 0 to 0.8 and - = 0.0667 lo 1 
h o  h 

The results for the squeeze-film velocity, film profile 
and pressure distribution have been obtained for 
various combinations of the roughness parameters. 
Figure 2(a) shows the comparisons of the film 
profiles between the smooth bearing surface and the 
rough one, with a ratio of the roughness amplitude 
to the central film thickness of 0.5 and a ratio of the 
roughness wavelength to the dry contact half width 
of 0.2. The corresponding comparison of the 
pressure distribution is shown in Figure 2(b) and the 
corresponding pressure perturbation due to the 
roughness in Figure 2(c). The film profiles, the 
pressure distributions and the pressure perturbations 
for various roughness amplitudes are shown in 
Figures 3(a), 3(b) and 3(c) respectively for a fixed 
ratio of the roughness wavelength to the dry contact 
half width of 0.2. The effect of the roughness 
wavelength is shown in Figures 4(a), 4(b) and 4(c) 
for a fixed ratio of the roughness amplitude to the 
central film thickness of 0.5. The effects of the 
roughness amplitude on the predicted non- 
dimensional squeeze-film velocities, the minimum 
film thicknesses and the maximum contact pressures 
are shown in Figures 5(a), 5(b) and 5(c) and the 
effect of the roughness wavelength can be seen in 
Figures 6(a), 6(b) and 6(c). 

It is clear from Figure 2(a) that the film profile 
for the smooth surface is almost constant within the 
contact region, with a slight reduction towards the 
edge of the conjunction. The formation of the pocket 
within the centre of the contact, whch has well been 
described for semi-infinite solids, is less pronounced 
for the layered bearing surface considered in the 
present study. When roughness is introduced, little 
deformation of the asperities has been found, 
particularly in the centre region of the contact. At 
larger distances from the centre of the conjunction, 
where the mean lubricant velocity relative to the 
roughness perturbations is larger. the micro- 
elastohydroclynamic effect is more pronounced. 

W=10-3 ; &=lo" ; D=IO' ; ~ 0 . 4  
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Figure 2 Comparison of the predicted (a) film 
profile and (b) pressure distribution between a 
smooth surface and a wavy surface (a& = 0.5 and 
h/b = 0.2) and (c) the corresponding pressure 
perturbations. 

This i s  sigiiificaiilly diffcrciit from thc fcalures of 
niicro-EHL associalcd with sliding motion undcr 
which thc original roughncss has bcen found to be 
largcly smoothed out @owson and Jin, 1992). 
Furthermore, the pressure distribution is only 
slightly modified due to roughness. It is interesting 
to note from Figure 2(c) that the pressure 
perturbation is very small in the centre of the 
contact, and is slightly increased towards the edge of 
the contact. This is consistent with the observation 
that micro-elastohydrodynamic action is mainly 
associated with the relative flow of the lubricant 
with respect to the bearing surface @owson and Jin 
1992). In the centre of the contact, there is an 
insignficant lateral lubricant flow, whle towards 
the exit from the conjunction, the lubricant flow is 
increased. However, it is noted that the pressure 
perturbation generated within the contact region is 
not sufficient to deform the original roughness to 
any significant extent. 

The effects of the roughness amplitudes on the 
predicted film profiles, pressure distributions and 
the pressure perturbations can be seen in Figures 
3(a). 3(b) and 3(c). Again it is observed that the 
original roughness is largely preserved and the 
pressure distributions are only slightly modlfied. 
Although an increase of the roughness amplitude 
results in an increase in the pressure perturbation, 
the magnitude of the pressure perturbation is not 
large enough to cause an appreciable deformation of 
the orignal asperities. Figures 4(a). 4(b) and 4(c) 
show the effects of the roughness wavelength. It is 
noted that the largest changes in the film profile are 
predicted for a relatively large roughness 
wavelength. This can also be seen from the pressure 
distribution and the pressure perturbation as shown 
in Figures 3(b) and 3(c). It is clear that micro- 
elastohydrodynamic action is more pronounced 
when the roughness wavelength is relatively large. 

The effect of the roughness amplitude and the 
roughness wavelength on the predicted squeeze-film 
velocity, minimum film thickness and maximum 
pressure can be explained by the fact that the 
original roughness is largely preserved under 
squeeze-film motion. An increase in the roughness 
amplitude results in a partial closing of the gap 
between the rough and the smooth surface and 
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Figure 3 Effects of the roughness amplitude on the 
predicted (a) film profile, (b) pressure distribution 
and (c) pressure perturbation for two wavy surfaces 
(Wavy 1 : ah, = 0.2, klb4.2; Wavy 2 : a&, = 0.8, 
M . 2 )  
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Figure 4 Effects of the roughness wavelength on the 
predicted (a) film profile, (b) pressure distribution 
and (c) pressure perturbation for two wavy surfaces 
(Wavy 3 : a& = 0.5, M ~ 0 . 5 ;  Wavy 4 : ah,, = 0.5, 
ub=o. 1) 
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Figure 5 Comparison of the predicted non- 
dimensional (a) squeeze-film velocity, (b) minimum 
film thickness and (c) maximum pressure between a 
smooth surface (dashed line) and a wavy surface 
(solid line) with various amplitudes ( h/b = 0.2) 
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Figure 6 Comparison of the predicted non- 
dimensional (a) squeeze-film velocity, (b) minimum 
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I l c ~ ~ ~ c  ill ;I dcorcilsc in thc s ~ u c c ~ c - f i l ~ ~ ~  vclocity ;IS 
sccn in  Figurc 5(a) uid iln incrcasc i n  thc SqucCLc- 
liliii timc. Thc minimum film thickncss is 
significantly rcduccd comparcd with the smooth 
surfacc solution. It is possible to estimatc the 
minimum film thickness by simply subtracting the 
roughness amplitude from the minimum smooth 
film thickness for the conditions considered in the 
present study. Furthermore, a slight increase in the 
predicted maximum pressure is found as the 
roughness amplitude increases. The predicted 
squeeze-film velocity is also significantly affected by 
the wavelength of the roughness profile in relation 
to the contact half width, reaching a minimum value 
close to ( h/b = 0.5 ) as shown in Figure 6(a). It is 
also interesting to note that when the roughness 
wavelength is reduced, the predicted squeeze-film 
velocity approaches an asymptotic value. Similar 
observations can be made for both the minimum 
film thickness and the maximum pressure as shown 
in Figures 6(b) and 6(c). 

The roughness amplitude considered in the 
present study is of a similar order of magnitude to 
the central film thickness. When either the 
roughness amplitude increases or the central film 
thickness decreases during the squeeze-film process, 
it can be expected that micro-EHL action associated 
with asperities will increase. However, it is unlikely 
that a significant deformation of the asperities can 
occur and this may result in the direct contact of the 
asperities. The practical implication of this finding 
can be related to the lubrication of synovial joints. It 
has been shown that squeeze-film motion between 
articular cartilage and a glass surface results in the 
formation of large pools of entrapped synovial fluid 
with a high concentration of hyaluronic acid in the 
so called “boosted lubrication” theory (Walker et al 
1968). The present study provides M e r  theoretical 
support for this theory. 

4. CONCLUSIONS 

The micro-elastohydrodynamic lubrication 
squeeze-film problem of a compliant layered bearing 
surface firmly bonded to a rigid substrate has been 
solved in this study. The following conclusions can 
be drawn : 

Tlic origiiiril roughncss under squeeze-film 
motion has bccn found to persist, particularly in 
thc centrc of thc contact region, with a slight 
increase in the micro-elastohydrodynamic action 
being found towards the edge of the 
conjunction. 
The effect of the roughness under squeeze-film 
motion has been found to reduce both the 
minimum film thickness and the squeeze-film 
velocity. 
The present study has provided further 
theoretical support for the “boosted lubrication” 
theory proposed for synovial joints. 
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The lubricating performance of total knee prosthesis models with compliant layer as artificial cartilage was 
evaluated and discussed from the viewpoint of adaptive multimode lubrication. The minimum film thickness 
and inclination of rubbing surface during walking were estimated by numerical analysis based on the plane 
inclined surface model for polyvinylalcohol (PVA) hydrogel and polyurethane. The numerical results show 
the effectiveness of softer material on fluid film formation during walking, although surface inclination during 
swing phase is larger for polyurethane than PVA hydrogel. The actual fluid film formation in knee prostheses 
during walking was examined by measurement of degree of separation by electric resistance method and 
frictional force in simulator tests. Under walking condition lubricated with lubricants of appropriate viscosity, 
considerable elastohydrodynamic film was formed corresponding to numerical analysis. Under thin film 
conditions lubricated with low viscosity lubricants where significant local direct contact occurred between 
rubbing surfaces due to breakdown of fluid film, the addition of proteins remarkably decreased friction and 
suppressed stick-slip for PVA, but increased friction for polyurethane. The addition of phospholipid liposomes 
had an effect in reducing of friction after repetition of rubbing process in walking motion. The adsorbed film 
formation of synovia constituents on stainless steel plate was observed by atomic force microscopy. 

1. INTRODUCTION 

For most of the clinical application of total joint 
replacements particularly for diseased hip and knee 
joints, material combinations of ultrahigh molecular 
weight polyethylene (UHMWPE) and corrosion- 
resistant metals or bioceramics have been used as 
bearing surfaces. Recent considerable progress in 
development of new implant materials, new design 
including fixation methods, manufacturing, and 
operation under sterile condition has improved 
clinical results. However, in certain cases, serious 
tribological problems such as wear and loosening 
have occurred. This is attributable to the poorness 
of the fluid film formation in existing joint 
prostheses, which results in high wear and high 
friction. Wear debris attacks the living tissue 
inducing the loosening of joint prostheses [l. 21. 

Most of existing joint prostheses appear to operate 
in mixed lubrication mode. Particularly, in many 

kinds of knee prostheses with low geometrical 
congruity, the sufficient fluid film is unlikely to be 
formed to prevent the direct contact between 
femoral and tibia1 components, as suggested by the 
authors (3-7). 

To attain long endurance of joint prostheses, it is 
required to improve the lubricating film formation 
in various daily activities. Both the geometrical 
optimum design for combinations of polyethylene 
and metal [8-101 and application of compliant 
materials such as silicone rubber, polyurethane and 
hydrogel [3-7, 11-21] are likely to improve the fluid 
film formation. For the latter with compliant layer, 
the design considerations for cushion form bearing 
are discussed on lubrication mechanisms and contact 
mechanics [14-181. Furthermore, it is pointed out 
that porous hydrogels gave lower friction than non- 
porous polyurethane or silicone rubber at start up or 
after breakdown of fluid film [16,20,21]. 

The authors proposed the design concept of the 
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adaptive multimode lubrication for joint prostheses 
(5-7). This design concept aims to realize the 
application of lubrication mechanisms in natural 
synovial joints to the total replacement joints. In 
natural joints, the macro- and micro-soft-EHL 
mechanisms appear to play main lubricating roles in 
daily activities such as walking. Under severer thin 
film conditions, various supplemental lubrication 
modes such as weeping, boundary and gel-film 
lubrication mechanisms seem to synergistically 
operate to protect articular cartilages. This lubrica- 
tion mechanism is called as the adaptive multimode 
lubrication 15-7,221. 

In this paper, firstly the recent researches on the 
lubrication modes in natural synovial joints were 
shortly reviewed from both the experimental and 
theoretical viewpoints. Next, the lubricating 
performance of total knee prosthesis models with 
compliant layer as artificial cartilage was evaluated 
by numerical analysis and simulator tests. 

The minimum film thickness and inclination of 
rubbing surface during walking were estimated by 
the plane inclined surface (PI) model proposed by 
Medley et al. (23, 24) as simplified elastohydro- 
dynamic analysis for soft layer of polyvinylalcohol 
(PVA) hydrogel or polyurethane. The effectiveness 
of soft material on fluid film formation was 
discussed. The changes in rubbing surface inclina- 
tion during walking were examined. Then, the 
measurement of fluid film formation and frictional 
force were canied out in simulator tests. As 
lubricants, sodium hyaluronate solutions were used 
with or without serum proteins and/or phospholipid. 
The difference in frictional behaviours was discuss- 
ed from the viewpoint of adaptive multimode lubri- 
cation on the basis of the observation of adsorption 
of synovia constituents in tapping mode in liquid by 
atomic force microscopy (AFM). 

2. ADAPTIVE MULTIMODE LUBRICATION 
IN NATURAL SYNOVIAL JOINTS 

Concerning the excellent lubrication mechanism 
of the natural synovial joints with very low friction 
and long durability, various proposals (5) such as 
hydrodynamic (rigid, isoviscous), elastohydro- 
dynamic, microelastohydrodynamic, weeping, bi- 
phasic or triphasic, boosted, mixed, elastomixed, gel 
film and boundary lubrication have been proposed. 
As pointed out by Dowson [25], Unsworth et a1.[26], 
Sasada 1271, Murakami [ 5 ]  and Ikeuchi [28], not 

single mode but multimode lubrication probably 
operates in various daily activities. Stachowiak et al. 
1291 paid special attention to the relative importance 
of synovial fluid and cartilage, and indicated the 
existence of a secondary lubrication mechanism at 
the cartilage surface layer when synovial fluid is 
unable to prevent contact between cartilage surfaces. 

As discussed in detail by Murakami (5 ) .  the 
elastohydrodynamic film formation, which is en- 
hanced by the elastic deformation of articular 
surfaces and viscous effect of synovial fluid, appears 
to play the main role in preserving both low friction 
and low wear during walking. Under thin film 
conditions, the various supplemental lubrication 
mechanisms are likely to be capable of protecting 
the rubbing surfaces depending on the severity of 
operating conditions. As described above, this 
lubrication mechanism is denoted as the adaptive 
multimode lubrication. 

As discussed later, fluid film formation changes 
according to operating condition during walking in 
natural synovial joints with compliant articular 
surfaces and lubricated with synovial fluid. The 
flattening of initial asperities of articular cartilage in 
conjunction zone indicated by micro-EHL analyses 
[30, 311 appears to achieve the fluid film lubrication 
during walking. In diseased joint with low 
viscosity synovia, however, the local direct contact 
may occur even during walking. At starting motion 
after long standing, some local direct contact may 
occur even in normal natural joints. Therefore, the 
protecting performance of adsorbed film or gel-film 
on articular cartilage becomes important. 

The authors [22. 32-34] evaluated the protecting 
role of proteins and phospholipids by pendulum tests 
of pig shoulder joints. Coefficient of friction was 
estimated from the damping of amplitude. Typical 
experimental results on effect of protein and 
phospholipid on friction in natural synovial joints 
are shown in Fig.1. Although the detail is described 
in elsewhere 1341, test condition under mixed 
lubrication regime was selected, i.e., immediately 
after loading of IOON lubricated with saline solution 
of 0.2 wt% sodium hyaluronate (HA, molecular 
weight =9.6x105) as low viscosity lubricant. 

First, the pendulum tests were carried out by 
using fresh joints lubricated with HA solutions, in 
which low friction coefficient of 0.0075 as average 
was obtained. After the first tests, the joints were 
rinsed with the saline solution of 10 wt% poly- 
oxyethylene p-t-octylphenyl ether (Triton X-loo), 
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Figure 1. Lubricating effects of addition of y- 
globulin and La-DPPC in pendulum tests of 
pig shoulder joints (N=6, Error bars indicates 
S.D., *p<0.005, **p<O.Ol) 

Figure 2. Multilamellar liposome of La-DPPC 

which is highly surface active non-ionic surfactant 
to remove the adsorbed film on the articular 
cartilage surfaces, in 30 min in ultrasonic bath and 
then rinsed again with saline in 30 min. The 
removal of adsorved film mostly composed of 
phospholipids was confirmed by significant reduc- 
tion in contact angle occurring when a droplet of 

water was placed upon dried cartilage surfaces [35]. 
The change from hydrophobic to hydriphilic surface 
was observed. Then, the second pendulum tests 
were carried out lubricated with HA solutions. The 
second tests showed significant increase in friction 
as average coefficient of friction of about 0.015, 
which indicates the loss of protection by adsorbed 
film under mixed lubrication regime. 

After the second tests for 0.2 wt% HA solution, 
the joints were rinsed with saline and then the third 
pendulum tests were conducted under lubricated 
condition with new lubricants such as HA solutions 
with and without serum proteins and liposome of 
phospholipid La-DPPC (dipalmitoyl phosphatidyl- 
choline). The liposome diameter as multilamellar 
vesicles of La-DPPC in Fig.2 has the range of 0.1 to 
0.5 pm. As shown in Fig.1, 1.0 wt% y-globulin and 
0.01 wt% La-DPPC exhibit the effectiveness in 
protecting role in natural synovial joints. It is 
noticed that La-DPPC of similar concentration to 
that in human joint is sufficiently effective, while 
higher concentration of y-globulin is needed. And, 
even 3.0 wt% serum albumin was little valid. 

These results support the boundary lubricating 
ability of phospholipids, particularly oligolamellar 
one proposed by Hills et al. [35, 361. However, not 
only phospholipids but proteins or lubricating 
glycoprotein [37, 381 appear to function as effective 
boundary lubricants. 

In the authors' studies [39, 401 on reciprocating 
friction tests for articular cartilage and Langmuir- 
Blodgett films on glass plate, mixed LB films 
composed of La-DPPC and y-globulin exhibited 
superior frictional behaviour to LB films of La- 
DPPC alone. 

The boundary lubricating ability of proteins and 
phospholipid to artificial cartilage in knee prostheses 
is examined later from the viewpoint of adaptive 
multimode lubrication. 

3. NUMERICAL ANALYSIS OF FLUID FILM 
FORMATION 

3.1 Minimum film thickness based on PI model 
To estimate the minimum fluid film thickness in 

cylindrical knee prostheses, PI (plane inclined 
surface) model proposed by Medley et al. [23, 241 
was applied. Equation (2) was derived from 
Reynolds equation (1) for the cylindrical model of 
equivalent radius of R with soft layer thickness f h  as 
shown in Fig.3. 
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Figure 3. Plane inclined surface model 

Changes in minimum film h during walking was 
obtained based on the method by Gladstone and 
Medley [24]. B and D were determined based on 
steady state conditions. When U is nearly zero, Eq. 
(2) is reduced to 

F%’ 
dt 7 B ’  (3) 

Here, 
b : dry contact length 
B : bearing length 
D : bearing inclination 
F’ : load per unit width 
h : film thickness 
h : minimum film thickness 
p : fluid pressure 
t : time 
U : sliding velocity 
q : viscosity 
x. z : coordinate 

3.2 Changes in minimum film thickness and 
inclination of plane surface during walking 

The changes in minimum film thickness and 
inclination BID in cylindrical knee prostheses with 
flat compliant layer are shown in Fig.4. Equivalent 
radius of cylindrical surface is 30 mm, and soft layer 
thickness is 2 mm and lubricant viscosity is 0.01 
Pa. s. Two values of elastic modulus of 1.0 and 40 
MPa approximately correspond to PVA hydrogel 
and polyurethane, respectively. As described in 

Figure 4. Changes in fluid film formation and surface 
inclination in knee prostheses with artificial cartilage 
during walking 

previous studies [3, 5-7, 211, the fluid film gradually 
decreases during stance phase and then recovers to 
higher level during swing phase. The effect of the 
inclination of plane surface is observed at high 
speed and low load conditions during swing phase. 
Therefore, mainly squeeze film action can contribute 
to preserve fluid film during stance phase in knee 
joint. Similar variations of the transient film 
thickness with time are predicted by EHL analysis 
for ankle and hip joints [40]. Furthermore, It is 
noted that the film thickness is thicker for PVA than 
polyurethane, although the inclination of poly- 
urethane is larger than PVA. PVA shows about 
three times higher film thickness than polyurethane 
due to soft-EHL effect. 

It  is required to analyze the fluid film formation 
by micro-EHL theory for compliant articular 
surfaces with considerable asperities. Dowson and 
Jin [30] pointed out that the significant flattening of 
compliant surface asperities enables to avoid direct 
contact between rubbing surfaces during walking. 
In present study, it is very difficult to measure actual 
surface profiles of PVA hydrogel layer containing 
high content of water, although its image by 
scanning electron microscopy at low vacuum 
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environment suggests the existence of asperities of 
several pm. So, the occurrence of direct contact 
under walking condition is discussed based on 
experimental results. 

4. SIMULATOR TESTS 

4.1 Specimens and lubricants 
Two kinds of geometric designs for knee 

prostheses were prepared as shown in F ig5  As 
femoral component, the cylindrical stainless steel 
(SUS316, JIS) specimen of 30 mm radius was used. 
Surface roughness Ls = 0.02 pm. As tibial 
components, flat type and concave type were used. 

As soft layer supported by PMMA, PVA hydrogel 
and polyurethane sheet were used. 

PVA hydrogel specimen was prepared by the 

................. 
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Figure 5.  Cylindrical knee prostheses 
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repeated freezing-thawing method [42]. Average 
degree of polymerization is 2000 and average degree 
of saponification is 98.5- 99.4 mol%. The elastic 
modulus E depends on equivalent water content 
(EWC). In this study, two kinds of PVA hydrogel 
of high water content different in thickness ( E W E  
7996, E 0 . 8  MPa for h=3 nun, E l . 1  MPa for &=2 
mm) were used. 

For comparison, medical grade poly(ether)- 
polyurethane (Pellethane, E =37 MPa) was used. 
The sheet has surface roughness of Rrm 4 . 4  - 0.5 
tun. 

As lubricants, saline solutions of two kinds of 
sodium hyaluronate (HA-1:M (molecular weight) = 
9.6X lo', HA-2:*1.95X lo6) were used. The 
viscous property measured by conehlate viscometer 
is shown in Fig.6. In some tests, silicone oils were 
Used. 

To examine the effect of proteins and phospho- 
lipids on friction and lubrication, human serum 
albumin and y-globulin, and liposome of La-DPPC 
were added to HA solutions. DPPC was selected 
as predominant phospholipid in synovial fluids and 
on cartilage surfaces. Liposomes of La-DPPC were 
prepared by the method by Bangham et al. 1431. 
Sizes of the diameter of liposomes observed by 
negative staining method in transmission electron 
microscopy were distributed from 0.1 to 0.5 p. 

4.2 Experimental methods in simulator 
A walking motion was simulated by using two 

types of knee joint simulators. Detailed structure of 
old type was described in the previous papers [3-71. 
New type is shown in Fig.7. Both types have 
similar hydraulic control system except some 

I Load call 

Figure 6. Viscous property of HA solutions Figure 7. Knee joint simulator 
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mechanical components. Flexion-extension motion 
of a femoral component and time-dependent tibial 
axis load were applied by the personal computer 
controlled hydraulic system. In these tests at room 
temperature, the walking period is 1 or 2 s, and the 
flat tibial component was fixed to holder but 
anterior-posterior movement was restricted by 
friction for the concave tibial components. 

To examine in detail the frictional behaviour, the 
torque of upper driving axis was measured by using 
strain gauges attached to the shaft. This torque 
value in new simulator approximately corresponds 
to frictional torque, since the torque due to the offset 
loading is negligible and inertia effect is scare for 
concentric cylindrical femoral component. The 
lubricating film formation during walking motion 
was examined by the electric resistance method. 
The extent of fluid film formation with conductive 
PVA hydrogel was evaluated by the degree of 
separation, which is defined as the ratio of measured 
voltage to the applied voltage of 100 mV (degree of 
separation is 1 : ful l  separation, degree of separation 
is 0 : contact). For PVA hydrogel layer with low 
electric resistance, the degree of separation = 0 was 
corrected as the corresponding voltage for unlubri- 
cated condition. 

4.3 Observation of adsorbed film by AFM 
To investigate the influence of adsorbed film on 

stainless steel on frictional behaviour, the adsorbed 
film formation on stainless steel flat surfaces was 
observed in saline by AFM as fluid tapping mode 
after immersion in test fluid for 5 min. 

5. RESULTS AND DISCUSSIONS ON 
SIMULATOR TESTS 

5.1 Fluid film formation in knee prosthesis with 
PVA hydrogel layer 

As described above, considerable fluid film is 
likely to be formed due to soft-EHL in knee 
prostheses with compliant layer during walking. 

The example of fluid film measurement by 
electric resistance method for sliding pair of 
conductive PVA hydrogel and stainless steel in old 
type of knee joint simulator is shown in Fig.8 for 
lubricated condition with silicone oil of 0.13 Pa' s. 
In both numerical analysis based on PI model and 
measured value for degree of separation, fluid film 
gradually decreases during stance phase and then 
recovers to thicker level during swing phase. Some 
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Figure 8. Fluid film formation in knee prosthesis 
with PVA hydrogel layer during walking 

variations in degree of separation during stance 
phase are considered to be caused by the actual 
surface profile changes and the occurrence of local 
contacts. As suggested from changes in inclination 
of plane surface, the squeeze film action plays main 
role during stance phase, and the wedge or entrain- 
ing action becomes important during swing phase 
for fluid film formation. In the knee prostheses 
with compliant layer, considerable fluid film appears 
to be formed with lubricants of medium viscosity. 
However, under lubricated conditions with lower 
viscosity lubricants, the significant direct contact 
between rubbing surfaces may occur. It is difficult 
to evaluate the quantitative severity by the degree of 
separation, since the degree of separation is sensitive 
for slight local contact and electric conductivity of 
PVA hydrogel changes depending on loading 
conditions. So, the frictional behaviour was 
investigated by measurement of torque of femoral 
axis in new type of knee joint simulator. 

5.2 Frictional behaviour in knee prostheses with 
polyurethane and PVA hydrogel layer 

Changes in frictional torque in cylindrical knee 
prostheses with flat tibial components with soft layer 
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Figure 9. Influence of HA concentration and addition of proteins on frictional behaviours of cylindrical 
knee prostheses with polyurethane or PVA layer during walking 

of polyurethane or PVA hydrogel are shown in 
Fig.9. Figure 9(a) indicates the influence of HA 
concentration on frictional behaviour. Higher HA 
concentration corresponds to higher viscosity. The 
lubrication regimes under these operating conditions 
seem to be belonged to mixed lubrication. So, with 
increasing concentration of HA, or with increasing 
viscosity, friction is reduced for both polyurethane 
and PVA hydrogel. Furthermore, PVA hydrogel 
layer exhibits significantly lower friction than 
polyurethane, as suggested by calculated thicker 
film thickness in Fig.4, although the estimation for 
the flattening of surface asperities based on micro- 
EHL analysis and effective viscosity at high shear 
rate is required for exact evaluation. For PVA 
lubricated with 0.3 wt% HA, considerable stick-slip 
was observed during stance phase. This stick-slip 
was attenuated by increasing HA concentration. 

Figure 9(b) shows the influence of addition of 
serum proteins in HA solutions on frictional 
behaviour. It is noticed that there are remarkable 
difference in influence of proteins between poly- 
urethane and PVA hydrogel. The addition of 
albumin or y-globulin significantly decreases 
frictional value and diminishes stick-slip phenomena 

in PVA hydrogel. In contrast, the addition of 
proteins considerably increased friction for poly- 
urethane. Particularly, y-globulin affects strongly. 
These results exhibit the superiority of lubricating 
property for PVA hydrogel layer in human body 
environment. 

The difference in frictional behaviour is con- 
sidered to be caused by difference in lubrication 
mode. So, frictional behaviour was expressed as 
the form of coefficient of friction in Fig.10. It is 
confirmed that better lubrication is achieved in knee 
prosthesis with PVA layer lubricated with HA 
solution containing protein. Low coefficient of 
friction of about 0.01 is maintained during high 
loading stance phase. This means that the adsorbed 
film of proteins can effectively protect the rubbing 
surfaces. Similar low frictional behaviour was 
observed in PVA hydrogel lubricated with pig 
synovial fluid [20]. On the other hand, for 
polyurethane layer, the severity increases with 
addition of proteins. This may be brought about by 
obstruction to entrainment of fluid flow or 
interaction due to entanglement of protein molecules 
under extremely thin film condition. 

AFM images in Fig.11 show the changes in 
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adsorbed film on stainless steel plate with addition 
of y-globulin to HA solution. Globular molecules 
of y-globulin appears to adsorb on stainless steel 
surface, although some hyaluronate molecules may 
adsorb on surface. These images correspond to 
adsorbed film on non-contact zone. The rubbing 
process probably changes the adsorbed state. In 
this test, the actual femoral surface could not be 
observed due to excessive size of specimen in this 
AFM system. However, adsorbed film similar to 
images in Fig.11 is considered to induce the 
difference in frictional behaviour between poly- 
urethane and PVA hydrogel, depending upon 
difference in lubrication mode. 

5.3 Influence of geometric congruity on frictional 
behaviour in knee prostheses with PVA hydrogel 

Although PVA hydrogel shows the possibility of 
excellent candidate biomaterial as artificial cartilage, 
geometrical modification is required to reduce con- 
tact stresses for longer durability. So, the influence 
of geometrical congruity on friction characteristics 
was investigated by using cup tibia1 components. 

As shown in Fig.12, the better geometrical 
congruity reduce friction for HA solutions with and 
without protein. For HA solution without protein, 
the improvement in frictional behaviour brought 
about by enhanced fluid film formation is remark- 
able and stick-slip is attenuated. For HA solution 

Figure 10. Influence of proteins on frictional 
behaviour in knee prostheses with compliant layer 

~ 

(b) HA-2: 0.3wt% + y-globulin 0.3 wt% 

Figure 1 1.  AFM images of adsorbed film on 
stainless steel 

Figure 12. Influence of geometrical congruity on 
frictional behaviour 
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with y-globulin, friction is a little decreased with 
increase in congruity, since the addition of protein 
shows low friction even for flat tibial component. 
In better geometrical congruity, fluid film 
lubrication plays main role and the influence of 
adsorbed film is attenuated. 

5.4 Effect of protein and phospholipid on 
frictional behaviour for PVA hydrogel 

As mentioned above, proteins were effective 
particularly for PVA hydrogel and liposomes of 
phospholipid were effective for natural articular 
cartilage. Therefore, the effect of protein and 
phospholipid was examined in simulator tests. 

Figure 13 shows the frictional behaviours in 
cylindrical knee prostheses of flat tibial component 
with PVA hydrogel layer. In this case, 7 runs of 30 
cycles were carried out for each condition. The 
results for 16th cycle in the first and 3rd runs are 
shown. As shown above, y-globulin exhibits remark- 

able and steady improvement in frictional behaviour. 
The addition of 0.1 wt% La-DPPC alone to HA 

solution has little effect in the first run, but in the 
3rd run gradual decreasing in friction and attenua- 
tion of stick-slip are observed. This means the 
adsorbed film of phospholipid might be formed after 
repeated rubbing. 

Next, the frictional property lubricated with HA 
solution containing both y-globulin and liposomes of 
La-DPPC was examined. In the first run, friction is 
little decreased but stick-slip is attenuated, which 
means the occurrence of interaction between y- 

In order to elucidate these phenomena, the 
adsorbed film formation on stainless steel plate was 
examined by tapping mode of AFh4. 

As observed in Fig.l4(c), HA solution containing 
both y-globulin and liposome of La-DPPC exhibits 
clear spherical molecules. In contrast, HA solution 
with y-globulin alone (Fig.14 (a)) lacks clearness. 

globulin, La-DPPC and HA. 

(a) 16th cycle in 1st run (b) 16th cycle in 3rd run 

Figure 13. Influence of protein and phospholipid on frictional behaviour in knee prosthesis with PVA 
hydrogel layer 
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(a) HA-l:O.Swt% + y-glonulin 0.5wt% (b) HA-l:O.Swt%+La-DPPC O.lwt% ( c )  HA-I:O.Swt%+y-globulin O.Swt% 
+ La-DPPCO. 1 wt% 

Figure 14. AFM images of adsorbed film on stainless steel plate 

For HA solution with La-DPPC alone, distinct 
adsorbed molecules were not found in Fig.14 (b), 
which means that large liposomes scarcely adsorb or 
adsorbed phospholipid molecules are too small by 
this AFM observation. 

Clear adsorbed molecules for coexistence of y- 
globulin, La-DPPC and HA may have either less 
intensive adsorbed ability or high shearing resist- 
ance. In the former case, the adsorbed film is 
desorbed by rubbing process. In the latter case, the 
adsorbed molecules show high resistance to shearing 
action. 

6. DISCUSSIONS 

As described in the first half of this paper, the 
application of compliant material as an artificial 
cartilage in knee prosthesis is likely to significantly 
promote fluid film formation accompanied with 
enlargement of apparent contact areas. In knee 
prostheses with compliant layer lubricated with 
lubricant of appropriate viscosity under walking 
condition, considerable elastohydrodynamic film 
formation was observed in simulator tests. The 
fluid film varies in similar to numerical analysis 
based on PI model except some slight variation 
during stance phase. When viscosity of lubricants is 
extremely low, however, some direct contact 
occurred between articular surfaces, depending on 
the severity of operating conditions. Therefore, the 
authors proposed the design concept of the adaptive 
multimode lubrication mechanism to protect 

articulating surfaces and reduce friction even under 
severe conditions. 

In this paper, frictional behaviour for poly- 
urethane and PVA hydrogel were compared. PVA 
hydrogel had better fluid film formation and the 
improvement of friction in condition lubricated with 
HA solution containing proteins. On the other 
hand, the addition of protein to HA solution 
increased friction for polyurethane. The difference 
in these materials may be caused by difference in 
compliance and porosity containing water. 

For PVA hydrogel layer, the addition of lipo- 
somes of La-DPPC into HA solution had an effect 
in reducing of friction and suppressing of stick-slip, 
after repetition of rubbing process. As pointed out 
by Hills [35], low friction may be achieved for 
sliding pair of PVA and stainless steel by some form 
of molecular ordering with successive rubbing 
process after immersion in lubricant containing 
liposomes. In contrast, coexistence of y-globulin, 
liposome of La-DPPC and HA affected frictional 
behaviour of PVA hydrogel. However, PVA 
lubricated with pig synovial fluid showed low 
friction similar to HA solution with protein as 
described above [20]. As AFM images in Fig.14, 
the difference in forms of adsorbed molecules seems 
to have harmful influence. Clear spherical adsorbed 
molecules in Fig. 14 (c) may be reflected by the 
formation of lipoproteins. In human body, 
hyaluronic acid may be stabilizing the adsorption of 
surface active phospholipid to articular surfaces. 
Besides, both proteins and mucopolysaccharides 
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could act as carriers for phospholipid by entering 
into reversible chemical associations with phospho- 
lipids as lipoproteins and lipopolysaccharides, 
respectively [35]. Further researches are required to 
elucidate lubrication mechanism in joint prostheses 
with hydrogel layer in human body. 

Furthermore, frictional characteristics at start-up 
or breakdown of fluid film should be clarified for 
various daily activities. On the lubrication 
mechanism in joint prosthesis with PVA hydrogel, 
weeping or exudation of fluid from PVA seems to 
make lubrication better, particularly at start-up or at 
breakdown of fluid film. 

One of the unsolved problems on the clinical 
application of compliant hydrogel as a artificial 
cartilage is their short durability. Mean values of 
static contact pressure for polyurethane and PVA 
hydrogel flat layer at 2 kN were about 6 MPa and 2 
MPa, respectively. For PVA hydrogel with inferior 
mechanical strength to polyurethane, this value 
seems to be too large. So, it is better to reduce the 
contact pressure in knee prosthesis by improving the 
geometrical congruity. But, excessive geometrical 
congruity induces lubricant starvation or excessive 
deformation. Excessive larger thickness of soft 
layer has a harmful effect upon frictional behaviour 
[22]. So, the optimum geometrical design is 
required to preserve the lubricating film formation 
supplemented by various lubrication mechanism 
particularly under low viscosity conditions. 

containing proteins. The addition of protein had 
adverse effect on frictional behaviour in poly- 
urethane. Liposomes of phospholipid had an effect 
on friction after repeated rubbing process for PVA 
hydrogel layer. The difference in influence of 
synovia constituents was discussed based on the 
observation of adsorbed film by atomic force 
microscopy. 

Further studies on optimum design and 
improvement of durability are required to realize a 
knee prosthesis with a compliant artificial cartilage 
for clinical use. 
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Effects of Electric Field on Lubricating Ability of Synovia Constituents 

Y.Nakanishi, T.Murakami and H.Hi& 

Department of Intelligent Machinery and Systems, Faculty of Engineering,Kyushu University, 
Hakozaki, Higashi-ku, Fukuoka, 812-81, JAPAN 

The lubricating ability of synovia constituents and the effects of an electric field applied 
between rubbing surfaces have been investigated in the wide range of lubrication regime using 
a reciprocating tester and a roller-on-flat tester. Sliding materials were a conductive silicone 
rubber and a stainless steel. In friction tests for a conductive silicone rubber against a stainless 
steel, the existence of protein in lubricant caused a rise of friction coefficient that was derived 
from the adsorption of protein onto sliding surfaces accompanied with considerable local 
contacts. When a stainless steel slid against a stainless steel, on the other hand, the adsorption 
of protein onto rubbing surfaces seemed to promote both stability of frictional characteristics and 
low wear rate. For a conductive silicone rubber sliding on a stainless steel within mixed 
lubrication regime using water solution of sodium hyaluronate with y -globulin present, 
remarked decrease in friction was observed by means of applying a low frequency alternating 
current. Furthermore, on the observation by atomic force microscopy (AFM) for specimens after 
this friction test, the decline of adsorbates that had dotted whole rubbing area was confirmed. 
Mechanism based on the electrical potential of sliding surface was proposed to explain frictional 
be haviour. 

1. INTRODUCTION 

Natural synovial joint is constructed as an 
excellent tribology system which sustains 
both low friction and minimum wear 
throughout lifetime of most people, in which 
elastohydrodynamic lubrication plays the 
main role in protecting the compliant surface. 
On the other hand, at sever condition where 
a joint keeps stationary state under heavy 
load or slidingvelocity is too low to generate 
sufficient fluid film, t h e  various 
supplemental lubrication mechanisms, such 
as  boundary lubrication, start functioning. 
This mechanism is called as  the adaptive 
multimode lubrication (Murakami, et al. [l- 
21, Dowson [31). 

The adaptive multimode lubrication is 
derived from the interaction with physical 
and chemical properties of the articular 
cartilage and synovial fluid. Therefore, if one 
of these elements is substituted for artificial 
substance, i t  is debatable whether the 
lubricating ability being match for natural 

synovial joint is reproduced or not. 
Synovial fluid is a dialysate of blood 

plasma with addition of hyaluronic acid 
(polysaccharide) a n d  phospholipids. 
Hyaluronic acid i s  responsible for high 
viscosity, which plays an important part in 
the viscous effect of lubrication. Each 
ingredient may adsorb onto the surfaces of 
not only articular cartilage but artificial 
materials, so that tribological characteristics 
must be changed in the boundary or the 
mixed lubrication regime. Higaki, et al. [4] 
used lubricants containing various synovia 
constituents. According to their pendulum 
friction tests in pig shoulder joints, the 
adsorption of y -globulin and phospholipids 
onto cartilage improved the  frictional 
characteristics. 

The driving force in adsorption of synovia 
constituents onto rubbing surface varies 
depending on the property of materials and 
i t s  environment, i.e. hydrophobic (or 
hydrophilic) , potential (including zeta 
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potential), pH and concentration of solution, 
temperature, and so on (Lyklema, et al. [5- 
63). To put it the other way round, there is 
possibility that the adsorptioddesorption of 
synovia constituents onto sliding surfaces is 
controlled by means of the modifying the only 
one of factors which were mentioned above. 

It is well known that certain industrial 
bearings may have to operate in the presence 
of electrical potentials which are applied 
across the sliding interfaces either externally 
o r  from the sliding process itself 
(Bowden.[71). These potentials may influence 
tribological characteristics in both dry and 
wet sliding condition. Although the 
potentials of sliding interfaces have been an 
object of study for a long time (Yamamoto,Y. 
et a1.[8]), only few attempts have so far been 
made a t  prosthetic materials using 
lubricants which contains synovia 
constituents. 

Zaki et  a1.[9] undertook to  explore the 
influences of externally electrical potentials 
on the frictional behaviour of cartilage and 
prosthetic materials using a pin-on-disc 
friction tester. They showed marked 
variations in the coefficient of friction for 
sliding surfaces when electrical potentials 
were applied. 

This paper is intended as an investigation 
of the influence of synovia constituents on 
tribological behaviour in artificial rubbing 
surfaces and a consideration of the 
aggressive control of the lubricating ability by 
means of an electric field. 

2. MATERIALS 

2.1 Sliding pair 

Mechanical properties for  rubbing 
materials are shown in Table 1. Stainless 
steel was treated mechanically to ensure the 
use of smooth, clean rubbing surface. Before 
tests, all specimens were wiped with ethyl 
alcohol spilled onto cloth to keep the surfaces 
free from contaminants. 

Conductive silicone rubber (conductive SR) 

which contains carbon particles inside has 
not only similar elastic modulus to articular 
cartilage but conductivity. With applying the 
compressive load, the increased joining 
sections of carbon particles bring about the 
change of conductivity. Within the loading 
conditions which were adopted in this paper, 
however, the transition of conductivity during 
a test was scarcely seen (Fig.1). 

Table 1. Mechanical properties for sliding 
materials 

I I Roughness, Rtms p d  Young's Modulus, MPa I 
2 .1~105 I Stainless steel i 0.02 (flat) 

0.1 (sphere) 

Conductive I silicone rubber I (rePli:tl resin) I 

801 I 

0 u I (Eonduitive silicone rubber 
(cvlindrical surface of 15 mm 

c 

20 Conductive silicone rubber (flat) 1 (.tainIess s:el (spherical surface of 30 mm radiu3 5 Load : 29.4 N 
c m _. .- 
% I  I 
u o  5 10 15 20 25 30 

Loading time, min 

Figure 1.  Relation between viscoelastic 
deformation and conductivity of conductive 
silicone rubber 

2.2 Lubricants 

The composition of lubricants and each 
viscosity which was measured by a cone / 
plate viscometer are shown in Table 2 and 
Fig.2, respectively. 
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So'vent 

Table 2 Constituents of lubricants used for tribological tests 

Sodium Human serum Human serum 
hyaluronate y -globulin Albumin 

I A. B I Distilled Water I 0.1 I (0.3) I - I 
I c, I Distilled Water I 0.5 I (0.3) I - I 

Lubricants were water or saline solution 
with or without sodium hyaluronate (HA, 
Molecular weight = 8.8 - 9.6 X 1 05), human 
serum y -globulin and albumin, respectively. 

At low shear rates, the viscosity of HA 
solution shows a high viscosity in proportion 
to the concentration of HA, whereas at higher 
shear rates the viscous effect is fading, 
clearly portraying non-Newtonian behaviour 
(Yanaki, et. al. [lo]). 

3. EXPERIMENTAL EQUIPMENT 

3.1 Roller-on-flat friction tester 

The roller-on-flat friction tester shown in 
Fig.3 was used to elucidate the tribological 
characteristics in the wide range of 
lubrication modes. The upper roller had 
spherical surface of 30 mm radius. This 
roller was clamped to the rotating shaft. The 
lower flat specimen was fastened in a holder 
with a liquid bath. The wide range of 
constant load (1.96 - 29.4 N) and sliding 
speed (0.01 - 0.18 m/s) were applied by the 
lever system and the motor unit, respectively. 
The frictional characteristics were 
continuously observed by the strain gauges. 

3.2 Reciprocating friction tester 

The reciprocating friction tester shown in 
Fig.4 was used to observe the changes in 
frictional behaviour by means of an 
electricfield and to examine the states of 

( : with (B,D,F,H) or without (A,C,E,G) 
Water solution of 0 . l ~ F / ~  HA 

A Water solution of 0.5WP/o HA 
W Water solution of l.OwP/o HA 

Addition of O.~WP/~Y -glob 
10 -....-. I . . '  Opened Symbol : 

1 .o 
'? 

i. 0.10 

5: 

m 
h 

.- 

. . --....A . . . - . . . . I  . -......I . . .  
- l  100 10' lo2 103 lo4 

Shear rate, s.l 

Figure 2. Viscosity and non-Newtonian 
behaviour of water solution of HA with or 
without y -globulin 

Upper specimen 
Carbon brush 

Strain gauges 

Figure 3. Schematic representation of roller- 
on-flat friction tester 

lower specimens after those tests by AFM. 
Theupper specimen was fasten by the 
cylindrical holder jig of 15mm radius. The 
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lower flat specimen was fastened in a holder 
with a liquid bath. Only one rubbing 
condition (Normal load : 19.4 N, Stroke : 20 
mm, Period 4 s 1 was adopted to operate in 
the mixed lubrication mode, in which water 
solution of HA with or without y -globulin 
were used as  lubricants. The friction 
coefficient in this study was defined as the 
ratio of the highest tangential force 
measured in one stroke to the normal load. 

3.3 Electric circuit for externally applied 
electric field 

Three types of electric circuit were utilized 
for an  externally applied electric field 
between rubbing surfaces; a variable direct 
current circuit with a constant voltage, an 
electric circuit for degree of separation and an 
alternative current circuit. 

'Ib begin with, the variable direct current 
circuit is shown in Fig.5. The optional 
current value with a constant voltage could 
be operated by means of the parallel circuit 
including a variable resistor and a switch to 
elucidate the influence of the current value on 
frictional characteristics. 

Then, the lubricating film formation during 
tests was examined by the electric resistance 
method, in which the electric circuit for 
degree of separation shown in Fig.6 was 
used. The voltage and current value between 
sliding surfaces may be changed during a 
test because of the resistance associated 
with lubricating film formation (see Fig.5). 
Although the degree of separation is 
generally defined as the ratio of measured 
voltage to  the applied voltage (degree of 
separation is 1 : full separation, degree of 
separation is 0 : contact), the value had to be 
revised in such a case as the conductive SR - 
rubbing surface which had a low conductivity 
shown in Fig.1. The notable example of this 
revising is shown in Fig.7. 

Finally, in externally applying alternative 
current (A.C.) tests, the function generator 
was used as an alternating current circuit to 
investigate the relation between frequency 
(Hz) and frictional behaviour. 

Figure 4. Schematic representation of recipro- 
cating friction tester. 

3v 

Figure 5 .  The electric circuit for externally 
applied electric field ( a variable current - 
constant voltage 1 

Figure 6. The electric circuit for degree of 
separation 

1.0 

.II 
6 B 0.5 

C 

3.0 

2.5 

B2.0 

t 1 . 5  
fi 
, 
S1.0 

!! 0.5 

0 

Resistanm between upper and loww pedmen hold4 jigs. n.- 
Figure 7. Example of expression in the 
degree of separation 
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4. EXPERIMENTAL PROCEDURE 

4.1 Influence of synovia constituents on 
tribological characteristics 

Tribological characteristics under constant 
speed and load conditions were investigated 
on a Roller-on-flat tester shown in Fig.3, 
using all lubricants and counterfaces shown 
in Table 1 and Table 2, respectively. Friction 
tests were undertaken over wide range of 
load and speed condition to observe the 
tribological behaviour in different lubrication 
modes. Running time or sliding distance was 
decided by the criterion in which frictional 
equilibrium had achieved or where sufficient 
wear to  be evaluated had been obtained. 

The theoretical values for central and 
minimum film thickness were also estimated 
in those tests. The main formulae for soft- 
layered solids at  elliptical contacts proposed 
by Dowson, et al.[ 111 are shown below. 

H,, = 3.66110 L W-o"8( 1 -0.61 e-o"2t) 

H,, = 3.5411 L W (1 - 0.64e-0.15k) 

54 0. 31 

0.56 0.36 -0.20 

where 
U,L and W are dimensionless parameter 
groups; speed,layer and load, respectively. 
k : ellipticity ratio 

Since the rubbing conditions in this study 
were different from the physiological 
conditions in natural synovial joints, the 
viscosity of lubricants didn't seem to be 
estimated as  twice that of water (see 
Dowson. et al. [ll-121). The approximate 
exponential functions (correlation coefficient > 
0.88) were defined applying the data 
presented in Fig.2 and the assumed value of 
0.002 Pa - s at high shear rates, being lo6 - 
lo7 s-l. The convergence method was 
undertaken by means of these functions. 

4.2 Influence of electric field on adsorption of 
synovia constituents and frictional behaviour 

The state of adsorption of synovia 
constituents and frictional behaviour were 

examined in a reciprocating friction test for 
sliding pair of a conductive SR cylindrical 
surface and a stainless steel plate, using 
water solution of HA with y -globulin. 

To start with, an electric field of 3V was 
applied by means of either a constant 
voltage circuit shown in Fig.5 or an 
alternative current circuit to rubbing surfaces 
for 30 minutes after 30 minutes' runningin 
to allow frictional equilibrium to be achieved. 
Next, the lubricant clung excessively on the 
lower specimen (stainless steel) was removed 
by the flowing distilled water, Lastly, the 
treated lower flat specimen was observed by 
AFM ("lipping Mode in distilled water). 

4.3 The lubrication mode where an electric 
field can affect the frictional characteristics 

The lubrication mode in which an electric 
field could affect the frictional behaviour was 
investigated on a roller-on-flat friction tester 
shown in Fig.3. Sliding pair was a spherical 
stainless steel / conductive SR plate. 
Lubricants were water solution of HA with or 
without y -globulin. Fluid film formation was 
also evaluated by means of the circuit 
presented in Fig.6. The way of applying 
electric field was a s  the same as  in 
paragraph 4.2. 

5. RESULTS 

5.1 Influence of synovia constituents on 
tribological characteristics 

Results of roller-on-flat friction tests and 
theoretical results are shown in Figs.8,9 and 
10, respectively 

The value of friction coefficient (Fig.8) is 
adopted at  30 minutes testing time achieved 
frictional equilibrium. The value of viscosity 
included in abscissa value is adopted fkom 
the result of the convergence calculation 
presented in paragraph 4.1. 

The friction coefficient gradually declines 
along the abscissa value, falls right down to 
the lowest point a t  about 5.2X lo5 m 1  and 
then slightly increases. Those frictional 
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characteristics suggest that the lubricating 
conditions in these tests range from the 
mixed lubrication to the elastohydrodynamic 
lubrication regime. Theoretical results (Fig.9) 
represent the increase of film thickness up to 
about 3 ,U m in proportion to abscissa value, 
and the viscous effect can be expected owing 
to decrease of shear rate a t  milder 
condition (>lo4 m-l). 

0.1 I . . . . . . . .  I . . . . . . . .  : .  

0 Water solution of HA 
+0.3W/, 7-globulin 

8: 

5 0.08 - 

- c : 0  

.- 
. o  - 

0 
'c 
0.06 - 

.$ 0.04 1 

0 0.02 - 5 

Figure 8. Influence of synovia constituents on 
frictional behaviour (spherical surface : 
stainless steel, flat surface : conductive SR, 
in a roller-on-flat tester.) 
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Figure 9. Theoretical results of film thickness 
and shear rate (in a roller-on-flat-tester) 

Marked increase of friction coefficient in the 
presence of y -globulin was measured in the 
severer mixed lubrication mode where local 
contact could be considerable. 

For a spherical stainless steel sliding on a 
flat stainless steel (Fig.101, on the other 
hand, the stability of frictional behaviour 
was observed in the presence of protein. 
Furthermore, the wear rate using saline 
solution of protein was about half as much 
as that using saline only. 

6 r  

&- =Camp--,- -, 
0 500 1000 1500 2000 2500 3000 3500 

Sliding distance, m 

Figure 10. Effect of protein on tribological 
characteristics (stainless steel against 
stainless steel in a roller-on-flat tester) 

5.2 Influence of electric field on adsorption of 
synovia constituents and frictional behaviour 

Changes in maximum values for coefficient 
of friction during reciprocation are plotted 
against running time in reciprocating tests in 
Fig.11. Figure 12 shows AFM images of 
lower stainless steel surfaces after tests. 

In applying a direct current (D.C.) tests, 
the frictional characteristics were improved 
in an electric field where the stainless steel 
plate was the anode, but with application of 
an electric field in which the stainless steel 
plate was the cathode, the frictional 
characteristics were deteriorated except for 
the high current value ( Rp = 03 ; 5-7 mA) . 

In applying an alternative current (A.C.) 
tests, improvement of frictional hehaviour 
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Figure 11. Influence of externally applied voltage on frictional behaviour (upper cylindrical 
surface : conductive SR, lower flat surface : stainless steel, in a reciprocating test) 

was observed by means of the low frequency 
(f=lOHz) A.C. in comparison with the high 
frequency (f=lEiOHz) A.C. 

The states of stainless steel surface after 
these tests (Fig.12) suggest that the 
adsorbing behaviour on sliding materials is 
related to the line of electric force and a 
current value. It is noted that the decline of 
adsorbates on the rubbing area is caused 
with application of A.C. electric field or the 
electric field in which the stainless steel 
plate is the cathode and a high current 
value. The gentle adsorbed film is formed 

with application of the electric field where 
stainless steel is the anode. 

5.3 The lubrication mode where an electric 
field can affect the frictional characteristics 

Figure 13 shows results of a roller-on-flat 
friction tests in the presence of water 
solution of HA 

The adsorbed film appears to be promoted 
with applying the D.C. electric field accordmg 
to the increase of the degree of separation in 
the severer mixed lubrication regime 
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(A) Lapped surface 
(Before testing) 

(B) Contact area 

Rp = 00 (SWrOFF) 

(C) Contact area 
Applied voltage : 
3V AC, f=l OH2 ) [ Rp=510R 

(D) Contact area 
Applied voltage : -3V 

(b) Non-contact area 

Rp = 00 R (SWzOFF) 

Recipeocating tests --. 

Upper specimen : Conductive SR 
Lower specimen : Stainless steel 
Lu bri ncant : 0 . 5 ~ t ~ / ~ H A  

+ 0.3wt%y -globurin 
Load : 19.6 N 
Stroke : 20 mm 
Period : 4 s 
GND : Upper specimen 

X : 500nm/div 2 : 100 nm/div 

(E) Contact area (F) Contact area (f) Non-contact area 

Applied voltage : 
Rp = 00 R (SW:OFF) Rp = 00 (SW:OFF) 3V AC, f=l50HZ 

Figure 12. The observation by atomic force microscopy (AFM) for lower specimens (stainless 
steel) after reciprocating friction tests 
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Figure 13. Influence of externally applied voltage on frictional behaviour (upper spherical surface 
: stainless steel, lower flat surface : conductive SR, in a roller-on-flat tester) 
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(Fig.13 A). The friction coefficient is 
decreased in the case of D.C. electric filed, 
independent of the polarity of surfaces, 
within the mixed lubrication regime. 
Furthermore, it is noticed that the improved 
lubricating ability continues after the applied 
electric field in which the lower specimen is 
the cathod. The effects of D.C. electric field 
on friction diminish a s  the fluid film 
thickness increases (Fig. 13 B-El. 

Remarked decrease in friction associated 
with applying A.C.electric field is observed in 
the transitional regime from the mixed 
lubrication t o  the elastohydrodynamic 
lubrication (Fig. 13 A - El. 

Figure 14 shows results in the presence of 
water solution of HA with y -globulin. The 
adsorbed film formation seemed t o  be 
promoted under applying the D.C. electric 
field , independent of the polarity of surfaces, 
according to the increase in the degree of 
separation in the mixed lubrication regime 
(Fig.14 A and B). The frictional behaviour, 
however, is remarkably deteriorated with 
application of electric field where the lower 
specimen is the anode in the severer mixed 
lubrication regime (Fig.14 A). 

Under applying A.C.electric field, marked 
decrease in friction is observed within the 
mixed lubrication regime (Fig.14 A and B). 
The range of lubrication regime which an 
electric field could affect was limited in 
comparison with water solution of HA alone. 

6. DISCUSSION 

Frictional characteristics due to  the 
existence of the protein molecules in the 
lubricant were varied depending on the 
combination of sliding surfaces (Figs.8 and 
10). Since protein is the amphiphilic molecule 
and y -globulin is water-insoluble, the 
molecule of y -globulin may adsorb strongly 
onto the surface of hydrophobic materials 
such as  a conductive silicon rubber and a 
stainless steel. These phenomena may offer , 
in the boundary or the mixed lubrication 
mode, a high adhesion leading to an increase 
in friction for softer materials (Fig.8), but act 

as the sacrificial film to keep the stability of 
frictional characteristics and the low wear 
rate for harder materials (Fig.lO). Walker, et 
al. [131 also reported that the adsorption of 
y -globulin onto Vitallium counterface played 
the important role in friction and wear. 

Since HA forms the random-coil structure 
which acquires high negative charges due to 
its dissociation, HA may adsorb onto the 
surface which is charged positively. The 
adsorbed film formation which is promoted 
by applying D.C.electric field may improve 
the frictional characteristics within the 
boundary and the mixed lubrication modes 
(Fig.13) and if the rubbing severity for the 
surface which is charged positively is milder 
than the other one, there is the possibility of 
a continuous low friction. 

As shown in Fig.13, the effects of applying 
a low frequency A.C. on frictional behaviour 
was observed in the wide range of lubrication 
modes. These results lead to one idea that 
the applying A.C.electric field plays roles in 
not only the promoting the adsorption of HA 
onto rubbing surfaces due to the electric force 
but also the producing the weak-bond 
between the adsorbed HA film and the 
sliding material due to  a continuous 
changing the polarity of surfaces. 

The observation by AFM for the sliding 
surfaces after tests (Fig.12) gives the precise 
information of the adsorption behaviour of 
HA and 7-globulin. As mentioned above, 
since HAmust be easy to adsorb onto the 
surface charged as  positive potential, the 
major ingredient of the adsorbed film 
observed in Fig.12 (F) and (0 seems to be 
HA. Since spherical adsorbates were 
observed on the surface which led to a high 
friction (Fig.12 (D)), the major ingredient of 
those adsorbates is  thought to  be y -  
globulin. Those results suggest that  y - 
globulin behaves a s  a positively charged 
particle and the same may be said, no 
doubt, of the observation shown in Fig.l2(b). 

Judging from the above, the frictional 
characteristics shown in Fig.11 can be 
explained; Under applying D.C.electric field 
where the lower specimen whose rubbing 



393 

Figure 14. Influence of externally applied voltage on fkictional behaviour (upper spherical surface 
: stainless Steel, lower flat surface : conductive SR, in a roller-on-flat tester) 
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condition is milder than upper specimen in 
reciprocating tests is  the anode, the 
desorption of y -globulin and the adsorption 
of HA onto lower specimen's surface seemed 
t o  be promoted, so tha t  frictional 
characteristics might be improved. On the 
other hand, under applying D.C.electric field 
where the lower specimen is the cathode, the 
adsorption of y -globulin and the desorption 
of HA onto lower specimen's surface seemed 
to be promoted, so that frictional behaviour 
might be deteriorated. There is an exception 
to the rule; The current value also cannot be 
ignored. The hydrogen gas, more o r  less, 
must be generated from the surface which is 
charged as  negative potential. The sufficient 
hydrogen gas might bring about producing 
the weak-bond between the adsorbed protein 
film and the sliding material, which caused 
the abrupt decrease in friction. 

The mechanism of the improved frictional 
characteristics with applying low frequency 
A.C.electric field using HA solution with y - 
globulin seems to be as the same as that of 
HA solution lubrication. The reason why 
frictional characteristics were deteriorated 
under a high frequency A.C.electric field 
might be that the rapid changing in the 
polarity of surfaces prevented HA and y - 
globulin from adsorbing onto sliding 
materials. 

7. CONCLUSIONS 

An experimental investigation has 
demonstrated the effects of an electric field 
on the lubricating ability of synovia 
constituents. Important features are 
summarized below: 

1. y -Globulin in lubricants adsorbed onto 
the hydrophobic sliding surfaces and 
changed tribological Characteristics in the 
boundary and the mixed lubrication. 

2. The application of an electric field between 
rubbing surfaces resulted in the changes 
of adsorption / desorption of synovia 
constituents and frictional characteristics. 

3. The lubrication modes which an electric 
field could be effective were mainly in 
the mixed lubrication regime. 
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A MODEL TO EXPLAIN EHL IN A NON-FLOODED 
OR STARVED ROLLING ELEMENT BEARING 

J.W. Kannel 

Battelle, 505 King Avenue, Columbus, Ohio 43201-2693 

ABSTRACT 

Are elastohydrodynamic lubrication (EHL) theories as applied to real machine elements too complicated? Is it 
possible that the EHL film is simply equal to the residual layer of lubricant in the ball (or roller) tracks in a bearing that 
occurs after a few rotations of a prelubricated bearing? The paper introduces this hypothesis. If the initial lubricant 
layer in a bearing exceeds the EHL film thickness, the steady-state theoretical film thickness is about 0.728 times the 
flooded EHL film. However, if the initial layer of lubricant in a bearing is much less than the flooded EHL film, the 
film thickness simply equals the initial layer thickness. The EHL film will prevail as long as there is lubricant in the 
bearing. 

In traction tests we have found that under high-speed conditions, it is not easy to flood the interface. As a result the 
film thickness (as implied from traction measurements) is about 0.728 times the expected film thickness. 

If the hypothesis put forth in the paper is valid, the EHL film thickness can be calculated by very indirect methods. 
Efforts have been made to compute the film thickness based on surface pressure measurements made in an 85 mm bore 
bearing with some (limited) success. 

1. INTRODUCTION 

Elastohydrodynamic lubrication (EHL) is the 
lubrication associated with heavily loaded rolling 
contact elements such as ball or roller bearing, gears, 
and many others (c.f. Dowson, 1959). The primary 
questions asked in EHL are: how does the lubricant 
impact life, and how does it impact traction. One key 
parameter with regards to both questions is the EHL 
film thickness. Life is affected by the degree of 
separation of the surface asperities. Traction is 
affected by the shear rate associated with slip divided 
by film thickness. Numerous traction measurements 
have been made including work at Battelle using twin 
disk machines. Disks are loaded together under 
lubricated rolling contact. Slippage is introduced 
between the disks and the resultant tractive force 
measured. 

In recent tests, Gleeson (1995) made a very 
interesting observation. Under high-speed conditions, 
the traction seemed to be higher at high speeds than at 
low speeds, which was counter to experience. This 
suggests the EHL film thickness is decreasing with 
increasing speed. The traction curves were normally 
very “clean” and reproducible. Occasionally, however, 

the traction curves seemed to be erratic and jump from 
one level to another and back. After much 
consternation, carehlly controlled tests were conducted 
to determine the role on the lubricant supply system. 
When the lubricant jet was properly directed and 
driven by adequate pressure, the traction was low, 
implying a thick film. When the jet was improperly 
directed, the traction was high, implying a thin film. 
Both films were steady. The work presented here was 
conducted to help analyze and understand the traction 
data. 

The effect of lubricant starvation has been analyzed 
by several researchers over the past three decades. 
Wolveridge et al. (1971) did early theoretical work on 
the subject and varied the position of the inlet 
boundary. Chiu (1974) developed a starvation 
parameter based on oil-air surface tension. Hamrock 
and Dowson (1977) analyzed lubrication of point 
contacts using full EHL solutions and varied starvation 
by moving the inlet boundary. Goksem and 
Hargreaves (1978) extended the starvation analyses to 
include traction. In a recent paper by Olaru and 
Gafitanu (1993), a starvation criterion for a ball 
bearing was developed based on consideration of 
lubricant retention due the lateral oil meniscus. 
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In addition to the excellent work done analytically, 
several researchers have evaluated the role of 
starvation experimentally. Wedeven et al. (197 1) 
measured film thickness under various conditions of 
starvation by an optical technique. Again the inlet film 
layer was a critical parameter. Hargreaves and 
Higginson (1976) determined the effect of the quantity 
of oil on the starvation and on roller bearing torque. 
Pemberton and Cameron (1979) studied roller bearing 
lubrication using an optical window in a bearing. They 
observed that the inlet boundary length was itself 
controlled by the film thickness in the unloaded zone. 
Very recent work has been conducted by Kingsbury et 
al. (1990) and also by Schritz et al. (1994) on the 
subject of parched EHL. 

Bearings can be marginally or well lubricated, with 
or without a flood lubrication system. Many bearings 
operate for years with a single charge of lubricant 
without replenishment. Even under conditions of 
marginal lubrication, bearings operate without new 
lubricant added. The questions that initiate the analysis 
given herein were as follows. Why in our recent 
traction studies could we get two distinct plateaus of 
film thickness? How can a bearing provide long life 
when each roller must be lubricated by the lubricant 
left behind the previous roller, over and over again for 
thousands or perhaps millions of cycles? Several 
lubrication theories have of course addressed this, but 
is there something we have overlooked? 

The purpose of this paper is to present a reforming 
inlet EHL theory. In this theory, the thickness of the 
layer of lubricant in the bearing increases near the inlet 
of the conjunction region between ball and race. This 
thick layer allows for the formation of a good EHL film 
that can endure for millions of cycles. Solutions to 
equations using the Grubin (1949) approach with the 
Bell (1962) inlet approximation can be used to estimate 
the magnitude of this EHL film. 

2. FLUID FLOW IN THE INLET REGION 

It is helpful to divide the conjunction region between 
two elastic contacts into three regions (See Figure 1). 

w The contact (slug flow) region 
w The inlet region where the EHL film is formed 
I The pre-inlet region where a lubricant layer 

builds up. 

\ ' INLET ZONE 1 

PRE-INLET ZONE 

Figure 1. The inlet and pre-inlet region. 

2.1. The Contact Region 

equation 
In this region the flow of lubricant is given by the 

Q = u,h, . 

2.2. The Inlet Region 

assumed to apply. Reynolds equation can be written 
In this region, the standard Reynolds equation is 

When both surfaces are moving with identical 
velocities, the equilibrium equation appears. 

Combining Eqs. (2) and (3) yields 

or 

At the center of the film (q = %) 

(3) 

(4) 

Note: all of the flow will be positive if u(center) = 0 so 



that 

ho - 1 
h 3  

and 

(7) 

(8) 

If lubricant layer were to grow in the pre-inlet region 
such that 

U 4(q2 - q) = - - 1 . 
Uo 

h = 3ho (9) 

then all of the lubricant would flow through the contact 
region and continuously reform the film. 

2.3. Pre-inlet Region 

inlet region is given by 
Assume that the equilibrium equation for the pre- 

This equation, although convenient, is definitely an 
approximation because the shape of the pre-inlet 
boundary is variable and not necessarily parallel to the 
moving surface. 

As the pre-inlet approaches the inlet region, a 
dynamic pressure builds as the lubricant on the surface 
of the layer slows down. Using the standard equation 
for dynamic pressure 

(11) 

Combining Eqs. (10) and (1 1) and assuming flow is 
isoviscous and incompressible there results in the 
expression 

1 
2 

p = -pu2 . 

1 au2 a 5  
- p - = p z  ’ 
2 ax aY 

In dimensionless form this equation becomes 

(13) 

Equation (12) can be solved backward from the inlet 
region by using a “marching technique” starting from 
the edge of the inlet region and going outward. The 
equations to be solved are: 

a i ~ ~  - 2 a% - --- 
a(fio) Ah2 a2 . 

and at the inlet-pre-inlet boundary, 
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(14) 

a = 1-4 ($ -q )  . (15) 

Also, 
1R 

(16) 

A solution to the equations for (A = 1) are presented 
graphically in Figure 2. 

3. SOLUTION FOR FILM THICKNESS 

The film thickness equation attributed to Grubin 
could be written: 

0.1 

Figure 2. he-inlet film shape. 

This equation is based on the assumption that there is 
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an infinite quantity of lubricant available in the inlet 
region. It is helpful to rederive this theory based on a 
limited inlet layer. The solution involves solving 
Reynolds equation (Eq. 2) with the inlet shape 
equation. 

The inlet shape equation used in the Grubin analysis 
is the dry contact shape for concentrated contacts. This 
shape equation can be written: 

h = h,(l + r )  (18) 

The Reynolds equation could be written: 

an approximation for the 

Combining E’s. (l7),  (18). (20), and (21) yields: 
- h1 .- I 1 

If a bearing were initially filled with a complete 
charge of lubricant, then the Grubin equation would 
give the initial film thickness. However, if no lubricant 
were added, the Grubin film thickness would become 
the available layer of lubricant. In the pre-inlet region, 
this layer could increase by a factor of three before 
entering the inlet region. The predicted film thickness 
would be somewhat less than the initial film thickness, 
but eventually the film thickness would not degrade 
any further and it would reach a steady-state film 
thickness. 

The inlet layer could be expressed as 

hi = 3ho +fill , (23) 

where the fill is any makeup lubricant that is added to 
the bearing. Then 

and 

In the computations, it is straightforward to assume a 
value of h,/hoand compute ho/h,. Using these two 
parameters, the value of fill/h, can be determined. 

Figure 3 presents the ratio of “starved film 
thickness” versus the lubricant fill added after the 
initial charge. It is easy to conclude that an adequately 
lubricated bearing will operate in one of‘ two modes. 
The steady-state film thickness is 0.728 times that 
which would occur if the inlet zone were flooded. For 
non-flooded conditions, the film thickness is just the 
layer of lubricant in the bearing. 

Traction curves from Gleeson’s tests are given in 
Figures 4 and 5. Note the traction tends to vary 
between two very sharp limits. This is most likely due 
to variation in lubricant supply. Either the inlet is 
starved or flooded. There is no in between region. 

If the bearing only has a small lubricant layer 
initially, then this layer will become the film thickness. 
If this initial layer is increased, i t  will eventually start 
to flood the inlet and the film thickness will be as given 
by standard theory. This is illustrated by the graph of 
Figure 6. 

3.1. Film Thickness from Pressure Measurements 
If  a bearing is initially flooded with lubricant but 

allowed to operate with no further make-up lubricant, 
the inlet region should begin at a point where the gap 
is three times the film thickness. Using the so-called 
Grubin (Hertzian) inlet equation, it should be possible 
to determine the film thickness by knowing the length 
of the inlet zone. 

Using Eq. (1 8) and setting h/ho = 3 results i n  

r = 2  

Using the Hertzian equations, this equation can be 
written as 

ho - = -!-[<--In(< + m)] . (26) ( :2) 4 
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Figure 3. Effect of adding lubricant on EHL film. 
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Figure 4. Effect of inadequate lubricant supply rate 
on traction (Gleeson data). 
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Figure 5. Traction tests with adequate lubricant supply 
rate. 
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Figure 6. Effect of residual lubricant layer on EHL 
film (lubricant layer is the layer on one surface plus 
the layer on the other surface). 
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Pol yphenyl 
Ether 

Figure 7 shows film thickness as a function of the inlet 
zone shape. 

Pressure measurements were made at Battelle 
(Kannel et al., 1968) by using a thin film nianganin 
transducer. This technique has been described in the 
literature. Figure 8 shows a sketch of the transducer on 
an 85 niin bore bearing. The general specifications for 
the bearing are 

ID 85 mm 
OD 150 mm 

H Bearing width 28 mm 
Ball diameter 13/16 inch 

m Contact angle 25 degrees 
H Roll curvature 52 percent 

Typical pressure traces are given in Figures 9 and 10 
for tests with two lubricants: a mineral oil and a 
polyphenyl ether. The viscosities for the lubricants are 
as  follows. 

Number of balls 15 

306cs 1 1 . 5 ~ ~  1.185 

I Mineral Oil I 50.8 cs I 6.8 cs I 0.859 I 

The film thickness as computed using the Grubin 
theory (at 30 C) is as follows. 

h, = 2.0 microns (HRMO) 
h, = 13.5 microns (5P4E) 

Using the length of the inlet zone approximation, the 
film thicknesses would be 

hx, = 0.95 microns (HRMO) 
(28) h,> = 4.4 microns (5P4E) 

I t  appears that the operating film thickness in a 
bearing is somewhat less than would be expected for 
flooded lubrication. However, bearing temperature 
could be considerably higher than assumed, which of 
course would impact the film thickness computation by 
Grubin's theory. 

(27) 

4. CONCLUSIONS 

A bearing can run indefinitely on a single charge of 
lubricant provided there is nothing drawing the 

1 1 .I 2 2 5  3 

DISTANCE FROM ZERO PRESSURE POINT (Xlb) 

Figure 7. Film thickness theory based on inlet shape. 

Figure 8. Schematic drawing showing surface- 
pressure transducer in  an 85-millimeter split inner 
ring bearing. 

r mlyphcnyl ether 

Figure 9. Film pressure measurement in 85-mm 
bearing scope speed 25 microsecondddivision. Max. 
Pressure ( I  .4 GPa). Note: Scale factor on traces 
were different. 
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- Highly refined mineral oil 
--- Polyphenyl ether 

Time - 
Figure 10. Comparison of ball-race pressure pattern 
in 85-mm bearing with lubricant type. Shaft speed - 
2,500 rpm; contact load - 205,000 psi maximum 
Hertz pressure. 

lubricant out, such as evaporation. If the bearing is 
initially flooded, the steady-state film thickness will be 
about 0.728 times the film computed using standard 
theory. If the bearing is not flooded with lubricant, the 
film thickness is basically equivalent to the layer of 
lubricant pre-deposited on the balls plus the races. 
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6. NOMENCLATURE 

b nip half width 
E Young’s modules -1 

1 - 1 1-u; 1-u; El - - - -+- 

E’ 2 1  El b 1 
hi lubricant layer in bearing (surface 1 plus 

surface 2) 
h gap between rollers 
hn minimum gap 

b 

ii 
P 
p* 
Q 

c1 
P n  
P 

film thickness computed by Grubin’s 
equation (17) 

pressure 
maximum Hertz pressure 
flow of lubricant 
radii of rollers 

velocity 
surface velocity of rollers 
velocity in center of contact 
u h  I 
coordinate variable 
coordinate variable 
load per unit width 
Poisson’s ratio 
pressure velocity coefficient 
Yh 
x/b 

- f in  

pulh, 

m0 

F” 
viscosity 
base viscosity 
mass density 
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Track Depletion and Replenishment in a Grease Lubricated Point 
Contact: A Quantitative Analysis 
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At present there are no quantitative models available for the prediction of grease film thickness in rolling element 
bearings. The problem is a difficult one as it involves both rolling bearing parameters (geometry and kinematics) 
and grease properties. It is the role of the grease that is considered in this paper. 

Grease behaviour in rolling contacts is very complex. At low shear stress grease behaves as a plastic solid and 
once pushed aside by the passage of a rolling element it will not spontaneously flow back to replenish the track. 
Thus, unless there is an  external mechanism supplying bulk lubricant to the inlet, such contacts operate under 
severely starved conditions. Grease film thickness is determined by the flow balance existing between the loss 
from the track and local resupply mechanisms. It is difficult, however, to  quantify these effects as we know little 
of the mechanisms involved. One approach to this problem is through a starved fluid fdm model, as this might 
be regarded as the simplest form of starved grease lubrication. 

Fluid film starvation has been studied both experimentally, and theoretically where the loss mechanisms have 
been identified. In the modelling work, oil loss from a circular EHD contact was quantified, and a very simple 
relation between oil film reduction and number of overrollings obtained. In the current paper this analysis is 
extended to grease lubricated point contacts. The aim is to quantify lubricant reflow and to identify the important 
replenishment mechanisms involved. 

A series of experiments was conducted where film thickness change with repeated overrolling was measured for 
different grease and operating parameters. After many overrollings the film thickness approaches the steady-state 
condition where film depletion and replenishment are balanced. By varying the test conditions it is thus possible 
to quantify loss and supply and to identify the important model parameters. 

This analysis is performed using a simple loss and replenishment model, an extension from earlier starvation 
work. Using this model the film thickness decay as a function of the number of overrollings n is obtained. From 
this analysis the required oil replenishment rate to obtain a steady state film thickness is also derived. 

1. Introduction 

Lubricating performance is rarely considered 
when choosing a grease for rolling element bear- 
ings and, yet, this is the  most important param- 
eter in determining the  life of the bearing. The  
main reason for this is tha t ,  compared to  fluid film 
lubrication, we have little detailed knowledge of 
the mechanisms of grease lubrication and the way 
in which they control the film thickness. Thus, is 
i t  neither possible to predict lubrication perfor- 
mance from bulk grease properties nor t o  design 
pertinent screening tests to measure the relevant 
parameters 

Several different lubrication mechanisms have 

been suggested and these can be classified accord- 
ing to the  efficiency of the  contact supply mech- 
anism as full flow (inlet maintained) [l-31 or re- 
stricted (starved) [4, 51. The  full flow models can 
be used to predict film thickness from empirical 
rheological properties and reasonable agreement 
is found. However the  main assumption of the 
continued flow of bulk grease into the  inlet is not 
realistic and i t  is difficult to apply such a model 
to film prediction in real bearings. Thus  the  full 
flow model will provide an 'upper limit '  for the 
lubricating film thickness. This will occur when 
bulk grease replenishment has been initiated by 
the operation of the bearing, for instance due to 
cage movement, ball spin or vibration. It is un- 
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likely that t,his will provide a continual flow of 
grease and that starvation, and thus film decay, 
will inevitably occur during most of the bearing 
operating cycle. Observation of grease behaviour 
[6-81 in a simple rolling contact has shown that, 
under most conditions, the film decays rapidly as 
the grease is pushed aside and the track is pro- 
gressively depleted. Thus it is the supply mecha- 
nisms which occur under bulk starved conditions 
that will determine the lubrication performance 
of a grease. 

The conventional view of grease lubrication in 
rolling element bearings is that the grease pro- 
vides a controlled flow of base oil into the track 
thus maintaining a separating film [4]. This idea 
was first suggested over 40 years ago, however it 
has remained a vague concept, almost hearsay, as 
there is little supporting experimental evidence 
barely any advance in the development of this 
model was made in the intervening years. The 
second restricted flow model was suggested by 
Scarlett [5] in his review of grease lubrication in 
bearings. He maintained that there was no bulk 
movement of either grease, or base oil, to replen- 
ish the track and that the rolling surfaces were 
separated by a film of grease deposited in the first 
few minutes of operation before the bulk grease 
has cleared. This film is composed of heavily 
worked grease, although it retains a high viscos- 
ity, and is thus held in the track. Neither model 
can be used to predict film thickness for a spe- 
cific grease or bearing operation parameters. This 
paper is one of the first attempts to provide a 
scientific basis for these physical models and to 
develop a framework for future analysis. 

'The problem of fluid film starvation has been 
studied both experimentally and theoretically in 
recent years and significant advances have been 
made. It is of interest here as starved fluid film lu- 
brication is, perhaps, the simplest form of starved 
grease lubrication. Experimental studies [9-121 
have shown that the degree of starvation depends 
on the amount of oil available, rolling speed and 
oil viscosity. In the starved regime film decay oc- 
curs progressively as oil is lost from the contact 
due to the passage of the ball. Numerical models 
[11, 121 have been developed to predict the film 
decay with the number of overrollings and good 

agreement has been found. 
In the current study the fluid film starvation 

analysis [12] is extended to  grease lubricated con- 
tacts. The predictions of the model are compared 
to experimental measurements of grease film de- 
cay and stabilisation. Such a comparison can 
provide an insight into the important model pa- 
rameters and the mechanisms of film decay. The 
aim is to develop a physical and numerical model 
capable of describing, and predicting, grease be- 
haviour under heavily starved conditions. 

2. Nomenclature 

fully flooded central film thickness 
central film thickness under starved 
conditions 
inlet oil film thickness 
number of overrollings or 
disk revolutions 
relative inlet oil film thickness, 

mean replenishment rate for 
a given R value 
central film thickness reduction or 
relative film thickness, 72 = h,,/h,jj 
compressibility factor at  the 
maximum Hertzian pressure 
mean flux per revolution 
replenishing the contact track 
reduction parameter for the central 
film thickness, R = r /  d m  

1" = h o i l / h c j f / p ( p h )  

3. Experimental Procedure 

Central film thickness was measured for a series 
of simple greases in a rolling point contact device. 
The contact is formed by a steel ball loaded and 
rolling against a glass disc. The ball is mounted 
on a shaft that is connected to an electric motor 
by a flexible mounting. The disc is driven by the 
ball in nominal pure rolling. Thin film optical 
interferometry was used to  measure film thickness 
in the centre of the contact. This technique is 
described in detail in earlier publications [13]. 

The aim of this study was to quantify grease 
film loss, and replenishment, in a contact where 
there is no bulk supply to  the inlet. It was nec- 
essary therefore to develop a test method where 
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the amount of grease available was carefully con- 
trolled. The experimental procedure was as fol- 
lows: a small amount of grease (0.5ml) is applied 
as a single charge over one revolution of the disc. 
The ball shaft is rotated by hand and a syringe 
is used to inject the grease directly into the in- 
let region. In this way an even amount of grease 
is applied around the track. The ball motor was 
then started at  a preset speed and film thickness 
measured, at  constant speed, as a function of disc 
revolution. Typically the tests ran for 1000 - 2000 
revolutions with rolling speeds in the range 0.01 
- 0.1 m/s. In a parallel series of experiments the 
decay function for the base oils, under starved 
conditions, was also measured. Oil was progres- 
sively removed from the ball and disc, until the 
contact starved and film thickness decay was then 
measured in a similar manner. 

For the purposes of the starvation analysis it 
was necessary to measure grease film thickness 
under fully flooded conditions. A separate series 
of tests was thus run where a small reservoir was 
pushed up against the underside of the disk. This 
collected the displaced grease and channeled it 
back into the track, thus ensuring fully flooded 
conditions. Film thickness was measured as a 
function of increasing rolling speed for the range 
0.01 to 0.5 m/s. A maximum Hertz pressure of 
0.48 GPa and bulk temperature of 25OC were used 
in all the tests. 

4. Model Greases 

A matrix of four test greases was used in this 
work. The greases were specially made by a single 
manufacturer and they consisted of a paraffinic 
base oil with lithium hydroxystearate thickener. 
The greases contained no additives. Two base oil 
viscosities and two thickener concentrations were 
used. These are listed in Table 1. 

A set of simple greases was chosen in order to 
limit the number of variables. The single origin 
of the greases guarantees that the thickener com- 
position and manufacturing processes are similar. 
The absence of additives ensures that it is the ef- 
fect of the physical properties of the grease on 
replenishment that is studied. The matrix of two 
viscosities and two thickener concentrations per- 

mits a systematic study of these properties. 

I Grease I Base oil vis- I Soap concentration I 
cosity [Pa s] % w/w 

A 0.1 8 
B 0.1 I ; I ::: 1 11 

8 
11 

cosity [Pa s] % w/w 

0.4 
D 0.4 11 

Table 1 
Model grease properties. 

5. Results 

5.1. Fully Flooded 
A representative fully flooded curve is plotted in 
Figure 1 for grease A. Generally, film thickness 
increased with rolling speed in a similar manner 
to classical fluid film results. Film thickness en- 
hancement, relative to  the base oil, was measured 
and this could be related to thickener concentra- 
tion. Figure 1 also shows a starved speed result 
for grease A. In this test 0.5 ml of grease was 
applied to the track and the speed increased in 
the normal way. The channeling device was not 
used. Initially the starved curve follows the fully 
flooded curve. At 0.05 m/s the starved curve 
starts to deviate from the fully flooded one, and 
drops rapidly to an initial level of 30-40 nm. How- 
ever, this level is time dependent and a further 
drop to a much lower level of 6 nm occurs within 
a few minutes at  constant speed. I t  is this pro- 
gressive starvation and subsequent stabilisation 
of the film that is studied in this paper. 

5.2. Base Oil Decay 
The model used in this work is based upon a 
starved fluid film analysis. It was therefore nec- 
essary to  measure the base oil decay curves. The 
analysis quantifies starvation relative to the fully 
flooded film. Therefore, in all the figures that fol- 
low, the relative film thickness R is plotted, this 
is the starved film thickness divided by the fully 
flooded value. 

In Figures 2 and 3 the relative film thickness is 
plotted for the two base oils. In both cases the 
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Figure 1 Film thickness as a function of speed, 
fully flooded and starved: Grease A .  

relative film thickness decays over the first 100 
disk revolutions, before stabilising at a level de- 
termined by the local replenishment action. For a 
given oil, and a given set of operating conditions 
(in this case speed) the replenishment action de- 
pends solely on the initial amount of oil available 
on the track. In these tests it was not possible to 
control carefully the amount of oil, however, it is 
the gradient in the decay region that is of primary 
interest in this analysis and the final steady state 
value does not influence this gradient. 

In the same Figures the theoretical decay curve 
is represented by a dotted line. The 0.1 Pa s base 
oil gives a y = 3.5, whereas the 0.4 Pa s base 
oil gives y = 3.1. These values are computed 
according to the method described in [12] (see 
also the appendix). As was found in that paper, 
the agreement between experimental results and 
theoretical predictions is very good. 

5.3. Grease Decay 
The grease decay curves, represented in the Fig- 
ures 4-7, all have the same overall behaviour. The 
shape of the decay curves is far more complex 
than for the base oils. The base oils decay imme- 
diately before leveling off whereas three distinct 
regions can be observed for the greases. 
Region I: a relatively constant film thickness ex- 
ists during the first few overrollings. 
Region 11: a rapid decay, similar to the one ob- 
served with the base oils. 

0.01 
1 10 100 1000 10000 

disk revolutions 

Figure 2 Relative film thickness as a function of 
the number of overrollings for 0.1 m/s base oil of 
0.1 Pa s, compared with the y = 3.5 curve. 

lo  w 
0.011 ' ' . . . . . . I  . ' ' l . l . . l  ' '......I ' " ' -  

1 10 100 1000 1 
disk revolutions 

w)O 

Figure 3 Relative film thickness as a function of 
the number of overrollings for 0.1 m/s base oil of 
0.4 Pa s, compared with the y = 3.1 curve. 
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Region 111: an evolution towards a constant value. 
For certain cases, zone 111 was not stable and 

a second rapid decrease was observed leading to 
very thin films. 

In Figure 4 grease A at 0.05 m/s shows no 
0 .- reduction of the film thickness a t  all, region I 

merges with region I11 without any starvation ef- 
fects at  all. From Figure 1, one can conclude that 
for this speed, the starved results and the fully 

f 
E - ._ - 
.- B - - 
e, 

flooded ones are very close. At higher speeds 
region I extends to approximately 50 disk revo- 
lutions. From there on a steep decay seems to 
occur, followed by stabilisation and subsequent 
increase in the film thickness. This increase is 
particularly marked for the 0.075 m/s curve. 

Grease B in Figure 5 gives a very similar set of 
curves, except that even at  0.01 m/s a reduction 
of the film thickness to 30% occurs. At higher 
speeds (0.05, 0.1 m/s) the film thickness stabilises 
at much lower values. 

~i~~~~ 5 Relative film thickness as a function of 
number of overrollings for 3 speeds; Grease €3. 

Grease C in Figure 6 behaves in a similar 
fashion to the two previous greases, whereas the 
grease D response, in Figure 7, is unstable in zone 

1 
z 5 
E - ._ - 
.- B 
I - 

111 at 0.1 m/s. 
e, 

Figure 6 Relative film thickness as a function of 
number of overrollings for 3 speeds; Grease C. 

UI 

3 

f 
Y 
._ 

- E 
;= 

Figure 4 Relative film thickness as a function of - 
number of overrollings for 3 speeds; Grease A .  e, 

6. Analysis and Discussion 
Figure 7 Relative film thickness as a function of 
number of overrollings for 3 speeds; Grease D. In this section, the three different zones described 

briefly in the previous section are analysed in de- 



410 

6.1.  Z O l l C ?  I 
Iluring t he iiiit,ial overrolling of f r d i  grease at, 
t,lic’ start, of tlic test. a thick ‘high viscosity’ layer 
is cleposit,e(l i n  t.hc t,riitrk. The bulk grease is 
t,lien puslied away from the track and the inlet 
is st,arved. ‘l‘liis cai i  l i e  seen in  Figiirr 8, which is 
iiii itriagt. of grease A t>aken at the start of thc t,est. 
‘I’hc film i n  t.lie c-ont,a.c:t, has a c-la.ssical EHD shape 
;~lt~liough t,licrc is no  bulk oil present. in the  inlet. 
‘ l ’ h ~  EHD f i l n i  t.hickness tlistributioii is thercforc 
gciicrat,cd f ro in  t#hc deposited layer of‘ grease. At, 
t.he I)rginning of t8hr t,rst. t, l i is tleposit~c~l grease lias 
r i o t ,  been sigtiificantly shear degraded and  thus re- 
t,aiiis inost, of it,s original propert8ic.s. I n  the low 
pressure region, t,hc shcar st,rength of t,he grease 
prevmt,s lat,mtl flow from the track. In the high 
pressurc rcgion, t,lie increased base oil viscosity 
p r w ~ ~ n t , s  lat,eral flow. Only in  a limited intermedi- 
iIt,e region, ( ’ i l l ]  tlir Iiibricarit escape I’ror11 the con- 
[,act, h c k ,  thus cxplaining why the fi lm t,hickness 
hardly t l r (~ re i ts t~s .  The breakdown of  t.hc grea.se 
i i i  t,liis laycr during subsequent overrollings leads 
t,o zone II, wlirnever fresh grease is 110 longer fed 
into thc coiitact. The degree of brcakdown de- 
pcnds on the grease shear st,abilit,y a n d  t,Iie st1ea.r 

st,rrss lcvcl iii t,lie contact (speed). 
’l’lie tliirxt,ion of‘ t,his zone will l~w very tleperi- 

c l t w t  on t,hc amount, of fresh grease being fed ititlo 
t,lie c . o n t ~ i t c . t , .  This (‘an tx c:aiiseti by c~ontinuously 
resupplying tlir grease’, but, also Iiy ininor geo- 
tiiet rical iriis;ilignincnt.s and vibrations. ‘I’he soap 
t,hicketier propert,ies will also infliit.rrre t,his zone. 

6.2.  ZOIlC? I1 
‘I‘he breakdown of t,he t,hickener st,ructiire in re- 
gioii 1 releases 1x1s~ o i l  wtiic-li is t , l w i i  c~s\wllrcl fro111 
tlie cont.nct. ‘I‘hercforc it is considcred tha t  it is 
t , l i i s  loss wliicdi doiriiiiiit~rs t.lie f i l i i i  t lway.  Coiise- 
cliicnt,ly t.lie clccay curve should he siiiiilar t,o h a t ,  
oIit,ained for t t i e  base oil aloiie. TIllls, t.lie decay i n  
Vigurrs 4 a i i c l  5, ant1 in Figures 6 and 7 ,  sliould 
he si iii i liir : w I t  i c l i  is fi.pproxi niat,e l y t,rrie. From 
t . h c ,  1pigiirc.s 4 - 7 i t  S W I I ~ S  as i f  t,liis s lope is r r i i i d i  

higher for t.lie grease lubricated contacts. How- 
ever i t ,  shoultl l ) ~  rr~nieniheretl t,ha.t t Iio logxrit,li- 
niic graph is inisleatling in  t,liis respcc-t. I n  Figure 

Figure 8 1iiterfwvrc.e p i c ?  urt, of g r m w  A after 
only few revolutions 

9 the results for grease B at, 0.1 ui/s Iiavc I m > n  
rcplottcd with region 1 removed. 1 1 1  t.liis Figure, 
t,he theoretical base oil decay ( l i gu rc  2 )  is plot- 
ted as well. The slopcs are similar, hiit, t. l ie filiii 
thickness value is t,oo low. ‘Tliis can 1x2 partially 
explained by the fact that, t,hc film t,liic-liiiess is 
divided I)y t,he fully flootlrtl gr(’iis6’ f i l i i i  tliiclincss, 
whereas the base oil fully fiootlccl filrii t,liic.kiirss 
is 20 ‘%, lower. 

0 1 mls o 

l o  i 

1 10 100 1000 10000 
dlsk revolutions 

Figure 9 Relaf.ivc. lilrn b h i c ~ k n ~ ~ s  as i l  f i i r ~ . f . i o i i  of 
the number of overrollings for 0.1 m/S; (ircasc 11, 
zone 1 removed. 
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6.3. Zone I11 
In zone I11 the film thickness stabilises and, in 
some cases, an increase is observed. This is 
thought to be due to two effects; an increasing 
availability of free base oil from the worked grease 
reservoir close to the track and a decrease in the 
amount of oil being expelled from the contact 
due to the reduction in absolute film thickness. 
Thus a flow balance is achieved and, hence, film 
thickness stabilisation. For real applications this 
steady-state film thickness value will determine 
successful operation or failure. 

It is possible to translate the stabilised R val- 
ues in terms of the mean replenishment rate d r  
(see the appendix for full explanation). d r  is de- 
fined as the mean oil film thickness increase over 
the Hertzian track, during one overrolling. These 
results are given in Table 2.  

0.05 0.1 1. 10-5 1. 101 
0.1 0.03 2.  1 0 - ~  1. loo 

0.05 0.2 5. 10-4 2. 103 
0.1 0.09 2. 10-5 2. 102 
0.01 0.3 2.  10-3 4. 102 
0.05 0.1 3. 10-5 1. 102 

0.01 0.4 8. 2. lo3  

Grease I u IR I d r  I @ 
A I 0.05 I 1.0 I 

I 0.075 I 0.5 I 1. lo-' I 3. lo4 I 
I 0.1 I 0.2 I 2. 1 0 - ~  I 9. 102 

B I 0.01 I 0.35 I 2.  I 2.  lo2 

I 0.1 I - 
'able 2 

Approximate mean replenishment values d r  cor- 
responding to the stabilised R values from Fig- 
ures 4 - 7, speed u in [mls], @ in [,um3/s]. 

Note that the d r  values from Table 2 can not be 
directly compared since they include h, f f  values 
which are different due to the different viscosities 
and speeds (time). Therefore, the mean flux into 
the track @ was defined as the flow into the track 
per revolution. @ is given by: 

= d r  h , f f  2b 2 n R / ( 2 n R / u )  

= 2b u d r  h , f f  

with the track radius R = 40 mm, and the 
Hertzian half width b = 0.167 mm. One needs 
to keep in mind that is a mean quantity, and 
that both the exact oil profile (as a function of Y )  
and the flux as a function of time might be very 
different, which may result in a different film be- 
haviour. The figures given in this Table indicate 
that only a minute quantity of base oil needs to  
reflow into the track to  build up a stationary film. 

The reflow rates given by this analysis appear 
astonishingly small, however, it must be remem- 
bered that the tests were carried out at  room tem- 
perature. In more recent work grease starvation 
has been measured at higher temperatures and 
the results show that the reflow rate @ for grease 
B increases over 100 fold from 25 to 60 OC. 

7. Conclusion 

This paper has sought to establish the ground 
rules for the quantitative analysis of base oil re- 
flow from grease in the starved regime. Film 
thickness decay has been measured in a rolling 
point contact for a range of greases and the re- 
sults compared to predictions from a numerical 
model. The analysis is derived from a simple fluid 
film starvation model; although the experimental 
results have shown the grease behaviour to be far 
more complex. 

The grease film decay behaviour displays three 
distinct regions which encompass both the high 
viscosity layer and base oil bleeding mechanisms 
suggested by earlier workers [l, 21. The predomi- 
nance of the either mechanism depends upon op- 
erating conditions and grease properties. 

The durability of the high viscosity layer in re- 
gion I, is very dependent on the initial addition 
and will be investigated properly in the future. I t  
is not, therefore, discussed here. 

Behaviour in region I1 can be described in 
terms of the base oil decay, which has been ex- 
tensively described elsewhere. 

Using a simple equilibrium equation, the re- 
plenishment flow in zone I11 has been approxi- 
mated. 
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The agreement between experimental and nu- 
merical results, taking into account the simplifi- 
cations assumed in the model and experimental 
errors, is good. One problem with the analysis is 
that the composite film thickness for the grease is 
used. Earlier studies have shown that such films 
contain a solid component and, superimposed on 
this, a hydrodynamically derived oil film. In fu- 
ture studies it will be necessary to measure both 
components at  the end of the test to  give a more 
accurate estimation of the the residual oil film 
and, hence, reflow. However, the current results 
can be regarded as an  upper limit. 

This study has been confined to  low tempera- 
tures and is, thus, not representative of bearing 
operation where bulk temperatures of 40 - 8OoC 
are usual. Initial results suggest that base oil re- 
flow increases rapidly at the higher temperatures. 
Future work will thus seek to extend the test con- 
ditions (higher temperatures and rolling speeds) 
and refine the model. 

It is hoped that such an approach will, eventu- 
ally, allow the prediction of real reflow, and film 
stabilisation levels in grease lubricated bearings 
and trhe development of more pertinent screening 
tests. 

8. References 

[l] Kauzlarich, J . J . ,  and Greenwood, J.A., 
“Elastohydrodynamic Lubrication with Herschel- 
Bulkley Model Greases”, ASLE Trans., 15, pp 

[2] Zhu, W.S., and Neng, Y.T., “A Theoretical 
and Experimental Study of EHL Lubricated With 
Grease.”, J .  Tribol. ASME Trans., 110, pp 38-43, 
(1988). 
[3] Cheng, J . ,  “Elastohydrodynamic Grease Lu- 
brication Theory and Numerical Solution in Line 
Contact.”, STLE Trib. Trans., 37, pp 711-718, 
(1994). 
[4] Baker, A.E., “Grease Bleeding - A Factor in 
Ball Bearing Performance.”, NLGI Spokesman, 

[5] Scarlett , N .A., “Use of Grease in Rolling Bear- 
ings.”, Proc. IMecE. 3A, 182, pp 585-593, (1967). 
[6] Astrom, H, Ostenson, J .O.,  and Hoglund, 

269-277, (1972). 

22, pp 271-279, (1958). 

E., “Lubricating Grease Replenishment in an 
Elastohydrodynamic Point Contact”, ASME 

[7] Cann, P.M.E., and Spikes, H.A., “Film Thick- 
ness Measurement of Greases under Normally 
Starved Conditions”, NLGI Spokesman, Vol. 56, 
pp. 21-26, (1992). 
[8] Cann, P.M.E. “Understanding Grease Lubri- 
cation”, presented at  the 22nd Leeds-Lyon Sym- 
posium on Tribology (1995). 
[9] G. Guantang, P.M. Cann and H. Spikes 
“A Study of Parched Lubrication”, Wear 153, 
pp. 91-105, (1991). 
[lo] Chiu, Y.P., “An Analysis and Prediction 
of Lubricant Film Starvation in Rolling Contact 
Systems”, ASLE Trans, 17, 1, pp. 22-35, (1974). 
[ll] Chevalier, F. ,  Lubrecht, A.A., Cann, P.M.E., 
Colin, F., and Dalmaz, G. ,  “Starvation Phenom- 
ena in EHL Point Contacts, Influence of Inlet 
Flow Distribution”, Proc. 22nd Leeds-Lyon Sym- 
posium on Tribology, Lyon (1995). 
[la] Chevalier, F., Lubrecht, A.A., Cann, P.M.E., 
Colin, F., and Dalmaz, G. ,  “Film Thickness in 
Starved EHL Point Contacts”, paper accept,ed for 
publication in the ASME JOT. 
[13] Johnston, G.J., Wayte, R., and Spikes, H.A. ,  
“The Measurement and Study of very Thin Lubri- 
cant Films in Concentrated Contacts”, Tribology 
Transactions, 2, 34, pp. 187-194, (1991). 

JOT, Vol. 115, pp. 501-506, (1993). 

9. Appendix 

It was shown in reference [ll] that a starved oil 
lubricated contact could be described by: 

r 

ti77 R =  

with R = h,/h,fj and r = h , i l / h , j f / p ( p h ) .  
For the cases treated, the values of y are respec- 
tively 3.5 and 3.1 for the base oil viscosities of 0.1 
and 0.4 Pa.s at the speed of 0.1 m/s.  

If the mean outlet film thickness across the 
Hertzian width is approximated by the h, p ( p h )  

value, the film decay can be evaluated, in case of 
zero replenishment, by: 

1 n - - l l Y  
d m  R ( n )  = 
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The theoretical base oil decay is represented in 
Figures 2 and 3. 

To extend this analysis, we can now consider 
the mean replenishment rate over the Hertzian 
width, depending on the initial quantities avail- 
able on the track and on the rheological properties 
of the lubricant. The equilibrium between in-flow 
and out-flow is reached when the sum of the mean 
outlet film thickness and the mean replenishment 
is equal to the mean inlet value. Thus, if dr is the 
mean replenishment rate, this equilibrium reads 
(see Figure 10): 

1 

0.1 

R 

0.01 

0.001 

r = R + d r  

dr 

If the film thickness is stabilized at a given value 
R,  the mean replenishment can be evaluated by: 

R 
iym, - dr = 

Figure 11 represents the evolution of dr as a func- 
tion of the stabilised R values for y = 3.1 and 
y = 3.5. 

3 
loo  lo1 l o 2  lo3 lo4 lo5  lo6  lo7  lo8 lo9 

n 

Figure 10 Relative film thickness decay for dif- 
ferent values of replenishment rate dr into the 
track. 

Figure 11 Mean replenishment rate dr as a func- 
tion of the stabilised central film thickness reduc- 
tion R for 7 = 3.1 and y = 3.5 

0.01 0.1 1 
R 

So if one supposes that the film thickness is only 
composed of base oil, which is not completely 
true, the mean replenishment quantities can be 
evaluated from the stabilised film thickness in 
Figures 4-7. 
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Oil film thickness and shape in Lundberg's profile roller contacts 
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In order to study the effects of amount of crowning on tlie elastohydrodynaniic of lubrication (EHL) 
of rollers with Luiidberg's profile, optical interferonietry is applied to tneasiire tlie oil filni thickness 
between a profiled taper roller and n glass plate under piire rolling conditions. It was found from tlie 
experiments that there exists an optiiiiuni value of crowning of Lundberg's profile in the given working 
condition by which tlic iiiasiiiiiini cvcnncss in asial direction of the oil film thickness and the pressure 
distribution can be obtained. The optimum crowning value obtained in EHL state is larger than the 
design value obtained i n  dry contact state for tlie sanie working conditions. 

1. INTRODUCTION 

Roller bearings arc used to support heavy 
loads, frequently at high rotational spccds. Wlicn 
a roller of finitc Icngth contacts with a raceway 
of greater width and if the gcncratris of tlie 
contact pair is absolutely straight (\vIiich is tlic 
basic idea behind roller bearings), coniprcssivc 
stress peaks, known as cdge effects. will arise at 
tlie ends of the contact surfaces, since the 
material in the raceway is under tension at the 
roller ends because of depression of tlie raceway 
outside of the roller cnds. Thc cdgc strcsses will 
considerably shorten tlic bcaring fatigue lifc. 
And this effect will bc evcn niorc pronounced in 
a niisalignment state. To avoid this, rollcrs arc 
usually slightly niodificd toward thc cnds. 

According to elastostatic analysis, 
Lundberg[ 11 had found the logaritlunic 
generatris to be the best profile for finite line 
contacts, which yields a substantially optimized 
strcss distribution under most conditions of 
loading, and gave out tlie logarithmic profile 
function: 

*' (1.1932+111--) Lwe y = + -  Lwe '' 20 2 
= 

EE'L,,,, 

Where 
'I E'= L 

( I  - v : )  / El  + (1 - v : )  / E, 
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4 QD,, 
a = Jn E'L,,, 

i n  which Q is total load on rollcr, L,,,, is the 
effective contact length of rollcr, D,,,,: is tlie 
nominal diameter of roller, E, and E, arc 

theYoung's modulus of materials, and the V 

and V are Poission's ratiocs of niatcrials. 

But this profilc was not iiscd in roller 
bearings at that tinic. probably due to lack of 
efficient manufacturing nicthods for producing 
this profile. After niany years of investigation 
and with tlic assistancc of mathcniatical tools 
such as finitc diffcrcnce and finitc clcment 
methods supported by modern computcrs[2], 
rigoroiis niimerical methods have becn 
developed for calculating tlie distribution and 
magnitude of surface strcsscs in any "line" 
contact situation. mid consequently provcd that 
Lundber$s profile is tlic optiniuni linc contact 
geometry for all kinds of modified linc contacts. 
So it is being \videly iiscd in comnicrcial roller 
bearings no\v[3] along with tlic dcvclopmcnt of 
mnnufactiiring technology. While the cro\vning 
value roller is ideally dcsigncd for only onc 
condition of loading. 

However. it is \\dl known flint the rollers and 
races are separatctl by a viscous oil film during 
rolling, \vhich rcsults in the EHL state and the 
pressure distribution of oil film is diffcrcnt from 
that in elastostatic contact state. I t  is bccausc the 
optimum cro\vning vnluc of Litndbcrg's profile 
given by clastostatic analysis does not consider 
the cffccts of lubricant and rolling speed on the 

contact stress. Obviously, the oil film thickness 
is also not estimate by this method. 

Tlicre are niany researchers studying EHL 
problems during tlic past fivc dccadcs. But most 
of the researchcs are restricted to the case of 
infinite line contacts or elliptical contacts, only a 
few works have been done for finite line contacts. 
The first investigation of EHL performance for 
both blended and unblended roller was made by 
Goliar and Cameron[4] wlio nieasured oil film 
thickness using optical intcrferometry in sliding 
contact. which gave scvcral important pictures 
of the effect of rollcr blending. A great 
improvement i n  fringe quality was obtained by 
Wyiicr and Camcron[S] wlio adopted some new 
good techniques describcd by Foord el 01. [6] 
and developed a very flesible loading system 
which enabled tlie optical interferometry usable 
to study EHL of finite line contacts under pure 
rolling and high contact pressure conditions. 
The) showed clcarly that thc oil film shapes and 
thicknesscs of blcndcd and unblendcd rollers 
\\'ere quitc diffcrciit. cspccially ncar tlie edge 
region of the rollcr. The other publications on 
this topic were mostly under high speed and 
lightly loadcd conditions[7- 101. 

A numcrical analysis of tlie EHL problem of 
axially profilcd cylindrical roller under flooded, 
inoderate load and material parameter conditions 
was done by Mostofi and Goharl I 1 1 ,  Park and 
I<iml 121. The!, showed that thc tiiiniiiii~ni film 
thickness was cffected by different radii of dub 
off and cro\vn profiles. as well as pointed out 
that the ninximum pressure and tlie minimum 
film thickness are highly depcndent on the local 
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geometry there. A prcliniinary work of the EHL 
nunierical solution of finite roller contacts with 
Lundberg's profile was carricd out by J.-J. Ma, 
X.-Y. Chen and S.-B. Liiil 131. Tlicy sliowcd tlic 
effccts of speed and c r o \ \ h g  amount 011 the 
variations of pressure distribution, f i l i i i  shape 
and thickness. 

In this paper, the cffccts of crowning amount 
of Lundberg's profilc rollcr on EHL is stiidied 
by optical intcrfcromctry. For rollers of two 
different crowning valucs. thc oil film 
thicknesses and shapcs near the cdgc rcgion arc 
compared, 

2. APPARATUS 

The niain object of the design of the 
apparatus was to siiniilatc a taper roller bearing 
in  \vhich the oil film shape and thickness 
bctwecn a taper roller and the transparent glass 
disk could be measured by optical interferometry 
incthod. 

A sectional view of the apparatus is shown in 
Fig. I ,  and Fig. 2 is a photograph from above. 
The rolling element is a tapered steel roller of 
7.96 nim mean diameter, 1 1  mm long, and 8" 40' 

total cone angle, and is hcld by a fixed brass 
cage with a 52.67 mni nican radius of gyration. 
Thc single tapered roller nins between an upper 
flat glass disk and a lower steel race which is 
tilted at the total conical roller angle. The steel 

Figiirc I .  Scctional view of the finite line coiitact apparatus 
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race is supported by a hcavy series ball tlintst lnimediately above the roller, on the upper 
bearing and is driven via a toothed belt from a surface of the flat glass disk, is a flexible 
motor and a stcplcss speed rcgulation. With thc hydrostatic thrust bcaring loadin!: system acting 
roller stationap, thc glass disk rotates i n  tlic through an adaptive pncuniatic spring, two 
opposite direction to the race. Tlic \\,hole s!,stcni. elastic pipes and a rolling scal diaphragm, as 
i n  fact, is a thrust bearing \\$it11 a single tapered sIio\vn i n  Fig. 3. Tlic glass disk is loaded locally 
roller . against thc roller by tlie very flexible loading 

system to iiiinitnize the variation of the film 
thickness of hydrostatic bearing due to small 
oscillations of the glass disk caused by driving 
systctii and give niore stationary fringe patterns. 

Coiiiprcssivc 1-1. p. oil iii 
air iii 

I’lcsslllc gaugc 

1 Rolling diaplimiii t 

Figure 2 Vie\\. of tlic apparatus from abovc 

Tlic glass disk I S  sitppottcd b!, a self aligning 
bearing which is siispcndccl from a central shaft. 
The center shaft can be f iccly niovcd vci-tically 
in a guide by a fine: acljusting screw. This allo\\,s 
the glass disk to align itself \vitli thc rollcr. It is 
necessaty for tlie glass disk to Iiavc a good self 
alignment properties in order to enstire a 
uniform load tlisrribution along tlic Ictigth of tlic 

contact. Tlic \vcight of the glass, self aligning 
bearing .central sluft and other attachments is 
balanccd by an ad.jiistablc coinpression spring. 

Figiirc 3. Fesible loading system 

The hydrostatic bearing has two built-in 
glass \vindo\vs \\diicli allow light ray to pass. All 

glass/air intcrfaccs arc coated with anti- 
reflection layers specially designed for tlic 
hclium-neon laser to cut down possiblc spurious 
patterns as far as. Because the glass and oil have 
the same refractive indes[6], a microscope and 
interferometry system is capable of viewing the 
interference patterns at the contact. 

. .  
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A standard microscopc \\.itti an 100 nini 
working distance with an I .6 x objcctivc and 25 

eyepiece is mouiitcd above tlic loading systcni. 
Between tlicm is a scmi-rcflccting mirror. A 
helium-neon lascr soitrce is iiscd as side 

illuminator. Tlie rotational specd of tlic glass 
disk is measured by digital tachomctcr. Tlic oil 
pressure of hydrostatic bcaring and the air 
pressure of pncun-iatic spring arc nicasurcd b!, 
three pressure gauges. And the tcnipcratiirc is 
obtaincd bj- a thcriiiomctcr. 

3. TEST CONDITIONS 

Tlie uppcr flat glass disk is made of cro\vn 
glass and optically polished to 1.2 x 10-5 nini 
integral mean deviation of profile (Ra). Its 
surfaces arc parallel to within 2.0 x mni. 

And a 200 semi-reflecting InJ,cr of chroniium 
is vncii~ini deposited onto tlic lower surfacc, to 
allow the fortiiation of intcrfcrcncc fringcs. This 
is in accordancc with tlic iisual practice whcn 
etiiplo~~ing optical intcrfcrcncc tcchniqucs to 
nieasurc thc oil film of EHL. 

The tapered rollcrs uscd arc mndc of 
clironiiuin stccl I5 from bcaring roller 
nianufacti~rcrs' facton, \vliicli arc made with 
refined lapping nianufactiiring method. and tlicir 
siirfacc rouglincss arc about 8 . 0  X lo-' nini Ra. It  
is not cas~r to obtain n roller of a Iiighcr surface 
finish becaiisc of the difficulty in foriiiiiig the 

rcqu i red p rofi Ic. 

Only two rollers of diffcrcnt cro\niing 
amounts are tested i n  this work. Tlicir profiles 
are measured by Form TaIysurf 120. Thc rcsiilts 
are shown i n  Fig. 4. And Fig. 5 sho\vs tlicir 

prcssurc distribution in elastostatic contact state, 
which is calculatcd using the method of 
rcfcrcncc [ 141. I t  is clear from Fig. 5 ,  the 
prcssurc distribution of the roller with the 
sniallcr crowning is a more even than that with 
the larger crowing. 

' 2 1  A 2 c1 111 prolilc 
P I  

5 10 i - I 11 ni profile 

E '  
G.. 1 Mcasurc point of 

I 

8 '  ldciil Lundbcrg's prolilc 

8 9 10 11 
Distance along asial direction niin 

Figiirc 4. Measiircd profilcs of tested rollers 

L=507, C=l 
L=312, C=l 

- 44 - -n - 
L: Load (N) =. 

I I . 1 . 1- 2 .  _i 1 C: Crowning valuc ( c1 m )  

7 8 9 10 11 

Distancc along roller nini 

Figure 5 .  prcssure distribution of elastostatic 
contact state 

Tlicre are 0.4 * 0.2 mm roiind chamfers at 
both ends of tlie roller. so the effective contact 
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length of the tapcrcd rollcr on glass disk must be 
shorter than 10 inn1 and the load on thc rollcr 
needed to produce 0.5 GPa contact prcssurc is 
about 507 N.  This load is produced by the 
flesible hydrostatic thntst bcnring loading 
system under conditions that tlic reqiiircd oil 
pressurc is about I .3  MPa and thc coniprcsscd 
air pressure is about 0.27 MPa. 

Altlioiigli the two tapcr rollers arc selected 
carefully froni a niultitudc of rollcrs which tlic 
authors hnvc obtaincd, it is still found that the 

position of contact zone is oscillating in asial 
dircction during rotation and very scvcrcly so at 
high speeds. \vhich is caused bccausc of the 
ases of thc round chamfer arid large end 
spherical face of tlic tapcrcd rollcr arc minutel!, 
misaligned with that of the rollcr. Thcrcforc the 
experiments could not be carricd on to higher 
speeds. This difficulty should bc overcoiiic in  a 
fiirtlier work. Lubricating oil is supplied onto the 
lower steel race and is rctaiticd by the oiitcr rib. 

And tlic tempcratitres is accurate to * I ‘c . As 

the contact is i n  pitrc rolling, tlic tcst conditions 
are considcred isotlicrnial. 

4. RESULTS AND DISCUSSION 

Fig. 6 sho\vs tlic photographs of intcrfcrcnce 
pictures at tlie cncl of line contact for diffcrcnt 
crowning valucs nit11 tlie other paranietcrs kcpt 
constant. The dircction of rolling sliced is from 
bottoni to top. Thc inlet, as far as can be scen, is 
fitlly flooded with oil. The significant fcaturc is 
that the side closttres are a little different. 

The way thc film shape varics with load and 
rolling spccd, for a constant cntiy film thickness 

(a) Crowiing value is 1 11 111 

(b) Crowning valuc is 2 CI 111 

Figure 6.  Interfcrcnce photographs of different 
crowning values at end of roller. For each the 
load is 507 N and the speed is 112 ninds. 

Figit re 7. lntcrfcrcncc photograph of sniall 

crowning valuc rollcr at the end. The load is 3 12 
N and the spccd is 95 ninds. Crowning value is 
I i t  Ill. 
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and the large crowning value of the two, is atmospheric pressure. It is clear from Fig. 8, the 
shown i n  Fig. 7 .  Tlic significant feature is that side closure of the roller with the smaller 
both the contact zonc and the side closure crowning is a little severer than that with the 
become different to Fig. 6a, with the lattcr largcr cro\vning, and thc position of minimum 
difference more pronounced than that bctwcen film thickness in axial direction from the end of 
the fringe patterns of Fig. 6a and Fig. 6b. thc roller is a little longcr in the latter case as 

The film profiles across side closLlrc alolig compared to the former case. That means, it is 
axial direction are plotted in ~ i ~ .  8, B~~~~~~~ of niorc advantageous for the oil film to forni with 
tlie difficlllty of estimating (Iic IJrcssurc the large crowning value of the two. And for the 
distribLltion and tllercforc rcfractivc snnie crowning amount, the oil film profile in the 
cliangc in the tliickcr f i l m  cnscs, profiles lightlicr loaded condition is more even than that 
of Fig. 8 are plotted tising the refractive indcs at i n  thc ll1OrC llcavib' one. 

0.5 E = 0.4 1. . 
cE! 0.2 0.3 i "- 
5 i .- 0. I 
LL i n  

0.0 1- 2 

L=507 N. C= 2 p i .  11=1 12 mnds 

c= 111 111. u=112 mnds 
L=3 12 N, C=l ~1 111, l d 5  111111/S 

0.4 0.3 0.2 0.1 0 
Dislancc froni rollcr cnd nini 

Figure 8 .  Film profilcs across side closurc along axial direction 

Tlicsc two conipnrisons indicatc there milst high rolling speed, moderate load and material 
be an optiniiim cro\vning valuc which will parameters conditions. The esperiments reported 
induce the thickest and most even oil film i n  liavc shown how tlic oil film thickness and shape 
EHL state for a givcn \\forking condition. and is affcctcd by crowning value of rollers with 
this valuc is largcr than the design vnluc i n  dry Lundbcrg's profilc. Which indicatc thcre milst bc 
contact state for thc samc \\!orking conditions. an optimum crowning valuc which will induce 

5. CONCLUSIONS 
the thickest and most evcn oil film in EHL state 
for a givcn working condition, and this value is 
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ABSTRACT 

A simple quasi-static model of roller motion in cylindrical roller bearings has been used to investigate the 

amount of roller slip during one bearing revolution. Also, surface shear stresses and total bearing friction has 

been studied for different settings of the input parameters to see whether there exist conditions under which 

lubricant non-Newtonian characteristics become important. The investigation utilises the concept of factorial 

design, commonly used in experimental design, to find important parameters and cancel out those which have 

less influence on the factors under study. The method allows the investigator to calculate the relative effect of 
each the different pmmeters, taking into consideration the settings of the other parameters. The result 

indicates that the limiting shear stress as well as the limiting shear stress-pressure coefficient is of little 

importance also at low temperatures. However, roller slip is present to a large extent at low temperature 

starting, especially if the contact area between roller ends and outer ring flanges is large. The outer ring friction 

torque will be higher if lubricant viscosity and shaft speed are increased simultaneously. whereas the effects of 

other pmmeters under study are negligible. 

film thickness between rollers/balls and races. At 
1. INTRODUCTION low temperature, which in this case may be below 

Presently, when choosing grease for bearings +20°C, base oil bleeding ceases. In combination 

designated to operate in low-temperature with decreasing base oil replenishment due to 

conditions, the main thing considered is NLGI increased viscosity, there will be lubricant 
number and, sometimes, low-temperature torque as starvation and, occasionally, metal-to-metal contact. 
measured in i. e. ASTM D1478' (ball bearings) or WikstrUm and Jacobson3 have shown that this is 

ASTM D4693' (tapered roller bearings). However 

important for a rolling bearing. not only friction is 

of interest but also the rolling/sliding motion of the 
rolling elements as well as the prevailing lubricant 

significant at higher shaft speeds when the time for 
replenishment between passing rollers is short. 
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The importance of maintaining a lubricating film 

between race and rollers also at low temperature has 
been acknowledged by some users who have their 
own stanhds4 where criteria other than friction 

are taken into consideration, aiming to ensure that 

the grease manages to separate the surfaces also at 

low tempentures. The temperature where metal 

contact fxcquently occurs is called the Low 

Temperature Performance Limit (LTPL) for the 

,specific grease. However, this limit is merely valid 

for a specific combination of grease and bearing, 

and its use is still limited. 

Rolling element slip, or skidding, is an un-wanted 
state in a bearing, which may be described as gross 

sliding of a contact surface relative to the opposing 
surface. It differs from micro-slip, which is defined 

as slip within the roller/race contact ellipse and 

contrary to roller slip, micro-slip cannot be seen 

from the outside. Roller slip has  been treated 
experimentally by a number of authors using 

magnetic transducers. The referred investigations 

all concentrate on the temperature range +23"C and 

above, and predominantly on high speeds of 

rotation (Q > 500 rpm). In WikstrCim et roller 

slip is measured in an oil lubricated cylindrical 

roller bearing using image analysis. Here, the end 

surface of three evenly spaced rollers were painted 

black and white. enabling registration of 

rollinglsliding motion with a video camera. In the 

investigation , roller slip at R = 100 rpm and 

bearing OR temperature -20°C was measured. and a 
significant difference in roller slip between rollers 

5 .6 .7 ,8 

9 

differing in diameter (but still within the 

manufacturing tolerances) was noted. 

Roller slip, especially as the roller enters the loaded 

zone, may lead to so called smearing failures, 

predominantly in large bearings. The origins of 

smearing is still not fully understood, but roller slip 

does result in surface shear stresses of significant 

magnitude if occurring in the loaded region of the 

bearing. If a roller enters the loaded zone with no or 

low speed of rotation, the contact pressure and the 

shear stresses caused by the applied load and 

relative speed of the surfaces might be sufficiently 
high to create surface spalling and smearing 

damage. The subject has been treated extensively by 
Hamer et d.", who argue that one potential 

smearing mechanism could be shear heating with 

heat dissipation to the contact inlet, causing a drop 

in inlet oil viscosity and hence a decrease in the 

film thickness. They included shear heating in their 

analysis, but even though there was a decrease in  

hmjn. they found that to trigger the heat induced 

smearing. the roller had to be near to stationary 

relative to the cage prior to entering the loaded 

zone. Using a specially designed disc machine, they 

also made an experimental study, showing that no 

smearing occurred if or was greater than 20% of or 
at pure rolling (corresponding to, in their case, A = 

1.7). However, even though no visible smearing 

damages are present, roller slip may result in small 

pitting damages or residual stresses in the material 
which will shorten the bearing life. 
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Under certain circumstances, such as high contact 

pressure, high lubricant viscosity and high 
rotational speeds, it may be assumed that a non- 

Newtonian behaviour such as the limiting shear 
stress" might be of importance. This is also 

suggested by Hamer et al.", but it is not evident 

from their paper whether the limiting shear stress is 

ever used within the calculations. If the limiting 
shear stress is reached, the sliding friction will be 

limited and less than the "Newtonian" friction at 

that shear rate. In the literature, non-Newtonian 

effects are sometimes considered as insignificant , 

but no evidence has hitherto been presented to prove 

if this is a reasonable assumption for all operational 

conditions, for example conditions of low- 

temperature lubrication with different types of 

lubricants, different bearing clearances, radial loads 
and so on. 

12 

Theoretical investigations of roller and cage slip, 

for specific lubricants at high temperatures, have 
been made by i. e. Harris'3 and Chang et al.I4 * I 5 .  

Ostensen et al.I6 compared their experimental 

results with theory, using a similar model as in the 

present investigation, and the agreement between 

theory and experiments was seen to be excellent, but 

due to problems measuring the roller slip at low 

temperatures with accuracy, their comparison was 
made only at +20°C. Ostensen et al. only 

considered viscous effects and did not include 

different roller slip due to different running 

conditions or altered lubricant parameters, nor did 

they study the magnitude of the shear stresses. 

Considering temperatures of +20°C and above is 

16 

indeed important as the bearing reaches steady-state 

running conditions, but increasing knowledge about 

the mechanisms of low-temperature starting and the 

influence of cold starting on bearing life is of equal 
importance. Since both q and Q increa~e '~.  whereas 

y decreases for polyalphaolefines's , with decreasing 

temperature, the influence of lubricant parameters 

at low-temperature operation has to be looked into. 

Recently. simulating the rib-roller end contact and 

varying viscosity (still in the high temperature 

region), contact geometry and axial load, Prisacm 
et al. have found that piezoviscous-rigid 

lubrication conditions may develop in an axidly 

loaded cylindrical roller bearing. The magnitude of 

the shear stresses are not looked into in their paper, 

and i t  is therefore difficult to assess the risk of 

surface damage. 

19 

5 Bones , who made a theoretical and experimental 

investigation of roller motion using three different 

paraffinic mineral oils in a SKF C M 1 6  cylindrical 

roller bearing at +37"C, has shown that for low 

load, both roller and cage slip increases with 

increasing lubricant supply up to about 0.9 l/min. It 

may be noted that 0.9 l/min. is a relatively large 

supply when compared to what is necessary to 
obtain sufficient film thickness in a rolling bearing. 

Wikstrom and Jacobson3 showed that 0.5 rnl 

applied between the races may be enough to run a 

spherical roller bearing for up to 75 h, which 
indicates that oil supplies much lower than Boness' 

levels are of interest, at least when run-in grease 

lubricated bearings are considered. Boness did 
include lubricant viscosity in the analysis, however 

5 
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not in combination with other panmeters which 

makes it difficult to draw conclusions valid e. g. for 
1 the low-temperature torque test rig . 

In order to bring clarity to how lubricant panmeters 

in combination with different loads, speed and 

small alterations of bearing design affect roller slip 

and bearing torque, the present investigation has 

been made as a panmeter simulation of roller 

motion and bearing friction. The results are 

evaluated and presented using a method this far 

utilised by experimenters, enabling the study of 
relative effects of altogether 8 different panmeters. 

single or in combination with each other. The 

model bearing is a cylindric31 roller bearing (SKF 

NU 1024) with inner diameter 120 mm, outer 

diameter 180 mm and width w = 28 mm, Figure 1. 

There are 23 rollers in the bearing, the roller mean 
diameter is 14.98 mm and the effective roller length 

(minus crowning radii) is 13.5 mm, see Figure 1. 
The outer ring of the bearing is stationary, which 

means that Ro=O. 

2. THEORY 

To investigate roller slip, surface shear stresses and 

outer ring fnction torque, a computer program was 

written, based on a quasi-static model used by, e. g., 
Ostensen et and Prisacaru et id.*'. Quasi-static 

in this case implies that roller motion is treated in a 

"snapshot" way: for roller j in position 9,. angular 

velocity of the roller is changed until force 

equilibrium is reached. This is repeated in 138 
points for 0 c '9 < 2x, included the positions 

where rollers are situated, creating a 

"snapshot" view of Or and (7)i.o in the bearing. 

Also, friction torque will be of snapshot character, 
but this is irrelevant as steady-state conditions are 

assumed. Actually, due to the method applied in 

friction torque summation, there will be a slight 

change in friction toque when the rollers are 

between the chosen 'pi's (because of the different 

normal load at different angular positions), but the 
effect is insignificant when compared with the 

much larger contribution from viscous friction 

between roller ends and flanges and between cage 

and outer ring. 

I 2 l r  
( P j = J -  z 

The quasi-static model used in this paper has both 

positive and negative features, extensively reviewed 
by Gupta?". Among its advantages may be 

mentioned its simplicity and capability to obtain 

accurate estimates of roller motion in a bearing. The 

disadvantages consist mainly of the assumption that 

cage speed is constant and equal to the theoretical 
epicyclic value for stationary outer ring", Equation 

(I) ,  

77 

u 
oc = 

2 (1 + s )  

an assumption that will imply misleading results at 

shaft speeds above 1000 when cage slip 

becomes significant. Of course, for very lightly 

loaded bearings, cage slip may occur even though 
shaft speed is low. That the assumption of no cage 
slip is valid under conditions similar to those 
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investigated here has been verified experimentally 

by h e n s e n  et d.16 who could see that cage speed 
was epicyclic within +5%. Another disadvantage 

with the quasi-static model is that it does not allow 

treatment of time-varying loads or race speeds. 

In the present analysis, thermal effects are assumed 

to be negligible since the surface velocities involved 
are relatively low. As shown by C ~ n r y ~ ~ ,  shear 

rates have to be of the order 106 s-l before heating 

starts to significantly affect traction. Also, it must 
be remembered that the application considered is 

bearing start-up which means that the time 

considered is short. 

The model is based on force equilibrium of the 

roller, Figure 2a, taking into account tangential 
forces due to roller - race friction, Fi,o, viscous 
forces from the contact roller - cage pocket (both on 

roller ends and roller mantle), (Fp)1,2. Also, 
viscous forces arising from the contact between 
roller ends and outer race flanges, FF, are included. 

Roller inertia, which may be important in the 

transition between unloaded and loaded zone, is 
also included as are centrifugal forces Fc and 

gravity mg. However, none of these body forces 
showed to be significant in bearing geometries of 

the size considered here, see also Ostensen et a1.16. 

Figure 1: View of the roller and cage in bearing tangential direction. 
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Figure 2a: View of the roller and cage in bearing axial direction, forces and rotational speeds. 

\ \  i 
Figure 2b: View of the roller and cage in bearing axial direction, measures. 



Full-film lubrication is assumed everywhere in the 

bearing. 

In the equations, which are applied in all 138 points 

of calculation, Or is changed until roller 
equilibrium Tr = T, -T, =O  is achieved for 

the load/viscosity conditions in that point. The 

driving forces on the roller are FF (when Or < oC) 

and the tangential friction forces (F)j ,o.  The 
braking forces are Fp,  produced from the rotation of 
the roller in the cage pocket, and the forces arising 

from grease churning at roller ends. An 

approximation of the latter is given by Gupta , and 

has been used here, but according to Gupta, no truly 

accurate approximations exist. The moment of 

inertia is also included, and depending on whether 
the roller is accelerating (from unloaded zone to 

loaded zone) or decelerating (loaded to unloaded), it 

will act either braking or driving. 

21 

The tangential friction forces Fi,o at the roller-race 

contact are calculated differently in the loaded and 

unloaded zone. In the loaded zone, 
elastohydrodynamic conditions are assumed 

whereas in the unloaded zone, the Dowson and 
Higginson theory for isoviscous, rigid contacts 

has been used in the same way as was made by 

Boness . Hamer et al. and &tensen et al. . 

22 

5 10 16 

The forces counteracting roller rotation arising from 

the contact between roller and cage, Fp, are 

calculated according to Newtonian theory using 90, 
Equation (2), 

O r  
Fp =%-Ap 

c P  
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(2) 

cp has been measured in the mounted bearing, and 

the initial calculations were made with the roller 

centred in the cage pocket (cp  = 220 pm). 

2.1 Unloaded zone 

In the unloaded zone, Fj,o and also the film 

thickness (hc)i,o are calculated using the Dowson 
and Higginson hydrodynamic theory. Since the 

external load on the rollers in the "unloaded" zone 

consists of a combination of gravity and centrifugal 

force only, the rollers may be considered rigid and 

the theory for lightly loaded rigid cylinders has 

therefore been used, Equations (3) - (4). 

22 

(3) 

(hc)j and (hCjo are related to each other via the 
total radial clearance CT in the bearing. This was 
measured in the mounted loaded bearing. At each 

position 'pi, the normal load at the roller-inner race 
contact Was calculated using 
Z P ,  = P i  +Fc -mg = O  . In the case FC > 

mg, Po was calculated instead. (Pj),o is the left- 

hand-side in Equation (4) and with the initial 
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assumption of pure rolling, (hc)i may be calculated 

and then (hc)o using CT (or, in the case FC > mg, 

(hCju is calculated from Equation (4)). These initial 

approximations of (h,)i and (hcj0 are used to get 

the first approximation of Fi,o which is then used 

in the check for roller equilibrium. 

2.2 Loaded zone 

The extension of the loaded zone is given by 

geometry and may be found in e. g. Hamrock 17 

Inside this zone, (hc)i and (hcj0 were calculated 

through the Hamrock and Dowson" minimum film 

thickness formula for line contact, Equation (6). 

The reason for approximating the EHD film 

thickness with minimum instead of central film 

thickness was to simulate a run-in grease lubricated 

concentrated contact which is more likely to run 
with less lubricant available than the corresponding 

oil lubricated contact4. Also, since one mainurpose 

of the investigation was to check whether the 

limiting shear stress might be significant, a 
conservative analysis had to be conducted. If h c  

had been used instead of h mlIl it would have implied 

somewhat smaller shear stresses. 

The tangential friction force at the roller race 

contacts driving the roller are, Equation (7) 

(F-),,, = (Ac't)i,o = 2 b .  1.0 1 e T. 1.0 (7 1 

As long as the shear stresses at the inner and outer 

roller/race contacts are below the limiting shear 

stress at a specific angular location, they are 

calculated according to the Newtonian relationship, 

Equation (8), 

' t i  .o 
i.0 

where 

and T ~ R  is calculated using the average pressure in 

the contact (normal load dividcd by contact area). 

The error introduced using average pressure will 

not affect the average shear stress, which is what is 

calculated from Equations (8)-(9), in the EHD 

contact significantly. In the roller-outer race contact 

we have, for stationary outer ring, Equation (lo), 

If the shear stress at a specific angular location 
would exceed 't , then (T), = (7, )i .o . 

The limiting shear stress, which varies with cp, is 

calculated throughout the loaded zone using the 

Johnson and Te~aarwerk*~ relationship 
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In Equation (1 l), 2, is assumed to be negligible26 

compared to the term wav. The use of a limiting 

shear stress means that a small error may be 

inlroduced regarding the film thickness, where no 

shear stress limit is included. Jacobson and 
H a m r ~ k ~ ~  have shown, that for high sliding 

speeds and moderate normal loads, EHD film 

thickness will depend on the shear stresses at the 

contact inlet. However, the decrease in film 

thickness due to sliding is small (less than 10% of 

the Newtonian film thickness) irrespective of the 

value of y, which implies that the error also will be 

small. Thinner film would result in higher 

tangential shear stresses and might therefore reduce 

roller slip further in the loaded zone. 

In the present investigation, the magnitude of the 
actual shear stress as a roller passes through 

different positions in the loaded zone is compared to 
the limiting shear stress at that position. This makes 
it easier to find the critical zones in the bearing 
where the limiting shear stress will be reached if 

roller slip increases further, i. e. through the 

introduction of cage slip. 

The amount of roller slip is defined using the slide - 
to - roll ratio according to Hmrock , Equation 17 

(12). 

u, ui -u, A = - = 2 -  
us u i + u ,  

a definition implying A = 2 at pure sliding 
(0, = 0) and A = 0 at pure rolling when wrr = 

mi. 

2.3 Bearing Friction 

The total bearing outer ring friction torque under 

steady-state conditions is calculated as 

i .  e. the friction forces at each angular location 

where a roller is present at time t , are multiplied 

with their lever, or, explicitly, Equation (14) - (19, 

The friction torque arising from the contact roller 

end-outer race flange is assumed to be Newtonian, 
Equation (16) - (17), 

where 

and 0, = O,((P>. In using Equation (17), it has 

been assumed that the roller is axially centered in 

the cage pocket. 
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The sum, together with the torque acting on the 

outer ring from the cage-outer ring contact at that 

time, equals the total bearing torque, Equation 13. 

The torque arising from the contact cage - outer 

ring is 

T, =z,A, (R~ + r  + r p )  

where 

3. INPUT DATA AND THE FUNDAMENTALS 

OF FACTORIAL DESIGN 

The investigated output parameters, also denoted 
the responses, are maximum roller slip Amax (0 c cp 

-= 27c) and the outer ring friction torque TT . Also, 

the actual shear stress in each computational point 
is compared to the limiting shear stress at that 

location. The ratio may be seen as the amount of 
"non-Newtonian-ness", N p ,  and it will vary with 

angular location 'p. Since one of the scopes of the 

present investigation is to detect whether non- 

Newtonian effects may be of importance to the 
function of a bearing. Np was also examined as a 

response. It is of course possible to study also the 

absolute stress level at both inner and outer race 

contacts. but this has not been done here. 

In the first stage of the present investigation, 7 
parameters were assumed to have an influence on 

Am. Np and TT. see Table 1, parameters A-G. To 

enable a condensed interpretation of the results, the 
concept of factorial design was used, described in  
detail below. The seven parameters were input to 
the roller motion simulation program describcd, and 

after running the program for all combinations of 

the different levels, the relative effect on roller slip, 
surface shear stress 

and bearing torque were evaluated using Yates 

algorithm28 and the statistics package 

stat graphic^^^. 

The levels of the parameters were chosen to 
correspond to low-temperature (110, y and a) and/or 
fast or slow starting (Q) for two somewhat different 

bearing designs (cd and hjj .  The bcxing geometry, 

except cd and hf which are subjected to variation 
according to Table I ,  corresponds to a SKF NU 
1024 cylindrical roller bearing. This is the same 

bearing as was used by Ostensen et al. and 
WikstrBm et a1 . 

16 

30,31 

16 Since it was reported by btensen et al. that there 
was an increase in roller slip when the roller was 
moved closer to one side of the pocket, a second 

analysis was carried out where the rollers were 

placed closer to the pocket wall, see Table 1 (H). 
For simplification, cd (G), a (D) and y (C) were 

held constant at (+), (-) and (+) level respectively in 
the second run since they were seen to have small 
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effect on all three responses. Q, qo, C/P and hf were 

varied according to Table 1 also in the second run. 

Nowadays, the concept of factorial design is 

frequently used in screening experiments since it is 

a powerful method to compare the effect of different 

parameters, thereby sorting out parameters of little 

or no interest. Also, factorial design may be used to 

find combinations of parameters, interactions, 

under which the parameter under study, the 
response, will behave differently. Interactions are 

difficult to reveal if the parameters are varied one at 

the time, at least when the number of parameters is 

large. 

In theoretical investigations however, the method is 

scarcely used, but it has been suggested by 

Bergman that factorial design could be used in 

combination with i. e. extensive FEM problems to 

save CPU time in the initial stage when little is 

known about the results. Besides less CPU, the 
method has another and even more important 

advantage: if, as has been done in the present 

investigation, as many as 7 parameters are varied at 

the same time, it is almost impossible to assess the 

relative effects of the parameters, leave out 

interactions of second or third order, using common 

methods. 

32 

4. EVALUATION OF RESULTS 

The total sum of input data combinations is 144 

(27+25/2), which makes presentation of results 

difficult if one would like to show the effect of 

different parameters on Amax , Np and TT for all 

combinations. Therefore, the results are presented 

as so-called Pareto plots, showing the relative size 

of the effect on the studied response (may be slip or 

torque) of changing a factor or a combination of 

factors from the chosen low to the chosen high 

level, Figure 3a-c and Figure 7. 

The effect of a factor on a response is defined as the 

change in the response variable as the factor is 

changed from (-) to (+) level, and the effect may be 

either "main" or "interactive" (due to one or more 
28 factors). As three-factor-interactions are scarce , 

only main effects and two-factor-interactions have 

been considered here. The relationship between 

responses and interacting parameters may be 

displayed graphically in the form found in Figures 

4-6. If an interactive effect is examined using such a 

diagram, four points are marked and lines are 

drawn between them. To understand the meaning of 

such a diagram, an example may be helpful: In 

Figure 5a, the point representing the average N p  at 

(+) level of both R and qo may be found in the 

upper right corner. Here, factor A (a) is on the x- 
axis and factor B (70) is the curve parameter. On 

the y-axis, average Np may be found. Since the (+)- 

(+) combination of A and B occurs at 27/22 = 32 

different combinations of the other 5 parameters C - 
G, this single point represents a mean of N p  of all 

the 32 combinations. The implication is, that with 

high accuracy, it may be predicted that N p  will be 

close to 4.5% when the combination of high R and 

high qo is present, irrespective of the settings of the 

other parameters. These interaction diagrams may 

then be used to see which combinations of 
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then be used to see which combinations of 

parameters that will be likely to increase i. e. roller 
slip. 

The evaluation method suffers from one drawback 
when used together with theoretical results: since 

the variance seen within the effects is "exact" (the 

same result will appear on the screen even though 
the calculation is repeated!), there is no proper 

method to decide which effects may be cancelled 

out. When conducting experiments, the standard 
deviation and hence the noise level, may be assessed 

in different ways, but in this case, the line between 
significant and insignificant effects has to be drawn 

subjectively, see Bergman26. Nevertheless, the 

method may be used without problems when large 
differences between different effects are present, as 
in Figure 3a and c. 

5. RESULTS AND DISCUSSION 

The results from the first series, including all 
parameters A-G, are shown in Figure 3a-c. Figure 

3a clearly shows that parameter G, the outer race 

flange height hfi has the largest influence on Amax. 

If the effect of changing the flange height is 

analysed separately, see Figure 4, it is found that an 

increase in flange height from 2.25 to 3.25 mm 
decreases maximum roller slip from, on average, 
1.09 to 0.83, irrespective of the settings of the other 

parameters. No other parameters were considered 

significant to Am when compared to flange 
height. Also. lubricant viscosity (parameter B) 

seems to be of relatively little significance, which 

suggests that low-temperature starting might not 

cause large roller slip in this type of bearing. at least 
not within the investigated range of parameters. 

Regarding N p  at inner ring/race contact, Figure 3b 

indicates that the parameters having the largest 

influence when changed are lubricant viscosity at 

athmospheric pressure (€5). possibly in combination 

with shaft speed (A). The interaction AB was 

therefore investigated separately, see Figure 5 ,  and 

here, the large difference in N p  response when 
changing viscosity from 0.1 to 5 Pas at R=lO rpm is 
clearly demonstrated. Also. the BC, BD, AD, AC 

and CD interactions are probably important, 

however not shown here.Interesting to note 

regarding N p  is that bearing load E is of little 

influence, Figure 3b. 

The conclusion is that high shaft speed and high 

viscosity together will cause shear stresses closer to 
the limiting shear stress in a cylindrical roller 

bearing. To reduce the risk of unnecessary high 

surface shear stresses at low temperature starting, a 
low yvalue is recommended. 

When analysing the effects on surface shear stress, 

Figure 3b, all effects are relatively small ( N p  varies 

between 0 and 0.08), which makes it hard to 

conclude where one should draw the line between 

significant and less significant parameters. Since it 

is the quotient between actual and limiting shear 
stress that is studied, it is not surprising that 
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Table 1: Parameters and leve4 

parameter C, the y-value, has such large effect even 
though the limiting shear stress is never reached 

within the calculations. This is due to the relatively 
low shear ntes at the entrance/exit of the loaded 
zone and the almost pure rolling conditions found 

within the loaded zone. 

Studying TT, Figure 3c, it is obvious that the main 
thing to consider is viscosity, B, in combination 

with shaft speed A (AB interaction, Figure 3c). 

Flange height G together with viscosity, B, may also 
be important to look at, but the effect is relatively 

small compared to AB. The reason for AB's large 

influence is the large contribution of viscous friction 

between roller ends and flange, TF. together with 

cage-outer ring friction Tc. THD and TEHD arising 

from HD and EHD friction in the unloaded and 

loaded zone respectively are small in  comparison 

(1: 20). Note that y , parameter C, and a, parameter 
D, have no effect on friction torque since the main 
contribution comes from contacts where the 

pressures are low. The AB interaction is shown in 
detail in Figure 6, and here, the large increase in 
friction torque when increasing viscosity from 

0.1 to 5 Pas at high shaft speed is demonstrated. If 
the same operation is performed at low speed (Q = 

1 rpm). the effect on bearing friction is negigible. 
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Relative effects on ma. slip 
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Figure 3a: Normalised Pareto plot for Am 
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Figure 3b: Normalised Pareto plot for N p  
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Figure 3c: Normalised Pareto plot for TT. 
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Figure 6: The interaction effect between Q and 

on TT (the AB effect). 

The result of the second run, where parameters C, D 

and F were held constant and the parameter H, 

placement of the roller in the cage pocket, was 
introduced, is presented in Figure 7. Interesting to 

note here, is that even though flange height is still 
the most important parameter to affect roller slip, 

roller location has a considerable influence. 

ostensen et al. made a slight alteration in roller 
location and compared it with a change in viscosity, 

however not comparing the relative effect of the 
two. Looking at Figure 7a however, the difference 
in effect between the two parameters is clearly seen, 

and it is also clear that no time has to be wasted 

v q i n g  radial load, E, or shaft speed A. at least not 

within this nnge, to study roller slip. In Figure 7b, 

the effect of moving the roller in the cage pocket is 
studied separately, together with the influence of 
flange height. The effect on Am when changing 

roller location is smaller than that of altering flange 

16 

height, but it must be remembered that the roller, in 

the case of cage slip, will be in close contact with 
the cage, separated in the extremee case only by an 

additive layer. Decreasing cp further increases the 
shear stress, and hence the breaking torque on the 

roller, dramatically. The implication is that even a 
small amount of cage slip causes the rollers to slow 

down even more in the unloaded zone, and, 

eventually, the conditions are present where heat 

induced smearing is triggered, see Hamer et a1.I0 
and Introduction. Also, a decrease in rp  due to 

smaller tolerances between roller and cage may 
easily increase roller slip. 

When the absolute levels of the friction torque 
results are studied, Figure 6, they predict bearing 
friction well below the level that has been measured 

by Wikstrom et and &tensen et al. , 

especially at low temperatures. The maximum 
friction torque calculated in the present 

investigation was 3.4 Nm, occurring when all input 

parameters were at + level, which may be compared 
with the 20-30 Nm obtained experimentally in a 

lightly run-in bearing under the same conditions. 
The difference between the two is probably due to 
the relatively large amount of lubricant present in  

the test bearing, even in a bearing that has been 
run-in for 60 s before starting which was the case in  

the experiments. The calculations assume that the 

contacts are fully flooded, but there are no bulk 
grease reservoirs with high apparent viscosity in  

front or behind the rollers as will be the case in the 
experiments. However, if one turns to 
manufacturers' equations 33 ,34 for prediction of 

16 
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friction torque, intended for run-in bearings. the at lower temperatures. Due to the time-demanding 

agreement with the present investigation is procedure applied when roller slip is to be 

excellent. measured, together with the difficulties involved in 

&tensen et al.16, who compared calculated and identifying the centre-line of the rollers when 
measured roller slip at +20°C found the agreement lubricant is affluent and highly viscous, this has not 
between theory and experiments to be good, but been included in the present work. 

experiments should still be made to verify the 

theoretical results of the present investigation also 

\I 0 

1. 
Figure 7a: Normalised Pareto plot for Amax, second run including roller placement in cage pocket. 

Examples of A(q) for some extreme cases are shown 

in Figure 8. In Figure 8a-b, the effect on Amax of 

changing hf from 2.25 to 3.25 mm is shown to 

illustrate how the large main effect G seen in Figure 
3a may look when studied in detail. It will not affect 

Amax significantly if all parameters were changed, 
as long as hf is kept constant, which is the essence 

of Figure 3a. location cp 

Figure 7b: The effect of flange height and roller 

placement in cage pocket on Am. 
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Figure 8: A(@ for a) R = 1 rpm, qo = 5 Pas, y = 

0.03, a = 3X10-8 Pa-l, P =I2 OOO N. cd = 10 pm 

and hf= 2.25 mm. b) R = 10 rpm, qo = 5 Pas, 

y=0.03, a = 3X10-8 Pa-l. P = 12 OOO N, cd = 10 

pm and hj= 3.25 mm. 

Conclusions 

The influence of eight different parameters 

combined in 144 different ways on roller slip, 

friction torque and the level of shear stress in a 

cylindrical roller bearing has been investigated 

using a quasi-static simulation model. The aim of 

the investigation was to see whether non-Newtonian 

effects, under any conditions, may be present in this 

type of bearing, especially at low temperature 

starting. 

As the maximurn amount of shear stress, when 

compared to the limiting shear stress, never 

exceeded 10% under any settings of the input 

parameters, it must be concluded that non- 

Newtonian effects are unlikely to appear in 

cylindrical roller bearings. This is due to the low 

sliding speed in the loaded zone, and to the 

relatively fast acceleration phase, still at low normal 

force, entering the zone. 

It has also been verified that the maximum roller 

slip, appearing in the main part of the loaded zone, 

can be decreased significantly if the outer race 

flange height is decreased slightly. The effect of 

changing flange height is several orders of 

magnitude larger than changing any other 

parameter. Only when roller placement in the cage 

pocket was altered. an effect of the same order as 

flange heithg was seen. To keep roller slip to a 

minimum is important, at least in large size rolling 

bearings where a combination of normal and sliding 

motion may endanger the separating film, Lundberg 

et al.35. The tangential shear stress will be largest 

when speed and viscosity are high, which points out 

the direction in which to continue further work on 

smearing and pitting damages in bearings. 
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The practical implications of the study is that 

bearings should have as low flange as possible to 
reduce roller slip. Also, a low value of the limiting 

shear stress-pressure coefficient of the lubricant 

may become important to keep bearing friction 

down at low temperature if age  slip occurs. 

However, for bearings that have not been run in for 
a longer period of time, the amount of lubricant 
within the bearing is probably the far most 
important parameter. 
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NOMENCLATURE 

Contact area between roller and race, 
A,  = 2blefl, m . 
Flange shear area, contact between 
roller end and outer ring flange, 16.6 
nun2, see also Figure 1. 

circumference and cage pocket, 

2 
A,  

AF 

AP Contact area between roller 

A, = arcsin - lr , see also Figure 2b, m2 [:;) 
Cage width, measured to 3 mm, see 
Figure 1. 
Hertzian contact width, m. 
Bearing basic dynamic capacity, N. 
Load ratio. 
Axial clearance between roller end 
and flange, see Figure 1,35 p. 
Clearance between cage and OR 
flange, see Figure 1, p. 
Bearing diametral clearance, 
unloaded bearing: 40 p. 
Clearance between roller end and 
cage, see Figure 1,460 p. 
Cage height, 8.8 mm. 
Radial clearance between roller and 
pocket, see Figure 2b, p. 
Bearing diametral clearance, loaded 
bearing 12 kN: 70 p. 

Effective Young’s modulus, 

Young’s modulus for surfaces a and b 
in contact, Pa. 
Tangential traction at inner- and outer 
rolledrace contact, N. 
Centrifugal force on roller, N. 
Viscous forces between roller ends 
and OR flange, N. 
Viscous forces between roller mantle 
and cage pocket, see Figure 2a, N. 
Dimensionless material parameter, G 
= aE’. 

Minimum film thickness in the loaded 
zone, dimensionless. 
Minimum film thickness, p. 
Central film thickness in the unloaded 
zone, p. 
Flange height, mm. 
Abbreviation for inner ring. 
Total roller length, 14.98 mm. 
Effective roller length, 1-2rc, m. 
Roller mass, kg. 

Amount of ”non-Newtonian-ness”, 
rn 

Abbreviation for outer ring. 
Bearing radial load, N. 
Normal load on rollerj at innedouter 
race contact 

Average contact pressure, 

Cage mean radius, see Figure 2b, mm. 
Inner race radius, see Figure 2b, mm. 
Equivalent radii in x direction, m. 
Outer ring radius, m. 
Roller radius, 7.50 mm. 
Roller crowning radius, 0.8 mm. 
Flange shear radius, 6.2 mm, see 
Figure 1. 

r 
s=-  

Braking torque on roller, Nm. 
Friction torque contribution from cage 
acting on the outer ring, Nm. 
Driving torque on roller, Nm. 
Friction torque contribution from 
rollerj in the loaded zone, Nm. 
Friction torque arising from roller 
end-outer race flange contact, Nm. 
Friction torque contribution from 
rollerj in the unloaded zone, Nm. 

Ri 
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1; 
TT 

U 

u d  

W 

W 

Z 
a 
&I 

A 

A,, 

rp 

Y 

V 

(7);. 0 

Total torque on roller, Nm. 
Total bearing friction torque on outer 
ring, Nm. 

Dimensionless speed parameter, 

Peripheral speed of the shaft, u, = (a- 
w,)R,, m/s. 
Peripheral speed of the roller, ur = 
wrr, m/s. 
Mean velocity, 

Velocity difference, (Udji .0  = ( U I - U Z ) ; , ~  , 
m/s. 
Dimensionless load parameter, 

Pj 

Bearing width, see Figure 1, mm. 
Number of rollers. 
Pressure-viscosity coefficient, Pa-'. 
Maximum deflection, p. 

u; -u ,  
Roller slip, A = 2- 

ui +u ,  
Maximum roller slip for a roller, 0 < 
cp < 360. 
Angular location, O .  rp = 0 on the load 
line but opposite the load. 
Angular location where a roller is 
placed, (l<j<Z), O ,  

Limiting shear stress-pressure 
coefficient, dimensionless. 
Viscosity at atmospheric pressure, 
Pas. 
Viscosity according to Roelands. 
Pressure dependence included, Pas. 
Poisson's ratio, 0.3. 
Tangential shear stress at inner and 
outer contacts, Pa. 

(7di.o 

a 
0, 

Shear srress between roller - OR 
flange, Equation (17). 
Limiting shear stress at athmospheric 
conditions, Pa. 
Limiting shear stress at innedouter 
contacts, Pa. 
Shaft angular velocity, rad/s. 
Cage angular velocity around shaft 
axis, rad/s. 
Roller angular velocity relative to the 
cage, rads. 

Shear rake, relative speed divided by 

film thickness/cIearance. s-'. 
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AIiidysis of i ~ i i  EHL circular contact incorporating 
rolling elerrlent vibration 
Y.11. Wijnstit and C.fI. Vrnner 
University of Twente, Enschede, The  Netherlands 

The dynaniics o f  rolling bearings is governed by both the dynamics of its structural components, and the 
elastohydrodynamic lubricated ( E H L )  contacts connecting these structural elements. I n  this paper, as a n  initial 
stage i n  quantifying the influence of the lubricant on the vibrations in rolling bearings, the influence of the 
lubricant on the vibration of one rolling element is investigated. For that purpose, inertia forces of the rolling 
element are incorporated into the analysis of an E H L  circular contact. The model thus obtained includes both 
squeeze and entraining motion and hence it is time-dependent. It is shown that ,  to incorporate inertia forces, 
only one additional dimensionless parameter, the natural frequency, is needed. First, a Hertzian dry contact is 
investigated, as its solution will serve as an asymptote for the lubricated case. Subsequently, for a given load 
condition and different values of the natural frequency parameter, numerical solutions are presented showing both 
the influence of the lubricant on the vibration of the rolling element, as well as the influence of the vibration on 
film thickness and pressure. 

1. Introduction 

A realistic investigation of the dynamics of 
rolling element bearings should combine the dy- 
namics of the housing, rolling elements, cage and 
shaft as well as their int.eractions. It is evident 
that a full  numerical study of such a complex 
system goes beyond todays computer capabilities 
and limitations of existing models. Hence, sim- 
plifications are essential. One of these simplifica- 
tions is the introduction of a "contact model" t o  
represent the contact between roller and raceway, 
like "spring and damper" models. Nevertheless, 
such a model should provide an accurate repre- 
sentation of the influence of the lubricant film on 
the vibrating signal of the rolling element. In 
the present work, as an initial stage in developing 
such a simplified model, the influence of the lubri- 
cant on the vibrating signal of one rolling element 
is studied. 

When studying EHL contacts, it is common 
to assume a constant load. Entraining motion 
causes the build u p  of pressure, resulting in a 
contact force, i.e. the integral over pressure, 
which is normally demanded to equal the applied 
load. The  analysis clone in this way is often time- 
independent. Transient calculations, i.e. the in- 
corporation of squeeze motion, need only be per- 

formed if surface features like waviness, dents and  
bumps are simulated. see [13,19-211. 

However, when inertia forces are accounted for, 
the contact force will, in general, not be equal 
to the applied load and an oscillation around an  
equilibrium position will occur. This oscillation 
results in a squeeze motion and subsequently both 
squeeze and entraining motion need to be ac- 
counted for. Therefore, even for smooth surfaces, 
the model thus obtained is time-dependent. 

Until now, squeeze and entraining motion have 
only been addressed in cases where inertia forces 
were neglected, whereas, on the other hand, iner- 
tia forces were taken into account only when pure 
squeeze motion was considered. 

Studies on combined squeeze and entraining 
motion for rigid surfaces were carried out by 
Ghosh et  al. "71. EHL line contacts were studied 
by Yang and Weng "241, Bedewi et al. [2 ]  and Lee 
and Hamrock [15]. All authors neglected inertia 
forces of the rolling element., i.e. their analyses is 
dynamically quasi-static, and a constant or sinu- 
soidal load was assumed. 

Pure squeeze motion, neglecting inertia forces, 
was discussed by Christensen [3,4], Herrebrugh 
[9], Vichard [21] and Lee and Cheng [16]. Inertia 
forces were taken into account in the analysis of 
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The model presented in this paper accounts for 
both squeeze ant1 entraining motion as well as in- 
ertia effects. First, to determine the wymptotic 
behaviour, the so-called Hertzian dry contact is 
investigated. Subsequently, we move to the re- 
sults obtained from a transient numerical simula- 
tion of the lubricated model. 

2. Nomenc la tu re  

0 

A 
c 
C? 
d.Y 
dY 
dT 
El ,? 
E 
E’ 

1 
f n  
F 
S?,3 
C 

h 
H 

Hc 
Hmin 
1 

I 
L 

m 
M 

radius Hertzian contact circle 
a = (( 3 f R ) / (  2E’))’ i3  
amplitude 
integration constant 
i ntegrat.ioii constant 
meshsize in ,Y-direction 
meshsize in 1’-direction 
meshsize in 7’-direction 
elasticity modulus body 1,2 
variable 
reduced modulus of elasticity 

contact force 
natural frequency 
variable 
constants 
dimensionless material parameter 
(Hamrock/Dowson) 
C = aE’ 
film thickness. meshsize 
dimensionless film thickness 
H = hR/u’ 
central film thickness 
minimum film thickness 
imaginary unit 
i = & i  
intensity 
dimensionless material parameter (Moes) 

mass of rolling element 
dimensionless load parameter (Moes) 

2/ E‘ = ( 1 - v:)/ El + ( 1 - V ; ) / E ~  

L = G(2[’)1/4 = a E  ( E ’ R  1 ’ !lQ% 114 

iiiiiiilxx- of poiiits 
prc:ssurc: 
maxinium Hertzian pressure 
P h  = ( 3 t ) / ( 2 r a 2 )  
constant 
po = 1.96 lo8 
dimensionless pressure 
p = P / P h  
reduced radius of curvature 
R-l = R;‘ + R i l  
domain 
time 
dimensionless time 

period of oscillation 
sum velocity 
u, = 111 + 112 
dimensionless speed parameter 
(Hamrock/Dowson) 

dimensionless load parameter 
(Hamrock/Dowson) 
W = f / ( E ’ R 2 )  
coordinate in direction of flow 
dimensionless coordinate 

coordinate perpendicular to i! 
dimensionless coordinate 
Y = y / a  
pressure viscosity parameter 
(Roelands), variable 
variable 

pressure viscosity index 
dimensionless parameter 

variable 
mutual approach 
6 at  equilibrium 
6 a t t = O  
velocity a t  t = O  
dimensionless mutual approach 
A at equilibrium 
A at, 7 = 0 or T = 0 
dimensionless velocity at  7 = 0 
o r T = O  

T = (tu,)/(2a) 

u = ( ~ 0 ~ s  )/(2E’R) 

s = x/a 

Z = d E  

a = L l ’ p h  



447 

t 

71 

G 

x 

A 

d 
Vl,2 

P 
Po 

’lo 

P 

n 

l- 

P 
R 
7 

7 n  

c.oc.flicicwtJ 

viscosity 
viscosity at ambient pressure 
dimensionless viscosity 

dimensionless speed parameter 
= (G1)ou,R2))/(a3 P h )  

dimensionless wavelength 
A = 0.05 
phase angle 
Poisson’s ratio body 1,2 
density 
density at ambient pressure 
dimensionless density 

dimensionless frequency 

dimensionless time 
T = yT 
Weierstrass function 
geometry of undeformed gap 
dimensionless time 

period 

c = ( / M J ) / ( / j A )  

ii = d 1 ) U  

P = P / P o  

n = J m  

7 = t ((4fRE’2)/(9m3))L16 

3. Dry Contact 

Consider a rolling element subjected to a load 
f ,  running on a raceway of a rolling bearing. If 
the mass of the raceway is large compared to the 
mass of the rolling element, we can assume it to 
be a solid of infinite mass. Let the mass of the 
rolling element be rn.  The rolling element and the 
solid will deform elastically and, using the elastic 
half-space assumption, the pressure field p can be 
solved from the complementarity problem on the 
domain 5’; see Johnson (101: 

hp = 0, 

h = - 6 ( t )  + X ( ~ , y , t )  

7rE‘ 
+“J p(c’, y’, t )  dz’dy’ 

d( c - c’)3 + (y - d)2 ’ 
s 

~ 2 0 ,  h 2 0 ,  (1) 

wliore Ir is IOlic~ l i l i i i  thicknoss, 6( t )  t h :  inutual ap- 
proach of the two bodits and X(c, .y, t )  the geom- 
etry of the undeformed gap. 

The equation of motion for the rolling element 
follows from Newton’s second law: 

s 
with the initial conditions 

(3) 

For perfectly smooth surfaces the undeformed 
gap between the two bodies can be accurately ap- 
proximated by parabolas. The solution of this dry 
contact problem has been given by Hertz [8,10] 
and has been referred to as the Hertzian con- 
tact since then. For arbitrary functions R(z ,  y, t ) ,  
Eq.( 1) must be soIved numerically, e.g. using the 
multilevel algorithm presented by Lubrecht and 
Ioannidq (141. 

3.1. Hertrian contact 
According to the Hertziaii theory the shape of 

the contact region is an ellipse and the pressure 
field is semi-ellipsoid. Although the present anal- 
ysis can be performed for elliptical contacts too, 
for simplicity we will restrict ourselves to a circu- 
lar contact. Then. the contact force is related to 
the mutual approach 6 by: 

Substituting Eq4.4) in Eq.(2) yields: 

(4) 

(5) 

which describes the oscillation of the rolling el- 
ement around its equilibrium position 6, = 
(3f/2fiG)2/3 = a2/R. Provided the second 
term in Eq.(S) is set to zero when 6 becomes neg- 
ative, the equation is valid for all values of 6. 

To reduce the number of parameters Eq.(5) can 
be written in dimensionless form. Defining 

A = 6R/aa (6) 
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the equation of motion is transformed into 

with initial conditions 

Hence, the problem is fully described by the vari- 
ables A and 7 and thus its solution is uniquely 
determined by the initial conditions A0 and do. 

Eq.(8)  can be integrated once, yielding: 

where C' is a constant of integration. The individ- 
ual terms in this equation call be interpreted as 
the kinetic energy. the potential energy and the 
work done by the unit force (as given in the r.h.s. 
of Eq.(8)),  respectively. The value of C ranges 
from -3/5 for the steady-state situation to 0 for 
the oscillation where .l just becomes zero, but 
remains positive. 

Eq.( 8) can be solved efficiently by numerical in- 
tegration, however, analytical solutions do exist. 
For small oscillat.ions, i.e. when C,' approaches 
-3/5, Eq.(8) can be linearized around the equi- 
librium position 1 = 1. The solution to this lin- 
earized problem is: 

A = l + d 4  C O S ( & p 7 + $ b ) ,  (11) 
where the amplitude .4 and phase angle 4 
are determined by the initial conditions, see 
appendix A .  The natural frequency is fn = m/ 2a = 0.195. Thus, the period of one oscil- 
lation equals 7, = l /fn x 5.130. 

Secondly, for C = 0 the solution is given 
in terms of the LVeierstrass elliptic function 
p(z;g2,g~), see appendix A ,  with g? = 0 and 
g3 = -1/800, i.e. 

(12) A = 400 p ( 7  - i f i C ? : O ,  -1/800)?. 

C'2 is a constant oT integration, representing a 
phase shift. Between the zeros of this function, 

t . l i c w  ar (>  idt.cwinting regions where the solution 
is bountletl nncl regions where it goes to infinity. 
The period of the bounded solution can be shown 
to be 

7, = 2 7 (4t3 + 1/800)"' dt z 5.383. (13) 

1 . 3  1 
10 J; 

Thus, for this case, f,, x 0.186. The maximum 
mutual approach is (Ei/2)2/3. This shows, as one 
would expect from such a non-linear system, that 
the oscillation is asymmetric around the equilib- 
rium position A = 1. 

For general values of C the equation of mo- 
tion can easily be solved numerically, e.g. by the 
so called Newmark scheme, see appendix B and 
[17,1]. This scheme is a second order scheme and 
shows no numerical amplitude decay. This latter 
property will be especially important when the lu- 
bricated case is considered. As will be shown, the 
lubricant will damp the oscillation and one must 
make sure that artificial viscosity is sufficiently 
small. 

In Fig. 1 the mutual approach A is given for 
three different values of the integration constant 
C'. In this figure the asymmetry of the solution 
with increasing amplitude clearly shows. 

2.00  

h 

1 

I .oo 

0.00 

O.Oo0 LOO0 4.000 6.000 8.000 10.000 

7 

Figure 1. A as a function of 7 for C = 0.00 ( a ) ,  
C = -0.3913 (6 )  and C = -0.598 (c). 
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( ‘ot 11 piwi iig th! t h r w  sol 11 t.iotis. o i i e  obswves 
t h t t  tt1w tlifl;:rencr in  tlittjllrid frcxluoncy is sniall. 
la fact,, the difference i n  natural frequency be- 
tween the linearized and the Weierstrass solution 
is only about 4.7%. Thus, In is almost indepen- 
dent of the amplitude of the oscillation. 

4. Lubricated circular contact 

Next, we extend the model by introducing a 
lubricant between rolling element and solid. In 
that case there is no direct relation between 
the contact force and the approach 6. Hence, 
Eq.(2) should be solved together with the equa- 
tion for the film thickness and the equations de- 
scribing the lubricant flow and behaviour, i.e. in 
the present work, Reynolds’ equation, Roelands’ 
pressure viscosity law [18] and the compressibilty 
equation of Dowson and Higginson [5].  

4.1. Equations 
The equations describing the lubricant flow and 

the position of the rolling element have been made 
dimensionless using: 

b = P / P o ,  0 = 17/‘7ov 
S = x/a,  Y’ = y/a, 
p = P / P h ,  H = hR/a’, 
A = SR/a’, T = tus/(2a), 

where p h  is the masImuin Hertzian pressure and 
a the radius of the Hertzian contact circle in case 
of equilibrium: 

P h  = 3f/(2.a2), a3 = 3.fR/(%”). (14) 

Note that the time t is made dimensionless by the 
time in which a fluid particle passes the Hertzian 
contact, which differs from the time scale ‘T intro- 
duced in the Hertzian model, see Sec. 3.1. The 
other variables are esplained in the nomenclature. 

In terms of these dimensionless variables the 
Reynolds equation reads: 

At all T the solution is subjected to the cavitation 
condition P 2 0, V ( S ,  Y )  E S and P = 0 on the 

I)outitl;try 3s. A tleriotes the dimensionless speed 
parameter: 

Roelands’ viscosity-pressure equation and 
Dowson and Higginson’s relation are, 

and 

In Roelandb’ equation po is a constant; po = 
1.96 lo8. All results presented in this paper have 
been obtained using z = 0.67 and a = 2.2 
The dimensionless film thickness equation reads: 

x z  Y 2  
H(;Y,Y,T) = - A +  y+ - 

2 

* (19) 
P ( X ’ ,  Y’ ,  T )  d.Y’ dY’ +’/ 

A2 d(X - X’)Z + (Y - Y‘)2 
S 

The dimensionless equation of motion is given by: 

-- I ’’A P(.Y’,Y’,T)dX’dY’ = 1, (20) 
Q2 dT3 + 5 / 

S 

where 52, as will be shown, is the dimensionless 
natural frequency with respect to the timescale 
T :  

Finally the following initial conditions should be 
satisfied : 

We further introduce Am to denote the mutual 
approach at equilibrium. 

Alternatively, the set of equations can be made 
dimensionlw usiag the time scale ‘T introduced 
in Sec. 3.1. In that case, Reynolds’ equation and 
the equation of motion are 
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4.2. Numerical Siniiilation 
111 the presrtit, paper ,  numerical solutions of Eq. 

(15) t.o ( 2 2 )  arc: present,ed for X = 1.756 lo-’ and 
r r  = 9.109 or,  i n  t,rrnis of the Moes dimensionless 
parnmetcrs, ,\I = 125 and L = 5. Two values of 
fl are considtwd i.e.. R = 10.0 and fl = 5.2. The  
equations have been discretised, see appendix B,  
and the discrete equations have been solved by 
multilevel niethods. see [13,19,21]. However, in- 
stead of using the double discretisation as in [21], 
the second order system of equations was solved 
directly. Furt,hermore, Gaussian elimination us- 
ing partial pivot,ing was  used for solving the (trun- 
cated) systeni of equations resulting from the line- 
rrlaxat, iun.  ‘Thr calculations were performed on 
t,Iir tloriinin -2 . ,3  5 ,\ 5 1.5 and -2.0 5 I’ 5 2.0. 

4.2.1. Stationary results 
First. the solution t,o the steady state problem 

was calculated. A meshsize d S  = dI’ = 0.0156 
was used. For this case, t-he mut,ual approach 
-1, = U.!)17. 

Figure 2 Pseudo interferericr plot arid centreline 
prrssurr and film thickness ( M  = 125 and L = 5).  

Fig. 2 shows the film thickness by means of a 
so-called pseudo inkrference plot t,ogether with 
the pressure arid film thickiiess profile for k’ = 0. 
I n  the psrudo intrrference plot. the film thickness 
is plot,tcd by nicans of the intensity f ,  defined by: 

w t i c r i !  :\ = 0.05 is tlic cliiiicnsioiiloss wavi:lriigtii. 
A wliitc: s ( l i i i w  of size d,Y x dI’ is plotted wlic:n 
1 = 1 w h t v a s  a black square is plotted for f = 0.  
For 0 < I < I grey tones are plotted according to 
the value of I. 

For the medium loaded case considered, the 
film displays the well known horse shoe shape and 
the pressure distribution is almost semi-ellipsoid. 

4.2.2. Transient results 
Transient calculations were performed using a 

meshsize d.Y = dI’ = 0.03125. In order to 
minimize artificial viscosity the time increment 
dT was taken equal to the meshsize, i.e. dT = 
0.03125. O n  the grid used for the transient cal- 
culations the equilibrium position is AN = 0.916 
which approximately equals the one used on the 
grid for the steady state calculations (AN = 
0.917). 

h 

1.10 

0.90 

0.70 
llilllllillllllllllljlllllllllllllllllll 

0.000 1.000 2.000 3.000 4.000 5.000 6.000 

T 

Figure 3.  1 as a function of T .  (A0 = 0.8, ; l o  = 
0.0. ’$1 = 125, L = 5 and R = 10.0) 

To take the rolling element out of its equilib- 
rium position we can either take A0 different from 
A N  or take A0 different from zero. As a result 
of these initial conditions the  rolling element will 
start  an  oscillatory motion that resembles the mo- 
tion of the Hertzian contact shown before. How- 
ever, as a result of viscous losses in the lubricant, 
the amplitude of the oscillation will decrease and  
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Figuw 4. Psriitlo tilni t.hickness interference plots 
and prwst iw niicl t i l i i i  t,hickness pressure a t  cen- 
terlinr o i i  t,iiiir f = 0.473 1.09, 1.72, 2.97 and 5.94 
respec.t.ivrly. II = 10.0. 

Figure 5. Pseudo film thickness interference plots 
and pressure and film thickness pressure a t  cen- 
terline on time T = 0.47,1.09,1.72,2.97 and 5.94 
respectively. Q = 5 . 2 .  
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P V ( \  1 1 1 . 1  tidly I)oc:oliit: mro, i . t x .  t 1 1 ~  solution returns 
1.0 bl i t .  st,t:acly stat.c: solution. Fig. 3 sliows this os- 
cillatory motion of the roiling element as a func- 
tion of time for R = 10.0 and initial conditions 
30 = 0.8 and ho = 0.0. 

To illustrate the changes in film thickness and 
pressure during the oscillatory motion, Fig. 4 
shows snapshots of the film and pressure profile 
at  different times. 

Even though the surfaces are smooth, one ob- 
serves film thickness modulations in the high 
pressure region. These modulations have a partic- 
ular wavelength and propagate through the high 
pressure zone at  the dimensionless speed of unity. 
This can be explained as follows. 

Because A0 < A m ,  the rolling element is lifted 
from the solid and, when released, starts to ac- 
celerate towards the solid. Because of the lubri- 
cant’s large viscosity in the high pressure zone, 
the central film thickness hardly reduces. Instead, 
the high pressure zone expands and only near the 
edge of the Hertzian circle does squeeze motion 
occur. 

Subsequently, the film thickness reduction in- 
duced at the inlet of the contact, is propagated 
through the high pressure zone. This immedi- 
ately follows from the Reynolds equation. In the 
high pressure zone Poisseuille flow is virtually ab- 
sent and Reynolds’ equation reduces to 

with the solution p H  = p H ( X  - T ) .  Because the 
lubricants compressibility is limited, eventually H 
is a function of (S - T )  only. This shows that 
film thickness modulations are propagated at  a 
dimensionless speed of unity. 

This explanation is valid for any mechanism 
causing film thickness modulations at  the en- 
trance of the contact. Indeed, it has been ob- 
served for surface features in e.g. [19,20]. 

Finally, when the rolling element moves away 
from the solid, the contact region becomes 
smaller, resulting in a larger inlet film thick- 
ness, which again propagates through the con- 
tact. This process is then repeated periodically, 
until the steady state solution is obtained. 

Fig. 5 shows the solution for R = 5.2. Note 

that the l i l i r i  thickness nioclulations have a larger 
wiiveleI1gth tlimi for R = 10.0. This phenomenon 
can be explained as follows. At the end of Sec. 
3 .1  it was  concluded that the dimensionless pe- 
riod of oscillation for the dry contact is almost 
independent of the amplitude. Given in terms of 
7 the period equals 7, = 5.130 for the smallest 
oscillation. For the largest oscillation 7n = 5.383. 
Thus it is justified to assume that the period is a 
constant and x 5.2. Assume that one can ne- 
glect the influence of the lubricant on the period 
of oscillation. Hence, for the lubricated contact 
it is assumed that ?;, x 5.2. 

Furthermore, the timescales 7 and T are re- 
lated by: 

T = Q T .  (27) 

Thus, in terms of T ,  the dimensionless period of 
oscillation is T, = 7,/a zz (5.2/Q) and equals 
the dimensionless wavelength of the film thickness 
modulations induced. This explains the larger 
wavelength observed for R = 5.2. The dimension- 
less frequency in terms of T equals fn = R/5.2 
and hence R is a dimensionless frequency. 

Alternatively, within the high pressure zone Eq. 
(23) reduces to  

Thus, in terms of 7, H = H(,Y - (7/S2)), and 
l/Q is the dimensionless speed at  which film 
thickness modulations travel through the high 
pressure zone. 

5. Numerical Accuracy 

Since a second order scheme was  used for time 
and the spatial coordinates and the meshsize is 
small compared to  the scale on which changes in 
the solution occur, the numerical solution con- 
verges quickly towards the solution of the contin- 
uum problem. Let h = 0.03125, i.e. d X  = h is 
the meshsize used for the transient calculations 
presented in Sec. 4.2.2. Then, we will denote 
grids by their meshsizes 2h, h and h / 2 ,  where 
dY = dT = d X .  

The second order convergence with decreasing 
meshsize in the spatial coordinates, is shown by 
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0.10 , 

0.70 

0.W 1.W 2.000 3.000 4.000 5.000 6.000 

T 

Figure 6. 4 as a function of T on mesh d X  = 
dT = 0.0625 (thin line) and d.Y = dT = 0.0313 
(thick line). (A0 = 0.8, & = 0.0, 12.I = 125, 
L = 5 and C2 = 5.2) 

means of 4,. Its value equals 0.922, 0.917 and 
0.916 on grid 2h, h and h/2, respectively. Thus, 
on grid h, A, is accurate within approximately 
1%. 

Nest, we consider the discretisation error in 
time. Fig. G shows 1 as a function of T ,  solved 
on grid h and 2h. Comparing these results shows 
that the discretisation error in  the transient result 
manifests itself in two ways. Firstly, the initial 
deviation from the equilibrium position is slightly 
larger for the coarse mesh and secondly the solu- 
tion converges to an equilibrium position which 
is also slightly larger for the coarse mesh. Note 
that both effects are related to the spatial accu- 
racy. Also the rate of decline of the amplitude 
of oscillation with T is approximately the same 
for both solutions. Hence, the incremental dis- 
cretisation error must be small compared to the 
discretisation error in space (negligible artificial 
damping) and the Sec. 4.2.2 result is estimated 
to be accurate up to 2%. 

Alternatively, we can check the accuracy of the 
solution by means of the central, H,, and mini- 
mum film thickness. Hmin, see Fig. 7. The initial 
central film thickness equals 0.0769 and 0.0812 on 
grid 2h and h,  respectively. On grid h/2, used in 

0.05 - 
, 

Hmin ' 

0.00 L 
0.000 1.OOO 2.000 3.000 4.000 5.000 6.000 

T 

Figure 7. H ,  and Hmin as a function of T on 
mesh dX = dT = 0.0625 (thin line) and d X  = 
dT = 0.0313 (thick line). (A0 = 0.8, A 0  = 0.0. 
M = 125, L = 5 and fl = 5.2) 

the steady state calculations, H,(T = 0) = 0.0839 
and is indicated by a dot in Fig. T. On grid h,  
H, is thus solved within approximately 4%. The 
initial minimum film thickness is equal to  0.0386, 
0.0416 and 0.0424 on grid 2h, h and h/2, indi- 
cating an error of approximately 2% in the grid 
h results. Throughout time, it is observed that 
the difference between the film thickness on both 
grids remains approximately contstant. This in- 
dicates that the time incremental error in H is 
less than the spatial discretisation error and is at 
most O(dT3) .  Hence the accuracy of H at a given 
time is indeed O(dT2)  = O ( d X 2 ) .  

6. Discussion and Conclusion 

A Hertzian contact model incorporating inertia 
effects for the rolling element has been presented. 
Choosing appropriate scales, the model reduces 
to a non-parameter problem where the dimen- 
sionless mutual approach of the rolling element 
and solid, A, is a function of the dimensionless 
time 7 only. The Hertzian model is conserva- 
tive, i.e. the total energy remains constant and 
its value determines the amplitude of the oscil- 
lation. Two analytical solutions have been ob- 
tained, showing that the period of oscillation is 
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’I’lit. iiiotl~l Iiiw lxwi c~steiidcd to a lubricated 
contact. Apart froin the known parameters cle- 
scribiiig tlie E H L  equations, e.g. the Moes pa- 
ranieters R.l a id  L ,  the climensionless natural fre- 
quency R ,  is sufficient to account for inertia forces 
of the rolling element. 

If Q >> 1, surface speeds are much less than the 
speed at which the two bodies approach eachother 
and squeeze motion dominates. E.g. impact elas- 
toliydrodynamics is the study of problems where 
R >> 1 and the initial condition A, 5 0. On the 
other hand, for R << 1, surface speeds are much 
larger than the squeeze speed. Then, the solu- 
tion reduces to the steady state solution where A 
is constant and is equal to  Ao. 

Numerical solutions have been obtained which 
show that the oscillation is damped by the lu- 
bricant. For the values of the parameters consid- 
ered, the period of oscillation is hardly affected by 
the lubricant. Although the surfaces are smooth, 
the oscillation of the rolling element induces film 
thickness modulations which propagate a t  a di- 
mensionless speed of unity. The wavelength of 
the induced modulations roughly equals 5.2/R. 

7. Appendix A 

Linearizing the equation of motion, Eq.(8), 
around h = 1 yields: 

d?A 3 3 -+-a=- 
d 7 ?  2 2 ’  

with initial conditions A0 and &. The solution 
is: 

A =  ~ + L ! C O S ( ~ ~ + ( J ) ,  (30) 

where A << 1 for the linearization to be valid. 

ing A = 2’ and rewriting Eq.( 10): 
The solution for C = 0 can be derived by defin- 

clz? 1 3 1 C’ - +-z - ; - - -=o .  
d 7  5 2 22’ 

Let 7 = y r .  This gives: 

[:or 
mi 11 at, ion red I ices t 0: 

= 0 ai i t l  taking y‘ = -20, the differential 

dZ 
- - 4 Z 3 +  10=0.  
d T (33) 

‘This equation is solved by the Weierstrass elliptic 
function p(z;g?,g3) with invariants g2 = 0 and 
y3 = 10, see Whittaker and Watson “251, i.e. 

2 = p(r  + c?; 0, 10). (34) 

Note that,  with 7 real, T and C? must be 
imaginary. C2 is the second constant of in- 
tegration and it represents a phase shift. Fi- 
nally, using one of the properties of homogeneity: 
~ ( X Z ; X - ~ ~ ? ,  X-6g3) = X-?p(z;g?,g3) and back- 
substitution of A = Z?, yields: 

A = 400 p ( 7  - i d%C?;O, -1/800)?, (35) 

where the argument becomes real again. 

8. Appendix B 

The Reynolds’ equation has been discretised 
according to the following second order scheme: 

( d - ~ ) - ?  ( c i + l / ? , j , k  ( P i + l , j , k  - P i , j , k )  

- c i - l / ? , j , k  ( P i , j , k  - p i - l , j , k ) )  

+ ( d ~ ) - ?  ( c i , j + l / Z , k  ( P i , j + l , k  - pi,j,k) 

- c i , j - l / ? , k  ( p i , j , k  - p i , j - l , k ) )  

( 1.5pi1 j , k H i ,  j ,  k - 2 . O p i  - 1 ,  j , k H i  - 1, j , k 

+ O . ~ p i - 7 j , k H i - ? , j , k )  

+ O . S p i , j , k - ? H i , j , k - ? )  = 0. (36) 

-( dX)- 

-(dT)-’ ( 1 . 5 p i , j , k H i , j . k  - 2 . 0 p i , j , k - l H i , j , k - l  

d S  and dY are the meshsizes in .Y- and Y di- 
rection, respectively. i and j are the spatial grid 
indices whereas k denotes the time index. c is 
defined according to: 

c i  , j , b  = ( P i ,  j ,k H : j  ,k )/ ( q i ,  j .k (37) 

The elastic deformation integral is discretised 
according to: 

H i p j , k  = A k  + X i 1 2  + Y3/2 
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Tlie equation of motion is cliscretised according 
to the Newmark integration scheme. This im- 
plicit second order scheme is widely used in tran- 
sient finite element calculations and its derivation 
can be found in e.g. [I] .  The Newmark scheme is 
given by: 
Akt1 = Ak + dT& 

I)rcTllt [ 131. 

and 

For Eq.(20) the Newmark scheme yields: 
n l  n ?  

where 
1 
4 

E = -fi?dT’ and 
1 1 
4 

F = -Q2dT’ + l k  + dTAk + qdT’ A k ,  (43) 

which can be solved by Newton Raphson itera- 
tion. Once Ak+l is known, A k + l  and &+l can 
be calculated from Eq.(39) and (40).  

For the Hertzian contact, Eq.(41) reduces to 

Ak+l + Ehk+l3/ ’  = F (44) 

(45) 

where 

E = -d?’ and 
1 
4 

This equation can easily be solved by the Newton 
Raphson iteration process: 

Ak+i,l+i = &ti,, 

1 (47) 
- l a + i , i  + E Ak+i,r3l2 - F 

1 + 312 F JG 
where & + I , ”  = I&!. Numerical tests have shown 
that, for sufficiently small timesteps, Eq.(47) is 
solved well below discretisation error within only 
two or three iterations. 
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Direct measurement of boundary lubricating films 

V Anghel, P M Cann and H A Spikes 

Tribology Section, Imperial College, London SW7 2BX, United Kingdom 

Using an advanced form of optical interferometry it is now possible to measure lubricant film thickness 
in rolling, concentrated contacts down to 1 nm. This enables a direct study of the presence and properties of 
boundary films in such contacts. 

It is shown that a simple hydrocarbon fluid exhibits no boundary effects down to 1 nm and obeys 
elastohydrodynamic theory down to this thickness. However solutions of long chain surfactants, such as stearic 
and oleic acid in base fluid form boundary films, typically 2 to 6 nm thick in lubricated contacts. These films 
appears to be partially viscous and partially solid-like in that a proportion of the film, usually 1 to 2 nm is 
retained for long periods in the stationary contact. In some cases, these boundary lubricating films are quite 
thick, up to 20 nm, indicating some degree of multilayer formation. This thick film-forming behaviour is, 
however, difficult to obtain repeatably and may be lughly sensitive to the cleanliness of the rubbing surfaces. 

1. BACKGROUND 

The first deliberate use of additives to improve 
the boundary lubricating properties of liquid 
lubricants was reported by Wells and Southcombe in 
1920 (1). They showed that the addition of small 
proportions of long chain carboxylic acids to mineral 
oils reduced friction and ameliorated seizure 
tendencies to such an extent that a refined mineral 
oil attained comparable boundary lubricating 
properties to a natural animal or vegetable oil. 

Wells and Southcombe ascribed ths  behaviour 
to a modification of the surface tension of the oil. 
However this hypothesis was very rapidly superseded 
by the concept that long chain polar surfactants 
adsorb on metal surfaces to form close-packed 
monolayers able to prevent direct contact and 
adhesion of rubbing solids. In the early 1920s, 
Hardy demonstrated that the extent of friction 
reduction produced by surfactant solutions increased 
with chain length up to a critical number of carbon 
atoms, above which it remained constant (2). He 
suggested that the longer the vertically oriented 
chains, the more effectively the solid surfaces were 
separated. 

It was then shown by Desvaux (3), Langmuir 
(4) and later by Bowden ( 5 )  that single monolayers 

of surfactant deposited on surfaces were able to 
reduce friction coefficient down to values 
characteristic of those found using surfactant 
solutions in hydrocarbons. The protection afforded 
by a single deposited monolayer broke down after a 
short period of sliding whilst deposited multilayers 
lasted somewhat longer. From this, the concept was 
developed of a protective monolayer on each surface 
wluch was subject to continuous damage by rubbing 
but which could be repaired by adsorption from 
solution. This model was subsequently extended to 
suggest that adsorbed monolayers are always 
disrupted to some extent at asperity contacts and that 
their main role is to limit the extent of junction 
growth in contacts, thereby reducing the extent of 
solid-solid adhesion (6). The development of the 
monolayer model has been illustrated by Adamson 
(figure 1) and by the 1970s was widely accepted. 

Despite the supremacy of the monolayer model 
outlined above, there were, between 1920 and 1970, 
a number of advocates of the view that boundary 
lubrication involves surface films which are much 
thicker than monolayers. Thus Trillat, in the 1920s, 
used X-ray diffraction to show that a lubricant could 
form an organised layer many molecules thck on 
metal surfaces (8). Work in the 1940s and 1950s, on 
the normal approach of lubricated flats found that 
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there remained a residual, separating film, resistant 
to high load, typically hundreds of nanometers in 
thickness with surfactant-containing oils but not 
with pure, non-polar hydrocarbons (9)( 10). Other 
work used a method of displacing lubricant from a 
steel ball using mercury to show, from capacitance 
measurements. that a thick, residual surface filni on 
the steel was far more slowly displaced than the bulk 
fluid(1l). 

(a) Hardy 

(b) Bowden and Tabor 

(c) Adamson 

Figure 1 Monolayer adsorption models of 
boundary lubrication (7)  

Thus the exact nature of boundary lubricating 
films in real, high pressure contacts remains 
unclear; whether they are monolayer or multilayer 
films; whether they have essentially solid-like 
properties or are mobile and viscous like. The 
controversy has been fully reviewed by Allen and 
Drauglis (1 2). 

The problem in resolving this issue lies in the 
indirect and inferential nature of most boundary 
lubrication studies. Boundary lubricant f i l m  are 
very thin and, when operating, are contained and 
concealed within two relatively very large, opaque 
bodies where they cannot be observed directly. This 
has led to there being two alternative, both somewhat 
unsatisfactory approaches to studying boundary 
lubricating films. One is simply to measure friction 

properties in real contacts and attempt to deduce the 
nature and properties of the films from the observed 
behaviour and its dependence. for example, on 
surfactant chain length. concentration or 
temperature. The second is to move away from a real 
lubricated contacts and to examine the adsorption 
properties or rheology of near surface films, using 
techniques such as X-ray diffraction, force balance or 
infrared adsorption. The problem here is that the 
f i l m  being studied are subject to very different and 
usually far gentler conditions than those prevailing in 
real contacts. 

The first of these approaches has shown that 
monolayers can reduce friction to boundary 
lubrication levels but has not been able to definitely 
establish whether films present in real contacts are 
indeed only monolayers. The second has shown that 
additive solutions can interact with polar solid 
surfaces to form layers of modified rheology many 
nanoinetres thick, but has not been able to establish 
whether such thick film effects survive or have any 
relevance in real contact conditions. 

The aim of the work. whose first stages are 
described in this paper, is to apply the technique of 
ultrathin film interferometry to measure the true 
thickness and nature of boundary films in lubricated 
contacts. As the paper will show, the answer is not 
yet clear-cut and boundary film thickness may 
depend critically on the history, cleanliness and pre- 
treatment of the metal surfaces. 

2. EXPERIMENTAL TECHNIQUE AND 
MATERlALS 

2.1 Ultrathin film interferometry 

The principle of the ultrathin film interferometric 
technique is shown in figure 2. 

A contact is formed between the flat surface of 
a glass disc and a reflective steel ball. The glass disc 
is coated with a thin, semi-reflecting layer of 
chromiuni on top of which is a layer of silica about 
500 nni thick. White light is shone into the contact 
and some is reflected from the chromium layer 
whilst sonie passes througli the spacer layer and any 
lubricant film present to be reflected from the steel 
ball. The two beams recombine and interfere and 
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the spacer layer ensures that interference will occur 
even if no oil film is present. 

Figure 2. Schematic diagram of ultrathin film 
method. 

The interfered light from a strip across the 
contact is then passed into a spectrometer where it is 
dspersed and detected by a solid state black and 
white TV camera. A frame grabber is used to 
capture this image at a preselected moment and a 
microcomputer program determines the wavelength 
of maximum constructive interference in the central 
regon of the contact. The lubricant fi lm thickness is 
then calculated from the difference between the 
measured film thickness and the thickness of the 
silica spacer layer at that position (1 3 ) .  Accurate 
determination of film thickness, particularly in the 
thin film regon, requires a number of careful 
corrections to be made including allowance for the 
non-linearity of response of the system to 
wavelength and the variation of refractive index of 
lubricant and spacer layer with wavelength. 

In each test, the silica spacer layer thickness is 
initially recorded using an angular encoder, at a 
series of set positions around the disc using a dry 
contact. Lubricant is then applied and a series of 
film thickness measurements are made at different 
rolling speeds. In doing this, the position encoder is 
used to ensure that interference images are detected 
and grabbed from these same positions where the 
spacer layer thickness has already been determined. 

The test rig used is shown in figure 3. Both ball 
and disc can be independently driven but in the work 
described here the disc was rotated and itself drove 
the ball in nominally pure rolling. The studies 
described here all employed commercial, 19 mm 
diameter, AISI 52100 steel balls of root mean square 
surface roughness 11 nm and were made at a load of 
20 N which corresponds to a maximum contact 
pressure of 0.52 GPa. Under these conditions the 
central part of the contact experiences about 2 pm of 
elastic flattening and forms a circular contact of 
between 250 and 270 pin diameter. 

The whole contact is contained in a 
temperature-controlled chamber and in this work the 
temperature was maintained at 25°C f 0.5”C. The 
quantity of lubricant used was typically 3 cm3 per 
test. This was applied to the ball at the begtnning of 
the test. After lubricant application, some tests were 
started immediately but more commonly, ball and 
disc were held stationary at the set temperature for a 
fixed “presoak” period before motion was begun. 
This was to investigate the existence of any time- 
dependent adsorption effects. 

Figure 3 :  Test rig for film thickness measurements. 

2.2 Steel ball cleaning technique 

As will be indicated in the results, the 
thickness of film formed appears to be very 
dependent upon the cleaning technique used. In this 
study, the ball support and glass disc were heated in 
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boiling analar toluene for about 30 minutes. They 
were then cooled to about 80°C, removed from the 
toluene and rinsed with analar acetone. 

Two different techniques were used for 
cleaning the ball. In one the steel ball was boiled in 
toluene and then rinsed in acetone in a similar 
fashion to the glass disc. In tlie second, the ball was 
soxhletted in analar chloroform for one hour and 
then rinsed in analar propan-2-01 (isopropanol) 
before being dried in an oven at 60°C for ten 
minutes. 

2.3 Materials Used 

In all work the lubricant base fluid used was 
hexadecane. This was purified by mixing with 
activated alumina and silica gel and was filtered 
prior to use. 

The boundary lubricant additives employed 
were hexadecanoic (palmitic) acid, octadecanoic 
(stearic) acid and oleic acid. The stearic acid and 
oleic acid were 99+ grade and was used as received. 
The palmitic acid was recrystallised from ethanol. 

3. FILM THICKNESS OF HEXADECANE 

Figure 4 shows a plot of log(film thickness) 
versus log(rol1ing speed) for purified hexadecane. 
Four sets of results are included to indicate the level 
of repeatability. 

. . . . . . . . . . . . . . . . . , . . . . . . . . . . , . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . , , . . . . . . . . . , . . . . . . . . . 

-1 I I 

0.001 001 0.1 1 10 

Speed (mk) 

Figure 4. Film thicknesdspeed plot for 
hexadecane at 25°C 

According to elastohydrodynamic theory, 
central film thickness, h, is given by (14): 

where U is the mean rolling speed (U1+U2)/2, q is 
the dynamic viscosity of the lubricant in the inlet at 
atmospheric pressure and a is the pressure viscosity 
coefficient of the lubricant (dlnq/dp). Thus a log/log 
plot should be a straight line of gradient about 0.67. 
Since figure 4 forms a straight line plot close to this 
gradient and is linear down to 1 mi. this suggests 
that hexadecane obeys EHD theory down to this 
thickness. It  is important to note that EHD film 
thickness is determined not by the viscosity of the 
lubricant within the contact itself but by the viscosity 
of tlie fluid in the immediate contact inlet, where the 
film gap reduces from about 211, to 11, at the inlet 
edge (15). Thus the fact that equation 1 is obeyed 
down to 1 nm thickness for hexadecane indicates 
that its viscosity remains at the bulk value within 2 
nni of the surfaces. Previous work has shown 
similar behaviour for other saturated hydrocarbon 
fluids ( 15). 

4. FILM THICKNESS OF SURFACTANT 
SOLUTIONS 

Figure 5 shows results of two tests using 
0.1% wt. palmitic acid in hexadecane with the 
toluene/acetone cleaning method described above. 
The beliaviour of hexadecane is shown by a solid 
line. Two sets of data points are included for each 
test. One shows how film thickness varies as speed 
is steadily increased (fwd) in the first half of a test 
whilst the second shows the response of fi lm 
thickness to the speed being subsequently decreased 
(back). I t  can be seen that both tests give quite 
similar, thick boundary films of about 15 nni 
thickness at slow speed. In the second stage of each 
test, this boundary film thickness is somewhat 
reduced to between 4 and 8 nm. At high speeds, the 
film thickness follows the classical Dowson and 
Hamrock relationship with a log(film 
thickness)/log(speed) gradient of about 0.7. 
Interestingly, the film thickness at high speeds 
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appears to be rather lower than that formed by 
hexadecane. 
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Figure 5. Film thickness/speed plot for 0.1% wt. 
palmitic acid at 25°C 

Figure 6 shows similar results for stearic acid 
in hexadecane at two concentrations. The behaviour 
is broadly similar to that for 0.1% wt. palmitic acid 
although the boundary film thickness is considerably 
less, at 7 to 10 nm. There appears to be no 
significant concentration effect. 
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Figure 6. Film thickness/speed plots for stearic 
acid solutions at 25°C. 

A large number of tests have been carried out. 
Whilst many show the thick boundary film 
behaviour exemplified in figure 5 and 6, in others a 

thinner boundary film, only about 2 nm thick, 
formed initially although sometimes a thicker film 
was evident in the second stage of the test. Pre- 
soalung the ball in the additive solution did not 
appear to influence film formation. 

In an attempt to reduce scatter. the second, 
the more rigorous cleaning procedure involving 
chloroform and isopropanol outlined above was 
adopted. This had the effect of increasing the 
proportion of tests in which a thick film formed but 
did not entirely remove the variation. Figure 7 
shows a test in which the normal film measurement 
procedure was deliberately extended. The normal 
test procedure was first carried out. measuring film 
thickness as the speed was raised and then lowered. 
Then the whole measurement procedure was 
repeated. It can be seen that there is a time effect; 
the boundary film is initially about 2 nm but 
increases during running to about 8 to 10 nm. 
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Figure 7. Two stage film thickness/speed results 
for palmitic acid solution at 25°C 
(chloroforndisopropanol cleaning) 

This time effect was explored further. Figure 
8 shows results from an extended test using a 0.1% 
wt. solution of oleic acid and employing the 
toluene/acetone cleaning procedure. Three 
successive sets of film thickness measurements were 
made, each separated by a one hour period during 
which the ball was rolled against the &sc at 0.1 m/s. 
The first two stages show no measurable film 
formation and. indeed, a thinner fi lm than for 
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hexadecane. This is probably due to some removal 
of spacer layer. By the third stage. however, a 
boundary film about 6-8 nni in thickness has clearly 
formed. 

100 ... . . . . . . .. . . . . . . . . . . . . . . . . . . . . . . . . 

- Hexadecane 

0.001 0 01 0.1 1 10 

Speed (ink) 

Figure 8. Three stage film thickness/speed results 
for oleic acid solution at 25°C 
(chloroform/isopropanol cleaning) 

5. DISCUSSION 

It  is important to note at the outset that the 
base fluid, purified hexadecane, exhibits classical 
EHD behaviour down to about 1 -2 nni, indicating 
that it gves no anomalous rheological behaviour or 
boundary film down to this thickness. This makes it 
possible to interpret effects seen with additive 
solutions as resulting from the surface behaviour of 
the additive niolecules themselves; i.e. as boundary 
film effects. 

The results using surfactant solutions so far 
carried out show considerable scatter, with 
behaviour varying between alternative two modes of 
behaviour, thick film formation and thin film 
formation. 

5.1 Thick Boundarv Films 

There is clear evidence that in some 
conditions, long chain carboxylic acids form quite 
thick films, up to and even in excess of 10 nm 
thickness. Such a value implies many equivalent 

monolayers since the surfactants used in this study 
have chain lengths of between 2 and 2.5 nni when 
fully aligned. These boundary films appear to 
become thinner at very slow speeds and are also 
partially lost on halting the rolling motion. This 
type of beliaviour has previously seen with polar 
polymer solutions and is believed to indicate the 
presence of a surface film of enhanced viscosity ( 16). 
It is not yet known whether these thick films 
represent ordered niultilayers or a more disordered, 
paste-like material 

As the speed is raised, these films often 
exhibit some instability, reflected in very variable 
and often decreasing film thickness in the 
intermediate speed range of about 0.1 m/s. At high 
speeds the influence of thick boundary films on 
overall film thickness appears minimal and. indeed. 
the film thickness observed is often less than that of 
pure hexadecane. This may result from some EHD 
starvation at high speeds. It was observed that the 
rubbed track of the ball out of contact often appeared 
dry even though the contact was surrounded by a 
meniscus of oil at all times. This is likely to result 
from the formation of oleophobic layers on the 
surfaces. It has previously been noted that highly 
organised surfactant layers on solid surfaces can 
render the surfaces non-wetting by solvents ( 1  7). 

The boundary films formed by palmitic acid 
were consistently higher than those formed w t h  
stearic acid. This may possibly be related to a 
“chain matching” effect since palniitic acid and 
hexadecane have the same number of carbon atoms 
(18). 

5 . 2  Thin Boundarv Films 

When no thick boundary film was initially 
formed, a much thinner boundary filni of about 2 nni 
was often seen. This is approximately equivalent to 
one vertically oriented nionolayer and may indicate 
the presence of approxiniately iiiononiolecular filnis 
in accord with the conventional boundary lubrication 
model. This film was generally found to remain in 
the contact after halting, suggesting that it was a 
more immobile or “solid like” film than the thick 
film. 
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5.3 Variabilitv of Film Formation 

Thus far the study has not been able to obtain 
fully repeatable results. This precludes. so far, the 
possibility of quantitative interpretation but it does 
clearly show that two alternative modes of behaviour 
can take place. It also sheds some light on the long- 
standing controversy in the literature over the 
thickness of boundary films. Nominally very similar 
test conditions may result in  either monomolecular 
or considerably thicker films. 

From the results carried out so far it appears 
that the extent of thick film formation is determined 
by a coupling of cleaning method and running time. 
As the rigour of the cleaning technique used is 
increased, it becomes more likely that a thick 
boundary film will form rapidly. However, even 
with a less rigorous cleaning, extended rolling will 
eventually form a thick film. 

Boundary lubrication studies are notoriously 
sensitive to the influence of surface cleaning and 
contamination and many different cleaning 
procedures have been described in the literature. 
These all tend to be based on one or two solvent 
cleaning stages, often followed by a mechanical 
cleaning process such as fine polishing or ionic 
bombardment. The former is designed to remove 
adsorbed or reacted oily molecular species, including 
any preservative oil present on the metallic surfaces. 
The latter presumably has the effect of abrading any 
solvent-irremovable film and possibly also any 
residues left from the evaporating solvent itself. 
With an already highly polished ball it is quite 
 cult to carry out a final mechanical cleaning 
procedure. It is thus quite likely that the ball surface 
remains partially contaminated even after solvent 
cleaning. Such contamination would need to be 
only a fraction of a monolayer thick to disrupt the 
formation of a complete adsorbed surfactant layer. 

Two possible hypothesis are advanced to 
explain the observed variation of thick film 
formation with cleaning and time. One is that the 
formation of multilayers and thus thick boundary 
films is critically contingent on the initial formation 
of a coherent monolayer to provide the template for 
further layer formation. Only when a regular and 
even monolayer is formed can further layers develop. 
Thus thick boundary film formation will be 

especially sensitive to surface cleanliness and it is 
possible that extended rolling helps to form the 
crucial single monolayer by conditioning the 
surfaces Alternatively it is possible that, whilst 
monolayers can be formed by direct adsorption of 
surfactant monolayers, multilayers can only be 
formed by carboxylic acid salts or soaps. In this 
case, cleanliness might determine the accessibility of 
metallic oxides for reaction with surfactant and 
extended running might promote the formation of 
insoluble soaps on the surfaces. 

Clearly further work must be carried out to 
investigate the influence of cleaning and other 
experimental factors on thin versus thick boundary 
film formation and this is currently being 
undertaken. 

6 .  CONCLUSIONS 

Using ultrathin film interferometry it is now 
possible to measure lubricant film thickness in 
concentrated. rolling contact down to about 1 nm. 
This shows that purified hexadecane continues to 
show conventional EHD behaviour down to below 2 
nm, with no evidence of anomalous rheologtcal 
behaviour. 

Long chain surfactant solutions in  
hexadecane show very variable boundary film 
behaviour and this is believed to represent subtle 
variations of the ball and disc cleaning procedure 
and also subsequent running time. Some tests show 
clear evidence of the formation of quite thick 
boundary films. up to 15 nni thickness. These films 
are equivalent to several monolayers of surfactant. 
The films appear to behave in a partially viscous 
fashion in that film thickness falls at very slow 
speed. In an alternative mode of behaviour. other 
tests show the presence of boundary films of the 
order of 2 nm thickness, which is equivalent to about 
one vertically oriented surfactant molecular layer. 
The presence of these two alternative types of 
behaviour in tests carried out under nominally 
identical conditions may help explain the thin versus 
thick boundary film controversy present in the 
literature. 
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Performance of Environmentally Adapted Hydraulic Fluids at Boundary 
Lubrication 
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Abstract 

The lubricating performance of environmentally adapted hydraulic fluids in boundary lubrication situations has 
been examined and compared to that of a conventional mineral oil based hydraulic fluid. 

The oils tested were all fully formulated hydraulic oils with the same IS0 viscosity grade. Oil A was a conven- 
tional mineral oil whilst oil's B and C were mixtures of rape seed and synthetic ester oils; oil C containing a 
significantly higher amount of synthetic ester than oil B. Oil D was a pure synthetic ester based hydraulic fluid. 

The ability of the test oils to reduce friction and wear was investigated in a Plint and Partner High Frequency 
Friction Machine (TE 77B). In all the tests the contact geometry was of the cylinder-plate type and the contact 
surfaces were of roller bearing steel. The sliding friction force was measured at different oscillating sliding speeds, 
contact pressures and temperatures. The wear tests were performed at constant load, speed and temperature. 

Multifactor analysis showed that the main factors affecting the coefficient of friction at the contact were oil type, 
temperature, sliding speed and load. The coefficient of hction decreased with increasing sliding speed and load and 
increased with increasing temperature. The environmentally adapted hydraulic fluids were seen to give lower 
friction compared to the conventional mineral oil based hydraulic fluid. 

Further analysis of variance showed that combined interaction effects exists, but at much lower order of magni- 
tude than the main effects. 

A comparison between friction measurements in elasto-hydrodynamic lubrication and boundary lubrication 
showed that the environmentally adapted hydraulic fluids gave lower friction under both lubricating conditions. 
This implies low shear stress and minimal temperature rise in  concentrated contacts, which increase life of both 
hydraulic equipment and fluid. 

The wear tests indicated that the environmentally adapted hydraulic fluids resulted in higher wear rate than the 
mineral oil based hydraulic fluid. This is thought to be a result of the competition between the polar molecules of 
the environmentally adapted base oils and the anti-wear (AW) and extreme pressure (EP) additives, in covering 
metal surfaces. The superior lubricity of the environmentally adapted hydraulic fluids seems not to be sufficient to 
replace the use of AW andor EP additives in a fully formulated product. When choosing EP or AW additives for a 
non mineral oil based product, the interference between base oil molecules and additive molecules must be con- 
sidered. 

1 .  Introduction lic systems in the forest industry contains a large 
quantity (app. 400 litres) of hydraulic fluid. These 
machines are used in environmentally sensitive 
forests where leakage caused by a broken hydraulic 
hose could cause severe damage. For thls reason it is 
necessary to substitute mineral oils with environ- 
mentally adapted oils. 

Environmental awareness has increased in recent 
years and the fact that the environment can't cope 
with the pollution rate that exists today has forced 
the petroleum industries to produce so called 
environmentally adapted lubricants. Mobile hydrau- 
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The main task of a hydraulic tluid is to transfer 
energy from the pump to a "consumer" such as an 
actuator or motor. The most critical component in  a 
hydraulic system is the pump. In mobile hydraulic 
systems much effort has been aimed at reducing the 
weight of components and flow rates of hydraulic 
oil. To reduce an actuators weight and the flow rate, 
the piston area has to be minimised whilst, in order 
to maintain the actuators load capacity, the system 
pressure has to be increased. The result of these 
changes are higher system temperatures and pump 
requirements. The hydraulic fluid must be able to 
reduce wear and friction at high temperatures in 
pumps that are at the limits of their capabilities. 

The aim of this paper is to compare the performance 
of three environmentally adapted hydraulic fluid with 
a conventional mineral oil based hydraulic fluid in 
boundary lubrication conditions. Boundary lubrica- 
tion was selected for investigation because it is the 
dominant lubrication regime in  highly loaded 
hydraulic pumps. Boundary lubrication performance 
is mainly characterised by the fluids ability to reduce 
friction and wear in contacts where sliding surfaces 
are not fu l ly  separated by a fluid film. In these 
contacts the asperities come into contact with each 
other and micro welding, seizure and wear can occur. 

2 .  Experimental Method 

The tests described in this paper were performed 
using a Plint and Partner High Frequency Friction 
Machine (TE 77B). In all tests the contact geometry 
was of cylinder-plate type and the contact surfaces of 
roller bearing steel. The main parts of the equipment 
are shown in Figure 1 .  

2 . 1  Friction measurements 
Measurements were made with the contact area 

flooded with oil and the oil bath held at constant 
temperature, with a maximum error of M.5"C . In 
order to increase repeatability, all friction measure- 
ments were performed with new cylinder surfaces 
and a plate that had been run in. The friction 
machine moves the steel cylinder in a sinusoidal 
motion relative to the plate, with a amplitude of 2.5 
mm. The cylinder-plate geometry was created by 
using the flat end of the larger roller as the plate and 
the smaller roller as cylinder. (See Figure 1.) The 
steel cylinder and plate were standard bearing rollers 
of hardness Vickers 850. 

In the friction tests the load was varied between 40- 
80 N, in five steps. This corresponds to a maximum 
pressure according to Hertz of ca. 350 to 500 MPa. 
The maximum relative sliding speed was varied in 
five steps from 0.08 to 0.3 m/s. The temperature in 
the oil bath was varied in three steps between 40 and 
80°C. 

U 
Figure 1. Moving plint (1) with upper specimen (3) 
and oil bath (2) with fixed specimen (4). 

2 . 2  Wear measurements 
Because of the short duration of the friction 

measurements, there are very little wear. In order to 
create a significant wear scar, the tested tribo contact 
was run at a higher load than used in the friction 
measurements for 22 hours. The wear scar on the 
cylinder from each oil test was measured and the 
removed material volume calculated. 
In the wear tests the temperature was held at 8O"C, 
the maximum relative sliding speed was 0.08 m/s 
and the normal load 200 N. The normal load in the 
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wear tests corresponds to a 780 MPa maximum 
pressure according to Hertz. This pressure is only 
present in the beginning of the wear test due to the 
growing wear scar. 

2 . 3  Tested oils 
The tested oils were all hydraulic oils within the 

same IS0 viscosity grade. These oils are fully 
formulated and three of them are put out on the 
market as environmentally adapted hydraulic fluids 
and one is a conventional mineral oil based 
hydraulic fluid. Oil data from the manufacturer and 
data from earlier research are presented in table 1 and 
2. 

2 .4  Lubricating film thickness 
The minimum lubricating film thickness (hmin) was 
calculated for the line contact between cylinder and 

plate using the theory of elasto-hydrodynamic lubri- 
cation in rectangular contacts. Houpert and Hamrock 
(1986). 

The minimum lubricating film thickness is given 
by : 

Due to the sinusoidal motion of the plint, the rela- 
tive velocity between cylinder and plate will reach 
it's maximum at the midpoint of travel. Any possi- 
ble full film lubrication is thus only likely to be 
present during a limited part of the total stroke. 

Table I 
Physical Data for tested hydraulic oils. 

A B C D 
Base oil. Mineral Rape seed and Rape seed and Synthetic ester 

Viscosity 
40°C [mm2/s]. I .  44.8 37.7 47.9 46.7 
Viscosity 
1 0 0 0 ~  [mm*/s]. 1 .  11.68 8.90 10.70 9.30 
Viscosity index 268 228 222 187 
Limiting shear strength 
proportionality constant (y) 0.054 0.038 0.038 0.039 
40°C. 2. 
Limiting shear strength 
proportionality constant (y) 0.053 0.036 0.037 0.038 
80°C. 2. 

synth. ester synth. ester 

EP, AW additives. I .  ZDDP s, P 3 .  TPPT P 3  

Table 2 
Chemical analysis for tested hydraulic oils. l .  

A B C D 
s [ppml 1525 1500 338 0 

p [ppml 414 714 385 233 

Ca [ppml 100 26 18 11 

Data from manufacturer. 
Data from Kassfeldt et al. (1996). 
The EP, AW additives exact formula and proportions are not known. 



470 

0.11 

0.1 

0.09 

0.08 

The relative velocity as a function of tinic is derived 
as: 

- 
-- - 
-- 

c_- 

-- 

x = ~ c o s  (27cff) 
U 

II = V, = maximum relative sliding speed 

In order to determine the state of lubrication, the 
dimensionless film parameter was calculated. 

R q , u  = rms surface finish of surface a 

R q . b  = rms surface finish of surface b 

The four regimes of lubrication corresponds to the 
following film parameter intervals. 

-Hydrodynamic lubrication, 5 S A < 100 
-Elastohydrodynamic lubrication, 3 I A < 10 
-Partial lubrication, 1 I A < 5 
-Boundary lubrication, A < 1 

The film parameter was calculated for all oils at 
every combination of speed, temperature and load. 
The calculations show that the film parameter never 
reaches more than about 0.9 for the lowest tempera- 
ture and load at the highest speed and thus boundary 
lubrication is the dominant lubrication regime in  all 
friction measurements made in  this paper. At the 
highest load and temperature and lowest speed, the 
film parameter was about 0.1. 

3 .  Friction measurement results 

A multifactor analysis of variances shows that 
the main factors affecting the coefficient of friction 
are oil type? temperature, sliding speed and load. The 
coefficient of friction decreases with increasing 
sliding speed and load, and increases with increasing 
temperature. 

The oil type effect shows that the environmentally 
adapted hydraulic fluids give less friction compared 
to the conventional mineral oil based hydraulic 
fluid. This behaviour is consequent for all 
temperatures speeds and loads. 

1 I 1 I 
A B C D 

Figure 2. 99% confidence intervals of 
coefficients for respective oil. 

Coefficient of friction 

0.11 , 

0 . 1 1  

U.. 

friction 

Figure 3. Coefficient of friction vs. maximum 
sliding speed. 

Figurc 2. shows the 99% confidence intervals of 
mean coefficients of friction for each oil. Oil A 
clearly gave the highest friction coefficient whilst 
oil C gave slightly higher friction than oil B .  
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Figure 3 shows the environmentally adapted hydrau- 
lic fluids superior ability to reduce friction at 60°C 
and 430 MPa maximum Hertzian pressure. 

The friction behaviour when changing load and 
sliding speed is shown in Figure 4; the coefficient 

of friction increasing with increasing temperature. 
The coefficient of friction decreases with increasing 
load and speed. It can also be seen from Figure 4 
that oil D shows the lowest speed and load 
dependency. 

CL 

0 

CL 

0.115 0.115 

0.105 0.105 

0.095 0.095 

0.085 0.085 

0.075 0.075 

CL P 

0. 

v [ d s l  rnax v [ d s l  max 

Figure 4. Friction behaviour at 80°C. 
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4. Wear measurement results 

The results from the wear tests show that the 
environmentally adapted oils give approximately 3-6 
times greater wear volume than the conventional 
mineral oil. 

The coefficient of friction was measured during the 
wear tests. These measurements showed that the 
mineral oil resulted in higher coefficient of friction 
but lower wear rate compared to the environmentally 
adapted oils. 

5 .  Discussion 

Synthetic esters have good built in boundary 
lubrication properties under mild wear conditions. 
The long polar molecules of the synthetic ester base 
oil adhere to surfaces by adsorption. These anti-wear 
molecules are not very powerful because they tend 
to be sheared off under more severe wear conditions 
and are disadsorbed when the surface temperature 
rises much over 100°C. Mortier et al. p 273 (1994). 

In a fully formulated hydraulic oil, the polar ester 
groups will compete with anti-wear additives in 
covering the metal surfaces. If the ester groups are 
too polar, they, and not the anti-wear additives, will 
preferentially cover the metal surfaces. This can lead 
to an increase in wear rate because of the polar ester 
groups low anti-wear efficiency under severe wear 
conditions. Van der Waal (1985). 

Rape seed base oils contain long polar molecules 
and therefore have good built i n  boundary 
lubrication properties. The polar molecules in the 
rape seed oil function in the same way as the polar 
ester groups and can thus interfere with anti-wear 
additives. 

Data from additive manufacturers show that TF’PT, 
which is the anti-wear additive in oil C, shows 
better anti-wear performance than ZDDP when used 
i n  a mineral oil. This implies that the base oil 
characteristics can interfere with the additive perfor- 
mance, as suggested by Van der Waal. 

The interference of the polar molecules with the 
anti-wear additive can be an explanation for the poor 
anti-wear results that oil B, C and D gave in the 
tests presented in this paper. 

The wear tests carried out showed that the AW 
properties of the environmentally adapted hydraulic 
fluids are not comparable to a standard mineral oil 
with AW and EP additives such as ZDDP. 

Pure base oils of rape seed and/or synthetic esters 
gives better AW results compared to pure mineral 
oil, as shown by Kabuya et al. (1995). These results 
are, however, not applicable to fully formulated 
products with AW and EP additives due to the inter- 
ference of the polar ester and rape seed oil molecules 
with these additives. 

A comparison with friction measurements at elasto- 
hydrodynamic lubrication , Kassfeldt et al. (1996). 
shows that the environmentally adapted hydraulic 
fluids result in lower friction under both elasto- 
hydrodynamic and boundary lubrication conditions. 
This implies low shear stress and low temperature 
rise in concentrated contacts, which extends life of 
both hydraulic equipment and fluid. 

Experience from field tests shows that hydraulic 
machinery with environmentally adapted hydraulic 
fluids has lower system temperatures than equivalent 
systems filled with conventional hydraulic fluids. 
This can not be explained solely by the lower fric- 
tion losses. According to Wits (1989), synthetic 
esters have a 5-1096 higher specific heat capacity 
compared to mineral oils. This will directly reduce 
the temperature rise of the oil by a corresponding 5- 
10%. The thermal conductivity is also higher for the 
synthetic esters compared to mineral oil,  
Wits (1989). High thermal conductivity will reduce 
surface temperatures in concentrated contacts. 
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Influence of Lubricant Additives on Friction in a Disc Machine 

€1. Yu and J.R. Mcdley 

Department of Mechanical Engineering 
University of Waterloo, Waterloo, ON N2L 3G1, Canada 

The friction behaviour of base stock and formulated lubricating oils under conditions of continuous 
elastohydrodynamic lubrication (ehl) and nicro-ehl were investigated in a side-slip disc machine by varying the surface 
roughness of the discs. LJnder micro-ehl conditions, the fnction was 2 - 3 times larger than under ehl conditions and the 
additives produced si@icant dfiamces in the friction. For ehl, small but distinct and repeatable differences in friction 
were produced by the additives. These differences permitted the derivation of a limiting shear stress expression as a 
function of pressure, using an empirical approach suggested in the literature, for each of the lubricants. The friction 
measured under micro-ehl conditions along with an estimation of the real area of contact allowed an alternative 
evaluation ofthc limiting shear stress which agreed quite well with the predictions based on the friction measured under 
ehl conditions. Thus, it was suggested that fnction measurements under ehl conditions could be used to evaluate and 
explore the duence. of additives on the hit ing shear stress. Furthermore, a simple model for fnction in micro-ehl was 
developed which was consistent with the results of the present investigation. 

NOMENCLATURE 

a radius of Hertzian contact circle 
A, , A, apparent, real area of contact 
dqve, d.vg* average surface. asperity height 
E 
F 
Ff 

h c  

m 
n 
P 
R 
T 
U 

zm.zm* 

P 
a 

q 0  
A 
P 

P 
a ,  a* 
(Jr 

t L  

V 

‘T> ‘B 

4 

reduced elastic modulus 
load 
friction force 
central film thickness 
limiting shear stress index number 
asperity density 
pressure 
reduced radius 
lubricant supply temperature 
entrainment velocity 
dimensionless surface, asperity separation 
pressure-viscosity coefficient 
average asperity tip radius at separation z 
viscosity at atmospheric pressure 
lambda ratio 
coefficient of friction 
kinematic viscosity 
lubricant density 
std deviation of surface. asperity heights 
composite RMS surface roughness 
RMS roughness of top, bottom discs 
limiting shear stress 
skew angle 

1. INTRODUCTION 

Crankcase oils are “graded” according to their 
viscosity variation with temperature but their “service 
category” depends on performance in fidl engine tests 
which is influenced significantly by the efficacy of their 
additive packages. One aspect of additive performance 
is how they accommodate shear. This rheological 
behaviour influences friction and, in engines, fiiction is 
an important part of the overall energy efficiency and is 
related ultimately to engine wear. 

New additives are proposed frequently by lubricant 
chemists but it is much too expensive to evaluate them 
in full engine tests. The simplified standard lubricant 
tests, such as those involving 4-ball (ASTM D2266) and 
Timken (ASTM D2509) devices, may be helpful 
indicators of the combined rheological-chemical 
additive behaviour but cannot be related, with precision. 
to performance in full tmgine tests. Therefore, it is 
useful to develop new simple and inexpensive tests for 
evaluating rheological behaviour of lubricant additives 
which. on their own or in conjunction with existing 
standard tests. can give a better indication of lubricant 
performance in full engine tests. 

In many engine bearings, elastohydrodynamic 
lubrication (ehl) films are thm enough to allow 
individual asperities to play a role in the tribology. 
These asperity interactions may be “cooperative” in that 
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they interact with each other to maintain a relatively 
continuous lubricant film. I Iowever, as the surfaces 
approach more closely. thcrc may be a transition to 
"isolated" micro-ehl in which each asperity contact acts 
as an individual bearing. Eventually. surfacc films of 
molecular dimensions may begin to interact and the 
fiiction is governed by the chcmical bchaviour of these 
surfacc films rather than lubricant rheology. 'Ihs is 
known as boundary lubrication. Additive packages arc 
often considered to bc developed for boundary 
lubrication but mim-ehl may be a much more common 
state and thus performance of additives under these 
conditions may be important. 

The purpose of the present study is to explore the 
influcnce of additives on friction in ehl and micro-ehl 
using a side-slip disc machine of a particular nominal 
point contact geometry. In the long term. a simple, low 
cost test procedure for quant@ing additive rheological 
bchaviour is sought. 

DISC niaehcs havc been used to study ehl for many 
years. The lubricant film can be subjected to various 
combinations of rolling and sliding velocity and fixtion 
forces can be mcasured accurately. 

Jefferis and Johnson ( 1968) used a disc m a c h e  to 
study thc d u c n c e  of surface roughness on hction in 
lubricated contacts. They found that when lubricant filni 
th~cknesss docrcad i%ction increased only slightly with 
asperity interaction and suggested that, even with very 
rough surfaces, the lubricant rheology dominated the 
traction between the discs. More recently, disc machine 
experiments by Evam and Johnson (1 987). Johnson and 
Higginson (1988) and Sutcliffe (1991) supported this 
view with more data, dlrectly linking friction at asperity 
contacts to bulk lubricant rheology. Unfortunately, the 
role of lubricant additives on the friction at asperity 
contacts was not examined. 

Lubricant additives were examined by Snyder et al 
(1 984) using the disc machine of the present study but 
their investigation emphasized the influence of additives 
on ehl film thickness rather than rheology. Much of 
their work was performed under conditions of 
continuous fluid film lubrication and they reported that 
no si@icant changes in their peak traction coefficients 
were seen with any of the additives. 

Recently. sophisticated instrumentation has been 
developed for measuring two dimensional maps of shear 
stress w i t h  ehl contacts (Cam and Spikes, 1989; 
Spikes, 1994) and profiles of shear through ehl film 
thicknesses (Bair et al, 1993). Such devices provide a 
much more direct measurement of lubricant rheology 

than an overall friction force measurement from a disc 
machine and can be used to investigate additive 
behaviour. but they may not be so suitable as simple. 
low cost test procedures. 

2. MATERIALS AND METHODS 

2.1. Lubricants 
'Ihrec formulations of a low viscosity mincral oil 

(from Imperial Oil Ltd) were used in the present study 
(Table I) .  The first oil was base stock alone (MCT 5 )  
while the second was base stock with 0.5 %by weight 
of a friction modifier (MCT 5 + FM). The fiiction 
modifier was a long chain polar molecule that attached 
ionically to thc metal surfaces. In automobile engine 
tests, the fuel consumption would decrease because of 
this additive. The third oil was the base stock with 2 % 
by weight of an extreme pressure additive (MCT 5 + 
El-'). 'Ihe extreme pressure additive was angiamol33, 
a sulphur-phosphorus compound, and the efficacy of this 
additive could be demonstrated in a 4-ball test (ASTM 
D2566). 

The supplier (Imperial Oil Ltd) provided the 
kinematic viscosity (v) and the density (p) at the 
appropriate standard tcrnperatures for each lubricant 
(Table 1). Following the established ASTM procedures, 
an absolute viscosity (qlo ) was predicted at the lubricant 
supply temperature in the present experiments for each 
of the lubricants. These values of q, werc checked by 
meawmnents with a Brookfield visconieter and showed 
acceptable agreement. 

Table 1 
Lubricant Speclfcations 

T MCTS MC'I'S MCTS 
("Q + F M  + E P  

v (cSt) 40 18.47 19.12 18.46 

v (cst) 100 3.796 3.803 3.800 

p (g/ml) 15 0.851 0.854 0.858 

2.2. Disc machine 
A side-slip disc inachiue (Fig I and 2) was used to 

provide a simple method of subjecting a lubricating oil 
to high pressures and a range of low shear rates, while 
maintaining an almost constant ehl film thickness. The 
load was applied by hanging weights on the top disc. 
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An oil damper waq placed below the weights and a pivot 
was provided in the hanger rod so that the weights did 
not move when the top disc was skewed (rotated in the 
plane of the contact zone). Both of these features acted 
to reduce the mechanical vibrations at the higher rolling 
speeds and loads. A DC motor drove the bottoiii disc 
which in turn drove the top disc, at about the same 
surface velocity, by virtue of friction acting through the 
contact. By skewing the top disc manually, a side-slip 
velocity was imposed aud continuously increased, thus 
causing a friction (traction) force which acted sideways 
(perpendicular to the rolling direction). The friction 
force was measured by a load cell whch used strain 
gauges and the skew angle (+) was measured with a 
displacement transducer. A digital data acquisition 
board (PC-LPT- 16 from National Instruments, Austin, 
Texas) was used with a purpose-built signal 
conditioning unit (Wheatstone bridge, amplifier and an 
analog anti-alaising filter). To help record and process 
the data, a software package (LabView for Windows 
horn National Instruments) was employed. 

Figure 1 .  Side-slip disc machine which is mounted on 
a high stand with the weights hanging below. 

Thennocouples w m  placed in light contact with the 
disc surfaces and in the inlet oil stream in order to 
determine an appropriate inlet oil temperature. In 
addition, a simple circuit was fabricated to determine the 
electrical resistance of the oil film. The resistance 
measurements provided some insight into the beginning 
and extent of asperity interaction. 

It is important to realm that if the application of this 
disc machine is established for evaluating additive 
performance, much of the instrumentation described 
above can be simplified or eliminated. 

1. Top disc 
2. Top disc yoke 
3. Drive from motor 
4. Bottom disc 
5. Lubricant supply 
6. Load weights 
7. Heavy oil damper 

Figure 2. 
disc machine. 

Schematic representation of the side-slip 

2.3. Disc fabrication 
The discs were machined from wrought tool steel 

(SAE 0 1  for the bottom disc and Atlas Steel’s Keewatin 
for the top disc). Then, they were hardened by heat 
treatment to a Rockwell C value of 63, precision cut on 
a lathe with a diamond tip cutting tool and lapped with 
fine diamond paste until an RMS roughnesses (a, and 
a*) the range of 0.08 - 0.1 1 pm were measured with 
a profilometer device (Talysurf 5 ,  made by Rank Taylor 
Hobson, Leicester, UK). Two rough top discs were 
fabricated by adding the additional step of sand blasting 
with a graded silica sand (No. 60 M A  with a mean 
diameter of about 1.5 mm) to achieve a a, in the range 
of 1.0 - 1.5 jlm. 

2.1. Operating conditions 
A number of procedural guidelines were developed 

to select the operating conditions. The thermocouples in 
the inlet zone were monitored and rolling speeds kept 
low cnoiigh that inlet shear heating was not detected. 

When using the smooth discs at a particular load, the 
electrical resistance measurements allowed a range of 
r o h g  speeds to be set that proceeded gradually through 
the initial breakdown of the ehl film. Likewise, with the 
rough top discs, the rolling speeds were set to approach 
the point at which the resistance dropped close to zero, 
thus suggesting a breakdown of micro-ehl films had 
occurred. It was recognized that the electrical resistance 
could give an inaccurate indication of the extent of film 
breakdown because of oil deposit and oxide layers on 
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the surface. 1 lowever. by choosing a range of rolling 
speeds and various load. it was ensured that 
measurements were made in regions of experimental 
interest. 

1,oads up to about 829.5 N were applied to the 
smooth disc contacts but the testing with the rough 
upper discs used only loads of 147.0 N and 244.5 N 
because of the risk of progressive plastic deformation 
changing the surface roughness continually. In all 
testing. run-in was allowed to occur until the surface 
roughness had stabilized in the contact zone. 

‘The tests always proceeded frotn using pure base 
stock oil to using base stock oil with FM and then EP 
additives. Before introducing a new lubricant, the top 
disc was cleaned with solvents (varsol and acetone) and 
lightly polished with abrasives while the bottom disc 
was just cleancd with the solvents. 

A total of 84 individual tests were included in the 
present study. with the lubricant supply temperature (T) 
always at 30 “C. Each test consisted of manually 
skewing the top disc from one side to the other, 
repeating this act for the opposite direction of rolling 
(Fig 3) and. finally. repeating the entire procedure a 
second time. The reversal in rolling direction, allowed 
the origin of the friction force versus skew angle to be 
determined exactly and the symmetry of the friction in 
the four quadrants provided a check on the precision of 
the disc machine. In most cases. a single quadrant was 
selected to represent the friction in each individual test 
and the other seven values only provided an indication 
of reliability. W e  an “averaging” procedure might be 
appropriate. it was not implemented at this stage. 

20 
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Figure 3. Typical traction curve from the side-slip disc 
machine for smooth disc surfaces. 

An outline of the experimental input parameters is 
provided in Table 2. Detailed data lists will be available 

in the f i t  author’s PhD thesis. In ‘l’able 2. a composite 
root mean square (RMS) roughness is calculated as 
follows: 

OC ~ {m (1) 

Also, the rough top discs RI and R2 have the same 
combinations of loads and velocities as the smooth top 
discs S1 and S2, respcctivcly. 

Table 2 
Input parameters for the experiments 

TOP 0, F U 

Disc (w) o\r) (ink) 

so 0.094 244.5 -829.5 1.6 - 3.8 

S1 0.095 147.0 0.6-3.1 

s2 0.095 244.5 0.7 - 3.3 

K1 1.146 147.0 0.6 - 3.1 

R2 1.061 244.5 0.7 - 3.3 

2=1 20 

g Y L 1 5 j j  10 
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- IS 
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T = 30°C 
F = 244.5 N MCTI+FM 
u = I .8 mls MCTS+EP 

0 

0.00 0.05 0.10 
(b) 6 (rad) 

Figure 4. Typical effect of additives on friction for 
(a) smooth top disc (S2) and (b) rough top disc (R2). 
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3. RESULTS 

As expected with a side-slip disc machine (Johnson 
and Tevaarwerk, 1977). the friction force (F,) increased 
rapidly to a maximum value as the skew angle (@) 
increased h m  zero (Fig 3 and 4). Although, F, was not 
much duenced by the additives for the smooth top 
disc. a distinct and repeatable decrease in fnction did 
occur. This effect was much more pronounced when the 
rough top disc was used. In general, the 13' additive 
reduced F, more than the FM additive. At I$ > 0.05 rad 
(corresponding to a slide-roll ratio of about 5%), the 
friction force remained relatively constant and thus this 
value was considered to correspond to Ffn,= in the 
subsequent analysis of the present study. 

4. ANALYSIS 

4.1. Friction and lambda ratio 
One rather obvious analysis to perform in triboloa 

is to examine the. d u e n c e  of the lambda ratio (A) on the 
maximum friction coefficient (p mBX ) where 

h'. a - -  
(Jc 

The central film thickness (h,) is calculated, 
assuming isothermal ehl, for qo at 30 "C of 24.5 mPa s, 
E' of 2 1 9.8 GPa, R of 22.58 mm and a of 22.1 GPa-' 
along with various values of u and F using 

from IIamrock and Dowson (1981). 
The a, values are taken from Table 2. Electrical 

resistance measurements through the contact indicated 
that a Continuous fluid film occurred for about A > 3. As 
mentioned previously, the F, was specdied as 
occurring at @ = 0.05 rad ( corresponding to a slide-roll 
ratio of 5%) and dividing by the load gives the 
maximum fiwtion coefficient (pmU ). By eliminating @ 
from further consideration. a concise overview of the 
present experiments can be shown in Figure 5 (except 
the testing with top disc SO). 

Broadly similar behaviour of p,, versus A was 
found using top discs S1 and R1 with F = 147.0 N (Fig 
5a) and top discs S2 and R2 with F = 244.5 N (Fig Sb). 
However, the fnction for the rough disc tests, 

corresponding to the low A regions, differed enough to 
suggest that the variations in their surface texture such 
as asperity tip radius (p) and maximum contact density 
(n,,,,) influenced friction. 

In general, pmm remained constant for A > 1 but 
increased sigdicantly as 3L dropped further. For A just 
below 0.2, K, was two or three times its value for 3L > 
I .  The additives had a small but repeatable effect of 
reducing p- in the region of 3L > 3 which persisted until 
3L < I ,  whereupon both types of additives reduced the 
p,, sigrufcantly compared with base stock alone. 

0.12 4 MCT5+EP 

2 3  5 2 3  5 
0.1 1.0 

0 MCT5 

<) MCT5+FM 

0.12 A M c r s + i = ~  

0.04 1 

2 3  5 2 3  5 
0.1 1.0 

(b) h 

Figure 5 .  Plots of pmm versus A for (a) F = 147.0 N 
(top discs S1 and R1) and (b) F = 244.5 N (top discs S2 
and R2). 

4.2. Limiting shear stress from ehl friction 
The effect of the additives when A > 3 was puzzling 

because a Continuous fluid film sufficient to separate the 
asperities occurred and was verified by electrical 
resistance measurements. To quantlfy this behaviour, it 
was decided to estimate the limiting shear stress from 
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the Ffma obtained for the tests with top disc SO. These 
tests involved four loads (244.5 N, 439.5 N, 634.5 N 
and 829.5 N). Following the procedure of Wu and 
Cheng (1 994), the values of the limiting shear stress 
index number (m) were determined for the lubricants as 
described in detail in Appendix A. 

Once in was determined, eqn (A4) was used to 
generate an expssion of the form (with T,, and p in Pa) 

TI, = c p2” (4) 

where C = average of the four load levels, 

whch was evaluated (Table 3) for the lubricants of the 
present study . 

Table 3 
Constants for eqn (4) 

MCT 5 MCT5 MC1‘5 
+ FM + EP 

m 0.615 0.565 0.523 
C 0.000569 0.00436 0.0243 

4.3. Real area of contact for the rough discs 
7’0 analyze the fiiction behaviour for the rough discs 

(discs R1 and R2) which had 1 < 1, it was decided to 
ignore the lubricant, for the moment, and estimate the 
real area of contact. The “alpha” roughness parameter 
of Greenwood et a1 (1984) was 0.135 for disc R1 and 
0.1 1 1 for disc R2. According to Greenwood et al, the 
apparent area of contact (4 ) was influenced by the 
rough surface such that if Hertzian theory (which 
assumed smooth surfaces) was used to calculate 4 , it 
would be about 20% smaller than the actual value. 
However, it was considered relevant to note that for 
elastic contact of a surface with Gaussian distributions 
of surface and asperity heights, the real area of contact 
(4) might depend mostly on the load and be relatively 
independent of the A,. 

In any case, it was assumed that the 4 was 
represented accurately by a flat rough surface, with an 
A, equal to the smooth surfaced Hertzian value, loaded 
against a smooth flat surface. A portion of a typical 
Talysurfpmfdometer trace of one of the rough top discs 
is shown in Figure 6. The data from the profdometer 

processing unit was analyzed to give the characteristic 
features of the surface and asperity height distributions 
(Appendix B and C). The Hertzian value for Aa was 
calculated with the following standard expression. 

1.5FR 4 = .(?) 
T h q  the p r d u t t  outhed in Appendix D was used to 
estimate A, (Table 4). The standard deviation of the 
surface heights (a) was not equal to the RMS roughness 
of the disc (a,) because the actual surface height 
distribution was only Gaussian in the region of the 
asper~ty tips (Appendix C ,  Fig C1) because of the deep 
valleys and rounded peaks found in the run-in surface 
profile (Fig 6). 

Y 

x ( m m )  

. . . . . . . . . . . . . . . . . . . . . .  
0.0 0.2 0.4 0.6 0.8 

Figure 6. Typical surface of one of the rough top discs 
after run-in. 

Table 4 
Calculation of the real area of contact 

Parameter Disc 

147.0 

0. 

0.48 

0.11 

0.47 

2442. 

0.2373 

0.00735 

0.1423 

0.05 108 

244.5 

0. 

0.55 

0.03 

0.45 

3116. 

0.1574 

0.1257 

0.1132 

0.07723 
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4.4. Limiting shear stress from micro-ehl friction 
Assuming that isolated micro-ehl occurred for the 

rough d m  tests somewhere in the range 0.25 < A < 0.5, 
the measured FfmW divided by the calculated 4 gave an 
estimate for t, avg These values of t, avg were calculated 
for 31. = 0.25 and 0.5 and the corresponding pressure was 
taken to be the average value obtained by dividing F by 
4. In this manner. a small range of t, avg values were 
estimated with a corresponding pavg for the lubricants in 
each of the tests with top discs R1 and K2. 

4.5. Comparison of the limiting shear stress from 
ehl and micro-ebl friction measurements 

In the experiments involving top disc SO, t, avg was 
determined by dividing the measured FfmW by the 
Hertzian contact area which was calculated using eqn 
(5 ) .  Substituting pavp into eqn (4) gave a prediction of 
t, " 8  and when the measured values were compared to 
the predicted ones for the example of the base stock oil 
(MCT 5 )  close agreement was obtained (Table 5 ) .  
Assuming an absolutely precise value of m had been 
obtained from Appendix A, eqn (A4) was manipulated 
to show that the percent error ( % en.) in estimating a 
value of t,,wing pavg in an expression such as eqn (4) 
would be 

and evaluating this equation for the m values obtained in 
the present study gave a maximum percent error of less 
than 2%. Thus, for the present ehl experiments, eqn (4) 
with p = pavg could give an accurate estimate of t, avg. 

Table 5 
The use of eqn (4) in predicting t, 
lubricant (MCT 5 )  

for the base stock 

F (N) Pavg ((;Pa) ~ L w g  ( m a )  
measured predicted 

244.5 0.692 43 .O 42.5 
439.5 0.842 54.7 54.1 
634.5 0.952 63.4 62.9 
829.5 1.04 1 71.1 70.2 

Remembering that the film pressure in isolated micro- 
ehl of a surface with sphcrical tipped asperities could be 
approximated as number of localized Hertzian 

distributions, it seemed reasonable to use eqn (4) to 
predict the average limiting shear stress in micro-ehl 
with the understanding that the pressure in eqn (4) 
would be the average pressure of all the micro-contacts. 

Finally, a direct comparison could be made between 
the tL predicted from ehl fnction and that predicted 
from micro-ehl (Fig 8). Surprisingly, considering the 
assumptions and simplifications made in the analysis, 
the agreement was quite good, particularly for the 
testing at F = 244.5 N with top disc R2. This agreement 
suggested that the t, expression given by eqn (4) whch 
was determined from ehl fnction measurements was 
reasonably accurate and thus a useful technique for 
finding T, had been found which was sensitive enough 
to give different values for the Merent additives. 

0.0 1 r  

0.0 1 .o 2.0 3.0 4.0 

f f M  

+EP 

0.0 

0.0 I .o 2.0 3.0 4.0 

(b) P,,(G Pa) 

Figure 8. Comparison of the average limiting shear 
stress predictions based on ehl and micro-ehl friction 
measurementsfor(a) F = 147.0 N and (b) F = 244.5 N. 
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5. DISCUSSION 5. CONCLUSIONS 

A disc machine of relatively simple construction has 
been used to investigate the lnfluence of additives on 
lubricant rheohgy. For the present esperiments, a 
plausible analysis has been made which explains the 
friction as arising fiOni the lubricant reaching a 
limiting shear stress. This analysis remains consistent 
for lambda ratio greater than 0.25, thus suggesting that 
micro-ehl can persist down to these low values. The 
limiting shear stress was duenced by the additives 
used in the present experiments. 

The limiting shear stress could be evaluated at a 
lambda ratio greater than 3. where t i l l  fluid film 
lubrication occurs and where neither extensive 
characterization of the disc surfaces nor frequent 
monitoring of progressive damage to the disc surfaces is 
required. If is hew that we believe the main 
contribution OJ the present s t u 4  lies. Side-slip disc 
machine hction measurements can be used under 
conditions of continuous ehl to evaluate limiting shear 
stress that is a uwhl parameter for predicting friction in 
the mixed film regime under conditions of micro-ehl. 
‘ 1 % ~  limiting shear stress is lnfliienced by the additives, 
thus suggesting that lubricant chemistry could be 
designed to give an optimal limiting shear stress using 
the disc machine measurements for guidance. 

I Iowever, our enthusiasm for this approach must be 
tempered with some uncertainty regarding the generality 
of the procedure. Although additional data has been 
generated for the fust author’s PhD thesis and it seems 
to support the hdings of the present paper, more testing 
is required with other additives and higher lubricant 
temperatures. The developed procedures for finding the 
limiting shear stress index value and the real area of 
contact arc both vcry sensitive to small changes in the 
input parameters. Continued work is required to 
improve the pmkion of all of the procedures described 
in thc prcscnt study. Maintaining the experimental 
studies under micro-ehl conditions is advocated to check 
the estimated values of limiting shear stress obtained 
under continuous ehl conditions and anothcr type of 
viscomctcr (as opposed to a disc machine) is 
recommended to provide additional, perhaps more 
precise. confiiation of these estimated values. 
Ih ices  such as those used by Cann and Spikes (1989) 
and Bair et a1 (1 993) may be good choices for this future 
work. 

0 The h t i n g  shear stress was estimated from friction 
measurements under continuous ehl conditions and 
agrees quite closely with that obtained under isolated 
micro-ehl conditions. 
The lnniting shear 5-s was duenced by lubricant 
additives. 

0 The limiting shear stress combined with an 
evaluation of the real area of contact provided a 
simple friction model for isolated micro-ehl. 

0 A simple, low cost test procedure using a side-slip 
disc: m a c h e  under conditions of continuous ehl was 
suggested for screening lubricant additives. 
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APPENDIX A 

Determining the limiting shear stres8 index number 
from friction measurements with a disc machine 

In elastohydrodynamic contacts. the lubricant may 
be subjected to high pressures and shear rates. The 
resisting shcar stress in the lubricant often reaches a 
limiting value (T,,) which depends on pressure and 
temperature but is independent of the shear rate 
(Johnson and 'l'evaanverk, 1977; Bair and Winer, 
1979). This model for lubricant behaviour is very 
simple and there is some debate regarding the extent to 
which it applies in elastohydrodynamic contacts (Bair 
and Winer. 1992; Bair et al, 1993). 

In the present study, an empirical approach 
following Wu and Cheng (1994) was adopted to 
determine a limiting shear stress index number (m). 
This approach used friction measurements from a disc 
machine and was based on the assumption that the 
lubricant had reached limiting shear stress throughout 

the contact zone, the values of which depended on local 
film pressure. It was further assumed that the limiting 
shear stress was reached before shear heating was 
sigruficaut and thus the inlet temperature of the lubricant 
prevailed throughout the contact. 

Wu and Cheng (1 994) applied their technique to a 
nominal point contact with circular contact area and 
approximated the local fb pressure as Hertzian using 
the standard formula 

1.5 F 
where Pmax = 

and then assumed that the limiting shear stress has the 
following distribution 

where m = limiting shear stress index number. 

It followed that the maxinium friction force as measured 
with a disc machine was 

and substituting in from eqn (A2) along with elementary 
integrations gave 

Eqns (Al), (A2) and (A3) were combined to give 

FJ may 2 m  (A41 
TL ~ (m + 1)  - 

x u -  

To determine the value of m for a particular 
lubricant, the maximum friction force was measured at 
eachoffour applied loads (244.5 N, 439.5 N, 634.5 N. 
829.5 N). At the same pressure (p), eqn (A4) indicated 
that some value of ni must exist such that the same 
limiting shear stress could be calculated for each applied 
load. 

Wu and Cheng (1994) did not indicate clearly how 
this m value was determined. In the present study, a 
value of p was chosen equal to the maximum Hertzian 
pressure for the lowest of four levels of applied load. 
An m value was specdied and eqn (A4) used to calculate 
four values for tL. An average of the four T values was 
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calculated and then the sum of the squared residuals 
were dctennined as follows: 

A 

This calculation was repeated for ranges of ni values, 
starting from 0 - 1 and refining within that range until 
the m value to three s iwicant  digits was determined 
which gave a mmhnum E. In the prcscnt study, a single 
minimum occurred at around m = 0.6 in all cases. 
Slight changes in m occurred when a ddl'erent value of 
p was chosen. More substantial changes in in occurred 
when 2 or 3 rather than 4 load levels were used but the 
changes between 3 and 4 load levels were much less 
than those between 2 and 3 load levels 'Thus, it was 
apparent that m was dluenced by the inevitable scatter 
in the friction measurements and the best course of 
action was to use at least 4 load levels and perhaps 
repeat the measurements at each load level more than 
once. In this respect. the present study was deemed 
adequate but in future work morr: load levels and friction 
measurements would be used and continuing efforts 
would be made to improve the precision of the 
measurement s . 

APPENDIX B 

Contact spot density between flat rough and smooth 
surfaces 

lfthe topography of a nominally flat surface region 
can be measured giving an accurate three dimensional 
map. it is relatively simple to ascertain the number of 
asperity contacts when a smooth flat plane is located at 
a particular separation. With a specilid apparent area 
of contact ( A, ), a direct measurement of contact spot 
density ( n ) could be made at that separation. 

However. ifa profdometer trace is used to measure 
wrface topography giving a two dimensional graph. it is 
somewhat more dflicult to establish an expression for 
contact spot density which is related to the features of 
the profiloineter trace. '10 addrcss this problem, a rigid 
smooth plane (represented in two dimensions as a 
horizontal line) located at some separation ( z ), is 
considered to be in contact with an isotropically rough 
surface which is measured by a profilomcter (Fig BI). 
A line representing the average of the rough surface 
heights is also horizontal and the rough surface 
undergoes perfectly plastic deformation. The n at z is 
the same if the two surfaces deform elastically but it is 

convenient for visualization in the present devclopment 
to consider the above rigid-plastic pair. 

An expression relating n to the high spot count 
(HSC) and bearing area (RA) at z can be developed. 
Following standard definitions, the HSC is one half the 
number of times the rough surface profile crosses the 
horizontal line representing the smooth surface divided 
by the profile length while the BA is the sun1 of the 
length of the horizontal line segments contained within 
the rough surface profile divided by the profile length 
(Fig BI). The I-ISC and BA are provided as functions of 
height (or separation) z by the 5M processor of the 
Talysurf profdometer which was used in the present 
study. However, this processor selects the heights 
internally and often does not supply the required 
parameters at enough heights. When this occurred, 
additional values were obtained by intcrpolation with a 
third order polynomial. 

Following Geenwood and Tripp ( 1967), the 
asperities m assumed to have spherical tips of about the 
same radius of curvature but various heights. When a 
smooth flat plane is pressed into such a spherical tip the 
contact circle increases rapidly after initial contact, then 
more slowly as the separation z decreases. As a result, 
the contact spots all have about the same radius of 
curvature ( a  ) when the smooth flat surface is at some 
height z despite the variation in asperity heights. 

It is convenient to consider the A, shown in Fig B 1 
and to note that if asperity contact areas are larger and 
smaller than those shown, some extra contact spots 
would be include and some would be missed but on a 
long trace n should stay about the same. It follows that 

'10 determine an expression for Z. consider a long trace 
that, for the given z, intersects many contact spots. The 
average length of trace within the contact spots (Fig €32) 
is 

2 2  
HSC 

1 -2 
-na - 
2 no where from calculus X = ~ - 

2 a  4 
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3 n = -  c, + c2 + c3 

L 

3 HSC = - 
L 4 BA - 

Figure B 1. Representation of a rigid plane in contact 
with a perfectly plastic rough surface, obtained from a 
two dimensional profilometer trace. 

L1- --9 - - x  o x a  

Figure B2. Half of a contact spot. 

Eqns (BI) and (€32) imply that 

The above expression is valid for elastic surfaces 
because only size and not the number or the location of 
the contact spots changes. This same expression was 
derived in a somewhat daerent way by Cooper et a1 
(1969). 

APPENDIX C 

Determining the surface and asperity height 
distributions 

The HSC and RA were measured for decreasing z 
using a profilometer with interpolation as mentioned in 
Appendix B. It was then possible to determine n for 

each z value using eqn (€33). As expected, n increased 
with decreasing z until a maximum value(%,,) was 
reached at a particular separation ( zL ) as a result of the 
merging of asperities. 

Since the BA represented a cumulative frequency 
plot of the surface heights, the type and features of the 
surface height distribution was obtained by plotting BA 
on probability paper (Fig C 1).  For both disc 1 and 2, 
the BA data fit a straight line on the probability paper 
for the asperity tip region of the surfaces. In other 
words, the surface height distribution was Gaussian in 
the part of the surface which would make intimate 
Contact with the smooth dlsc surface. The features of the 
distribution included the average surface height (davg ) 
and the standard deviation (a) both of which could be 
determined from the plot on probability paper. The 
location of the z-axis was adjusted so that z = 0 
corresponded to the average surface height for 
convenience in later calculations. 

90 , I I 

80 
70 
60 
50 

0 4 0  
30 

x 2o 

Figure C 1. Plot of BA on probability paper (disc R I ) .  

If an asperity was considered to be any summit on 
the surface whlch has a height greater than z,, then the 
cumulative frequency of the asperity (as opposed to 
surface) height distribution was given by III~,,,~ which 
could then be plotted on probability paper (Fig C2). 
Once again, the data fit a straight line for the outermost 
region of the surfaces for both disc 1 and 2, thus 
indicating a Gaussian distribution. The features of the 
distribution included the average asperity height (da,*) 
and the standard deviation (a*) which could be 
determined from the plot on probability paper. 



486 

98 

95 

90 

0 80 
70 

x 60 
50 

E 2: 
\ 20 

10 

5 

2 
I I I I I I I 

I I 1 I 1 I 

4.4 -0.2 0.0 0.2 0.4 0.6 0.8 1.0 1.2 

(elm) 

1igu-e H2. Plot ofn/n,,,, on probability paper (disc KI). 

In both the RA and the n/n- plots on probability 
paper. the l i t t a l  lines were estimated ''by eye". Clearly, 
software must be developed to perforni the curve fits 
and a criterion must be dcvclopcd for excluding the 
points in the low z regions which are not distributed in 
a Gaussian fashion. However, this shortcoming in the 
present analysis was not expected to influence the 
overall findings significantly. 

APPENDIX D 

Determining the real area of contact for a specified 
load 

If the separation z were known for a specdied load 
and the deformation was perfectly plastic. the ratio of 
real to apparent area of contact would equal the BA at 
that z (considering an apparent area that was the length 
of the trace and of mfiiitesirnally width) 
Ilnfortunately. L was not known and the deformation 
was elastic in the present study. However, assuming 
that a l l  contacting asperities at a particular z have 
spherical tips with about the same radii of curvature, 
which could be represented adequately by an average 
value. and that they deform independently, a procedure 
was devclopcd to frnd z. Following Cirecnwood and 
Wdhamson ( 1966), Hertzian equations w a e  applied to 
individual asperity contacts and Gaussian distributions 
of surface and asperity height distributions were 
employed to yield the following equations: 

(i) for the surface heights 

(because llertzian contact areas were half 
those of purely plastic deformation) 

(ii) for the asperity heights 

F -  (113) 

for j = 0, 1, 1.5 

6'= effective elastic modulus 
p = average tip radius for all contacting asperities 

at separation z 

Eqns (Dl) and (D2) gave an expressioa for thc asperity 
tip radius at a particular z 

and substituting into eqn (D3) yielded 

which was solved for the separation z which 
corresponded to the specitied load F. A computer 
program was written in Fortran to perform the solution 
of eqn (DS) which contained a secant root finding 
algorithm that used the discrete values of thc F,'s given 
by McCool(1986) and a natural cubic spline routine to 
provide interpolated values when required. 

Once the z value had been deterniined, the 
corresponding z, value was calculated and eqn (Dl) 
gave the real area of contact. Also. it was possible to 
calculate the average tip radius for all contacting 
asperities using eqn (D4). 
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Boundary Film Formation by Low Molecular Weight Polymers 
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Recent work usmg ultrathin fiAm intederometry has shown that some polymers can form viscous 
boundary lubricating films in rolling and sliding contacts (1>(3). This behaviour results from the adsorption 
of polymer molecules on metal or other polar surfhces which produces a layer on each rmrface of thickness 
approximately equivalent to one polymer coil diameter with enhanced polymer concentration and thus 
enhanced viscosity. 

This paper describes film thickness measurements using a range of well-defined, narrow molecular 
weight distribution polymers in a variety of base fluids. The influence of polymer type, molecular weight and 
concentration on film thickness is investigated It is found that the nature and thickness of the boundary film 
formed depend upon polymer type and molecular weight. One polymer, polystyrene forms lower film 
thicknesses in the thin film region than predicted from thick film behaviour, which may result from polymer 
depletion at the solid surfaces. 

1. BACKGROUND 

Polymers are widely used in solution in liquid 
lubricants for a number of reasons; to modlfy the 
viscometric properties of the fluid, as dispersants, as 
pour point depressants and to inhibit foaming. Oil- 
based viscosity modifiers are typically 
polymethacrylates, ethylenepropylene polymers or 
styrene-bumene polymers having mean molecular 
weights in the range 50000 to 500000. Below this 
range, polymers make only a small contribution to 
viscosity at economically viable concentrations. 
Above it, most polymers, with the exception of 
some star structures, are mechanic@ degraded 
under the high shear stresses found in lubricated 
contacts, resulting in a steady loss of blend viscosity 
over time. Polymers are also used to thicken 
aqueous lubricants and polyethylene oxide is 
commonly employed for this purpose. 

rnspersants are commonly polyisobutene 
succinimides which characteristically have mean 
molecular weights in the range 1000 to 5000 but in 
recent years there has been a trend towards the use 
of higher molecular weights up to 30000 in order to 
obtain some degree of viscosity modification from 

the dispersant additive. Pour point depressants 
generally lie in the molecular weight range 20000 
to 50000 and are typlcally polyalkylmethacrylates, 
polyakylstyrenes or polyalkylnaphthalenes. 

The influence of dissolved polymers on the 
lubricating ability of their blends is complex and 
still not fully understood. Broadly spealung, 
polymers have three types of effect on lubricant film 
formation and thence on friction and wear. 

Firstly, polymers raise the viscosities of their 
solutions to an extent which depends strongly on 
molecular weight and concentration (4). T h s  
enhancement of viscosity results in an increase of 
hydrodynamic and elastohydrodymmc (EHD) film 
formation. Howver this increase in film thickness 
is generally considerably less than predxted 
theoretically from the bulk viscosity of the polymer 
solution because of temporary and also permanent 
shear thmning of polymer solutions in high shear 
stress hydrodynamic and EHD contact conditions 
(5x0 

Secondly, it has been suggested that under 
transient shear conditions, as are found in 
dynamically loaded contacts, polymers solutions 
may exhibit viscoelastic behaviour which may result 
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in an increase in load support and thus film 
hckness (9X 1 0). 

The tiurd way that polymers in solution can 
influence lubrication is by boundary film formation. 
It has recently been shown using both force balance 
and ultrathm film interferometry that polymers in 
solution can selectively adsorb at solid int-s to 
form surface layer, tens of nanometres thick, of very 
Merent rheological properties from the bulk 
solution. These layers were initially considered to 
be “solid-like” or “immobile”, (11x12) but it is now 
recognised that they are simply much more viscous 
than the bulk solution by virtue of having an 
enhanced polymer concentration due to adsorption 
(1x13). 

In the force balance approach, tm very 
smooth surfaces coated with test lubricant are 
brought into close approach using piem translators 
and the forces behw?n the surEaces are measured. 
A very small oscillatory motion is also applied to 
one surface to produce squeeze or shear and this can 
be used to estimate the viscosity of the separating 
fluid film. With this technique it has been shown 
that both melts and solutions of polyisoprene form 
surface layers of much higher effective viscosity 
than the bulk solution (11). These layers also 
possess viscoelastic properties.. The layers have a 
hckness on each surface of about twice the bulk 
solution radius of gyration and are thus believed to 
result from the adsorption of polymer molecules in 
a semi-random coil arrangement on the surfaces, 
with polymer tails extending outward beyond the 
dameter of gyration. A similar effect has been 
found with cfispersant type commercial viscosity 
modifiers (14). 

The conditions present in force balance 
apparatus are far less severe than those present in 
practical contact conditions. However similar 
polymer boundary am-forming effects have also 
been observed in realistic, lubricated contacts using 
ultrathin film interferometry. Figure 1, taken from 
(1) shows a plot of log(fi1m thickness) versus 
log(rol1ing speed) in a rolling point contact for a 
series of commercial viscosity modifiers, all at 
between 1 and 3% wt. in the same mineral base oil. 

The solid line shows film formation by the 
polymer-free base oil. The base oil and many of the 
polymers show conventional EHD behaviour down 
to 2 nm thickness with a straight line lopjlog plot of 

w e n t  between 0.65 and 0.75 in accord with EHD 
theory (15). However it can be seen that three of 
the polymers show anomalous behaviour at low 
speeds, forming much thicker films that the base 
oil. This is believed to result from the preferential 
adsorption of the polymer molecules on the two 
rmrfaces since the effect is seen by the three 
polymers with sigtllficant polarity and not by other, 
fully-saturated hydrocarbon polymers. The 
boundary film thickness is approximately 20 nm, 
which is close to the hydrodynamic dlameter of the 
polymers employed and comparable to the findings 
of force balance stuches. Similar behaviour has also 
been observed using polysoprene where it has been 
found that boundary film thickness increases with 
(molecular again suggesting that the 
boundary film thickness results from the adsorption 
of polymer coils on the surfaces (1 3). 

1000 I - PMA 
. Sv200 

0.0001 0.001 0.01 0.1 1 10 

Speed (nJs) 

Figure 1 Film thickness behaviour of commercial 
viscosity index improvers solutions (1). 

Very recently these boundary films formed by 
viscosity modifiers have been shown to persist in 
mixed sliding/rolling contacts as v,ell as in pure 
rolling, indicating that they are able to withstand 
sliding conditions and it has also been demonstrated 
that they are able to reduce friction and wear in the 
mixed regime, by contributing to surface separation 
at intermediate to slow speeds (3). 

The above work using both force balance and 
ultrathin film interferometry has largely been 
carried out on commercial viscosity modifiers. 
These are mixtures with a considerable range of 
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molecular weights, h c h  makes it difiicult to 
assess the precise influence of molecular weight on 
boundary film formation. Only one well-dehed, 
narrow molecular might distribution polymer, 
polyisoprene, has been investigated. 

The aim of the work described in the current 
paper was to extend the study of boundary film 
formation by polymers in solution by examining a 
series of well-defined, model polymers and thereby 
to investigate, systematically, the influence of 
polymer type, molecular weight and concentration 
on boundary film formation. 

2. TESTMETHOD 

In ths  study, ultrathin film interferometry 
was employed to map the variation of lubricant film 
thickness in a rolling ball on flat contact down to 
very thm films, thereby investigating the presence 
and characteristics of any boundary film (16). 

The techmque is shown schematically in 
figure 2. 

Figure 2. Schematic diagram of ultrathin film 
method. 

into the contact and some is reflected from the 
chromium layer whilst some passes through the 
spacer layer and any lubricant film present to be 
reflected from the steel ball. The two beams 
recombine and interfere and the spacer layer 
ensures that interference will occur even if no oil 
film is present. 

The interfered light from a strip across the 
contact is then passed into a spectrometer where it 
is dispersed and detected by a solid state, black and 
white TV camera. A frame grabber is used to 
capture this image and a microcomputer program 
determines the wavelength of maximum 
constructive interference in the central region of the 
contact. The lubricant film thickness is calculated 
from the difference between the measured film 
thickness and the thickness of the silica spacer layer 
at that position. The technique can detect and 
measure film sepiumons down to less than 2 nm. 

The test rig used is shown in figure 3. The 
ball is loaded upwards wrist the underside of the 
glass disc and both ball and disc are held within a 
temperaturecontrolled, stainless steel chamber. 

In the work described in this study, the disc 
was rotated and itself drove the ball in nominally 
pure rolling. A new 19 mm diameter, steel ball of 
rms surface roughness 11 nm was used for each 
test. The load applied was 20 N which corresponds 
to a maximum contact pressure of 0.52 GPa. 

A hgh pressure contact is formed between the 
flat Of a Idass disc and a reflective ball' 
The glass disc is coated with a thin, semi-reflective 
layer of chromium on top of which is a layer of 
silica, about 500 nm thick. White light is shone 

Figure 3: Test rig for film thickness measurements. 
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3. MATERIALS 

Ths  study required commercially available 
samples of polymer at several different average 
molecular weight values each having a very narrow 
molecular weight range distribution (i.e. low 
polydqersivity index). In practice there are very 
few polymer structures which are thus available and 
these tend to have very simple monomer structures, 
far less complex than those present in commercial 
viscosity modtfers. They tend to be used pnmariiy 
for calibration purposes in chromatography and also 
for fundamental rheologcal stu&es. 

The polymers employed in the current study 
were polyisoprene, polymethylmethacrylate and 
polystyrene, as listed in table 1. They were obtained 
from Polymer Laboratories. 

A practical problem with two of these 
polymers, polymethylmethacrylate (PMMA) and 
polystyrene (PS) is that they are too polar to be 
sigruficantly soluble in conventional lubricants such 
as mineral oils, synthetic hydrocarbons and most 
esters. Suitabie solvent base fluids viere selected on 
three bases: 

(i) polarity, polarity matchmg was made using 
solubility parameter determination in order to 
identlfy solvents able to dissolve PMMA and 
PS 

(ii) viscosity; relatively low viscosity base fluids 
were chosen to minimise hydrodynarmc fiim 
formation so that the boundary lubrication 
regime could be reached at attainably low 

(iii) base fluids chosen had Merent chemical bond 
structure from the polymer solute. Thls was 
done in order to permit the infrared adsorption 
spectrum of the solute to be easily 
differentiated from the solvent for a separate 
study not reported here. 

speeds 

Using these criteria, the solvent base fluids 
chosen for each polymer, together with their 
viscomeuic properties, are listed in table 2. Also 
shown in table 2 is the test temperature at whch 
each base fluid and its polymer solutions was tested. 

Table 3 lists the measured low shear rate 
viscosities of each polymer solution, and the test 
temperatures used. 

Table 1 
Polymers used in this study 
Polymer MP Mw Mw/Mn 

Polymethyl methacrylate (PMMA) 4,700 4,609 1.10 
- ( C H Z C ( C H ~ X C ~ H ~ > ) ~  - 9,400 8,902 1.10 

17,000 17,065 1.06 
48.600 49.099 1.05 
68,000 66,680 1.07 
95,000 95,102 1.04 

Polystyrene (PS) 5,050 5,011 1.04 
-(CH2CH(C6H5)),- 22,000 21,870 1.03 

30,300 30,162 1.02 
52,000 - 1.03 

Polyisoprene (PIP) 7,450 7,396 1.03 
-( CH2-C( CH3 )=CH-CH2)n- 32,400 - 1.02 

86,000 86,812 1.02 

(Mp = peak average, Mw = weight average, Mn = number average molecular weight) 
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Table 2 
Base fluids used in this study 

Base fluid Abbrev. Polymer Test Viscosity, cP, Refractive 
solute temp. at test index at test 

"C temperature temperature 
Polyalphaolefin synthetic hydrocarbon SHF6 1 PIP 40 23.82 1.451 
Linear dialkylbenzene LADB PIP 40 17.97 1.473 

Di-2-ethylhexylphthdate DOP PS 60 11.68 1.470 
C&- 1,2-C00R, R=2-ethylhexyl 
Tripropyleneglycol monoalkylether TPGME PMMA 30 4.767 1.427 

C&&R2 (R=CIO-C13) 

H-( OCH(CH3)CH2)3-OCH3 

Table 3 
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4. RESULTS a gradient of around 0.67, in accord with EHD 
theory. This linearity persists down to less than 10 

Figure 4 contains plots of log(film thickness) nm, indicating that the base fluids show no 
sigmfkant boundary effects of such thickness. versus log(rol1ing speed) for the four base fluids used 

in this study. All these show linear bebaviour. with 
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Figure 4. Film thickness r d t s  for the base oils. 
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Figure 5 compares plots of film thickness 
versus rolling speed for - 6% wt. solutions of low 
and high molecular weight polyisoprenes in twp base 
fluids, LADB and SHF61. Also shown on each plot 
are the base fluid film thickness (a solid line) and 
the theoretical EHD film thickness based upon the 
low shear rate Viscosity of the polymer solution and 
on the pressure viscosity coefficient of the base fluid. 

The higher molecular weight PIP (Mp = 
86000) shows quite similar behaviour in both 
solvents, with clear evidence of a bounda~~ film. In 
this study, the boundary film is approximately 
estimated as the Werence between the measured 
film thickness at the l o w t  speed reached and the 
expected EHD film thickness component at this 

speed, determined by extrapolating the linear, high 
speed part of the film thickness curve down to low 
speed. This gives a boundaq film thickness of 15 
nm in LADB and 22 nm in SHF61. The latter is 
very close to that predicted from previous work 
based on lower molecular weight polyisoprenes in 
synthetic hydrocarbon (13). 
In the high speed, thick film region, the solutions 
exhibit a shear thinning effect, with the film 
thickness lying below that predicted from the low 
shear rate viscosity. The shear thinning appears 
greater in LADB than in SHF61. This shear 
thinning behaviour will be analysed in some detail in 
a later paper ( 17). 
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Figure 5:  Cornpatison of film thickness results for plyisoprene (PIP) solutions in SHF61 and LADB. 
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The low molecular weight PIP solution 
appears to form a boundary film about 4-6 nm thick 
in LADB and about 10 nm thick in SHF61. In this 
m e ,  the former value is closer to that predicted from 
previous m r k  on polyisoprenes of 6-7 nm (13). 

Figure 6 shows the influence of polymer 
concentration of boundary film formation for the 
solutions of PIP (Mp = 86000) in LADB. Boundary 
film thickness appears to increase only marginally 
with concentration, from about 12 nm at 1.3% wt. to 
15 nm at 5.8% wt.; the variation of the EHD 
component to film thickness with polymer 
concentration is higher than that of the boundary 
film component, even in the thin film region. Figure 
7 shows the film-forming behaviour of solutions of 
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6% wt. polystyrenes in DOP. The lower molecular 
weight polymer shows negligible shear thinning or 
boundary film formation. However the tughest 
molecular weight shows a striking reduction in film 
thickness in the thin film, slow speed region. At 
high speeds the film formed is slightly less than that 
predicted from the low shear rate viscosity (dashed 
line), presumably due to shear thinning. 

At slow speeds, however, the film thickness 
falls down to a value close to that of the polymer-free 
base fluid and considerably below that expected from 
the high speed behaviour. This phenomenon will be 
discussed in the next section of th is  paper. 
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Figure 6. The influence of polymer concentration on film thickness for PIP (Mp = 86000) in LADB. 
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Figure 8 examines the influence of polymer 
concentration on film-forming behaviour for an 
intermediate molecular weight polystyrene. This 
also shows a decrease in film thickness in the thin 
film, slow speed region but only at 8-10'?? wt. 
polymer. A similar trend was also seen with 
concentration for other molecular weights, the 
reduction in 6lm thickness at slow speeds was most 
evident for high molecular weight polymers and at 
hgh polymer concentrations. 

Results for the th rd  polymer type, PMMA are 
shown in figure 9 at six different molecular wights. 
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Agzun, the solid line indicates the base fluid 
behaviour and the dashed line shows the theoretical 
EHD behaviour ofthe polymer solution. It is clear 
€tom these plots that PMMA does form a boundary 
film in this solvent, of thickness up to about 7 nm. 
However the results are notewrthy for the very large 
scatter found in the boundary film region. This is 
believed to be real and may reflect spatial variations 
in film thickness on the solid surfaces, perhaps due 
to uneven adsorption. This will be further discussed 
in the next section. 
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5. DISCUSSION 

The three polymers can be seen from this study 
to each exhibit very different boundary film 
behaviour. 

Polyisoprenes show very clear and very stable 
film formation, indicating a clearly-defined and 
evenly-distributed film. This thicknesses found are 
consistent with those found in previous work There 
may be a solvent effect, with PIP in LADB forming 
slightly thnner films than in SHF61, perhaps 
reflecting a smaller gyration radius in the former 
base fluid. Previous work has shown that at very 
slow speeds, the boundary film thickness falls, 
indicating that it is not a solid-like but a highly 
viscous film of concentrated polymer solution. In 
t h ~ s  study no attempt was made to go to very slow 
speeds where th~s phenomenon occurs. Even so, 
examination of the boundary film thickness (total 
film minus EHD component), indicates that this falls 
with speed, suggesting that the surface film is 
viscous and probably has viscosity varying with 
&stance from the solid surfaces. 

Polystyrene in DOP shows no boundary film 
formation but inslead exhibits a reduced film 
tluckness in the thin film reBme for high 
concentrations of the higher molecular weight 
polymers. Two possible explanations for this type of 
behaviour are as follows. One is polymer depletion. 
Polymers having negligible adsorption on solid 
surEaces should, for spatial reasons, show a reduced 
concentration of polymer segments within one 
hydrodymnuc radius of the surface (18). 
Experimental work usug fluorescence has shown 
that this can occur for styrene copolymers in ethyl 
acetate on deactivated glass surfaces (19). Such an 
effect might be expected to yield a layer of reduced 
viscosity, approaching that of the base fluid close to 
solid surfaces. Alternatively it has been suggested in 
the past that some polymers may behave similarly to 
suspended solid particles and be carried by fluid flow 
around the edges of the contact inlet, so that the inlet 
zone effectively filters out the polymer particles 
when the gap is very small (20). To explain the 
observed results, however, larger polymer molecules 
would have to be more easily diverted from the inlet 
than smaller ones. 

The PMMA results are very Merent from 
both PIP and PS. A boundary film appears to be 

formed but thls is very thin (less than 5 nm for all 
polymers except Mp = 48600) and the measurements 
have large scatter. This was found for all solutions 
tested and is believed to represent a true variation in 
boundary film thickness, either temporal or spatial. 
It is noteworthy that measurements tend to lie 
between two quite repeatable extremes, that 
corresponding to zero boundary film and that 
representing about 5 nm of film. Unlike with PIP, 
there appears to be no systematic increase in 
boundary film thickness with molecular weight. 
One possible explanation for this is that boundary 
film formation may not due to polymer molecules- 
adsorbed in a standard coiled arrangement as found 
in solution but instead result form molecules being 
adsorbed in a much flatter conformation. 
Alternatively polymers may be adsorbed as coils of 
thickness of the same scale as found in solution but 
at such low and irregular density on the solid 
surfaces that they have only a partial and irregular 
influence on inlet viscosity and this film tluckness. 

This behaviour is very different from that 
observed with commercial polyalkylmethacrylates, 
where thin and even boundary film formation has 
been observed (1). The difference may arise from 
solvent/polymer competition for the solid surfaces. 
TPGME is a highly polar solvent, which is why it is 
able to dissolve PMMA. It is possible that in 
consequence it absorbs in preference to PMMA 
molecules on the steel and silica surfaces, thereby 
inhibiting boundary film formation. 

6. CONCLUSIONS 

The boundary film-forming properties of 
solutions of three, well-defined model polymer 
systems, polyisoprene, polystyrene and 
polymethylmethacrylate have been studled using 
ultrathin film interferometry. 

The three show very different behaviour. 
Polyisoprene forms regular boundary films whose 
thickness depends upon molecular weight in a 
manner suggesting the fonnation of single layers of 
adsorbed polymer in a largely random coil 
arrangement on the solid surfaces. The film 
thickness is strongly dependent on molecular wight, 
somewha! dependent upon base fluid type but only 
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very marginally dependent upon polymer 
concentration. 

Polystyrene forms thnner films at slow speeds 
than predicted from their high speed, thick film 
behaviour. This is most easily explained in terms of 
polymer depletion; that the polystyrene 
concentration is reduced below that of the bulk 
solution within a h y d r e c  diameter of the 
surfaces. Ths  phenomenon is quite well known in 
colloid chemistry and occurs when the solvent is 
much more strongly adsorbed on the solid surEaces 
than is the polymer. 

Polymethylmethacrylate shows very thin and 
very irregular boundary film formation, which may 
reflect only partial adsorption of the polymer on the 
surface. The film thickness is not signrficantly 
dependent on molecular weight. This behaviour is 
quite different from that seen for commercial 
polyalkylmethacrylates and may reflect competition 
for surface a d s ~ o n  between solvent and polymer. 
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The Role of Boundary Lubrication in Scuffing Reactions 
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In this paper the role of the development of the boundary lubricant as a function of surface roughness is covered 
and its effect on the scuffing reaction between hardened steel and a relatively soft, scuffing susceptible brass 
material investigated.The surface roughness of the hardened material plays a dominant role due to its effect on 
oil film collapse. 

INTRODUCTION 

The dominant role of boundary lubrication in the 
protection of practical sliding surfaces has been 
exhaustively demonstrated. A good review has been 
made by Ludema [l]. 
It is generally accepted that the dominant feature of 
this type of lubrication is that polar molecules are 
attached to the surface. At lower temperatures 
these are, to a great extent, absorbed reversibly. 
This can be regarded as physical attachment which 
is easily broken by sliding contact though the 
contacts are readily reformed. At higher 
temperatures some compounds are found to be 
irreversibly attached and can only be removed by, 
for example mechanical action. In this case 
components of the surface take part in the reaction 
giving rise to oxide components or with the oil 
components to "organo-metallic compounds". A 
definition of boundary lubrication, taking into 
account thermodynamically reversible as well as 
irreversible attachment was proposed at the 
NSF/NIST 1st. American Limits of Lubrication 
conference at Williamsburg, (April 1996. 
Submitted to Tribology Letters) 

Various techniques are available for the detection 
of the physically and chemically adhered layers. 
Those used at our laboratories include both a high 
frequency capacitance technique and a resistance 
method developed by Furey [2] and Lunn [3]. Both 
methods are elegant means of demonstrating the 
build up of the physically and chemically reacted 

film. Full quantitative analysis of the film by the 
resistance approach is not possible though it has 
been found to be very sensitive to temperature 
changes and is mainly used to detect the 
temperature zones at which various boundary film 
reactions occur. A qualitative approach has been 
utilised in this work based on a resistance technique 
to determine the extent to which an electrically 
resistant surface separating film occurs under 
quasi-static temperature conditions. This present 
paper reviews work carried out to determine the 
effect of the build-up of the boundary oil film and 
its subsequent breakdown under increasing load and 
temperature development. 

EX PERlMENTA L 

Two apparatuses have been utilised in this 
investigation. The first, the Mills-Cameron 
reciprocating rig [4] is a block on plate 
configuration and the second a partially conforming 
block on ring. In the first rig, the normally used 
ball on plate has been modified to accommodate 
the block specimen. This rig had been developed 
for the study of the build-up and subsequent 
breakdown of additive films as a function of 
temperature. The second apparatus was specifically 
directed at the solution of pure sliding problems. 
Diagrams of the two apparatuses are shown in Figs. 
1 and 2. 



Fig. 1 Mills-Cameron oscillating rig 

Recipmcating rig 

In its standard form, a loaded 6 mm steel ball is 
reciprocated linearly against a stationary flat metal 
specimen. In the modified form used here, the ball 
is replaced by a brass sample as shown in Fig. 3. 
The progression of the formation and breakdown 
of the surface films is monitored by low voltage 
resistance measurements. The contact between the 
components acts as one side of a voltage dividing 
circuit. Zero resistance shows metal-metal contact 
while high resistance values > 1 MQ indicate open 
circuit by the formation of a non-conducting film. 
The applied voltage is 15 mV which is stated in the 
literature as not influencing the formation of films 
or oxides by the presence of electrical fields or by 
discharge through the oil film. Some doubt has 
been expressed that this is indeed the case though 
the quoted work by Furey [2] demonstrated that no 
effect on the measured resistance values was found 
up to arl applied voltage of 1500 mV. Oil was 
supplied to the contact zone by a syringe keeping 
the area flooded. Controlled heating was applied to 
the sample chamber by a variable temperature air 
stream. The standard testing temperature range of 
20-200 OC is sufficient to cover the various Fig. 2 Block on ring apparatus 
boundary film reaction zones. 
For the second apparatus, a partially conforming line contact was used. This reduces the contact 
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Fig. 3 Brass block on plate configuration 
Fig. 4 Topographical plot of ground steel surface 

pressure from the GPa range down to 5-30 MPa. 

Formation of boundary films 

The lubricant used in these studies was a standard 
turbine oil (Mobil DTE light). This class of oil is 
formulated from high stability base stocks with 
only the addition of oxidation inhibitors to provide 
resistance to high temperature degradation. They 
are general purpose industrial lubrication oils, used 
for example in the papermaking industry. These 
will initially act as normal boundary lubricants at 
medium temperatures, and as the temperature rises 
react to give higher strength boundary films. 
In this part of the work the effect of changing the 
surface roughness and the orientation of the 
grinding pattern on the build-up of the protective 
film was investigated. 

The sample couple used was a hardened 52100 
steel plate as the stationary member and a 
CuZn38Pb2 brass reciprocating curved block. 

Three sample configurations were tested. In the 
first, both the brass block and the steel plate were 
polished to Ra value of 0.05 pm. In the second 
and third tests the polished brass block was 
retained, but was loaded against a ground version 
of the steel plate. The grinding direction was 
a./ parallel and b./ transverse to the oscillating 
direction. The roughness values of the steel plate 
transverse to the grinding direction were as follows: 
while a topographical plot is given in Fig. 4. 

Ra 0.29 pm. 

RMS slope 7.7' 
Skew -0.55 

A resistance plot for the first testing configuration 
is shown in Fig. 5 where the temperature range was 
from 20-200 OC. Three distinct zones can be 
detected as shown schematically in the lower 
diagram. It is suggested that the following 
mechanisms can be demonstrated. The first zone 
indicates the development of the hydrodynamic oil 
film and its subsequent breakdown at 70 OC. This 
can be attributed to loss of the hydrodynamic film 
due to viscosity reduction. The second zone 
develops from 90 to 170 OC. and is a combined 
competing process of physical absorption up to 
120 OC and desorption above this temprature where 
the mechanical action of the oscillating contact 
plays a dominant role. It is suggested that two 
separate reaction constants are applicable to the 
total physical absorbtion process. This concept has 
been demonstrated by Cheng [ 5 ] .  Chemical 
reaction of the surface to form organometallics 
becomes the dominant reaction above 140 OC on 
both surfaces . It is significant that the physically 
absorbed film is weaker than either the 
hydrodynamic or the chemically reacted film as 
demonstrated by the nature of the trace in the 
original resistance graph, Fig. 5. 
The influence of ground surfaces can have a drastic 
effect on the formation of boundary films as shown 
in Fig. 6. Identically ground samples of hardened 
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Reaction characteristics of brass in 
contact with hardened 52100 steel. 

Lubricant: DTE light. 

iydrodynamic fi 
I reduction 
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Temperature OC 
Fig. 5 Proposed model for formation of surface 

films detected by electrical resistance 
technique. 
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Fig. 6 Effect of grinding direction on build up of 
surface films. 

52100 steel were used in both the parallel and 
perpendicular direction against the oscillating 
polished brass sample (Ra 0.08 pm.). A drastic 
reduction in the boundary film formation occurred. 
The effect was most pronounced when the grinding 
direction was parallel to the oscillating direction. In 
this case the pressure on the asperities was 
sufficient to cause complete suppression of the 
organometallic film formation, due to the 
competing effect of mechanical abrasion. Although 
when oscillation occured perpendicular to the 
grinding direction the organo-metallic reaction in 
the third stage was reduced, it was not completely 
absent. In this configuration oil resident in the 
roughness channels may have been sufficient to 
provide a reservoir, though straightforward 
thermodynamic effects are not excluded. 

Material evaluation under sliding conditions 

To evaluate the scuffing susceptibility under full 
sliding conditions, use was made of the block on 

~ oscillating direction 

I 
I I 

20 1 00 2( 

ring rig shown in Fig. 2. The sample configuration 
was a brass ring segment loaded against the outer 
diameter of a hardened 52100 steel ring (diameter 
83.5 rnrn). To facilitate optimum hydrodynamic 
film formation, the non-conforming diameter of the 
brass contacting surface had a diameter difference 
of 100 pm. This clearance was arrived at as a result 
of numerous tests. To reduce the incidence of line 
contact a four pad contacting pattern was used, 
each pad having the dimensions 4 x 8 mm. 
Loading of the sample was made through a 
centrally located ball so allowing full alignment of 
the block on the ring. The loading cycle was 
applied through a servo controlled air pressure 
cylinder directly controlled by a PC. Measurement 
of the load was made using a load cell directly 
connected in the loading shaft. The resulting 
transverse load on the sample couple was taken 
from a torque cell located in the ring driving shaft. 
Fully flooded lubrication was ensured by running 
the ring in an oil bath, the temperature being 
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Sample stress (arbitrary units) 

Fig. 7 Typical loadtorque graph. 

measured directly in the inlet zone. 

A typical loadtorque graph is shown in Fig. 7 
where three distinct zones are detected: firstly the 
initial mixed lubrication, secondly the physical 
absorption zone and thirdly "chemical" boundary 
lubrication leading to catastrophic wear. This 
depended on the surface roughness and resulted 
either in strong laminated abrasion wear or in 
severe scuffing. The progression of the reaction 
curves as a function of temperature is shown in 
Fig. 8. The sharp transition between the boundary 
lubrication zone and catastrophic failure was found 
to be strongly temperature dependent and to be 
strongly pronounced above 45 OC bulk oil 
temperature. This suggests that the gap between 
zero hydrodynamic lubrication and severe 
wearlscufing is filled by physical absorption type 
boundary lubrication. 

Conclusions 

This work confirms the known fact that asperity 
contact formed from grinding can negatively 

I 

Mixed I 

80 deg. / 
I - 
Increasing load 

Fig. 8 Effect of temperature on loadtorque 
curves. 

influence and even suppress organometallic film 
formation. 

The application of the reciprocating rig is 
paralleled by testing on the block on ring apparatus. 
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In contrast to the known steel-steel contacts the 
physical strength of boundary films formed on 
brass are at a lower level and easily damaged. 

Development of the reciprocating technique will be 
necessary to cover those areas where partial 
hydrodynamic lubrication plays a major role. This 
effect has been highlighted by the present work 
using brass-steel contacts. 
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MODELLING NON-STEADY EHL WITH FOCUS ON LUBRICANT DENSITY 

Erik Hoglund and Roland Larsson 

Division of Machine Elements, Lulel University of Technology, S-97 1 87 Lulel, Sweden 

A pressure increase has an effect on several physical and rheological properties such as, e.g., viscosity and 
density in an ehl contact. Results from dynamic dilatometry measurements, using a split-Hopkinson bar test rig, and 
the Roeland viscosity-pressure relation have been introduced into the governing equations for EHL pressure and oil 
film thickness. 5P4E shows a relatively stiffer behaviour than given by the conventionally used Dowson-Higginson 
equation whereas PA0 shows a weaker behaviour. This difference results in different pressure and film thickness 
profiles. The stiffer 5P4E gives a slightly higher first pressure maximum and a considerably higher pressure spike 
approaching that of an incompressible fluid. The corresponding central film thickness is higher for 5P4E whereas 
the minimum film thickness is more or less the same in the two cases. The difference in pressure profiles leads to 
different von Mieses sub-surface stress mainly just below the surface at the location of the pressure spike. 

1. INTRODUCTION 

This is a paper on the modelling of elastohydro- 
dynamic lubrication during non-steady conditions. It 
comprises a literature review on the subject and also 
an experimental and theoretical investigation of how 
lubricant compressibility varies with pressure and how 
this influences on the conditions in the ehl contact. 

2. BACKGROUND 

The vast majority of ehl investigations utilise the 
assumption of a steady state, i.e. constant load, veloc- 
ity, geometry, temperature etc. The lubricant is, how- 
ever, in conditions that are far from those of steady 
state. The normal contact time in a rolling element bear- 
ing or in a gear is of the order of one thousandth of a 
second and the pressure will be elevated from ambient 
to 1-2 GPa in that time. The lubricant will also be sub- 
jected to very high shear rates during the short contact 
period. 

Many components operate with varying load, ve- 
locity and geometry. To predict the operation of these 
components it is necessary to consider these transient 
effects. 

Components such as gears, cams and followers, re- 
ciprocating seals and engine bearings are typical ex- 
amples of elastohydrodynamically lubricated contacts 
that are subjected to transient conditions. 

The meshing teeth in a gear are subjected to vary- 
ing load, rollingkliding velocities and radii of curva- 
ture. The load varies since the total load is sometimes 

carried by one pair of gear teeth and sometimes by two 
pairs. The load may also vary due to dynamic effects 
such as overall gear vibrations or pitch errors. The gear 
teeth in action are rolling and sliding toward each other 
and the velocities and the degree of slip vary along the 
line of action. Even the shape of the gear teeth varies 
along the line of action. 

The cam and follower of an automobile valve train 
experience the same problems as the gear. Load, ve- 
locities and geometry change during the operating cy- 
cle. The load varies due to dynamic forces coming from 
the reciprocating movement of the follower. The ra- 
dius of the cam varies in order to obtain the correct 
valve lift characteristics and the sliding velocity be- 
tween the cam and the follower may cease and change 
direction. When the sliding velocity approaches zero, 
i.e. when lubricant entrainment ceases, the separation 
of the surfaces has to be accomplished by pure squeeze 
action. 

A reciprocating seal is also subjected to a change 
in direction of the relative motion of the surfaces. Dur- 
ing the reversal of entrainment there is no other lubri- 
cating effect apart from the squeeze action. 

Connecting rod bearings in an internal combustion 
engine are conformal, hydrodynamically lubricated 
bearings, but analysis of these usually has to be tran- 
sient and elastohydrodynamic. The variation of load is 
rapid and the load is high enough to give significant 
deformation of the bearing surfaces. 

A steady loaded rolling element bearing at constant 
rotational speed is also an example of transient load- 
ing. The roller or the ball moves into a converging gap 
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between the outer and inner races as i t  enlers the loaded 
zone and the load starts to increase. A few moments 
later it comes out from the loaded zone again and the 
contacts between the rolling element and the races 
never met a constant load. 

There are also other applications where time de- 
pendency is important. In the study of ehl there is grow- 
ing interest in the effects of surface roughness and par- 
ticle entrainment. The assumption of smooth surfaces 
is, of course, a simplification as the surface roughness 
height is of the same order of magnitude as the lubri- 
cant film thickness. When two rough surfaces come 
into contact there is squeeze action between the as- 
perities. The surface texture changes all the time so 
there is a non-steady state at the asperity level. Parti- 
cles, in the form of wear debris or dirt, give the same 
effect. The flow of particles into and around the lubri- 
cated conjunction makes the lubricant entrainment fluc- 
tuate. 

Lubricant properties that are not normally consid- 
ered in the ehl analysis may be important at very rapid 
lubrication processes. If the load is suddenly increased 
it takes some time for the molecules to orient to their 
new positions. That means that it takes some time for 
the lubricant to relax to its new viscosity and density. 
This relaxation time can be important if load or some 
other operating condition varies significantly during 
that period. 

The fluid inertia is the final example of effects that 
are dependent on time. The fluid inertia forces are nor- 
mally very small in comparison with the viscous forces 
but when dynamics are considered they become more 
important. If effects such as surface roughness and 
particles also are introduced into the analysis it becomes 
even more interesting. A small lubricant element that 
flows between two rough surfaces has to change its 
flow direction all the time and it might be question- 
able to neglect inertia forces in the determination of 
the flow pattern. 

2.1. The squeeze effect 
The main difference between steady and non-steady 

conditions is the effect of squeezing the lubricant 
through narrow passages (constrictions). The lubricated 
surfaces will approach or recede from each other if there 
is a rapid change of load, rolling/sliding velocity or 
geometry. If the surfaces approach each other, the ex- 
cess lubricant has to be squeezed out from the contact 
region. The lubricant cannot leave the contact infinitely 

fast due to the viscosity induced flow resistance of the 
lubricant. The pressure will then increase to overcome 
this resistance which will increase the viscosity even 
more. As the pressure increases the load carrying ca- 
pacity also increases and prevents the surfaces from 
coming into direct contact. This effect is called the 
squeeze effect. When the surfaces recede from each 
other the opposite happens. More lubricant must flow 
into the contact region but it cannot be supplied fast 
enough and the pressure falls. If the negative squeeze 
is large, the pressure may fall to zero and the lubricant 
film cavitates. 

The squeeze effcct gives rise to a force that op- 
poses all motion and which can thus be seen as a vis- 
cous damping effect. 

3. TRANSIENT EHL - A LITERATURE REVIEW 

Christensen [ l ]  was 1962 one of the first to con- 
sider squeeze action in a theoretical ehl analysis. He 
studied the motion of two infinitely long cylinders in 
normal approach. He solved the Reynolds equation and 
obtained pressure distributions and load carrying ca- 
pacities for squeeze films. He showed that very high 
pressures developed in the lubricant film. The pres- 
sure at the contact centre could exceed the correspond- 
ing maximum Hertzian pressure. He also discovered 
that the minimum film thickness does not occur at the 
contact centre but at the edges of the contact. Instead, 
a lubricant entrapment, the characteristic dimple, de- 
veloped at the contact centre. 

In the experimental part of [ I ]  Christensen pre- 
sented the results of a ball drop experiment. Balls im- 
pacted lubricated and dry surfaces. The contact pres- 
sure increased as the drop height increased and gave a 
permanent deformation at a certain drop height. The 
deformation was found to be deeper if the surface had 
been lubricated than if it had been dry. The theoretical 
finding of higher pressure in the lubricated case was 
thus confirmed. Similar results had been found by 
Rabinowicz [2] in the 1940’s. 

Experimental evidence of the existence of a lubri- 
cant entrapment was given by Dowson and Jones [3] 
1967. They utilised optical interferometry to measure 
the deformed shapes of a ball’s and a glass disc’s sur- 
faces when the ball impacted the lubricated glass disc. 

Christensen continued to study squeeze problems 
and in 1970 he presented an analysis of two spherical 
bodies in normal approach [4]. The results once again 
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showed that the pressure could reach levels higher than 
in a corresponding non-lubricated case. In the same 
year, Herrebrugh [5] presented an analysis of two cyl- 
inders in normal approach. 

Further steps towards understanding of pure 
squeeze action were taken by Lee and Cheng [6] 1973 
and by Conway and Lee [7] 1975. They did not use the 
assumption of constant approach velocity which 
Christensen and Herrebrugh had used, but they solved 
the equation of motion to obtain the true normal ap- 
proach velocity. They did not, however, consider elas- 
tic deformation in their analyses. 

A very interesting experiment was carried out by 
Safa and Gohar 1986 [8]. They used thin film trans- 
ducers to measure the pressure distribution in the con- 
tact between an impacting ball and a lubricated flat 
surface. They found clear evidence for a secondary 
pressure peak at the very end of the total impact time. 

A full transient ehl analysis of the ball impacting 
problem was not given until 199 1 when Yang and Wen 
[9] solved the first 1/3 of the impact. Larsson and 
Hoglund [ 10,111 later gave the full transient solution 
of Reynolds equation while ball inertia was consid- 
ered by a simultaneous solution of the ball’s equation 
of motion. The experimental results of Safa and Gohar 
[8] were confirmed and there was a good correspond- 
ence between experiments and theory. At the same time, 
Dowson and Wang [12,13] presented results from a 
similar theoretical investigation. In 1995, Larsson and 
Lundberg [ 141, presented an experimental film thick- 
ness measurement in a contact between an impacting 
steel ball and a lubricated glass disk. The effects of 
impact velocity and lubricant viscosity were studied. 

There is a combination of squeeze and entraining 
motions in most of the practical applications of tran- 
sient ehl. Investigations, both theoretical and experi- 
mental, are rather few. In 197 1 Vichard [ 151 made one 
of the first transient ehl analyses which could be ap- 
plied to gears. He utilised a Grubin type of approxima- 
tion and was able to calculate the minimum film thick- 
ness for the case of a sinusoidal load. There was also 
an experimental part of his paper where a capacitive 
transducer was used to measure film thickness between 
a rotating eccentric disc and a flat surface. Ten years 
later, in 1981, Wang and Cheng [16,17] applied 
Vichard’s analysis on gears and their papers give a com- 
prehensive investigation of film thickness, tempera- 
ture and load in spur gear transmissions. Another full 
transient ehl analysis of a spur gear contact was pre- 

sented by Huaet. al. 1991 [ 181. This analysis was later, 
in 1995, extended by Hua and Khonsari [ 191 who stud- 
ied the effects of different gear parameters on film 
thickness and contact pressure. A full transient ehl 
analysis of a spur gear was presented by Larsson [20]. 
One additional effect, a non-Newtonian lubricant, had 
been incorporated in the model. Larsson showed that 
transient variations in load may influence the minimum 
film thickness much more than static load variations 
do. In fact, the film thickness actually increased as the 
load was increased transiently. Scales et. al. [21] ob- 
tained the same results in their analysis of a spur gear. 

Cams and followers have been studied by e.g. 
Dowson et. al. [22] who in 1992 presented a transient 
analysis of such a system. A quasi-static assumption 
had been used in earlier investigations. This assump- 
tion leads to the erroneous prediction of zero film thick- 
ness at the reversal of lubrication entrainment. This 
reversal of entrainment has been investigated by Hooke 
[23,24] and he presented design charts to determine 
minimum film thickness when the entraining velocity 
ceases and changes direction. A sudden change in roll- 
ing velocity, both in magnitude and direction, was also 
investigated by Scales et. al. [21]. It was found, both 
theoretically and experimentally, that the minimum film 
thickness never falls to zero even if the entraining di- 
rection changes. 

Other more general theoretical transient ehl analy- 
ses have been presented by Hamrock et. al. [25,26,27], 
by Bedewi et. al. [28] and by Yang and Wen [29]. 

Film thickness measurements in dynamically 
loaded contacts are rare but, in 1991, Ren et. al. [30] 
used a high-speed film camera to study the contact 
between a rolling ball and a lubricated glass disc, while 
the ball was subjected to a harmonically varying load. 
They showed that the minimum film thickness occurred 
at the outlet of the contact and that a central dimple 
occurs even if rolling is superimposed. 

Some very interesting applications of experimen- 
tal transient ehl can be found in the study of lubricants 
and their properties. In 1972, Paul and Cameron [3 11 
presented the impact viscometer. A ball impacts a lu- 
bricated transparent surface and the film thickness be- 
tween the ball and the flat surface is measured by means 
of optical interferometry. The pressure field was de- 
rived from the elastic distortion. The density in the 
contact was found from refractive index measurements. 
Since film thickness, pressure and density were known, 
Reynolds equation could be used to obtain the viscos- 
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ity distribution in the contact. The impact viscometer 
has recently been further developed in Hong-Kong by 
Wong et. al. [32,33]. 

The jumping-ball apparatus is another example 
where transient ehl has been used to investigate lubri- 
cants. A ball was guided as it fell without rotation until 
it impacted a flat lubricated surface. The angle of im- 
pact was adjusted until the ball achieved pure rolling 
as it rebounded from the surface. A study of the mo- 
tion after impact enabled the limiting shear strength of 
the lubricant to be determined. This technique was pre- 
sented in 1985 by Jacobson [34]. It was later improved 
with an optical measuring system, see Hoglund [35]. 

A comprehensive study of lubrication at combined 
squeeze and sliding motions has been carried out by 
Lundberg et. al. [36-401. In their apparatus a rotating 
roller impacted a lubricated ball. The presence of metal- 
to-metal contact between the roller and the ball was 
detected electrically. They found that lubricant film 
breakdown was always initialised at the end of the 
impact time, and not when the impact force reached its 
maximum. They also found that the risk for lubricant 
film failure increased if the sliding velocity increased. 
This phenomena contradicts elastohydrodynamic 
theory and is still not fully understood. 

Ramesh and his co-workers [4 1,421 also revealed 
lubricant properties by using impacts. They used the 
Kolsky bar technique. The lubricant sample was com- 
pressed between two bars by giving one of them an 
impact. The strain waves in  the bars were measured 
and this enabled the derivation of density and limiting 
shear strength. 

The effect of surface roughness on film formation 
has been studied intensively during recent years. Green- 
wood and Morales Espejel [43] and Venner and 
Lubrecht [44,45] have all utilised transient ehl in the 
study of rough surfaces. Venner and Lubrecht have also 
improved the numerical technique to solve such prob- 
lems. 

Among the many parameters influencing film thick- 
ness and friction in transient ehl this paper will from 
now-on focus on density. 

4. LUBRICANT PROPERTIES 

To calculate film thickness, pressure distribution 
and friction in ehl it is necessary to know the viscosity, 
compressibility and density of the lubricant and how 

they are affected by pressure, temperature and loading 
rate. Several investigations have been performed con- 
cerning the compressibility of lubricants, however, 
most of these investigations have been made under 
static conditions, i.e. no influence of temperature gra- 
dients and loading-unloading time is included. In a real 
lubricated contact, the loading-unloading cycle is usu- 
ally transient. In for example a bearing or a gear, pres- 
sures often reach several GPa and the loading-unload- 
ing time is a few hundred microseconds. 

4.1 Dilatation and density 

as 
Dilatation or relative change in volume, is defined 

AV - 
VO 

For lubricating oils it has been measured statically 
up to 400 MPa, Dowson and Higginson [46], and to 
2.2 GPa, Hamrock et.al. [47]. Several other authors 
have also presented static dilatometry measurements, 
e.g., Jacobson-Vinet [48] and Alsaad et.al. [52]. In a 
real ehl contact however the loading cycle is usually 
very short which affects the dilatation’s and density’s 
dependence on pressure. At short loading times the tem- 
perature rise due to adiabatic compression may make 
the dilatation-pressure relation weaker and the density 
increase lower than in an isothermal case. Ramesh [42] 
and Feng and Ramesh [41] performed transient meas- 
urements under conditions with shorter loading times, 
1- 10 ps, compared to a real conjunction. At static meas- 
urements there is a significant change in behaviour, a 
phase transition, at a certain pressure, Hamrock et.al 
[47]. This phase transition may occur also in  dynamic 
measurements but it is not obvious at what pressure it 
will occur. 

Based on transient measurements up to 5 GPa 
Ramesh [42] and Feng and Ramesh [41] suggested the 
following relationship between dilatation and prcssure: 

K I  1 - V / Vn I 

Their measurements gave one point per ”shot” for 
the compressibility, so a lot of experiments had to be 
made before a tendency could be seen. 

Density can be derived directly from the dilatation 
by assuming constant mass. The most well known den- 
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sity-pressure relationship is the one of Dowson and 
Higginson [46], Eq. (2). 

0 . 6 ~  - p =I+- 
po I +1.7p 

( 3 )  

4.2 Split-Hopkinson bar test rig 
Below a new way of measuring the dilatation, and 

the density’s dependence on pressure at transient load- 
ing is presented. 

A modified split-Hopkinson pressure bar set-up is 
used to determine the dilatation (relative volume 
change)-pressure relation of lubricants. The set-up 
makes it possible to test oils and greases under condi- 
tions similar to those found in a real ehl contact; load- 
ing-unloading times of 100 and 300 ps respectively 
and pressures up to 1.9 GPa. 

A schematic picture of the experimental set-up can 
be seen in Fig. 1. Details can be found in Lindqvist et. 
al. [49]. 

The tested lubricant is confined in a cylindrical hole 
(a8 mm) in a pre-stressed container made of cemented 
carbide and steel. It is pressurized by two axially mov- 
able pistons that are in contact with the two rods. The 
radial clearance between piston and hole is between 1 
and 2 pm thus minimizing leakage but still giving a 
low friction force. One of the rods is axially impacted 
by a projectile generating a compressive elastic wave. 

Strain gauges are used to measure the strains in the 
rods as a function of time at two positions on each rod. 
One dimensional wave propagation theory is used to 
calculate the pressure, the dilatation and the dilatation 
rate at the contact between the confined oil and the 
piston on both sides of the oil column. 

4.3 Results of dilatation measurements 
Data for seven tested oils are found in Table 1 and 

in Fig. 2 a comparison of the different dilatation-pres- 
sure curves is seen. The dependence between the dif- 
ferent molecular structure of the oils and the dilata- 
tion-pressure relation is interesting. Long straight mol- 
ecules like PAO, esters and polyglycols have a rela- 
tively weak behaviour. The molecules in a well refined 
mineral oil like the naphthenic or the paraffinic oils 
have less possibilities to adopt different kind of con- 
figurations, and the oil is therefore expected to have a 
stiffer behaviour. The 5P4E has the stiffest behaviour 
of the tested oils. 

Table 1 
Properties of the tested oils. 

Surface perpendicular 
Main Cone to the Rod 

Case ot Nylon Extenson Cone - Strain Gauges 

- -  

Main Rod 

Extension Case 01 Nylon 
Stopper of 
Aluminum 

Figure 1.  Blow-up picture of the mechanical parts for the experimental set-up, from Lindqvist et.al. [49]. 
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Feng& p =  K{I-V/Vo} 
Ramesh [ I  + a{v  / V, - 1}12 

Table 2 
A comparison of the Dowson and Higginson, Feng & Ramesh and present investigation expressions for both the 
dilatation-pressure relation and the density-pressure relation. 

Mineral: 
P -  1 K=1.4 [GPa] 

Po a=3.5 
- _  

2 P  
2a - K=4.3 [GPa] K 

a= 1 .O 

Pressure-denstity relation Type of oil and I Constants: 
Pressure-dilatation 
relation 

AV - 
Dowson& p =  VO 

AV Higginson 0.6 - 2.3- 
VO 

Mineral oil: 
(Shell HVI650) 

I I 

AVN 

Figure 2. A comparison of measured dilatation- 
pressure relations for seven tested oils, 
from [49]. 

Based on the experiments an empirical equation (4) 
describes the density-pressure relation in a more de- 
tailed way than previously presented models like the 
Dowson and Higginson [46] or the Feng and Ramesh 

[41] equations. Eq. (4) is more adopted to different 
kinds of lubricants under more ehl-like conditions. The 
equation has been rewritten as a new density-pressure 
model for the ehl calculations presented below. In Ta- 
ble 2 and Fig. 3 a comparison between the three mod- 
els can be seen. 

r 1 (4) 
P, 1 

1.25- 

1.20 - 
1.1s- 

1.10- 

1.M- Resen1 lnvcclipilian 

PIP0 

1.m- 

0.95 I I I t 
0 0.5 I I .s 

P "34 

Figure 3. Relative density as a function of pressure 
for mineral oil. 
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In Table 3 the constants c,-c3 in Eq. (4) are given 
for the tested oils. In many cases c3 can be omitted and 
the density-pressure relation is sufficiently described 
by a second order polynomial. This is indicated by -- 
for c, in Table 3. 

Table 3 
Results of the polynomial curve fit for the constitutive 
constants for the seven oils. 

5. EFFECT OF COMPRESSIBILITY IN EHL 
LINE CONTACTS 

The effect of compressibility on ehl parameters such 
as film thickness and pressure spikes has been studied 
by several authors. Hamrock et. al. [50] studied the 
influence of compressibility on the pressure spike and 
found that an incompressible lubricant gives rise to 
much higher (or infinite) pressure at the pressure spike 
than lubricants that are compressible according to the 
Dowson-Higginson density-pressure relation, Eq. (2). 
They also showed that the minimum film thickness is 
not influenced by compressibility while the film thick- 
ness at the contact centre becomes somewhat smaller 
in case of compressible lubricants. Venner and Bos [5  11 
did also study the effects of compressibility. They com- 
pared the incompressible lubricant with two different 
compressibility models, the Dowson-Higginson rela- 
tion and the Jacobson-Vinet density-pressure relation 
[48]. The latter one implies a more compressible lubri- 
cant than described by the Dowson-Higginson relation. 

The central film thickness was thus smaller in case of 
the Jacobson-Vinet model. They also pointed out the 
total dominance of Couette flow at the central region 
of an ehl contact. The Reynolds equation is thus re- 
duced to: 

( 5 )  

Since the net lubricant mass flow is approximately 
independent of the compressibility model, they showed 
that the ratio between the central film thickness using 
different compressibility models is the same as the in- 
verse ratio of the densities at the centre of the contact, 
i.e.: 

a 
ax -(ph) 0 

--- h ~ - v  -PD-H 
h ~ - H  PJ-v 

In this paper the ehl line contact problem is solved 
for two different density models. The first one, corre- 
sponding to a more compressible lubricant, such as a 
poly-alpha-olefin (PAO), and one corresponding to a 
less compressible lubricant, such as the 5P4E synthetic 
lubricant. Both static and transient loading are consid- 
ered. 

5.1. Modelling 
The density-pressure relation for the two lubricants, 

is given by Eq. (4) where c,=0.7, c,=19.5 in case of 
PA0 and cI=l.  1, c,=49.1 in case of 5P4E, see Table 3. 
The density-pressure relations are shown in Fig. 4 to- 
gether with the Dowson-Higginson relation. 

The other assumptions are: pure rolling conditions, 
isothermal conditions, viscosity-pressure relation ac- 
cording to Roelands and Newtonian lubricant behav- 
iour. The lubricants are assumed to be identical except 
for their different compressibility. 

5.2. Results and discussion 
Figure 5 shows a set of pressure distributions and 

film thickness profiles obtained from a static load ehl 
analysis with the two different density models. The 
dimensionless load is W=l.  1 4 ~ 1 0 ~  and the dimen- 
sionless material parameter is G=4760. The dimen- 
sionless speed parameter, U, is varied from 2.5x10-" 
to 12.5x10-". Steel surfaces are assumed, i.e. themaxi- 
mum Hertzian pressure, pH, is 1.2 GPa. It is seen that 
the compressibility has a very small effect on the mini- 
mum film thickness. The film thickness at the centre 
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of the contact is, however, influenced by the different 
compressibility models. The ratio between the central 
film thicknesses is constant 1.09 for all three cases and 
corresponds well to the proposed [45] ratio of the den- 
sities at the contact centre, Eq. (6). 

1.3- / 

PA0 ,/ 
1.25 . / 

/ 

I // , I 

1.05 I 1%: / 

'0 0.5 1 1.5 2 
Pressure [GPa] 

Figure 4. The Dowson-Higginson (D-H) density- 
pressure relation compared to density 
models for different lubricants, 5P4E, PA0 
and a paraffinic mineral oil (PM) at 20OC. 

The difference in pressure is, as expected, most pro- 
nounced in the higher speed case, Fig. 5c, since the 
effect of a lubricant, i.e. hydrodynamic action, becomes 
greater as the speed (or the viscosity) increases. In all 
three cases it is seen that the pressure spike becomes 
higher for the 5P4E lubricant and the difference in- 
creases as U increases. At U=12.5~10-" the pressure 
spike amplitude is about 40 per cent higher in the 5P4E 
case. It is also seen that the difference in central pres- 
sure increases as the speed parameter increases. At the 
highest speed this difference is about 2 per cent. 

The difference in pressure between the two density 
models influences the sub-surface stresses. Figure 6 
shows the von Mises equivalent stress at the highest 
speed, U= 1 2 . 5 ~  10".  The maximum von Mises stress 
is 67 per cent of the maximum Hertzian pressure (0.67 
p,) for 5P4E and it occurs only 3 per cent of the con- 
tact semi-width (0.03b) from the surface. For the PA0 
the maximum von Mises stress is OSOp,, at the same 
depth and it is not greater than 0 . 5 2 ~ ~  within 0 I zlb I 
0.2. The risk of surface fatigue is thus much greater 
for a lubricant with low compressibility, such as the 
5P4E, than for morc compressible lubricants, such as 
the poly-alpha-olefins. Stress differences as large as in 
this case may change the operational life by several 
times. 

1 .s 

1 

2 
0.5 

C - 

1.5 

1 

=- 
a 

0.5 

0 
-1 

1.5 

1 

=_ 
a 

0.5 

a 
-1 

a 

5 -1 -0.5 0 0.5 1 
x/b 

I 

I 

3 -1 -0.5 0 0.5 1 
x/b 

I 
I 
I 

5 -1 -0.5 0 0.5 1 
x/b 

Figure 5 .  Pressure distributions and film thickness 
profiles at a) U=2.5xIO-" b) U=7.5xIO-" 
C) U= l2 .5~10" .  

One should remember that the two lubricants are 
the two extremes in the experiments, the most and the 
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least compressible, and the difference should be smaller 
if the PA0 is compared with a paraffinic mineral oil. 
But the difference in operational life time, due to dif- 
ferent compressibility only, can still be significant at 
certain running conditions. The effect of lubricant com- 
pressibility on sub-surface stress is largest at moderate 
or high load and conditions that makes the pressure 
distribution to deviate much from the Hertzian pres- 
sure, e.g. at high speed or high viscosity. 

Since most ehl contacts are subjected to transient 
loads, a transient analysis is also carried out. The load 
is assumed to vary transiently from W=4.1 x 1 O-s to 
W=12 .3~10-~  and back again within 0.16 ms, Fig. 7a. 
The dimensionless speed and material parameters are 
held constant at U=2.5x10" and G=4760. Fig. 7b 
shows minimum and central film thicknesses for the 
two different lubricants. It is again seen that the more 
compressible lubricant (PAO) gives smaller central film 
thickness while the difference in minimum film thick- 
ness is negligible. The transient character of the prob- 
lem can be seen as the minimum film thickness occurs 
at the end of the loading cycle where the load is low 
and as an increasing central film thickness as the load 
increases and in the opposite way when the load de- 
creases again. 

-1.5 -1 -0.5 0 0.5 1 

0.0 

5 0.1 

n3 -.- 
-1.5 -1 -0.5 0 0.5 1 

x/b 

Figure 6.  Sub-surface stresses, alpH, von Mises 
equivalent stress, at U=12.5~10-". 
Contour level lines at every 0.1 pH. 

The maximum pressure and the pressure at the con- 
tact centre are shown in Fig. 7c. The 5P4E lubricant 
causes higher maximum pressure, especially at the pres- 
sure spike, than the PAO. The pressure at the contact 
centre is, however, approximately the same for both 

lubricants. The pressure spike is not fully resolved 
which can be seen as irregularities in the maximum 
pressure curve of Fig. 7c. The trend is, however, clear: 
the 5P4E causes much higher pressure and thus in- 
creased risk of surface fatigue. 

"0 0.05 0.1 0.15 
Time [ms] 

I 

0.25 ' 
0 0.05 0.1 0.15 

Time [ms] 

0 0.05 0.1 0.15 
Time [ms] 

Figure 7. Transient analysis results a) transient load, 
b) central and minimum film thickness, c) 
central and maximum contact pressure. 
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5. CONCLUSIONS 

The findings of this paper can be concluded as such: 
Different lubricant types exhibit different dilatation- 
pressure and density-pressure relations. 
- Long straight molecules found in esters, poly- 

glycols and PA0 give a weaker dilatation- 
pressure connection. 

- Naphthenic and paraffinic oils, with ring-shaped 
molecules, give a stiffer connection. 

- 5P4E has the most compact molecule and conse- 
quently the stiffest dilatation-pressure connection. 

- High temperature gives a weaker behaviour. 
Applying two of the different models, those of 5P4E 

and PAO, in a numerical ehl analysis results in the fol- 
lowing: 

The central film thickness becomes smaller as the 
lubricant compressibility increases, whereas the 
minimum film thickness remains almost unaffected. 
The pressure at the contact centre bccomes a few 
percent lower when using more compressible lubri- 
cants, while the pressure spike magnitude may dif- 
fer by 40 percent. 
The differences in pressure cause large differences 
in sub-surface stresses. A second stress maxima, lo- 
cated below the pressure spike, develops. This sec- 
ond maxima is more severe in  thc case of a less com- 
pressible fluid. 
Surface fatigue may shorten the operational life of a 
component by several times when using a less com- 
pressible lubricant. 
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Efficient numerical method for various geometries of gas lubricated 
bearings 
R.H.M. van der Stegen and H. Moes a 

aTribology Group, Dept. of Mechanical Engineering, University of Twente, P.O. Box 217, 
7500 AE Enschede, The Netherlands 

This paper discusses the development of a numerical solver for the Reynolds equation in aerodynamic lubricated 
bearings, utilizing a finite difference method with multigrid. The advantages of the numerical method are that 
the number of operations and the memory capacity needed are almost proportional to the number of gridpoints 
involved. It is second order accurate and can cope with various bearing geometries. A survey is also given 
of the implemented modifications of the Reynolds equation. The efficiency of the method is demonstrated by 
two examples, namely: the dynamic tracking of the centre of a herringbone grooved journal bearing and the 
equilibrium position of a hard disk slider. 

1. In t roduct ion  

An analytical solution of the Reynolds equa- 
tion for gas lubricated bearings is only available 
in some special situations. Therefore, in general, 
a numerical approach is required. 

During the last decades several methods have 
been proposed for discretising the Reynolds equa- 
tion. They may be divided in two groups, namely 
"finite element methods (FEMs)" and "finite dif- 
ference methods (FDMs)". An early survey of 
numerical methods was published by Castelli and 
Pirvics (1968). Recently, substantially improved 
methods have been introduced. Useful FEMs 
have been developed, among others, by Bonneau, 
Huitric and Tournerie (1993) and by Nguyen 
(1991). The advantage of the FEMs is that they 
can be applied to a large variety of geometries. 
Nevertheless, the FDM is still used; see for exam- 
ple Lipschitz, Basu and Johnson (1991). 

The numerical solution of the set of equations, 
constructed with the methods mentioned above, 
is quite expensive for a large number of points, 
i.e. the number of operations and the memory 
capacity needed are a t  least O ( n 2 ) ,  with n the 
number of grid points involved. The numerical 
simulation is further complicated by the nonlinear 
character of the Reynolds equation and the wide 
velocity range of gas bearings. However, a multi- 
grid solver in combination with a FDM decreases 

the number of operations and the memory capac- 
ity needed and makes them directly proportional 
to the number of grid points involved. Therefore, 
this method is applied for solving the Reynolds 
equation. 

A numerical method is presented that solves 
the Reynolds equation second order accurate, in 
arbitrarily shaped bearings. The grid points are 
equally spaced on the domain, but the location 
of these points is independent of the shape of the 
bearing surfaces. 

To begin with, the bearing model will be pre- 
sented and some possible modifications of the 
Reynolds equation are specified that extend its 
applicability. Next the numerical solver will be 
composed of a FDM and a multigrid solver. Fi- 
nally two applications will be shown, namely 
hard disk slider and a herringbone journal bear- 
ing. 

2. Bearing model 

Let us consider a model of a gas lubricated 
bearing of which the behaviour is to  be analysed. 

If the bearing is not defined in a rectangular 
domain, it has to be transformed onto it by a co- 
ordinate transformation. For instance, a journal 
bearing is unwrapped to a plain bearing and a 
thrust bearing is described in polar coordinates. 

Figure 1 shows a schematic representation of a 
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bearing on the  domain ((0, l z ) ,  (0 ,  ly)). The sur- 
faces may have waviness, pockets or alternative 
groove geomctries, like straight, herringbone or 
spiral grooves. The surfaces move in the tangen- 
tial direction with a constant velocity g.  

The bearing clearance ( h )  is a function of the 
given surface geometry and a global function with 
some degrees of freedom. Three combinations are 
of special interest, namely: 

0 the static solution; with no degrees of free- 
dom foi the clearance, 

0 the equilibrium solution; a steady state 
global function needs to solved for every de- 
gree of freedom of the clearance, 

0 the time dependent solution; a transient 
global function needs to solved for every de- 
gree of fieedom of the clearance. 

The boundary conditions complete the model. 
The values of the pressure ( p )  are known along the 
external boundary parallel to the r-axis (Dirich- 
let boundary). The boundary parallel to the y- 
axis can, respectively, be of the Neumann or the 
Dirichlet type: 

0 a cyclic bearing condition, i.e. p(x = 0, y) = 
P ( r = L , Y ) ,  

0 a slider bearing condition, i.e. the pressures 
p(z=O,y) and p(z=l,,y) are known. 

Algorithms have been derived for the six possible 
combinations. 

3. Lubrication model 

The Reynolds equation is generally used to de- 
scribe the behaviour of the lubricant film. It is 
derived from the Navier Stokes equations and the 
continuity equation by assuming very thin gaps. 
However, modifications can be made in order to 
extend the applicability of t  he Reynolds equation. 

The Reynolds equation is written in the diver- 
gence form, neglecting the external forces, and 
reads: 

Figure 1. Schematic presentation of a bearing. 

with g and h for the sum velocity of the bearing 
surfaces and the clearance, respectively. The time 
is t .  The pressure, the density and the viscosity 
are denoted by respectively, p ,  p and q. 

Further it is assumed that the flow is isoviscous 
and isothermal. Therefore the density p may be 
replaced by the pressure p according t o p  = pR,6, 
with 6 and R, for the temperature and the gas 
constant. 

Because a number of assumptions have been 
made during the derivation, restrictions are nec- 
essary in order to obtain an accurate approxima- 
tion for the flow in a clearance. 

Special attention is paid to the flow of gas in 
an ultra thin gap, like between a hard disk and a 
slider. The original Reynolds equation is restric- 
ted to flows where the molecular mean free path 
is negligible as compared to  the thickness of the 
gap. Whenever both lengths are comparable, slip 
between the gas and the wall produces an effect 
that is similar to a reduction of the viscosity. 

The Reynolds equation can be adopted to ultra 
thin gaps by applying well known theories. The 
characteristic parameter is the Knudsen number 
(Kn).  It represents the ratio between the mean 
free path (A )  and the gap (h ) :  

x 
Kn = -. 

h 
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A first order approximation of the molecular slip 
velocity may be derived from the kinetic gas the- 
ory. It was implemented in the Reynolds equation 
by Burgdorfer (1959): 

with A0 for the mean free molecular path at the 
pressure PO. 

Higher order approximations for the slip in the 
Reynolds equation were investigated by Hsia and 
Domoto (1983) and Mitsuya (1993). F'ukui and 
Kaneko (1988) derived a molecular gas equation 
which looks familiar to the Reynolds equation. 
This equation is specifically suited for very large 
Knudsen numbers. 

Other well known adaptations are the incor- 
poration of centrifugal effects (Pinkus and Lund, 
1981) and turbulence (Taylor and Dowson, 1974). 
These models were originally derived for incom- 
pressible flow, but may quite as well be used for 
compressible flow. 

All these modifications of the Reynolds equa- 
tion will be neglected in the construction of the 
numerical method. 

4. Numerical procedure 

A numerical procedure will now be presented 
that solves the Reynolds equation with second 
order accuracy. It is a combination of a FDM- 
discretisation and a multigrid method. 

Point of departure is the dimensionless Rey- 
nolds equation in Cartesian coordinates, a non- 
linear differential operator. Since velocity in one 
direction is assumed, this equation reads: 

The variable P represents the dimensionless pres- 
sure and needs to be solved. The diffusion coeffi- 
cient d and the advection coefficient a are known 
functions of the dimensionless bearing clearance 
H and the position in the bearing. y is the 
squared aspect ratio. A and o are the dimension- 
less velocity and the dimensionless squeeze num- 
ber. 

4.1. Discretisat ion 
The discretisation of the Reynolds equation 

is based on the filmthickness between two grid 
points ( d i h i  and ai,+), instead of coefficients in 
the grid points. These two discretisations lead to 
different solutions when an internal boundary is 
crossed. The first discretisation needs only one 
relaxation point to cross a boundary, while the 
second one invariably needs a number of points. 
Therefore the position of the discontinuity is pre- 
sented more accurately with the first method, re- 
sulting in a more accurate solution. 

A first and a second order accurate discre- 
tised Reynolds equation (in stencil notation: 
L(P)i,j,k = f i , j , k )  are presented in appendix A. 

4.2. Multigrid 
Multigrid has originally been introduced for an 

isotropic function P ,  with a smooth behaviour 
of V P .  The Reynolds equation for gas lubrica- 
tion can be non-isotropic and shows strongly dis- 
continuous coefficients across internal boundaries. 
This requires special measures for the solver. 

A number of so-called black box multigrid 
methods have been proposed that overcome the 
difficulties just mentioned. Two basic methods of 
adaptation of the solver are available that regain 
the desired convergence rate. 

Zeeuw (1990) has developed a multigrid solver 
based on matrix operations to obtain the coarse 
grid operator. Therefore this method can only 
be applied if the Reynolds equation has been lin- 
earised. It results in a nine-point relaxation sten- 
cil on coarse grids. The preliminary work needed 
for this method is quite extensive because matri- 
ces must be inverted. 

An alternative method was proposed by Al- 
couffe, Brandt, Dendy and Painter (1981). A 
multigrid solver was derived for a Laplace equa- 
tion with strongly discontinuous coefficients. The 
method did not include advection and a nonlinear 
equation. The advantage of the method is that it 
uses a five point relaxation stencil on coarse grids 
and does not need matrix inversions. 

The algorithm presented is based on the work 
of Alcouffe et al. (1981). It is implemented in 
the Full MultiGrid, Full Approximation Scheme 
(Brandt, 1984) for a nonlinear equation. 
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4.2.1. Relaxation 
The operator in  a milltigrid solver must be 

such that the relaxation is stable and an effective 
smoother. ”Stable” means that every frequency 
component is reduced by the relaxation process. 
For multigrid efficiency in addition, good smooth- 
ing properties are essential, i.e. all high frequency 
components need to be reduced fast. 

The preferred discretisation for the operator is 
the one with second order accuracy. However due 
to stability and smoothing requirements, its ap- 
plicability is limited to regions where the diffusion 
derivative is larger than the advection derivative. 
On the contrary, the relaxat,ion of the first order 
accurate scherrie is stable arid a good smoother. 
Therefore, when the second order scherrie is not 
stable or not a good smoother and if a second or- 
der solution is needed, the first order is used and 
the accuracy is increased from first to second by 
introducing: ”defect correction” (Khosla and Ru- 
bin, 1974). 

Caution is needed along and across internal 
boundaries. These discontinuities cause locally 
large pressure gradients, depending on the geom- 
etry of the bearing and the hearing velocity. The 
safest method is to use first order discretisation 
with, if necessary, defect correction. 

The type of relaxation depends on the ratio of 
the derivatives in  the X -  and Y-direction. If it is 
isotropic, a one point Gauss-Seidel relaxation can 
be iised. In non-isotropic regions, Gauss-Seidel 
line-relaxation should be used. 

4.2.2. Intergrid transfer 
The differences are described between the con- 

structed intergrid transfer procedures and the 
implementation of Alcouffe et al. (1981). The 
guiding principle is the smooth behaviour of: 
$ V P 2  - AnP, which represents the Inass flow. 

The interpolation and restriction operators 
must prevent that information is averaged when 
crossing internal boundaries. A common choice 
for the restriction operator is applying the inverse 
of the interpolation operator for internal bound- 
ary problems. This choice is very expensive. 
Whereas a coarse approximation also gives sat- 
isfying results. The latter is based on a weighting 
with the reciprocal of the diffusion coefficients. 
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Figure 2. Slider geometry 

The interpolation is based on the discretised op- 
erator. 

The coarse grid operator is based on the dis- 
cretisation of the fine grid operator. The method 
for calculating the advection and diffusion coeffi- 
cients a and d was based on Alcouffe et al. (1981). 

5. Applications 

Two applications will be presented which are 
usually solved with different methods, namely a 
hard disk slider and a herringbone grooved jour- 
nal bearing. 

5.1. Hard disk sliders 
The study of hard disk sliders has been stimu- 

lated by the minimisation of the hard disk dimen- 
sions. Several slider designs have been proposed, 
like the standard two rail slider (for example the 
IBM 3370) and the so-called ”negative pressure 
slider”. Sliders are often judged by their equilib- 
rium position. Three degrees of freedom must be 
solved to find the equilibrium position, namely 
the minimal filmthickness (hmzn), the pitch angle 
( a )  and the roll angle (p )  (Figure 2).  

The numerical method solves the pressure 
distribution with the equilibrium position of the 
slider. The degrees of freedom are solved most ef- 
ficiently on the coarsest grid of a multigrid cycle 
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Figure 3. Pressure distribution under a IBM 3370 
slider 

(Venner, 1991). The equilibrium position is found 
in two steps. During the first step, the pressure 
distribution and the load balance are matched, 
when the finest level is level two. If the multi- 
gridproces contains three or more levels, the load 
and momentum are balanced. 

The efficiency of the numerical procedure is 
demonstrated for an IBM 3370 slider, as well as 
for a negative pressure slider. 

5.1.1. IBM 3370 slider 
The IBM 3370 slider is a standard two rail 

slider, with flat tapers. The area between the 
rails does not contribute to the lifting capacity. 

Choi and Yoon (1994) developed a method for 
the prediction of the equilibrium position of a 
hard disk slider by using an optimization tech- 
nique. Three standard sliders are discussed in 
their article, the results for the IBM 3370 will be 
compared with the present results. The notation 
and the equations of Choi are employed. 

The method of Choi solves first the static pres- 
sure distribution. It needs 4 till 8 times more 
iterations to solve the pressure distribution with 
the equilibrium position. 

The present method solves the standard slider 
on 7 succeeding levels. The coarsest grid has 
per rail 1 x 10 nodes, the finest has 127 x 703 
nodes. The area between the rails is not discre- 

level a![,urad] P[pradl h m i n [ p 4  
1 300.0 0.00 0.100 
2 300.0 0.00 0.500 
3 146.5 8.67 0.566 
4 144.8 7.93 0.568 
5 144.2 7.49 0.569 
6 146.1 7.30 0.571 
7 146.0 7.19 0.571 

Ruiz 143. 7.1 0.55 
Choi 145. 7.2 0.56 

Table 1 
Results for a IBM 3370 slider on 7 levels. 

tised. The multigrid method needs two V-cycles 
with two pre and two post relaxations per level 
to solve the pressure distribution. Four cycles in 
total are needed to find the equilibrium position. 
This means that 16 relaxation of the finest grid 
are needed. However, on levels two and three, 
more cycles are needed, depending on the initial 
condition. The computational costs are very low 
for the low level cycles. Therefore these can be ne- 
glected when more than three levels are involved. 
The pressure distribution is given in Figure 3. 
Only one out of 64 gridpoints is shown. 

The solution of the proposed method and the 
results of Choi and Yoon (1994) are listed in ta- 
ble 1. They compared their results with Ruiz and 
Bogy (1990). Excellent agreement of the minimal 
filmthickness hmin, the pitch angle a! and the roll 
angle p, is seen between the three methods. On 
the finest level, level seven, the most accurate re- 
sults are obtained. It is obvious that the differ- 
ences between the solutions on succeeding levels 
become less when the level is finer. However the 
convergence of the solution is not exactly second 
order. This is caused by the switch from taper 
to rail, which in general does not coincide with a 
gridline. This reduces the convergence rate. 

5.1.2. Negative pressure slider 
The so-called "negative pressure slider" con- 

sists of two rails with a threshold in between. Be- 
hind the threshold is a recessed area with a sub 
ambient pressure. This sucks the slider to the 
disk. 

The negative pressure slider can be solved 
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level F, [N] Fy [N] 
1 -109.9 56.5 

Figure 4. Pressure distribution under a negative 
pressure slider 

2 145.0 7.20 1.176 
3 298.5 11.80 1.117 
4 308.3 11.91 1.133 
5 304.6 11.96 1.141 
6 304.7 11.99 1.146 

Table 2 
Results for negative pressure slider on 6 levels. 

with the same efficient method. The number of 
operations is a bit larger because multigrid W- 
cycles are needed instead of V-cycles. The com- 
plete slider is discretised, i.e. also the area be- 
tween the rails. The coarsest level has l l  x 14 
nodes, the finest 383 x 479 nodes. The pressure 
distribution is presented in Figure 4. Only one 
out of 64 points is plotted. 

Geometries have not been published and there- 
fore the results can not be compared. Table 2 
presents the results on the six levels. The con- 
vergence of the solution is first order because the 
inaccurate description of the internal boundaries 
dominates the error in the solution. 

2 -147.3 56.7 
3 -165.7 52.7 
4 -174.9 49.0 
5 -178.3 47.2 
6 -180.6 46.0 
7 -181.5 45.6 

Table 3 
Static results of a herringbone bearing. 

5.2. Herringbone grooved journal bearing 
Herringbone grooved journal bearings are ap- 

plied in rotating machinery such as audio and 
video equipment. For gas bearings in particular, 
uncontrolled whirl can cause fatal damage to the 
bearing. Therefore the prediction of whirl is im- 
portant for the designer. The stability of a bear- 
ing is simulated by solving the Reynolds equation 
and the equations of motion. The result is a tran- 
sient prediction of the journal centre locus. 

In a transient analysis, the previous solution is 
applied as an estimation for the next time step 
by the numerical method. The multigrid method 
is called ’IF-cycle”. On the coarsest level 16 x 3 
nodes are used, on the finest level (level 7) 1024 x 
255 nodes. Three V-cycles, each with four relax- 
ations at the finest level, are needed for the static 
solution. During the begin of the transient analy- 
sis, just two V-cycles within a F-cycle suffice; and 
when the high frequency oscillations have disap- 
peared one V-cycle suffices. 

The herringbone bearing under consideration 
has 8 grooves with a groove angle of 30 degrees 
and a land- groove ratio of 1. The groove depth is 
1 [pm,] and the maximum eccentricity is 5 [pm] .  
The grooved bearing is stationary and the smooth 
journal rotates with 100 [rps]. The attached rotor 
mass is 0.5 [kg]. The dimensions of the bearing 
are a diameter of 4 [cni] and a length of 3 [cm]. 

First, the static solution is solved for the di- 
mensionless eccentricity (ez, fy) = (0.75,O) of the 
herringbone bearing. The resulting forces F on 
the journal are given in table 3 for the seven lev- 
els. The convergence is reduced by the inaccurate 
description of the internal boundaries. This static 
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Figure 5. Journal centre path 

solution is the departure point for the transient 
simulation of the loaded journal. I ts  centre path 
is given in figure 5. AT is equal to AX. In or- 
der to arrive at  the limit cycle, thousands of time 
steps are needed, which is no problem for this 
efficient algorithm. 

6. Conclusion 

An efficient numerical method is derived for the 
static, equilibrium, and time dependent solution 
of a gas lubricated bearing. The method is based 
on a second order finite difference discretisation 
scheme and a multigrid solver. The efficiency of 
the method is demonstrated by the fact that the 
number of operations and the memory capacity 
needed are almost proportional to the number of 
gridpoints involved. 

The method has been shown to be well suited 
for taking into account compressibility and com- 
plex geometries. The gridpoints are equally 
spaced on the domain. A geometry that is not 
smooth is therefore represented with first order 
accuracy because the exact location of the dis- 
continuity can not be represented by the discreti- 
sations. 

The method is applied to two examples, namely 
a hard disk slider and a herringbone grooved jour- 
nal bearing. The equilibrium position of the slider 
is obtained with the same efficiency, independent 
of the geometry. The equilibrium of a slider re- 
quires the double amount of work of the static 

solution. In a transient simulation of a herring- 
bone bearing, the previous pressure distribution 
is applied as an estimation for the next distribu- 
tion. In combination with a multigrid ’IF-cycle”, 
this reduces substantially the number of opera- 
tions per timestep as compared to  a static solu- 
tion. 
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Nomenclature 

advection coefficient 
diffusion coefficient 
right hand side term 
force 
finite difference method 
finite element method 
clearance(h = hoH) 
Knudsen number 
length 
relaxation operator 
number of gridpoints 
pressure(p = po P )  
gas constant 
time ( t  = %) 
sumvelocity 
Cartesian coordinates 
(x = 1,x,y = 1,Y) 
st  epsizes 
pitch angle 
roll angle 
eccentricity 
squared aspect ratio (= 3)  
viscosity 
molecular mean free path 
bearing velocity number 

density 
temperature 
squeeze number(= w) 

l 2  

U 

(= 3) 
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Sub- and superscripts 

m,in 

Y 
i 
j 
k 
0 
1 
2 

X 

minimum value 
index in x direction 
index in y direction 
index in X direction 
index in Y direction 
index in T direction 
reference value 
first order accurate 
second order accurate 

A. Discretisation 

The discrctisation of the operators ‘ L (  P)i,j,k 
and L( P)i,3,k is given only in X -  and T-direction, 
with X = iA.4’. and T = kAT. The second order 
accurate operator is: ‘ L ” ( P ) % , ~  = 

d,+g(Pi$1 - P:) - d,_+(F‘,’ - P;”_1) 

2(AX)2 
k 

k 

(5) 

Alternatively the operator Lh(P)i,k is used: 

The advection and diffusion coefficients a and d 
are functions of the dimensionless hearing clear- 
ance: 

(7) 
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Decrease in friction coefficient under extremely low load 
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Namiki 1-2, Tsukuba, Ibaraki, Japan 

When a copper and a silicon test specimen were rubbed against each other under a very low contact 
pressure, with a load applied in the direction to pull apart the test specimens (negative normal load) to offset the 
attraction active between them, the friction coefficient decreased. The decrease of friction coefficient was 
considered to be due to the lubricating effect of a liquid film formed between the solid surfaces, and friction tests 
were canied out with variable sliding speeds to test this hypothesis. The result showed two cases: one of friction 
coefficient increasing and the other decreasing with sliding speed. This can be explained by the decreased surface 
area of direct contact between the two solids, and the viscous resistance of fluids, respectively. 

1. INTRODUCTION 

Using contact areas of several tens to several 
hundred pm* subjected to normal loads of several pN 
to several mN, the author studies tribological 
phenomena occurring on a very small area under a 
very small contact load. Such conditions are found in 
micromachines [l ,  21. 

The study of tribological phenomena under 
these conditions assists in  the development of 
lubricating methods for micromachines. It is also 
possible to relate the tribological phenomena of the 
nanometer order, currently studied using atomic force 
microscopes (AFM), to the tribological phenomena 
of normal size. 

In a previous test carried out by the author, a 
steel ball and a block gauge were rubbed against each 
other on a reciprocating friction tester to study the 
relation among normal load, friction force, and 
adhesion force (pull-off force) which was measured 
when the surfaces were pulled off [3]. The test 
results showed that the friction coefficient tends to 
increase with decreasing load, and that the friction 
force is proportional to the sum of the normal load 
and pull-off force. Also, when the normal load was 
gradually decreased the test specimens did not 

separate but friction remained even when the applied 
load became negative. This indicates that the 
adhesion force acts between the surfaces in the 
friction state, just like i n  the static state. 

In another test, the author studied the relation 
among friction force, normal load and pull-off force 
using two types of copper specimens and silicon 
wafers with a different contact surface profile [4]. 
The normal load was varied from positive to 
negative. A copper specimen and a silicon wafer, 
both with a flat contact surface, were rubbed against 
each other while decreasing the normal load. The 
friction force decreased linearly with the normal load, 
while the friction coefficient (calculated assuming 
that the pull-off force was equivalent to normal load) 
was generally constant and changed only very little 
with the load. When the normal load, applied to the 
copper specimen and silicon wafer rubbing against 
each other with Hertzian contact, was decreased, the 
rate of decrease of friction force increased as the 
normal load approached the pull-off force. Also, the 
friction coefficient, where pull-off force was 
considered, increased at low loads. The relation 
between normal load and friction force measured 
with decreasing load coincided very well with the 
equation of Hertzian contact where adhesion force 
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was considered, indicating that the friction force was 
proportional to the apparent Hertz load discussed by 
Johnson, et al [5] . 

When a copper and a silicon specimen with a 
flat contact surface were rubbed against cach other 
under a certain very low (negative) normal load, the 
friction coefficient with pull-off force considered 
decreased just slightly with the load. Two 
mechanisms explain this decrease. One is that the 
measured pull-off force is different from the adhesion 
force actually acting on the friction surface. Pull-off 
force, which was used i n  defining the friction 
coefficient, was measured in the static state before 
and after the measurement of friction force. 
Accordingly, if the pull-off force is greater than the 
actual adhesion force during friction, the effect of the 
pull-off force becomes conspicuous under low load 
conditions, resulting in the decreased friction 
coefficient. The second reason for the decrease is that 
a friction mechanism, which is different from that 
which is effective under a high contact pressure, 
plays a major role when the contact pressure is 
extremely low. For instance, the friction coefficient 
decreases when a fluid film is formed on the contact 
surface, preventing direct contact between solids. 

In the present test, a copper specimen and a 
silicon wafer both with a flat contact surface were 
rubbed against each other to measure and evaluate the 
change in friction coefficient relative to a variable 
applied normal loads. Also, the effec? of sliding 
speed on the friction coefficient was studied using 
the normal load as a paramcter. This paper reports 
the results of the tests. The effect of ambient 
humidity on the friction force and pull-off force was 
also measured to study the reason why the friction 
coefficient decreases when the load is very low. 

2. EXPERIMENTAL METHODS 

Figure 1 shows a schematic drawing of the 
reciprocating friction apparatus. A copper test 
specimen is fixed to parallel leaf spring A, a silicon 
plate is attached to parallel leaf spring B, and the test 
specimens face each other. 

Parallel leaf spring A consists of four leaf 

springs. The copper test specimen is installed on the 
center block between the upper two leaf springs, 
which moves vertically by the deformation of the 
leaf springs. The center part of the lower leaf springs 
is fixed to the stacked PZT actuator. Capacitance 
sensor A and parallel leaf spring A are moved 
vertically together along the silicon plate by the 
PZT actuator with a magnification mechanism. 
When the copper test specimen is i n  contact with 
the silicon plate and a friction force acts between the 
test specimens, the center block moves relatively 
and sensor A measures the relative displacement of 
the block. 

The copper test specimen can be also moved 
perpendicular to the silicon plate by the stacked PZT 
actuator and the table with a stepping motor. 
Parallel leaf spring B is displaced perpendicular to 
the copper test specimen, and the displacement is 
measured by optical sensor B. The outputs of 
sensors A and B are A/D converted, then the friction 
force is calculated from the relative displacement of 
parallel leaf spring A, while the normal load and the 
pull-off force are calculated from the displacement of 
parallel leaf spring B. 

The friction force was measured under both 
constant load and gradually decreasing load. The 
procedure is outlined below. The detailed experiment 
procedure is almost the same as that reported in a 
previous paper [3]. 

In the constant-load friction measurement, we 
reciprocated a copper test specimen once on a silicon 
plate under a constant positive-to-negative load 
while measuring the normal load during friction. Wc 
also measured the force required to separate the 
copper test specimen from the plate before and after 
the measuring the friction force. We examined the 
relationship among friction force, normal load, and 
pull-off force by repeating the measurements under 
different normal loads. 

In the friction measurement under a gradually 
decreasing load, we started friction by pressing the 
test specimen against the plate, and moved the test 
specimen in the direction away from the plate during 
friction while gradually decreasing the normal load. 
If the adhesion force acts between the two test 
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specimens, friction continues to exist even when the 
normal load has become negative, and a force is 
applied to separate the test specimens, which 
separate at the moment when the pull-off force 
exceeds the adhesion force. We examined the 
relationship among the friction force, normal load, 
and pull-off force. 
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between sliding speed and friction coefficient at 
differing loads. The sliding distance and the location 
of friction on the silicon wafer were the same for all 
the sliding speeds tested. 

The effect of relative humidity on friction 
force and friction coefficient was also studied by 
supplying dry air to the measurement vessel to vary 
the relative humidity. The test specimens were 
ultrasonic-cleaned with ethanol and then cleaned with 
pure water before the measurements. The test 
conditions are summarized in Table 1. 

Table 1 Experimental conditions 

Test pieces CoppedSil icon 

(1) Effect of normal load (Constant load friction) 
Relative humidity (%) 1.1-1.5 18 
Normal load (pN) -61-327 -90-316 
Sliding speed (pm/s) 1.6 
Sliding distance (pm) 25.6 

(2) Reducing load friction 
Relative humidity (%) 53 1.1  

Normal load 0--119 Ow-106 
Sliding speed (pm/s) 1.6,8.0, 16.0 

Figure 1.  Schematic drawing of experimental 
apparatus 

The effect of sliding speed was investigated as 
described below. First, the pull-off force was 
measured i n  the static state. Second, to measure the 
friction force, the two test specimens were brought 
into contact under a certain load, and rubbed against 
each other for one stroke at the speed of 1.6 pm/s. 
Third, while keeping the test specimens in contact, 
the sliding speed was increased i n  steps up to 48 or 
64 pm/s and then again decreased in steps down to 
1.6 pm/s to measure the friction force at each sliding 
speed in the same way as in the initial measurement 
of the friction force. Last, the test specimens were 
pulled off to measure the pull-off force. 

This test procedure was repeated by varying 
the contact load in steps to assess the relation 

(3) Effect of sliding speed (Constant load) 
Relative humidity (%) 0.4-2.3 17-21 52 
Normal load (pN) -73-284 -93-207 -63-235 
Sliding speed (pm/s) 1.6-64 

Sliding distance ( pm) 76.9 

3. EXPERIMENTAL RESULTS AND 
DISCUSSIONS 

Figure 2 shows an SEM image of the copper 
specimen observed at the end of the experiments. 
The contact surface is almost flat. The apparent 
contact area as measured in this figure is 
approximately 370 pm2. Surface roughness (Rrms) 
of the flat area is approximately 8 nm as measured 
by an atomic force microscope. 
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Figure 2 .  SEM image of copper test specimen 

Figure 3 shows the relation between normal 
load and friction force when the test specimens were 
rubbed under a certain load. The figure also shows 
the relation between the normal load and the average 
of the pull-off forces measured before and after the 
measurement of friction force. These measurements 
were conducted in air of relative humidity of about 
1% and 18% respectively. The measurement started 
with the normal load set at a negative value. The 
normal load was increased to more than 300 pN in  
steps, and then decreased. Under a relative humidity 
of l% ,  the pull-off force varies with the load, while 
for a rclative humidity of 18%, the pull-off force is 
almost constant while the friction force i n  the load 
increasing process varies slightly from that in the 
load decreasing process. 

The behavior of friction force relative to 
normal load was as described below. At 1% relative 
humidity, friction force varies linearly with normal 
load. At 18% relative humidity, friction force 
decreases more rapidly when the load gets smaller. 
Also at 18% relative humidity, the test specimens 
were pulled off during friction when the normal load 
was decreased to -90 pN or below and thus no 
measurements were taken for smaller loads than this. 
The lowest friction force measured was 23 pN, 

which is considerably larger than 2 pN measured at 
the 1% relative humidity. 

150 

f I  

-100 0 100 200 300 400 

Load, PN 
(a) Relative humidity 1.1 - 1.5% 

-100 0 100 200 

Load, PN 

@) Relative humidity 18% 
Figure 3. Friction and pull-off force versus normal 
load 

Figure 4(a) shows the relation between 
friction coefficient and normal load defined by the 
data shown in  Figure 3(a). Symbols 0 represent 
friction coefficients of the ordinary definition while 
symbols 0 represent friction coefficients which are 
equivalent to the friction force divided by the sum of 
the normal load and the average of the pull-off forces 
measured before and after friction measurement. For 
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negative normal loads, the friction coefficients that 
do not consider pull-off force are a negative value, 
and thus are not shown. When pull-off force is 
considered, the friction coefficients approach a 
constant value. Figure 4(b) shows only those 
friction coefficients in  which pull-off force is 
considered. The friction coefficients decrease sharply 
with decreasing load when the surface separating 
force increases and the sum of (negative) normal load 
and the pull-off force approaches zero. 
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Figure 4. Relationship between friction coefficient 
and sum of normal load and pull-off force. 

Figure 5 shows the behavior of two kinds of 
friction coefficients at 18% relative humidity. 
Friction coefficients approach a certain value when 
pull-off force is considered, yet continue to rise in 
the low load area and do not decrease as they did in  
Figure 4. This is because the measured pull-off force 
is smaller than the actual adhesion force acting on 
the surfaces or there exists a load-independent 
friction force that is effective when the contact load 
is extremely small. 
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Figure 5 .  Relationship between friction coefficient 
and normal load (+ pull-off force). (Relative 
humidity 18%) 

Figure 6 shows the behavior of friction force 
between the two specimens at sliding speeds of 1.6, 
8.0 and 16 pm/s, under steadily decreasing normal 
load. The tests were carried out under two different 
relative humidity conditions. At 53% relative 
humidity, the friction force changes almost linearly 
when the speed is low. When the speed increases, 
the friction force suddenly decreases immediately 
before the test specimens are separated and the pull- 
off force becomes smaller. At 1.1% relative 
humidity, the friction force varies more linearly with 
normal load than at 53% relative humidity. For 
speeds of 1.6 and 8.0 p m h ,  friction continues unt i l  
the friction force reaches almost zero. 



538 

4 
- I  

\ 
\ 

1 6  pnls 

-120 -100 -80 -60 -40 -20 0 

Load, W 
(a) Relative humidity 53% 

-120 -100 -80 -60 -40 -20 0 

Load, N 
(b) Relative humidity 1.1% 

Figure 6. Friction force under reducing normal load 
measured at different sliding speeds 

The reasons why the friction force decreases 
immediately before the test specimens are separated 
in  the 53% relative humidity atmosphere are because 
the adhesion force acting on the contact surface 
decreases sharply, and because the friction force itself 
decreases. Assuming that the friction force is 
proportional to the sum of the adhesion force acting 
on the contact surface and the normal load, the 
friction force decrca-es whcn the adhesion force 
decreases because of a partial loss of adhesion energy 

as the contact surface is separated as the normal load 
is gradually decreased. This phenomenon is actually 
observed on the contact surface between a sphere and 
a plane. Even when the size of the area on which 
adhesion energy acts remains unchanged, the friction 
force may decrease when water in the atmosphere 
condenses in the space between the contact surfaces 
and a liquid film is formed, because this film sharply 
reduces the direct contact between solids. The 
existence of such a liquid film is also verified by the 
fact that the change immediately before the 
separation of the test specimens is greater at the 
higher relative humidity and the faster sliding speed. 
The behavior of pull-off force relative to sliding 
speed can be explained by the increased clearance 
between the surfaces of two solids due to the 
existence of such a liquid film. 

As discussed above, there are two possible 
explanations for the friction coefficient decreasing at 
low loads: one, pull-off force and adhesion force, 
which is active during friction, are different from 
each other, and the other, a liquid film with a 
lubricating effect is formed. It is difficult, however, 
to determine which of these two factors is dominant 
even when measurements are taken by varying the 
applied load. If a liquid film is present between the 
surfaces during friction, the friction coefficient is 
also likely to vary with sliding speed. 

Figures 7 to 9 show the relation between 
friction coefficient and sliding speed at relative 
humidities of 0.4 to 2.3%, 17 to 21%, and 52%, 
respectively. The values i n  inset boxes in  the 
respective figures represent the sum of the average of 
the pull-off forces measured before and after friction 
measurement at each setting load and the normal 
load, or are equivalent to the effective normal load. 
The friction coefficient is calculated assuming that 
these values are constant during friction. For 
effective load 68 pN in Figure 7, the friction 
coefficient behaves differently between the speed 
increasing and decreasing process. This is because 
the adhesion force or the normal load changed during 
measurement. 

Under all conditions except the case of 
effective load 68 pN at relative humidity 0.4 to 
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2.3%, the friction coefficient increases with 
decreasing sliding speed. This is because a liquid 
film is present between the surfaces (due to water 
condensation or contamination), with the result that 
the higher the sliding speed, the smaller the area of 
direct contact between solids, thus decreasing the 
friction coefficient. Yet why does the friction 
coefficient decrease with increasing sliding speed 
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Figure 7. Relationship between friction coefficient 
and sliding speed. (Relative humidity 0.4 -2.3%) 
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Figure 8. Relationship between friction coefficient 
and sliding speed. (Relative humidity 17 -21%) 

even when the relative humidity is extremely low? It 
may be that water is condensed in  a narrow space of 
approximately Kelvin radius [6] (approximately 0.3 
nm with 1%) between the contact surfaces even 
when the relative humidity is as low as 1%. Since 
all direct contact between the solids occurs within 
this area, any small quantity of liquids present on 
the surface could get into the contact area and thus  
decrease the friction force. 

For the effective load of 68 pN in  Figure 7, 
the friction coefficient increases with increasing 
sliding speed. For effective load 28 pN in  Figure 8, 
the friction coefficient decreases in  the lower speed 
range, but increases with sliding speed when the 
speed is 30 pm/s and above. The friction coefficient 
becomes a minimum at about 20 pm/s. The increase 
in friction coefficient with increasing speed can also 
be explained by the presence of a liquid film. When 
the sliding speed is high or the contact surface 
pressure is very low, the area of direct contact 
between solids is negligible due to the liquid film. 
In this case, the viscous resistance of the liquid film 
becomes more dominant than the frictional 
resistance due to contact between the solids. 

The area in which viscous resistance is 
effective may increase with increasing relative 
humidity and film thickness when the distance 
between the solid surfaces is constant (Figure 10). 

Figure 9. Relationship between friction coefficient 
and sliding speed. (Relative humidity 51%) 
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Since this type of resistance is nearly independent of 
normal load, the total friction force is small and the 
effect of viscous resistance becomes conspicuous 
when the load is small. In Figure 5, for example, the 
increase of friction coefficient considering pull-off 
force may be explained by viscous resistance. In 
Figures 7 to 9, friction coefficient increases even 
when the relative humidity is so high that one 
should expect decreased, rather than increased, 
friction through fluid lubrication. This can also be 
explained by the existence and effect of viscous 
resistance. 

The complex behavior of friction coefficient 
relative to variable loads and sliding speeds was 
qualitatively explained in this paper by assuming the 
existence of a liquid film between contact surfaces. 
Quantitative studies are n d e d  to clarify if a fluid 
film is indeed formed at such very low sliding speeds 
as tested i n  the present experiments. We shall 
conduct such quantitative studies in  the future 
together with studies using various sizes of contact 
areas and over a wider range of sliding speeds. 

4. CONCLUSIONS 

To study the relation among friction force, 
normal load and pull-off force through measurement, 

Silicon 
(a) Low relative humidity 

(b) High relative humidity 

Area where viscous resistance ac ts  

Area where liquid film prevents direct contact 

Figure 10. Effect of relative humidity on area where 
viscous resistance acts 

a copper specimen and a silicon wafer both with a 
flat contact surface were rubbed against each other at 
a relative humidity of 1 to 53%, sliding speed of 1.6 
to 64 pm/s, and normal load of -93 to 327 pN. The 
following conclusions were obtained. 
(1) In the atmosphere of approximately 1% relative 
humidity, the friction coefficient considering pull-off 
force decreased with decreasing load. 
(2) In the atmosphere of 18% relative humidity, the 
friction coefficient increased at low loads even when 
the pull-off force was considered. 
(3) When the sum of the normal load and pull-off 
force (effective load) was 82  pN and above, the 
friction coefficient increased with decreasing sliding 
speed when measured under a constant load and 
variable sliding speeds. 
(4) For an effective load of 82 pN and below, the 
friction coefficient increased with increasing sliding 
speed. 
(5) In the measurement of friction force under 
decreasing loads, the greater the sliding speed, the 
greater the change in the friction force immediately 
before the test specimens separated, and the pull-off 
force also decreased. 
(6) The above conclusions (l), (3) and (5) can be 
qualitatively explained by decreased direct contact 
between the solids due to the formation of a liquid 
film. Conclusions (2) and (4) can be qualitatively 
explained by the viscous resistance of liquids. 
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Modelling friction in the analysis of metal forming and machining processes 

P.L.B. Oxley 

School of Mechanical and Manufacturing Engineering, 
University of New South Wales, Sydney 2052, Australia 

Asperity interaction slipline field models are given to explain the role of tool surface roughness, lubrication 
condition and apparent contact pressure on the tool-work interface frictional conditions in metal forming and 
machining processes. It is shown how the slipline fields used to model asperity deformation can be joined in a 
consistent manner with the slipline field representing the bulk deformation for the process considered. In the 
case of machining, consideration is given to the influence of strain-rate and temperature on the chip material flow 
stress and hence on the frictional condition at the tool-chip interface. Evidence is given that the lubrication at the 
tool-work interface in some forming processes can be elastohydrodynamic in nature even for conditions where 
asperity interactions are taking place. 

1. INTRODUCTION 

This paper is mainly concerned with conditions 
where the lubricant film at the tool-work interface is 
thin (or virtually non-existent) compared with the 
height of asperities on the contacting surfaces, which 
is the case in many forming and machining 
processes. For such conditions the frictional force at 
the interface results from the interaction of asperities 
on the surfaces. Only brief consideration is given to 
conditions where the lubricant film thickness is 
greater than the asperity height and the frictional 
force results purely from the shearing of the film. 

In considering the friction at tool-work interfaces 
and between metallic surfaces in sliding contact in 
general the most widely used asperity interaction 
model is the adhesion model of Bowden and Tabor 
[ l ] .  With this model the frictional force is assumed 
to be the force needed to shear the welded junctions 
formed by adhesion at the tips of contacting 
asperities. Tabor [2] has shown that if account is 
taken of the plastic deformation of asperities under 
the combined action of the normal and shear stresses 
acting on them then the model can account for 
lubrication effects and explain, for example, the very 
high values of friction coefficient observed in 
experiments carried out in vacuum. In order to allow 
for the influence of the surface roughness of the 
contacting surfaces on friction it is necessary with 
the adhesion model to introduce a separate and 

independent ploughing term. This is usually 
neglected on the grounds that its contribution to 
friction will be much smaller than that of the 
adhesion term. There is now strong evidence to 
suggest that sliding friction can be represented more 
realistically by an alternative model - the so-called 
wave model. With this, the frictional force is 
assumed to result from the pushing of waves of 
plastically deformed material across the softer 
surface ahead of asperities on the harder surface. 
This model effectively combines the adhesion and 
ploughing processes in the single model and allows 
for their interaction. The present paper describes the 
application of the wave model to modelling tool- 
work interface friction in the analysis of forming and 
machining processes. 

Experiments show that the surface roughness of 
both the tool and work surfaces can affect the 
friction between these surfaces. The most important 
role of the workpiece surface roughness appears to 
be to facilitate the entrapment of lubricant in the 
surface valleys which then comes into play in the 
contacting regions during working. This mechanism 
of lubrication is perhaps most relevant to forging 
type processes where the tool approaches the 
workpiece in a direction normal to the workpiece 
surface. In what follows account is not taken of the 
influence of workpiece surface roughness and 
attention is concentrated on the part played by the 
tool surface roughness in determining the frictional 
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conditions at the tool-work interface. It is this latter 
roughness together with the lubrication condition 
which plays the dominant role in determining the 
interface frictional conditions in processes such as 
extrusion, rolling, machining and the like. 

2. WAVE MODEL 

The plane strain, steady state slipline field 
introduced by Challen and Oxley [3] to represent the 
wave model of friction is given in Figure I .  The 
hard asperities are assumed to be rigid and the 
deforming material to be rigid-perfectly plastic (non- 
hardening). In constructing the field the independent 
variables are taken to be the slope of the hard 

asperity a and the normalized strength of the 
interfacial film f along DE, where f = dk with T the 
shear strength of the interfacial film and k the shear 
flow stress of the deforming material. It can be seen 
that a and f are in effect surface roughness and 
lubrication parameters respectively. With this model 
the straight line joining A and D must be parallel to 
the sliding velocity U to satisfy volume constancy. 
Also, the shear force on the soft asperity (wave) must 
act in the direction DE to oppose motion, with the 
value o f f  determining the inclination of the sliplines 
to DE. These conditions together with the condition 
that the sliplines must be inclined at %n: to the stress- 
free surface EA to satisfy equilibrium define the 
slipline field. It follows that 

/ soti surface U I 

(a) Slipline field 
Velocity in direction A E  

Tangential velocity 

across ABCD 

Pole 

Velocity in direction ED 

(b) Hodograph 

Figure 1. Wave model of friction. 
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and 

where 0 is the angle between U and CD and q is the 
slope of EA. The hodograph in Figure 1 shows that 
there is a discontinuity in the tangential component 
of velocity across the boundary slipline ABCD so 
that material that enters and leaves the field with a 
velocity U flows in the directions AE and ED in the 
regions ABE and CDE and along a curved path in 
the centred fan region BCE. 

An expression for the coefficient of friction for 
this model is found by working along sliplines such 
as ABCD from the free surface EA, where the 
hydrostatic stress p is equal to k and compressive, 
using the relevant Hencky equation to determine the 
stresses at the interface DE. In this way it can be 
shown that 

A sin a + cos(cos-I f - a> 

A cos a + sin(cos-I f - a )  
P =  (3) 

where 
A = I + %n +cos- f - 2a - 2 sin-] [(I  - f>-" sin a ]  . 

Equation (3) predicts in agreement with experience 
that an increase in surface roughness (increase in a )  
or a decrease in the effectiveness of the lubrication 
(increase in f, will both increase p. Challen et al. [4] 
have made experiments in which a hardened steel 
wedge representing a model asperity was indented 
vertically into the horizontal surface of an aluminium 
alloy specimen with subsequent low speed 
(= 0.3 mm s-I) movement of the specimen in a 
direction normal to the edge of the wedge with the 
vertical force held constant. Measured values of p 
were found to be in good agreement with values 
given by equation (3)  for a wide range of a and f 
values. Black et al. [5] have confirmed this good 
agreement for an even wider range of conditions. 
Moalic et al. [ 6 ]  have shown that equation (3) 
predicts p accurately for actual (multi-asperity) 
surfaces so long as a is measured from those parts of 
the asperities which are in contact during sliding. 

The asperity deformation model given in 

I 

Figure 1 is suitable for modelling friction in metal 
working processes in the sense that it considers the 
interaction of a hard surface with a relatively soft 
one. It does however represent those cases where 
the contact is at the tip of asperities with the real area 
of contact much less than the apparent area of 
contact. Such cases correspond to values of apparent 
contact pressure (normal force between contacting 
surfaces divided by the apparent area of contact) 
which are much smaller than those normally 
encountered in metal working processes. 
Consideration is now given to the influence of 
apparent contact pressure on the asperity interactions 
taking place. 

The plane strain, steady state slipline fields 
introduced by Challen and Oxley [7] to take account 
of the influence of apparent contact pressure on 
asperity deformation are given in Figure 2. The 
asperities on the harder surface are represented by a 
regular symmetrical sawtooth form made up of 
straight-sided teeth (wedges). The slope of the hard 
asperities is again taken as a and the normalized 
interfacial film strength as f. It is easily shown that 
the angles 0 and 7 in Figure2 can be determined 
from equations (1) and (2) as before. The 
progression from Figures 2(a) to 2(c) represents the 
increase in the ratio of the real to apparent area of 
contact AAA, which occurs with increase in the 
apparent contact pressure. The fields in Figures 2(a) 
and 2(b) will be referred to as the single fan and 
double fan fields and apply in the ranges 
0 < A,/A, I 0.5 and 0.5 < AAA, < 1 .O respectively. 
The field in Figure 2(c) for which AJA, = 1 .O will be 
referred to as the f i l l  contact field. The flow of 
material through the fields is indicated in each case 
by the typical streamlines given in Figure 2. It 
should be noted from the hodographs that material 
which passes through the wave is retarded relative to 
the rest of the flow. Expressions for the coefficient 
of friction, ratio of real to apparent area of contact 
etc. in terms of apparent contact pressure were 
obtained by Challen and Oxley [7] from stress 
analyses similar to that referred to for the single fan 
field. Examples of results calculated from these 
expressions are given in Figure 3 for a = 5" and a 
range of f values. Results were also obtained by 
Challen and Oxley [7] for a = 15" and a -+ 0". The 
results show that for lower values of the normalized 
apparent contact pressure P,/k where the single fan 
field applies, p for a given a and f is independent of 
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Figure 3 .  Calculated results for a = 5" showing the influence of P,/k on p, AJA,, S,/k and n,/k and n2/k. 

the value of P,/k thus obeying the basic laws of 
friction. From the point where the double fan field 
takes over to full contact conditions p is predicted to 
increase with increase in P,/k for most values of f. 
Once the full contact field is established then p 
decreases hyperbolically with increase in P,/k. The 
results show that the value of P,/k required to give 
AJA, = 1 increases with decrease in f and with 
decrease in a. For the ful l  contact field the results 

show that the apparent shear stress S,/k for a given a 
and f is independent of P,/k with its value decreasing 
with decrease in f and decrease in a. The results for 
the interface normal stresses nl/k and n2/k (where nl  
acts on EzDl and n2 acts on E2Dz) show that their 
values are independent of loading for the single and 
double fan fields but are directly proportional to 
loading for the full contact field. 

Detailed experimental investigations of the single 



fan field have been made and good agreement shown 
between predicted and experimental results as 
mentioned above. Far less experimental work has 
been done on the double fan and full contact fields. 
Possibly the most important question with the full 
contact model is whether steady state conditions as 
postulated in the model can exist once the real and 
apparent areas of contact are equal. Strong evidence 
which says they can has been provided by Doyle et 
al. [S]. In their experiments these researchers used a 
transparent sapphire cutting tool to observe the 
frictional interactions occurring at the tool-chip 
interface directly during metal cutting experiments. 
Their results show that although in the immediate 
vicinity of the cutting edge there was intimate 
contact (A,/A, = 1 .O), as would have been expected 
considering the high normal pressure at the interface 
and the chemically clean contacting surfaces, relative 
movement was observed at the interface in this 
region. To explain this movement for such extreme 
conditions, Doyle et al. have likened the process to 
the translation of elastic buckles in the chip surface 
along the interface in a manner resembling the 
movement of a ruck in a carpet. In support of this 
they have pointed out the observation of such an 
effect by Schallamach [9] when highly elastic 
rubbers slide against smooth surfaces. However, 
they considered this mechanism doubttil for metals 
where the elastic strains that can be sustained are 
several orders of magnitude smaller than for rubbers. 
Agreeing with this Oxley [ 101 proposed that the full 
contact field (Figure 2(c)) gave a far better 
explanation of their observations. The demonstration 
that steady state flow can occur when the real and 
apparent areas of contact are equal does not rule out 
the possibility of seizure which has been proposed 
by Trent [ I  I ]  and others as the most common 
condition encountered at the tool-chip interface in 
machining. For the models given in Figure 2 steady 
state conditions theoretically apply as long as 0 > 0. 
Once @ = 0 then material can no longer flow into, or 
out of the field and seizure might be said to have 
occurred. In their experiments for the single fan 
field (Figure 2(a)) Challen et al. [4] found that steady 
state conditions ceased well before 0 = 0 as the 
material fractured because of the high strains 
involved in wave formation. Therefore, in 
considering the transition from steady state to seizure 
conditions, the ductility of the deforming material is 
a significant property. Oxley [ lo]  has concluded 

that for most practical machining conditions the flow 
at the interface is steady state and is best modelled 
by the full contact field given in Figure 2(c). He has 
pointed out that by indicating retardation of the flow 
at the interface this field can explain the swept-back 
layer usually observed adjacent to the chip surface 
which has been in contact with the tool cutting face. 

An important feature of the analysis based on the 
slipline field models given in Figure 2 is that it 
allows the values of contact pressure at which full 
contact occurs to be predicted as a tinction of the 
surface roughness of the harder surface and of the 
lubrication condition. Some idea of the accuracy of 
these predictions can be obtained from tool-work 
interface stresses determined from experimental 
investigations of plane strain extrusion and 
machining. Metallographic examinations of the tool- 
work interface for both these processes suggest that 
full contact conditions exist. By analysing 
experimental flow fields for plane strain extrusion 
through wedge-shaped dies Conning et al. [ 121 were 
able to determine the apparent contact pressures at 
the die-work interface for various die angles. The 
lubrication in these experiments was so effective that 
f had extremely low values approaching zero at the 
interface. The results showed that P,/k varied from 
approximately 3 for a die half-angle of 30" to 4 for a 
die half-angle of 60". From an analysis of machining 
results, Oxley and Hastings [ 131 found that values of 
P,/k at the tool-chip interface, where f was large and 
approached unity, were of the order of 1.2. For 
typical die and tool surfaces it might be expected 
that the average asperity slope a would fall in the 
range 0" to 5". From the results in Figure 3 (a  = 5") 
the transition to ful l  contact is predicted to take place 
at P,/k values of approximately 2.4 and I for f values 
of 0 and 1, while the corresponding values for 
a + 0" are [7] 2.6 and I .  The experimental values 
of P,/k (3-4 for extrusion and 1.2 for machining) are 
therefore somewhat greater than the corresponding 
predicted transition values (2.4-2.6 for extrusion and 
1 for machining). Therefore, for the examples 
considered the theory predicts full contact conditions 
as observed in the experiments. 

Some support for the shape of the curves of S,/k 
against P,/k and hence for the shape of the p curves 
in Figure 3 has been given by Shaw et al. [ 141. They 
measured the friction between heavily plastically 
deformed sliding surfaces under various conditions 
of lubrication and found a smooth transition from the 
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proportionality region at low loads to a rather flat 
curve at high loads. In Figure 3 the slope of the S,/k 
against P,/k lines is greatest when the double fan 
field is being considered but it should be noted that 
these figures apply to an ideal surface made up of 
symmetrical asperities all having the same slope. 
For a real surface it would not be unreasonable to 
expect that as load increased through its intermediate 
range the steeply increasing S,/k values associated 
with the double fan fields of some asperities would 
be compensated by the constant S,/k values 
attributable to those asperities already in ful l  contact. 
Hence there would be a smooth transition from the 
single fan model to the ful l  contact model, thus 
yielding friction force versus load curves of similar 
shape to those observed by Shaw et al. [ 141. 

3. COMBINED FRICTION AND BULK 
DEFORMATION SLIPLINE FIELD 

Consideration is now given to how the slipline 
fields representing asperity interactions (Figure 2) 
can be joined to the slipline field representing the 
bulk deformation process under consideration. To 
simplify matters attention will be limited at this stage 
to those processes where the work material in the 
bulk field adjacent to the tool face, although in a 
plastic stress state, can be assumed to be moving as a 
rigid body. There are many examples of such cases 
given in the literature. In these the bulk slipline field 
adjacent to the die interface consists of straight 
sliplines indicating that the hydrostatic stress and 
velocity are constant throughout this region. It is 
shown in Figure4 how this type of field can be 
joined to the asperity interaction field for the full 
contact field (Figure 2(c)) which appears to be the 
applicable field for many processes. The approach 
used is similar to that described by Sutcliffe [ 151 in 
considering the indentation by flat punches of a 
specimen undergoing bulk plastic deformation. 

To join the two fields a fan of angle 8 centred at 
Dz is constructed as shown in Figure 4. Slipline DzG 
is then extended to the point F where it meets the 
straight slipline FJ of the bulk field tangentially. The 
field is completed by constructing the slipline FH to 
meet the appropriate radial line of the fan centred at 
E2. With this combined field plastic deformation 
only occurs as material flows through the region 
DIB2CZD2E2. The region DIIJFH is assumed to be 

k r  hard material 

hard material 

Figure 4. Combined asperity interaction and bulk 
deformation slipline fields; (a) a = 5", 
f = O . l , ( b ) a = 5 " , f = 0 . 7 .  

rigid and to be stressed below the yield point while 
the remainder of the field is rigid but in a plastic 
stress state. The horizontal line drawn through point 
F can be conveniently looked upon as the boundary 
between the asperity interaction and bulk fields. The 
thickness of the boundary layer will be of the same 
order of magnitude as the asperity depth and will 
therefore for most processes be minute compared to 
the size of the bulk field. To construct the field for 
given values of a and f i t  is necessary to determine 8 
in terms of these parameters. This is achieved in the 
following way. Assume that the value of the 
hydrostatic stress at F is known then the contact 
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pressure Pa on the boundary can be expressed in 
terms of pF as 

Pa = p F  +ks in2Y (4) 

where Y is the angle made by the slipline FJ with 
the boundary with Y given by 

-1 s, Y = %cos 
k 

where S, is the shear stress (frictional shear stress) 
on the boundary determined from the expressions 
given by Challen and Oxley [7] for the given values 
of a and f. P, can also be obtained in terms of pF by 
working along sliplines from F using the Hencky 
equations to determine the hydrostatic stresses pI and 
pz in the regions DlB2Ez and C2D2E2 respectively. 
Thus working from F to G and G to C2 

and then from C? to B2 

The normal stresses n ,  and n2 on the interfaces E2D1 
and E2 D2 are now given by 

n I  = p I  -ksin(@++cc) (8) 

and 

n 2  = p 2  +ks in (@+a)  (9) 

and in terms of these stresses it is easily shown that 

or combining equations (6) to (10) that 

Equating equations ( I  I )  and (4) then gives 

2" +sin 2" 
4 

0 =  

To complete the field the angle K made by E2H with 
E2C2 is found by selecting its value to make the 
change in hydrostatic stress around the slipline loop 
CzHFGC2 zero as required. This gives 

For given values of a and f, 0 and K can now be 
calculated from equations (12) and ( 1  3) using values 
of Y and cD determined from equations (5) and (1)  
and the appropriate slipline field constructed. Two 
examples are given in Figures 4(a) and 4(b). In both 
cases a = 5" while in Figure 4(a) f = 0.1 and in 
Figure 4(b) f = 0.7. In order to check the validity of 
such fields it is necessary to show that the rigid 
region DllJFH is not overstressed. So far no 
complete stress solution has been found for this 
region. However, a partial check can be made in the 
way suggested by Hill [I61 by considering the 
stresses at critical corners of the region. Hill's 
analysis shows that except for very small values of a 
and f (a < 2", f < 0.1) the assumed rigid comer at DI 
is overstressed. This problem can be overcome by 
replacing the sharp corner in the hard surface at D, 
by a small flat surface parallel to the sliding 
direction. Alternatively the sharp comer in the 
slipline field at D, can be eliminated by assuming 
that a small free surface exists to the left of D, as 
with the double fan field. 

So far only full contact conditions in which 
A, =A,  have been considered in constructing the 
combined field. In this case the frictional shear 
stress S, is independent of the apparent contact 
pressure Pa and it is only necessary to show that the 
value of Pa calculated from the bulk deformation 
field is sufficiently large for the full contact field to 
apply. When Pa is such that AJA, < 1 and the single 
fan or double fan fields apply than S, is a function of 
Pa as well as of a and f as shown by the results in 
Figure 3. Interestingly for such cases the normalized 
frictional shear stress boundary condition (S,/k) 
which determines through equation (5) the 
inclination of the bulk field sliplines to the tool face 
can not be specified independently of the bulk 
process taking place, i.e. independently of Pa. An 
iterative procedure will therefore be necessary in 
obtaining solutions for problems of this nature. 
Combined fields for these cases have been 
considered by Li [17]. Future work will need to 
investigate the combination of asperity interaction 
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and bulk fields for those processes such as rolling 
where plastic deformation is occurring in the bulk 
material adjacent to the tool face. 

4. NATURE OF LUBRICATION 

It has been shown above how the frictional 
condition at the tool-work interface in metal working 
processes can be described in terms of a surface 
roughness parameter ct and a lubrication parameter f 
where f =  d k  with T the shear strength of the 
lubricant film. Consideration is now given to the 
mechanism of lubrication which applies in the case 
of the wave model of friction and how the shear 
strength of the lubricant film might be measured. I t  
is appropriate to start by considering some of the 
background work on the strength of lubricant films. 

Shear tests on thin organic films such as those of 
Briscoe and Tabor [ 181 have shown that at constant 
values of shear strain-rate (defined as shear velocity 
applied to film divided by film thickness) and 
temperature their shear strength is related to the 
normal pressure acting on the film by the relation 

where T is the shear strength, n is the normal pressure 
and b and c are constants. According to Johnson 
[19] and Tabor [20] this equation applies under 
vastly different testing conditions. It applies under 
elastohydrodynamic lubrication (EHL) conditions 
such as those encountered when the tests are made 
on a disc machine using combined rolling and sliding 
with comparatively thick films of the order of 1 pm 
thickness. I t  also applies in slow-speed sliding 
experiments made on extremely smooth surfaces in 
which the film may be only a few tens of AngstrBms 
thick. For normal liquid lubricants b is generally 
very small compared with cn and can be ignored. In 
this case equation ( 1  4) reduces to 

T = cn (15) 

Experiments such as those of Evans and Johnson 
[21] on a disc machine show that above a certain 
strain-rate the shear strength, for a given normal 
pressure and temperature, assumes a more or less 
constant value known as the limiting shear strength. 
Equation (15) then applies irrespective of the value 

of strain-rate. 
Black et al. [22] made wedge experiments similar 

to those described by Challen et al. [4] using a liquid 
lubricant to determine the relationship between the 
shear strength of the film and the normal stress at the 
wedge-wave interface. The lubricant used in the 
tests was Shell Vitrea 100. A main requirement of 
the tests was to vary the normal stress n at the 
interface over a range which was sufficient to check 
the T - n relationship. This was achieved by using 
specimen materials of different hardnesses so that n 
varied by over an order of magnitude. The materials 
used for this purpose were in ascending order of 
hardness: Woods alloy, 99% commercially pure 
aluminium, cold-rolled 5083-H32 1 aluminium- 
magnesium alloy and cold-rolled brass. The 
experimental results obtained showed that once 
steady-state conditions had been achieved in a test 
there was little variation in the measured forces 
acting at the interface which indicated a film of fairly 
uniform properties at the interface. Black et al. [22] 
calculated the average values of T and n by resolving 
the measured forces parallel and normal to the 
interface and then dividing the relevant component 
by the geometric area of the interface measured from 
experimental waves. This presupposed that the real 
and apparent areas of contact at the interface were 
equal. Black et al. [22] showed this to be a 
reasonable assumption by demonstrating that for the 
measured wedge surface roughness and apparent 
contact pressure the full contact field (Figure 2(c)) 
would have applied at the interface. After making a 
small correction for the surface roughness of the 
wedge at the wedge-wave interface it was shown that 
the values of T and n determined in this way could be 
accurately represented by the relation 

That is, the relationship given in equation (15) 
applied and the value of the constant c was similar to 
the value reported by Johnson [19] and others. 
Black et al. [22] also made tests using Molykote 
32 1 R Bonded Lubricant which is a solid lubricant in 
an inorganic binder which they did not publish. 
These results, although more scattered than the oil 
results, still showed a good fit with equation (1 5) but 
with c having a much lower value, namely c zz 0.03. 

Black et al. [22] compared their oil results with 
the limiting shear strength results obtained by Evans 
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and Johnson [21]. The values of n in the two types 
of tests fell in the same range (0.2 to 1.8 GPa in the 
wedge tests) with the oil-film temperature only 
slightly higher in the disc machine tests than in the 
wedge tests. The results for the Shell Vitrea 100 
were found to be very close to the results of Evans 
and Johnson [21] for Santotrac 50 traction fluid. On 
this basis Black et al. [22] suggested that the 
lubrication mechanism at the wedge-wave interface 
was the same as with the disc machine, namely EHL, 
and that the measured shear stress in their tests was 
the limiting shear strength. 

Ford [23] has calculated the film thickness h at 
the wedge-wave interface assuming EHL conditions 
and using a Grubin style analysis. For a simple 
wedge shaped inlet geometry he obtained the relation 

where qo is the viscosity of the lubricant at entry, 6 is 
the pressure viscosity exponent, p is the angle 
between the contacting surfaces at entry and u is the 
entraining velocity. Bloor ef al. [24] have derived a 
similar relation in their EHL analysis for the plane 
strain drawing process. For the wave model in 
Figure 1 it can be seen that p = a t q .  However, the 
tracing of the profile of an experimental wave given 
in Figure 5 shows that the corner corresponding to 
the corner at E in Figure 1 is not sharp, as with the 
theoretical model, but rounded. This rounding 
results from the wedge tests having been made on a 
real (hardening) material while in the theoretical 
solutions in Figure 1 a rigid-perfectly plastic (non- 
hardening) material is assumed. For more details see 
Conning et a/. [12]. By drawing a tangent to the 
wave profile in Figure 5, p is estimated to be about 
0.2". However, it could be considerably less, 
especially if the elastic deformation of this region 
which would have occurred during a test is taken 
into account. Taking p = 0.2" together with 

Figure 5. Tracing of profile of experimental wave. 

qo = 0.26 Pa s, 6 = 2x IO-'Pa'l and u = UED = 

2 . 2 ~  ms" as determined from the hodograph then 
it is found from equation (17) that h = 1 nm. If p is 
taken as 0.02" then h = 10 nm. Surface roughness 
measurements showed that the asperities on the 
wedge face were of the order of 60 nm high and it is 
clear that a film thickness of 1 nm or even 10 nm is 
insufficient to separate the surfaces in the 
conventional sense. However, if, as pointed out by 
Black et al. [22], the flow along the wedge face is 
represented by the full contact field, then metal-to- 
metal contact can be avoided by a film along the 
wedge-wave interface which is much thinner than the 
asperity height. With this model the soft material 
flows into and out of the valleys on the hard surface 
and it would not seem unreasonable to look upon the 
lubricant film as progressing along the interface by a 
snaking action. 

The experimental results of Evans and Johnson 
[21] show that the minimum shear strain-rate for 
which the measured shear strength is equal to the 
limiting shear strength for Santotrac 50 is lo4 s-' for 
a film temperature of 40°C and a mean pressure of 
1.57 GPa. For the wedge tests the velocity at the 
wedge-wave interface was approximately 
2x ms-I. Therefore, for a film thickness of 1 nm 
the shear strain-rate is 2x lo5 s-' which, considering 
the results of Evans and Johnson [21], would not be 
inconsistent with the contention that EHL conditions 
exist at the interface with the film shear strength 
equal to the limiting shear strength. It is of interest 
that in recent times a number of workers have made 
direct measurements of EHL film thicknesses of the 
order of 1 nm (see Dowson [25]). 

Black ef af. [26] have used the wedge test to 
measure the shear strength of the lubricant film at the 
wedge-wave interface for a range of lubricants. 
Considering the similarities of the conditions at this 
interface and those at tool-work interfaces in many 
metal working processes it might well be expected 
that the values of shear strength measured in this way 
would be applicable in the analysis of processes. In 
their tests Black et al. [26] used a half wedge so that 
the forces on the wedge face could be measured at 
all stages of the test, including the start when the 
wedge was indented vertically into the specimen. 
The specimen m a t e r - i a k r r o l l e d  5083- 
H32 1 aluminium-magnesium alloy. The wedge was 
machined from Bohler Vew K460 Amutits tool steel, 
hardened and tempered to RC55, ground and then 
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polished on its leading face with 1200 grade paper in 
a direction normal to the edge. It was then washed 
in acetone and dried in a hot stream of air. The 
surface roughness obtained on the wedge leading 
face, measured normal to the edge was 
approximately 0.04 pm (CLA). Three tests were 
carried out for each lubricant with one dry test made. 
The wedge was carefully checked and cleaned 
between each test. As in previous wedge tests one 
slow sliding speed (;. 0.3 mm s-') was used. 

Results obtained for some of the lubricants tested 
are given in Table I .  The shear and normal stresses 
T and n at the interface were determined by the same 
method as in the earlier investigation of Black et al. 
[22]. The values of interface friction coefficient pi 
given in the table were found from the ratio of the 

shear and normal forces acting at the interface during 
steady-state wave formation and initial indentation. 
It can be seen from Table 1 that the lubricants 
exhibit a range of T values with the solid lubricant 
Molykote, giving by far the lowest value of T. 

If the shear strength of the lubricant film is 
determined by equation (15), then an interesting 
problem arises in connection with the results for the 
full contact field given in Figure 3. With the single 
and double fan fields the normal stresses nl  and n2 at 
the interfaces E2D1 and E2D2 (Figure 2) are 
independent of the apparent contact pressure. 
Therefore, in these cases it is acceptable to 
characterise the influence of different lubricants on 
the frictional conditions in terms of the value of f 
associated with each lubricant. However, for the fu l l  

Table 1 
Measured shear strength values for different lubricants 

Lubricant PI Steady state stresses 
T n Wave formation Indentation - - 

MPa M Pa 

Vitrea 100 0.074 0.192 
Vitrea 100 0.103 0.204 
Vitrea 100 0.092 0.206 

Standard deviation 0.014 0.008 
Average 0.089 0.20 1 

Motor oil 0.058 0.209 
Motor oil 0.060 0.207 
Motor oil 0.065 0.213 
Average 0.061 0.209 
Standard deviation 0.004 0.003 

HVI 650 0.124 0.189 
HVI 650 0.128 0.208 
HVI 650 0.1 1 1  0.21 1 

Standard deviation 0.009 0.012 
Average 0.121 0.202 

Molykote 0.025 0.188 
Molykote 0.024 0.204 
Molykote 0.026 0.207 

Standard deviation 0.001 0.0 10 
Average 0.025 0.200 

70.94 96 1.32 
88.06 859.15 
86.02 938.47 
8 1.68 919.65 

9.35 53.62 

56.85 983.48 
58.33 979.74 
60.17 928.73 
58.45 963.98 

1.67 30.59 

104.41 843.52 
116.80 91 1.46 
103.20 926.54 
108.14 893.84 

7.53 44.22 

3 1.33 1255.92 
26.27 1092.08 
26.20 1018.57 
27.94 1122.19 

2.94 121.50 

- 0.20 1 - Dry - 
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contact model n ,  and n2 increase as Pa is increased 
and hence according to equation ( 1  5) so does T and 
as a consequence f. The apparent shear stress S,/k 
will therefore no longer be independent of loading in 
this range as it is shown to be in Figure 3 but will 
increase as Pa/k increases. A hrther problem is to 
do with the change in normal stress from one side of 
the asperity valley to the other - note from the results 
in Figure 3 that nz > n,. Therefore, although the film 
thickness might be determined by the conditions at 
entry to the interface the question arises as to 
whether or not T varies along the interface as a result 
of the normal stress varying. Further work will be 
needed to resolve these problems. 

5. PROCESS FRICTION MODELLING 

5.1. Forming 
In  making their wedge tests with liquid lubricants 

Black et al. [26] noted that the test surface of the 
specimen acquired a mirror-like finish after the 
passage of the wave across it. Based on this 
observation these authors [27] have recently 
proposed that the wedge test could be adapted as a 
burnishing process. This would differ from 
conventional burnishing processes in that the force 
applied normal to the surface being burnished would 
deliberately be held constant. This ensures that 
under plane strain conditions the plastic wave will be 
pushed along the surface with the wedge edge on the 
surface. In this way no material is removed (tom) 
during the process and as a consequence the quality 
of the surface obtained can be greatly enhanced. In 
considering friction modelling in forming processes 
this novel burnishing process provides a good 
starting point. 

To determine the level of surface finish which 
might be achieved with the proposed burnishing 
process Black et al. [27] made a series of wedge 
tests in which the surface roughness of the test 
surface was measured before and after each test. 
The specimen material was again cold-rolled 5083- 
H32 1 aluminium-magnesium alloy with Shell Vitrea 
100 used as the lubricant. Tests were made with 
both a tool steel wedge as before and with a sapphire 
wedge. Surface roughness measurements on the 
wedge contact faces and the specimen test surface 
prior to the tests gave the following values in what 
would be the sliding direction and normal to this 

direction in a test respectively (all measurements in 
pm Ra): 0.05 and 0.07 for the steel wedge; 0.02 
and 0.02 for the sapphire wedge; and 0.14 and 0.12 
for the specimen. The surface roughness values 
achieved on the test surface after it had been 
burnished are given in Table 2. It can be seen that in 
all cases an excellent surface finish has been 
achieved with the wedge face surface roughness 
more or less replicated on the burnished surface. 
This gives strong support to the suggestion by Black 
et al. [22] that the full contact field applies at the 
interface with metal to metal contact avoided by a 
thin (.: 1 nm) but highly effective EHL film. 
Equation (17) shows that as speed is increased the 
film thickness increases and as a consequence the 
role of surface roughness in determining the 
frictional shear stress decreases. Once the film 
thickness exceeds the height of asperities then the 
frictional shear stress will be determined only by the 
properties of the lubricant. The definition of the 
frictional boundary condition is then somewhat 
simpler than when the hll contact field applies and 
both surface roughness and lubricant film strength 
contribute to the frictional shear stress. 

Table 2 
Surface roughness values measured on test surface 
after burnishing 

Surface roughness (pm Ra) 
Wedge material Parallel Perpendicular 

Sapphire 0.02 0.03 
0.02 0.02 
0.02 0.02 
0.02 0.03 

Tool steel 0.02 0.04 
0.03 0.04 
0.03 0.05 
0.02 0.05 

When the film thickness in the above process 
exceeds the height of asperities then asperity 
interactions will not take place and burnishing will 
no longer occur. In reviewing metal working 
processes where the speeds are sufficiently high to 
promote hydrodynamic lubrication at the tool-work 
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interface, Bloor et al. [24] have noted that one of the 
first indications of a significant film thickness is the 
appearance of a matt-finish on the produced 
component. Parsons et al. [28] have reported on this 
effect for a wide range of lubricants in high speed 
(up to 45 ms-') drawing experiments. In designing 
processes to work under hydrodynamic lubrication 
conditions it is important to have the means of 
calculating the film thickness from the process 
parameters. It should then be possible to select 
parameters to minimize friction and wear or 
alternatively, if a polished surface finish is required, 
to ensure that the film is thin enough to allow some 
asperity interactions to take place. To determine the 
film thickness in plane strain drawing Bloor et al. 
[24] have made an EHL analysis in which account 
was taken of the elastic deformation of the drawn 
strip at entry and exit to the die and of the plastic 
deformation of the strip within the die. The lubricant 
was assumed to be an incompressible Newtonian 
fluid. I t  was shown that, for given conditions, an 
equation similar to equation (17) gave a good 
estimate of average film thickness for the results 
obtained from the analysis. 

Thick lubricant films can be provided even in 
slow speed processes by coating the workpiece with 
suitable low shear strength materials. An example is 
the phosphate coating technique for lubricating 
billets of steel which are to be cold extruded. The 
effectiveness of coatings from the viewpoint of 
giving low friction and a thick film can be judged 
from the results of some slow speed (= 1 mm s-I) 
plane strain extrusion experiments made by Farmer 
and Oxley [29] and Conning et al. [12]. In these 
either alodine (a dichromate conversion coating) or 
phosphate coatings were applied together with 
sodium sterate to lubricate the aluminium- 
magnesium alloy specimen used in the experiments. 
The objective of the experiments was to obtain flow 
patterns (deformed grids) for the process taking 
place which were then used to construct slipline 
fields representing the flow. In their construction 
Conning et al. [12] made no attempt to force the 
sliplines to meet the die face at a predetermined 
angle. Therefore, their results can be used to give an 
estimate of the frictional shear stress acting at the die 
face. For all of the cases considered (die half angles 
30°, 45" and 60") the slipline fields show that the 
sliplines meet the die face at an angle close to %n. 
This indicates (see equation ( I ) )  that the shear 

strength of the film was very small compared with 
the shear flow stress of the deforming material. That 
the film was thick compared to the height of 
asperities on the die face was shown by the matt- 
finish on the extruded surface which showed no 
indication of burnishing. An interesting feature of 
the flow patterns obtained in these extrusion 
experiments was that the specimen comer at die 
entry was always rounded in a similar manner to that 
for the wave in Figure 5. The space between the 
specimen surface and diekontainer surface in this 
comer was found to be packed tight with lubricant. 
It can be concluded that as with the wave the shape 
of the specimen surface at die entry played an 
important part in determining the lubrication 
condition at the die face. 

In ending this section it is of interest to return to 
the results in Table 1. These show that once steady 
state sliding conditions are established the values of 
shear strength 'I and interface friction coefficient p, 
(note that for a perfectly smooth wedge pI is equal to 
c in equation (15)) vary markedly from lubricant to 
lubricant. However, for the indentation part of the 
tests the results show that pI had approximately the 
same value = 0.2 for all of the tests including the dry 
test. Noting that in each test the contacting surfaces 
were the same during indentation and sliding it can 
be concluded that the difference in the p, values 
resulted from differences in lubrication conditions in 
the two cases. Black et af. [26] have attempted to 
explain this difference by noting that while in wave 
formation the conditions are such as to establish an 
EHL film at the interface the conditions at the 
interface during indentation are such as to inhibit 
EHL. In this connection it is sufficient to note that 
the entraining velocity measured down the wedge 
face from the specimen surface (lubrication source) 
was negative during indentation. Therefore, during 
indentation no lubricant was drawn into the interface 
and the indentation values of pI are representative of 
dry conditions. Interestingly, the results indicate that 
even with Molykote positive entrainment is needed 
for effective lubrication of the interface. If it is 
accepted that lubrication in metal working processes 
is essentially EHL then it can be seen that to be 
effective lubricant must be provided in regions 
where there is positive entrainment into the tool- 
work interface. An example is to be found in 
machining where attempts have been made to 
lubricate the tool-chip interface by applying liquid 
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lubricants under pressure along the gap between the 
tool clearance face and workpiece. Little success 
has been achieved so far with this method and 
machining remains one of the classical problems of 
unlubricated sliding. 

5.2 Machining 
Most practical machining operations are made 

using a plentiful flow of cutting fluid. In many 
processes including turning and milling the fluid acts 
as a coolant and plays little if any role as a lubricant 
at the tool-chip interface. In slow speed processes 
such as tapping, broaching and gear cutting on the 
other hand the cutting fluid can, as pointed out by 
Wakabayashi el al. [30], act as an efficient boundary 
lubricant. These authors have investigated the 
kinetics of lubrication in this context when using 
carbon tetrachloride as a model gas-phase lubricant. 
In what follows attention is limited to unlubricated 
machining which is the condition most commonly 
met in practice. 

The orthogonal (plane strain) chip formation 
model used by Hastings et al. [31] in developing a 
predictive machining theory is given in Figure 6. It 
can be seen that the geometry of chip formation for a 
given tool rake angle a and undeformed chip 
thickness t l  is not complete unless either 4, the so- 
called shear angle, or the chip thickness t? is known. 
In order to define the geometry it is usual to derive 
equations for predicting 41. In early attempts to do 
this the frictional condition at the tool-chip interface 
was represented by an average coefficient or, more 

work [ tool 

Figure 6. Chip formation model used in developing 
predictive machining theory. 

usually, angle of friction A. If h could be measured 
by some independent friction test or if its value did 
not vary greatly with cutting conditions this would 
be an acceptable approach. However, it has only 
been found possible to measure h by machining tests 
and the variations in h with a, t, and cutting speed U 
even for a given work material-tool material 
combination are too great to allow the use of an 
average value. This has led Oxley [32] and others 
including Rowe and Spink [33] to suggest that the 
shear strength of the interface might be a more 
effective friction parameter. This approach is now 
considered. 

It is generally accepted that for most cutting 
conditions the real and apparent areas of contact are 
equal over much of the tool-chip contact region with 
plastic deformation occurring in a thin boundary 
layer of chip material adjacent to the tool-chip 
interface. As the normal pressure between chip and 
tool decreases towards the end of the tool-chip 
contact then the ratio of real to apparent areas 
reduces and approaches a value appropriate to 
normal sliding conditions. Hastings et al. [3 I] have 
neglected this latter region in their analysis on the 
grounds that it is relatively small and transmits only 
a small part of the resultant cutting force. As with 
earlier theories the first step in predicting cutting 
forces etc. is to determine the shear angle 4. The 
outline of the method, which is described in detail by 
Hastings et al. [31], is as follows. For a range of 
values of 4 the resultant force R (Figure 6) 
transmitted across the shear zone in which the chip is 
formed is calculated from an analysis of the stresses 
along the plane AB. In making the stress analysis 
account is taken of the variations in flow stress with 
strain, strain-rate and temperature. Once R is known 
it is resolved along the tool-chip interface (assumed 
to be a direction of maximum shear stress) to give 
the frictional force F. By dividing F by the interface 
area (which is obtained from the analysis) the 
average value of the interface shear stress T,,,~ is 
determined. For the same range of 4 values the 
temperatures and strain-rates in the boundary layer at 
the interface are calculated and used to determine the 
average shear flow stress in the chip along the 
interface kchip. The solution for 4 is taken as the 
value which makes ‘s,,,~ = kchip as the assumed model 
of chip formation is then in equilibrium. In making 
these calculations it is necessary to know the 
thickness of the boundary layer. This was 
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determined in the following way. 
The photomicrograph of a typical chip section 

given in Figure 7 shows that a severely deformed 
layer of material exists adjacent to the chip surface 
which has been in contact with the tool cutting face. 
This consists of material which has passed through 
the tool-chip interface boundary layer. As 
mentioned earlier in the paper, Trent [ l l ]  has 
associated this deformation with seizure at the tool- 
chip interface while Oxley [ 101 has concluded that it 
results from the flow at the interface being retarded 
by the mechanism indicated by the slipline field 
given in Figure 2(c). Irrespective of the actual 
asperity interactions taking place it is clear that the 
velocity changes from near zero at the cutting face to 
the ful l  chip velocity over a boundary layer which is 
thin compared with the chip thickness. Estimates 
show that for normal cutting conditions, on say a 

lathe, the average strain-rate in the boundary layer is 
in the range lo4 to 106s-', the corresponding 
temperature range is 800 to 1000°C and the strain 
occurring as material flows through the interface 
region is exceedingly high ( 5  to much higher values). 
All of these factors depend upon the thickness of the 
boundary layer and it is not obvious what mechanism 
determines this thickness. Oxley and Hastings [34] 
have proposed that the actual value taken up for 
given cutting conditions will be that which 
minimizes the rate of frictional work at the interface. 
They determined this value as follows. For the 
conditions at the interface (high strains, strain-rates 
and temperatures) it was assumed that the strain- 
hardening taking place would be negligible and that 
the flow stress in the boundary layer and hence k& 
would only vary with strain-rate and temperature. 
Their equations, derived from the analysis of the 

Figure 7. Photomicrograph of chip section. 



orthogonal machining process, showed that a 
decrease in boundary layer thickness increased the 
strain-rate and the temperature. Noting that for the 
work material considered (plain carbon steel) the 
flow stress normally increases with increase in 
strain-rate and decrease in temperature they showed 
that a certain value of  thickness could always be 
found which gave strain-rate and temperature 
combinations which minimized kchip. This in turn 
minimized the frictional and total work rates. 
Predicted boundary layer thicknesses satisfying this 
minimum energy condition have been found to  agree 
closely with experimental values measured from chip 
sections for very wide ranges of cutting conditions 
[31][34]. In particular it is predicted that the 
thickness decreases rapidly with increase in cutting 
speed and experimental results confirm this [31]. 
Predicted values of  shear angle 4, cutting forces etc. 
determined in this way have also been shown to be in 
close agreement with experimental values. 

6. CONCLUDING REMARKS 

By using the wave model to represent asperity 
interactions along the tool-work interface it has been 
shown how the interface frictional condition can be 
defined in terms of  surface roughness and lubrication 
parameters. The asperity deformation models used 
in this paper are for plane strain conditions and it 
will be necessary to seek their three-dimensional 
counterparts i fdue  consideration is to be given to  the 
three-dimensional nature of the surface roughness of 
actual surfaces. Future work should also give wider 
consideration to the influence of  strain-rate and 
temperature on frictional conditions. 
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Friction characteristics at tool-chip interface in steel machining 

K. Maekawaa, T. Kitagawab and T.H.C. Child# 

aDepartment of Mechanical Engineering, Ibaraki University, 
4-12-1 Nakanarusawa, Hitachi 316, Japan 

bDepartment of Mechanical Engineering, Kitami Institute of Technology, 
165 Koen-cho, Kitami 090, Japan 

CDepartment of Mechanical Engineering, University of Leeds, 
Leeds LS2 9JT, United Kingdom 

The split-tool method is extensively employed to evaluate friction Characteristics at the tool-chip in- 
terface in steel machining. In this investigation medium plain carbon structural steels with different 
hardness- are turned using TiN cermet, P20 and K20 carbide tools. Based on the measured stress distri- 
butions on the rake face, friction characteristics are discussed from the viewpoint of the mechanical and 
thermal properties of work and tool materials. Hardness and thermal conductivity affect the chip contact 
length as well as the coefficient of friction at the lightly loaded sliding zone near the chip leaving point. 
Friction becomes Severe as the hardness of the workpiece is low and/or the thermal conductivity of the 
tool or its affinity with the workpiece is high. Discussion is extended to an investigation into the friction 
characteristics of high manganese steel and low-carbon free-cutting steel. Friction characteristics of a 
cut-away tool are found to be the same as those of a natural contact length tool, when an 18%Mn-l8%Cr 
steel is turned using a P20 tool. A high friction condition close to the chip leaving point is also cut away 
by the restriction of contact length. When a low-carbon leaded resulphurized steel is turned using a P20 
tool, both chip contact length and friction coefficient decrease markedly compared with the machining 
of an equivalent plain carbon steel. This is due to the lubrication effect of the free-cutting additives. 
The finite-element machining simulation in conjunction with the friction characteristic equation thus 
determined is applied to the illustration of machinability improvement through the use of freecutting 
steel. 

1. INTRODUCTION 

The modification and control of frictional be- 
haviour on the tool face are the central concern 
in metal machining, leading to the use of lubri- 
cants or the development of various free-cutting 
steels. It has generally been recognized that the 
Coulomb-Amonton laws of sliding friction do not 
hold on the chip contact area, but the contact 
normal and friction stresses have unique distribu- 
tions [l, 21: the normal stress increases monoton- 
ically from the chip leaving point to the cutting 
edge, whereas the friction stress remains constant 
over the half of the tool-chip contact area near- 
est the cutting edge but decreases to zero over 
the other half. A photoelastic tool [3], a sapphire 
tool [4] and a special tool dynamometer with di- 

vided rake face [5] were used to verify these re- 
sults. As far as the more general combination of 
steel workpieces and carbide tools is concerned, 
however, few quantitative investigations into the 
stress distributions have been made. 

As for friction characteristics at the tool-chip 
interface, it is likely that adhesion is predomi- 
nant over abrasion, where the friction force stems 
from shear fracture of the bonded materials. A 
newly generated chip, having a highly chemically 
activated surface, slides over the rake face. Tem- 
perature and pressure at the interface lead to an 
extreme friction condition: a peak temperature of 
800 "C and a maximum normal stress of 3 GPa 
are observed when steel is machined at a cutting 
speed of 100 m/min (61. According to the adhe- 
sion theory of dry friction [7], the friction force 
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Ft and the normal force Nt are given as 

where A, and A, respectively are the apparent 
and real areas of contact, and r and H are the 
shear stress and micrehardness at the bonded 
asperities. In a lightly loaded condition where 
A,/A, is very small the CoulombAmonton laws 
of friction hold. The coefficient of friction p 
is constant, being independent of A, and A,.. 
When ct becomes extremely large and A,./A, 
approaches 1, rt equals the shear flow stress k of 
the chip material. The following empirical equa- 
tion satisfies these conditions [8, 91: 

where p is here regarded as a friction coefficient 
and n is a constant. 

The purpose of the present study is twofold: 
to measure stress distributions at the tool-chip 
interface using a split-tool dynamometer, and to 
discuss friction characteristics based on the mea- 
sured stress and l3q. ( 2 )  when machining various 
steels using carbide tools in dry conditions. Inves- 
tigation is extended to the frictional behaviour of 
a cut-way or restricted contact tool and computer 
simulation of the role of friction in steel machin- 
ing. 

2. SPLIT-TOOL DYNAMOMETRY 

Figure 1 shows the principle of a split tool dy- 
namometer [5 ,  91. Two parts of a tool with a di- 
vided rake face are supported independently with 
a small gap (< 5 pm) between them. The friction 
force Ft and the normal force Nt are measured 
by strain gauges mounted on each tool body. By 
changing the split position or the distance t? from 
the cutting edge, the friction stress rt and the 
normal stress gt on the tool rake face are given 
by 

(3) 

where w is the width of cut, and the subscript 
1 denotes the divided tool containing the cutting 
edge portion. The measurement for the other half 

Chin I Nt1 Nt2 

Fig. 1 Principle of split-tool dynamometry. 
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Distance from cutting edge t mm 

Fig. 2 Change of cutting force with varying dis- 
tance from cutting edge: 0.45%C plain carbon 
steel, TiN cermet with 0" rake angle, V=200 
m/min, f = 0 . 2  mm/rev, w=2.5 mm, dry. 

is necessary to ascertain that the total cutting 
force is unchanged with the variation of the split 
position. 

Figure 2 shows an example of the measured 
and Ntl as a function of the distance from the 
cutting edge. The cutting conditions are listed in 
the figure, in which a disc of 2.5 mm width was 
turned radially in air. Both forces gradually in- 
crease with increasing distance, though measure- 
ments at less than 0.18 mm were not carried out 
owing to the reduction of edge strength. 

Unless otherwise specified, a disc of 2-2.5 mm 
width was turned radially in air using a 0" rake- 
angle tool at a cutting speed of 100 or 200 m/min 
and a feed of 0.2 mm/rev in the following exper- 
iments. 

3. FRICTION CHARACTERISTICS AT 
THE TOOECHIP INTERFACE 
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3.1. Machining of medium carbon steels 
To make a comparison with the machining of 

a 0.45%C carbon steel (S45C, HV=177) using 
a P20 grade carbide tool, 0.25%C (S25C, 140) 
and quenched 0.55%C (S55C, 275) steels, hav- 
ing different hardnesses, were turned using the 
same tool. In addition, a straight tungsten car- 
bide (K20) and a TiN cermet tool were employed 
for S45C steel machining. The following are the 
distributions of ut and rt given by Eq. (3) in 
conjunction with the measurement of the varia- 
tion of force over the rake face using the split tool 
dynamometer. 

Distance fkom cutting edge e mxn 

riz 0.51 
0 0.2 0.4 0.6 0.8 1.0 1.2 1.4 1.6 

Distance from cutting edge e mm 

Distance fkom cutting edge e mm 

riz 
0 0.2 0.4 0.6 0.8 1.0 1.2 1.4 1.6 

Distance from cutting edge e mxn 

Fig. 3 Distributions of normal stress ut and fric- 
tion stress T~ on tool rake face against P20 tool: 
(a) S45C at V=200 m/min, (b) S55C at V=200 
m/min, (c) S25C at V=200 m/min and (d) S45C 
at V=100 m/min. 

Figure 3 shows the effect of the work materi- 
als against a P20 tool: (a) S45C, (b) S55C, (c) 
S25C, all at a cutting speed of 200 m/min, and 
(d) S45C at a cutting speed of 100m/min. The 
results verify that ut increases exponentially tG 
wards the cutting edge whereas rt has a trape- 
zoidal distribution saturated close to the cutting 
edge. With increasing workpiecehardness both 
chip contact length and width with a constant rt 
become short. The magnitude of this rt is p r e  
portional to the hardness at room temperature. 
When the cutting speed is decreased from 200 
m/min (Fig.3 (a)) to 100 m/min (Fig.3 (d)), the 
saturated length of T~ rises and the chip contact 
length increases. 

Figure 4 represents the effect of the tool mate- 
rials against S45C steel: (a) TiN cermet and (b) 
K20 carbide. Comparing Fig.4 with Fig.3 (a), 
the saturated rt is unchanged at 315 MPa, and 
the distance between the cutting edge and ut=rt 
is the same, being independent of the tool mate- 
rials. Besides, the length of the saturated rt as 
well as the chip contact length increases in order 
of TiN, P20 and K20. This order reflects thermal 
conductivity: TiN has the smallest. It also re- 
flects the chemical aflinity between the tool and 
workpiece. 

Figure 5 (a) and (b) show the relationship be- 
tween at and rt based on the data of Figs. 3 
and 4 respectively, where the curves were fitted 

0 0.2 0.4 0.6 0.8 1.0 1.2 1.4 1.6 
Distance from cutting edge e mxn 

c3 \. 
3 

I 

0 0.2 0.4 0.6 0.8 1.0 1.2 1.4 1.6 
Distance from cutting edge .t mm 

Fig. 4 Distributions of ut and rt against 0.45%C 
steel (a) TiN at V=200 m/min and (b) K20 at 
V=200 m/min. 
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(b) 
Fig. 5 Relationship between normal and friction 
stresses on tool rake face: (a) effect of tool mate- 
rials against 0.45%C steel and (b) effect of work 
materials against P200 tool. 

by using Eq. (2) with the values of p and n listed 
in the figures. The approximation by Eq. (2) is 
found to be perfect: as at tends to zero, rt/at 
tends to p, but as ot increases rt saturates. The 
hardness of work materials and the thermal con- 
ductivity or perhaps the chemical composition of 
tools affect the coefficient of friction at the lightly 
loaded sliding zone near the chip leaving point. 
The characteristic value p becomes high as the 
hardness and/or the thermal conductivity of the 
tool or the affinity of the tool with the workpiece 
is low. 

3.2. Machining of low-carbon freecutting 
steel 

Friction characteristics of a leaded resul- 
phurised low-carbon steel (Steel L, O.OS%C- 
1.3%Mn-O.O7%P-O.323%S-O.25%Pb) are com- 
pared with those of an equivalent plain car- 
bon steel (Steel P, O.l%C-O.4%Mn-O.O25%P- 
O.OlS%S). Figure 6 shows the distributions of ot 
and rt on the rake face as a function of the dis- 
tance &om the cutting edge, when the steels were 
turned using a P20 tool at a cutting speed of 100 
m/min. Again, it is confirmed that for both steels 
rt shows a trapezoidal profile that increases from 
the chip leaving point to the cutting edge and sat- 
urates at the shear flow stress of the chip, whereas 
ot has an exponential form that increases rapidly 
towards the cutting edge. The maximum value 
of ot exceeds 1 GPa, where the hydrostatic com- 
ponent is much larger than the deviatoric stress. 
Compared with rt of Steel P, rt of Steel L is de- 
creased near the end of the contact, resulting in 
rt<ut and much shorter chip contact length. 

Figure 7 compares the ot - rt relationship for 
the steels. Compared with Steel P, Steel L yields 
a smaller p and lower saturation stress. For both 
steels, a similar expression to Q. (2) can be fit- 

8 
Distance from cutting edge inm 

Fig. 6 Distributions of ot and rt measured by 
split-tool dynamometry: plain carbon steel (Steel 
P) and leaded-resulphurized carbon steel (Steel 
L) (see Table l), P20 with 0” rake angle, V=100 
m/min, f=0.2 mm/rev, w=2 mm, dry. 
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Fig. 7 Relationship between at and rt on tool 
rake face: cutting conditions are the same as 
Fig.6. 

ted, where the values of p and n are listed in Ta- 
ble 1 (to appear in Section 4.2). The R value in 
the table means that the saturated friction stress 
of Steel L is 0.737 times that of Steel P. Since 
both steels have similar flow characteristics [a], 
the difference between the characteristic values 
represents an effect of lubrication by MnS and 
lead. 

3.3. Machining using cut-away tool 
Spit-tool dynamometry can be applied to the 

investigation into the friction characteristics of a 
cut-away tool whose chip contact length is re- 
stricted to be shorter than that of a natural 
one by setting the secondary rake face. Figure 
8 shows the distributions of at and rt on the 
primary rake face when an 18%Mn-l8%Cr steel 
(HV=282) is turned radially using a P20 cut-away 
tool, whose restricted length is set at 0.25 mm, 
at a cutting speed of 60 m/min. The symbols 0 
denote this case, whereas the solid lines show the 
results obtained using a conventional or natural 
contact length tool. Compared with the machin- 
ing of the plain carbon steels (Fig.3) the chip con- 
tact length is shorter and both stresses are larger 
close to the cutting edge; a saturated rt of 600 
MPa and a peak at of more than 3GPa. The 
cut-away tool yields the same stress distributions 
as the conventional tool, though no stress exists 
beyond the restriction length of 0.25 mm. 

- Cut-away tool with restricted 
length of 0.25 mm 

Conventional tool 
0.45%C steel at 

V=100 m/min 

0 0.2 0.4 0.6 0.8 1.0 1.2 1.4 
Distance from cutting edge t! mm 

Fig. 8 Distributions of ot and rt on tool rake 
face of cut-away and conventional tools: 18%Mn- 
18%Cr steel, P20 with 0' angle, V=60 m/min, 
f=0.2 mm/rev, w=2 mm, dry. 

I 
I 

d 

0 0.2 0.4 0.6 0.8 1.0 
Normal streas at GPa 

Fig. 9 Relationship between at and rt on tool 
rake face: cutting conditions are the same as 
Fig.8. 

Figure 9 shows the relationship between ot and 
rt , where the solid line denotes the approximation 
by Eq. (2) with the characteristic constants of 
p=2.08 and n=1.6. Both cut-away and conven- 
tional tools obey the same friction characteristics. 
Compared with the plain carbon steels (Fig.5), 
the value of p is the smallest. p tends to become 
small where the saturated friction stress or the 
shear flow stress of the chip increases. 

4. DISCUSSION 
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4.1. Friction characteristics vs work and 
tool materials 

It is found from Figs. 5 and 9 that the coef- 
ficient of friction at  a lightly loaded sliding zone 
close to the chip leaving point, as well as the chip 
contact length, is affected by the hardness of work 
materials and the thermal conductivity or type of 
tools. The characteristic d u e  of p of Eq. (2) be- 
comes small when the hardness of the workpiece 
is high and/or the thermal conductivity or f i n -  
ity with work of the tool is low. Based on the 
adhesion theory of dry sliding friction [7], the fric- 
tion stress rt is proportional to the ratio A,/A,  
which depends on the normal stress ct acting at 
the interface. It is likely that junction growth is 
reduced by the increase of strength of the chip. If 
this is the case for S55C steel, a smaller p will be 
understood. 

On the other hand, the effect of the thermal 
conductivity or work affinity of a tool on fric- 
tional behaviour is not clear. Figure 10 shows 
the local rake temperature measured using a mi- 
cro thermocouple which was embedded within the 
tool [6]. The edge of a 20 pm-diameter tungsten 
wire, coated with alumina for insulation, is ex- 
posed on the rake face to create a hot junction 
with the chip. A disc of S45C steel is turned 
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at a cutting speed of 200 m/min and a feed of 
0.2 mm/rev. Although the temperature profile 
largely depends on the chip contact length, the 
peak temperature decreases in order of TiN, K20 
and P20. This does not correspond to the increas- 
ing thermal conductivity of the tools. A similar 
tendency can be Seen in the temperature at  the 
lightly loaded sliding zone close to the end of con- 
tact. On the other hand the order TiN, P20, K20 
is known to reflect the order of chemical af€inity 
between the tools and steel workpieces at  high 
temperature. It seems that the influence of chem- 
ical affinity is greater than that of temperature. 
This frictional behaviour is different from conven- 
tional friction at elevated temperatures, in which 
the coefficient of sliding friction increases with in- 
creasing temperature [lo]. The relative effects of 
chemical affinity of the work and tool materials 
[ll] and temperature should be investigated fur- 
t her. 

4.2. Computer simulation of the role of 
friction 

Recent developments in computational me- 
chanics enable us to simulate a cutting process 
[12]. The role of friction in metal machining can 
be analysed based on the friction characteristics 
thus determined. It is worth making a brief re- 
view of a computer simulation approach using the 
finite element method. 

In principle, the following elastic-plastic con- 
stitutive equation and energy equation are solved 
simultaneously: 

c!.o!. ikl (4) 1 9G2 
a2(3G+ HI) a3 *l 

- a* 

Equation (4) is the tensor expression for isotropic 
hardening materials obeying the Mises yield cri- 
terion and the Prandtl-buss flow rule, where irij 

is the Jaumann rate of Euler stress, & is the ve- 
locity strain, aij is the deviatoric component of 
Euler stress, (T is the equivalent stress; E,G,H’ 
and v are Young’s modulus, the shear modulus, 



565 

Table 1 Chemical composition and material properties of plain and leaded-resulphurized steels 

the work hardening rate and Poisson's ratio, re- 
spectively; S,, is the Kronecker delta; a* = 0 for 
elastic deformation and a* = 1 for the plastic 
state. In Eq. (5) B is the temperature, 8 is the 
time derivative of temperature, vj is the velocity, 
K is the thermal conductivity, Q is the internal 
heat generation, p is the density and C is the spe- 
cific heat. 

The finite element method could be employed 
to solve Eq. (4) and Eq. (5) under the appro- 
priate cutting geometry, material property and 
friction (Eq. (2)) boundary conditions. A re- 
view can be seen elsewhere [12]. The analysis ap- 
plies to two-dimensional steady-state machining 
for which the iterative convergence method [9, 121 
is proposed. An initial assumption is required as 
to the shape of the chip, which is supposed to be 
preformed on the surface of the workpiece and to 
be stress free. Calculation proceeds by incremen- 
tally displacing the workpiece towards the tool so 
that a load develops between chip and tool. A 
plastic state develops in the chip formation zone 
and checks are made to see whether the conse- 
quent plastic flow is consistent with the assumed 
chip shape. If it is not, the assumed shape is 
systematically and automatically altered and the 
calculation is repeated. The cycle continues until 
the assumed and calculated flows converge. Tem- 
perature rise and the change of flow properties 
are also incorporated in the analysis. 

It should be noted that good material prop- 

erty data are essential inputs to the analysis. 
In particular, flow-stress characteristics of the 
workpiece should cover a wide rage of conditions 
across temperatures of R.T. - 1000 K, strain 
rates of - 5000 s-l and strains of 0 - 2. 
The Hopkinson-bar compression tests give reli- 
able data for steels and other metals and alloys 
[13]. The uniaxial flow stress 0 (MPa) is empiri- 
cally expressed as a function of the strain 5, strain 
rate E' and temperature 8 ("C) according to 

5 = 
N 

,-kO/N(10-3L -m/Ndcr €1 ] (6) [/ O,&h(s) 

where the coefficients A, M and N vary with tem- 
perature, and k and m are constants. 

It may be demonstrated by means of the finite- 
element machining simulation how fiiction at the 
tool-chip interface interacts with a cutting pro- 
cess. As mentioned in Section 3.2, free-cutting 
additives, such as MnS and lead, modify fric- 
tion characteristics on the rake face. The t w e  
dimensional simulation method is employed for 
the machining of Steel P and Steel L. Table 
1 shows the specification and properties of the 
workpieces used in the simulation. Cutting con- 
ditions are set at a cutting speed of 100 m/min, 
and an undeformed chip thickness or feed of 0.2 
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F~=1204 N 
Fv=953 N 

Units: s-l 

0.2 mm 1000. 
3000 - 
\I 

(a) Steel P 

F ~ = 6 1 8  N 
Fv=190 N 

Units: s-l 

I 
(b) Steel L 

Fig. 11 Comparison of predicted chip shape and 
equivalent plastic strain rate between plain (Steel 
P) and leaded-resulphurized (Steel L) low-carbon 
steels: cutting conditions are the same as Fig.6. 

mm. A P20 grade carbide tool with a 0' rake 
angle is assumed to have a thermal conductivity 
of 67 Wm-lK-'. No coolant is used, but a coef- 
ficient of 1 Wm-2K-1 is postulated to yield heat 
transfer into air. 

Figure 11 shows the chip shape and the dis- 
tribution of equivalent plastic strain rates for (a) 
Steel P and (b) Steel L. Although the steels have a 
similar flow property (see Table l ) ,  a comparison 
of the figures clearly demonstrates that the differ- 
ence in the friction characteristics is the primary 
cause of large changes in the cutting mechanism: 

0.2 mm 400 
U 

(a) Steel P 

(b) Steel L 
Fig. 12 Comparison of isotherms close to tool tip 
showing effect of free-cutting additives: cutting 
conditions are the same as Fig.6. 

as the friction becomes severe the chip thickens, 
curls less and increases its contact length. Plastic 
deformation within the workpiece broadens ahead 
of and below the cutting edge, which may result 
in a large accumulated plastic strain occurring 
near the tool face as well as larger secondary flow 
due to friction. The cutting forces markedly de- 
crease in the machining of Steel L, as shown in 
the figure. 

Figure 12 shows the isotherms near the cutting 
edge. The peak temperature drops by nearly 300 



5 67 

K in Steel L. Its position, however, appears closer 
to the cutting edge. The temperature of the ma- 
chined surface is almost the same in both steels, 
since heat generation by the plastic deformation 
within the workpiece is not so large, and the heat 
mostly flows into the chip and tool. 

5. CONCLUSIONS 

Split-tool dynamometry has been extensively 
employed to evaluate frictional behaviour at the 
tool-chip interface in steel machining. The 
measured normal stress increases monotonically 
from the chip leaving point to the cutting edge, 
whereas the friction stress remains constant over 
the half of the tool-chip contact nearest the cut- 
ting edge but decreases to zero over the other 
half. Discussion of friction characteristics has 
been based on the adhesion model, in which the 
friction can be expressed not by the Coulomb- 
Amontons laws of sliding friction but by a charac- 
teristic equation depending on the normal stress 
and the shear flow stress of the chip. The ma- 
jor results obtained from various combinations of 
work and tool materials are summarised as fol- 
lows: 
(1) When medium plain carbon steels with dif- 

ferent hardness are turned by a P20 car- 
bide tool, the coefficient of friction at the 
lightly loaded sliding zone near the chip leav- 
ing point becomes low as the hardness of the 
workpiece increases. 

(2) When a 0.45%C steel is turned using TiN, 
P20 or K20 tools the coefficient of friction 
rises in the order TiN, P20, K20 which re- 
flects increasing chemical affinity between 
tool and workpiece. However, the coefficient 
of friction may also depend on temperature. 
These tools have different thermal conduc- 
tivities which lead to different peak temper- 
atures. The relative effects of composition 
and temperature should be studied further. 

(3) When a low-carbon leaded resulphurized 
steel is turned using a P20 tool, both chip 
contact length and friction coefficient de- 
crease markedly compared with the machin- 
ing of an equivalent plain carbon steel. This 
is due to the lubrication effect of the free- 
cutting additives. 

(4) When an 18%Mn-l8%Cr steel is turned us- 
ing a cut-away P20 tool friction characteris- 
tics are found to be the same as those of a 
natural contact length tool. A high hiction 
condition close to the chip leaving point is 
also cut away by the restriction of contact 
length. 

(5) The finite-element machining simulation in 
conjunction with the friction characteristic 
equation thus determined has been applied 
to the illustration of machinability improve- 
ment through the use of freecutting steel. 
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The present paper describes tool wear characteristics of various cutting tools in steel machining. Tool 
wear tests are extensively conducted in which plain carbon steels, high manganese steel and austenitic 
stainless steel are turned using various tungsten carbides and alumina tools. Not only wear rates but 
also distributions of temperature and stresses on the tool face are measured, for which the embedded 
thermocouple method and split-tool dynamometry are employed. Tool wear characteristics are discussed 
on the basis of the experimental data thus obtained. A wear model based on thermally-adivated adhesion 
is found to be applicable to the description of crater wear which mainly depends on tool temperature and 
contact normal stress; however, a simulation experiment reveals that in steel machining a temperature- 
dependent abrasion model predominates over the adhesion model for the representation of flank wear in 
which temperature drops below 1,175 K for a P20 tool. Consequently the mechanism of crater and flank 
wear consists of both adhesion and abrasion, and a combined wear characteristic equation is proposed. 
Finally, an analytical prediction method combining the energy method with the estimation of the wear 
characteristic constants is proposed, its suitability being demonstrated when an 18%Mn-5%Cr alloy steel 
is turned using a P20 single point tool. 

1. INTRODUCTION 

Tool wear is of particular importance in metal 
machining since tool life is largely determined by 
how fast the wear develops. Tool life influences 
machining economics and product quality. Tay- 
lor’s tool-life equation [l] has been used to esti- 
mate the cutting performance of a tool; however 
it requires wear tests which involve changing cut- 
ting speed, feed and tool geometry against various 
work materials, which is time-consuming, waste- 
ful of materials and rather expensive. A com- 
prehensive, scientifically-based approach should 
be adopted to overcome these disadvantages; i t  
is desirable to derive a wear characteristic equa- 
tion based on physical quantities including con- 
tact stress, sliding distance and temperature at 
the tool-chip and tool-workpiece interfaces. 

Many factors are incorporated in tool wear in- 
cluding abrasion, adhesion, diffusion, solution, 
corrosion, oxidation, fatigue, superficial plastic 
deformation, plastic collapse, erosion and brittle 

fracture. For steel machining using a carbide tool 
at medium to high speeds, adhesion dominates 
tool wear, since high temperature and high pres- 
sure are influential factors. The principal mech- 
anism of friction on the rake face has been de- 
scribed on the basis of the adhesion theory 12, 31. 
Accordingly, the tool wear mechanism can also be 
explained as follows: as the real area of contact 
increases, the volume rate of wear increases. It is 
empirically found that the following relationship 
holds: 

where dW/dL is the volume worn away both per 
unit sliding length and unit apparent area of con- 
tact, A, and A, respectively are the apparent and 
real areas of contact, z is the probability that a 
real contact will result in a wear particle, ut is 
the normal contact stress, and H is the micro- 
hardness at the bonded asperities. The second 
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part of Eq. (1) is obtained on the basis of the ad- 
hesion theory of dry sliding friction: the friction 
force Ft and the normal force Nt are given as 

Ft = rtAp = rA, ,  Nt = utA, = H A ,  (2) 

where rt is the friction stress and r is the shear 
stress at the bonded asperities. Assuming that 
a temperature rise largely influences H and z,  
which may have forms of 

-AE 
H cx exp (?) and z cx exp (F) , (3) 

the following equation will be derived [4]: 

(4) 

where a1 is a constant, AE is the activation en- 
ergy, Ic is the Boltzmann constant, 8 is the abso- 
lute temperature here, and C1 and Ca are con- 
stants to be determined by wear tests. Since the 
Maxwell-Boltzmann canonical distribution is pos- 
tulated, the model may be called the thermally- 
activated adhesion wear model. Mechanical fac- 
tors such as at and dL distinguish Eq. (4) 
from similar wear equations derived by other re- 
searchers [5, 61. 

The present study deals with wear characteris- 
tics of various cutting tools, mainly carbide tools, 
when machining plain carbon steels, high man- 
ganese steels and stainless steel. The main pur- 
pose is to investigate the applicability of &. (4) 
to tool wear, for which wear tests together with 
the measurements of stress and temperature at 
the contact interfaces are carried out. Atten- 
tion is given to the limitation of the thermally- 
activated adhesion wear model, being modified to 
include an abrasive effect on tool wear. Finally, 
analytical prediction of tool wear based on the 
characteristic equation is demonstrated when an 
18%Mn-5%Cr steel is turned using a P20 carbide 
tool. 

2. EXPERIMENTAL PROCEDURE 

Figure 1 shows a schematic diagram of the defi- 
nition of wear, temperature and stress on the tool 
face of a turning tool. The determination of the 

Chip leaving point 

f 

G 

Tool 

Crater wear ,I g 

Fig. 1 Schematic of definitions of wear, temper- 
ature and stress on tool face. 

wear rate dW/dL per unit area included in Eq. 
(4) is twofold: for crater wear the depth, mea- 
sured by a stylus profilometer at a specified cut- 
ting time, dKe/dT, may be translated by 

(5) 

where V, is the chip velocity, and KC is the wear 
depth at the distance C from the cutting edge, and 
T is the cut time. The measurement is carried out 
in the direction of chip flow at the centre of the 
depth of cut. For flank wear the wear rate dWldL 
per unit area may be given by 

dW - tan7 ~ V B  
dL V dT 

where y is the clearance angle, V is the cutting 
velocity, and Vs is the width of the flank wear 
land. VB is measured by an optical microscope 
after sufficient pre-machining using a tool having 
an artificial wear land of 0.4 mm initially ground 
to -0.5' on the side clearance face. A similar tech- 
nique is used for the measurements of stress and 
temperature on the flank wear land. 

As for the measurement of a stress distribu- 
tion on the rake face, split-tool dynamometry [3, 
71 is employed, ie two parts of a tool with di- 
vided rake face are supported independently with 
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a small gap (< 5 pm) between the parts. Cutting 
force is measured by strain gauges mounted on 
each tool body. By changing the split position or 
the distance e from the cutting edge, the friction 
stress Tt and the normal stress at on the tool rake 
face are given by 

where w is the width of cut, and the subscript 
'l'denotes the divided tool containing the cutting 
edge portion. A disc of 2.5 mm width is turned 
radially in air. It is difficult to apply a similar 
method to the determination of stress on a flank 
wear land of less than 0.6 mm in width. Since 
the normal and friction stresses are considered 
to be almost uniformly distributed on the wear 
land, except in the vicinity of the cutting edge 
[4], the mean stress is assumed; the difference of 
the cutting force between a worn and a sharp tool 
may yield the force acting on the wear land, and 
the mean stress is obtained by dividing the force 
by the area of the wear land. 

Temperature is measured using a micre 
thermocouple embedded within the tool (41. The 
edge of an insulated narrow wire is exposed on 
the tool face to create a hot junction with the 
chip or the workpiece. Figure 2 shows a special 
ceramic tool for the measurement of flank tem- 
perature, in which a pt-wire of 20 pm diameter 
is embedded and sintered with alumina powder. 
Figure 3 represents the measured distributions of 
tool temperatures when machining a 0.46%C car- 

Chip A 

Ceramic tip I 
Fig. 2 Measurement of flank temperature using 
embedded micro thermocouple. 

_____ _ _ _ _ ~ _ _ _ _ _ _ _ _ _ _ _  ____ 

-0- Sharp t o o l ,  VB-0 nun, es=2 .2  m 
-0- Worn tool,  Vg"O.4 mu, Lc=1.4 m 
-0- Worn t o o l ,  e,=2.2 nun, ec=1.4 m r 

I I I I 
0 0.5 1.0 1 .5  2 . 0  

D h e  C., Cf, !, mm 

Fig. 3 Measured temperature distributions on 
tool face: 0.46%C steel, P20 (0,0,6,6,15,15,0.5), 
V=100 m/min, f =0.26 =/rev, d=2 nun, dry. 

bon steel in air using a P20 carbide tool with a 
wear land of V~=0.4 mm. The attached figure de- 
notes the measured positions. The rake temper- 
ature markedly changes with the distance from 
the cutting edge, whereas the flank temperature 
is distributed almost uniformly. For comparison, 
the dashed line shows the mean rake temperature 
measured by the tool-chip thermocouple method 
[8]. It is inappropriate to use the mean temper- 
ature for the evaluation of crater wear charac- 
teristics, which largely depend on a temperature 
profile. 

3. TOOL WEAR CHARACTERISTICS 

3.1. Crater wear of carbide tools 
Using the dW/dL,  at and 6 thus obtained, the 

suitability of Eq. (4) can be investigated. Fig- 
ure 4 shows crater wear characteristics of tung- 
sten carbide tools in machining steels, including a 
0.45%C plain carbon steel, high manganese steels 
and a stainless steel. The cutting conditions and 
tool geometry are listed in the figure. A stable 
cutting state without tool vibration is attained 
using a high-rigidity tool; tool shank dimensions 
are 30x30 mm with an overhang of 30 mm. No 
cutting h i d  is used. 

For every combination of the tool and work 
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0 0.4.5%C steel P20 
\ (0, vw, 6,  6, 15, 15, 0.5) 

Feed f=mr 
Depth of cut d = 2  mm 

V=1.67-4.17 m/s 

(0, 6, 6 ,  6 ,  15, 15, 0.5) 
/=0.2 mm/rev, d=2 mm 

A 0.45%C s t~ lLP40 

V=2.5-4.17 m / ~  

a 

Carbide P20 
(0, 0, 6, 6, 15, 15, 0.5) 

0 18%Mn-5%Cr steel 

Q 18%Mn-I8%Cr steel 
V=0.67-1.33 m/s 

0 I8%Cr-8%Ni steel 
V=1.25-2.5 m/s 

. V=1.&2.0 m/s 

I I I 

7 .0  8 .0  9 0 10 .0  x10- 
1 
8 
- K-1 

Fig. 4 Crater wear characteristics of tungsten 
carbide tools in machining steels. 

materials, a linear relationship holds between 
(l/at)(dW/dL) and l/e on a semi-logarithmic 
scale. When using a P20 tool the characteris 
tic constants C1 and C2 have the same values 
for these steels. When machining the 0.45%C 
steel P20 and P40 tools give different C1 values, 
and the experimental points scatter significantly 
in the temperature range below 8.5 x K-l or 
1,175 K. 

The derivation of Eq. (4) suggests that the C1 
value mainly depends on the mechanical strength 
of the tool subsurface at the interface (the con- 
stituent of a subsurface is a diffused layer, as will 
be discussed later). The difference in wear charac- 
teristics between P20 and P40 lies in their cobalt 
content: P40, containing more cobalt and smaller 
TiC+TaC, is softer than P20. This causes a large 
Cz of FCq. (4) for the P40 steel. The Cz value 

consisting of ( -al+AE/k)  also has relation to a 
subsurface state in which diffusion between iron 
and cobalt plays a substantial role. According to 
a static diffusion experiment [9], a fragile Fe-W- 
Co carbide compound starts to form at tempera- 
tures above 1,200 K; as a result, hard WC grains 
disappear at the interface. This layer is removed 
as soon as it is formed during machining. The 
rate of the compound generation depends mainly 
on temperature, but is considered to be indepen- 
dent of the work materials because the steels have 
similar activation energy for diffusion and similar 
thermal softening with temperature. This is the 
reason for giving the same C1 and C2 values for 
any combination of the steels and the P20 tool. 

The scatter of the experimental points in the 
lower temperature range becomes apparent when 
machining the 0.45%C steel. It is possible that 
another wear mechanism such as abrasion by hard 
particles dispersed in the steel plays a part. This 
point will be discussed further in Section 4.1. 

For crater wear of a TiC-coated P20 tool [lo], 
similar characteristics to Q. (4) holds in 0.45%C 
steel machining. Both of the characteristic con- 
stants differ from those of the P20 tool, giving a 
low wear rate. 

3.2. Flank wear of carbide tools 
Figure 5 represents flank wear characteristics 

when machining a 0.46%C steel using a P20 car- 
bide tool. The dashed line denotes the crater wear 
characteristic line approximated by Eq. (4) for 
the same combination. For comparison, the re- 
sult for a 0.25%C steel is shown by the symbol 
0. The numbers in the figure denote the cutting 
speed. It is found that both flank wear and crater 
wear obey the same mechanism in the tempera- 
ture range above 1,175 K. Since the flank tem- 
perature is lower by more than 100 K compared 
with the rake temperature (see Fig.3), the ex- 
perimental points require higher cutting speeds 
(above 200 m/min). In the lower temperature 
range, an equation similar to EQ. (4) can de- 
scribe the wear characteristics, but the constants 
C1 and C2 are different from those in the higher 
range. Besides, a distinct difference appears in 
the flank wear rates of the two steels at the same 
temperatures: the C1 value increases with carbon 
content. This suggests that abrasion is intimately 
related to the variation of the C1 and Cz values, 
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0 0.46%C stee14.26 -/rev 
@I 0.46%C steel4.2 mm/rev 
0 0.25%C steel-O.2 mm/rev 

Tool: carbide P20 
(0, 0, 6, 6, 15, 15, 0.5) 
Depth of cut d=2 mm 
Flank wear width 

vB=o.6 mm 
Dry cutting 

which wiU be discussed further in Section 4.1. 

3.3. Wear of alumina tool 
Figure 6 shows wear characteristics of an alu- 

mina ceramic tool when machining a 0.45%C 
steel; the small symbols denote crater wear and 
the large ones flank wear. It is likely that a wear 
characteristic equation similar to (4) holds in the 
higher temperature range. In the lower range, 
however, wear rates are not affected by temper- 
ature but remain almost constant, being much 
lower than those of the carbide tool shown in Figs. 
4 and 5. This agrees with the results of an elec- 
tron microprobe and cathodeluminescence study 
[ll] which concludes that neither diffusion nor 
solution occurs at the alumina-steel interface. 
Subsurface damage of the tool through plastic 
deformation and/or micro cracks dominates the 
thermally-insensitive wear. In the higher temper- 
ature range an intermediate spinel phase, which 
has the chemical formula FeO-Al203, may start 
to form [ll]. This must cause wear of the alumina 
tool to increase, since the mechanical strength of 
the compound is lower than that of alumina. 

1 - K-1 
e 

Fig. 6 Wear characteristics of alumina tool in 
steel machining. 

4. DISCUSSION 

4.1. Wear characteristic equation including 
abrasion effect 

As shown in Figs. 4 and 5, the thermally- 
activated adhesion wear model can be applied 
to both crater wear and flank wear of carbide 
tools in steel machining. Not only temperature 
and normal stress at the contact interface, but 
also metallographic changes such as the genera- 
tion of complex carbide compounds and the dis- 
solution of WC grains, play a part in the adhe- 
sion wear. In addition, the influence of abrasive 
particles dispersed within the steels becomes a p  
parent in the temperature range below 1,175 K. 
Figure 7 shows further crater wear characteristics 
of a P20 tool when machining various plain car- 
bon steels. Again, Eq. (4) sufficiently describes 
the crater wear, although the experimental points 
scatter around the characteristic line. It is ob- 
vious that as the percentage of carbon content 
is high, the wear rates increase throughout the 
whole temperature range. In general, a hard ce- 
mentite Fe& dispersed within pearlite increases 
with carbon content, which has an abrasion effect 
on tool wear [12]. The addition of deoxidation 
elements such as aluminium and silicon produce 
hard inclusions such as A1203 and Si02. To in- 
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Plain carbon steels 
0 0.46%C, tempered 
0 0.35%C, tempered 
0 0.25%C, tempered 
0 O.l5%C, tempered 

-9 0 0.15%C, annealed 

(O,vw,6,6,15,15,0.5) 
Depth of cut = 2 mrn 

10 

I 
7.0 8.0 9.0 10.0 

Fig. 7 Crater wear characteristics of P20 carbide 
tool in machining various plain carbon steels. 

vestigate how these hard particles influence the 
wear characteristic equation, the following simu- 
lation test is carried out [13]. 

Since it is difficult to mix and melt a large 
quantity of A1203 particles within a steel ma- 
trix without changing its mechanical properties, 
a 0.47%C carbon steel (4200 mm) with a unique 
V-shaped groove (the surface width is 5 mm) is 
turned as shown in Fig.8. The groove is filled 
with a mixture of bond containing plastic glue 
(20%), iron powder (80%) and A1203 powder 
(1,000 wt.ppm for the whole steel rod, 45%74 pm 
and 4105149 pm) as an abrasive. The compres- 
sive fracture strength of the mixture after solidi- 
fication is 120 MPa. Since the cut distance of the 
groove is 1/126 of the periphery of the bar, many 
A1203 particles within the groove instantaneously 
scratch the tool face with every revolution. 

Assuming that centact stress and tool temper- 
ature during machining is almost the same as 
those of the conventional work material, Fig.9 
shows the influence of the abrasive particles on 

Fig. 8 Setup for simulation experiment of abra- 
sion effect. 

T 
8.0 9.0 10.0 11.0 r 

1 - K-' 
e 

0-4 

Fig. 9 Influence of abrasive particles on flank 
wear characteristics: 0.47%C steel, P20 (-5,- 
6,5,6,15,15,0.4), f=0.2 mm/rev, d=2 111111, dry. 

the flank wear characteristics. The characteristic 
lines are translated almost parallel to the axes: 
the large particle size gives higher wear rates at 
the same temperatures. A similar tendency takes 
place for crater wear. The characteristic lines 
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without A1203 in Fig.9 do not coincide with those 
in Figs. 4 , s  and 7. This is due to different chem- 
ical composition and mechanical properties of the 
latest P20 tool. 

The experimental results and discussion so far 
make it clear that throughout the whole temper- 
ature range, abrasion as well as adhesion appears 
in the tool wear characteristics. According to the 
abrasion theory [14], the wear rate dW/dL per 
unit area is given by 

dW ot 
- = 6- 
dL H' 

where K. is a constant depending on the shape and 
amount of abrasive particles and HI is the hard- 
ness of a harder material (a cutting tool here). 
When introducing a temperature effect similar to 
the relationship (3), ie 

into Eq. (8), we obtain 

= C: exp (2) 1 dW 
-~ 

ot dL 

(9) 

The abrasives are distributed within the steel 
matrix, including ferrite, austenite, pearlite and 
grain boundaries. As the interface temperature 
between the matrix sustaining the abrasives and 
the tool rises, the matrix softens and therefore its 
rigidity decreases. This is the reason why the con- 
stant K has the temperature dependency given by 
the relationship (9). When Eq. (10) is combined 
with EQ. (4), the total wear rate may be given as 

Since the constants in the right-hand terms 
have different specific values (C,>>Ci and Cz>CL 
as shown in Figs. 4 and 5), Eq. (11) can describe 
the wear characteristics that have a folded charac- 
teristic line. Consequently the mechanism of the 
tool wear consists of both adhesion and abrasion 
which largely depends on temperature at the in- 
terface. There is a critical temperature of 1,175 K 
for the P20 carbide tool at which abrasion ceases 
to be the predominant factor and above which 

adhesion predominates. Moreover, in the higher 
temperature range the wear equation (4) based on 
the thermally-activated adhesion model describes 
tool wear in which the characteristic constants C1 
and Cz are not affected by the variation of steels. 
This may be attributed to the formation of a Fe- 
W-Co carbide compound at the interface. In the 
lower temperature range a similar wear equation 
(10) holds, based on the temperaturedependent 
abrasive model in which the constants are ob- 
viously dependent on the carbon content of the 
steels. 

4.2. Analytical prediction of tool wear 
Once the constants involved in Eq. (11) are 

thus determined, tool wear can be predicted, to- 
gether with estimations of temperature and nor- 
mal stress on the tool face. The energy method 
[15] or the h i t e  element machining simulation 
[16] can be employed for the prediction of tool 
wear; however, the determination of the wear 
characteristic constants needs sophisticated ex- 
perimental techniques and is time-consuming. In 
this paper a prediction method that combines the 
energy -;:hod with the evaluation of the wear 
constants is newly proposed. 

Figure 10 shows this proposed method. Based 
on orthogonal cutting data, the chip shape, 
cutting force and tool-face stress in three 
dimensional machining can be determined so as 
to minimize the total cutting energy [15]. Tool- 
face temperature is analysed numerically using 
the obtained cutting model, heat source and ther- 
mophysical properties. Although for a specified 
combination of tool and work materials wear data 
on dW/dL under several cutting conditions are 
required, the characteristic constants can be de- 
termined, assuming that Eq. (11) holds. As a 
result, the wear rate dW/dL on the tool face is 
evaluated under a wide range of cutting condi- 
tions, excepting initial breakdown of the cutting 
edge and deep groove or notch wear. 

Figure 11 demonstrates the predictions of 
crater wear, rake temperature and normal stress 
when a,n 18%Mn-5%Cr alloy steel is turned us- 
ing a P20 tool at a cutting speed of 120 m/min, 
a feed of 0.2 =/rev, a depth of cut of 2 
mm and without coolant. The tool geometry 
is (0,0,6,6,15,15,0.5) and the cutting time is 40 
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Tool wear data: constants: 
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dW 
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d L  
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I 
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Wear profile and progress curves: 
KT-Tand VB-T 

Fig. 10 Prediction system for tool wear based on the energy method and wear characteristic quation. 

.---; 
- e  K 
---at  GPa 

(b) 
Fig. 11 Predicted (a) crater wear, and (b) tem- 
perature and normal stress at cutting time of 
40 s: 18%Mn-5%Cr steel, P20 (0,0,6,6,15,15,0.5), 
V=120 m/min, f=0.2 mm/rev, d=2 111111, dry. 

s. The finite difference method [4] is employed 
for the temperature calculation. The details of 
the energy method are shown elsewhere [15, 171. 

0 1 2 3 4 
Cutting time T min 

Fig. 12 Comparison of predicted crater wear 
progress curves with experiment: cutting condi- 
tions are the same as Fig.11. 

Figure 12 shows the progress of the maximum 
crater depth KT with time for the P20 tool 
with wear characteristic constants of C1=22.45 
m2/MN, C2= 21,770 K and Cl,=C;=O. Good 
agreement between the prediction (solid lines) 
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(b) V=1.33 m/s 
Fig. 13 Comparison of predicted flank wear 
progress curves with experiment: cutting condi- 
tions are the same as Fig.11. 

and the experiment (dashed lines) can be seen 
at every cutting speed. 

Figure 13 shows the flank progress curves with 
time (a) at a cutting speed of 120 m/min and (b) 
80 m/min, where an initial wear width of 0.1 mm 
is postulated. Both predicted maximum wear and 
mean wear width ( V B ) ~ ~  and VB respectively do 
not agree well with experiment (dashed lines), but 
the wear rates d(VB)max/dT and d V B / d T  show 
good agreement. Deep groove or notch wear at 
the major cutting edge is not predicted by the 
present method. Further investigation into eval- 
uations of initial breakdown and notch wear is 
needed to enhance the suitability of the present 
prediction system shown in Fig.10. 

5. CONCLUSIONS 

Wear characteristics of various, mainly carbide, 
cutting tools in steel machining has been investi- 
gated experimentally. Using the measured wear 
rate, contact stress and tool temperature, the 
suitability of a wear characteristic equation based 

on the thermally-activated adhesion wear model 
has been discussed. The major results obtained 
are summarised as follows: 
(1) For crater wear of carbide tools, the 

thermally-activated adhesion wear model 
holds for the machining of plain carbon 
steels, high manganese steels and austenitic 
stainless steel using a P20 carbide tool, in 
which the characteristic constants involved 
in the wear equation are independent of the 
work materials. 

(2) A P40 carbide tool including a higher per- 
centage of cobalt than its P20 counterpart 
yields higher wear rates at the correspond- 
ing interface temperatures. 

(3) For flank wear of the P20 tool a similar wear 
characteristic equation to crater wear holds 
in the temperature range above 1,175 K, but 
in the lower temperature range the constants 
involved in the wear equation are largely dif- 
ferent from those for crater wear, being de- 
pendent on the carbon content of the plain 
carbon steels. 

(4) Although an alumina ceramic tool shows 
a temperature-insensitive nature, a critical 
temperature distinguishing adhesion from 
abrasion also appears around 1,175 K. 

( 5 )  A simulation experiment for the verification 
of an abrasion effect by hard particles dis- 
persed within steels results in the coexis- 
tence of adhesion and abrasion throughout 
the whole temperature range. 

(6) A wear characteristic equation given as 

1 d W  
at d L  - ~1 exp (2) + C: exp (2) 
is proposed to describe both crater and flank 
wear, where d W / d L  is the wear rate per 
unit area, at is the contact normal stress, 
6 is the tool temperature at the interface; 
and C1, Ca, Ci and Ca are constants to be 
determined for a combination of tool and 
work materials. The equation combines the 
thermally-activated adhesion model with a 
temperature-dependent abrasion model. 

(7) An analytical prediction method combining 
the energy method with the estimation of the 
wear characteristic constants is proposed, 
its suitability being demonstrated when an 
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18%Mn-5%Cr alloy steel is turned using a 
P20 single point tool. 
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findmental study of nanc+scale machining using bubble raft model 
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4-12-1 Nakanarusawa, Hitachi 316, Japan 

The bubble raft model has been employed to investigate the cutting mechanism in nano-scale machining. 
The present paper first describes the instrumentation and measurement, then examines the influence 
of cutting conditions and tool geometry on chip formation and subsurface damage. Damage caused 
by edge dislocations increases with increasing depth of cut, or tool edge radius, or both. Atomistic 
defects, including vacancies and grain boundaries initially induced into the model, cause the damage to 
develop. These phenomena have been successfully visualized by means of the behaviour of soap bubbles. 
The experimental results are compared with those obtained by the molecular dynamics simulation of 
orthogonal machining of a copper single crystal. Qualitative agreement between the bubble raft model 
and the MD simulation can be seen with respect to basic cutting phenomena including chip formation 
and suhurface damage, in which a similar deformation mechanism through dislocations plays a primary 
role. Interaction between tool and workpiece is also a key factor in nano-scale machining. 

1. INTRODUCTION 

Recent developments in the precision machin- 
ing of X-ray mirrors and magnetic memory discs, 
by means of the diamond turning of copper 
and aluminium alloys using high-rigidity ma- 
chine tools, generate surface accuracy of sub- 
micrometre order [l]. There is a growing demand 
for developing more precise or ultra-precision ma- 
chining in which a removal at an atomistic level is 
an ultimate goal. To establish nano-scale machin- 
ing technologies including developments in micro- 
machine devices, monitoring and machine con- 
trol, and the optimisation of cutting conditions, 
it is vital to clarify cutting phenomena such as 
chip formation, cutting force, surface roughness 
and sub-surface damage at feeds of a few atom- 
istic layers. 

Molecular dynamics (MD) simulations have 
been employed for this purpose, and the physi- 
cal aspects are partially understood with respect 
to: the dependence of the specific energy on the 
depth of cut [2], the role of dislocations on chip 
formation [3], the minimum depth of cut for pro- 
ducing chips [4], tribological phenomena [5] and 
three-dimensional chip formation [6]. However, 
there remain problems of uncertainty of the po- 

tentials used and spatia.l/time limitations in these 
computer experiments. 

MD simulations involve tracking the motion of 
atoms and molecules as a function of time. Typi- 
cally, this motion is described by Newton's equa- 
tions of motion and yields a set of 3N second- 
order differential equations, where N is the num- 
ber of particles. These can be solved with finite- 
timestep integration methods, typically tenths to 
a few femtoseconds [7]. Most current simulations 
then integrate for up to a total time from picosec- 
onds to only a few nanoseconds for a system of 
N=lOOO-10000, despite the advent of much faster 
computers. The classical equations of motion re- 
quire a method for calculating the forces between 
atoms. Currently there are two approaches: the 
first assumes that the potential energy of the sys- 
tem as a function of the relative atomic positions 
of the atoms can be represented in a mathemati- 
cal form that contains some free parameters. The 
parameters are then chosen to describe some set 
of physical properties of the system of interest, 
and forces are obtained by taking the gradient of 
the potential energy with respect to atomic posi- 
tions. The second approach involves the calcula- 
tion of interatomic forces directly from an ab ini- 
tio electronic structure calculation [8]. However, 
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there is no guarantee of the accuracy of either ap- 
proach in obtaining the forces from a potential or 
a semiempirical electronic structure calculation; 
poorly chosen parameterisations and functional 
forms can yield nonphysical forces. It is clear that 
uncertainty of the calculation of forces as well as 
spatial/time limitations in current MD simula- 
tions necessitate an experimental verification of 
the simulation models. 

In the present study the bubble raft model [9] is 
employed to investigate nanescale cutting mech- 
anisms as well as to make a comparison with the 
MD simulation [5]. Describing the experimenta- 
tion, we demonstrate the influence of tool edge 
radius, depth of cut and crystal imperfection on 
chip formation and subsurface damage. The sim- 
ulation experiments using soap bubbles assume 
that a (111) plane of an fcc crystal is cut using a 
rigid tool in a [lOi] direction. The experimental 
results are compared with those obtained by the 
MD calculation [5], where orthogonal machining 
of a (111) plane of a copper single crystal using a 
diamond-like tool at  a cutting speed of 20 m/s is 
simulated, postulating the Morse potentials and 
a system of 2496 copper atoms and 120 carbon 
atoms. 

2. EXPERIMENTATION 

According to Bragg’s instrumentation [9], a 
large population of soap bubbles can be formed 
on the surface of a soap solution by blowing com- 
pressed air into it through a narrow orifice of 0.05 
mm diameter. The soap solution consists of 15.2 
ml of oleic acid diluted by 50 ml of distilled wa- 
ter, 73 ml of 10% solution of tri-ethanolamine and 
164 ml of pure glycerine. This is diluted in three 
times its volume of water to reduce viscosity. The 
orifice is set about 5 mm below the surface, and 
the air pressure, supplied by a small compressor, 
is controlled by a water manometer. Figure 1 
shows a schematic diagram of the experimental 
apparatus. A cutting tool made of an acrylic 
board is driven by a step motor to yield a cut- 
ting action against the bubbles in a container. 
Cutting force is measured using two force sensors 
with a four-gauge measurement of the deflection 
of double cantilever springs positioned at the bot- 
tom and the front of the soap assemblage. The 
bottom of the container is blackened to show up 

Compressor Step motor 

Fig. 1 Nano-scale machining simulation appara- 
tus using bubble raft model. 

each bubble more clearly. During machining the 
behaviour of the bubbles is recorded by a 35 mm 
camera or an 8 mm videotape recorder. 

Assuming that a (111) close packed plane of an 
fcc copper single crystal whose lattice constant is 
3.61 A is cut in a [lo11 direction, a bubble di- 
ameter of 1.2 mm is correspondent to a nearest- 
neighbour distance of 2.55 A on the plane. This 
scale transformation is applied to the determina- 
tion of tool edge radius. The cutting speed is set 
at 1.1 mm/s, whereas the MD simulation [5] as- 
sumes 20 m/s which corresponds to a speed of 
6 . 6 5 ~ 1 0 ~  m/s in the bubble model. The equiv- 
alent tool edge radius is set at 0, 3 and 5 nm, 
and the depth of cut at 1 and 2 nm. The influ- 
ence of these parameters on chip formation and 
subsurface damage will be investigated for both 
perfect and imperfect crystals including vacancies 
and grain boundaries. 

3. CHIP FORMATION AND SUB- 
SURFACE DAMAGE 

3.1. Influence of depth of cu t  and tool edge 

Figure 2 represents a snapshot of the behaviour 
of bubbles at a depth of cut of t= l  nm with vary- 
ing tool edge radius: (a) r=3 nm, (b) 5 nm and (c) 
0. When the edge radius is small ((c) and (a)), 
disorder of the bubble structure in the vicinity 
of the tool tip is light. In addition, the bubbles 
above an extension line of the bottom of the tool 
edge are removed as a chip by the cutting action. 
As a result, disorder of the machined surface and 

radius 
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Fig. 2 Behaviour of soap bubbles, showing the 
influence of depth of cut (t=l nm after scaling) 
on chip flow and subsurface damage: (a) tool edge 
radius r=3 nm, (b) 5 nm and (c) 0, when using 
acrylic tool at cutting speed of 1.1 mm/s. 

subsurface damage are negligibly small. In the 
case of (b) r=5 nm, on the contrary, the bubbles 
expected to be removed are indented below the 
bottom of the tool edge, edge dislocations propa- 
gating from the tool tip several depths of cut into 

Fig. 3 Behaviour of soap bubbles, showing the 
influence of depth of cut (t=2 nm after scaling) 
on chip flow and subsurface damage: (a) tool edge 
radius r=3 nm, (b) 5 nm and (c) 0, when using 
acrylic tool at cutting speed of 1.1 mm/s. 

the work piece. 
Figure 3 depicts a similar snapshot to Fig.2 but 

with the depth of cut doubled, t=2 nm. Com- 
pared with Fig.2, the indentation phenomenon 
becomes more apparent at r=3 nm and 5 nm. 
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Edge dislocations are frequently generated from 
the tool tip and propagate in the directions of 60' 
and 120' against the cutting direction. Thus lat- 
tice strain in the bubble structure caused by ma- 
chining is not released by the elastic indentation 
of the layers but relieved by the rearrangement 
of bubbles through dislocations. Disorder of the 
bubbles is extended in front of the tool tip as the 
tool edge radius increases: in particular, an arch- 
shaped grain boundary can be seen at r=5 nm. 
An ideal tool of r=O, on the other hand, does 
not show such structural disorder, but generates 
a perfect chip; all the bubbles above the bottom 
of the tool edge are removed as a chip. 

3.2. Influence of vacancies and grain 
boundaries 

Figure 4 represents a snapshot of the behaviour 
of bubbles at t=2 nm and r=3 nm where many 
vacancies and dislocations are introduced in the 

Fig. 5 Behaviour of soap bubbles with existing 
grain boundaries, where the difference of cut dis- 
tance between (a) and (b) is 24 mm. 

workpiece before machining. The dark spots in 
the figure denote vacancies, and the grey line 
segments edge dislocations. With the tool move- 
ment, (a) to (b), edge dislocations frequently nu- 
cleate from the tool tip and penetrate into a deep 
portion within the workpiece via vacancies. Some 
vacancies close to the tool tip disappear to serve 
as the rearrangement of the bubble structure. As 
a result, deeper subsurface damage than in Fig.3 
(a) can be seen. 

Figure 5 shows the influence of interfacial de- 
fects or grain boundaries on chip flow and subsur- 
face damage at t=2 nm and r=3 nm. Although 
edge dislocations generated at the tool tip pene- 
trate the workpiece, the grain boundary prevents 
them from propagating outside the grain; subse- 
quent subsurface damage caused by machining is 
confined within the grain. In addition, another 
grain starts forming below the tool flank. Fig- 
ure 5 (b) shows that the grain boundary ahead 

- 

Fig. 4 l3ehaviour of soap bubbles with existing 
vacancies, where the difference of cut distance be- 
tween (a) and (b) is 12 mm. 
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of the tool edge as shown in Fig.5 (a) disappears 
after machining. With the advancement of the 
tool the other grain boundary ahead of the tool 
edge as shown in Fig.5 (b) changes its shape and 
a subgrain starts to generate by means of a rota- 
tion of the existing grain. There is deeper subsur- 
face damage than in the cutting of a single crystal 
(Fig.3 (a)), though the chip shape is almost the 
same. 

4. DISCUSSION 

4.1. Cutting mechanism of soap bubbles 
The metal cutting mechanism at feeds in the 

nanometre range is largely affected by an atom- 
istic interaction between tool and work atoms [5, 
lo]. In the cutting simulation using the soap 
bubbles, an acrylic board was used as the tool. 
Since i t  has a high affinity for soap bubbles, it is 
observed that the bubbles removed as a chip or 
those generated as a machined surface adsorb on 
the tool rake face or the tool flank. The cutting 
experiment is therefore carried out using a tool 
made of Teflon whose affinity for soap bubbles is 
much lower. 

Figure 6 shows the chip formation and sub- 
surface damage obtained using the Teflon tool at 
t=2 nm with various tool geometries: (a) r=3 
nm, a=Oo, y=30", (b) r=O, a=Oo, y=3Oo, and 
(c) r=O, a=1O0, y=2Oo, where (Y is the rake angle 
and y is the clearance angle. In the comparisons 
of Fig.6 (a) with Fig.3 (a) and Fig.6 (b) with Fig.3 
(c), the bubbles still adsorb on the tool faces, but 
the cutting action is enhanced; the Teflon tool 
produces more work bubbles as a chip. By setting 
a larger clearance angle, the machined surface is 
generated closer to the tool tip, leading to less 
subsurface damage. The level of the machined 
surface, however, is below the bottom of the tool 
edge due to the adsorbate on the tool flank. The 
increase of the rake angle (Fig.6 (c)) produces a 
thinner chip as compared with the zero rake-angle 
tool (Fig.6 (a)). Thus, chemical affinity as well as 
tool geometry influences the cutting mechanism 
of the soap bubbles. 

The generation and propagation of edge disle 
cations in the vicinity of the tool edge play a ma- 
jor role in nano-scale machining. It is interesting 
to note that the deformation pattern resembles 
a slip line field for the deformation of a perfect 

Fig. 6 Behaviour of soap bubbles when using 
Teflon tool with various geometry: (a) tool edge 
radius r=3 nm, rake angle a=O0, clearance an- 
gle r=30", (b) r=O, a=Oo, y=3Oo, and (c) r=O, 
a=loo, y=2O0. 

plastic material caused by the sliding of a rigid 
twedimensional wedge. Figure 7 shows a steady 
state slip line field for the plastic deformation of 
a soft asperity by a hard asperity [ll], where no 
adhesion between the wedge and the substrate is 
postulated. As compared with Fig.3 (b), the ve- 
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Fig. 7 Slip line field for the deformation of a per- 
fectly plastic material caused by the sliding of 
a rigid twedimensional wedge from right to left 
[111* 

Cu single crystal 
Diamond (111) plane 
2498 Cu, 120 C 
Newton’s equation 
Morse potential 
Verlet’s method 
300 K 
10 fs 
20 m/s 
1IUIl 

O0 
3 nm 
(111) 
[ioi] locity discontinuity along ABCD coincides with 

an arch-shape grain boundary formed just ahead 
of the tool edge. This correspondence suggests 
a similarity in deformation mechanism between 
nano- (soap bubbles in a strict sense) and macro- 
scale machining. cu-cu cu-C 

D, eV 0.3429 0.100 
a, A-1 1.3588 1.700 
To, A 2.6260 2.200 

4.2. Correlation between bubble raft 
model and MD simulation 

The results obtained by the bubble raft exper- 
iment are compared with those by the MD sim- 
ulation [5]. The simulation model is outlined in 
Table 1, where a (111) plane of a copper single 
crystal is orthogonally machined in a [ 10x1 direc- 
tion, postulating the Morse potentials: 

(b(~ij)  = D[exp{ -2a(rij -r0)}-2 exp{a(ri,-~o)}] 

(1) 
where (b is a pair potential energy function, rij 

is the relative distance between two atoms and 
D, a and TO correspond to the cohesion energy, 
the elastic modulus and the atomistic distance 
at equilibrium respectively. Table 2 lists the pa- 
rameters of Morse type potentials. The cutting 
conditions, except cutting speed, correspond to 
those in Fig.2. 

Figure 8 represents a snapshot of the work 
a t o m  at a total time step of 60,000, ie a cut dis- 
tance of 12 nrn, in the cases of (a) r=3 nm, (b) 5 
nm and (c) 0. The symbols o and 0 indicate re- 
spectively the instantaneous temperatures below 
and above 1,000 K which are simply converted 
from the kinetic energy of the atoms. Figure 9 

c-c 
2.423 
2.555 
2.522 

shows the trajectories of the work atoms corre- 
sponding to Fig.8, where the translation of the 
straight parallel lines by one layer denotes the 
occurrence of shear deformation due to the prop 
agation of edge dislocations. A similarity in the 
structural disorder caused by machining can be 
seen between the bubble experiment (Fig.2) and 
the MD simulation (Figs.8 and 9). As the tool 
edge radius increases, the material removed as a 
chip decreases and subsurface damage becomes 
more severe; in particular, the indentation be- 
haviour and an arch-shaped deformation bound- 
ary ahead of the tool tip can be also seen in Fig.9 
(b). However, the movement of the work atoms 
in the deformation zone is more active in the MD 
simulation. This difference stems from the cut- 
ting speed used between the two models: 20 m/s 
vs 1.1 mm/s. 

Figure 10 compares the change of cutting force 
with time in the cases of (a) the bubble raft model 
(Fig.2 (a)) and (b) the MD simulation (Fig.8 (a)), 
where FH is the horizontal component and Fv 
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Fig. 8 Behaviour of work atoms and the distri- 
bution of temperature in machining (111) plane 
of perfect copper crystal with various tool edge 
radius: (a) r=3 nm, (b) 5 nm and (c) 0. 

the vertical one. The time step in the MD simu- 
lation is 10 fs, and the force is monitored at every 
50 steps. The bubble experiment gives a higher 
FH than Fv with fewer fluctuations, which arises 
from the adsorption of soap bubbles onto the tool 
flank and a quasi-static deformation at a cutting 
speed of 1.1 mm/s. In both models macroscopic 
shear in the workpiece caused by the movement 
of edge dislocations results in peaks in the cutting 
force. 

The role of atomistic defects introduced in the 
bubble raft model, such as the formation of sub- 
grains and enhancement of structural disorder, is 

Fig. 9 Changes of atomic layers in [loll direction 
in machining (111) plane of perfect copper crystal 
with various tool edge radius: (a) r=3 nm, (b) 5 
nm and ( c )  0. 

also simulated in the MD calculations [4, 121. 
To make a quantitative comparison between 

the two models it is vital to determine the pa- 
rameters in pair potentials of the soap bubbles, 
and of the soap bubbles and the tool. This will 
not be straightforward and needs sophisticated 
techniques undeveloped at present. Even though 
the potential shape may be identified, the differ- 
ence in time-scale or cutting speed in both models 
is inevitable due to lack of computational power. 
These are the present limitations of the compar- 
ative approach. 
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Fig. 10 Variation of cutting force at t= l  nm and 
r=3 nm: (a) bubble raft model and (b) MD sim- 
ulation. 

5. CONCLUSIONS 

In the present study the bubble raft method ac- 
cording to Bragg and Nye (91 has been employed 
to investigate the nanescale cutting mechanisms 
of soap bubbles as well as to make a comparison 
with molecular dynamics simulations of a copper 
single crystal. The major results obtained are 
summarised as follows: 
(1) Assuming that a (111) plane of an fcc crys- 

tal is machined using a rigid tool in a [ l O i ]  
direction, cutting conditions and tool geom- 
etry substantially affect chip formation and 
subsurface damage of the bubble workpiece. 
When the tool edge radius is small and/or 
the depth of cut is small, displacement of 
the bubbles is limited to be at or just below 
the machined surface, and more work bub- 
bles are removed as a chip. 

(2) Existing vacancies and edge dislocations in 
the soap bubbles result in further disorder 
of the bubble structure owing to the interac- 
tion between the defects and the dislocations 
propagated from the tool tip. 

(3) Qualitative agreement between the bubble 
raft model and the MD simulation can be 
seen with respect to basic cutting phenom- 
ena, including chip formation and subsur- 
face damage in which a similar deformation 
mechanism through dislocations plays a pri- 
mary role. The interaction between tool and 
workpiece is also a key factor in nanescale 
machining. 

(4) To make a quantitative comparison between 
the two models it is vital to determine a 
pair potential between soap bubbles. The 
introduction of appropriate interaction be- 
tween the bubbles and the cutting tool is 
also essential. The advent of much faster 
computers is required for this comparative 
approach. 
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EHL TRACTION IN TRACTION DRIVES WITH HIGH CONTACT PRESSURE 
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Traction Drives have been considered as smooth and efficient power transmitters and much effort has been 
carried out to investigate traction. Traction theories proposed by Johnson and Tevaarwerk and by Bair and Winer 
seem to satisfy many tribologists and engmeers. However, recent experimental results show some discrepancy 
from those previously reported. In this paper traction theories and experiments are briefly Qscussed and 
compared with the authors’ traction results under high contact pressure, high speed and h g h  temperature. 

1. INTRODUCTION 

Traction was once a vibrant and active research 
topic in EHL, however, recently such enthusiasm 
seems to have waned as far as published papers are 
concerned. This decline in interest may be 
attributable to several reasons including the 
following: researchers are impatient with the rate of 
progress in acheving practical traction drives 
(especially automotive CVT), and the traction 
mechanism is considered to be explained by the 
Johnson-Tevaanverk theory or the Bair-Winer theory. 

However, the attempt to apply traction drives to 
CVT (Continuously Variable Transmission) for 
automobiles has been carried out steadily and without 
ceasing, so the technologcal possibility of practical 
realization is much closer at hand today than ever 
before. Practical CVT is subject to extremely severe 
operating conditions including high contact pressure, 
hgh  speed and high temperature. For practical 
applications, a variety of special traction oils have 
been developed. though only a few kinds have proved 
to be successful. 

Oils with high traction coefficient were 
investigated and found to have some properties that 
are dBerent from ordinary lubricants”. We 
measured traction properties by means of a four-disc 
machne and a two-disc machine with a special 
traction oil and examined their traction properties. 
Some unusual properties were noted when compared 
with conventional theories. 

2. Traction Theory 

Evans and Johnson made full Qscussion on 
rheologcal properties and traction regimes ten years 

Since those review papers, the situation of 
traction has not changed much. Next the history is 
described briefly. 

Traction estimation based on the assumption of 
Newtonian fluid was abandoned soon, as the 
estimated traction was too large at high contact 
pressure, particularly when pressure coefficients of 
viscosity were based on Barus relation. 

In the 1960s and 70s nowNewtonian effects of 
fluid on traction were investigated widely4’. With a 
few lubricant rheological properties considered, 
traction characteristics were formulated. Hirst and 
Moore5’ revealed that lubricant rheology became 
intrinsically non-linear under conditions that were 
very close to isothermal. And viscosity was found to 
be a function of shear stress rather than shear rate, in 
accordance with the Eynng model of viscous flow6). 
Moore recently made a detailed review on lubricant 
rheology in EHL contacts”. 

Two models were widely regarded to be the most 
reliable models, and both are based on the visco- 
elastic model. Johnson and Tevaarwerk” analyzed 
and measured traction curves taken by means of a two 
disc machme and proposed a non-linear visco-elastic 
model with Eynng stress. The formula is shown in 
equation (1). It is a three-parameter model whch, 
for unidirectional shear, relates the shear stress r to 
the shear rate by 

(1) 
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where G and 7 are the elastic shear modulus and 
viscosity of the lubricant; T is a reference stress 
whch is called the ‘Eyring stress’. All three 
properties of the lubricant vary with pressure p and 
temperature f3 

Though equation (1) predicts that the shear stress 
increases without limit for a fluid with a constant 
viscosity, whenever the shear rate is increased. But 
in fact, a limit exists for the shear stress. 
Temperature of fluid rises by shear of the contact, 
hence the viscosity of fluid decreases and the shear 
stress decreases too. 

From experiments performed by researchers in 
other fields, evidence indicates the existence of a 
glass transition of lubricating fluids at high pressure. 
Barrow et a19) described that any fluid acts as an 
amorphous solid, that is, glass transition, around the 
viscosity of 10” Pa-s. However, the glass transition 
is influenced by the time as shown in Fig.1’”. 
Namely, as time shortens (frequency increases) the 
glass transition pressure decreases so the transition 
viscosity decreases. 

10Pa. s 
\ 10:Pa.s IOOkHz 

120 * 80 

J 40 
E 

k! 

g o  
-40 
-80 

COMPRESSION 

X LIGHT SCAlTERING 
VISCOSITY 

I 
~~ ~ ~~~~ 

0.2 0.6 1 .o 1.4 
Pressure, GPa 

Fig.1 Glass Transition Diagram (Naphtenic Oils) 

Maximum traction coefficient was regarded as the 
cause of solidification of lubricant, regardless 
whether it is glass or plastic. Thereafter, the 
existence of a limiting shear stress as a property of 
fluid was proved by the experiments of Bair and 
Winerl’.12’ . Bair made an in-depth review relating to 
high pressure rheology of lubricants in 199413’. 

Bair and Winer’s formula for traction was 
expressed as equation (2). 

where z is a limiting shear stress. 
To investigate the behaviour of lubricant, Bair and 

WinerI4) and Bair et a1 15) conducted flow 
visualization experiments for thin oil films to 
demonstrate the presence of localized shear bands. 
Solidlfication of lubricant was confirmed by other 
researchers but the experimental conditions were 
usually long time-scale and rather static. Hoglund 
and JacobsonI6) measured the limiting shear stress 
according to the following formula. 

7L = 70 -k y a p  
where Y is the slope of the limiting shear stress- 

pressure relationstup. 
However, in EHL contact the pressure impulse is 

around a millisecond. The rheological behaviour 
may be non-equilibrium. To cope with such a 
difficult timespan Wikstrom and Hoglund’” used a 
jumping ball method and measured limiting shear 
stress. Measured y was on the same order as those 
by Hoglund and Jacobson16’ whose range was 0.02- 
0.15. 

Equations (1) and (2) are formulated from different 
rheological viewpoints, but actual conditions of EHL 
traction cannot be clearly separated llke that. The 
shear stress-shear rate relationship is divided into 
four regimes as shown in Fig.2. Namely, A) 
Newtonian viscous behaviour where the lubricant 
behaves as a Newtonian liquid and shear stress rises 
in proportion to shear rate. B) Non-Newtonian 
(Eyring) viscous behaviour; C) both linear elastic and 
non-linear viscous behaviour, and D) linear elasticity 
and a limiting shear stress. 

(3) 

Strain rate y = AU / h 

A: Newtonian B: Eyring C:viscoelastic D:elastic-plastic 

Fig.2 Traction curves with different models2’ 
isothermal shear heating 
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It is not easy to separate the regime IV from the 
regme 111. A similar curve in regime IV can be 
derived by the visco-elastic model with consideration 
of thermal effect as mentioned above. 

Two types of traction dnves are used in industry, 
one type is to transmit rotation. In tlus case, contact 
pressure and speed are not high. The other type of 
traction dnve is used to transmit power with h g h  
efficiency, and in h s  case, contact pressure is usually 
high and traction regime corresponds to regme IV or 
111 in Fig. 2. Traction drives for automobile 
application are subjected to very h g h  contact 
pressure, high speed and high temperature. Traction 
analysis of such application, therefore, can be treated 
in two ways as mentioned above. 

3. Traction Measurements since Johnson- 
Tevaarwerk Analysis 

3.1 Muraki-Kimura’s work 
A four-disc machine is capable of obtaining very 

low slide/roll ratio and is useful for traction research. 
Muraki and I(lmura’8-22’ carried out extensive work 
on traction and made analytxal examination based on 
Johnson and Tevaarwerk’s viscoelastic model with 
some modfications. Basically their method involves 
curve fitting, wluch the authors will use in the 
analysis of t h s  paper too, in order to derive 
rheologcal parameters, a, G, 70, and further 
temperature rise are considered. They used central 
film thickness as an average film thickness, 
considering compressibility of lubricant. An 
approximate formula is as ~ O I I O W S ~ ~ ’ .  

- 

isothermal analysis 

_ -  I 

Slide/roll ratio 

Fig.3 Traction curve and its regime 

P 

PP 
h =  1 . 3 3 2 h -  (4) 

where h- is derived by Dowson-Higgmon’s 
formula. p o  is fluid density at inlet and p p  is the 
density at max. pressure. 

The temperature rise of lubricant only influences 
the viscosity, namely causes a reduction in viscosity. 
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a) low slide/roll ratio region 
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b) high slide/roll ratio region 
Fig. 4 Comparison between analysis (Muraki- 

Kimura) and Measurement (Johnson-Cameron) 
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The reduction of the lubricant viscosity induces a 
reduction of traction in the regon of h g h  slide/roll 
ratio as shown in Fig.3. Their prediction agreed well 
with existing traction curves and their own traction 
curves. Comparisons with Johnson and Cameron24’ 
are shown in Fig.4. 

Fig. 4 a) shows the results for the low slideholl 
ratio regon and b) shows the results for the hgh  
slideholl ratio region where the effect of temperature 
rise is signrficant. Their predctions correspond well 
with experimental tractions, though some physical 
properties had to be assumed. 

As Fig. 4 indicates, traction can be expressed by 
visco-elastic properties of lubricant only with the 
consideration of temperature rise. They also found 
the calculated E , pressure-viscosity coefficient of 
lubricant, corresponded well with those obtained by 
independent measurements. 

They also proposed a simplified formula to predict 
maximum traction coefficient with sufficient 
precision as shown in equation ( 5 ) .  

- 
P m a x  - - P + 13.37, 

For the definition of the symbols, the original paper 
should be consulted. 

3.2 Kato et al’s work 
Interest in traction has been shown by the 

researchers of gears, as the ultimate gear with an 
infinite number of gear teeth. M. Kato et a1 have 
carried out extensive experimental and analytical 
work on traction”’. They have examined the effect 
of spin and skew and the effect of skew was found to 
be more s i m c a n t .  

As a model of traction, they used the limiting 
shear stress model by Bair and Winer. Their main 
interest is the maximum traction coefficient which is 
controlled by limiting shear stress. The most 
interesting feature of their experimental results is the 
relationship between contact pressure and maximum 
traction coefficient. They measured traction with 
traction oils, Santotrac oil and specially formulated 
traction oils, for a wide range of contact pressures, 
with different disc curvature but with a constant load, 
thus eliminating the effect of temperature rise. They 
also used ceramic discs in addition to steel discs. 

Typical results are shown in Fig. 5 .  In the region 
of low contact pressure, max. traction coefficient 
increases with increasing pressure as revealed by 

t- 1(=3.5r 4 I * - -  

A Si3N4 
0 Steel Santotrac 50 
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3 
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t t ~ . . l # . # . l . . , . l  313K 
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0 

Mean pressure, GPa 
Fig.5 Maximum traction coeff. vs mean pressure 
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Fig. 6 Maximum shear stress for Santotrac 503’ 

many experiments by other researchers. But max. 
traction soon reaches maximum value around at 
lGPa and ends to decrease with increasing pressure. 
However, they regard the max. traction coefficient as 
a constant above the threshold pressure in their later 
analysis. 

Kato et al’s results are compared with Evans and 
Johnson’s results”. Evans and Johnson predicted a 
more drastic decrease in the maximum traction 
coefficient for Santotrac 50 as shown in Fig. 6. 
Measured traction coefficient, in fact, did decrease a 
little for low temperature condition but still increased 
with increasing pressure for over 60 degC. 

Evans and Johnson proposed a simplified equation 
for maximum traction coefficient [see equation ( 6 ) ] .  
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Though equation (6) predicts a drastic reduction in 
traction with increasing pressure for Santotrac 50, the 
equation still predicts a further increase for a mineral 
oil HVI 650 and corresponds well to measured values 
as shown in Fig. 7. Kato et al's results may be 
speclfic to traction oils. 

3.3 Prediction of traction curve 
Though the visco-elastic model and the limiting 

shear stress model are related to lubricant rheology, 
there is another way to express traction curve which 
may be convenient for design calculations. Hamrock 

proposed the following equation. 

When n=1.8, equation(7) becomes Bair-Winer model, 
Gecim-Winer model 26) for n=2.8 and Hamrock's 
circular model for n=2. Basically the curves are 
based on the limiting shear stress model. 

4.Traction measurement at high pressure and 
high speed, and its analysis l)J'I)ss) 

4.1 Experimental results 
A fourdsc machine is capable of being set 

precisely at a very small slideholl ratio and is a very 
useful device to investigate traction properties under 
condltions such as low slip. However, the condltion 
is limited to no-spin contact. A two-disc machme can 
be used to measure traction for the case of contact 
with spin, whch is common in an actual CVT. In 
Fig. 9, the structure of a fourdsc machme is shown. 
Central disc and outer discs are dnven independently. 

In the case of traction dnve applied to CVTs for 
automobiles, operating conditions are often very 
severe. Namely, maximum contact pressure is very 
h g h  at 3 GPa or higher, rolling speed exceeds over 
30 m / s  and lubricant temperature goes up over 120 
deg C. Furthermore, only traction oils can be used in 
such CVT since high traction is essential. CVTs for 
automobiles were discussed at Leeds several years 
ago *') and the recent situation is summerized3"' 
elsewhere. 

To cope with such required conditions, a specially 
designed fourdm machine and a twodisc machine 
were built and traction measurement was carried out. 
Considering automotive CVT, test conditions were 

Outer disc 

Fig.9 Schematic diagram of a four disc machine 
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Fig.12 Effect of contact pressure on traction curve 

fixed as follows: the highest mean Hertzian pressure 
2.0 GPa (maximum pressure 3 GPa), the highest 
rolling speed 30 d s ,  the highest temperature 140 

degC. Traction oils used in t h s  study were specially 
formulated by Idemitsu Kosan Co. Ltd. and Santotrac 
50. The former's traction characteristics are similar 
to Santotrac 50, but it has a hgher traction 
coefficient at high temperature over 100 deg C. Also, 
its pressure coefficient of viscosity is similar to that of 
Santotrac 50. Therefore, the measured traction data 
can be related to the results obtained with Santotrac 
50 by other researchers. 

Examples of test results are presented. The effect 
of lubricant temperature is shown in Fig. 10, the effect 
of rolling speed in Fig. 1 1, and the effect of contact 
pressure in Fig. 12. As expected, temperature affects 
Maximum traction coefficient ( pmax considerably. 
Even at 120 degC pmU is goes up to over 0.07. 
Traction curves are almost identical regardless of 
speed. In high slideholl ratio region, hgher speed 
and hgher temperature reduce the traction force. 

pmax decreases with increase in contact pressure 
at such high pressure, though the degree is not big. 
A similar tendency was observed by Kato et a1 under 
a lower speed condition as shown in Fig.5. But 
previous experiments had always shown increase in 
traction coefficient with increasing pressure. It 
should be noted, however, traction force still 
increases with increase of pressure (load). 

4.2 Analysis of Rheological Parameters 
Experimental results were compared with the 

rheological traction models. To evaluate rheologcal 
properties alone the lateral elastic deformation of the 
dlscs was adjusted. Figs. 10 to 12 are the adjusted 
curves. 

There are two aspects in the design of CVT: one is 
the maximum traction coefficient whch determines 
the transmittable power, and the other is the traction 
property in the small slideholl ratio, wluch is related 
to efficiency of CVT, or loss of speed, loss of torque. 
loss of power. The former simply depends on the 
development of traction oils with high traction 
coefficient. The efficiency varies not only with the 
lubricant but also with the shape of contacts and 
material too. 

Therefore, description of t h s  region in 
mathematical terms is an essential step for optimum 
design. The Bair-Winer model and the Johnson- 
Tevaarwerk model are the models under 
consideration. The most probable rheological values 
were chosen to fit the traction curve in the small 
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slide/roll ratio region. 
1) elastic model 

In t h s  case, the only parameter is the shear 
modulus G. 

(8) 
. 1 .  
y = - 7  

G 
G is actually derived from equation (9). 

n . U  .h,,, 

b 

- 

(9) G =  

here, n: slope of traction curve, hen: central film 
duchess, b: semi-width of Hertzian contact. To 
calculate the film thickness, the inlet-shear heating 
was considered, but the compressibility of lubricant 
was not. 
2) non-linear viscous model 

Rheologcal parameters are Z and reference 
stress or Eyring stress f O .  Curve was fitted to the 
Eyring equation. 

(10) 
' 7 0  7 y=-sinh-- 

V N  7 0  

and 

70 is assumed to satisfy equation (12) and 700 and 
V N  = '70 .exp(E'p) 

70 = 700 + m . p  (12) 

(1 1) 

m are derived. 

As is usual in traction calculations, mean Hertzian 
pressure and parallel film were assumed. 

Fig.13 shows the comparison between the 
aforementioned models and measured traction. The 
visco-elastic model e h b i t s  better curve-fitting for a 
wider range of slideholl ratios, as expected, than the 
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Fig. 15 Comparison of Eyring stress 

derived parameters for both models. 
Fig.14 shows the derived shear modulus of 

lubricant G. G depends on contact pressure and 
increases with increasing pressure, but the obtained G 
value is independent of contact pressure, or shows 
some decrease. Also G is very small when compared 
with those derived from traction curves for low and 
medium pressure. Moore mentioned that the G 

0.0 0.5 1.0 obtained are always much lower than those indcated 
Slideholl ratio, % by independent forms of measurement7). As an 

example the values in Fig.14 are too small when the 
limiting shear stress ( 7 L  ) is calculated from the 

non-linear viscous model 

Fig.13 Comparison o f  models and measured traction 
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relationshp of equation (13). 
r L  = G I 3 0  (13) 

When G is derived from a traction curve, then G 
should be around 5 GPa. The dflerence is nearly 
order of magnitude. 

Then Eyring model was applied to the measured 
traction curves, and Eynng stress ( T o )  and pressure 
coeficient of viscosity ( Z  ) were derived. Present 
data were compared with the results obtained by 
others with Santotrac oil and other oils as shown in 
Fig. 15. The comparison shows considerable 
discrepancies from those reported so far. 

As may be clearly seen from Fig. 14, T of present 
analysis is very large and much hgher than the 
extrapolated values from the previous data. 

a was said to correspond well to the a when 
measured under static condition. a was measured 
with present traction oils by means of falling ball 
method’’ but over 1 GPa the ball did not fall, and 
there was a glass transition, even at the temperature 
of 120 deg C. Test pressure of 2 GPa (or maximum 
pressure 3 GPa) is much hlgher than glass transition 
pressure and a large Merence between a and Z 
was expected. The obtained Z was almost 113 of a . 

- 

5.Rheological properties in traction 

Ohno et a1 3 ’ )  measured fluid compressibility up to 
1.5 GPa and found the dmrepancy from the 
relationshp Dowson et a1 used3*’ for their EHL 
calculation, as shown in equation (14). 

1.1 

1 .o 

6 

0.9 

0 0.5 1 .o 
P , GPa 

Fig. 16 Change of density with pressure 

0 . 5 8 ~  
- 1+- P 

Po 1 + 1 . 6 8 ~  
_-  

where p : GPa. The result is shown in Fig. 16. 
From the density curve, they derived the bulk 
modulus. 

When the bulk modulus was correlated with ap , 
each oil showed a similar tendency as shown in 
Fig. 1733’. The curves are divided into three sections. 
namely, for ap >25 fluid is an elastic-plastic solid, 
for 25> ap >13 fluid is a viscoelastic solid and for 
1 3 > q  fluid is a liquid. They also found a good 
correlation between “plateau” K (over ap 25) and 
maximum traction coefficient32). 

Evans and Johnson’s traction map for Santotrac 
50 is shown in Fig. 1S3’. The boundary of the elastic- 
plastic regime is around ap =25 and corresponds 
well to Ohno et al’s results. But for mineral oil 
HVI650, the boundary is Merent.  

The conditions of the authors’ traction experiments 
are plotted in Fig. 18. When a is used, it refers to 
conditions relating to the elastic-plastic regime, on 
the other hand, when ?? is used, it refers to 
condtions relating to the Eyring regime 

6. Proposals and Conclusion 

The findings in the final part of the last section 
was the starting point of the author’s analysis. The 
authors are prepared to accept either model if it fits to 
the measured traction curves reasonably well but as 

t 
elastic-plastic 

solid 

I ,  , , , , , , , , I ’  I ’  

0 20 40 60 

a P  
- 

Fig 17 Relationship between bulk modulus and ap 
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Fig.18 Traction map for Santotrac 50 

mentioned above the derived values were rather 
contradictory. The analysis was limited to the small 
slideholl ratio region, because we are interested in 
t lus region to examine the efficiency of CVT. But, at 
the same time, the derived E (or viscosity qN ) was 
too small to obtain relevant results from thermal 
analysis. 

Much traction research has been done with 
mineral oils and di-ester oils, but for actual CVT only 
traction oils are used and they are still under 
development. The difference between the authors’ 
results and previous results may be induced by the 
lfference in lubricant or by the substantial difference 
in experimental conditions. 

Traction is usually analyzed with mean pressure 
and parallel film. However, at lugh pressure the 
difference between maximum pressure and mean 
pressure exceeds 1GPa. In such a situation, the 
assumption of average pressure may not be valid. 
Particularly, when spin and soli&fication are 
concerned, higher spin occurs in the region of low 
pressure, where the lubricant may still be a liquid. 
Analysis of spin was more easily handled with the 
visco-elastic model. 

Tlus may indicate what is required of future 
traction research as the next stage on the path toward 
a new traction theory. 

For designers and engineers, who are actively 
worlung to develop practical CVT, an approximate 
equation might be sufficient. Having said that, the 

A aP 

development of CVT is under way and even though it 
is approachmg a a final stage, we believe that it is 
still premature to offer an approximate equation, 
since further fundamental research is still needed to 
clarify certain aspects of the traction mechanism. 
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The effect of spin motion upon elastohydrodynamic elliptical contacts 
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In some highly stressed, lubricated machine elements like toroidal-type continuously variable 
transmissions (CVTs) and angular contact ball bearings, the elastohydrodynamic conjunctions 
experience some spin as well as rolling motion. In  this study, isothermal elliptical 
elastohydrodynamic lubrication (EHL) problems have been solved numerically with various spin 
angular velocities incorporated with rolling motion, for a Newtonian lubricant, assuming smooth 
surfaces on the pair of contacting bodies. A computational programme was developed to solve the 
elliptical EHL problem with spin motion by using the forward-inverse combined technique. 

1. INTRODUCTION 
1.1. Elhptical EHL problems with spin 

Heady-loaded lubricated contacts in 
machne elements, such as  rolling bearings 
and gears, have been analysed using 
elastohydrodynamic lubrication (EHL) theory. 
The high pressure of the lubricant film, which 
supports the load, causes elastic deformation 
of the contacting surfaces. I t  also gives rise to 
an enhancement of the viscosity of the 
lubricant. The relation between the thckness 
and the pressure of the lubricant film is 
governed by the Reynolds equation. In 1959, 
Dowson and Higginson [l] presented a fully 
comprehensive numerical solution to a line 
contact lubrication problem. The Reynolds 
equation for the hydrodynamics and the 
elasticity equation for deformation were 
satisfied simultaneously. 

Since then, strongly supported by the 
development of computing facilities, extensive 
numerical analyses of EHL have been carried 
out [2-51 . The studies have ranged from line 
contact problems to point contact problems. 
Solutions have been obtained for high 
pressure up to a few GPa, this being 
representative of the real contact in rolling 
bearings and between gear teeth. 

Apart from a simple rolling contact, a spin 
motion at the contact gives a kinematic 
variation to the EHL problems. In  some 
machine elements, the spin motion plays a 
significant role in lubricated contacts. The 
spin motion in a n  angular contact ball bearing, 
a t  each contact between a ball and the outer or 
inner race, was well described in [6]. 

A continuously variable transmission 
(CVT) with rolling elements is another 
application in which the spin motion has often 
been discussed. For example, Figure 1 shows 
the schematic geometry of a halftoroidal CVT. 
The power is transmitted from the input disk 
to the output disk via a pair of power rollers. 
At the contacts (0 and 09 between the power 
roller and disks, a n  EHL film is produced by 
the rolling motion, and in fact, the power is 
transmitted by the shear action of the 
lubricant film, so called traction drive. A few 
percent of sliding is essential to yield a 
sufficient shear stress at the contact, as  
suggested in [7]. The geometry of the half 
toroidal CVT also gives a spin motion to the 
contacts. 
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Figure 1 Geometry of half toroidal CVT [7] 

The half toroidal CVT is being developed as an  
automatic transmission for automobiles. A 
range of successful applications has been 
reported [8-111. 

A few contributions have been made to 
investigate spin motion in lubricated contacts, 
with or without a rolling motion. Mostofi and 
Gohar [12] solved the point contact EHL 
problems with and without spin by a straight- 
forward relaxation technique. All conditions 
were chosen to match a n  interferometry 
experiment. Problems with quite high spin 
and very low rolling speed could be solved. 

Xu's study [13], a part of which was 
published separately in [14], was another 
work which focussed on spin motion in a 
contact. After examining cavitation in the 
contact with pure spin motion and the pure 
spin problem, an isothermal elliptical contact 
problem with spin and rolling was solved by 
the Gauss-Seidel iterative method. 

In this study, the problem of isothermal, 
elliptical EHL contacts with smooth surfaces 
and kinematic conditions including spin 
motion was investigated numerically. 

1.2. Notation 
U 

B 
b 

semi-major axis of Hertzian contact ellipse 
spin to roll ratio, 2 0 1  LI 
semi-minor axis of Hertzian contact ellipse 

coefficient of minimum film reduction 
equivalent elastic modulus 
normal load 
non-dimensional materials parameter, aE ' 
non-dimensional film thickness, h / R x  
film thickness 
nominal distance of two bodies 
central film thickness prediction 
by Hamrock and Dowson [2] 
minimum film thickness prediction 
by Hamrock and Dowson [2] 
minimum film thickness prediction 
from present study 
ellipticity ratio of the contact, u / b  
non-dimensional pressure, p /  E' 
pressure in lubricant film (gauge pressure) 
asymptotic isoviscous pressure 
maximum Hertzian pressure 
principal radii of curvature 
of equivalent ellipsoid 
separation between two bodies 
non-dimensional speed parameter, 
tlouo/E 'Rx 
mean velocity component in the x direction 
mean velocity component in they direction 
non-dimensional load parameter, F,/ E 'R: 
elastic deformation 
non-dimensional Cartesian coordinate, x/ b 
Cartesian coordinate (rolling direction, 
minor axis of contact ellipse) 
non-dimensional Cartesian coordinate, y / a  
Cartesian coordinate 
1 /PI",rn 

relaxation factor for SOR method 
viscosity 
tl/ 70 
viscosity at atmospheric pressure 
fluid density 
P/Po 
fluid density at atmospheric pressure 
non-dimensional spin angular velocity, 

(mean) angular velocity of spin 
W V O /  E ' 

2. GOVERNING EQUATIONS 
2.1. Geometry 

The contact between an equivalent 
ellipsoid and a plane shown in Figure 2 was 
studied, where the equivalent elhpsoid has a 
pair of principal radii of curvature (Rx, R,,). 
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Both surfaces were assumed to be smooth, so 
that the effect of surface asperities was 
neglected. 

Figure 2 Equivalent geometry [3] 

The separation in the z direction between 
two rigid bodies which contact at the origin 0 
can be expressed, with paraboloidal 
approximation, as; 

x2 y2 
s(x,y)  = - + - 

2R, 2Ry 

Many machine elements, such as a ball 
bearing, have elastic contacts in which the 
direction of rolling or sliding motion coincides 
with the minor axis (b) of the Hertzian ellipse. 
Thus, hereafter, the x-axis is chosen to be in 
this direction. 

2.2. Elastic deformation 
The pressure of the lubricant Glm becomes 

extremely high, such that local elastic 
deformation results. The elastic deformation 
(w) of a semi-infinite body by a distributed 
pressure is expressed as follows; 

In this study, the nine-point bi-quadratic 
approximation developed by Lin and Chu [15] 
was used to calculate the elastic deformation 
at  each nodal point on the mesh appropriated 

for numerical analysis. 
In  EHL problems, two elastic bodies are 

separated by a lubricant film. The normal load 
applied to the contact is supported by the EHL 
film. The double integration of the lubricant 
film pressure (p(x9)) will be equal to the 
applied load (K) .  

2.3. Film thickness 

be written as; 
The film thickness in a n  EHL contact can 

where ho represents the nominal distance of a 
rigid ellipsoid and a plane on the z-axis. In  
EHL problems the value of ho is generally 
negative, due to the large elastic deformation 
compared with the film thickness. 

2.4. Kinematics 
Once a spin motion exists on the contact 

surface, the velocity distribution is a function 
of the position in the field. 

Suppose that a n  ellipsoid A and a plane B 
come into contact as shown in Figure 3. There 
is a rolling/sliding motion in the x direction, 
but none in the y direction (no side slip). Spin 
motion exists as well. The motion of the 
contacting surfaces is defined as shown in 
Figure 3, i.e., on body A and B respectively; 

1. The velocities of the surfaces parallel to 
the axis are uoA and uOs in the x direction 
and zero in the y direction. 

2. The angular velocities of the spin motion 
are and COB. 

Counterclockwise spin motion is 
determined to have a positive value of w, from 
a view point of z = + 00. The mean velocities 
can be defined as follows; 

UOA + UOB 

2 
uo = 

w.4 + w ,  
2 

w =  
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v, = v,, = x u ,  

Now, the mean velocities between the two 
surfaces at point C are, in the x and y 
directions respectively; 

(10) 

Y 

Figure 3 Motion of surfaces 

At a point C(xy), the spin motion gives rise 
to velocity components in the x and y 
directions. These are, on the surface of body A ;  

u,, = -rw, sin 8 = - y w ,  

v,, = rw,  cos0 = xw, 

and for body B; 

u,, = -YO, 
v,, = x u ,  

To combine the translation and spin gives the 
total expression for velocities a t  a point C(xy). 

u, = u,, + u,, = u,, - y w ,  

u, = u,, + u,, = UOB - y w ,  

v, = v,, = xw, 

2.5. Reynolds equation 
Assuming a Newtonian lubricant, the two 

dimensional Reynolds equation (in pressure) 
can be written as: 

Substitution of equations (11) and (12) into 
equation (13) gives the Reynolds equation for 
a rolling/sliding motion coupled with spin. 

2.6. Lubricant properties 
The Roelands formula for the pressure- 

viscosity relationship can cover a wide range 
of pressure [16]. That is, for the isothermal 
condition; 

q =  ~ a e x p [ { l n ( ~ n ) + 9 . 6 7 } x { - l + ( 1 + 5 . 1 x  10~9p)z}] 

(15) 

where the dynamic viscosity (q )  and the 
viscosity at ambient pressure (q,) are in [Pas]. 
Pressure (p) is in [Pa]. The Roelands 
parameter (3 is considered to be constant a t  
any pressure. 

Compressibility of the lubricant was taken 
into account by using the following expression 
for the variation of density with pressure, 
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after Dowson and Higginson [17]; 

( + 1 + 0 5 8 x 1 0 - 9 p  1.68 x 1 0 - 9 p  1 
where pressure (p) is in [Pa]. 

3. NUMERICAL ANALYSIS 
3.1. Non-dimensional Reynolds equation 

For convenience, EHL problems have often 
been solved by numerical procedures in terms 
of non-dimensional parameters. The Reynolds 
equation (equation (14)) can be normalised 
and written as; 

For the details of the non-dimensional 
parameters, see notation. 

3.2. A forward-inverse combined technique 
The Reynolds equation for an  EHL problem 

has widely been solved by the forward 
iterative method. The pressure distribution 
can be numerically determined over a field 
where the oil film thckness is specfied. The 
forward method, however, presents 
difficulties in obtaining converged results 
under heavily loaded conditions. 

The reason for the difficulty is due to the 
nature of concentrated EHL contacts. The oil 
film pressure is very high a t  the contact centre 
and the pressure gradient is steep around the 
edges of the heavily loaded contact. Also, the 
film thickness is almost constant near the 
centre of the contact due to the elastic 
deformation of the contacting bodies. In the 
forward solution, small errors or differences in 
the film thckness must give large differences 
in the pressure distribution under such 
conditions. T h s  may well cause large error in 
pressure, causing the analysis not to converge. 

Dowson and Higginson [l] first introduced 
an inverse technique to solve the Reynolds 

equation for the line contact EHL problem. 
Using this technique, the film thickness can 
be obtained over a field where the pressure 
distribution is assumed, with certain 
boundary conditions. Thus, the defect of the 
forward method is no longer a problem. The 
technique was applied to a point contact 
problem by Evans and Snidle [18]. They 
needed, however, a complicated analytical 
procedure seeking for a range of film 
thicknesses as a boundary condition. 

The forward iterative approach can thus 
solve the low pressure problem without 
ddficulty, while the inverse method can be 
applied to the high pressure region. To 
combine both methods offers a great 
advantage, as shown in [19-221. 

In this study, a numerical technique, in 
which the forward iterative method and the 
inverse technique are combined together, was 
used to solve the elliptical contact EHL 
problem witldwithout spin motion. 

3.2.1. Forward solution 
In the region where the film pressure was 

relatively low, a forward iterative method was 
applied to solve the Reynolds equation. 
Vogelpohl's PHI (4) substitution has often 
been used in the forward numerical solution of 
EHL problems. The parameter ($) is defined 
as; 

3 

(= PH' (18) 

This parameter makes the non-dimensional 
Reynolds equation (equation(l7)) into a more 
appropriate form for numerical analysis, as  
follows; 
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3 

where H = Hi. 
The Reynolds equation with the 4 

parameter (equation (19)) can be discretized 
for computation by using a standard finite 
difference method over non-uniform mesh 
grids on a non-dimensional X-Y field. For the 
point (ij), equation (19) can be interpreted as a 
linear function of 4 as follows; 

where q& implies the value of # a t  the point (ij). 
A,, B,, ..., M,, in equation (20) are the 
coefficients whch are determined by the 
values of H ,  i j  and p a t  each nodal point, the 
mesh structure and the location of the point 
(ij) on the X-Y field. The derivation and 
expression of the coefficients are described in 
Taniguchi [23]. 

A successive over-relaxation (SOR) method, 
based on the Gauss-Seidel method, is an  
iterative numerical technique to solve 
simultaneous linear equations. With given 
boundary conditions, equation (20) can be 
solved by the SOR method using the following 
generalised form, a t  the (m)th iteration; 

The relaxation parameter (y) has the value of 
1 < y < 2 in the over-relaxation technique. 

3.2.2. Inverse method 
In order to apply the inverse method in the 

high pressure region, the non-dimensional 
Reynolds equation (equation (17)) was 
transformed into the following form; 

where fi (non-dimensional modified film 
thickness), 4 and Q (non-dimensional 
equivalent reduced pressure) are respectively 
given by; 

Rewriting equation (22) in terms of H gives; 

& + (DA* + E X )  - + F k '  = 0 
dy 

(23) 

Equation (23) can be solved by using a 

1. The pressure distribution is given all over 
the region, so that the coefficients (AIJ,  D,, 
and F,,,) of the equation can be calculated. 

2. The film thckness is known along the 
boundary of the region. 

A finite difference approximation and an  
iterative technique, described in [19] and [21], 
enabled equation (23) to turn into a cubic 
equation of h,,, and to be solved numerically. 

marching technique in a region where; 

3.3. Mesh structure 
In  order to save computational memory, 

several non-uniform meshes with various 
degrees of grid refinement were applied onto 
the X-Y field, which had the boundary; 

-5.2 5 X I  2.0 , -2.0 5 Y 5 2.0 

Coarse grids were adopted in the low pressure 
region near the boundary of the field. Fine 
grids were used in the high pressure region, 
especially in the rear half (in the main flow 
direction) and to the sides of the Hertzian 
contact region, where a significant change in 
pressure might be expected. 

3.4. Zone splitting in the A'-Y field 
The forward iteration is suitable for a 

solution with a low pressure region, while the 
inverse technique can be applied for a high 
pressure repon. These two regions can be 
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overlapped so as to connect the results from 
each method smoothly. Then, the result of the 
inverse solution a t  a location just outside of 
the forward iteration region is used as the 
boundary condition for the forward calculation 
and vice versa. 

The X-Yfield was split into five zones in the 
present analysis, with reference to a limiting 
pressure (P /mr) -  

Zone 1. Where p I plmr, excluding Zone 2. 
The lowest pressure zone. 

Zone 2. A thin ring-shaped zone where p 
I plmr which surrounded Zone 3. 

Zone 3. The pressure was larger than the 
limiting pressure (p > PI,,). A ring- 
shaped zone consisting of every nodal 
point which was within 2 grid points 
distance (in either the X or Y 
directions) from any point in Zone 2. 

Zone4. Also a ring-shaped zone 
neighbouring to Zone 3, p > PImr. 

Zone 5. The rest. The hghest  pressure 
zone. 

The Reynolds equation was solved by the 
forward iterative method in Zones 1, 2 and 3, 
with the boundary pressure of Zone 4. 
Meanwhile, in Zones 3, 4 and 5 the inverse 
technique was used, Zone 2 providing the 
boundary film thckness. 

The limiting pressure (PImf)  was chosen to 
be in the range from 50 to 200 [MPa] according 
to the conditions. 

3.5. Programme flow 
The general structure of the numerical 

procedure was based on that reported by 
Seabra and Berthe [21]. Figure 4 is the flow 
chart. The programme was written in 
FORTRAN 77 programming language. 

4. RESULTS AND DISCUSSIONS 
4.1. Common conditions 

The characteristic parameters of the 
materials were fixed at  the values shown in 
Table 1 throughout the present study. A 
steel-to-steel contact was considered and a 
mineral-based oil, HVI650, at 9O[oC] was 
chosen for the analyses. 

& I .  Read initial data 

~ 

2. Set new conditions - 5. Set Zones( 1-5) 

6. Calculate elastic deformation I 
!- I 

8. Forward iterativesolution in Zona I. 2 and 3 

N O  f 
._I  , 

I 12, Inverse wlution in Zoiies 3. 4 and 5 I 

13. Calculate inverse pressure c 

Srol, 

Figure 4 Programme flow 

Table 1 Material parameters 
E' [GPa] 219.7 
70  [Pas1 0.037 
a0 [pa-'] 1.84 x 10-8 

4.2.Analysis without spin 
A series of analyses were carried out for the 

conditions without spin motion. The results 
were also used as initial data for the spin 
analysis. 

The load (FJ ,  rolling velocity (uo) and 
ellipticity (k) were treated as  variables in this 
series. The range of each variable is shown in 
Table 2. It  should be noted here that the 
influence of ellipticity upon the pressure and 
the film thickness was examined by changing 
the equivalent principal radius of 
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Table 2 Conditions for analyses without spin 
Fc IN 200 - 4000 
uo [dsec] 5.0 - 20.0 
k 2.6 - 4.1 
U 3.6 - 20.9 ~10-11 
G 3650 
W 1.7 - 33.8 ~ 1 0 - 6  

curvature (R,) in the rolhng direction (x), whde 
the other equivalent principal radius (R,)) was 
kept constant. T h s  situation is commonly 
seen in a toroidal-type continuously variable 
transmission (CVT) as it changes the 
reduction ratio. 

Converged solutions were obtained for the 
conditions with the maximum Hertzian 
pressure being from 0.57 to 1.55 [GPa]. The 
distinctive characteristics of EHL were 
obtained from the solution, such as the central 
pressure close to the maximum Hertzian 
pressure, pressure splkes, and a n  almost flat 
lubricant film around the centre followed by a 
thnner  film area in a horseshoe outline in the 
X-Y field. 

The computed data for the minimum and 
central film thcknesses were compared with 
the formulae established by Hamrock and 
Dowson [2]. Agreement of the central film 
thckness between computed values and those 
predicted by the formula was excellent. The 
error between them never exceeded i 3 . 1  %. 
However, the predicted values for the 
minimum film thickness according to the 
Hamrock and Dowson's formula were 
sometimes over 10 % less than the 
numerically computed values. 

Following Hamrock and Dowson's 

procedure [2], a least square power fit was 
applied to the present results for h,,, to make a 
new formula for the minimum film thickness 
(&). The power factor for the non- 
dimensional materials parameter (C),  0.49, 
was appropriated from the H-D formula. The 
influence of ellipticity in the formula, ( 1 - e- 
O m k  ) was also adopted from the H-D formula. 
Using a least square power fit to the results 
for the minimum film thickness, a new 
formula for the minimum film thickness in 
this study was completed as follows; 

HhN = 5.68U069Go'9W4M2(1 - , - O a k )  (24) 

The power factor for U in this study, 0.69, 
was very close to that of the H-D formula of 
0.68. However, the power factor for W, -0.062, 
was different from that of the H-D formula, - 
0.073. The computed results of minimum film 
thickness and the prediction by IfminN agreed 
very well. The error between them was within 
k2.7 %. 

4.3. Pressure distribution with spin motion 
The effect of spin motion upon the EHL of 

the elliptical contact was examined. Table 3 
shows the conditions for spin analysis. 

The pressure distribution obtained for 
Case A is shown in Figure 5. The pressure 
maps have been presented in 3-D style on a 
non-dimensional X-Y field. Pressure contours 
are shown in units of 0.1 [GPa], with the 
lowest one being 0.1 [GPa]. The symmetry 
with respect to the X-axis in pressure 
distribution without spin (1) was lost by the 
spin motion as shown in (2). 

Table 3. Conditions for spin analysis 
Case A Case B Case C Case D Case E 

Fc "I 1100 500 500 500 500 
uo [dsec] 14.5 14.5 10.0 14.5 14.5 

U 1.05 x 10-10 1.05 x 10-10 7.26 x lo-" 7.58 x 10-11 1.52 x 10-10 
G 3650 3650 3650 3650 3650 
W 9.30 x 10-6 4.23 x 10-6 4.23 x 2.20 x 10-6 8.78 x 10-6 
k 3.2 3.2 3.2 2.6 4.1 

w [radsec] 0 - 2500 0 - 5000 0 - 2500 0 - 2500 0 - 2500 

R 0 - 4 . 2 1 ~  10-10 0 - 8 . 4 2 ~  lo-"' 0 - 4 . 2 1 ~  lo-'' 0 - 4 . 2 1 ~  10-10 0 - 4 . 2 1 ~  10-10 
P m N z  [GPal 1.01 0.77 0.77 0.68 0.90 
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Figure 5 Pressure distribution 
withoutJwith spin 

A slightly higher pressure was generally 
observed in Y<O than Y>O when spin motion 
was introduced. Nevertheless these two 
pressure distributions look very similar. 

At each level of spin rate, the pressures at 
the centre of the contact were almost constant, 
being slightly smaller than the maximum 
Hertzian pressure. The pressure spikes varied, 
but no clear tendency was found for those 

variation against the increase of spin. 
The spin motion was found to make little 

influence upon the pressure distribution 
throughout the study. 

4.4. Film thickness with spin motion 
Figure 6 shows the results of film thickness 

for Case A with increasing spin rate, displayed 
as 2-D contour maps on non-dimensional X-Y 
field. Twelve levels of film thickness contours 
are drawn in steps of 0.1 [pm]. The numbers 
inserted into the contours show the film 
thickness in [pm]. I t  is clearly shown that the 
symmetry of the contours with respect to the 
X-axis in the analysis without spin was 
gradually lost as the rate of spin increased. 
The point of minimum film thickness was 
located on the upper side of the contact in the 
contour map, just downstream from the centre 
of the contact in the X-direction, near the edge 
of the Hertzian ellipse. The positive spin 
applied here, which has been defined to be 
counterclockwise, decreased the entraining 
velocity in this half ( P O )  of the lubricated 
region Tn the other half of the region, the spin 
motion acted as to increase the entraining 
velocity in the X-direction. The film thickness 
contours in this part of the conjunction 
exhibited an increase in the film thickness 
with increasing spin. 

The minimum and central film thicknesses 
are plotted against spin in Figure 7 for Case A. 
It again shows that the minimum film 
thickness gradually reduces as spin increases. 
The curve for minimum film thickness was 
almost linear in Figure 7. On the other hand, 
the results of the central film thickness 
remained constant against the variation in 
spin. This can be reflected by the fact that the 
spin has no effect upon the motion at  the very 
centre of the contact. The graph also shows an  
excellent agreement of the central film 
thickness with the value predicted by the 
Hamrock and Dowson's formula. The errors 
between the computed central film 
thicknesses and the predicted ones were less 
than 1.0 % for this condition. Similar results 
were obtained for other conditions in Table 3, 
the reducing hmin and almost constant hn 
with spin increase. 
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Figure 7 Minimum and central film thickness 
against spin 

4.5. Reduction in minimum film thickness 
Spin has been found to have little influence 

upon the central film thickness. However, it 
certainly reduces the minimum film thickness, 
which was located on the side remon of the 
contact where the spin motion worked to 
reduce the entraining velocity. Thus, it might 
be meaningful to discuss the effect of spin 
motion by taking account of the rolling motion. 
From this point of view, Xu [13] introduced 
the non-dimensional spin to roll ratio 
determined as follows; 

Figure 8 shows the effect of spin to roll 
ratio upon the minimum film thickness. The 
ordinate (C,> is the coefficient of reduction in 
minimum film thickness by spin determined 
by the following formula; 

where H,,,h(B=o) is the minimum film thickness 
calculated without spin while other conditions 
remain constant. Two sets of results from Xu's 
study [14], Xu-A and Xu-B, and the results 
from the present study with the different 
values of parameters (U, W and k) are also 
plotted in the graph. 
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It  is clear from Figure 8 that the operating 
conditions have a significant effect upon the 
relationshp between C, and B. The coefficient 
of minimum film thickness reduction (C,) was 
found to be almost linear with B, where B I 25. 
It  should be noted here that there is little 
difference between the curves for Case B and 
Case C in the plots for small B. This implies 
that the influence of rohng speed (U in non- 
dimensional term) upon the coefficient of 
minimum film reduction is no longer 
significant when C, is compared with the spin 
to roll ratio (B). 

0.2 

8 i 

0 5 10 15 20 25 

Dimensionless spin to roll ratio, E 

-~ ~- 

minimum film thickness 
Figure 8 Effect of spin to roll ratio upon 

Also the plot tells us that the slope of these 
curves is closely related to the load condition 
(W in non-dimensional term), though other 
factors, such as G and k, may have some 
influence. At light load, like Xu-A, the spin to 
roll ratio had a small influence upon the 
minimum film thickness. The minimum film 
thickness fell sharply against the increase of 
spin to roll ratio when heavy load was applied, 
as seen in the result of the present analysis. 

Thus, the reduction rate of minimum film 
thickness against spin to roll ratio can be 

formulated with the following assumptions; 
1. 

2. 

3. 

C, is effectively a linear function of B, 
when B is small enough. 
Rolling speed (v) has a negligible effect 
upon this function. 
The gradient of the linear function is 
solely determined by load (W) ,  
neglecting the effect of other 
parameters, such as G and k. 

Using curve fit procedures to the plots, the 
minimum film thickness with spin motion was 
predicted by the following formula; 

H,. = (1 - 3.47WO" B)Hw,=,, (27) 

The error between the minimum film 
thicknesses obtained by the numerical 
analysis and those from equation (27) was 
within f l  % at l?< 25, except for Case Xu-B. 

It is very likely that the minimum film 
thickness reduced by spin is affected by load. 
The spin motion at the contact causes a 
reverse motion to the rolling in half of the 
lubricated region. This has been considered to 
be the cause of reduction in minimum film 
thickness when spin is applied. I n  most EHL 
cases, the minimum film thickness is located 
near to the side edge of the parallel film region, 
that is almost equivalent to the Hertzian 
contact ellipse. Meanwhile the reverse motion 
caused by spin at a point is determined by the 
product of the angular velocity of spin and the 
distance between the point and the centre of 
the contact. A heavy load case gives a large 
contact ellipse which may result in a large 
reverse velocity to rolling at the side of the 
contact, where the minimum film thickness is 
located. Thus, under a heavy load, the 
minimum film thickness is more likely to be 
affected by spin than under light load 
conditions. 

In  case of the lubricated contact in the half 
toroidal CVT discussed in [7], the non- 
dimensional spin to roll ratio (B) was around 1. 
As far as the isothermal analysis is concerned, 
it is possible that the spin motion reduces the 
minimum film thickness of the contact in the 
CVT by a few percent, when compared with 
the film prediction for no spin condition. 



610 

5. CONCLUSION 
Isothermal elliptical elastohydrodynamic 

lubrication (EHL) problems have been solved 
numerically with various spin angular 
velocities (w) incorporated with rolling motion, 
for a Newtonian lubricant, assuming smooth 
surfaces on the pair of contacting bodies. A 
computational programme was developed to 
solve the elhptical EHL problem with spin 
motion by using the forward-inverse combined 
technique. Pressure distributions and film 
thicknesses were initially obtained by 
numerical analyses for Newtonian EHL 
problems without spin motion, for maximum 
Hertzian pressures up to 1.55 [GPa]. 

As for the effect of spin upon the 
lubrication, the followings were found; 

0 The spin motion did not have any 
significant effect upon the magnitude of 
the pressure and the central film 
thickness, although the distribution of 
pressure changed. 

0 The minimum film thickness was 
reduced by spin, and it was located in the 
side of the contact where spin motion 
worked against the rolling velocity. 

0 At small spin rates, the load parameter, 
as well as the speed parameter, was 
found to have a strong relation to the 
reduction in the minimum film thickness 
due to spin. 
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Non-steady state effects on oil film thickness and traction forces 
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The purpose of this study is to know the change of oil film thickness and traction forces, when 
the difference of rotational speed of two traction drive rollers becomes unsteadily large by torsional 
vibration or machine trouble. The simultaneous measurements of optical film thickness and trac- 
tion forces are performed to investigate the elastohydrodynamic lubrication (EHL) film formation 
under flooded conditions, on the crowned roller and glass disc interferometry apparatus. The mea- 
sured profile and thickness of film are compared to the theoretical values given by the two dimen- 
sional non-steady thermal EHL calculation. The traction forces measured simultaneously on the 
crowned roller in the rolling direction are compared to one calculated by two dimensional non- 
steady thermal non-Newtonian model. 

1. INTRODUCTION 

If torsional vibration or machine trouble 
takes place on a traction drive, the EHL films 
in contacts would have to survive and trans- 
mit power even in the rapid change of sur- 
face speed. Because of the  squeeze action 
produced by t h e  change  of speed ,  t h e  
behaviour of such films can deviate by the  
non-Newtoinan effects or thermal  effects 
from that  of the corresponding steady s ta te  
films. Though Oh111 presented a n  isothermal 
solution to this kind of problem, it was inad- 
equate to explain the behaviour of such films 
because the thermal and non-Newtonian ef- 
fects are not taken into account. From the  
point of view of the  thermal effects on EHL 
contacts, a number of papers have been pub- 
lished [2, 3, 41 but almost all investigations 
were restricted to the time independent con- 
dition. But recently, progress in solving a 
non-steady one dimensional thermal EHL 
problem with a non-Newtonian fluid has been 
made by Yang[5]. 

However, no work has  yet been done in  
treating two-dimensional and in being con- 
firmed by experiment. In this paper, a non- 
steady thermal EHL model is proposed and 

traction forces are calculated under  non- 
steady state conditions. These are  compared 
with the experimental data. 

2. EXPERIMENTAL PROCEDURES 

To investigate the  change of the  oil film 
thickness and the  traction forces, simulta- 
neous measurements of the oil film thickness 
and the traction forces are performed. 

2. 1 Experimental apparatus 
The optical three-dimensional contact ap- 

paratus is shown schematically on Fig. 1. 
By optical interference of the glass disc 

and the roller, the oil film thickness between 
them is measured. The  glass disc can be 
driven at a desired speed by AC servo-motor. 
The roller is pressed up on the glass disc by 
the dead weight and driven passively by the 
glass disc. 

The flywheel is attached to the roller, and 
so when the rotational speed of the glass disc 
is changed rapidly, the  difference of rota- 
tional speeds between the glass disc and the 
roller can be produced. The change of the 
interference fringe is recorded by the video 
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Fig. 1 Schematic of apparatus 

Table 1 Properties of glass disc 
Material Glass  disc 

Dimension 

Coatin 

Table 2 Properties of lubricant 

tape recording during testing. 
The roller, the  flywheel and the dead 

weight are supported by the pressurized air 
bearings t o  detect traction force on the roller 
in the rolling direction accurately. 

2. 2 Test pieces 
The properties of glass disc are shown in 

Table 1 and the shapes of the roller are shown 
in Fig. 2. Also the properties of lubricant are 
shown in Table 2. 

2 . 3  Test conditions 
Table 3 shows the test conditions. To in- 

vestigate the influence of thermal,  non- 
Newtonian and squeeze action, the tests were 
performed under the different load and the 
change of speed conditions and using differ- 
ent shape of rollers. 

Radius in the direction to rotation 4.35mm 
Radius i n  the direction irilnsverse to rotation 36 3 1 ~ n  

(a )  Barrel-shaped 
Radius in the direction to rotation 4 . 3 5 m  
Radius i n  the direction transverse lo rotation 4.35inm 

r I I I I I I I 

I mm 

y- 5 

I mm 

(h) Ball-shaped 

Fig. 2 Shape of roller 

Table 3 Test conditions 

3. MATHEMATICAL BACKGROUND 

3. 1 Basic equations 
The rheological model proposed by 

Eyring[G] is adopted to describe the non- 
Newtonian properties of lubricant. For sim- 
plicity, the visco-elastic effects in compres- 
sion and in shear are neglected. The consti- 
tutive equation of lubricant is then expressed 
as 

where u ,  7, and q are the velocity, the shear 
stress and the viscosity of lubricant, all are 
functions of x ,  z ,  and t;  T" is the characteristic 
shear stress of Eyring fluid, which is assumed 
to  be constant in the present analysis. 

Then the equivalent viscosity of the lubri- 
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cant, q* [7 ]  is introduced by Initialize data 

J. 

Solve Reynolds equation for 
new pressure (3), (5) * 

h' = ( l / d s i n h  (+,)/(+,) (2) 

The Reynolds equation governing the 
pressure distribution has been derived as 

- a ( ( " : & )  -_ +- d ( h ' % )  7- =12-- U , t C J 2 d h  ah 
dx +'2; (3) 

& ? l A  ? Y ? l ? Y  

The boundary conditions of Eq. (3 )  are 
taken as 

1 p = 0 at inlet 

dP 

dx 
p = - = 0 at outlet (4) 

The film shape between an elastic roller 
and a glass disc is given by 

h ( x , r ) =  h , ( t ) t - t - - y l j  xz yz 2 P ( X *  Y) 
2Rc 2Rv nE ,/mA4 

(5) 
Neglecting the heat conduction along x -  

direction and the heat convection along z-di- 
rection, the energy equation governing the 
temperature distribution in the film is given 
by 

d2 T dT 
k, 7 + q = pc- 

dz dt 

J U  
q = r -  

& 
(7) 

In addition, the numerical procedure of 
the calculation is shown in Fig. 3. 

4. COMPARISON OF EXPERIMENTAL 
RESULTS WITH CALCULATION 

4 . 1  Experimental results 
Fig. 4 is the experimental results of the 

slip ratio, the traction coefficient and the oil 
film thickness under the conditions of case 1 
which is shown in Table 3. 

The slip ratio is defined as 

Check 

&YES 

Calculate equivalent viscosity 

Solve energy equation for 
temperature (6), (7) 

Fig. 3 Flowchart of computiational scheme 

where, U , ;  velocity of the glass disc 
U2; velocity of the roller 

In this  experimental test ,  triangular- 
shaped alteration of velocity is given to  the 
glass disc when i t  is rotating steadily a t  a 
constant speed. The velocity of the roller can 
not catch up with the velocity of the glass 
disc which drives the roller, because of mass 
inertia of the flywheel attached t o  the roller. 
So the slip ratio changes largely by depen- 
dence on the difference of the velocity be- 
tween the glass disc and the roller. At first, 
the traction coefficient tends to increase as 
the slip ratio increase. While the slip ratio 
continues to  increase further, the traction co- 
efficient suddenly begins to decrease. After 
the velocity of the  glass disc reaches the 
maximum speed or the slip ratio becomes the 
maximum value, the traction coefficient has 
decreased until the slip ratio recovers t o  a 
certain level. Then the traction coefficient 



614 

i-- Glass disc velocity 

"0 0.2 0.4 0.6 0.8 1.0 1.2 

Time, sec 

75 

so 
- 

25 ,.a@ 
0 

-25 

-50 

-75 
0 0.2 0.4 0.6 0.8 1.0 1.2 

Time, sec 

Y 0.14 
C .$ 0.12 
g 0.1 
$ 0.08 
c 0.06 
0 

0 0.2 0.4 0 6 0.8 1.0 1.2 

Time, sec 

0 

E 1.5 r 
1 

i 1.2s I 
E 
Y 

I 

begins to increase again as the slip ratio de- 
creases, but soon the plot of the traction co- 
efficient disappears since slip direction be- 
tween the glass disc and the roller is reversed 
by mass inertia of the flywheel. 

Usually, in case velocities of both the glass 
disc and the roller increase with no slip, the 
oil film thickness should increase. But, in this 
test condition, the slip ratio becomes so  large 
that the influence of temperature rise due to 
shear of the oil film becomes major in com- 
parison with the influence of velocity. 

4. 2 Effects of the slip ratio 
Fig. 4 is arranged according to time his- 

tory, while Fig. 5 is arranged by slip ratio. 
We calculated the traction coefficient and the 
oil film thickness by the isothermal calcula- 
tion according to the conditions of case 1 
which was shown in Table 3. The results, 
calculated in isothermal condition, of the 

015 I 1 

Slip ratio, % 

Fig. 5 Slip ratio vs Traction coefficient 
and minimum oil film thickness 
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Fig. 7 Comparison between measured and calculated results 

traction coefficient and the oil film thickness 
increase according to increase of the slip ra- 
tio, but the experimental results show that 
both the oil film thickness and the traction 
coefficient decrease in the same condition. 
The results, calculated by thermal EHL, of 
the oil film thickness and the traction force 
are reasonably close to the measured results. 
Thus, it was confirmed that the temperature 
rises due to shear affects oil film thickness 
and traction forces. 

4 . 3  Comparison of the oil film shape 
Fig. 6 shows the oil film shape and the 

calculated oil film shape is compared with 

measured one. Calculated results of the oil 
film shape agree reasonably well with the 
experimental results. 

Thinner part of the oil film shape, which 
is peculiar to EHL film, is confirmed a t  the 
outlet position. 

4.4  Confirmation of accuracy 
Comparison between the measured and 

calculated oil film thickness and traction 
force for various conditions is shown in Fig. 
7. 

For a perfect agreement, all points should 
fall on the indicated 45" straight line. 

Calculated results of oil film thickness and 



616 

traction force are reasonably close to  the mea- 
sured results. 

5. CONCLUSION 
In the  present paper, the simultaneous 

measurements of the oil film thickness and 
the traction forces are performed to  investi- 
gate the EHL film formation on the crowned 
roller and the glass disc with the optical in- 
terferometry apparatus. 

The measured film shape and the oil film 
thickness are compared to the calculated val- 
ues given by the two-dimensional non-steady 
thermal EHL analysis. 

The obtained results are summerized as 
follows; 

1. The measurements of the oil film thick- 
ness and the traction forces were success- 
fully carried out under non-steady condi- 
tion. 

Oil film thickness decreased when the 
difference of rotational speed becomes un- 
steadily large and traction forces changed 
according to slip ratio of the glass disc and 
the roller. 

2. Calculated results of the oil film thickness 
and the  traction forces were reasonably 
close to the measured results. I t  was con- 
firmed that the calculation method is prac- 
tical and useful. 

The change of the oil film thickness and 
the traction coefficient is known by the  ex- 
periment and the calculation, when vibration 
or machine trouble takes place a t  two roll- 
ers. 

Traction drives which are used under non- 
steady condition could be designed using this 
method. 

Nomenclature 
E '  equivalent Young's modules of solids, 

P a  
h film thickness, m 

l z ,  thermal conductivities of lubricant, 

P hydrodynamic pressure, Pa 
t time, s 
u fluid velocity in  x-direction, m/s 

U,, U, tangent ia l  velocities of solid sur-  
faces, m/s 

x spatial coordinate along the film, m 
z spatial coordinate perpendicular to 

x ,  m 
T temperature, OK 
z shear stress in x-direction, Pa 

z,, characteristic shear stress of Eyring 
fluid, Pa 

W/( m O K) 

Rz, RY effective radius, m 
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An Analysis of Elastohydrodynamic Film Thickness 
in Tapered Roller Bearings 
R Yamashita D Dowson t and C M Taylor 

Institute of Tribology, Department of Mechanical Engineering, 
The University of Leeds, Leeds LS2 9JT, UK 

An approximate fluid film lubrication model based upon the application of elastohydrodynamic film thickness 
formulae to the roller and raceway contacts is introduced to the kinematics and static loading analysis of tapered 
roller bearings. The analysis has been carried out under the condition of given radial and axial loads without 
misalignment. The load distributions, the film thicknesses and the deflections of the inner raceway are presented. 

Also, the full elastohydrodynamic analysis of barrelled isosceles trapezium conjunctions which can be reduced 
from the tapered roller and raceway contacts has been carried out. The appearance of pressure and film thickness 
distributions are very different (asymmetrical) from those in elliptical conjunctions because of the geometry of 
the conjunction. The minimum and central film thicknesses and the pressure distributions are shown. 

1. Nomenclature 

mesh size in the y direction 
mesh size in the x direction 
constant for Roelands equation, 
A . 9 6  x lo8 N/m2 
influence coefficient of 
elastic deformation 
difference in film thickness, 
= I H - H ( H D ) I / H  
difference in pressure, 

modulus of elasticity, Pa 
effective elastic modulus. Pa 

= IP - P,l/P 

applied load, N 
load calculated from P ,  N 
centrifugal force, N 
left hand side of Equation 15 
dimensionless materials 
parameter, = aE' 
film thickness, m 

*Present contact address is Research and Development 
Center, Koyo Seiko Co. Ltd., 24-1 Kokubuhiganjyo-cyo, 
Kashiwara-shi, Osaka 582, Japan. 
E- m ai I address : ryamas h i t aO t ec . koyo- sei ko .co j p 
t Research Professor 
1E-mail address : C.M.TaylorOleeds.ac.uk 

H 

i* 

k 
K 

1 
la 
l h  

j *  

A4 
MC 
P 
P 
ph 

!l 
r 
Ra 
Rae 

R, 
RS 
S 

dimensionless film thickness, 
= h/Rae 
= I ( x  + ~ ) / ( 2 6 )  - il + 1 
= I(Y + l ) / ( 2 i i )  - j l  + 1 
ellipticity parameter 
load-elastic deformation 
coefficient 
nominal roller length, m 
effective roller length, m 
half of roller effective length, m 
moment, Nm 
gyroscopic couple, Nm 
pressure, Pa 
dimensionless pressure, = p/E' 
nondimensional Hertzian central 
pressure 
load per unit length, N/m 
position vector 
mean radius of tapered roller, m 
mean radius of equivalent 
tapered roller, m 
crowning radius of roller, m 
radius of roller large end, m 
geometrical separation of un- 
deformed bodies in x - y - S 
coordinate system, m 
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S‘ 

S’ 

S(X,E’) 

U 

U 

V 

W 

P 

Y 

6 
6 

17 
17m 

17 
0 

K 

x 

geometrical separation of un- 
deformed bodies in  t’ - y’ - s’ 
coordinate system, m 
geometrical separation of un- 
deformed bodies in t‘ - y‘ - S’ 
coordinate system, m 
noridimensional geometrical 
separation of undeformed 
bodies in X - Y - S 
coordinate system, m 
dimensionless speed para- 
meter, = qou/E’Ra, 
mean surface velocity in 2 
direction, m/s or deflection 
of inner raceway, m 
mean surface velocity in y 
direction, m/s 
dimensionless load parameter, 
= q/(RaeE‘) for line contact, 
= F/(R:,E’) for point contact 
Cartesian coordinate system 
Cartesian coordinate system 
number of rollers 
viscosity-pressure index 
taper angle of outer raceway, 
radian, or pressure-viscosity 
coefficient, Pa-’ 
angle of tangent line of 
elliptical function and 
x axis 
taper angle of inner raceway, 
radian 
misalignment or angle of 
roller centre line, radian 
elastic deformation, m 
dimensionless elastic de- 
formation 
crown drop, m 
taper angle of roller, radian, or 
coefficient of Reynolds equation 
viscosity of lubricant, Pa.s 
constant for Roelands equation, 
6.31 x 10-’N.s/m2 
dimensionless viscosity, = v/qo 
taper angle of equivalent 
roller , radian 
taper angle of raceway, radian 
angle of position of 

Y 

P 
P 
- 

II, 
W 

Wa 

Subscripts 

i 
0 

I’ 

f 

(1, b 

min 
cen 

2, YI 2 

1 
n 
0 
HOO 
ehd 
< I 1 7 7  c 

roller large end, radians 
flange angle, radians 
or Poisson’s ratio 
density of lubricant, N.s2/m4 
dimensionless density, = p / p o  
position angle of roller, radian 
relaxation coefficient 
angular velocity of roller, 
radian/s 
< coordinate of the 
centre of gravity of roller 
Cartesian coordinates 
coefficient matrices of 
translations 

inner raceway 
outer raceway 
roller 
flange 
minimum 
central 
bodies 
in x, y or z direction 
line contacts 
point contacts 
P = O  
Hoo 
EHD 
in 5, 17 or C direction 

Superscripts 

( H D )  Hamrock Dowson 
( n )  n-th iterations 

2. Introduction 

The performances of rolling bearings, gears and 
traction drives strongly depend on lubrication. 
Elastohydrodynamic (EHD) lubrication analysis 
has been applied to  the lubrication of heavily 
loaded contacts which can be found in these ap- 
plications. The predictions of the overall perfor- 
mance of these bearings are very difficult, even 
though EHD theory gives some indications of lu- 
bricant film thickness, pressure distributions and 
traction forces. 
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Applying EHD theory to a tapered roller bear- 
ing is a very complicated task, as the kinematics 
and static loading analysis itself is very difficult. 
Even in dry conditions, the numerical computa- 
tions for the loading analysis do not always give 
results, as they diverge under high speed condi- 
tions which produce high centrifugal forces and 
gyroscopic couples. 

At the present time a combined analysis of the 
loading and elastohydrodynamic lubrication of a 
complete tapered roller bearing has not been re- 
ported. Further EHD analysis of such bearings 
needs extension to incorporate the realistic foot- 
print geometry. 

In this paper, a numerical solution to the kine- 
matics and static loading problem in tapered 
roller bearings considering EHD film thickness, 
with an approximate fluid film model, is pre- 
sented. 

The results of the comparisons between dry 
conditions and the approximate fluid film lubri- 
cation model of the contact loads of inner race- 
way, outer raceway and flange is presented. The 
effects upon film thicknesses and inner raceway 
deflections are also shown. 

It is demonstrated that tapered roller and race- 
way contacts can be reduced to tapered roller and 
plane contacts. In addition, basic equations for a 
full EHD analysis of the tapered roller and plane 
contacts with an iteration formula are presented. 

The results of the full EHD analyses with vary- 
ing speed or applied load are presented and com- 
pared with those predicted by standard EHD film 
thickness formulae and Hertzian analysis. 

3. Geometry of tapered roller bearings 

The geometry of a tapered roller bearing is 
shown in Figure 1. 

As rollers contact to an inner raceway, an outer 
raceway and the flange of the inner raceway, the 
geometry of tapered roller bearings is more com- 
plicated than ball or cylindrical roller bearings. 

While the roller large end and flange contact 
can be considered as an elliptical conjunction, the 
roller and raceway contacts can be described as 
isosceles trapezium conjunctions from the foot- 
print of the contacts as shown Figure 2 (a). 

Figure 1. Tapered roller bearing with character- 
istic geometrical dimensions 

Y Y 

(a) Isosceles trapezium 
conjunction 

(b) Barrelled isosceles 
trapezium conjunction 

Figure 2. The footprints of isosceles trapezium 
conjunctions 
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IJsually, rollers are crowned to prevent the edge 
loads as shown in Figure 3. Therefore, the foot 
print of crowned roller and raceway contacts can 
be described as barrelled isosceles trapezium con- 
junctions as shown in Figure 2 (b).  

Figure 3. Roller profile of full crowning 

As it is reasonable to assume that rollers are 
crowned, the contact conjunctions for the load- 
ing and full EHD analyses are assumed to be the 
barrelled isosceles trapezium conjunctions in this 
paper. 

4. Approximate fluid film model 

4.1. Contact model considering EHD 
An approximate fluid film lubrication model 

based upon the application of EHD film thick- 
ness formulae to the roller and raceway contacts 
is introduced to the kinematics and static loading 
analysis of tapered roller bearings. 

As the rollers and raceways can be represented 
as a set of very thin disk-shaped slices along the 
longitudinal direction, the contact model for the 
kinematics and static loading analysis of tapered 
roller bearings in dry conditions is usually consid- 
ered to be the contact of two slices of the roller 
and raceway, as rectangular conjunctions. 

When two slices contact under dry conditions 
under a load per unit length q ,  an elastic defor- 
mation 6 occurs as shown in Figure 4. 

The relationship between q and 6 for dry con- 

tact is given by (see reference [ 5 ] )  

where Ir'l is the load-elastic deformation coeffi- 
cient for a line contact. 

If the distance between the centre of the two 
slices is constant and an EHD film is produced, 
the total elastic deformation of the slices becomes 
equivalent to the sum of 6 and the EHD central 
film thickness h,,, as shown in Figure 5 .  

Therefore, an load per unit length considering 
EHD, Q e h d ,  can be given as 

where h,,, is obtained from the EHD film thick- 
ness formula by Dowson and Toyoda [3]. 

Applying Equation 2 for the roller and the race- 
way contact, the load per unit length of the inner 
raceway side q i , e h d  and the outer ring side q o , e h d  

can be re-written as 

Roller Slice Deformed shape 9 

I 

t 
9 

Raceway slice 

Figure 4. Contact of two slices in dry contact 
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Roller large end 

Original shape 
Qf.eM Deformed shape 

Flange Qf.eM 

Raceway slice 

Figure 7. The roller end and flange contact con- 
sidering EHD film 

Figure 5. Contact of two slices considering EHD 
film 

The roller end and flange contact is normally 
considered to be a point contact as shown in Fig- 
ure 6. The model for a point contact can be ob- 
tained in the same way for the roller and raceway 
contact, as shown in Figure 7. 

Roller large end 

Original shape, Of 
Deformed shape 

Flange 

Figure 6. The roller end and flange contact in dry 
contact 

The normal load considering the pressure of an 
EHD film, Q f , e h d ,  applied to the roller end can 
be written as 

&f,ehd = I(n(6.f + h ~ e n , f ) ' . ~  ( 5 )  

where I<, is the load-elastic deformation coeffi- 
cient fc, point contact and h,,,,, is obtained 
from the EHD film thickness formula by Ham- 
rock and Dowson [4]. 

4.2. Equilibrium equations 
To evaluate roller displacements (uc , pq , uc) 

and inner ring displacements (6, , 6,, 6,, yz, yy ) 
the following equilibrium equations are needed. 

Roller equilibrium equations under EHD con- 
tacts are as follows (see Figure 8) 
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Figure 8. A roller in a tapered roller bearing 

Bearing equilibrium equations under EHD con- 
tacts can be obtained by summation of the forces 
on all the rollers as 

(9) 

where F,, FY and F, are the applied loads as 
shown in Figure 9. 

The equilibrium conditions for the moments 
can he expressed in a similar way 

+[;]=[#I 
I 

Figure 9. Angular position of roller and bearing 
loads 

where M ,  and My are the moments as shown 
in Figure 9 and M ,  is the bearing driving torque 
when friction forces are considered. Therefore, 
Mz is not needed for solving the unknown bearing 
displacements. 

These Equilibrium equations are solved with 
the EHD film thickness formulae by the Newton 
method. 

5. Full EHD analysis of barrelled isosceles 
trapezium conjunctions 

5.1. Basic equations 
The tapered roller and raceway contacts can 

be reduced to equivalent tapered roller and plane 
contacts as explained in Appendix A. Figure 10 
shows the geometry of the equivalent roller and 
plane contact. When the taper angles of the roller 



623 

and raceway and the mean radius of the roller, E ,  

K and R,, are given, the taper angle and mean 
radius of the equivalent tapered roller can be ex- 
pressed as 

tan E tan tc 
t a n € +  tantc 

tan0 = 

sin 0 
sin E 

Rae = -Ra 

1 - 1 0  x l J '  Y 
r- 

Figure 10. Equivalent tapered roller and plane 

The Reynolds equation appropriate for time- 
invariant conditions can be expressed as follows. 

Substituting for c = pH3/(12fjU), Equation 13 
in non-dimensional terms becomes 

The finite difference approximation is; 

The boundary conditions for this problem are 
as follows. 

P = o a tX = -m, -I 5 Y 5 i 
P = O  a t X = i i , - i < Y < i  
P = O  a t - m < X < i i , Y = t  
P = O  a t - m < X < n , Y = - l  

- 

at the cavitation boundary. 

The dimensionless film thickness H ( x , Y )  at the 
point (X, Y) can be given as 

H(X,Y) = Hoo + J(X,Y) + S ( X , Y )  (16) 
The elastic deformation in a contact area is cal- 

culated as described by Hamrock and Dowson [4]. 
The elastic deformation can be written as 

See Appendix B for Di. , j * .  

be obtained from Equation A2 as 
The dimensionless geometrical separation can 

- 

X 2  (18) 
1 cos 0 

S(X,Y) = - .  2 1hY sin0/ROe + 1 

The force equilibrium equation in dimension- 
less form can be expressed as 

The mean surface velocities, u in I direction 
and v in the y direction, can be written as 

u = { U , ~ C O S ( Y ~  + (Rae + ysin8) . ~ , } / 2  (20) 

(21) v =  ( -uZy sin at - I sin 0 . wn)/2 

where 
yc sin 0 + Rae 

cos 0 wa uxy = 



624 

Nominal bore diameter 
Nominal outside diameter 
Nominal width 
Roller large end diameter 
Nominal roller length (1) 
Roller chamfer 
Roller effective length (la) 
Crown radius of roller (R,.) 
Radius of roller end ( R d )  
Outer raceway half angle (a) 
Inner raceway half angle (p) 
Flange angle (v) 
Number of roller (zl 

that H ( x , y )  does not fall below zero. The predic- 
tion of H O O  at the n-th iterations is given as 

34.295 mm 
65.087 mm 
18.034 mm 
7.506 mm 
12.81 mm 
1.22 mm 
10.17 mm 
2680 mm 
98.31 mm 

14.0833 a 

10.5833 
11.0333 

19 

at = tan-' [z {z2 / t an28  

Rae tan4 6 
sine( 1 - tan4 8) yc = + .  1 - tan4 B 

tan4 e(y + Ra,/sinO)2 

1 x2 tan2e  - tan4 e I l l2  
- (24) 

As 21 is very small with small sin at and sin 0, it is 
assumed that 2, = 0 in this paper. See reference 
[9] for more details. 

The variation of density with pressure is given 
by Dowson and Higginson's formula [2] as follows. 

The variation of viscosity with pressure is ob- 
tained from the Roelands equation [8] and can be 
written as 

1-( 1 t P / c p ) z '  

(26) 
17=-=(E?) - 1 7  

170 

5.2. I te ra t ive  formula  
By defining the left hand side of Equation 15 as 

F(i , j ) ,  the iterative formula in  the n-th iterations 
to solve Pi,j can be obtained as follows. 

The solutions of all P,,j can be obtained by ap- 
plying Equation 27 at  each i and j until errors 
become less than specified tolerances. This iter- 
ative formula has been used the with multigrid 
method [1,7]. 

During the iterations, I100 has to  be renewed 
to satisfy the force equilibrium equation, but the 
modification should be small enough to ensure 

6. Resul t s  

6.1. Approx ima te  fluid fi lm model 
6.1.1. Calculat ion de ta i l s  

The geometrical dimensions of sample bear- 
ing and the properties of sample oil (VG 32) are 
shown in Tables and 1 2, respectively. 

The analyses have been carried out by chang- 
ing the rotational frequency of the inner raceway 
with other conditions fixed. The conditions for 
comparisons between a dry contact model and 
the approximate fluid film lubrication model are 
shown in Table 3. Also, the conditions to  cal- 
culate the effect of the rotational frequency are 
shown in Table 4 

Type:LM48548/LM48510 
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coefficient 

Table 2 
Properties of the sample lubricant, turbine Oil 
VG32 at 313.5 K (40°C) 

Therefore, the fatigue life predictions of ta- 
pered roller bearings may not be affected by con- 
sidering EHD film thicknesses under those con- 
ditions as the fatigue life is calculated from the 
distributions of the roller loads. 

Viscosity 30.89 mPa.s The roller end and flange contact angles vj 
shown in Figure 14 also show no difference un- 
der these conditions. 

0" 

0" 

Table 3 
Conditions to calculate comparisons between the 

YE 

YY 

dry and EHD models 
Radial load 
Axial load 
Misalignment around 
the X axis 
Misalignment around 
the Y axis 

-102 N 

15.0- 

U 

0 
tdlO.0- - 
?4 c 
c 
0 5.0- 
0 

4- loo00 tpm. DRY 
+- 24wO rpm. DRY -.- loo00 tpm. EHD -.- 24000 Ipm. EHD 

O . O I , ,  , I I I I I I 

Inner raceway ro- 
tational frequency 

0 : 10000 : 24000 rpmNj 

Table 4 
Conditions for analyses with varying rotational 

Radial load 4.5 kN IFx 
Axial load 4.5 kN 
Misalignment around 0 "  
the X i x i s  1 
Misalignment around 
the Y axis 
Inner raceway ro- 
tational frequency 

2000 : 4000 : 6000 : 
8000 : 10000 rpm Nj 

6.1.2. Comparison with a dry contact 

The results for the inner, outer and flange con- 
tact loads are shown in Figures 11, 12 and 13 
as a function of the roller positions respectively. 
The differences of these contact loads between the 
EHD and dry contact analyses are very small. 

model 

Figure 11. Inner raceway contact loads 

+ Otpm 
4- 1OWOrpm.DRY 
-& 24ooo tpm. DRY 
-v- lw00 Qm. EHD -.- 2- m. EHD 

9 I 

0. 
1 2  3 4 5 6 7 8 9 10 

Roller position 

Figure 12. Outer raceway contact loads 
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*1$ N 

1.0- 

'13 m 
0 

p 0.5- 
- - 
c 
C s 

4- tWOOrpm.DRY 
-& 24wOrpm.DRY -.- 1MXx) rpm, EHD 

'1 O-* rad 

5 2.21 

1 
I I I I I I I I I  

1 2  3 4 5 6 7 8 9 10 
Roller position 

g o 5  

ii :) ! !  ; +; 
0 

1 2  3 4 5 8 7 8 9 10 
Roller Position 

Figure 15. Effect of rotational frequency on min- - 

imum film thickness at the inner raceway 

I I I I I I I I I I  "." 
1 2  3 4 5 6 7 8 9 10 

Roller position 

Figure 14. Roller end and flange contact angle 

Figure 16. Effect of rotational frequency on min- 
imum film thickness at the outer raceway 

6.1.3. Effect of rotational frequency 
The minimum film thicknesses at  the inner and 

outer raceways and the flange are increased with 
increasing rotational frequency, as shown in Fig- 
ures 15, 16 and 17, as expected from the EHD 
film thickness formulae. 

The central film thicknesses at  the inner and 
outer raceways and the flange are also increased 
with increasing rotational frequency, as shown in 
Figures 18, 19 and 20. 

Figures 21 and 22 show the effects of rotational 
frequency on the deflections of the inner raceway. 
The formation of the oil film does not affect the 
radial deflection but the axial deflection is de- 
creased with increases the rotational frequency. 

EE 0.0 1 2  3 4 5 . 6  7 8 9 10 

Roller position 

Figure 17. Effect of rotational frequency on min- 
imum film thicknesses at the flange 
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Centre radius 
Half length 
Crown radius 
Taper angle 
Modulus of 
elasticity 
Poisson's ratio 
Effective elastic 
modulus 

Figure 18. Effect of rotational frequency on cen- 
tral film thickness at the inner raceway 

10.0 mm (Rae) 
25.0 mm ( I h )  

3000 mm (Rp) 
0.349 radians (0) (20' ) 
208.0 GPa ( E a , b )  

0.3 (va,b) 
228.6 GPa (E') 

Figure 19. Effect of rotational frequency on cen- 
tral film thickness at  the outer raceway 

0 1 2  3 4 5 6 7 8 9 10 
Roller position 

Figure 20. Effect of rotational frequency on cen- 
tral film thicknesses at the flange 

_. 1 I I I 

0.0 2.0 4.0 6.0 8.0 10.0 
Rotational Frequency, '10 3rpm 

Figure 21. Effect of rotational frequency on radial 
deflection of the inner raceway on the EHD model 

-. - 
0.0 2.0 4.0 6.0 8.0 10.0 

Rotational Frequency, '10 3rpm 

Figure 22. Effect of rotational frequency on axial 
deflection of the inner raceway on the EHD model 

6.2. h l l  EHD analysis 
6.2.1. Calculation details 

The geometrical dimensions of a sample ta- 
pered roller are given in Table 5 and the prop- 
erties of the lubricant, turbine oil VG 32, have 
been shown in Table 2. 
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All results were calculated by a V-cycle full 
rnultigrid, with the coarsest grid and the finest 
grid of 17x17 and 65x65, respectively. Domains 
for calculations were taken as -0.05 . R,, < X < 

The coefficient w was set to  0.1-0.8 and W H O O  

was fixed as 1 . 0 ~  The tolerance of the pres- 
sures and the force equilibrium equation were set 
to ~ . O X ~ O - ~  and 1 . 0 ~ 1 0 - ~ ,  respectively. The  ini- 
tial values of P were all set to  zero and, therefore, 
the initial values of d were all zero. 

0.025 . Rae and -0.5 . l h  < Y < 0.5 . It,. 

6.2.2. Effect of speeds 
Calculations have been carried out for various 

U = l.OxlO-", 1 . 0 ~ 1 0 - ~ ~  and ~ . O X ~ O - ~  with 
W = ~ . O X ~ O - ~  and G = 4571. 

The variations of P and H along the X-axis 
are shown in Figure 23. The pressure spike is 
clearly visible and the restriction at  the outlet 
and the flat area a t  the centre are clearly seen. 
With increasing U ,  the pressure spike is appeared 
and the position moves toward the inlet. The 
film thickness is increased with increasing U ,  as 
expected. 

The contour plots of P and H for U are shown 
i n  Figures 24 and 25. These figures are trans- 
formed into a square, but the actual size is X : 
Y = 1 : 12. 

With U increasing, the gradient of the inlet and 
outlet pressure becomes smaller and larger, re- 
spectively. At low speed, the pressure profiles are 
very similar to  those of a Hertzian contact but 
they are asymmetrical due to  the geometry. The 
asymmetry of the profiles increases with increas- 
ing of U .  Although a pressure spike occurs a t  
these conditions, i t  is not very clear. 

The film thicknesses in the central area for var- 
ious U are flat, which corresponds t o  the feature 
of the pressure distributions. The restriction ap- 
pears in the flat area near the outlet and there 
is no horseshoe feature which would have been 
expected in elliptical conjunctions. 

9 1 0 ~  

4.0- 

3.5- 

3.0- 

$ 2.5- 

a 
f 

- I 2.0- 
a 

0 a 5 1.5- 
E 

1 .0- 
6 

0.5- 

-0.04 -0.02 0.0 0.02 
X 

(a) dimensionless pressure 

'10' 

U 
- 1.OE-11 

-0.04 -0.02 0.0 0.02 
X 

(b)  dimensionless film thickness 

Figure 23. Variation of pressure and film thick- 
ness for dimensionless speeds along the X-axis a t  
G = 4571 and W = ~ . O X ~ O - ~  
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0.2 

0. I 

* 0.0 

-0.1 

-0.2 

0.2 

0.1 

* 0.0 

-0.1 

-0.2 

0.2 

0.1 

* 0.0 

-0.1 

-0.2 

-0.02 -0.01 0.00 0.01 0.02 

X 

(a) U = I . O X I O - "  (b) U = 1 . 0 ~ 1 0 - ' ~  

-0.02 -0.01 0.00 0.01 0.02 

X 

(.) u = 1.0~10-~ 

Y 

Rolling direction 

Figure 24. Contour plots of dimensionless pressure for various Uat G = 4571 and W = ~ . O X ~ O - ~  
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(a) U = I . O X ~ O - "  (b) U = 1 . 0 ~ 1 0 - ' ~  

0.2 

0. I 

0.0 

-0.1 

-0.2 

-0.02 -0.01 0.00 0.0 I 0.02 
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Figure 25. Contour plots of dimensionless film thickness for various U at G = 4571 and W = 1 . 0 ~  
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6.2.3. Effect of loads 
Calculations were also carried out for W = 

5 . 0 ~ 1 0 - ~ ,  ~ . O X ~ O - ~  and 5 . 0 ~ 1 0 - ~  with U = 
1 . 0 ~ 1 0 - ' ~  and G=4571. 

The variation of P and H along the X-axis for 
each W is shown in Figure 26. 

The pressurised area increases with increasing 
W .  Also, P,,, is rapidly increased with increasing 
W .  The pressure at the spike is higher than Po, 
at lighter load but P,,, becomes greater than the 
pressure at the spike with increasing W .  

The central area of the film thicknesses is flat 
and the flat area increases with increasing W .  
H,,, decreases very slowly with increasing W and 
Hmjn also behaves in a similar way. 

The restriction in the film thickness moves to- 
wards the outlet with increasing W as the pres- 
surised area is increased. 

The contour plots of P and H for each condi- 
tion are shown in Figures 27 and 28. 

It is clear that  the pressurised area increases 
with W as a natural result. The pressure spike 
occurs under all these conditions but it is only 
clearly visible a t  W=5.0x 

The asymmetry of the profiles, due to the ge- 
ometry and heavier loads, makes them noticeable. 

The central flat area, the restriction at  the out- 
let and the asymmetry of film thickness can be 
recognised. The central flat area increases and 
the restriction at  the outlet moves the outlet with 
increasing W as the wider area is needed to sup- 
port heavier load. 

Again the asymmetry of the profiles increases 
as W increases. 

'lo" 

'10' 

1'21\ 

-0.04 -0.02 0.0 0.02 
X 

(a) dimensionless pressure 

W 
5.OE-6 - 

0.0 ' I I I I 

-0.04 -0.02 0.0 0.02 
X 

(b) dimensionless film thickness 

Figure 26. Variation of pressure and film thick- 
ness for dimensionless loads along the X-axis at. 
G = 4571 and U = 1 . 0 ~ 1 0 - ' ~  
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Figure 27. Contour plots of dimensionless pressure for various W at G = 4571 and U = 1 . 0 ~  lo-'' 
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Figure 28. Contour plots of dimensionless film thickness for various W at G = 4571 and U = 1 . 0 ~  lo-'' 
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U 

Hmin x 

Hk;:) x 
H,,, x 
Hi$D) x 
P,,, x 
Ph x lo - ’  
UifHmin [%I 
DifHcen [%] 
DifPcen [%] 

W 

7. Comparisons of computed film thick- 
nesses and pressures with those pre- 
dicted by simple analyses 

The film thicknesses and pressures shown in the 
previous sections were compared with those pre- 
dicted by EHD film thickness formulae (Hamrock 
and Dowson’s formulae [4]) and by the Hertzian 
analysis on the assumption that the conjunction 
was elliptical. The values of U for the prediction 
were taken those at the centre of the roller. 

The results of the calculations are shown in Ta- 
ble 6. 

1.0 x 10-”1.0x lo - ’ o l  .ox 10-9 
1 . 0 ~ 1 0 - ~  1 . 0 ~ 1 0 - ~  1 . 0 ~ 1 0 - ~  

1.686 8.199 38.490 
1.731 8.286 39.658 
2.186 10.134 42.063 
1.940 9.073 49.519 

0.3363 0.3305 0.3196 
0.3409 0.3409 0.3409 

4.5 1.1 3.0 
11.3 10.5 17.7 
1.4 3.2 6.7 

W 
U 
Hmjn x 

H,,, x 
HiZD’ x 
Pc,, x lo- ’  
Ph x lo-’  
DifHnlin [%] 
DifHcen [%] 
DifPcen [%] 

Elmin  ( H D )  x 

5 . 0 ~  1 . 0 ~  5 . 0 ~  
1.0x10-’01.0x10-’~1.0x10-’0 

10.052 8.199 7.881 
8.716 8.286 7.367 
11.727 10.134 10.223 
9.505 9.073 8.146 
0.2499 0.3305 0.5552 
0.2706 0.3409 0.5830 

13.3 1.1 6.5 
19.0 10.5 20.3 
8.3 3.2 1.4 

The differences DifHmjn at the lowest loaded 
condition, W = 5.Ox1Op6, is 13.3%. Other dif- 
ferences DifHmjn are within the range 1.1% and 
6.5%. Therefore, the agreements on Hm,, are 
very good except for the lowest loaded condition. 

By contrast, DifHcen ranges from 10.5% to 
20.3%. These differences are caused by the geom- 
etry of the conjunction which causes the asymme- 
try of the film profiles and the pressure distribu- 
tions. 

The agreements of P,,, are very good as 
Difpcen values are within the range 1.4% and 
8.3%. 

8. Conclusions 

An approximate fluid film lubrication model 
based upon the application of elastohydrody- 
namic (EHD) film thickness formulae has been 
introduced to the kinematics and static loading 
analysis of tapered roller bearings. 

Calculations to compare a dry contact model 
and the approximate fluid film lubrication model 
and to  investigate the effect of rotational fre- 
quency have been carried out. As a result, it can 
be concluded that;  

1. It has been clearly demonstrated that the 
EHD effect upon the load distributions, 
the contact angles of the roller end and 
flange, the contact load distributions and 
the radial deflections of the inner raceway 
for various values of rotational frequency 
and misalignment are very small. On the 
other hand, the axial deflection of the in- 
ner raceway decreases with increasing rota- 
tional frequency. 

2. The minimum and central film thicknesses 
in all contact areas increase with increasing 
rotational frequency, as expected from EHD 
film thickness formulae. 

Also, a full EHD analyses of barrelled isosce- 
les trapezium conjunctions to simulate tapered 
roller and raceway contacts has been carried out. 
By varying the speed parameter and/or the load 
parameter, the distributions of pressure and film 
thickness have been obtained. These results can 
give the following conclusions. 
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1. Pressure and film thickness profiles are 
asymmetrical due to the geometry of the 
barrelled isosceles trapezium conjunction 
and the asymmetry increase with speed and 
load. 

2. The film thickness in the central area is es- 
sentially flat and the restriction in the film 
thickness occurs at  the outlet, but there is 
no horseshoe shape. Pressure spikes occur 
near the outlet, except at  the lowest speed, 
as expected. The position of the restric- 
tion shifts toward the outlet with increasing 
load. 

3. Minimum and central film thicknesses in- 
crease with speed but decrease very slowly 
with increasing load. 

4. The minimum film thicknesses agree quite 
well with those predicted by the EHD film 
thickness formula, except at  the lowest 
loaded condition, since the differences be- 
tween those are 13.3% under the lowest 
loaded condition and 1.1% to 6.5% under 
other conditions. By contrast, the differ- 
ences in the central film thickness from 
those predicted by the EHD film thickness 
formula are large (10.5% - 20.3%). 

5. The central pressures agree very well with 
the  Hertzian maximum pressure with dif- 
ferences of only 1.4% to 8.3%. Therefore, 
central pressures in the range of these condi- 
tions can be predicted well by the Hertzian 
analysis. 
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AppendixA. Equivalent Tapered roller 

The geometry of a tapered roller adjacent to 
a tapered raceway can be effectively redefined in 
terms of an equivalent tapered roller approaching 
a plane. 

Consider a rigid tapered roller which just tou- 
ches a rigid inner or outer raceway as shown in 
Figures A1 and A2. The total separation of the 
roller and the raceway can be given by using the 
parabolic approximation as 

('41) S&I) M - 1 1  (- + -) 1 x t z  2y' t an€  tanrc 

where 6 is the taper angle of the roller and K is 
the taper angle of the raceway, -a for the outer 
raceway and p for the inner raceway as indicated 
in Figures A1 and A2. 
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I 
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Le - * 
Roller 

Roller centre line 
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Figure A l .  Tapered roller and inner raceway con- 
tact Figure A3. Equivalent tapered roller and plane 
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- Y. Y' 

Outer race centre line - 

The two separations, s ~ z l , y l )  and S{zl,y,), should 
be the same for a given pair of 2' and y'. There- 
fore, 0 can be defined by using c and K as follows 
by comparing Equations A1 and A2.  

tan c tan K 

t a n € +  tanK 
tan0 = 

Thus, the mean radius of the equivalent ta- 
pered roller can be expressed as 

sin 0 
sin c 

Rae = -Ra 

AppendixB. Influence coefficient 

The influence coefficient of elastic deformation 
as defined in Equation 17 is as follows. 

Figure A2. Tapered roller and outer raceway con- 
tact Di.,j. = 2b(i* - 1) [ a(j* - 1) + @(j*  - 1 ) 2  + P(i* - 1 ) Z  

1 
Figure A3 shows the geometry of the tapered aj* + 4- 

roller and plane contact. The geometrical sep- 
aration of the equivalent tapered roller and the 
plane in the 2' - y' - S' coordinate system with 
the parabolic approximation can be written as, 

+2a(j* - '1 

x l n  [ 
+26i* In 

b(i* - 1) + J i i 2 ( j *  - 1)2 + P(i* - 112 

bi* + J- 
(A2) 

M -- 1 1 2/2 
% J l Y 7  2y' tan 0 

a(j* - 
where 0 is the taper angle of the equivalent roller 
as indicated in Figure A3. 
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AppendixC. Partial derivative 

The left hand side of Equation 15 is 

Therefore, the partial derivative in the iterative 
formula, Equation 27, is as follows. 
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ELASTOHYDRODYNAMIC LUBRICATION IN PLAIN BEARINGS 
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The development of predictive technique based upon the theory of elastohydrodynamic lubrication (EHL) has 
made a powelfid tool available to bearing researchers and application engineers. Its application has subsequently 
assisted to understand many aspects of engine bearing behaviour, and effects of the interaction between a bearing 
and its supporting housing. The paper describes some recent work carried out in the field. Efforts are made to relate 
solutions from EHL analyses to the practical experiences encountered in the field. It reveals an excellent agreement 
between some of the experienced problems and the predictions. It shows that the structural stiffness of the bearing 
and housing can have a significant influence upon bearing performance. The use of the EHL predictive tool is also 
extended to investigate the stress state of the bearing and housing system. Results conelate qualitatively well with 
damage in the bearing used in a test rig. 

1. INTRODUCTION 

The progress in engine technology has led to the 
new generation of engines which operate at higher 
speeds and produce greater power output. On the 
other hand, the consistent drive for lighter components 
makes the inertial loading and substantial elastic 
deflection become the dominant features associated 
with many engine components. In particular, a 
connecting-rod bearing experiences a complex 
sequence of severe structural distortion through an 
engine cycle. Under such conditions, the lubrication of 
the crankpin and connecting rod bearing is 
significantly affected. In order to effectively 
understand the operational behaviour of the bearing, it 
is esserltial that the elastohydrodynamic lubrication 
( E m )  theoiy is adopted. An tool based on such a 
theory enablcs us to achieve much more realistic 
predictions of the performance of engine bearings, 
particularly in the case of connecting rod big ends['**I. 
As demonstrated by many researchers, the adoption of 
such a tool can greatly enhance our understanding of 
how engine bearings operateI'l. 

The development of the numerical simulation tool 
for the elastohydrodynamic lubrication of dynamically 
loaded bearings has proved difficult. A significant 
break through was only achieved with the help of the 
improved computing power and the adoption of the 

Newton-Raphson t e ~ h n i q u e [ ~ - ~ ~ ] ,  The methods 
employed an compliance matrix of the bearing surface 
in the analysis. Due to the non-linear nature of the 
problem, an iterative scheme was used to achieve 
converged solutions. The method developed were 
either finite difference or finite element based 
techniques. Departing from this, Kumar et a1 
developed a modal approach to the problem["] . By 
selecting a number of basic modes of the bearing 
surface distortion, this method used a linear 
combination of them to approximate the actual 
deformed bearing shape. By skilfully restricting the 
number of the modes to be used in analysis, it was 
possible to achieve reasonably accurate solution 
efficiently. 

The realistic predictions of oil film pressures can 
be also employed in FE analyses of the 
bearinghousing structure. Such an analysis can 
provide us with more relevant information which is 
essential for the understanding the working 
mechanism of a bearing in teims of not only 
lubrication parameters but also its stress state and 
interaction with the housing. It can be expected that 
the use of EHL solutions will inevitable make the 
results of such analyses more credible. 

This paper starts with a brief review of the work in 
the development of elastohydrodynamic lubrication of 
plain bearings. The progress and approaches 
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PROGRAM SOURCE 

Fantina, Godet & Frcnc, ( 1  983) 

Oh B Goenha, (1  985) 

Gocnha & Oh, ( 1  986) 

cniployed b y  diffcrcnt researchers are then 
summai-ised. this is followed hy the subject of the 
application of the EHL tools for enhancing our 
understanding of the engine journal bearings. The 
general characteristics of EHI, in engine crankpin 
bearings are examined. Efforts ai-e thcn made to 
rclatc predictions from EHL analyses to the practical 
cspcrienccs associated with bearings used in both car 
engines and a bearing test rig. Finally thc influence of 
stiuctural designs of a connecting rod upon the 
hearing pcr-foimancc is studied. A comparison of 
solutions fiom two rod designs rcvcals exciting 
di ffei-enccs 

LUBRICATION ELASTIC INERTIAL 
TI-IEORY MODEL EFFECTS 

Shoit 2D No 

Finite 3D No 

Short* 3D No 

2. DEVELOPMENT IN EHL TECHNIQUES 

Mclvor B Fenner, ( 1989) 

Xu & Smith, (1  990) 

van dcr Teiiipcl, Mocs & Bosnia, 
( 1985) 

Elastohydrodynamic lubrication is a phenomenon 
when the generated hydrodynamic pressure in a 
luhricated con-junction is so high that it causes 
signilicant elastic deformation to the bounding 
sui-faces. This leads to a modification to thc shapc of 
thc fluid film i n  the lubricated con.iunctiun, which in 
turn modifies hydrodynamic pressure. I n  the case of a 
plain bearing, the defoImation of the hearing surface 

Finite 3D No 

Finite 2D No 

Short 21) No 

is controlled by the structure of the hearing and 
housing. When a plain bearing is used in an 1C 
cngine, it is subjected to a dynamic load, which 
repeats through each engine cycle. The understanding 
of such a lubrication process becomes 
overwhelmingly comples matter. 

The dcvclopment of predictive tools for the 
analysis of the elastohydrodynamic lubrication of 
dynamically loaded plain bearings had a difficult start. 
It was not until the middle of 80s when some 
successful computational packages were 
development. 'I'he dramatic enhancement i n  the 
computing power and the introduction of some robust 
numerical algorithms contributed much to  the 
progress. 'I'he numerical methods employed in the 
analysis were mainly bascd upon either a finite 
difference or a finite element approximation, with an 
exception of the deflection modes based method 
developed by Kumar et al. At an early stage of the 
development, short bcaring and 21) stiuctural 
assumptions were adopted by some group of 
researchers in order to derive at more rapid solutions. 
As faster and faster computers emerged, this conceim 
became a less important issue. On the contraiy, 

Aithcn B McCallion, (1  991 ) 

Kunar, Goenka & Booker, ( 1990) 

Honncau, Ciuines, Frene & 
ToploshJr, ( 1995) 

Krasser, I .aback, Loibnegger & 
Priebsch, (1 994) 

Short* 2D Yes 

Finite Modeshapes No 

Finite 3D Yes 

Finite 3D No 

SOLIJTION 
TECHNIQlJIi** 

1;oiwird Iterative, FII 

Newton-Kaphson, 1:E 

Newton-Raphson, IT 

Newton-Kaphson, FI< 

Newton-Raphson. FD 

Newton-Raphson, FD 

Newton-Raphson, FF 

Newton-Raphson, FE 

~~ 

Forward Iterative & 
Newton-Kaphson, F D  
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attempts were made by some researchers to include 
more parameters in the study Recently, the effects of 
the bearing and housing body force have been 
included Table 1 gives a summary of the 
development work carried out by different 
researchers 

3. EHL OF ENGINE PLAIN BEARINGS 

As mentioned in the introduction, an engine 
connecting rod bearing typically operates in an 
elastohydrodynamic lubrication regime. The 
compliance of the bearing surface around the crankpin 
can significantly modil) the distribution of the 
hydrodynamic pressure. This effect is particularly 
pronounced when the cap half of a connecting rod 
bearing is loaded against the journal. Figures 1 and 2 
give a comparison of the bearing clearance shape and 
the pressure profile along the centre line of the 
connecting rod bearing of a modem passenger car 
engine. Comparisons of solutions from EHL, and rigid 
analyses are made in these diagrams. The inner circle 
represents the crankpin while the out line is a plot of 
the bearing surface profile along the centre line 
position. For EHL results, effects of the elastic 
deflection is also included. The dashed lines between 
the crakpin circle and the bearing profile line 
represent oil film thicknesses, while the ai-rowcd solid 
lines indicate the locations and magnitudes of 
hydrodynamic pressures. The con-rod axis is vertical 
and the lower half of the plot corresponds to the cap 
half of the bearing. 

cc.c( 
0 40 80 I20 (MPa) & Film Pressure + 

In Figure 1, the results are taken from 15 degree 
crank angle at the maximum torque condition (4500 
rev/min). ‘The EHL effect has led to the reduction of 
the maximum hydrodynamic pressure from just under 
200 MPa to about 135 MPa. This means that the rigid 
analysis overestimates the peak pressure by near 50%. 
When the bearing is loaded on the more flexible part 
of the structure, the high pressure zone spreads 
widely in the circumferential direction, which is in 
sharp contrast to the rigid solution, as shown in Figure 
2. Results presented in this diagram are taken from the 
engine top dead centre non-firing position, which 
leads to the maximum loading against the cap of the 
connecting rod. The engine speed used in this analysis 
is 6500 revlmin. It is clear that the EHI, effect causes 
the production of two high pressure peaks at the two 
ends of the lubrication conjunction. The actual peak 
hydrodynamic pressure is significantly lower than 
what is predicted by the rigid theory. This agrees with 
the general nature of EHL: the softer the materials of 
the bounding suifaces are, the greater reduction in the 
peak hydrodynamic pressure is. 

- 
0 40 80 120 (MR) 
Film Pressure + 

(a) Rigid Solution (b) EHL Solution 

Figure 2. Oil Film Pressure and Film thickness for 
a Connecting rod Bearing at 6500 rev/min 

The two high pressure zones can be attributed to 
the pinch effect when the applied load acts to stretch 
the bearing and housing structure. This effect is 
unique to the elastohydrodynamic lubrication of the 
cap half of connecting rod bearings. It is of interest to 
note that these footprints of two peak pressure regions 
correspond well with positions of bearing damagc in 
some high speed engines, which include hard rubs and 

Rigid Solution 

Figure 1. Oil Film pressures and Film thickness for 
a Connecting Rod Bearing at 4500 rev/min 

EHL Solution 
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fatigue cracks. Such damage has been reported on cap 
bearings at positions nearer to the split line than to the 
crown of the bearing. 

Centre Une Mlnlmum Oil Film Thickness (pm) 
I o n  

I o 9o 180 270 360 450 540 630 no 
Crank Angle (degrees) 

Figure 3. Minknum Oil Film Thlckness for Connecting Rod 
Crankpin Bearing at 6500 rev/min - Rigld vs EHL 

The presence of bearing surface flexibility has 
generally an adverse effect upon the minimum value 
of oil film thickness. ' h i s  occurs normally at the very 
edge of the bearing. Indeed, this prediction is verified 
by the measurement of some tested bearings, which 
demonstrate changes in the profile of the bearing 
surfaces. These changes may be attributed to the wear 
of the bearing surface or plastic displacement of the 
bearing material. The maximum changes of profile are 
measured at the bearing edge. However, along the 
bearing centre line, the minimum oil film thickness is 
significantly increased. Figure 3 gives a comparison of 
the through cycle variation of the minimum oil film 
thicknesses along the centre line of the bearing as 
predicted by the EHL and rigid theories. With elastic 
deflection of the bearing surface, the minimum oil film 
thickness experiences considerably less variation. 

4. EHL FOR PRACTICAL PROBLEMS. 

4.1 High speed con-rod bearings 
In figures 4 and 5, photographs of the cap 

bearings from two different engines are shown. Both 
of the bearings were damaged after running at high 
speed. ' h e  bearing in Figure 4 was for a passenger 
car engine. The problem was reported to occur when 
the engine was operated at over 6000 rev/min. The 
severe fatigue and other damage was unusual and 
raised concerns that the overall rigidity and the 

relative differences of the rigidity at different locations 
may have caused adverse effects upon the 
hydrodynamic performance of the bearing. This led to 
more severe stressing of the bearing lining and 
resulting in premature fatigue. The bearing given in 
Figure 5 was from a high performance engine. Severe 
wear was reported when the engine speed was 
increased beyond 15000 rev/min. For both bearings, 
the damage is shown to be near to the split lines of the 
bearings. They are located at the leading sides of the 
bearings as observed from the rotating journal. 
Interestingly, the higher the engine speed is, the nearer 
the location of the damage is to the split line. 

Figure 4. Fatigudwear mark of the cap half of a 
con-rod bearing of a passenger car engine, 
after running at 6000 rpm 

It is obvious that the conventional rigid bearing 
theories are deficient in tackling these problems. 
However, the pinch effect discussed in the foregoing 
section is able to provide us with some insight of the 
problem. EHL simulations were thus carried out to 
understand the problems. 

The isometric pressure distribution of the 
passenger car engine connecting rod bearing is shown 
in Figure 6. This is at 360 degree crank angle, when 
the maximum inertial loading is produced. It can be 
seen that the two hydrodynamic pressure peaks are 
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generated in the regions about 20-30 degrees from the with the peak pressure at about 10 degrees from the 
split lines. The location of the leading pressure peak split. More interestingly, the pressures also vary 
correlates well with the observed position of damage markedly in the axial direction, with high values occur 
in the bearing (figure 4). very near to the bearing edge. In the central part, the 

pressures are significantly lower. This effect is 
confumed by the practical observation. As shown in 
Figure 5, the severe wear marks appear at the bearing 
edge, starting from the split line of the cap bearing. A 
careful examination of the predicted results also 
shows that the pressure peak on the leading side of the 
cap bearing is higher that on the trailing side. For the 
oil film, a thinner film is associated with the leading 
peak. This is of interest since the wear marks are 
located on the leading side of the bearing. 

Figure 5. Wear at the leading split linr area of thr cap half of a 
high sped racingcar run-rul brarinq I 

Figure 7 .  Isometric view of oil film pressure on the con- 

rod bearing of a high performance engine 

(Engine peed: 16000 rev/min; 359 degree crank angle) 
Figure 6. Isometric pressure distribution of the con-rod 
bearing of a passenger car engine 
(360 degree crank angle, 7000 revlmin) 

In Figure 7, the pressure profile of a high 
performance engine connecting rod bearing is 
presented. The diagram is at 359 degree crank angle 
position. This is the time when the bearing 
experiences its maximum peak oil film pressure, and 
nearly the maximum inertial load. The pressure 
disaibution is quite different from the one produced at 
lower engine speed (Figure 6). The peak pressure 
regions have shifted right to the bearing split line, 

4.2. Sapphire seizure test 
The Sapphire bearing test rig is widely used by 

bearing manufacturers for bearing material 
development and production quality assurance. It is 
also used for tests for other purposes. One of them is 
to test the seizure resistance of bearing materials. In 
the test, an axial groove is machined on the lining 
close to the bearing crown in order to disrupt the 
formation of oil film and thus induce the occurrence of 
bearing seizure. 
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Figure 8. Surface Condition of a tested Sapphire 
seizure test bearing 

The optical examination of the tested bearing 
shows that the bearing surface immediately 
downstream the axial groove is significantly polished. 
So is a very narrow band immediately upstream the 
groove. Interestingly, a column of pits also appears 
inside the polished narrow band. Figure 8 give a 
simple illustration of these observed features. 

EHL analysis of the bearing behaviour was 
carried out. In Figure 9, the clearance shape and the 
profile of the oil film pressures along the centre line of 
the bearing is presented. 'The results are taken at 3 
degree crank angle, when the peak oil film pressure 
peaks. The diagram is in the same format of Figures 1 
and 2, with the journal rotating in the clockwise 
direction. The upward slot of the surface a1 the upper 
left comer of the bearing represents the axial groove. 
It is obvious that the oil film thickness in the region 
downstream to the axial groove is very thin. However, 
the peak oil film pressure occurs on the other side of 
the groove. More importantly, its magnitude is 
significantly higher than that produced from an 
ungrooved bearing. On the upstream side of the 
groove, the bearing surface also forms a sharp 
intrusion into the oil film. 

All this information provides an excellent 
explanation of the observations. The very thin oil film 
thickness in the region downstream of the groove 
leads to severe local wear. As this happens, the 
bearing surface drop down and reduces the oil film 
thickness at the extruded tip on the upstream side of 
the groove, which then produce the narrow band of 
the polished surface (wear mark). In Figure 10, an 
isometric view of the pressure profile is provided in 
order to understand the mechanism of the pits 
generation. It is shown that the oil film pressure peak 

is also very narrow and located right at the position 
where pitting occurs. Since the value of the pressure 
is over 500 MPa and varies through each test cycle, it 
can be concluded that this damage is due to the 
material failing under fatigue. 
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Figure 9. Oil ilm pressure and clearance shape along 
the centre line of the bearing at 3 degree crank angle 

Fgiure 10. Isometric view of pressure profile 
generated on a bearing for Sapphire seizure test, 
(at 3 degree crank angle, 3000 rev/min) 
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5. EHL RESULTS FOR STRESS ANALYSIS 

The bearing and connecting rod from the 
Sapphire bearing test rig has been selected for the 
EHL and stress analysis. In this study, efforts were 
made to understand the fatigue cracks generated in the 
tested bearings. Postmortem examination of the 
Sapphire tested bearings reveal generally two types of 
cracks: one type is a cracking face going vertically 
from the surface of the bearing down to the bonding 
layer between the bearing lining and the steel backing, 
the other type is along the lining/steel bonding layer, 
as illustrated in Figure 11. This diagram is reproduced 
from the measurement data. The fust type of the crack 
does not always come to the bearing edge. These 
cracks are generated in the rod bearing at the location 
of the maximum peak pressure, in areas near to the 
bearing edges. In the diagram, the area enclosed by 
the dotted line is the cracking area in the bonding 
layer, while the solid line represent the vertical cracks. 

Figure 11. Cracks observed from the Sapphire 
tested bearings, reproduced from measured data 

In a previous paper[*’, It was shown that the rigid 
lubrication theory can lead to the overestimation of the 
peak value of the hydrodynamic pressure by a factor 
of 5 .  It is therefore essential to use the realistic 
pressure distribution as the boundary condition for the 
stress analysis in order to understand the mechanism 
of the cracks. 

Figure 12. Contour of the shear strain on the 
bonding face in the axial dirction. 

I 

Figure 13. Contours of the normal stresses in the 
axial direction on the inner and bonding faces of 
the bearing aluminium lining 
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In figure 12, the shear strain contours are 
presented. Only the body of the bearing lining is 
shown in the diagram. The face exposed to the reader 
is the bonding f x e  between the lining and steel. The 
upper side is the bearing edge while the bottom end is 
on the bearing centre plane. The shear component is 
in  the axial direction on the circumferential plane. It 
shows a significant level of the strain in the region 
where bonding face crack is measured. However, it is 
confined only to the vicinity of the bearing edge. It is 
believed that this is one of the sources of the crack 
generation in the bonding layer. 

For the cracking in the bonding layer further 
towards the centre of the bearing, the normal stress in 
the axial direction is potentially the major contributory 
factor. Figure 13 shows the normal stresses on the 
bonding face and on the surface of the bearing lining. 
the area of high stress corresponds to the observed 
area of cracking in the bonding layer. The magnitude 
of these stress is also much higher than the yield limit 
of the bearing lining material. Should the stresses 
induce plastic deformation of the bearing, then this 
may be resisted by the more rigid steel of the backing. 
To fully understand the resulting complex stress state 
and the crack generation mechanism, it will be 
necessary to carry out an elastoplastic analysis. 

Combining the two mechanisms described above, 
it is possible to explain the observed areas of 
cracking. The kinks in the measured outline of the 
bonding layer cracking appears to mark the boundary 
between two areas. Towards the bearing edge, only 
bonding layer cracks occurs. Towards the centre of 
the bearing, both types of cracking occur. 

By comparison, it is relatively easy to explain the 
vertical crack growing towards the bonding face. As 
can be seen from Figure 13, the maximum axial 
normal stresses are over 100 MPa through the bearing 
lining. This can cause compression strain in axial 
direction, but tensile strain in the circumferential 
direction. When such a strain becomes excessive, it 
can then contribute to the form of crack faces normal 
to thc circumferential direction, which is what is 
observed in the Sapphire bearings. On the bearing 
surface the maximum stress is over 10 MPa higher 
than that in the bonding layer. Should crack appears, it 
is reasonable therefore to expected that it will start 
from the bearing surface and grow downword into the 
bearing lining, which is what was observed in the 
tested bearing. 

6. EFFECTS OF STRUCTURAL DESIGNS 

Elastohydrodynamic lubrication takes into 
account the influence of the compliance of bounding 
surfaces of the lubricated conjunction. In the case of 
engine bearing lubrication, the compliance of the 
bounding surfaces are controlled by the bearing and 
housing designs. We thus can employ the EHL 
predictive tool to enhance our knowledge of the 
engine bearing operating mechanism as a part of a 
crankshaft/-connecting-rod system. 

To assess the influence of the big end housing 
structure of a connecting rod upon the bearing 
performance, the high performance engine reported 
earlier was selected. Two different rod designs were 
used in the analyses: one has the shape of the "I" 
section rod as widely used in the industry and another 
has the "I" section of the rod turned by 90 degree, 
namely the Carillo rod. The structures of the big-end 
housings were designed accordingly, with a more 
flexible material used for the second rod. The 
strucnlral compliance of the two rods are therefore 
significantly different. For the convenience of 
presentation, the former design is to be denoted as the 
conventional rod and the latter one the Carillo rod. 

Figure 14. Effects of con-rod designs upon the 
through cycle oil film pressures 
(Con-rod bearing of a high speed engine, 16000 rpm, 
In the analysis, mnv-rod 48x3, carillo rod 48x4) 
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Simulations of the elastohydrodynamic 
lubrication of the bearing with the two rod designs 
were carried out. A brief comparison has been made 
of some of the key performance parameters. The 
results are based on the engine running condition of 
16000 rev/min at full load. 

-1 
1 I 

Figure 15. Effects of con-rod designs upon the 
through cycle bearing power losses 
(bearing of a high speed engine, 1 WOO rpm. 
In the analysis, mnv-rod 48x3, canllo rod 48x4) 

P O  180 270 >SO 450 543 624 72D 
CronM Anq'c (Ccp) 

The influence of the structural compliance of the 
bearing housing upon the bearing performance is 
shown to be pronounced. In Figure 14, the through 
cycle variation of the peak pressures are presented. 
The bearing fitted into the conventional rod is shown 
to endure much higher hydrodynamic pressures. The 
difference is particularly significant when the bearing 
load is perpendicular to the rod axis. Through most of 
the engine cycle, the pressure peak is shown to be 
about 50% higher. This is also reflected in the 
minimum oil film thickness values. As mentioned 
earlier, the minimum oil film thickness is generally 
located at the bearing edge. When the bearing is 
loaded in the lateral direction, the Carillo rod gives 
rise to a substantial reduction in the minimum film 
thickness. This effect is also contributed by the fact 
that the big-end housing of the Carillo rod has a stiffer 
support at the edge. Interestingly, this stiffness profile 
makes the variation of the oil film into a more concave 
shape. In tenns of the frictional power loss, the 
bearing backed by the conventional rod is predicted to 

induce consistently high values, as shown in Figure 
15. The through cycle average of the power loss from 
the bearing is about 15% higher than that from the 
bearing supported by the Carillo rod. 

7. CONCLUSIONS 

In this keynote paper, I have attempted to 
highlight some of the development in the area of 
elastohydrodynamic lubrication in plain bearings, in 
particular, in the areas associated with the application 
of EHL analyses to problems encountered in 
engineering practice. The results have clearly 
demonstrated the power of such a tool for providing 
an insight of bearing behaviour and influence of 
bearing and housing structure designs upon the 
bearing performance. 

Many components of the modem engines are 
designed to operate under severe elastic deformation. 
In the case of engine bearings, this can have a 
significant influence upon their operational 
performance. EHL effects can generally leads to a 
reduction in the maximum oil film pressure. Although 
it also gives rise to an increase in the minimum oil 
film thickness along the centre line of the bearing, the 
abrupt drop of oil pressure to the ambient at the 
bearing edge lead to a reduction in the local oil film 
thickness. Bearing surfaces in the axial direction 
become concave. 

When a bearing is loaded on the cap half, a pinch 
effect is observed, which is characterised by two 
pressure peaks near to the split line of the bearing. 
The location of the pressure peaks move further apart 
as the engme speed is increased. The oil films at the 
location of these peaks are thin, which are in good 
agreement with the bearing damage observed in some 
engines. 

The use of EHL solutions enables us to carry out 
more meaningful stress analyses, and thus better 
understanding of the bearing behaviour and life in its 
working environment. Such an analysis of a Sapphire 
tested bearing provided much insight into the fatigue 
cracking in the bearing lining. 

The structural compliance of the connecting rod 
has a sigrufcant impact upon the performance of the 
bearing it supports. The bearing supported by the 
Carillo format of rod design with a more flexible 
structure performs much better than that supported by 
a conventional connecting rod. 
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Simulation of the Oil Film Behaviour in Elastic Engine Bearings Considering 
Pressure and Temperature Dependent Oil Viscosity 

H.H. Priebsch and J. Krasser 

AVL List GmbH, 
KleiststraBe 48, A-8020 Graz, Austria 

Design analyses of crank train bearings of reciprocating engines are strongly influenced by the 
oil parameters considered in the simulation models. Therefore, an  in-depth study of the combined 
effects of pressure and temperature impacts on the viscosity of the oil appears to be vital to the 
validation of traditional elastohydrodynamic (EHD) slider bearing analyses. 

For this purpose a comprehensive thermo-elastohydrodynamic (TEHD) calculation method was 
developed and implemented into a computer code. 

The presented results show the quantitative effects of pressure and temperature dependent oil 
viscosity and density on both the oil film thckness and the oil film pressure. Furthermore, results 
of the heat flow, shell and oil film temperatures of typical crankshaft bearings under loading 
conditions in fired Diesel and gasoline engines are discussed. 

1. INTRODUCTION 

Among engine parts, the reliability of 
crank train bearings has always been of 
central importance. Nowadays refined 
simulation tools for the analysis of engine 
parts are increasingly requested by the 
design engineers for two reasons: 

In  order to reduce development times of 
new engines by extended prediction and 
optimization in the design stage. 

Traditional calculation methods show 
increasingly unrealistic results for bearing 
parameters on one hand (e.g. minimum oil 
film thickness) and often can not explain 
bearing failures on the other. 

The reason is that because of the 
optimization strategies (e.g. low friction, low 
noise) and because of increased specific loads 
additional physical effects have become 
important for the simulation of the bearing 
behaviour in the running engine. The most 
important additional effects to be considered 
by an extended bearing simulation tool are: 
Structural elasticity and dynamics, energy 

flow and influence of temperature and 
pressure upon oil viscosity. 

Latest publications show, that the complex 
effect of the interaction of structure elasticity 
and oil film pressure build up can be analyzed 
by efficient software already [e.g. 11. 

Basic analyses for a thermo- 
elastohydrodynamic (TEHD) theory were 
carried out in [2] for a n  idealized 2-D 
problem. In [3] a n  extended model for the 
cavitation region is introduced and 
comparisons to measured results are 
discussed. Many other authors discuss 
methods and solutions for the TEHD problem 
but do not consider the unsteady load 
situation of an  engine bearing. Although, the 
unsteady loading is taken into account in [4] 
and [5], the authors assume major 
simplifications for the pressure and 
temperature distributions in [4] whereas the 
authors in [5] use rigid structures in their 
analyses. As the need for the consideration of 
the interactions between dynamic bearing 
loads, heat flow and structure deformations 
are evident from literature, AVL have carried 
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out the development of a respective 
simulation software. In [6] first results of the 
application of this software are shown for a 
Diesel engine bearing. The theoretical 
background and further application of the 
AVL simulation tool CBTEHD for Diesel and 
gasoline engine bearings are described in this 
paper. The results quantify the effects of 
pressure and temperature influences upon 
the viscosity of the bearing oil film. 

2. GOVERNING EQUATIONS 

2.1. Generalized Reynolds equat ion 
The Reynolds equation has to be 

generalized in order to consider variable oil 
viscosity and density in the bearing. The most 
general case, which is treated here, allows for 
viscosity and density varying in all three 
dimensions of space and in time. Such 
variations may be caused e.g. by a 3-D 
temperature distribution in combination with 
a 2-D pressure distribution or by non- 
Newtonian effects in the oil film. This work 
focuses on the temperature effects while the 
discussion of non-Newtonian behaviour in 
crank train bearings is left to future 
investigations. 

generalized Reynolds equations reads 
For main bearings (i.e. fixed shell) 

where 

the 

Together with the conditions for the 
lubrication (L) and cavitation (C) regions, 

this equation determines the pressure p and 
the fill factor 8. The latter serves to model 
cavitation effects and is defined as  the 
fraction of volume filled with oil a t  each 
location in the bearing [7]. 

The numerical solution of the Reynolds 
equation is based on the finite volume 
method [6,8]. 

2.2. Energy  equation of the oil film 
The energy equation of the oil film, 

considers heat convection in all three 
dimensions, heat conduction in radial 
direction, compression and viscous heating. 
The introduction of the relative clearance 

height v:=- as independent variable in 

radial direction facilitates the numerical 
solution. In the cavitation region (C) the 
thermal conductivity (K) and the viscosity (q) 
are assumed to scale with the fill factor (€0, 
which results in an  unchanged energy 
equation. In fact, due to the rather large 
clearance in the cavitation region there will 

Y 
h 
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be little conduction and viscous heating, 
anyway . 

The numerical solution of this equation is 
based on finite differences. 

2.3. Energy equation of the shell  
For the thermal analysis the actual 

geometry of the shell is neglected. The shell is 
modeled as a cylinder. The boundary 
conditions for the heat equation 

are the continuity of temperature and heat 
flow at the inner surface (heading to the oil 
film) and Biot boundary conditions 

ar, -+ Bi.(T, - T,) = 0 al 

at  the outer surfaces. 
Discretization is done by means of finite 

differences. 
Theoretical investigations [5,8] as well as 

numerical simulations show, that the shell 
temperature exhibits only slight variations in 
time. Therefore, a transient calculation, as 
indicated by the heat equation, requires a 
rather long simulation time (e.g. 50 engine 
cycles in [5]) if the estimates for the shell 
temperature distribution is poor a t  the 
beginning of the calculation. 

To reduce the amount of simulation time 
the following procedure was developed: 
During the fust cycle the specific heat of the 
shell is multiplied with a factor of to 10'. 
After each cycle the shell temperature is set 
to its average over the preceding cycle and 
the factor for the specific heat is increased 
until, after 2-3 cycles, it has been set to 1. 
After about 5 cycles the shell temperature 
will reach its almost steady state. 

2.4. Energy equat ion of the oil groove 
As the Reynolds equation does not provide 

any information about the oil flow within the 
oil groove, a spatially constant oil 

temperature in the groove is assumed. It  is 
determined by use of the heat balance [6,8] 

pc v.-= ar, 
a 

2.5. Journal temperature 
The journal temperature is assumed 

constant and has to be supplied to the 
calculation procedure. If an  estimation is 
used for the calculation, it can be checked by 
evaluating the amount of dissipation energy 
leaving the bearing through the journal. 
Because of symmetry considerations only a 
small fraction of up to 10% of the total heat 
generated is expected to be conducted 
through the journal (and the whole 
crankshaft). 

2.6. Elasticity equation 
The consideration of the deformation of 

the bearing shell due to the oil film pressure 
requires a Finite Element model of the 
bearing shell (Fig. 1). 

Fig. 1 Finite Element model of a main 
be a r i n g 
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T h s  model is reduced to the radial degrees 
of freedom of the nodes lying a t  the inner 
surface by static condensation. With the 
resulting mass, damping and stiffness 
matrices the elasticity equation for the 
bearing shell is 

M i i , + D u , + K u ,  = f .  

This equation is solved by means of an  
implicit time integration method. 

2.7. Equation of motion of the journa l  
The journal is modeled as a single mass 

yielding as  equation of motion 

bearing shell and the calculation of the elastic 
deformations. Typically, 120 to 180 nodes in 
circumferential direction and about 25 nodes 
in axial direction are employed for the 
discretization of the Reynolds equation and 
the energy equations. Radially 7 to 14 nodes 
are used for the energy equation of the oil 
film and 7 for the energy equation of the 
shell. In the finite element meshes of the 
shell surface there are a t  least 40 nodes 
circumferentially and 3 nodes axially. The 
model depicted in Fig. 1 possesses 48 x 9 
nodes. 

For details about the solution process refer 
to [6,8]. 

m S,, = f, + f, , 
Table 1 Calculation Darameters 

the equilibrium of inertia, oil film and outer 
forces. The latter are an  input to the 
calculation procedure. 

2.8. Viscosity 
Oil viscosity is regarded as a function of 

both local oil pressure and local oil 
temperature following Rodermunds formula 

For the parameters A through F of an  SAE 
low-40 oil see Table 1. 

2.9. Density 
For the dependence of oil density on 

pressure and temperature the Dowson- 
Higginson formula, 

f, 'P 
1 + f , ' P  

P( P1 T )  = Po . (1 + ) .[I - f3 . ( T  - T, ,I 
with f,  = 0.6E-9 Pa", f, = 1.7E-9 Pa.', f., = 6.5E- 
4 deg-C", is used. 

Diesel Gasoline 
Main bearing no. 2 2 

Bearing width 18 mm 20 mm 
Bearing diameter 44 mm 70 mm 

Relative clearance 0.001 0.0007 14 
Speed 4000 rpm 5000 rpm 
Oil groove extension 270-90 deg 270-90 deg 
Oil groove width 4.5 mm 6 mm 
Journal temperature 12 1 deg-C 133 deg-C 
Inlet oil temperature 
Ambient temperature 
Heat transfer coefficient 
between shell and 
ambient 
Oil type 
Rodermund 
coefficients 
(Pa.s, Pa, deg-C) 

Dowson-Higginson 
coefficients 
Heat conductivity/oi I 
Specific headoil 
Heat conductivity/shell 
Specific headshell 
Densitylshe I I  

90 deg-C 
90 deg-C 

500 W/m2.deg-C 

SAE 1OW-40 
A 0.1331635E-3 
B 969.140625 
C 107.8995 
D 0.6018862 

F 1668.604E5 
po 864 kg/m3 
To 50deg-C 

E -5.477296B-3 

0.14 W/m.deg-C 
2083 J/kg.deg-C 
50 W/m.deg-C 
400 J/kg.deg-C 

7800 kdm3 

2.10. Mesh densities 
Different mesh densities are applied for 

the oil film, the thermal analysis of the 



655 

3. RESULTS 

The calculation method has been 
implemented in the program CBTEHD. By 
means of this program the following bearings 
have been analyzed: 

Main bearing no. 2 of a 2 stroke 3 
cylinder Diesel engine at  4000 rpm. 

Main bearing no. 2 of a 4 stroke 4 
cylinder gasoline engine at  5000 rpm. 

The parameters for the calculations are 
listed in Table 1. The loads on the journal 
have been calculated by means of the AVL 
software for nonlinear dynamics, NIDYN. 
They are depicted in Fig. 2 and Fig. 3, 
respectively. 

I 20 

i ----__ ..................... 

vertically 
-40 horizontally 

-60 
0 90 180 270 360 

Crank angle (deg) 

Fig. 2 Load on the journal for main bearing 
no. 2 of a 2 stroke Diesel engine. 

_---- horizontally 

180 360 540 720 
t 

-20 
0 

Crank angle (deg) 

Load on the journal for main bearing 
no. 2 of a 4 stroke gasoline engine. 

Fig. 3 

3.1. Main bearing of a Diesel engine 
Peak oil film pressure. Fig. 4 shows the 

calculated peak oil film pressure for the 
variants: 

viscosity and density ( q  = q(p, T)) 
Pressure and temperature dependent oil 

Constant oil viscosity and density 
( q  = qp=lbar,T=IOSdeg-C) 

Pressure and temperature dependent oil 
viscosity, only. ( q = q(p, T), p = const. ) 

By comparing the first two variants one 
can see that the consideration of the pressure 
and temperature dependence of the oil 
viscosity and density leads to a n  increase in 
peak oil film pressure of about 11%. If only 
the oil viscosity is assumed variable, while 
the oil density is kept constant, there is an 
additional increase in peak oil film pressure 
of 6%. 

'F'lpi bar. ~-10sd.0-c 
---- i4 .\ ._I I I ------ q=q(p, T), p=consf. 

1 

180 270 360 
0 '  

90 
Crank angle (deg) 

Peak oil film pressure. Diesel engine. Fig. 4 

0 90 I80  270 360 
0 

Crank angle (deg) 

Minimum oil film thickness. Diesel 
engine. 

Fig. 5 

Minimum oil film thickness. In  Fig. 5 the 
calculated minimum oil film thickness is 
shown for the TEHD case with variable 
viscosity and density and two EHD cases with 
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constant viscosity and density. In contrast to 
the peak oil film pressure, the results for the 
minimum oil film thickness are not changed 
significantly, whether a constant or a variable 
density is assumed. It has to be stressed that 
the difference between TEHD and EHD 
results depends strongly on the (constant) 
bearing temperature which must be assumed 
for the estimation of the viscosity in the EHD 
calculation. 

Therefore, on the transition from EHD to 
TEHD one may observe an  increase of 3.6% in 
the minimum oil film thickness in one case (if 
110 deg-C are assumed as  constant 
temperature) and a decrease of (2.8%) in 
another (for 105 deg-C). 

For this bearing the qualitative differences 
in the results are more important than the 
quantitative ones. Particularly, there is a 
temporal (and spatial) shift of the absolute 
minimum of the oil film thickness. As further 
investigations have shown [6,8] these 
qualitative differences are mostly due to the 
pressure dependence of the viscosity. 

500 7 -  7 -____ . , 

- Journal (5  5%) , 
400 

B *0° 
a 

100 

0 

t 1--- 1 ~ ---- 
0 90 180 270 360 

Crank angle (deg) 

Fig. 6 Heat flow. Diesel engine. 

Heat flow (Fig. 6). About two t h r d s  of the 
heat generated by viscous dissipation in the 
oil are carried out of the bearing by 
convection. 

The journal acts as heat buffer. Most of 
the heat received a t  high loads is returned to 
the oil a t  low loads. 

Fig. 8 Oil film temperature in the plane of 
symmetry of the bearing at 120 deg- 
CA. Diesel engine. 

Fig. 9 Shell surface temperature. Diesel 
engine. 

Temperatures. The maximum oil film 
temperature is equal to the maximum shell 
temperature almost throughout the whole 
cycle. Only at  the pressure peaks the oil film 
temperature rises to a maximum of 126.5 
deg-C. The minimum oil temperature is 

Minimum and maximum oil film 
temperatures. Diesel engine. 
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always the temperature of the oil in the oil 
groove (97-deg-C). This results in a maximum 
difference of oil temperatures in the bearing 
of 29.5 deg-C (Fig. 7, Fig. 8). The maximum 
temperature rise from the inlet temperature 
of 90 deg-C is 36.5 deg-C. On the shell surface 
there is a temperature variation of 28 deg-C, 
with the minimum again a t  the oil groove, 
Fig. 9. 

3.2. Main bearing of a gasoline engine 
The Finite Element structure of this 

bearing is depicted in Fig. 1. 
Peak oil film pressure. (Fig. 10) Comparing 

the peak oil film pressure for pressure and 
temperature dependent viscosity and density 
( q  = q(p,T)) with the pressure for constant 
viscosity and density ( q  = ~ lp=lbar ,T=120deg-c  ) 

one can see that the absolute maximum over 
the engine cycle hardly changes for the two 
variants. Nevertheless, significant differences 
in the peak oil film pressure a t  700-60, 165- 
180, 310-385 and 500-550 deg-CA can be 
observed. The maximum relative difference is 
almost 100% a t  20 deg-CA. 

600 I 
e 

0""""""""' 
0 180 360 540 720 

Crank angle (deg) 

Fig. 10 Peak oil film pressure. Gasoline 
engine. 

Minimum oil film thickness. Similar to the 
main bearing of the Diesel engine, the 
absolute minimum of the minimum oil film 
thickness is almost the same for all three 
calculations in Fig. 11, the first being a 

thermoelastohydrodynamic one, the two 
others being elastohydrodynamic. But again, 
the (temporal) location is completely different 
for the two types of calculation. While for the 
TEHD calculation the minimum appears a t  
120 deg-CA, the minimum for the EHD 
calculations is a t  441 deg-C. Particularly a t  
120 deg-CA, the deviation of the EHD 
calculations is rather h g h  (0.65 pm or 35%). 

1 
0 180 360 540 720 

Crank angle (deg) 

0 

Fig. 11 Minimum oil film thickness. Gasoline 
engine. 
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Fig. 12 Heat flow. Gasoline engine. 

Heat flow. For the bearings studied here 
the portions of the heat transported out of the 
bearing over the journal, the shell and the oil, 
respectively, are approximately the same. 
However, there is a difference in the timing of 
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the heat transport: In the Diesel engine 
bearing (Fig. 6)  all three portions exlubit the 
same qualitative behaviour and most of the 
heat leaves the bearing a t  high loads (i.e. 
when most of the heat is generated). In the 
gasoline engine bearing (Fig. 12) the three 
portions do not have this similarity and most 
of the heat leaves the bearing by convection 
at  rather low loads, when the journal 
approaches the bearing center. 
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110 

are qualitatively the same as for the Diesel 
engine bearing. 
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Fig. 15 Shell surface temperature. Gasoline 
engine. 

4. CONCLUSIONS _ _  . 
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Fig. 13 Oil film temperature in the plane of 
symmetry of the bearing at  120 
deg-CA. Gasoline engine. 
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Fig. 14 Maximum and minimum oil film 
temperatures. Gasoline engine. 

Temperatures. The maximum oil film 
temperature rise (to 141 deg-C) with respect 
to the oil inlet temperature of 90 deg-C is 51 
deg-C, Fig. 14, which is - as expected - 
substantially higher than for the Diesel 
engine bearing. Again the minimum oil film 
temperature is equal to the oil temperature in 
the oil groove (109.5 deg-C on the average). 
The oil film temperature (Fig. 13) and shell 
surface temperature (Fig. 15) distributions 

The mathematical model of a thermo- 
elastohydrodynamic calculation method for 
crank train bearings has been described. The 
method has been used for the analysis of 
main bearings of both Diesel and gasoline 
engines. The following conclusions can be 
drawn from the results: 

0 The consideration of the pressure and 
temperature dependence of the oil viscosity 
and density (TEHD) may lead to a temporal 
(an consequently spatial) shift of the absolute 
minimum of the oil film thickness compared 
with EHD results. 

0 Significant differences in peak oil film 
pressure can be observed between TEHD and 
EHD calculations. 

0 Nearly two thirds of the frictional heat 
leave the bearing by convection (oil flow). 

0 The journal acts as heat buffer. Most of 
the heat received under high loads is 
returned to the oil a t  low loads. 

0 The temperature rise in the oil film from 
the oil inlet temperature is 36.5 deg-C for the 
Diesel engine bearing and 51 deg-C for the 
gasoline engine bearing. 
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GLOSSARY 
- 
............... fhnction in (x,Ji, z, t) 
...' .......... hct ion  in (x,y',z,t) (only for 

integration) 
Bi ........... Biot number (heat transfer 

coefficient / thermal conductivity) 
cB ........... specific heat of the shell 
cp  ........... specific heat of the oil 
C ............ cavitation region 
CA ......... crank angle 
D ............ damping matrix of shell 
f ............. nodal forces acting from the oil film on 

f, ........... applied (outer) force on the journal 
f, ............ oil film forces acting on the journal 
h ............. clearance height 
K ........... stiffness matrix of shell 
L ............ lubrication region 
m ...........j ournal mass 
M ........... mass matrix of the shell 
p ............. oil film pressure 
pe ........... cavitation pressure 
r ............. radial co-ordinate in the shell 
S ............. oil supply region (oil groove) 
t ............. time 
T ............ oil temperature 
T, ........... ambient temperature 
TB ........... shell temperature 
Ts ........... oil temperature in the oil supply 
Ts,o ......... oil inlet temperature 
u ............. circumferential velocity of the oil film 
u .......... shell deformations 
U ............ circumferential velocity of the journal 
v ............. cross-film velocity of the oil film 
Vs .......... volume of the oil supply 
w ........... axial velocity of the oil film 
x ............. circumferential co-ordinate in the oil film 
x, ...........j ournal position 
y , 

film 
z ............. axial co-ordinate in the oil film 
q ............ oil viscosity 
8 ............. fill factor, fraction of volume filled with 

oil 
K ............ thermal conductivity of the oil 
K .......... thermal conductivity of the shell 
p ............. oil density 
pB ........... density of the shell 

the shell 

........ cross-film (radial) co-ordinate in the oil 

Oi .......... oil flow from the oil supply into the 

A ........... Laplace operator 
- normal derivative 

clearance 

d .......... 
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HYDRODYNAMIC ANALYSIS OF JOURNAL BEARINGS WITH STRUCTURAL 
INERTIA AND ELASTICITY BY A MODAL FINITE ELEMENT METHOD 

E.G. Olsona and J.F. BookeP 

aSibley School of Mechanical and Aerospace Engineering, Cornell University, 
Ithaca, New York, 14853, U.S.A. 

An elastohydrodynamic lubrication model is presented for the coupled problem of a hydrodynamic 
lubricating fluid in an elastic structure that includes structural inertia. The problem is formulated and the 
governing equations solved with the finite element method for a realistic journal bearing subject to dy- 
namic loading. 

Comparisons with an existing model that neglects structural inertia agree excellently for the realis- 
tic bearing considered, showing that structural inertia can often be neglected without significant loss of 
accuracy. However, the new model presented can capture important effects of structural inertia for spe- 
cial problems, is conceptually simple, and exhibits significant improvements over existing methods with 
respect to numerical stability and.speed. 

1. INTRODUCTION 

1 .l. Background 

The finite element approach to hydrody- 
namic lubrication has gained popularity since its 
early uses in the late 1960’s by Wada and Haya- 
shi [l], Reddi [2] and others. The finite element 
method continues to be attractive because it of- 
fers conceptual ease in coupling together hy- 
drodynamic and elastic properties and also flex- 
ibility in handling complex geometry and bound- 
ary conditions. For example, Oh and Huebner 
[3] provide a finite element formulation where 
journal bearing elastic distortions are computed 
with a simple iterative technique for steady- 
state cases. The straightforward direct iteration 
method (as it is called in this work) is presented 
by L.aBouff and Booker [4] for dynamically 
loaded journal bearings. However, cumber- 
some modifications to this algorithm are re- 
quired to allow for adequate stability across a 
sufficiently large class of problems. 

The quasi-static modal method (as it is 
called in this work) of Booker [5] supposes that 
the relative displacement of the lubricated sur- 
faces is a linear combination of certain mode 
shapes. The quasi-static modal method is im- 
plemented for dynamically loaded journal bear- 
ing applications by Kumar, Booker, Goenka, 
Boedo and Wilkie [6, 71 and proves itself more 
stable than the direct iteration method. Still, all 

the computational analyses that use the quasi- 
static modal method in existing publications are 
limited to small sets of elastic mode shapes (not 
always enough to adequately capture all the im- 
portant effects of elasticity). 

Oh [8] provides yet another formulation 
that incorporates the Newton-Raphson ap- 
proach to solving nonlinear problems and origi- 
nally applied it to the elastohydrodynamic con- 
tact problem. Oh and Goenka [9] also apply the 
Newton-Raphson approach to dynamically 
loaded journal bearings and a “fast” version of 
the method is presented by Mclvor and Fenner 
[lo]. The Newton-Raphson approach is report- 
edly stable and convergent across a range of 
problems, but is described by Yang and Wen 
[ll] as “perhaps the most complicated of the 
currently available methods. 

A large body of literature exists that ad- 
dresses existing finite element treatments of the 
elastohydrodynamic problem, and the works 
cited here are meant only to highlight some im- 
portant developments in a context that applies 
to the present work, but not to serve as a com- 
prehensive survey of previous research. 

One shortcoming of the aforementioned 
finite element treatments of the elastohydrody- 
namic lubrication problem, additional to com- 
plexity and numerical instability, is the omission 
of structural inertia. Without including structural 
inertia, the occurrence of self-excited oscilla- 
tions (instability) in high speed bearings is 
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precluded and (obviously) any other effects of 
structural inertia cannot be captured. Still, ig- 
norable effects of structural inertia are often as- 
sumed because the structural displacements in 
hydrodynamic problems limit themselves to 
small values (on order of the clearance space). 

Despite the frequently applied assump- 
tion of negligible structural inertia, some studies 
look into its effect on bearing systems. Boedo 
[12] investigates the dynamics of engine bear- 
ing systems with rigid body assumptions. Re- 
cently, Bonneau, Guines, Frene and Toplosky 
[13] proposed a method of incorporating inertia 
forces due to structural kinematics in connect- 
ing-rod bearings. However, in that study the in- 
ertia due to “bearing clearance motions” is ig- 
nored since it is small compared to that from 
“crank-throw motion.” That study also cites 
earlier attempts to model the effects of inertia 
due to crank-throw motion in connecting-rod 
bearings. 

1.2. The Present Study 

Effects of structural inertia from “bearing 
clearance motions” are expected to be most sig- 
nificant for bearings with low lubricant viscosity, 
large clearances, rapidly varying applied loads, 
high structural mass, low stiffness and minimal 
cavitation. The dynamic modal method pres- 
ented in this study models and captures signifi- 
cant effects of structural inertia in certain prob- 
lems where such effects are important. Further, 
the dynamic modal method is conceptually sim- 
ple, can be computationally faster than some 
existing methods and is numerically stable for a 
very broad range of journal bearing applica- 
tions, while some existing methods are not. 
One limitation of the current formulation is the 
assumption of negligible effects from fluid iner- 
tia, which is treated by Elrod, Anwar and Colsh- 
er [14] among others. Still, this assumption 
holds true for the bearing in the present study. 

This paper first derives the general equa- 
tions that govern the coupled problem of a lubri- 
cating fluid bounded by a flexible journal bearing 
sleeve and a rigid journal, where both structures 
include inertia. This derivation is the basis of the 
dynamic modal method, which is validated 
through an analysis of a dynamically loaded 
journal bearing using EHLFE 

(Elasto-Hydrodynamic lubrication with Finite 
- Elements); a FORTRAN computer program. A 
more comprehensive version of the same der- 
ivation, along with additional validating studies 
and investigations is provided by Olson [15]. 
EHLFE implements not only the new dynamic 
modal method but also the (previous) quasi- 
static modal method and the (previous) direct it- 
eration method, so that the dynamic modal 
method can be compared, contrasted and vali- 
dated against two other (previously developed) 
methods. 

EHLFE’s implementation of the quasi- 
static modal method has been compared exten- 
sively to the previously developed computer 
code FEMEHL, alias MODEHD, of Booker, Ku- 
mar and Goenka [5,6,16,17,18] and the com- 
puter code of Boedo, Booker and Wilkie [7]. 
EHLFE was the only code of the three that could 
accommodate more than just a few elastic 
modes, but agreement was excellent for all the 
cases that were compared (rigid, elastic, non- 
mass conserving cavitation, mass conserving 
cavitation). 

By using the variable time step, stiff sys- 
tem numerical integration method of backward 
difference formulae with the full Jacobian matrix 
being approximated by the method of difference 
quotients, a method explained by Shampine 
and Gordon [19], EHLFE can accommodate 
virtually any number of elastic modes in an elas- 
tohydrodynamic journal bearing analysis. This 
capability allows for investigations into elastic 
modal convergence that were simply not pos- 
sible in previous works and eliminates the need 
for involved arguments and comparisons to oth- 
er results (from Newton-Raphson or direct it- 
eration methods) to establish the minimum 
number of required modes for a given analysis. 
Studies in this work indicate that the quasi-stat- 
ic modal method exhibits peculiar numerical in- 
stabilities that can be overcome, in many cases, 
by prescribing special initial conditions and very 
small integration time steps. The quasi-static 
modal method can also become less stable as 
more modes are added to an analysis. In con- 
trast, the dynamic modal method is consistently 
stable, avoids the need for very small integra- 
tion time steps, and can be computationally 
faster as a consequence. The dynamic modal 
method is also computationally faster than the 
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quasi-static modal method in numerical simula- 
tions that use large numbers of modes. 

Upon interpreting the results from the 
studies presented here, it is evident that the dy- 
namic modal method and the quasi-static mod- 
al method yield similar results for certain realis- 
tic problems. Thus, for many practical problems 
the dynamic modal method merely has the ad- 
vantage of simple numerical implementation, 
and numerical stability and speed, while the as- 
sumption of negligible structural inertia (that is 
widely used) holds true. 

Other simulations are presented by 01- 
son [15] where effects from structural inertia are 
important, such as in a bearing with a rapidlyva- 
rying load, an uncavitated bearing, bearing de- 
rivatives of a gas engine main bearing and rigid 
bearing stability analyses that identify operating 
regimes where self-excited oscillations (insta- 
bilities) occur. 

1.3. Notation 

1.3.1. 
k 
m 
n 
I 

1.3.2. 
t 
P 
CL 
E 

h 
P 
e 

Pcav 
nJ 

1.3.3. 

V 

0 

{hl 
{hl 
Iu) 
{ el 
{fextl 

{sol 
PI 
h i d  1 

scalars (integer) 
rigid body freedom order 
modal (elastic) order 
nodal (fluid mesh) order 
nodal (structural mesh) order 

scalars (real) 
time 
local fluid density 
local fluid viscosity 
Young's modulus 
Poisson's ratio 
local film thickness 
local film pressure 
journal displacement (eccentricity) 
journal angular velocity 
cavitation pressure 
mass of journal 

vectors (real) 
unit normal 
unit normal 
average velocity 
journal displacement 
external force 
resultant fluid force 
displacement of 
forceson 

film thickness ( n x l )  
film pressure 
flow 
clearance (radial) ( n x l )  
state ( 2 m 2 k x  1 )  

matrices (real) 
static equilibrium 
area (fluid mesh) 
elastic mode shape 
nodal stiffness 
condensed [@I 
nodal mass 
condensed [Mq 
pressure fluidity 

miscellaneous 
total derivative with respect to time 
reference to full elastic structure 
reference to condensation of ( ) s  
reference to journal 
reference to one element 
fluid film coordinates 
global (system) coordinates 

2. BEARING STRUCTURAL MODEL 

The physical journal bearing model is il- 
lustrated in Figure l ,  where all nodal quantities, 
except for (64, are depicted in their positive 
sense. 

k\\\\\\\\\\\\\\\\\\R 4 

Figure 1. Journal Bearing Physical Model 

and the appropriate inertial Cartesian coordi- 
nate system is given in Figure 2. 
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Y 
4 

Figure 2. Inertial Coordinate System 

2.1. Equation of Motion for Elastic Sleeve 

The finite element form of the equation of 
motion that applies to the linearly elastic sleeve 
is well known, and its full derivation can be found 
in most classical finite element texts that ad- 
dress structural elasticity. Cook [20] derives the 
general equation for an undamped, discretized 
elastic solid using potential and kinetic energy 
expressions together with Lagrange's equa- 
tions. His derivation gives the equation that 
governs the journal bearing elastic sleeve as 

[MS](ds) + [Ks][ds] = [ r s ]  1. 

An important assumption made is that trans- 
verse (x and y directions in Figure 3) tractions 
on the fluid surface can be ignored. Conse- 
quently, all equations (degrees of freedom) in 1 
that are not directly associated with the cross- 
film direction (z direction in Figure 3) on the fluid 
surface can be condensed-out through static 
condensation (for [ K g )  and dynamic (Guyan) 
reduction (for [Mq) ,  leaving a much smaller set 
of coupled equations. 

2.1 .l. The Condensed Form 

After condensation/reduction, the only 
degrees of freedom left from equation 1 are 
those associated with the nodes on the surface 
contacting the fluid in the cross-film direction. 
The condensed form is 

[Ms]{&s] + [Ks](ds} = ( P ]  2. 

2.1.2. The Modal Form 

The number of equations can be further 
reduced by introducing the modal approxima- 
tion 

(W = ['yl{W 3. 

where the n physical (nodal) displacements are 
constructed from m<<n modal (generalized) 
displacements through the n transformation 
relations ['Y]. 

Substitution of equation 3 into equation 2 
yields the equation of motion for the elastic 
sleeve in terms of modal displacements. 

[ f }  - [Ks]'(ds}' = [Ms]'[Ss) 4. 

where {P) '  = [ ' y l J [ r s ]  

[K"' = ['yl JIKsIIYl 

WS1' = ['yl JIMsl[Yl 

2.1.3. Mode Generation 

Although the transformation matrix ['Y] 
could be arrived at in any fashion (such as by 
evaluating analytic functions), it is currently 
most useful to use mode shapes that are specif- 
ic to individual elastic structures. Since the al- 
gorithm being presented is based on a formula- 
tion that uses absolute displacements (relative 
to an inertial coordinate system), the modes can 
be generated by the classical method of modal 
decomposition from structural dynamics. That 
is, they come from solving 

[KS1[Yl = [M"" [QZ]  

for [Y] and rQ2J so that the columns of [Y] con- 
tain the eigenvectors (mode shapes) of [KT tak- 
en with respect to [Ms], and the diagonal matrix 
b 2 1  contains (as diagonal entries arranged in 
ascending order) the eigenvalues (natural fre- 
quency squares) of the system. Neither the Iow- 
er natural frequencies in rQ21 nor the shapes of 
the corresponding modes in ['Y] are expected to 
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change significantly for different mesh densi- 
ties, so mode shapes can be easily converted 
from any structural mesh to a different fluid 
mesh by straightforward interpolation. Finally, 
appropriate scaling of [Y] gives 

[U/lT[KSI[U/l = laz] if [U/lT[MS1wI = i l l  

so that [Kq’ and [MMS]’ can be conveniently diag- 
onal. 

Experience shows that the modes corre- 
sponding to the lowest eigenvalues are the 
most influential ones for nearly all elastic analy- 
ses. Consequently, the modes to include come 
from the first several columns of [Y], while the 
last columns of [Y] can usually be discarded. 
Also, certain modes can often be discarded by 
taking advantage of geometric symmetries par- 
ticular to some problems. 

2.2. Equation of Motion for Rigid Journal 

The basic assumptions used to derive 
this equation of motion include 

0 no axial (Z direction) journal translation 
0 no journal misalignment 

The more comprehensive version of this deriva- 
tion [15] includes misalignment with gyroscopic 
forces. Since the journal is rigid, the equations 
of motion come from the generalized form of 
Newton’s second law of motion for a rigid body. 
The general forms of the equations are formu- 
lated in many dynamics texts, such as Gold- 
stein [21]. When applied to the journal, these 
equations are 

which can be written in generalized form 

The hydrodynamic solution (discussed next) re- 
quires that the zdisplacements be known for the 
journal at every node of the fluid mesh, so the 
relationship between the generalized rigid jour- 
nal displacements {e} and the corresponding 
displacements at the fluid film nodes {sl) must 
be known and are related through the static 

equilibrium matrix [GI such that 

p] = [ a 4  

where [GI is comprised simply of cos(0) and 
sin(@) terms (re Figure 2 defining 0) in the ab- 
sence of journal misalignment. Thus, the resul- 
tant generalized forces of the fluid on the journal 
are 

[ ffhid) [G1r(rj} 

3. FLUID MODEL FORMULATION 

The finite element form of the fluid model 
(used in this formulation) is well developed and 
its full derivation is given by Booker and Hueb- 
ner [22] for 3-noded triangular elements. The 
appropriate fluid film coordinate system for the 
current application to journal bearings is pic- 
tured in Figure 3. 

Y 

Figure 3. Fluid Film Coordinate System 

The formulation employs the usual assump- 
tions that reduce the Navier-Stokes equations 
to the Reynolds equation 

with appropriate boundary conditions. In its fi- 
nite element, discretized form the solution to the 
Reynold’s equation comes from the n coupled 
equations 

With [Kpl and {Q} specified for a complete oil 
film, equation 6 can be solved as a standard fi- 
nite element problem with mixed boundary 
conditions (essential boundary conditions 



666 

within {p} and natural boundary conditions with- 
in 191). 

3.1. Cavitation Modeling 

The solution to equation 6can yield nega- 
tive pressures because the fluid boundaries are 
likely to be composed of converging/diverging 
surfaces. Since lubricants cannot support sig- 
nificant negative pressures, a linear comple- 
mentarity problem is employed to model film ca- 
vitation and reformation. The problem requires 
a 

satisfying 

{PI  2 { P C B " }  

[QQ]  2 I01 

(p, - pc,,)~p = o for i = 7, ..., n 

on every node with a natural boundary condi- 
tion, so that in the solution at least one variable 
in each pair of 

( (P I  - Pea,), Q Y )  
must be zero for each i. Such a pair is a comple- 
mentary pair and the approach is termed a lin- 
ear complementarity problem. The solution to 
this problem is found numerically by the Murty 
[23] iteration algorithm. 

Existing film cavitation models are nu- 
merous and vary in their complexity. Kumar, 
Booker, Boedo and Wilkie [7, 16, 171 and Bon- 
neau, Guines, Frene and Toplosky [13] explore 
cavitation algorithms that conserve mass (or 
flow) while Kumar and Booker [18] extend the 
theory to account for energy conservation. 
Brewe [24] introduces a model for vapor cavita- 
tion, and the list goes on. Any cavitation model 
(in its finite element form) can be applied to the 
dynamic modal method in the current discus- 
sion, and numerical studies are provided that 
implement the mass conserving cavitation algo- 
rithm of Kumar and Booker (16, 171. 

3.2. Nodal Fluid Forces 

Once found via equation 6, the nodal 
pressures are related to the nodal fluid forces by 
the hydrostatic relation 

where [A] is the consistent system area matrix 
whose derivation is supplied by Olson [ 151. 

7 

The film thickness {h} is a function of the abso- 
lute displacements {as) and {q along with the 
journal bearing radial clearance {c}, so that the 
nodal film thickness vector is computed from 
the n kinematic relations 

{ h }  = { c }  + {d'} - [S)) = (c}  + Ids} - [G]{e}  

Time t is included in relation 7 because nodal 
film thickness and squeeze rate can change 
with time so that the fluid forces can also vary 
over time. 

Since fluid inertia is neglected in this 
model, it is important to note that the nodal 
forces from the fluid acting on the elastic journal 
bearing sleeve are equal and opposite to the 
nodal forces from the fluid acting on the journal 
so that equilibrium considerations give the 
constitutive relation 

{ r }  = [ r ' ]  = - [ P ]  

4. COUPLED INITIAL VALUE PROBLEM 

The governing equations of this elastohy- 
drodynamically lubricated journal bearing sys- 
tem are given by equations 2 and 5 together with 
the fluid film relation of 6. After applying the 
modal transformation approximation of equa- 
tion 3, equation 2 is approximated by equation 
4. The equations are summarized below in a 
convenient form. 

where 
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These equations pose an initial value problem 
whose state and state rate are written 

with initial conditions given by 

This initial value problem easily lends itself to 
numerical integration where the modal elastic 
sleeve displacements, the rigid body journal dis- 
placements and their rates of change comprise 
the state at any given time. During integration, 
the nodal forces { r )  arising from the fluid can be 
determined from the current time and state. Ex- 
ternally applied forces {fexr} are determined 
from the current time. All other arrays in equa- 
tion 8 remain fixed during numerical integration. 

5. NUMERICAL STUDIES WITH EHLFE 

The EHLFE computer program consists 
of a pre-preprocessor for handling elasticity in- 
put data prior to a main analysis, a preprocessor 
for handling all other input data prior to a main 
analysis, the main analysis program and a post- 
processor for viewing data after a main analy- 
sis. The main program performs the general 
analysis of a dynamically or steadily loaded 
journal bearing and has numerous options, 
some of which include 

0 !hree analysis types (dynamidquasi- 
static/static methods) 
three elastic models (rigid/modal elastic/ 
fully elastic) 

0 two cavitation models (mass conserving/ 
non-mass conserving) 

0 two thermal models (thermal gradients/ 
isothermal) 

The numerical studies that comprise the 
remaining part of this work were generated with 
EHLFE, and it is instructive to highlight some 

important information regarding the studies. 
0 Mode shape generation for the quasi- 

static modal method is accomplished in 
a fashion identical to the method pres- 
ented by Boedo, Booker and Wilkie [7]. 
That is, eigenvectors of a relative stiff- 
ness matrix are taken with respect to the 
area matrix [A]. 

0 The 3-dimensional model of the bearing 
sleeve structure was created with the PA- 
TRAN 3 finite element modeler and the 
3-dimensional mesh utilizes HEX8 ele- 
ments. Stiffness and mass matrices 
were created and reduced with the MSCI 
NASTRAN 67 finite element analysis 
computer program. Details of the theory 
behind the MSC/NASTRAN analysis 
program are documented by MacNeal 

0 Results were generated using a Sun Mi- 
crosystems Sparc 10 workstation. 
EHLFE uses the linear 3 noded triangular 
elements described by Booker and 
Huebner [22]. 

5.1. Procedural Outline 

1251. 

generate/choose/convert mode shapes 
compute fixed, primed matrices in 8 
set fixed & moving boundary conditions 
set initial time & state 
set integration error & time step limits 
set integration finish time 
initialize set of cavitated nodes to null 
until finish time 

for current time & state 
locate moving boundary conditions 
find time-dependent external loads 
find film thickness & squeeze rate 
until cavitation closure complete 

determine system equation 
apply pressure constraints 
solve for unknown pressures 
check cavitation closure 
update set of cavitated nodes 

find nodal & resultant fluid force 
find modal fluid force 
find rigid body & modal accelerations 

find new state 
increment time 
output results 

end 
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6. GAS ENGINE MAIN BEARING STUDY Table 1. Bearing Sleeve Material Properties 

This bearing is from the Dresser-Rand 
Company’s reciprocating, 4-stroke gas-com- 
pressor engine, model KVSR 12-4 that has 
eight main bearings supporting a crankshaft, 
each being split into two bearings that share a 
common sleeve by a full circumferential oil sup- 
ply groove. Owing to the symmetry of the two 
split bearings, only half of the sleeve structure 
is used and only one of the two halves of main 
bearing #4 is analyzed. Here, the term “main 
bearing” will refer to only one of the two split 
halves. This dynamically loaded numerical 
study uses the realistic duty cycle from the en- 
gines #4 main bearing. Analyses of all 8 main 
bearings and further studies of the #4 bearing 
are given by Olson [15]. The engine main bear- 
ing geometry is shown in Figure 4. 

Y 
4 - 

1.7: 

- 

1.638 m ~ ~ -+ 
Figure 4. Bearing Geometry 

and all other bearing properties are given in 
tables 1 and 2. 

Grav Cast lrom (frame) 

E = 70.0 GPa 
Y = 0.250 
Q = 7200.0 kg/m3 

€ =  70.0 GPa 
v = 0.346 
Q = 2710.0 kg/m3 

Aluminum (bearina shell) 

Table 2. Bearing Defining Parameters 

Bearina Specifications 

length = 0.07938 m 
diameter = 0.2795 /TI 

clearance (radial) = 1.075~-10-~ m 
angular velocity = 360.0 rev/min ccw 
journal mass = 335.9 kg 
external feed = 101.3x103 Pa (abs) 
pressure 
symmetryfeed = 446.1x103 Pa (abs) 
(groove) pressure 

Lubricant Properties (SAE-30 at 62.8”C) 
viscosity = 0.04058 Pa-s 
cavitation = 0.0 Pa (absolute) 
pressure 

The duty cycle associated with this bearing is 
shown in Figure 5. 

3r 
105 Main Bearing #4 

‘ A  X Force 

I;‘ f Y Force \ 

.I I 
- ‘0 180 360 540 720 

Crank Angle [deg] 

Figure 5. Bearing Duty Cycle 



The finite element mesh descriptions are given 
in Table 3, with the solid model mesh shown in 
Figure 6 and the fluid mesh shown in Figure 7. 

Table 3. Bearing Mesh Descriptions 

Number of Nodes or Elements 
(3-Dimensional Sleeve Mesh) 

circumferential nodes on fluid surface: 48 
axial nodes on fluid surface: 11 
total nodes in solid mesh: 16640 

circumferential nodes (wrapped): 80 
axial nodes: 11 

(2-Dimensional Fluid Mesh) 

669 

The effects of the mass conserving ca- 
vitation algorithm of Kumar and Booker [16, 171 
are investigated in these simulations. Both rigid 
and elastic results are presented with and with- 
out using the mass conserving cavitation mod- 
el. Results are provided for the dynamic modal 
method (the dynamic modal method and the 
quasi-static modal method give virtually identi- 
cal results in every case) and the elasti, p cases 
use 20 elastic modes (the first 6 elastic modes 
are shown in Figure 8) .  

Figure 6. Bearing Solid Model Mesh 

Figure 7. Bearing Finite Element Fluid Mesh 
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Eigenvalue #1 = 0.1 2301 E+IO Eigenvalue #2 = 0.1 6999E+ 10 

2 1  

i50 

= -1 

0) a 
m 

0) 
D 

360 o.o 360 

Y [ml 0 x [deg] 

Eigenvalue #3 = 0.971 05E+10 

180 

Y [ml 0 0 x [deg] 

Eigenvalue #5 = 0.53520E+I 1 

Eigenvalue #4 = 0.14812E+11 

Y [ml x [deg] 

Eigenvalue #6 = 0.1 1767E+12 

360 0.07 360 0.07 

Figure 8. Bearing Mode Shapes 
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6- 

6.1. Minimum Film Thickness algorithm serves to significantly decrease the 
largest value of minimum film thickness for both 
the rigid and elastic simulations. Furthermore, 
the effects that arise from accounting for mass 
conservation are small in regions where mini- 
mum film thickness takes on small values. 

Figure 9 shows minimum film thickness 
varying with crank angle, where the effects from 
elasticity are minimal. It is interesting to ob- 
serve that the mass conserving cavitation 

mass conserving cavitation [elastic] 

--- non-mass conserving cavitation [elastic] 

- - - mass conserving cavitation [rigid] 

non-mass conserving cavitation [rigid] 
I' 
I '  
I '  

0 75 - 
E 

I 

I I  
I 

I 1  

I I  

- mass conserving cavitation [elastic] 

.-- non-mass consewing cavitation [elastic] 

mass conserving cavitation [rigid] 

0' 
0 180 360 540 

Crank Angle [deg] 
0 

Figure 9. Bearing Min Film Thickness vs Crank Angle 

6.2. Maximum Film Pressure simulations that use the mass conserving ca- 
vitation algorithm do not yield appreciably differ- 
ent results from those that use the non-mass 
conserving cavitation algorithm. 

Figure 10 shows maximum film pressure 
varying with crankangle, where the effects from 
elasticity are substantial. Interestingly, 

!O 

Figure 10. Bearing Max Film Pressure vs Crank Angle 
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7.  CLOSURE 9. REFERENCES 

The dynamic modal method demon- 
strates some practical improvements over pre- 
viously formulated methods; namely computa- 
tional stability. The pre-existing quasi-static 
modal method of Booker [5] that is explored by 
Kumar, Booker, Goenka, Boedo and Wilkie [6, 
71 and the direct iteration method of LaBouff and 
Booker [4] both gave instances of numerical in- 
stability that necessitated special, problem de- 
pendent adjustments to allowable errors, in- 
tegration time steps and initial conditions. The 
quasi-static and direct iteration methods even 
proved unable to generate any solutions what- 
soever in at least a few cases where the new dy- 
namic modal method showed no sign of numeri- 
cal instability at all. 

At the present time it is unclear which 
modal method (dynamic or quasi-static) is com- 
putationally faster, since relative speed has 
been qualitatively found to be problem depen- 
dent, and each method has unique advantages 
when applied to practical problems. Still, thedy- 
namic modal method is clearly faster than the 
quasi-static modal method in cases where very 
small integration time steps are required to 
overcome instability (with the quasi-static mod- 
al method), as well as in numerical simulations 
that use large numbers of elastic modes. 

The formulation provided in this work 
also applies to a general class of problems 
(additional to journal bearings) that can include 
spherical and planar bearings. 

Ascomputational speed is enhanced and 
more elastic mode shapes can be routinely in- 
cluded in simulations, it is likely that numerical 
stability will play an increasingly important role 
in the implementation of the methods that are 
compared and contrasted in this work. 
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'Ihe elastohydmdynanic lubrication of heavily loaded joumal bearing having 
non-cylindrical axial geometry 

Hasscan E. Rasheed 
Arab Academy for Science & Technology, Alex'andria, Egypt 

The elatsto~ydmdynamic analysis of bearings having non-cylindrical geometrical configurations in the axial 
direction is presented in this paper. Several geometrical configurations having concave, convex and wedge - 
shaped surfaces are examined. The effects of changing the shape and radius to length ratio of the journal are 
investigated. The results show a marked increase in the load carrying capacity over that of the plain cylindrical 
bearing. A decrease in the friction variable is also found. These effects become pronounced for relatively long 
bearings. Among the geometries selected the concave shaped bearing is found superior to all other geometries. 

1. INTRODUCTION 

The analysis of bearings having elastic liners and 
of several geometrical configurations have been 
reported in different ways in the literatures [1-5]. 
Some investigators treated the elastohydrodynamic 
lubrication of non-circular geometrical shapes of the 
bearing liner especially those having elliptical and 
multiple lobes configurations [6-71. Others 
examined the effect of geometrical changes caused by 
either the detlection of the journal or the angular 
misalignment together with the elastic deformation 
of the liner [X-91. On the other hand the recent 
advancement in numerically controlled machine 
tools has made the accurate machining of rather 
complex shapes a feasible task. This has encouraged 
some researchers tc) attempt to study the performance 
of bear i n g s h av i n g ti on - c y lindr ical ax i a1 
configurations and running under normal loading 
conditions considering the journal and the liner as 
rigid elements [ 10- 121. Fortunately improved 
performance characteristics over the plain cylindrical 
bearings are reported. However to (he outhor's 
knowledge nothing has been reported concerning the 
elastohydrodyn~unic analysis of those types of 
bearings. It is the aim of this paper to fill this gap. 

2. ANALYSIS 

To obtain the performance characteristics of a 
bearing of arb i t rq  axial shape a curvilinear system 
of ctxjrdinates is to adopted. 'I'he analysis proposed 
by El-Gamal [ 121 is extended in the present work to 
include the det'ormation of the bearing liner and the 
variation oi the lubricant viscosity with film 

pressure. The system of coordinates used is shown 
in Fig. 1. The fluid inertia forces are considered 
negligible compared to viscous forces. The 
lubricant flow in the bearing is assumed laminar, 
incompressible and the viscosity of the lubricant is 
assumed to vary along the fluid film depending 
solely on the film pressure as is always the case for 
heavily loaded bearings. 

The equations governing the lubricant flow in a 
dimensionless form may be written as, 

- aU* + (-) R - av' + (2) ($ + c15 dl w * ) = 0  ae c a 
h( <) is a geometry variable defined as 

and H* (<) is an arbitrary function describing the 
bearing geometrical configuration. The preori 
selection of the geometrical shape of the bearing 
dictates the form of the function H* and 
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I3g. 1 The curvilinear coordinate system. 

conscqucntly the variable h. 'I'hree geometrical in which al and a? xe constants. their values 
configurations are selected for the analysis, namely depend on bearing geometry, as follows: 
thc concave, convcx and wcdgc shapes (sec Fig. 2). al=O , a:! = 46 * for bearing of  concave geometry 
'Ihese geometrical configurations can simply be a]= 46 * ,a2 = - 46 * for bearing of convex geometry 
described by ;t single function H* which may be al= 26 * , a2 = 0 for wedgc shaped geometry 
written as  : For completion ; 

H' = a,<+a?<' a] = a? = 0 for bearing of plain cylindrical shape. 

Concave Wedge Convex 

Fig. 2 Thc bearing geometrical configurations. 
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The integration o f  Eqns. 1 with respect to q 
twice and making spatial averaging across the film 
thickness lead to a Reynolds - like equation of  the 
following form, 

”[ 1 + (6’ - I[*)( 91” R a0 (2) 
h 

The boundary conditions are, 

- 0  , 5 = 1 / 2  , p * = o  JP’ [ = o  , -- a( 
with h* = l+&cos€)+Ii:  

where 11: is the change in the lubricant film 
thickness due to elastic deformation of the bearing 
liner under h i d  pressure. 

I n  the present analysis i t  is assumed that the 
jounial is rigid and experience no elastic deformation 
under pressure. In general the determination of hz 
requires the solution of  the three - dimensional 
elasticity equat ions  of equilibrium a n d  
compatibility. However. when the ratio of the 
thickness of the bearing bush to the radius of the 
bearing is small (t/Rl, I 0.1) and Poisson’s ratio 
ranging between 0.3 and 0.4, i t  is shown by Hooke 
et a1 [ l ]  :und lain and Sinhasan [ 5 ]  that a simple 
plane stress model may approximate satisfactorily 
the coinplcx three - dimensional model. The model 
is based on the assumption that a plane stress 
condition exists and the tangential strains are 
considered negligible. The same models results 
from the assumption o f  plane strain condition and 
the neglection of tangential stresses. LJsing this 
model the resulting deformation may be written as. 

I t  remains here to consider the viscosity variation 
with pressure. As for heavily loaded bearings. the 
viscosity varies along the film dcpcnding very much 

on the value o f  the local pressure. M a n y  
investigators dealing with bearings having elastic 
bushings considered the viscosity to be pressure 
dependent only, see [ 3 ]  and 141. I-lowever ;I simple 
viscosity pressure relation is used in the present 
analysis and is in the form, 

p* = HXP(tr*p* j ( 4 )  

The radial and tangential load components are, 

112 edf 
w: =-2 j” j ” ~ [ i + ( t i *  - H*)(L / R ) ]  

0 0  

p* cos8 d8 d< 
112 eeff 

w ; = 2 J  j” h[1+(6’-II’)(L/I<)] 
0 0  

p‘ sin0 t l ~ )  d j  

The resultant load and the attitude angle are. 

and $ =  tan-’(Wr / WT) 

The frictional force and the normal force acting on 
the journal surface are given by. 

I / ?  2iT 

F* = 2 j” tp*(  ”) [ 1 + (6’ - 11’ )[ L]] R 
q=h’  

arl 
0 0  

d0 dl; 

and the friction variable may bc calculated from, 

m c = F* / ~ 1 ,  
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3. RESULTS AND DISCUSSION 

- Concave _ _ _ _ _ _  Convex 
Cylindrical 

I t  is expected. as is always the case in 
el~stohytlrodyu~unic problems, that a decrease in the 
load wry ing  capacity W* due to elastic deformation 
of the liner will take place for any geometrical shape 
(see Figs. 3a and h) . But it is to be noted that the 
dccrcase in W* is overwhelmed by the marked 
increase in W”  due to changing the geometrical 
shape from cylindrical to any of the geometries 
considered. ‘This is clearly demonstrated from Fig. 3 
when compared to Fig. 4 respectively. The 
percentage changes in the load carrying capacity for 
the shapes considered relative to the plain cylindrical 
case are given in Figs. 4a. b,c and d versus R/L for 
different values of E .  They all show an increase in 
the load carrying capacity ranging from about 5% to 
surprisingly 80%. The longer h e  bearing the larger 
the percentage increase i n  W“ especially at low 
eccentricity ratios. The figures show that the 
concave geometry is superior to all other geometries 
over the entire range of R/L and E. And this is 
pronounced for relatively long bearings and lower 
vducs of E. The percentage change in  the friction 
variable is also plotted (see Figs. 5a. b, c and d). 
‘The concave and wedge - shaped geometries show a 
decrease i n  fK/c especially for long bearings and at 
low cccentricity ratios. The convex geometry gives 
a dccreasc i n  tR/c for longer bearings and an increase 
i n  lR/c for IUL appsoximately over 0.6. The largest 
decrease in  fR/c is always given by the concave 
geometry especially for long bearings. 

The percenrage change in the attitudc angle I$ is 
also given in 1:igs. ha, h, c and d. A decrease in the 
attitude angle relative to that of the plain cylindrical 
hearing is ohtained for  all geometries considered 
ranging l rom practically zero to approximately 15% 
. The percentage decrease in 0 is practically of the 
siune order for all geometries especially at larger 
values of E,  The maximum decrease in 0 is found 
to be approximately at R/L = 0.5 for all 
geometries and any value ol’ E. 

4. CON C I, U S I 0  N S 

It is concluded here that the new geometrical 
hearing con tigurations considered, all give 
considerahle increase in the load carrying 
capacity over the plain cylindrical bearing. This is 
pronounced most for relatively long bearings and 
low eccenuicity ratios. A decrease in the friction 
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Fig.3 The percentage reduction in W* due to the 
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variable is also found for the concave and wedge 
shaped geometries. A similar decrease in the friction 
variable is present for relatively long hearings 
having convex geometry. The concave geometry is 
found superior to all other geometries and is best 
recommended tor the design o f  heavily loaded journal 
hearings. 

Bearing surface axial lengths: 
L = 25 mm, S O  mm and 100 inm 
I>ubricant dimensionless viscosity index : 
01* = 0.006843 
Lubricant inlet temperature. T(, = 60 C 
Bearing liner thickness, t = 2.5 mm 

R E F E R E N C E S  
N OM EN C I, AT U RE 

c radial clearance (in) 
C,, Elasticity coel'l'icient 
E Young's modulus (Pa) 
h* dimensionless film thickness (11 = h/c) 
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t bearing liner thickness (m) 
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p*+ op,, li'/c?) 

* * .*' 
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IY. lubricant dimensionless viscosity index * 
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E eccentricity ratio 
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dimensionIess fluid viscosity (p* = p/p,,) 

( C = S / l .  , q = y / c )  
0 

p" 
pO inlet fluid viscosity (Pa s) 
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w journal angular velocity (fads) 

1. 

2 .  

3.  

4. 

5 .  

6. 

7 .  

8. 

9. 
DATA FOR T H E  1,URRICANT AND 
0 PE H A'L' I N ( ; C 0 N DIT I 0  N S 

Bearing radial clearance , c=lW pm 
Journal miniinuin radius. R=25 mm 
Rotational spccd. N=25 rev/h 
Maximum axial variations 0 1  geometrical shape; 
6 =2.5 mm. 5 mm and 10 mm 

10. 

Hooke C.J., Brighton D.K. and O'Donoghuc 
J.P. The effect of elastic distortions o i l  thc 
performance of thin shell hearings. l'roc. Inst. 
Mech. Eng., vol.  181 (Put 3D). 1066-7 . pp 
63  - 69. 
Benjamin M.K. and (';istclli V . A .  'l'hcorctical 
investigation of  comp 1 i ;in t s u r fac c .journal 
bearings. ASME 'I'rans. , Journal o f  
lubrication technology , vol .  0 3 .  N o  1 , 1071 . 

Conway H.D. and Lee H.C. ' Ihe iinalysis of 
the lubrication of a flexible journal hearing. 
ASME Trans. ,  Journal of lubrication 
technology, vol. 97 , No 4, 1975. pp. 599 - 
604. 
Jain S.C., Sinhasan R. :in11 Singh D . V .  
Elastohydrodynamic analysis of ;I cylindrical 
journal bearings shell. Wear, vol .  78 , 1982, 

Jain S.C. and Sinhasaii I<. I'reformance o f  
flexiblc shell journal  bearings with variable 
viscosity lubricants. Tribology hit . ,  vol .  16 , 

Prabhakaran Nair K., Sinhasan I<. and Singh 
D.V. EHD effects in elliptical joum;ll bearings. 

Prabhakaran Nair K.,  Sinhas;iii I<. aiid Singh 
D.V. A study of 1JHD effects in the three - lobe 
journal bearings. Tribology 1111,. 30 ( 3 )  , 

Pinkers 0. and Bupara S.S. Aiiiilysis 0 1  

misaligned groove .journal bearings. ASME, 
Journal of Lubr. Tech.. vol .  101  . 1070, pp. 
503 - 509. 
El-Gamal HA. , Awad T.. IIelmy A.  and El- 
Fahham I.M. I3fect of shaft misalignment of  
the performance of hcavily loatlcd journal 
hearings. Fourth I i i t .  ('ont'. o f  1;luid 
Mechanics (IC'FM4) April, 28-30. vol  111, 

Leurig P.S., Groighed I.A. :iiicl Wilkinson T.S. 
An analysis o f  the steady and dyan;unic 
characteristics o f  ;I spherical hydrodynamic 

pp. 191 - 201. 

pp 325 - 335. 

No 6 , 1983. pp. 331 - 339. 

Wear ,  118 ( 2 ) .  1987 , pp 120 - 146. 

1987, pp. 125 - 132. 

1992, pp 560 - 5x2. 



683 

journal bearing. Jouinal of Tribology. vol. 12. El-Gamal H.A. The effect of axial geometrical 
1 1  1, 1980 , pp. 459 - 467. variations on sliding eleinenr bearing 

11. l<l-G;unal H.A. Analysis of the steady state characteristics. XI  National ('onlcrcnce 011 
perl'orinruice of ii wedge - shaped hydrodynamic Industrial Tribology, Ian 22 - 25 . 1005 . New 
jounial bearing, Wear, 184, 1995 . Delhi, India. 



Elastohydrodynamics ’96 / D. Dowson et al. (Editors) 
0 1997 Elsevier Science B.V. All rights reserved. 685 

Mode Stiffness Variation in Elastohydrodynamic Bearing Design 

S. Boedoa and J.F. Bookerb 
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A mode-based mass-conserving formulation for transient elastohydrodynamic lubrication 
(described elsewhere) has been shown to  be an attractive analysis method for “global” bearing 
structures where only a few mode shapes are required to capture the essential features of 
deformation. The modal analysis method further suggests a novel means of implementing 
structural design changes by selective stiffening or softening of one or more mode shapes, the 
physical means of which is left as an inverse engineering problem. The design methodology is 
applied to an ungrooved connecting rod bearing lubricated through a crankpin feed hole. 

PRINCIPAL NOMENCLATURE 

a 
b 

d 
e 
f 
g 
h 
n 
P 
q 
r 
X,Y,Z 
A 
B 
C 
G 
H 
I 
K 
Q 

C 

residual density rate 
residual force 
clearance 
relative displacement 
journal absolute displacement 
journal external force 
body force 
film thickness 
normal 
pressure 
mass flow 
surface force 
film coordinates 
area 
elastic equilibrium 
damping 
static equilibrium 
density rate damping 
identity 
stiffness 
transformation 

T transformation 
X,Y,Z system coordinates 
6 absolute displacement 
P mixture density 
A eigenvalue 
Y eigenvector 

1. INTRODUCTION 

The mode-based method of elastohydro- 
dynamic (EHD) lubrication has been shown 
to be a suitable analysis alternative for 
“globally” elastic bearing structures where 
the essential features of elastic deformation 
are captured by a linear combination of a 
small set of mode shapes 11-41. Although 
initially developed to improve computational 
speed over conventional node-based methods 
[5] while maintaining acceptable accuracy, 
the mode-based approach also offers a 
possible alternative toward EHD structural 
design methodology. 
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We suggest a novel means of 
implementing and evaluating design changes 
to  a lubricated structure by selective 
stiffening or softening one or more of its 
elastic mode shapes. The result is a modified 
absolute structural stiffness matrix which 
represents some unspecified physical 
geometry. Our point here is to ascertain the 
EHD characteristics of this mode-altered 
stiffness matrix a priori and independently 
from the task of creating the corresponding 
physical structure. 

We apply the methodology to a finite 
element representation of an ungrooved 
connecting rod bearing which is lubricated by 
a single crankpin feed hole. Minimum film 
thickness, maximum film pressure, and oil 
flow are employed as measures of bearing 
performance. 

2. MODAL EHD FORMULATION 

Much of what follows is described in 
detail elsewhere [l-41. Figure 1 shows a 
bearing system (with its fixed rectilinear 
coordinates X,Y,Z) comprised of a restrained 
elastic sleeve structure A and a free rigid 
circumferentially symmetric journal B with 
smooth surfaces Sa and Sb which interact 
through a thin lubricant film (with its 
curvilinear coordinates x,y,z). Although 
cylindrical geometry is represented here, the 
analysis which follows has been applied to  
spherical configurations found in such 
applications as piston bearings and artificial 
hip joints [61. 

2.1 Structural Relations 

Sleeve structure A is represented by a 
contiguous set of finite elements, from which 
one can define a set of master degrees of 
freedom along inward and outward normals 
to  surfaces Saand Sb, respectively. That is, 

for this problem, normal fi is radially- 
outward from the bearing center. 

film 

Y 

system 

- - - - - _  undeformed/undisplaced 
deformed /displaced 

Figure 1. Bearing system schematic 
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Following the usual condensation 
procedure for finite elements, equilibrium of 
sleeve structure A can be represented by ns 
relations 

where the absolute stiffness matrix R relates 
ns master absolute displacements tia with 
ns master force components ra, ga derived 
from work-equivalent surface tractions and 
body forces, respectively. 

Application of static equilibrium and 
virtual work principles to  rigid journal B 
results in k + ns relations 

where the static equilibrium matrix G relates 
nodal master forces rb and absolute nodal 
displacements 6 with k system components 
of journal absolute displacement e and 
journal external load f. 

Combining equations (1) and (2) gives ns 
elastostatic relations 

in terms of ns relative nodal displacements 

- dS = 5" - sb 
so 

where relative stiffness and 
equilibrium matrix 

elastic 

depend on system elasticity and bearing 
geometry. 

2.2 Hydrodynamic Relations 

Representing the 2-dimensional lubricant 
film as a set of finite elements connected at  
nf nodes, a mass-conserving formulation for 
generic lubrication problems gives the 2nf 
hydrodynamic relations [3,41 

where damping matrices C, H and residual 
vectors a,  b depend on nodal density p ,  
nodal film thickness h ,  specified nodal 
pressure and flow Ip* , q* 1 , and which 
relate relative nodal displacement rates df 
with nodal forces rf and nodal density rates 
p .  Note that the fluid film mesh and the 
structural surface mesh (on surface Sa ) need 
not be identical. 

2.3 Modal EHD Equations of Motion 

The essential approximation in the modal 
EHD analysis is the replacement of ns 
structure-based displacements ds and nf 
film-based displacements df with m << ns 
(and m << n f )  modal displacements d' 
through the use of transformation relations 

where Ts has been chosen from a 
eigenvectors or mode shapes Y which 
the area-based eigenvalue problem 

set of 
satisfy 
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and where Qfs maps mode shapes from the 
structure mesh onto the fluid film mesh. 
Structure-based area matrix AS is assembled 
from the corresponding structural finite 
element representation of surface Sa . The 
validity of such mappings is suggested for 
global structures through the observed 
insensitivity of the lowest-ordered area-based 
mode shapes to changes in mesh density, 
coupled with the additional assumption that 
the lowest-ordered mode shapes are sufficient 
to capture essential features of bearing 
deformation [a]. 

Transforming and combining elastostatic 
and hydrodynamic relations results in a set of 
m + nf modal EHD relations 

C' d' + b' = K d' - B' f + g' - - - -- - _ -  - - 

whereupon specification of m modal 
displacements and nf initial nodal densities 
completes problem specification of an initial 
value problem. Special forms of the modal 
EHD relations for quasi-static lubrication and 
bearing rigidity are discussed elsewhere [3,4]. 

3. MODAL DESIGN METHODOLOGY 

Geometric and material variation t o  the 
elastic structure shown in Figure 1 are 
reflected through changes in its absolute 
stiffness matrix and body force vector ga . 
As the deformation of global structures are 
essentially captured by a small set of mode 
shapes, we propose a novel means of 
assessing design modification for global 
structures through selective modification of 
the lowest-ordered eigenvalues I\ which 
satisfy the related area-based eigenvalue 
problem 

where \3 are now the mode shapes of the 
absolute stiffness matrix. Assuming 
structural modifications leave mode shapes 
\3, area matrix A S ,  and body forces ga 
essentially unaltered, a new set of 
eigenvalues 2 result in a modified absolute 
stiffness matrix 

representing some unspecified physical 
geometry. The determination of the actual 
physical structure corresponding to R* (and 
g a )  will be left as an  unsolved inverse- 
engineering problem. Given R* (and gal, 
formation of the modal EHD equations of 
motion proceeds as before. 

4. APPLICATION 

Figure 2 shows a half-model finite 
element representation of a sample 
ungrooved big-end connecting rod studied 
previously [2-41. Fixed ambient-pressure and 
liquid-density boundary conditions 

Figure 2. Connecting rod FEM model 
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(representing conditions at the bearing ends) 
and moving feed-pressure and liquid-density 
boundary conditions (representing a single 
crankpin feed hole) are applied to the finite 
element lubricant film model. Bearing 
specifications, modeling details, and bearing 
duty are discussed elsewhere [2-4]. 

Figure 3 shows the first eleven members 
of a set of area-based mode shapes taken from 
the absolute stiffness matrix representing the 
original connecting rod model. Table 1 shows 
that modes 1 and 2 have significantly 
lower eigenvalues compared t o  the rest. 
Mode 1 represents near rigid body translation 
of the conrod big-end normal t o  the conrod 
centerline, while mode 2 represents big-end 
translation and deformation parallel to the 
conrod centerline. As previous studies [1-41 
have shown that bearing elongation in the 
direction of the conrod centerline influences 
bearing behavior, let us assume that 
structural modifications can be made to  the 
original conrod design which produces 
variation only in the mode 2 eigenvalue, 
leaving the others essentially unchanged. 

Hypothetical mode-softened and mode- 
stiffened structures are created through a 
reduction and increase, respectively, of the 
original mode 2 eigenvalue of the absolute 
stiffness matrix, as given in Table 1. Figures 
4-6 and Table 2 shows that this design 
process alters only one eigenvalue of the 
corresponding relative stiffness matrix and 
leaves mode shapes essentially unchanged. 

Figure 7 shows the effects of structural 
modification on time histories of minimum 
film thickness and maximum film pressure 
over the engine cycle. In each case, the first 
seven modes are found to  be adequate in 
capturing the essential features of bearing 
deformation. It is observed that both mode- 
softened and mode-stiffened structures 

generally reduce film thickness throughout 
the engine cycle; a significant drop in film 
thickness is observed for the mode-softened 
structure during engine firing. However, 
mode-stiffening reduces film pressure during 
those parts of the engine cycle when the load 
resides in the cap region. Assuming film 
thickness history to be acceptable, it can be 
concluded that the mode-stiffened structure 
offers an improvement over the original 
structure by reducing film pressure in the cap 
region. 

Figure 8 shows spatial distributions of 
film thickness, film pressure, and mixture 
density at 360 degree crankangle, where 
mode-stiffening is observed to reduce effects 
of bearing sleeve wrap while maintaining a 
small fluid pocket in the cap region. Mode- 
softening, on the other hand, increases 
bearing wrap which produces a significant 
pressure spike where the sleeve “pinches” 
against the rigid journal. 

Table 3 shows that cycle-averaged flow 
increases for the mode-softened structure 
while remaining essentially unchanged for 
the mode-stiffened structure. 

Table 3 
Cycle-averaged outlet oil flow m%) 
7 modes, 4000 rpm 

mode-softened structure 1.9167 
original structure 1.7128 
mode-stiffened structure 1.6773 

5. SUMMARY 

This paper illustrates the use of a mode- 
based EHD lubrication model to  evaluate 
design changes for global structures through 
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Table 1 
Area-based eigenvalues for absolute stiffness matrix modes 

1 
2 
3 
4 
5 
6 
7 
8 
9 

10 
11 

Original 
Structure 

0.004 
0.133 
0.226 
0.638 
1.166 
1.355 
1.976 
3.116 
3.128 
5.092 
5.368 

Eigenvalue (TN/m3) 
Mode-Softened 
Structure 

0.004 
0.013 
0.226 
0.638 
1.166 
1.355 
1.976 
3.116 
3.128 
5.092 
5.368 

Mode-Stiffened 
Structure 

0.004 
1.332 
0.226 
0.638 
1.166 
1.355 
1.976 
3.116 
3.128 
5.092 
5.368 

Table 2 
Area-based eigenvalues for relative stiffness matrix modes 

Mode 

1 
2 
3 
4 
5 
6 
7 
8 
9 

10 
11 

Original 
Structure 

0 
0 
0.218 
0.235 
1.151 
1.329 
1.723 
3.084 
3.122 
5.091 
5.368 

Eigenvalue (TN/m3) 
Mode-Softened 
Structure 

0 
0 
0.028 
0.218 
1.151 
1.324 
1.692 
3.080 
3.122 
5.091 
5.368 

Mode-Stiffened 
Structure 

0 
0 
0.218 
0.814 
1.151 
1.355 
1.923 
3.105 
3.122 
5.092 
5.368 
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Modeshape 1 Modeshape 2 Modeshape 3 

Modeshape 4 Modeshape 5 Modeshape 6 

Modeshape 7 Modeshape 8 Modeshape 9 

Modeshape 10 Modeshape 11 

Figure 3. Area-based eigenvectors of absolute stiffness matrix: 
original and mode-modified structures 
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Modeshape 1 Modeshape 2 Modeshape 3 

Modeshape 4 Modeshape 5 Modeshape 6 

Modeshape 7 Modeshape 8 Modeshape 9 

Modeshape 10 Modeshape 11 

Figure 4. Area-based eigenvectors of relative stiffness matrix: 
original structure 
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Modeshape 1 Modeshape 2 Modeshape 3 

Modeshape 4 Modeshape 5 Modeshape 6 

Modeshape 7 Modeshape 8 Modeshape 9 

Modeshape 10 Modeshape 11 

Figure 5. Area-based eigenvectors of relative stiffness matrix: 
mode-softened structure 
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Modeshape 1 Modeshape 2 Modeshape 3 

Modeshape 4 Modeshape 5 Modeshape 6 

Modeshape 7 Modeshape 8 Modeshape 9 

Modeshape 10 Modeshape 11 

Figure 6. Area-based eigenvectors of relative stiffness matrix: 
mode-stiffened structure 
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7 
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81 I 
4000 rpm 

- -0- mode softening 
-x- original rod 

- -+- mode stiffening 

"0 120 240 360 480 600 720 

Crankangle (deg) 

4000 rpm 
-0- mode softening 
-x- original rod 

140} -+- mode stiffening 

J 

1 
0 120 240 360 480 600 720 

Crankangle (deg) 

Figure 7. Film thickness and film pressure comparison 
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film thickness 

mode-stiffened steel structure 

pressure density 

Figure 8. Distributions at 360 deg crankangle 
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selective stiffening o r  softening of low-order 
mode shapes. The method allows the 
designer to  evaluate EHD performance 
comparisons without the explicit need to 
construct the corresponding physical 
structure. Application to a connecting rod 
bearing indicates that selective stiffening of 
the lowest ordered mode representing 
deformation along the conrod centerline can 
improve bearing performance through a 
reduction in film pressure when the bearing 
load resides in the cap region. 
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Written Discussion - Contributions 

DISCUSSION 

SESSION I1 - ANALYTICAL1 
NUMERICAL STUDIES (1) 

Paner I1 (i) ‘Influence of Local and Global 
Features in EHL Contacts’ by Professor A A 
Lubrecht (INSA, Lyon, France). 

Dr J A Greenwood, (Cambridge University, UK). 
You showed that the EHL pressure distribution 
around a dent was almost the same as the dry 
contact pressure distribution, with almost equal 
peaks on each side of the dent. But you then 
showed a picture of the subsurface shear stresses 
which are extremely un-symmetrical. Since the 
sub-surface stresses are entirely determined by the 
surface tractions, how can this be? 

Rer~lv by Professor A A Lubrecht, (INSA, Lyon, 
France). The stationary dry contact and EHL 
pressure distributions are very similar as is shown 
in Figure 1. Figure 3 shows that for the transient 
case of pure rolling, the pressure over the trailing 
edge is consistently larger than the pressure over 
the leading edge of the dent. 

the stress distribution shown in Figure 4 represents 
the maximum of the stress at each location over 
time. Because of this representation of the 
maximum values only, a small but persistent 
difference in pressure gives rise to a rather marked 
difference in the maximum stress pattern. 

Pa1)er I1 (ii) ‘Fullv Coui)led Elasto- 
hydrodynamic Solution Techniaues for the 
Analysis of Real Roueh Line Contacts Using 
Finite Element and Finite Difference Models’ 
by C D Elcoate, H P Evans and T G Hughes 
(University of Wales, Cardiff, UK) 

Dr J B Medlev, (University of Waterloo, Canada). 
The authors are to be congratulated for a concise, 
well organised presentation of their model 
development. Can they comment on the additional 
features that would be required to study fluid film 
breakdown. 

Renlv bv Dr H P Evans (University of Wales, 
Cardiff, UK). The question of fluid film 
breakdown is an interesting one. A failure 
mechanism based on the transverse leakage of 
lubricant from within the contact area along the 
valley features of the ground gear surfaces has been 
proposed by one of the authors*, and a further 
paper on that mechanism is in preparation. The 
mechanism depends on transverse flow and will 
not emerge in a line contact approach as described 
in the current paper. 

* Evans, H P & Snidle, R W. “A Model for 
Elastohydodynamic Film Failure in Contacts 
between Surfaces having Transverse Finish, 
Trans ASME Jn. of Tribology (in press). 

Professor A A Lubrecht (INSA, Lyon, France). 
The authors are to be complemented for having 
studied such an important but difficult problem. 
The coupling of real geometry and rheology is 
indeed very promising. However, the film 
thickness is influenced by the slide-to-roll ratio, 
whenever the surfaces are non-smooth. 

The authors calculate the film thickness for the 
(stationary) case of pure sliding, but then couple it 
to a calculation under rolling-sliding conditions. 
Could the authors please comment on this? 

R e ~ l v  bv Dr H P Evans (University of Wales, 
Cardiff, UK). The question is correct in its 
inference that the speed conditions adopted are not 
consistent with the stationary roughness case. The 
purpose of the paper is to draw attention to the 
capability of the method described to deal with the 
low lambda values that occur in gear contacts. The 
conditions adopted for analysis correspond to those 
actually occurring in scuffing disk experiments 
carried out at Cardiff. The model will be fully 
consistent with this experimental program when 
time dependence has been incorporated, but the 
essential robustness of the method is demonstrated 
by the results presented in this paper. 

Dr C J Hooke (University of Birmingham, UK). 
Could the authors indicate the speed of their 
solution process and how it varies with the number 
of nodal points in their mesh? 
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Rei~lv bv Dr H P Evans (University of Wales, 
Cardiff, UK). At present the models incorporate a 
Gaussian elimination solution routine to solve the 
resultant fully populated matrices. The solution 
time per cycle for this solution routine is 
proportional to the number of mesh points to the 
power 3. The solution time per cycle for the 
original measured data, equivalent to 96 points in a 
half Hertzian contact width (b) and 408 points in 
total, is 22 seconds. The solution timc per cycle 
for the interpolated data, equivalent to 288 points 
in (b) and 1224 points in total, is 650 seconds. 
These figures result from running the modcl on a 
DEC alpha 255/300 workstation. The interpolated 
data for which the solution time is stated represents 
the finest mesh spacing adopted and is finer than is 
ncccssary to establish the essential features or the 
solution. It is recognised that the Gaussian 
elimination solver adopted, which has been used 
throughout the model development due to its 
reliability and for the sake of continuity is not the 
most efficient solver available. A program of work 
is now in place to upgrade the solution method 
uscd to increase the efficiency of the models 
presented. 

Dr. GuangtenP Gao (Imperial College, London, 
UK). I would like to congratulate the authors for 
making such an important contribution to rough 
surface EHL. It is remarkable to see that the 
numerical analysis is able to cope with EHL 
problems with such thin films. For conditions in 
which film thicknesses are much smaller than the 
surface roughness, there will be some occasional 
aspcrity contacts bctwecn the two surfaces, 
especially when the film thickness is only 0.007 
pm, which is much smaller than the out-of-contact 
roughness. I would like to know wliethcr such 
asperity contacts are allowed in the computation 
process and how the authors address such issues. 

Rei~lv hv Dr H P Evans (University of Wales, 
Cardiff, UK).The modcl presented in the paper 
does not have a mechanism for asperity collision. 
Such an ef€cct could only be seen in  a time 
dependent solution and docs not emcrgc from the 
nunicrical solution at this stage in its development. 
However the extreme pressure deviations suggested 
at thc asperities under low lambda conditions could 

be expected to lead to surface modification, if not 
to surface failure. 

Pailer I1 (iii) ‘Fatigue and Brittle Fracture 
Analvsis of Surface Engineered Materials in 
Rolling Contact’ by T.H. Kim and A.V. Olver 
(Imperial College, London, UK). 

Dr P A Dearnlev (University of Leeds, UK). 

The initial surface roughness of bearings and 
gears is considerably modified during the 
running-in-phase - are the roughncss values 
considered here relatable to real surfaces after 
running-in, or are they based on ‘as 
manufactured’ surface roughness values? 

The crcation of residual compressive stress 
following nitriding is essential to the 
successful improvement in rolling contact 
fatigue duration and pitting resistance. Can 
your gear model predict what lcvel of residual 
stress is required for “acceptable” life in gears 
or bearings? 

Your considerations appear focused on events 
some 2-3pm below the surface. Simple 
Hertzian analysis shows that the maximum 
shear stress, in many bearing situations, is 
some tcns of micrometers below the surface; 
accordingly ‘deep’ nitriding c a m  of 80- 
150pm are commonly specified. In the light 
of these comments how can you justify 
focusing on a region some 2-3pm below the 
surface? (Incidentally, many nitrided surfaces 
in the outer 2-3pm contain pores and are 
enriched in the brittle y’ and E nitride phases; 
these have no beneficial residual comprcssive 
stress). 

Rei~lv  by M r  T H Kim and Dr A V Olver 
(Imperial College, London, UK). 

1. We have uscd artificially generated surface 
profiles to simulate the contact of rough 
surfaces and the parametcrs were chosen so as 
to generate a typical ground finish with a rms 
value of about 0.18pm. No yield occurred 
with these surfaces for the conditions in the 
analysis and, as the material is a hard bearing 
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steel (M50), the roughness tends to persist. In 
the paper, we aimed to demonstrate the 
detrimental effect of roughness during sliding 
- rolling contact in relation to the smooth 
contact. The effect of the degree of roughness 
due to different manufacturing methods, 
finishes applied and running-in of the 
components, can be incorporated as the model 
is capable of using real measured surfaces. 

Yes. The model determines the stress 
generated for given contact conditions and 
accounts for the hardness and residual stress 
variation that results from surface treatments, 
such as nitriding, in determining the fatigue 
life. These variations are accommodated in 
the analysis to account for different 
characteristics of various surface treatments 
available. It is also possible to use the model 
to predict the required minimum, or ideal 
distribution of hardness and residual stresses, 
in order to achieve acceptable life for a 
particular contact condition. 

Attention is concentrated on the first few 
microns in depth because: 

(a) this is where fatigue is usually 

(b) this is where the model predicts the 
observed to initiate. 

greatest probability of failure. 

This shallow region very close to the surface is 
subjected to very high stresses due to the 
roughness and the dominance of these stresses 
in determining the fatigue life is discussed in 
the paper. However, the stress distribution 
reverts to that of the Hertzian solution a few 
tens of microns below the surface and these 
stresses are also included in the analysis to 
determine the fatigue life of the component. 
The model solves for stresses in the region 
large enough to assess the stresses induced by 
the contacts (typically 200 microns wide and 
400 microns deep). In the analysis of the 
nitrided material, we assumed no brittle 
nitride phase is left on the surface. Removal 
of these layers is carried out in practice as they 
serve no beneficial purpose in terms of the 
fatigue resistance. 

Dr J A Williams (Cambridge University, UK). In 
your presentation you demonstrated the initiation 
of sub-surface plasticity: if this occurs in the first 
few cycles of operation the surfaces may 
presumably in the long term he left with additional 
protective residual stresses. Is your analysis 
compatible with shakedown and how this might 
influence the number of cycles to failure. 

Reply bv Mr T H Kim and Dr A V Olver 
(Imperial College, London, UK). Our analysis 
assumes elastic contact and no plastic effect is 
taken into account at present. This was considered 
sufficient as the stresses generated were below the 
yield stress for the conditions analysed. However, 
if the plasticity is to be included in the analysis for 
more severe contact conditions, it is necessary to 
understand exactly how the onset of yield would 
alter the material’s response. When two rough 
surfaces roll and slide together, both the stresses 
due to the friction and the local effect of the 
roughness, tend to cause the point of first yield to 
occur close to the (softer) surface. Any resulting 
plastic deformation would be expected to lead to 
modified residual stresses, but it is not clear that 
these would necessarily be protective. In our 
analysis, we have taken into account the residual 
stresses that result from the surface treatment 
processes and these stresses were high enough in 
the case of the nitriding treatment studied here to 
reduce greatly the effect of the applied shear 
stresses, affecting both yield and fatigue damage. 

Paper I1 (iv) “Elastohvdrodvnamic Effects in 
Piston RinP Lubrication in Modern Gasoline 
and Diesel Engines” by Dr J E Rycroft, Dr R I 
Taylor and Dr L E Scales (Shell Research Ltd., 
Chester, UK). 

Mr Y Tozaki (Mitsubishi Heavy Industries, 
Nagasaki, Japan). 

1. 

2. 

Can your program calculate at starved 
conditions? 

Do you have the intention or experience to 
calculate the marine diesel engines? 
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Renlv bv Dr R I Tavlor (Shell Research Ltd., 
Chester, UK). The hydrodynamic lubrication 
software that has bccn developed for piston 
analysis within Shell can take oil starvation of the 
upper rings (due to the scraping action of the lower 
rings) into account. Details may be found in the 
SAE paper (SAE 941981). However, it was found 
that around dead centre positions, fully flooded 
conditions applied. Therefore in the 
elastohydrodynamic analysis described in this 
paper, fully flooded conditions were assumed as 
only piston dead centre positions wcre considered. 
We have not yet used the software to analyse 
marine diesel engines. 

Ir. Ysbrand Wiinant (University of Twente, The 
Netherlands). Has any dimensionless analysis 
becn performed so as to see if elastic deformations 
should be taken into account? (Doing so would 
give you an answer whcther to include elasticity). 

Replv bv Dr R 1 Tavlor (Shell Research Ltd, 
Chcstcr, UK). As described in the paper a 
hydrodynamic lubrication analysis of thc piston 
assembly, including the squccze effect, was 
initially carried out in order to estimate the 
minimum oil film thickncss and the pcak prcssure 
under the contact for top and bottom dead centre 
positions. If the Barus equation for the viscosity 
pressure variation of a lubricant is assumcd, thcn 
viscosity varies as exp(aP), whcre a is the pressure 
viscosity coeficicnt of the lubricant. Broadly 
speaking, if (aP) is greatcr than one, thcn EHD 
effects are likely to become important. For the 
gasoline engine the pcak prcssurc at top dead 
centre was estimatcd to be 121 bars, whereas for 
the diesel engine the peak pressure at top dead 
centre was estimated to be 2950 bars. For most 
lubricants a is approximately 1/5000 bars“. 
Thcrcfore, we would expcct EHD effects to be 
important for the diesel engine, but not for the 
gasoline engine. 

Dr M-T Ma (University of Central Lancashire, 
Preston, UK). It  appcars that the authors have not 
shown the cffccts of thc elastic deformation of 
piston rings on the tribological pcrformancc of tlic 
rings (c.g. film thickncss and friclion). Therefore, 
i t  is not convincing to conclude that the EHD 
analysis is worthwhilc to undcrtake in piston-ring 

lubrication situations (dicsel engines). Could the 
authors comment on this? 

Renlv bv R I Tavlor (Shell Research Ltd., 
Chester, U.K.). The significant elastic 
deformations of the top piston ring in the diesel 
engine do indeed alter the oil film thickness 
around top dead centre firing. The minimum oil 
film thickness calculated hydrodynamically (which 
occurred just after top dead centre firing) was 
estimated at 0.006 microns, whereas when EHD 
lubrication was taken into account, the minimum 
oil film thickness increased to 0.16 microns. For 
the gasoline engine, the minimum oil film 
thickness (close to top dead ccntrc firing) was 
estimated at 0.13 microns, whereas the EHD 
estimate was 0.31 microns. Although thcre may 
not be a major effect on friction around dead centre 
positions (since the piston ring is low), for the 
diesel engine the change in shape of the top ring, 
and the corresponding change in oil film thickness, 
could have a large influence on top ring wear rate 
estimatcs. 

SESSION I l l  - EXPERIMENTAL (1) 

Pailer Il l  (i). “Nanometre Elastohvdrodvnamic 
Lubrication” by Dr A J Moore, (BP Oil 
Technology Centre, Sunbury-on-Thamcs, UK). 

Dr J B Mccllev (Univcrsity of Waterloo, Ontario, 
Canada). Did you impose any sliding velocity in 
the thin lubricant films and did you use the Barus 
equation to represent pressure-viscosity bchaviour? 

Rei~lv  bv Dr A J Moore (BP Oil Technology 
Centre, Sunbury-on-Thames, UK). No sliding was 
imposcd, but since the ball specimen was driven by 
the disc the condition was not quite one of pure 
rolling. Yes, the Barus equation was used to 
represent the variation in viscosity with prcssurc. 

Paner 111 (ii) “0i)tical lnterferometric 
Observations of the Effects of a Movine Dent on 
Point Contact EHL”, by Profcssor M Kaneta, Dr 
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T Kanada and Mr N Nishikawa (Kyushu Institute 
of Technology, Japan). 

Dr S A Johnson (Unilever Research, Port 
Sunlight, UK). Would Professor Kaneta please 
explain the influence of the radius of curvature on 
the dent on the observed behaviour? The dent used 
has a relatively large radius of curvature compared 
to that produced, for example, by a small, hard, 
contaminating particle. Would Professor Kaneta 
also like to comment on what sort of flow his dent 
is supposed to mimic? 

Renlv bv Professor M Kaneta (Kyushu Institute 
of Technology, Japan). This is a very fundamental 
study to understand the effects of moving defects 
on point EHL contacts. The radius of curvature of 
the dent used depends on the depth of the dent and 
ranges from 0.4 mm to 0.8 mm. We have not 
investigated the effects of the radius of curvature of 
the dent on EHL film behaviour. However, we 
suppose that the dent having a very small radius of 
curvature does not exert substantial effects on the 
EHL film, because such a dcnt seems not to bring 
about a large amount of side-leakage. 

P a l m  111 (iv) “Techique for Measuring EHD 
Film Thickness in Non-Steadv State Contact 
Conditions”, by Dr J Sugimura and Professor H A 
Spikes, (Imperial College, London, UK). 

Dr J B Medlev (University of Waterloo, Ontario, 
Canada). What do you think was causing the rapid 
“apparent” fluctuations in film thickness when the 
velocity was first applied? 

Reidv bv Dr J Sugimura and Professor H A 
Siiikes (Imperial College, London, UK). The 
fluctuations were probably due to changes in disc 
speed, which were caused by a rotational 
oscillation of the driveline including the DC motor. 
Since the frequency of the oscillation is about 12 
Hz, which is far smaller than the natural frequency 
of the shaft supporting the disc, (and that of the 
horizontal shaft transmitting torque from the gear 
box to this shaft), the primary suspect may be the 
DC motor. (Gear contacts may also have higher 
frequency. The oscillation occurred with cither the 
reduction gears connected or not). 

Dr C J Hooke (University of Birmingham, UK). 
The authors show the variation of film thickness 
with time for step changes in velocity. Clearly, a 
step change is impossible and there will actually be 
a finite period of acceleration or deceleration. 
Could the authors indicate the time involved and 
could they say how far the ball and disc moved 
during this period? 

Reolv bv Dr J Sugimura and Professor H A 
Spikes (Imperial College, London, UK). The 
authors agree that the rapid ordoff motions are 
actually acceleration and deceleration with very 
high rate of change of velocity. In abrupt halting, 
the time involved is between 0.02 and 0.04 
seconds. Hence, when the disc speed is 78.8 m d s ,  
as shown in Figure 9, the disc would travel for 1.6 
to 3.2 mm before it stops. It would imply that 
there is a substantial oil flow under rapidly- 
changing speed. The level to which the thickness 
first drops may therefore depend on the rate of 
deceleration and the response of the oil film to that 
change. This is in the process of being 
investigated further. As to the ball, we have not 
yet made speed measurements on this, but it may 
have moved a similar distance as the disc. A 
simple calculation of motion of a free ball rotated 
by a traction between the ball and the disc has 
shown that the ball attains the speed of the disc as 
quickly as one thousandth of a second when the 
disk undergoes the ideal step change, which 
suggests little effect of the ball inertia. 
Nonetheless, there may be some skidding which 
may have caused the slower thickness drop found 
within 0.1 seconds after the first drop, when the 
disc has been stopped. 

Dr Victoria Wikstrom (SKF, ERC BV, The 
Netherlands). The paper is addressing a very 
important subject, hitherto not treated within 
experimental/optical EHD. However, in the test 
set-up, the ball is driven only by the traction 
between ball and disc. When assuming pure 
rolling even during the acceleration, which from 
Figure 2 in the Synopsis is seen to be very high, 
the authors seem to make a mistake. From the 
pictures shown at the presentation, there was a 
substantial drop in film thickness from the first 
picture to the second, which the authors could not 
explain. Is it not possible that a rather high sliding 
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(caused by slip in the ball-disc contact) can cause 
this drop? Would the authors also please comment 
on why they did not use a higher sampling rate for 
the images? (50 Hz is not high, and improvement 
and better understanding of the up/down phase 
could have been obtained). 

Reidy hv Dr Sugimuta and Professor H A 
Snikes (Imperial College, London, UK). The 
authors used a normal video recorder simply on the 
basis of availability and convenience in what was 
the first application of the ultrathin interferometry 
to non-steady state conditions. The study has 
demonstrated that, so far as the resolution and the 
confidence of measurement are concerned, the 
ultrathin method is suitable for time-varying 
systems and the authors now intend to employ a 
faster video recorder as soon as they can get hold 
of one. 

SESSION 1V - ANALYTICAL/NUMERICAL 
(2) 

P a w -  IV(i) “Amt)litude Reduction of Waviness 
in Transient EHL Line Contacts” by Dr C H 
Vcnncr*, Mr F Couhier**, Professor A A 
Lubrecht** and Dr J A Greenwood*** 
(*University of Twcnte, The Netherlands), ** 
INSA Lyon, France, *** University of Cambridge, 
UK). 

D r  C J Hooke (University of Birmingham, UK). 
The authors show a most interesting relationship 
between amplitude reduction and roughness 
Wavelength for metallic contacts where piezo- 
viscous effects are significant. It is possible to 
obtain a similar relationship for soft contacts [ l ]  
but here the amplitude reduction can be related to 
the ratio of roughness wavelength to the length of 
the entrainment zone. Have the authors considered 
this possibility in  hard contacts? 

[ 11 See Paper VI(i) of the present volume. 

Rer)lv hv  D r  C H Venncr (University of Twente, 
The Netherlands). In our paper we have found that 

the amplitude reduction is a hnction of one 
parameter only: 

The question now is if we can relate this 
expression to a ratio between wavelength and an 
“entrainment length. In Hooke (1996) the 
discussor defined entrainment length as the 
distance from the dry contact end to the point 
where the maximum pressure gradient occurs. For 
isoviscous contacts this point can indeed be 
determined, i.e. it is located at h = 1.5 h, where hc 
is the film thickness at dp/dx = 0. An 
approximation for the location of this point can 
then be found from assuming the gap to have the 
Hertzian shape. Using only the first term of a 
series expansion we have: 

- 

where x is the distance from the dry contact end, 
and: 

(3) 

see Hooke (1977). Let e stand for the x at which 
h = 1.5 h, then: 

Subsequently, with an expression for 4, the 
entrainment length can be given in terms of the 
different parameters. Unfortunately for a piezo- 
viscous contact the point of maximum pressure 
gradient can not so easily be found. However, we 
can find a generalization of the definition of this 
point which for isoviscous contacts indccd reduces 
to the point of maximum pressure gradient. 
Reynolds’ equation expresses conservation of mass. 
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is the total mass flow with op its pressure flow 
component and os its shear flow component: 

4 =--- ph3 dp I$, =pub (7) 
12q dx 

If we denote by $so the shear flow component at the 
point where dp/dx = 0 equation ( 5 )  can be 
integrated: 

where 

From (6) with (7), (8) and (9) we obtain that @/ah 
= 0 at ph = 1.5 p,h, and for the case of an 
incompressible lubricant h = 1.5 h,. If the 
lubricant is isoviscous this is indeed the point 
where also the pressure gradient attains its 
maximum. However, in general it can be 
characterised by the fact that it is the point where a 
change in the film thickness (keeping all other 
variables fixed) would not change the mass flow, 
i.e. would have an equal but opposite effect on the 
shear and pressure flow components. 

From Hooke (1977) (Appendix C) we can derive 
that for piezoviscous contacts: 

As (2) still holds, h = 1.5 h, is obtained at a 
distance: 

from the dry contact end. Substitution of K from 
(3) thcn gives: 

(13) 
x 

V = (1 / b)M3’4 L-”2 a- 
e 

Hence, the parameter we found can indeed be seen 
as the ratio between the wavelength of the 
waviness and the entrainment length, provided the 
definition of entrainment length is generalised to 
the distance between the dry contact end and the 
point in solution where f3$ / ah  = 0, i.e. the point 
in the solution characterised by the fact that a film 
thickness change would have an equal but opposite 
effect on the poisseuille flow and shear flow 
components. 

Hooke, C J, 1977, “The elastohydrodynamic 
lubrication of heavily loaded contacts”, J of 
Mechanical Engineering Science, Proc. IMechE, 
19, 4, 149-156. 

Hookc, C J. 1996, ‘‘Elastohydrodynamic 
lubrication of soft solids”, Presented at the 1996 
Leeds-Lyon Symposium on Tribology, Leeds, 
September 1996. 

Paiier IV (ii) “Effect of Micro-Cavitation on 
Oil Film Thickness and Pressure Distributions 
in Micro-EHL Line Contact” by S Kamamoto*, 
M Sakuragi*, K Fujimoto** and T Yamamoto*** 
(*Koyo Seiko Co. Ltd., Osaka, Japan, ** 
University of Tokyo, Japan, *** Tokyo University 
of Agriculture and Technology, Japan). 

Dr J A Greenwood (University of Cambridge, 
UK). You showed us a graph of how the onset of 
micro-cavitation varied with the operating 
parameters. According to our linearised theory of 
the behaviour of waviness, the amplitude of the 
pressure fluctuations due to a waviness of 
amplitude (zl)  is given by; 

- 

where, A = - 2 h p  m d C =  (Y -P) P 

n: hE’ ( l + Y P )  (1 + PP) 
and we see that: 
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- and there is good evidence that the rcsponse in 
full computations is linear for very much larger 
waviness amplitudes than one might expcct. 

Accordingly, by taking p as the mean Hertzian 

pressure, we can predict that micro-cavitation will 

begin when [:] = - 1 ,  so that thc prcssurc 

minima are just zero (on the scale of EHL 

pressures, with p = 1 GPa, it docs not seem to 
matter whether cavitation takes place at p = 0 or at 
p = - P”). 

(-1 

- 

2 - i.c. when 4 = A + C 
h 

How well, if at all, does this agree with your 
graph‘? 

Renlv bv S Kamamoto (Koyo Seiko Co. Ltd., 
Japan). If the pressure fluctuation in an EHL 
contact due to wavy surfaces is larger than the 
maximum Hertzian contact pressure, the micro- 
cavities may be fornicd aftcr all bumps in the 
Hertzian contact arca. The lincariscd thcory for 
the behaviour of wavincss introduced by 
Grccnwood [ 1,2] can predict the surface waviness 
amplitude z1 to form the micro-cavitation as 
follows: 

- 

z1 = h ( A + C )  (1) 

maximum Hertzian contact pressure and z1 is the 
amplitude defined by z = zl sin (271 dh) .  

When comparing our results with the linearized 
theory, the equation (1) and (2) can be rewritten as: 

C,,, = 2H (A+C) (4) 

cos A = -  
2 n H  

where the dimensionless parameters are given as: 

h 2 z , R  

b ’  b 2  
- C,,, = - 

and h is givcn by the central film thickness in 
smooth surface instead of the mean film thickness 
in the contact region. 

In Figure 1, the linearized theory is compared with 
the rcsults given by the micro-EHL analyses taking 
into account the micro-cavitation (Figure 13). It is 
found that the linearized theory agrees very well 
with our results whcn the materials parameter G 
and the velocity parameter U are small. It is noted 
that the linearized theory agrees with the detailed 
micro-EHL analysis in spite of such a simple 
analysis. 

However, when the materials parametcr G or the 
velocity parameter U is large, the linearizcd thcory 
underestimates the surface waviness amplitude to 
form the micro-cavitation. 

Since the edge effects at the top of each bump 
increase with the dimensionless paramctcr G or U 
increasing the surfacc waviness amplitude to form 
the micro-cavitation given by the lincrizcd thcory 
may be underestimatcd. 

Additional References 

where, y, p are given from the Dowson-Higginson 
formula for pressure-density relationship (y=2.266 
x Pa”, p = 1.683 x 10.’ Pa-’), Ph is the 

1. J A Grcenwood and G E Moralcs-Espejel, Proc. 
IMcclS, Part J, (1996), in print. 
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2. J A Greenwood and G E Morales-Espejel, 
Proceedings of the 23 rd Leeds-Lyon Symposium 
on Tribology, (1996), in print. 

0 : The micro-cavities are formed after all bumps 
in the Hertzian contact area. 

A : Some micro-cavitities are formed. 
0 : The micro-cavity is not formed 
0 : The linearised theory (Greenwood) 

0.01 - 
5.ox10-’2 10-11 25x10-“ 

VELOCITY PARAMETER, U 
(a) The effect of velocity parameter U 

(G=3000, Ph=lSGPa, W=2.71X10-4, AzO.25) 

U 

0.01 I I 
2000 10000 

MATEWPARAMETER, G 
(b) The effect of materials parameter G 

(Ph=15GPa, U=10-”, W=2.71X10-4, A=O.25) 

Paper IV(3) “A New Relaxation Scheme for 
Solving EHL Droblems”, by Mr E Nurgat and Dr 
M Berzins (School of Computer Studies. The 
University of Leeds, UK). 

Dr J A Greenwood (University of Cambridge, 
UK). You have specified your lubrication 
conditions by giving us (L) and (M); and in 
addition by giving us (G, U and W). But the one 
parameter that really matters, the one that 
determines whether the contact is “heavily loaded’ 
or not - in the sense that the viscosity becomes 
high enough to eliminate Poisseuille flow - is P = 
(a Po). 

OfcourseP= I G J W  = 2- L ,/M,sowe 
J211 4% 

can work it out : but please will you tell us its 
value? 

Rer)ly by Mr  Nurgat and Dr M Benins  (School 
of Computer Studies, The University of Leeds, 
UK). For the test problems presented in our paper, 

the values of a = 01 Ph, which determines whether 
the contact is heavily loaded or not ranged from 10 
to 60. The exact values for each test problem are 
as follows: 

- 

- 

For the case L=10, the value of a was between 
for M=20 and 2 1 for M=200. 

- 

For the case L=14, the value of a was between 
for M=20 and 30 for M=200. 

0 

4 

For the case L=28, the value of a was between 28 
for M=20 and 60 for M=200. 

These values may be calculated using the values of 
masimum Hertzian pressure, Ph, presented in the 
paper and multiply by a. Alternatively, we can use 
the following relationship: 

- L 3M 
a = - (T) 

n 

Figure 1 Criterion of micro-cavity formation 
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Dr C H Venner (University of Twcntc. Enschcdc, 
The Ncthcrlands). 

The authors prescnt Gauss-Seidel Line relasation 
with a truncated system as a “New relaxation 
scheme” for EHL point contact problcm. This 
discusscr would like to contribute the following 
points. Firstly, Gauss-Seidel line relaxation was 
already described in detail in Chapter 4 of 
reference [2]. It was not adopted as a suitable 
relaxation scheme for the full problem bccause by 
means of local mode analysis (Fourier analysis) on 
a model problem characteristic for the EHL 
problem it can be shown that the scheme is indeed 
very good for large dh’but not stable for small 
dh2.  The cause of the instability is the 
accumulation of changes in the discrcte film 
thickncss integrals. As a result low frequency 
components will be amplified. This eflect can be 
partly counteracted by the use of damping. 
However, the stability is then obtained at the price 
of a significant reduction of the smoothing 
properties. In fact for damping values of 0.1 the 
crror amplification factor for high frcqucncy 
components will be close to unity, and as a result 
the error reduction that can be obtained with a 
multigrid cycle will be very poor. Thc stability 
problem due to the accumulation can be overcome 
by updating all film thicknesses for each prcssurc 
change that has been computed, i.e. to make it full 
Gauss-Seidel, also in the discrctc intcgrals. 
Howcvcr, that option is far too expensive to be 
realistic. A much better way to avoid the 
accumulation is by some sort of distributive 
relaxation, which led to the Jacobi Distributive 
relaxation. 

Now for actual implications one should not look at 
the two schemes as competing alternatives for the 
full problcm. One can easily combine thc bcst 
behaviour of both schemes in a single line 
relaxation procedure. At the price of a fcw 
conditional statcmcnts, in the procedure that 
constructs the system of equations to be solved for 
a given line the coefficients of the (band) matrix 
for the given value of i can simply be chosen 
locally based on the value of dht’. The entire 
scheme then automatically will bchave as a Gauss- 
Scidcl line relaxation, or as a distributive Jacobi 
relaxation, either globally (low loads) or locally 

(inside the contact rcgion versus outside the 
contact region). 

Secondly, the authors conclude that their scheme 
appears to work as well as DRS, by comparing the 
film thickncss result obtained with results obtained 
with the solver of their colleagues from the 
engineering department. However, by definition 
such a comparison can only say something about 
the discretization that is used, e.g. if the same 
discretization is used one should obtain the same 
value, the use of multi-integration can account for 
differences within the accuracy of the multi- 
integration algorithm, and if a dinerent 
discretization is used for sufficiently small mesh 
sizes one should converge to the same value. Such 
a comparison is by no means a proof of eficiency. 
The authors should have compared the error 
reduction per niultigrid cycle, given the exact same 
values of the cycle parameters for both solvers. In 
this respect this discusser would like to know what 
values for cycle convcrgcnce the authors obtained. 
In section 5 the authors state “Hardly any change 
in norm0 was obscrved after a number of 
iterations”. This strongly suggests that 
asymptotically the scheme stalls or that it has poor 
smoothing properties. 

Rei)ly bv M r  E Nurgat and Dr M Benins 
(School of Computer Studies, The University of 
Lccds, UK). The first issue addressed in this 
discussion makes the assumption that we have 
presented Gauss-Seidel Line relaxation scheme 
with a truncatcd system as a ‘New relaxation 
scheme’ for solving Elasto-Hydrodynamic 
Lubrication (Em) point contact problems. This is 
not the case as the schcme described in the paper is 
a new combination of thc two existing Gauss- 
Scidcl and Jacobi Line relaxation schemes with a 
different updating proccdure for each scheme. In 
particular the ‘block up-dating’ procedurc or the 
Jacobi part of the iteration seems to be important 
with regard to the SUCCCSS of the method. Dr 
Venncr points out in his thesis and in the 
discussion that Gauss-Seidcl Line relaxation 
scheme is very good for largc values of dh2but it is 
not stablc for small values of E/h*. It is for this 
reason that we have dcvclopcd a schcme where 
Gauss-Seidel Line relaxation is only used in the 
regions of the computational domain where d h 2  is 
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large and Jacobi Line relaxation scheme is 
employed in the remaining parts of the domain 
where €/h2 is small. We fully agree with Dr 
Venner’s comments regarding the use of a Gauss- 
Seidel scheme and the desirability of using 
something like the Jacobi Distributive scheme. 
The present paper is an attempt to use an 
alternative to the Jacobi Distributive scheme and to 
try to see experimentally whether or not it works. 

On the second issue, we have pointed out in our 
paper that from the results obtained so far, it is too 
early to draw any conclusions as we are still in the 
process of analysing the accuracy of our solutions 
and we are conducting a stability analysis. 
However, it is very encouraging at this stage that 
the solutions obtained using a relatively very 
simple scheme are in line with those obtained 
using other well known schemes. The error 
reduction of both NORMO and Root Mean Square 
Residual per miltigrid cycle are as follows: 

Cycle 1 : 11, 
Cycle 2 : 2, 
Cycle 3 : 1 

We have mentioned in our paper that hardly any 
change in NORMO and Root Mean Square 
Residual is observed after a number of iterations. 
We have not come across EHL papers that use 
NORMO and Root Mean Square Residual as a 
means for testing the accuracy of the solution. 
Hence, it is difficult to make any comparisons or 
draw any conclusions. It is not very clear as to 
which is the best method to use in order to check 
the accuracy of the solutions, but from a 
mathematics point of view, NORMO and Root 
Mean Square Residual are appropriate. However, 
convergence problems do arise due to the 
cavitation region and this may be the cause of the 
problem. In any case, we feel that this needs 
further study. 

SESSION V - EXPERIMENTAL (2) 

P a w -  VCi) “Film Thickness Anomalies in Very 
Thin Elastohvdrodvnamic Oil Films” by F M 

Baskerville and Dr A J Moore (BP Oil Technology 
Centre, Sunbury-on-Thames, UK). 

Mr M Smeeth (Imperial College, London, UK). 
Could you tell us what was the composition of the 
DI package used? - and which particular element 
of this you believe is responsible for the observed 
increase in boundary friction at 100°C? 

Renlv bv Dr A J Moore (BP Oil Technology 
Centre, Sunbury-on-Thames, UK). 

The DI package used was a commercial material 
consisting of a secondary alkyl C& zinc 
dialkyldithiophosphate (ZDDP) anti-weadanti- 
osidant additive, a phenate detergent and a 
succinimide dispersant in a mineral oil solvent. 
The observed rise in boundary friction is due to the 
influence of the ZDDP. In some types of DI 
package, e.g. those containing a surface active 
detergent such as a sulphonate or a salicylate, the 
influence of the ZDDP may be countered by that of 
the detergent. Phenates, though do not have a 
comparable effect. 

Professor J M Georges (Ecole Centrale de Lyon, 
France). The results obtained with DOCP VI 
improver are interesting. The behaviour of the 
film changes with temperature. Have you 
considered the temperature of such polymer 
solution? 

Rei)lv bv Dr A J Moore (BP Oil Technology 
Centre, Sunbury-on-Thames, UK). 

We think it is probably unwise to attempt too 
detailed an interpretation of our results for polymer 
solutions at very low values of film thickness; as 
we have already observed, behaviour was not 
highly repeatable in this regime. In addition, the 
appearance of the relationship between film 
thickness and speed is affected by the fact that film 
thickness moves to a progressively lower range of 
values as temperature rises because of the changes 
in viscous properties. 

Dr R I Taylor (Shell Research & Technology 
Centre, Thornton, Chester, UK). Is it possible that 
the discrepancy in a-values you report is due to the 
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inadequacies of the Barus equation? Would the 
Roelands’ equation be bcttcr? 

Rei)ly by Dr A J Moore (BP Oil Technology 
Centre, Sunbury-on-Thames, UK). 

We do not believe that the use of the Barus 
equation is responsible for anomalies in the values 
of a. Although the fluids examined varied in their 
closeness of f i t  to the Barus equation, the 
proportional disparity in a observed remained 
unaltcrcd. 

P a i w  V(ii) “An Exi)erimental Study of Film 
Thickness in the Mired Lubrication Regime” by 
Dr G Guangteng and Professor H A Spikes 
(Inipcrial College. London, UK). 

Dr S Johnson (Unilever Research, Port Sunlight 
Laboratory, UK). Would Dr Guangteng like to 
comment on the usefulness of his technique for 
quantifying the surface roughness of ‘rough’ metal 
balls whcn under load? It would appear that the 
shape of the reflected intensity v wavclcngth 
‘histogram’ could be uscd to give a distribution of 
surface heights relative to the top surfacc of the 
disc’s spacer laycr, rathcr than just the mean 
scparation quoted thus far. 

Rei)ly by Dr G GuangtenP and Professor H A 
Si)ikes (Imperial College, London, UK). In 
principle the method could be used to produce a 
distribution of scparations between the spacer layer 
and the steel surface. There are two rcasons why 
this was not done. Firstly the authors are not yet 
sufliciently confident of the accuracy of the 
scparation profilcs obtained to do this; each 
measure depends upon just onc or two rows of 
scrcen pixcls and thcrc might bc spurious results 
from, for example, dust in the optical path. 
Secondly, in this work imagcs were obtained from 
a TV camera operating at 50 Hz and no attempt 
was made to gate the input. Thus each image is 
probably an average ovcr about 20 ms. The 
authors are not sure of the validity of such an cffcct 
on any scparation profile obtaincd. It is possible to 
capture an image over a much shortcr tinic pcriod 
and this may bc done in hture  work. 

Mr Y Tozalti (Mitsubish Heavy Industries, Japan). 
Did you measure the surface roughness after the 
test? 

Reply by Dr G GuanHenP and Professor H A 
Snikes (Imperial College, London, UK). The 
undeformed surface roughness of each steel, test 
ball was measured before each test to characterise 
surface finish. However we did not measure the 
surface after testing. This would be useful but 
would have to be done with proper relocation of the 
contact. Such work is currently being undertaken. 

Mr G McClure (University of Leeds, UK). 
Optical interferometry techniques have been used 
previously, to measure ultra-thin film thicknesses 
with super finished ball bearings and optical glass 
discs. How have measurable interference fringes 
been produccd with thcse relatively rough surfaces? 

Rei)ly by Dr G Guandanr and Professor H A 
Si)ilces (Impcrial College, London, UK). The 
surfaces studied were rough by ball bearing 
standards but still not very rough with a mean 
undeformed slope of less than 3.5”. Also the 
spacer laycr may have helped since although the 
film thickness varied by tens of nanometers from 
position to position within the contact, this 
variation was still a small proportion of the total of 
separation plus spacer layer thickness. Certainly it 
proved experimentally possible to obtain 
interference images. 

Dr J A Greenwood (University of Cambridge, 
UK). I would be grateful if you could explain 
again what the experimental measurenient of film 
thickness consists of. I understand that you 
measure the difference between the static position 
and the lubricated position; and if you were doing 
this “externally” by a dircct measurement of the lift 
of the centre of the ball, I should understand. 

But how by measuring light intensities do you 
distinguish between: 
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and. 

Replv bv Dr G Guangteng and Professor H A 
Spikes (Imperial College, London, UK). We are 
measuring the optical separation between a steel 
ball surface and the chromium semi-reflecting 
layer on a smooth glass disc. Because the semi- 
reflecting layer is coated on top with a layer of 
transparent silica spaccr layer, our measurements 
are always the sum of this spacer layer thickness 
and also the thickncss of any oil or air gap 
separating the spacer layer and the steel ball 
surface . 

Initially we measure the average separation over 
the central region of the contact in the static, dry, 
loaded contact. This measurement represents 
spacer layer + any residual air gap due to full 
conformity not being attained between the solid 
surfaces. We then let oil seep into the still static 
contact. Because oil has a larger rcfractive indcx 
than air, the optical thickness of the residual gap 
changes, enabling us to calculate its true spatial 
value (hJ and distinguish this from the true spacer 
layer thickness (hsp) which is invariant. We then 
start rolling and what we now mcasure is the 
average optical spacer layer thickness + average 
optical oil film separation, i.e. ngphsp + no,IblI. 

The semantic problcm highlighted in the paper is 
whether to think in terms of the mean oil film 
separation (which is the difference betwecn the 
mcasurcd value and the spacer layer thickness) hod 
and the hydrodynamic component of this 
separation which could be takcn to be b,~ - h, since 
h, is present even in the static contact and is thus 
not generated by hydrodynamic entrainmcnt. 

Paner V(iii) ‘Surface Elitstic Deformation by 
Solvent Structural Force in Verv Thin Film 
Lubrication’ by Professor T Kato and H Matsuoka 
(University of Tokyo, Japan). 

Dr J A Williams (University of Cambridge, UK). 
In your analysis you call upon the familiar Hertz 
equations to describe your contact between crossed 
cylinders. However, Hertzian contact is strictly 
bctwcen two homogeneous elements, while your 
specimens are clearly layered solids - a thin layer 
of mica supported by a soft layer of glue over a still 
glass substrate - so that the contact is certainly not 
Hertzian. 

Pai)erV(iv) ‘Failure of Verv High Sneed 
Elastohvdrodvnamic Contacts’ by Mr D J Hirst 
and Dr A V Olver (Imperial College, London, UK) 

Dr J A Greenwood (University of Cambridge, 
UK). If your parameter (a) is consistently less 
than theory, then you are not only generating heat 
by spin, but also by slipping and at your speeds this 
must be enormous. Where does it go to? I wonder 
if quoting (PV) as Watts/m* might be more 
meaningful; than GPa m/s? 

Rei)lv bv Mr J D Hirst and Dr A V Olver 
(Imperial College, London, UK). Professor 
Greenwood is quite correct: the heat input is very 
high from both the spin and the sliding of both 
contacts. (Throughout the paper we have tended to 
refer to total relative contact motion as ‘slip’, 
which has rotational and linear components, 
referred to as ‘spinning’ and ‘sliding’ 
respectively). It is estimated that the total heat 
from the two test contacts amounts to between 1 
and 2 kW at maximum conditions. A further 
source of heat is provided by viscous shear of the 
lubricant within the ‘biro’. 

The majority of the heat is removed by conduction 
into the ball and the raceways. This is then carried 
into the lubricant and the surroundings, by 
convection whcrcby it is removed from the test 
station. At this point, any further convection from 
the lubricant serves simply to hcat up the 
laboratory! 

SESSION VI - ‘SOFT’ EHL 

Paner VNi) ‘Elastohvdrodvnamic Lubrication 
of Soft Solids’ by Dr C J Hooke (University of 
Birmingham, UK). 
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Professor T Yamamoto (Tokyo University of 
Agriculture and Technology, Japan). This paper 
summarized very well the properties concerning 
‘soft’ EHL. The feature “simplified effect of 
roughness” which the author indicated in the paper 
can be effective for the tribology of wet friction 
material which is porous and composed of dents, 
with the majority of the contact area being flat. 
Would you give us your comments on applying 
your concept of EHL to this material? 

Renlv bv Dr CJ Hooke (University of 
Birmingham). It is almost impossible to answer 
your question fully without having more 
information about the way in which the friction 
material is being used. 

If the system consists of a pad of material rubbing 
on a surface then fluid will be entrained at the 
front of the pad and, under steady state conditions, 
conditions there will largely control the film 
thicknesses undcr the whole conjunction. There 
will of course, be local variations around each dent. 
The downstream edge of each dent will act as a 
local inlet to an EHL contact and will, in theory, 
control the clearance downstream of it. However, 
if the clearance generated at the dent is greater 
than that produced at thc pad inlct, then the dent 
will eventually become starved and the clearance 
drop to that gencrated at the pad inlet. If it is 
lower, then the dent will eventually bccome fully 
flooded and pressurised, thus increasing the 
downstream clearance. In either event it is the 
contact inlet rather than the dents that will 
eventually control the clearances. Thcrc will of 
course be considerable time delay and 
redistributional effects at each dent that will 
coniplicatc this somewhat simplified analysis. 

In estimating the clearances produced at the pad 
inlct and at the rear of each dent, the dry contact 
pressure distribution must be estimatcd. This will, 
necessarily have a parabolic form of the type given 
in equation 5. Then equation 6 can be used to 
estimate the entrained clearance. It is, of course, 
ncccssary to use the component of entraining 
velocity normal to the boundary in this calculation, 

Flow under the remainder of the pad, and any 
spreading of locally high clearances can then be 
found using Hirano’s analysis. 

Under transient conditions it is likely that each 
dent will act as a local source or sink of fluid and, 
initially, it is probable that each dent will produce 
a downstream clearance that reflects the EHL inlet 
characteristic of the downstream side of the dent. 

Frictional behaviour will be complex but for 
elastomeric materials seems to be related to the 
visco-elastic response of the elastomer to the 
surface roughnesses of the counterface. This is, of 
course related to the ratio of roughness to film 
thickness and to the roughness wavelength. 
Asperities on the elastomer appear simply to be 
partially flattened as suggested in the paper and to 
have little effect on frictional performance. 

Dr H van Leeuwen (Eindhoven University, The 
Netherlands). I want to congratulate the author on 
a good overview of the subject, which includes 
non-steady state EHL. Also the author’s 
approximate equations for the film thickness are 
appreciated. I have two questions on the time 
dependent entraining velocity; 

(1) Is the “wave” of the minimum film thickness 
in phase with the cntraining velocity? 

(2) Is it possible to estimate the speed 
propagation of (hmm) through the contact? 

Rer~ly by Dr. C.J. Hooke (University 
Birmingham, U.K.) 

of 

of 

Thc actual bchaviour of the minimum film 
thickness in soft contacts under dynamic 
conditions is complex. However, a reasonable 
picture of the behaviour can be obtained on the 
following basis. 

Clearances are generated at the inlet to the 
conjunction with values detcrrnined, 
approximately, by the instantaneous entrainment 
conditions there. There is one critical exception to 
this and that it whcre the entrainment velocity falls 
to zcro. In that case the clearance is dctcrmined by 
the rate of change of entraining velocity. 
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These clearances are convected through the 
contact, with little change, at a speed close to the 
entrainment velocity. This velocity clearly may 
change from the velocity at which the clearance 
was generated and may even reverse. The actual 
magnitude of the changes during transition are 
governed by Hirano’s equations and are easy to 
calculate. 

When the clearance passes through the exit region 
it undergoes a final, short duration reduction 
before increasing again. The magnitude if this 
reduction depends on the relationship between the 
conditions under which the clearance was 
generated and those obtaining as it passes through 
the exit. 

Dealing with the specific questions 

(1) If the amplitude of motion is large compared 
with the contact width, the ‘wave’ of 
minimum film thickness will be largely in 
phase with the entrainment velocity. There 
will, however, be a time delay equal to the 
duration of transit of the clearance across the 
conjunction. In addition complex effects can 
be expected near the point where the 
entrainment velocity reverses. 

(2) After entrainment reversal the old exist 
restriction will propagate through the contact 
at a velocity closely equal to the entrainment 
velocity. There will be some complications 
during the initial movement of h,, into the 
contact but once inside the clearance is 
unlikely to change significantly. 

Paper Vl(ii) ‘Film Thickness Measurements 
in Elastohvdrodvnamicallv Lubricated 
Elastomeric Contacts’ by Dr S A Johnson*, Dr M 
J Adams*, Mr A Arvanitoki** and Professor B J 
Briscoe** (*Unilever Research, Port Sunlight 
Laboratory, UK. **Imperial College, London, UK 
(University of Birmingham, UK). 

Professor Dr Ing G Poll (University of Hannover, 
Germany). In the graph showing the friction 
coefficient versus speed there is a distinction 
between a “boundary/mixed’ and “IEHL” region. 
Both in the boundary and IEHL region there is a 

tendency of increasing friction with speed. Is it 
possible that in the “boundary” region, in reality, 
there is a micro-EHL action induced by the micro- 
geometry (roughness), whereas the IEHL region is 
dominated by a hydrodynamic mechanism related 
to the macroscopic shape of the specimen? 

Mr  H van Leeuwen (Eindhoven University, The 
Netherlands). It is nice to see that the 
investigations of Visscher find acclaim in the 
measurement of film thickness in elastomeric 
contacts. I have the following question. 

The behaviour of the coefficient of friction vs a 
speed number does not look like the boundary 
lubrication characteristic normally looks like. 
What is the film thickness in this area? And if it 
should be full film lubrication, what is then 
causing the transitions in this coefficient of 
friction? 

RCIIIY bv Dr S A Johnson (Imperial College, 
London, UK). These questions relate to the 
physical mechanisms responsible for the three 
traction regimes observed by the authors in an oil- 
lubricated contact between a smooth glass 
hemisphere and a soft, and relatively rough, 
elastomeric flat. These traction regimes occurred 
at small, medium and large values of 
dimensionless velocity parameter, M, and were 
ascribed to resulting from boundary, ‘mixed’, and 
‘full’ IEH lubrication respectively. As will be 
discussed below, this is not supposed to imply that 
micro-IEHL is not important in reducing the 
traction in the ‘full’ IEHL regime. It is the 
purpose of the rest of this answer to clarify what I 
believe is meant by boundary, mixed, and full 
IEHL lubrication in the context of rough 
elastomeric contacts, and where I believe that 
micro-EHL is important in determining the 
traction. 

This discussion was prompted by some data, 
supplementary to the paper, that was presented at 
the Symposium. The main purpose of this was to 
illustrate a practical example where the sliding 
velocity and viscosity dependence of the traction 
were adequately predicted by macro-EHL theories; 
as represented by eqns. 20 and 21. These data 
were for an optically-smooth glass probe (R = 8 
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mm) sliding across a human inner forearm (W = 
0.2N). The relevant experiments were performed 
in a manner described previously 1181, with the 
traction being measured as a function of velocity 
(V = 1 -50 m d s )  using a wide range of Newtonian 
silicone fluids (q = 0.8 -58000 mPas) as lubricants. 
The data were presented graphically as a log-log 
‘master’ curve in such a way to illustrate the 
validity of eqn. 20. At relatively large values of the 
dimensionless velocity parameter, M, thc traction 
did indeed behave in a manner expected from a 
consideration of IEHL of the macroscopic contact 
geomctry alone. 

The two qucstions arc not primarily dircctcd at the 
high M part of the mastcr curve (1.e. the full IEHL 
rcgimc -which is furthcr defincd bclow), but rathcr 
at that part of the curvc corresponding to relatively 
small M values. This is the regime where we 
qualitatively interpret the data as implying that thc 
fluid films between each asperity tip and the glass 
arc sufficiently thin, or even non-existent, such 
that the contact as a whole can be considered as 
opcrating in a boundary or even in a ‘dry’, 
unlubricated, regime (the traction was only slightly 
lowcr than that measured for the unlubricated 
contact). In this region of the mastcr curve, for the 
lowest viscosity fluid (0.8 ngas), the traction only 
doubled for a factor of fifty increase in sliding 
velocity. I consider that such a small dependence 
of traction on velocity is not inconsistcnt with a 
boundary lubrication mechanism - I suspect that 
the choice of a magnified log axis for the friction 
cocflicicnt led to the qucstioncr incorrcctly 
deducing the magnitude of the efrect. 

At the small M values, our phcnomcnological 
traction data suggest that a significant proportion 
of the fluid films at asperity tips must be 
considerably below 100 nm in thickncss. The 
cvidcncc for this comes from mcasurcnicnts in 
water, where both stick-slip motion and large pH 
and surfactant cffccts arc cvidcnt [IS]. ‘Stick’ 
requires some proportion of ‘dry’ contact, where 
thc fluid is excluded from at least soinc aspcrity 
tips in order to provide contact regions that have a 
finite yield stress. A depcndcncc of the traction on 
either solution pH or the presence of small 
amounts of surfactants indicates that the separation 
distance between the deformed skin asperities and 

glass must be within a range where interfacial 
forces can operate; namely below ca. 20 nm. Also, 
the traction in water is very much greater than that 
measured in dilute surfactants, particularly at 
relatively low sliding velocities. This is evidence 
that the eficiency with which micro-EHL can 
generate fluid films at asperity tip contacts, and so 
effectively reduce the overall traction, must be 
lower (high traction in pure water) than that 
associated with repulsive interfacial forces (low 
traction in dilute aqueous surfactants). 

It is difficult to make a direct comparison between 
the traction data obtained in water with that in 0.8 
mPas silicone oil because, although the two fluids 
have similar viscosities, water plasticises the 
surface of human skin whereas silicone fluids do 
not [ 181. Ncverthelcss, for the same A-ratios (A= 
h,,&, where h,, is thc film thickncss calculated 
from macro-EHL and Rg is the root-mean-square 
roughness of the undeformcd skin surface), it is 
likely that micro-EHL will be even less effective in 
reducing the traction in 0.8 mPas silicone oil than 
in water because the asperities will be less 
compliant. The reason why the traction is so much 
higher for water [18] than for the dry contact, or, 
indeed, for low viscosity silicone oil, is due to a 
larger real area of contact in the plasticised system 
bctwccn the more compliant asperities and the 
glass. Thus, relative to the dry contact, I propose 
that any slight reductions in the traction obscrvcd 
at low M values in silicone fluids are most likely 
due to some measure of boundary lubrication. 

It is certainly true that thcre will be considerable 
asperity flattening within the contact circle, and 
Professor Poll’s suggestion that micro-IEHL should 
be important in some region of the mastcr curve is 
certainly true. At mcdium values of M, the 
traction falls as M increases until a minimum in 
the traction is reached - we identify this minimum 
point with the onset of full IEHL and the region of 
falling traction values with the mixed lubrication 
regimc. Using a smooth contact approximation, 
the macro-1EHL film thickness under the 
conditions of lowest traction is calculated (see ref. 
[ 181 for a description of the contact geometry and 
relevant materials’ parameters) to be ca. 7pm. 
This is significantly less than the typical & of 
undeformed forearm skin which we have measured 
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to be ca. 20 pm. I think that micro-IEHL is 
responsible for the persistencc of low traction 
values in that part of the full IEHL regimes where 
the A-ratios are considerably less than unity. 
However, the film thickness predicted by the 
macro-IEHL equations at the onset of the mixed 
regime is ca. 2 pm. Therefore, it would appear 
that micro IEHL is incapable of reducing the 
traction in this particular contact pair once the A- 
ratio is below about 0.1, and any lurbication 
observed in this region is likely to be boundary in 
nature. 

In summary, I would suggest that the three 
lubrication regimes that the contact passes through 
as the product of q and V increases are boundary 
(where the traction increases in the manner 
predicted by eqns. 20 or 21). Micro-IEHL is 
responsible for shifting the position of minimum 
traction (i.e. the onset of ful l  IEHL) to smaller 
values of M than would be predicted on the basis of 
the A-ratio alone, and therefore must be important 
in both the mixed lubrication regime and the initial 
(low A) part of the full IEHL regime. The full 
IEHL regime can be divided into two parts, in both 
of which there is a negligible contribution to the 
traction from shear of boundary films - this bcing 
the connotation of the term ‘full’. I suggest that 
the lower M and A part of the full IEHL regime is 
dominated by micro-IEHL, and the higher M and 
A part by macro-IEHL-although it should be 
emphasised that thcre appears to bc little 
distinction between the two in our traction data 
obtained so far. 

Mr H van Leeuwen (Eindhoven University, The 
Netherlands). In which mode has the optical 
system been used, closed loop or focus error signal 
measurement? 

Rel~lv by Dr S A Johnson (Imperial College, 
London, UK). The optical follower was used in a 
closed-loop mode in order to masimise the range 
with which displacement measurements could be 
made without having to move it. 

Dr M Visscher (The University of Leeds, UK). 
The authors presented a nice paper on film 
thickness rncasurements based on Compact Disc 
technology. I would like to make some additional 

comments which may be useful to the authors and 
to others. 

(1) The authors mentioned a focus spot of about 
1.5 pm in diameter. This is true in air, where 
the focus spot is diffraction limited. The 6 
mm thick glass disc, however, introduces 
spherical aberration, causing the spot to be 
much larger. Its diameter can be estimated 
from geometrical optics, and is about 40 pm. 

(2) The authors mention that the calibration 
factor, needed to overcome the difference 
between the “optical” and the real film 
thickness, was much larger than expected from 
the lubricant’s refractive index. They suggest 
that diffuse scattering from within the bulk of 
their white elastomeric specimen might be the 
cause. Have the authors considered to mix a 
colour filler into the material which would 
adsorb the laser light? In my experiments at 
Eindhoven University, we always used 
coloured polyurethane, either green or black, 
and the refractive index could be used as a 
calibration factor. 

Rerdv bv Dr S A Johnson (Imperial College, 
London, UK). 

(1) Dr Visscher’s comment is an important one. 
The optical followers optics have a relatively 
large numerical aperture so that the focal spot 
diameter is diffraction-limited in air. In order 
to minimise the spherical aberration normally 
associated with such large numerical aperture 
optics, the lens combinations inside the 
transducer are chosen to be self-compensating. 
However, placement of the spinning disc 
between the optical follower and its focal point 
has the effect of re-introducing spherical 
aberration and this will, indeed, cause a loss in 
lateral solution. Fortunately this will have 
only a very minor effect on the accuracy of the 
reported central film thickness data. This is 
because the diameter of the contact between 
the elastomer and the glass disc was always 
considerably greater than the diameter of the 
aberrated laser spot. Nevertheless, in future 
work, correcting this aberration will be 
necessary if we wish to profile the film 
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thickness across the width of the contact with 
the full potential lateral resolution of the 
current method. We thank Dr. Visschcr for 
his cautionary comment. 

The commercial optical follower we use ceases 
to operate once the reflected intensity is below 
a certain value (approximately 2%). This was 
found to be the case when we attempted to 
make film thickness measurements between 
the glass disc and a clear elastomer. It has 
been our experience that white elastomers 
have a higher reflectivity in air than black, red 
or green elastomers, and all our film thickness 
studics have bccn done using the while Silj7o 
material. If elastomers of different colours are 
sufficiently reflcctive in silicone fluids for our 
particular optical follower to operate 
effectively, then Dr. Visscher’s suggestion 
could prove valuable. 

Paper VI (ii i)  ‘Some Aspects of the Contact 
Mechanics and Lubrication of Low Modulus 
Materials in Rough Interfaces’ by Professor R.S. 
Saylcs, Mr I Lee-Pradoe and Mr C Bouvet 
(Impcrial College, London, U.K.). 

Dr J A Williams (Cambridge University, UK). In 
support of your demonstration of a soft body 
sliding on a comparatively rough surfacc you 
showed the results of some calculations of the 
loaded profile of the homogeneous compliant body. 
Have you completed similar calculations for the 
rigid body covered by a thin elastomeric compliant 
film? 

Rer)lv by Dr R S Sayles, Mr I Lee-Prudhoe and 
Mr C Bouvet (Imperial College, London, UK). 
We have not yet performed this calculation, but the 
program developed by James Cole (1) allows this 
to be achieved and we are grateful to Dr Williams 
for reminding us that this is possible - and we will 
do it. 

Cole, S J and Sayles, R S. “A Numerical 
Model for the Contact of Layercd Elastic 
Bodies with Reai Rough Surfaces” Trans. 
ASME, J. Tribology, 1991, V114, 334. 

Mr D J Hirst (Imperial College, London, UK). I 
appreciate that you probably have no direct 
measurement of this, but if someone had suffered 
an accident, say, and had badly burnt their fingers, 
would you expect; 

(a) the fingerprint - and its natural fractal to 
be removed by the bum? - and that 
therefore; 

(b) the person would then have much greater 
difficulty in picking up objects? 

Renly by Dr R S Savles, Mr I Lee-Prudhoe and 
Mr C Bouvet (Imperial Collcge, London, UK). As 
you suspect, we have no real evidence on what 
would happen in the case of finger burns, but 
would hazard a guess that the finger print would be 
modified, and in severe cases, perhaps removed, at 
least in the short term. The effects of this would 
probably result in a non-fractal geomctry with a 
greater potential for elastic conformity, which in 
turn would increase the ease in which 
hydrodynamic films might form with wetted 
objects, and hence represent an increased difficulty 
in handling wet objects. But on the other hand (no 
pun intended), when dry, the increased real contact 
area, offcred by this greater elastic conformity, 
would probably produce an increase in the overall 
shear force that could be applied for gripping 
objects. 

Paner VI(iv) ‘The Sealinp and Lubrication 
Princinles of Radial Lin Seals: Measurement of 
Local TanPential Deformations and Film 
Thicknesses in the Contact Between Shaft and 
- Seal’ by H van Leeuwen and Mr M Wolfert 
(Eindhoven University of Technology, The 
Netherlands). 

Professor Dr.-lng. G Poll (University of 
Hannover, German). How do you explain the 
difference between the area of contact (0.08 mm 
wide) and the wear path width (up to ) 0.5 mm 
widc) in your experiments? 

Dr C J Hooke (University of Birmingham, UK). 
The authors examine the pumping of seals 
assuming the asperities are organised into neat 
asial rows. With this arrangement, local 
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tangential deformations produce substantial 
pumping. They then find tangential displacements 
in actual seals and infer that these deformations 
must, therefore, be responsible for the seals 
pumping. 

However, in practice the asperities are likely to be 
randomly oriented. If this is the case then any 
distortion of the seal will still leave a random 
asperity pattern that will lack the directional 
features required to cause the pumping action. 

It might be argued that an aligned asperity pattern 
would be produced by the seals motion with ridges 
being formed that lie normal to the direction of 
sliding. However, it is difficult to accept this since 
they would then form normal to the distorted seal 
and again, in operation, the seal would lack the 
required directional surface features. 

Professor Dr.-Inp. G Poll (Hannover University, 
Germany). When trying to correlate the measured 
film thickness and the friction torque, did you 
assume that the friction was entirely due to shear of 
the fluid, or did you consider a contribution due to 
boundary friction in asperity contacts? 

SESSION VII - LUBRICANT 
PROPERTIES 

Pailer VWi) ‘A Simiile Formula for EHD Film 
Thickness of Non-Newtonian Liauids’ by Dr S 
Bair and Professor W 0 Winer (Georgia Tech., 
USA). 

Professor R Coy (Shell Research Ltd, Chester, 
UK). In many lubricants containing polymers the 
limiting shear stress (m = -a)) may be related to the 
permanent shear degradation of the polymer. Will 
this have an effect on the film thickness as 
predicted by your model? 

Replv by D r  S Bair and Professor W 0 Winer 
(Georgia Tech, USA). The physical origin of the 
shear thinning should have no effect on the film 
thickness prediction. Permanent shear degradation 

can be observed in an operating concentrated 
contact by extracting and analysing liquid from the 
exit. However, the addition of small 
concentrations of polymer has little effect on the 
measured limiting stress of a base oil. If 
permanent shear degradation occurred in a 
rheometer when limiting shear was obtained, then 
it would not be possible to recover the original low 
shear viscosity on succeeding measurements 
without reloading the rheometer. This difficulty 
has not been observed. We may then rule out 
significant permanent degradation as a source of a 
limiting stress. 

M r  M Workel (University of Leeds, UK). Figure 
(1) from the Synopsis shows the curve of (7) versus 
(T) on a double logarithmic scale. At T = lo2 Pa 
both curves have only one measurement point. At 
T = lo6 Pa both curves have about 5 measurement 
points. From these very few points, the ‘critical 
stress’ (7,) is deduced as the intersection point of 
the horizontal line and the (linear) decreasing one. 
Do the authors think that finding (T,) from these 
measurements is highly prone to measurement 
errors (especially because T, 2: lo4 Pa) and lo4 Pa 
<< lo6 Pa, where most points lie). 

Do the authors think that these few measurements 
justify the formula assumed? 

Reiilv bv Dr S Bair and Professor W 0 Winer 
(Georgia Institute of Technology, USA). 

The reader might note that the data points for the 
power law regime of Figure 2 were obtained with a 
High-pressure Rheogoniometer by the 
measurement technique described in Ref. [7] of the 
original paper. This instrument provides 
measurements of normal stress difference as well 
as shear stress. The slope of the power law regime 
shown in Figure 2 can be related to the normal 
stress difference [7]. If the slope were very much 
different from that shown in Figure 2, then the 
normal stresses measured in Ref 17) could not be 
explained by existing models. Measurements of 
viscosity at shear stresses of lo2 Pa and lo6 Pa, 
together with the power law slope, uniquely define 
the critical stress, T,. 
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To illustrate the effectiveness of our approach see 
the attached Figure 2a. The data points were 
recently obtained with a commercial rheometer 
which only operates at atmospheric pressure. The 
solid curve is equation (2) of the paper with T, = 
5400 Pa. The broken curve is also equation (2) but 
with .r,varying weakly with pressure as specified in 
Ref. 141. The agreement is good. In this numerical 
prediction it was convenient to fix T,. The 
resulting film thickness is not aected by the 
alternate approaches to speclfying T,. 

Regarding the film thickness solution, it is the 
rheological response of the liquid at a shear stress 
around lo6 Pa which controls film forming for 
thicknesses of about 100nm*. Other curves drawn 
through the high shear stress data of Figure 2 and 
obeying equation (2) would give similar film 
thicknesses - for instance T, of 5 x lo4 Pa combined 
with m = 0. Of course, this would not agree with 
rheological measurements. It is for this reason that 
the EHD contact is a poor rheometer. 

The constitutive equation (2) is justified by the 
enormous quantity of rheological evidence which 
shows that a nowNewtonian liquid displays both a 
terminal regime and a power-law regime (and 
possibly, a second Newtonian regime). While it 
has become fashionable in the tribology community 
to utilize constitutive equations which compute 
easily, we feel that it is not helphl to the field in 
general to promote these, if they cannot be 
supported by rheological measurement. 

* Bair, S. (1996), “Elastohydrodynamic Film 
Forming with Shear Thinning Liquids”, 
Accepted Trans. ASME J. Tribolow. 

Professor A Cameron (Great Wilbraham, 
Cambridge, UK). The authors refer to a solution 
“as originally suggested by Grubin”. 

In 1985 I reported on the 1984 meeting of the 
German Society of Tribology (1) where the 
Vogelpohl medal was given to A M Ertel “the true 
author of ‘Grubin’s ehl solution’. 

I described how Ertel, when working in Berlin, had 
faked a suicide in 1945 and defected to the West. 
The Russian authorities saw through his deception 

I I 
a A 

1 0’ lod lo5 

Shear Stress (Pa) 

Figure 2(a) LF 5346 at Ambient Pressure 

and so Ertel became a “no-person”. Now Grubin 
was an examiner for his Kandidat Nauk (PhD) and 
had written “the value of the work is 
extraordinarily high and should bring the author 
world acclaim”. Grubin then published it. with no 
mention of Ertel. This has always seemed a rather 
unusual procedure. 

Professor Blok has told me that he heard from a 
Leningrad professor that Grubin realiscd that this 
most impressive work would never see the light of 
day, Ertel now being a ‘no-person’. He therefore 
decided to publish it under his own name, even 
though he risked the accusation of plagiarism. 

This postscript to the drama I described in 1985 
casts quite a different and very favourable light on 
Grubin. 
(1) A Cameron (1985) Rghting a 40-year-old 

wrong. A M Ertel - the true author of 



72 1 

'Grubin's ehl' solution. Tribology 
International, Vol. 18(2), p. 82. 

Paner VIW) 'Behaviour of Some Vegetable 
Oils in EHL Contacts' by Dr N Ohno*, Mr A 
Shiratake*, Mr N Kuwano* and Professor F 
Hirano** (*Saga University, Japan, ** Kyushu 
University, Japan). 

Dr P Cann (Imperial College, London, UK). How 
did you measure the reflow time of the wake? 

Did you see any evidence of starvation of the inlet 
in your EHD tests? 

Reillv bv Dr N Ohno (Saga University, Japan). 
The author would like to thank Dr Cann for the 
interest she showed in this paper. Concerning the 
measurement of reflow time, we measured the 
disappearance time of the wake after the sudden 
stop of rolling motion by the usual interferometric 
method. Concerning the evidence of starvation, for 
measurement of EHD film thickness we used the 
usual interferometric method. So we can see the 
evidence of starvation of the inlet side of EHD 
contacts. However, we could not observe the oil 
starvation of the inlet on the tested lubricants. 

Paner VTI(iii) 'Estimation of Pressure Viscositv 
Coefficient bv Hivh-Sileed and High-Pressure 
Traction Drive Test' by T Nakamura, F Itoigawa 
and T Matsubara (Nagoya Institute of Technology, 
Japan). 

Dr A J Moore (BP Oil Technology Centre, 
Sunbury-on-Thames, UK). Is 30°C a realistic 
operating temperature in the turbocharger 
application which inspired this study? 

Rei)lv by T Nakamura, F ItaiParva and T 
Matsuhara, (Nagoya Institute of Technology, 
Japan). In practical use of the supercharger (not a 
turbocharger), the operating temperature of the 
traction fluid may be higher than 30 "C. From the 
point of view of high maximum traction and 
efficiency, however, a low fluid temperature will be 
desirable. A realistic supercharger system which is 
applied with the traction drive has an oil 
recirculation and cooling device. So, 30 "C is not 
an impractical temperature as the test condition. 

Dr J B Medley (University of Waterloo, Ontario, 
Canada). Why did you choose the Ree-Eyring 
model to represent your traction curve rather than 
a limiting shear model and, perhaps, the approach 
taken by Wu and Cheng (Tribology Transactions 
37,1,  138-146 (1994))? 

Renlv bv Dr T Nakamura, Mr F ItioPawa and 
Dr T Matsubara (Nagoya Institute of Technology, 
Japan). According to the traction map which is 
proposed by Evans and Johnson, our test 
conditions are assumed to be in the non-linear 
viscoelastic regime. 

Even if the limiting shear model proposed by Bair 
and Winer or by Gecim and Winer is assumed, 
similar calculations to the case that the Ree-Eyring 
Model is assumed can be performed by regarding 
the limiting shear stress zL as an unknown 
parameter measured by fitting instead of Eyring 
stress z,. However, we choose the Ree-Eyring 
model to present the traction curves which are 
obtained in our tests because it seems to be 
physically well-grounded rather than the limiting 
shear stress. 

Professor R C Coy (Shell Research Ltd, Chester, 
UK). What is the sensitivity of the pressure 
viscosity coefficient (a) to the value of (T")? Does 
your conclusion on the constancy of (a) with 
surface velocity hold for other values of T")? 

Rcillv bv Dr T Nakamura, Mr F Itiovawa and 
Mr T Matsuhara (Nagoya Institute of 
Technology, Japan). The value of maximum 
traction is associated with both mean film 
temperature and a value of a~,. Calculation results 
show that a variation of fluid film temperature 
(from 63°C) with surface velocity (from 15 m/s to 
44 m/s) in our test conditions is relatively small in 
comparison with the magnitude of temperature 
rises. In addition, a variation in the value of a 
maximum traction obtained in our experiments is 
also small. These facts show that the value of az, 
varies only a little with the surface velocity. Since 
z,, is not so influenced by the film temperature in 
comparison with a, it is assumed that zo has a 
constant value. Consequently, the small variation 
of film temperature gives rise to the small variation 
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of a. Even if the magnitude of the value of z, 
varies, the tendency of the variation of the value of 
a is not changed because of the small variation of 
the value of az, mentioned above. 

P a i x r  Vll(iv) ‘Simulated Lubricant non- 
Newtonian Behaviour under Elastohvdrodv- 
namic Conditions’ by Mr S Chynoweth, Professor 
R C Coy and Dr L E Scales (Shell Research Ltd, 
Chester, UK). 

D r  A J Moore (BP Oil Technology Centre, 
Sunbuty-on-Thames, UK). In view of the very 
high shear rates quoted in the NEMD simulations, 
can the authors say whether “realistic” traction 
coefficients can be determined at shear rates of 
practical relevance? 

Rei)lv by M r  S Chvnoweth, Professor R C Cov 
and D r  L E Scales (Shell Research Ltd, Chester, 
UK). The NEMD simulations are carried out at 
very high shear rates to obtain thc”constitutive” 
equation for the lubricants investigated in the EHD 
models. However, once the shear thinning region 
has been Simulated at the pressures, temperatures 
and shear rates amenable to NEMD simulation, the 
effect of temperature and pressure on the non- 
Newtonian region is generally applicable across the 
(P,T,y) parameter space. For example, in Figures 2 
and 3 it is clear that at the highest pressures plotted 
(around a Giga Pascal) shear thinning occurs at 
relatively low shear rates. Indeed for 
heptamethylnonane shear thinning occurs as low 
as lo2 s“ shear rates. Thus realistic traction 
coefficients can be obtained in the realm of 
practical shear rates for the isothermal systems 
modelled in this paper. 

SESSION 1X ANALYTICAL/ 
NUMERICAL (3) 

Palm- IX(ii) “Time De imden t  Solutions with 
Waviness and As1)erities in EHL Point 
Contacts” by P Ehret, D Dowson and C M Taylor 
(Institute of Tribology, Dcpartmcnt of Mechanical 
Engineering, The University of Leeds, UK). 

M r  Y Tozaki (Mitsubishi Heavy Industries, 
Japan). When the oil film profiles for t = 0 and t = 
0.78 are compared, the flat part of the oil film 
thickness is seen to decrease. What is the reason 
for this? 

D r  C H Venner and Mr Y H W i m a n t  
(University of Twente, Enschede, The 
Netherlands). In the limit of vanishing pressure 

flow the Reynolds equation reduces to ( p H), + 

(i H) ~ = 0, with the solution 

(PH)  = ( i H )  cx-t ). 

Hence, if the conditions in thc contact region are 
such that density variations can be neglected, film 
changes will move through the contact region 
unchanged, and, in the case of waviness, no 
amplitude reduction should be observed. The 
authors argue that this provides a “simple test” for 
accuracy, and that amplitude reduction inhibited in 
the solutions presented by Venner and Lubrecht 
must be artificial and thus should disappear with 
decreasing time step. They then choose to perform 
their simulations using the same mesh size as 
Venner and Lubrecht, but with half the timestep. 
The discussors would like to contribute the 
following points. 

Firstly, the conditions considered by the authors 
are such that aph z 10. This is till a relatively low 
value. Moreover, as the Roelands’ pressure 
viscosity equation is used (with z = 0.44) it appears 
to the discussers that for these conditions the 
authors’ claim that there should be no viscous 
effects whatsoever is too strong. For example, for 
the solutions presented by the authors 0.02 5 E I 4  

in the region -1 I X I 0. Now at E = O(0.01) 
viscous effects are not negligible and can show in 
the solution. Consequently, certainly in the first 
part of the Hertzian contact region some amplitude 
reduction should be observed, and this is indeed 

the case; see Figure 3 ( I  = 1.56). This effect will 
be stronger if E is larger, as is for example likely to 
be the case for the waviness results presented by 
Venner and Lubrecht where the value of the E is 
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roughly between 2 and 10 times larger than for the 
case considered here by the authors (Venner and 
Lubrecht have the same ah, but 2 lo-’’ I U I 8 
lo-”). 

Secondly we would like to comment on the choice 
of a timestep that is half the spatial mesh size, in 
comparison with a timestep that is equal to the 
spatial mesh size. Consider the advection 
equation: 

Let this equation be discretized on a grid with a 
mesh size (h) in the x direction and (k) in the y 
direction. The discrete operator satisfies: 

h a l  
h a y  

Lhk uhk = a - + 6 - + T~~ = 0 (2) 

with the truncation error T~ being a function of 
higher derivatives of u multiplied with powers of 
the mesh sizes h and k. In particular using the 
second order “upstream” discretization for each of 
the derivatives we have: 

3 

As a measure for the truncation error we can look 
at its absolute value for an oscillatory characteristic 
component. 

(4) 
io(ay-bx) u = e  

For such a component we obtain: 

Hence, given h, to minimise the truncation error, 
the optimal choice for k is such that M< = b/a. 
Applying this analysis to the advective part of the 
Reynolds equation, (with x and t instead of x and 
y), we have a = b = 1 and the optimal timestep (for 
the given discretization, i.e. second order upstream 

/uptime) equals the mesh size in space. Any other 
choice, e.g. k = h/2, increases the truncation error 
for the characteristic component. Therefore, it is 
not likely that a solution obtained on a grid h, W2, 
is really more accurate than a solution obtained on 
a grid h, k in spite of twice the amount of work 
being invested. 

Renlv bv Dr P Ehret, Professor D Dowson and 
Professor C M Taylor (Institute of Tribology, 
Department of Mechanical Engineering, The 
University of Leeds). The authors would like to 
thank Dr C H Venner and Mr Y H Wijnant for 
their instructive comments. We would like to 
focus our response on the second part of their 
contribution, since the choice of the time step 
represents the essence of this discussion. The 
discussors have objected that the time step we have 
chosen, although twice smaller than theirs, leads to 
higher truncation errors. According to the 
discussors, this aspect is explained by a more 
appropriate choice of the time step and the spatial 
discretization which results in a vanishing 
truncation error. Unfortunately, we will see that 
the argument proposed to justify the choice of this 
time step is flawed. 

We agree that the truncation error can be expressed 
by the equation (3), and we will base our 
development on this relation. However, by using 
the function (4), the discussors have stipulated that 
the solution, i.e. the film thickness, depends on the 
research of the oscillating components alone. This 
approach is incomplete. In fact, the solution 
depends on two different time scales; a short time 
scale given by the fluctuations of the solution 
depends on two different time scales; a short time 
scale given by the fluctuations of the solution at 
one point and a long time scale which represents 
the central value of this solution at this same point. 
Numerical artifacts, and damping effects results 
from the research of these two time scales 
simultaneously (Let us note that the multigrid 
technique is only applied spatially and we do not 
yet use the multigrid approach with the time 
component, which should make the time scheme 
more effective [ 11. 

Following this remark, a function characteristic of 
the solution can be represented by: 
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[ 11 from a discussion with Dr C H Venner. 

where ua represents a short time scale 
function, which can be expressed by an 
oscillatory function. The fluctuations of the 
solution are caused by the propagation of the 
surface features i n  the contact. This can be 
defined in the same manner as the function 
proposed by the discussors; 

and where u1 is a long time scale function, 
which provides the central value of the 
oscillatory function. The changes in function 
are dictated by the macro aspects of the contact 
(load. starved or flooded condition at the 
entrance of the contact, surface vclocities ctc). 
In the present case, u1 can be considered 
constant with time (the parameters previously 
cited are independent of time); 

For such a function, the truncation error is 
expressed as; 

Since we do not know the values of A, and Al , it  
becomes difficult to find the optimum choice for 
and k. But first and foremost, the choice of the 
time step recommended by the discussors does not 
hold. It is therefore very likely that computations 
present numerical damping and large truncation 
errors, even if the time step equals the spatial 
discretization. This is the reason why we have 
proposed a simple test to check the quality of the 
solution, and to bc surc that neithcr the time step 
or the spatial discretization entrain some nunierical 
artifacts. 

Pallet- D((iv) 'Thermal and Non-Newtonian 
Effects on Traction in an Ellir)tical EHD 
Contact Under High Loads and Slidinp Sneeds', 
by Dr M-T Ma (University of Central Lancashire, 
Preston, UK). 

Dr J A Greenwood (University of Cambridge, 
UK). I am surprised at the difference between the 
results for an Eyring fluid and those for the Bair & 
Winer fluid. I believe you used an Eyring stress of 
0.15 p, - 15 MPa: my impression is that the more 
usual value is only 5 MPa, which may be 
rcsponsible. 

More generally I wonder what you gain by solving 
the problem for an elliptical contact which 
necessitates integration across the film as well as 
over the contact: a full 3 dimensional solution - 
compared with the solution for a roller contact, 
where only a 1 dimensional solution is needed: an 
enormous saving in computational effort. 

Rei)lv hv Dr M-T Ma, (University of Central 
Lancashire, Preston, UK). Concerning the first 
part of the comment. Dr Greenwood is right. The 
large difference between the traction coefficients 
for the two fluid models results from the value of 
Eyring stress adopted: T~ = 0.015 p,. The 
difierence will be diminished if a smaller value of 
Eyring stress ( c g  T, = 0.008 p,) is used. 

With regard to the second part of the comment, the 
authors are not certain from what perspective 
(angle) they should respond to the question. The 
authors understand that an elliptical contact of 
larger ellipticity can be approximately treated as a 
roller to roller contact problem; and this will not 
make a significant difference as far as the 
evaluation of traction is concerned. However, 
effects across the film should be modelled in order 
to accurately predict the traction in the contact. In 
addition, by solving the problem in its three- 
dimensional form, the authors obtain the detailed 
variations of the shear stress in the contact which 
are of grcat importance in the understanding of 
traction mechanisms in EHD contacts and are of 
great intcrcsts to traction drive designers. 
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SESSION X BIO-TRIBOLOGY 

Paner X(i) “Influence of Geometry of 
Coniunction on Elastohydrodynamic Film 
Formation in Knee Prostheses with Comidiant 
Layer” Dr Ohtsuki, Professor T Murakami, Dr S 
Moriyama and Professor H Higahi (Kyushu 
University, Japan). 

Dr H P Evans (University of Wales, Cardiflf, UK). 
Can you explain what is meant by ‘degree of 
separation’ and how is it measured experimentally? 

Reidv by Dr N Ohtsuki (Kyushu Univcrsity, 
Fukuoka, Japan). As explained in the account of 
the electric resistance method in this papcr (2.5 
Data processing), a degrec of separation is defined 
as the ratio of measurcd voltage to applied voltage 
of 100 mV bctwecn femoral and tibial components. 
When the degree of separation is 1, i t  nicans full 
separation and when the degree of separation is 0, 
it means intimate contact. 

Professor J F Booker (Cornell University, USA). 
In the experimental apparatus, was the tibial 
component free to align itself along the axis of 
rotation of the femoral component? 

Reiily by Dr N Olitsuki (Kyushu University, 
Fukuoka, Japan). On the occasion of the 
installation of the tibial component, it movcs frccly 
to align itself because it is only put on the plane of 
the setting tray. But it does not move in the 
experiment under walking conditions due to the 
contact friction. 

Parjer X(ii) “Micro-Elastohydrodvnmaic 
Squeeze-Film Lubrication of Comuliant 
Lavered Surfaces” by Dr Z M Jin (Univcrsity of 
Bradford, UK) and Profcssor D Dowson 
(Univcrsity of Leeds, UK). 

Dr H P Evans (Univcrsity of Wales, Cardiff, UK). 
How was the deflection calculated‘? 

Renly by Dr Z M Jin (University of Bradford, 
UK) and Pressor D Dowson (University of Leeds). 
The deflection was calculated from the integral 
form of the elasticity equation for layered surfaccs 
by means of the finite diffcrence method (Meijers 

1968). The solution domain was subdivided into a 
number of uniform meshes and the pressure 
distribution was assumed to be constant within 
each sub-division. The details can be found in a 
previous publication by Dowson and Jin (1990). 

Dr H P Evans (University of Wales, Cardiff, UK). 
Where the pressure deviations in phase with the 
geometric waves, and if so were the pressure peaks 
at the tips or the depths of the waviness? 

Rer)lv hv Dr Z M Jin (University of Bradford, 
UK) and Professor D Dowson (University of 
Leeds, UK). The pressure deviations were not in 
phase with the geometry’s waves. It appears from 
the results presented in Figures 2, 3 and 4 that 
positive pressure is built up from the valleys to the 
peaks of the wavincss in the outward direction. 

Professor J F Booker (Cornell University, USA). 
What are the specific geometric and material 
properties of the compliant layers for which the 
reported results apply? 

Rei)lv br Dr Z M Jin (University of Bradford, 
UK) and Professor D Dowson (University of 
Leeds, UK). Only the general solutions were 
presented in this paper. A specific case was solved 
by the authors in 1987, considering both the 
entraining velocity and the squeeze-film velocity 
due to the variation of the load and the speed in the 
normal human ankle joint during steady-state 
walking @owson and Jin 1987). It is anticipated 
that a relatively large deformation of asperities 
would be predicted under more realistic conditions 
in natural synovial joints, particularly towards the 
edge of the contact conjunction. However, the 
effect of asperity flattening under squeeze-film 
action is significantly less pronounced than that 
under sliding action. 

Dr K Vaidyanathan (Federal Mogul Technical 
Center, Ann Arbor, Michigan, USA). 

1. 

2. 

Why wasn’t the porosity effect incorporated in 
the model? 

Was an attempt made to solve an inverse 
problem i.e. with the history of load as an 
input to the problem? 
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Renlv by Dr Z M Jin (University of Bradford, 
LJK) and Professor D Dowson (University of 
Leeds, UK). 

1. The efl‘ect of porosity was investigatcd by thc 
authors in 1992 (Jin et a1 1992). It was found 
that under normal walking conditions, the 
effect of porosity had a negligible effcct on the 
deformation of the articular cartilage during 
any one cycle. There is, however, a gradual 
change in the effective mechanical properties 
with time under load. Furthermore. it was 
shown that the effect of porosity on the 
lubricant flow could also be neglcctcd when 
the lubricating film thickness was significantly 
large. 

2. No attempt was made to solve thc time history 
of the lubricating film thickness during 
squeeze-film motion in this paper. The 
transient variation of load as wcll as speed 
during walking was investigated in 1987 by 
the authors (Dowson and Jin 1987). Thc niain 
purpose of the present investigation was to 
examine the cffcct of asperities under squeeze- 
film action. 

Additional Referees 

Dowson, D and Jin, Z M (1987), An analysis of 
micro-elastohydrodynamic lubrication in synovial 
joints considcring cyclic loading and entraining 
velocities, in Fluid Film Lubrication - Osborne 
Reynolds Centenary, eds. by D Dowson ct al, 
Elscvicr Science Publishers BV, Amstcrdani, pp 
375-3 86. 

Jin, Z M, Dowson. D and Fisher, J. (1992). The 
effect of porosity of articular cartilagc on the 
lubrication of a normal human hip joint. Journal 
of Engineering in Medicine, Proc. IMcchE, 206. 
pp 117-124. 

Paner X (iv) “Effects of Electric Field on 
Lubricating Ability of Svnovinl Constituents” by 
Dr Y Nakanishi, Dr T Murakami and Mr H Hig‘aki 
(Kyushu University, Fukuka, Japan). 

Professor J F Booker (Cornell University, USA). 
The paper explores the effect of an electric field in 
a laboratory setting: are there also potential 
applications? 

Rei)lv hv Dr Y Nakanishi (Kyushu University, 
Fukuoka, Japan). Thc effect of an electric field 
prescntcd in this paper will apply to artificial joints 
by easy stages. 

In the first place, we will propose the tribo-coating 
of synovial constituents by means of an electric 
field before implantation, which protects the 
sliding surfaces to prevent wear. For example, in 
the Metal-on-Metal lubrication, adsorbcd proteins 
on sliding materials may act as the sacrificial film 
to keep the stability of frictional characteristics and 
the low wear rate. Therefore, we attempt to form 
thc thick film of synovial constituents on sliding 
materials by means of an electric field. 

The second or ultimate application is the active 
control of tribological characteristics by means of 
an electric field after implantation. However, we 
have to solve some difficulties; cxccss electric 
power for the human body, electrical erosion in the 
long term and so on. 

SESSION XI ROLLING 
ELEMENT BEARINGS 

P a l m  XI($ “Track Dei)letion and Realenish- 
mcnt in a Grease Lubricated Point Contact: A 
Quantitative Analvsis” by Dr P M E Cann 
(Imperial College, London, UK), Mr F Chevalier 
and Profcssor A A Lubrecht (INSA de Lyon 
France). 

Mr Y GreslwnberPer (University of Hanover, 
Gcrniany). You talked about stabilisation of the 
film thickness between 1200 and 1600 rcvolutions. 

1. Did you keep the temperature constant all 
thc time? or - 
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2. Did the temperature increase because of 
more friction after 1200 revolutions? Is 
there an important influence of the 
temperature around the contact zone? (e.g. 
on bleeding out of the base oil?) 

Renlv bv Dr P M E Cann (Imperial College, 
London, UK). 

1. Yes. There was a negligible change of k 1°C 
during the test. 

2. The test was carried out under nominal pure 
rolling at low speed so local temperature 
generation was very low. 

A dramatic increase in replenishnient levels is not 
seen at higher bulk temperatures. The effect of 
local temperature increases due to contact heating 
has not been studied. 

P a i w  Xl(iv1 “A Theoretical Analysis of Shear 
Stresses and Roller Slit) in Rollinp Bearinm 
DurinP Low-temnerature Starting” by Dr V 
Wikstrom, Dr R Larsson and Professor E Hoglund 
(Lulea University of Technology, Sweden). 

Mr  Y Tozaki (Mitsubishi Heavy Industries, 
Japan). 

1. Which case is more dangerous for skidding (a) 
outer ring rotation or (b) Inner ring rotation? 

2. In the case of bad lubrication (not 
hydrodynamic condition), how do you 
calculate (predict) skidding? 

Rei~ly by Dr V Wikstriim (Lulea University of 
Technology, Sweden). 

1. It is believed that outer ring rotation is a more 
diflicult case, but that is then due to the 
ineflicient distribution of lubricant that can be 
the consequence of no centrifugal force from 
the shaft acting to move lubricant outwards. 
As excess of lubricant, and often also high h 
ratio (film thickness to surface roughness), are 
factors increasing the risk of skidding, it is 

important not to have too large reservoirs of 
grease/oil present in the bearing. To the 
authors’ knowledge, however, there is no work 
published showing that outer ring rotation may 
increase skidding. 

2. This is a very interesting question, which 
could well be the subject of yet another 
investigation. In the present paper, full film 
lubrication is assumed everywhere: 
hydrodynamic in the unloaded zone and EHD 
in the loaded zone and no starvation is 
assumed everywhere: hydrodynamic in the 
unloaded zone and EHD in the loaded zone 
and no starvation is accounted for. It would 
however be possible to include partial surface 
contact depending on the amount of lubricant 
present, an approach which will include the 
problem of predicting lubricant replenishment 
in a full bearing. Another dificulty is to 
choose the dry friction coefficient properly for 
the spots that are totally starved. 

Dr J A Greenwood (University of Cambridge, 
UK). In a tapered roller bearing, the rib thrust is 
an integral part of the operation: but in a 
cylindrical roller bearing it is “optional”. You find 
that the biggest effect of parameter variation is the 
height of the rib: so what rib-force are you using? 

Reelv bv Dr V Wikstrom (Luld University of 
Technology, Sweden). The rib-roller contact is 
assumed to be a gap of fixed geometry completely 
filled with lubricant. The roller speed relative to 
the rib is calculated for every increment in roller 
angular velocity, and a purely viscous force is then 
calculated using a gap height measured on a NU 
1024. The pressure is ambient, and the roller is 
assumed not to skew. The authors are aware that 
this is a simplification compared to a real bearing, 
but it may be closer to reality at low temperatures 
with highly viscous lubricant which is not easily 
squeezed out of the rib-roller contact. Also, in 
grease lubricated bearings, it is not unreasonable to 
believe that bulk grease present between rollers and 
ribs can cause rather large forces restraining or 
driving the rollers. Bulk grease has an apparent 
viscosity close to infinity when the shear rates are 
low, and since grease is a Bingham-plastic 
material, a threshold shear stress exists that needs 
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to be overcome before the roller can have any 
relative motion to the rib. 

SESSION XI1 BOUNDARY 
LUBRICATION 

Paper XWi) “Direct Measurement of 
Boundary Lubricatine Films” by Mr V Anghel, 
Dr P M Cann and Professor H A Spikes (Imperial 
College, London, UK). 

Dr J B Mecllev (University of Waterloo. Ontario, 
Canada). Do you think sliding velocity would 
influence this phenomenon? Can you give the 
range of “nominal” lambda ratios for your 
experiments? 

Reply by Professor H A Spikes (Imperial 
College, London, UK). Sliding may influence the 
extent of thick film formation and this will be 
investigated in further work. The composite 
surface roughness was about 12 nm. This means 
that the results spanned a range from about h = 0.1 
to 4. 

Professor A Cameron (Anglia Polytechnic 
University, UK). It is indeed impressive to see 
how the spacer layer technique has been developed. 
it would be interesting to see how plating a non- 
reactive metal on the steel ball changes the results. 
Before we used the silica spacer, gold was found to 
be a useful replacement for the semi-reflecting 
chrome layer. It also conducts elcctricity. What 
arc the authors’ thoughts? 

Dr J A Willi;ims (University of Cambridge, 
England, UK). Is it possible using your technique 
to distinbwish bctwccn films on the plate and on 
the ball? Clearly you are limited to the surface 
treatmcnt that can be given to the plate, but 
presumably the ball could have films of other 
metals both more and less reactive evaporatcd on 
to its surface. 

Reply by Professor H A Spikes (Imperial 
College, London, UK). In this study, no attempt 

was made to disentangle the contribution of film 
formation on the steel ball and that on the silica 
spacer layer. In previous work looking at film 
formation by polymer solutions, the steel ball was 
replaced by a tungsten carbide one and this was 
found to greatly reduce boundary effects; implying 
that film formation on steel was important. 
Certainly a useful approach would be to coat the 
steel ball with a reflectivc, inert layer such as gold. 
It would not be helpful to replace the semi- 
reflective layer by gold since this does not come 
into contact with the lubricant since the spacer 
layer is in the way. It is difficult to sce how the 
adsorption properties of the spacer layer can be 
significantly modified except by perhaps forming a 
monolayer coating of a strongly organic film. 

Paper Xll(ii) “Performance of Environ- 
mentally Adapted Hsdraulic Fluids at Boundary 
lubrication” by Mr J Rieglert and Dr E Kassfeldt 
(Luled University of Technology, Sweden). 

Dr J A Williams (University of Cambridge, UK). 
You show wear as a volumetric loss from your 
specimens. Could you express this as an actual 
rate and do you have any indication of the 
mcchanisrn of wear loss? Presumably as there is 
no catastrophic increase in (p) the failure is not 
one of scuffing. 

Reply by M r  J Rieglert and Dr E Kassfeldt 
(LuleH University of Technology, Sweden). Even 
though the environmentally adapted oils give 
higher wear, their coefficient of friction is lower 
than for the mineral oil. This points to a 
conclusion that scufling is not the primary wear 
mechanism in this case, as you pointed out. 
Oxidative wear is oftcn related to a low coefficient 
of friction, due to the low shear strength of the 
oxide layer. Oxidative wear can be a possible 
explanation but is not yet further investigated. 

The wear coefficients were calculated according to 
Archard’s equation. 

The wear coefficient for rcspective oil is shown in 
the Table. 

Wear Coefficients accordinv to Archard 
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- Oil - K - k (mm3/Nm) 

B 1.6 x 1.9 x l o 8  

C 1.9 x 2.3 x 

D 1 . 1  x 1.3 x lo-’ 

A 2.5 x 10” 2.9 

where; 

K = -  QH 
W 

k = -  Q 
W 

K = wear coefficient [dimensionless] 

k = dimensional wear coefficient - /El 
W = normal load [N] 

wear volume mm3 
= distance slid [y] 

H = indentation hardness [N/m*] 

Paner XII(iii) “Influence of Lubricant Additives 
on Friction in a Disc Machine” by H Xu and 
Professor J B Medley (University of Waterloo, 
Ontario, Canada). 

Dr J A Williams (University of Cambridge, UK). 
You demonstrated the importance of the (h) ratio 
on the overall friction coeficient of your rough 
surface expcriments for which you assumed, I 
think. a Greenwood and Williamson form of 
topography. This requires that the surface can be 
ascribed a single, characteristic value of asperity 
curvature. How did you assess its value from your 
typographical measurements and could you 
indicate the sorts of values you have used. 

Dr M Visscher (The University of Leeds, UK). 
The authors derived average pressure and average 
shear stress values for the “real contacts”. To this 
end they used the Greenwood and Williamson 

contact model to calculate the real area of contact. 
This and other contact models make use, however, 
of parameters which are not intrinsic properties of 
the surface, but depend on the measurement 
parameters (see Refs. 1,2). The mean peak radius, 
for example, varies significantly with the sampling 
interval. Hence by manipulating the roughness 
measurement, one can get any value one likes. My 
question, therefore, is; have the authors considered 
this fact, and how have they overcome the 
problem? 

Ref. 1. Greenwood, J A (1992), ‘Fundamentals of 
Friction: Macroscopic and Microscopic 
Processes’ (Proc. NATO Advanced Study 
Institute on Fundamentals of Friction), 
NATO, AS1 Series E, Vol. 220, 57-76. 

Ref. 2. Visscher, M, Dowson, D and Taylor, C 
M. (1996), ‘Surface Roughness Modelling 
for Piston Ring Lubrication: Solving the 
Problems’, Proceedings of the 22nd 
Leeds-Lyon Symposium on Tribology, 
‘The Third Body Concept: Interpretation 
of Tribological Phenomena’, 527-537. 

Dr J C Bell (Shell Research Ltd, Thornton, UK). 
The authors have estimated the contribution to 
friction of lubricant additives by the use of the 
limiting shear stress (zL) model of Wu and Cheng. 
The mechanism by which additives affect (zL) is far 
from clear. Would the authors please clarify this 
mechanism and how it is reflected in the Wu and 
Cheng model? 

Renlv bv Ms H Yu and Professor J B Medlev 
(University of Waterloo, Ontario, Canada). Drs 
Williams and Visscher seem to be asking 
essentially the same question. In our presentation, 
we did not elaborate on our “Greenwood and 
Williamson” type model but in our paper details 
are provided in Section 4.3 and Appendices B, C 
and D. The influence of Greenwood and 
Williamson led us to assume that asperities had 
spherical tips, deformed independently and that 
Gaussian distributions could be applied to surface 
and asperity height distributions. However, using 
the relationship for contact spot density, derived by 
Cooper et al (1969) and also in Appendix B of our 
paper in a somewhat different manner, we assumed 
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that all contacting aspcritics at a particular 
scparation x (Figure B1) had spherical tips of about 
the same radius of curvature (but various heights) 
which could be represented adcquatcly by an 
average value (p). The method of obtaining the 
scparation z and corresponding p for a given load 
can be found in De Vaal (1983) and also in 
Appcndix D of our paper, and the numerical values 
for our two rough surfaces (discs R1 and R2) are 
listed in Table 4. By determining a separation z 
and an average p, both related to the applicd load, 
we allowed small surface ripples and/or noise 
which might be part of the trace of the surface 
heights (Figure 6 ) ,  details of which would be 
sensitive to sampling interval, to merge when the 
surfaces are at separation z and thus not influenced 
by the calculated real area of contact significantly. 
In this manner, our calculated p was not a single 
constant value for the surface but a function of the 
applied load which, in turn, sct the scparation z. 
For our surface topography and loads, the value 
was not likely to change much unless the load was 
reduced significantly. 

This approach differs from that of Visscher et a1 
[D2] but it seems to achicvc a somewhat similar 
rcsult in that it eliminates smaller scale 
“asperities” from considcration. Since our surfaces 
were run-in beforc testing so that virtually all 
asperities would be deforming elastically undcr 
load, plasticity indcs could not have been used to 
determine a sampling interval. However. our 
approach might provide a versatile alternative 
which would be useful in the modelling of Vissher 
ct al. 

If a Grcenwood and Williamson model requircs a 
“mcan pcak radius” as stated by Dr Visscher or a 
“single characteristic value of asperity curvature” 
as stated by Dr Williams, then perhaps we should 
not have associated Greenwood and Williamson so 
directly with our model. Since the calculation of 
rcal areas of contact was only a means to an end in 
our paper, we make no claims to have a universal 
niodel based on “intrinsic” surface properties. 
However, we do feel that the adopted approach 
gives a unique prediction of real arca of contact 
which is reasonably accurate for the run-in surfaces 
in our study. 

In response to the question of Dr Bell we have 
found that under our conditions of high pressure 
and low temperature, the friction can be controlled 
by the limiting shear stress and the additives cause 
a decrease in the limiting shear stress as predicted 
by Equation 4 of our paper by reducing the value of 
(m) which is the index number from the modcl of 
Wu and Cheng (1994). The determination of (m) 
is described in detail in Appendix A of our paper. 
One can speculate that the additives influence the 
formation of the shear bands, described by Bair et 
al. (1993) by allowing the lubricant to “slide over 
itself’ more readily. However, Dr Bell may be 
seeking a specific and verified mechanism related 
to the lubricant chemistry and including the 
influence of tempcraturc. It was beyond the scope 
of the present study to determine these important 
aspects of the mechanism, but nevertheless we do 
feel that some experimental evidence of its 
existence has been obtained. 

Additional Reference 

De Vaal, J W (1983), ‘Thermal contact 
conductancc of rough surface”, MASc Thesis, 
University of Waterloo, 76-80. 

Paper XIUv) ‘The Role of Boundary 
Lubrication in ScuffinP Reactions’, by Dr R 
Snialley (SKF ERC, Nicuwegein, The Netherlands) 
and Professor A Cameron (Anglia Polytechnic 
University, UK). 

Dr J C Bell (Shell Research Ltd, Thornton, UK). 
Variations in the contact resistance behaviour are 
explained i n  terms of hydrodynamic effects at low 
temperatures and chemical film formation at the 
higher temperatures. The irauence of oricntation 
of roughness of the rougher specimen surfaces was 
most marked in the “chemical reaction film” 
regime. Would the authors care to comment on the 
mechanisms that may be responsible for this 
difference, in view of their observation that the 
bchaviour of both orientations was very similar in 
the “hydrodynamic film” regime. 
Reilly hv Dr R Smallev (SKF ERC, Nieuwcgcin, 
The Netherlands) and Professor A Cameron 
(Anglia Polytechnic University, UK). The reply is 
quite difficult but the surface roughness and its 
orientation to the sliding direction has a strong 
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effect upon the thermodynamics of the complete 
system under boundary lubrication and has been 
shown in the following papers: J P Sharma and A 
Cameron, “Surface Roughness and Load in 
Boundary Lubrication”, ASLE Trans. 1973 Vol. 
16, 258-266 also A Cameron, R S Day et al. 
“Interaction of Additive and Base Stock”, ASLE 
Trans. 1976, Vol. 19, 195-200. 

Dr.-Inp. G Poll (University of Hanover, German). 
Can the difference in boundary layer stability 
between brass and steel be explained by the lower 
hardness (yield limit) of brass? If so, did you find 
difference between brass grades containing more or 
less tin which can be related to the mechanical 
stability of the bulk material supporting the 
boundary layers? 

Reelv bv Dr R Smallcy (SKF ERC, Nieuwegcin, 
The Netherlands) and Professor A Cameron 
(Anglia Polytechnic University, UK). The stability 
of the chemical reacted boundary layer will be 
mainly influenced by the thermodynamics of the 
two contacting surfaces and only indirectly by the 
mechanical propertics of the “contacting” 
asperities. The strength of the material will be 
influenced in part by the metallurgical phase 
distribution of the brass and the steel which in turn 
will affect the thermodynamics of the polar 
reacting groups. This interesting aspect as pointed 
out by Dr Poll will be the focus of further 
investigations. 

SESSION XITI FRTCTION, 
TRACTION AND WEAR 

Keynote Pailer XIII(i) ‘Modelling Non-Steady 
Elastohydrodvnamic Lubrication with Focus on 
Lubricant Rheology’, by Professor E Hoglund and 
Dr R Larsson (LuleA University of Technology, 
Sweden). 

Dr R I Taylor (Shell Research Ltd, Thornton, 
UK). You mentioned that to minimise surface 
shear stresses it is better to use a more 
compressible lubricant. However, another school 

of thought is to choose oils with high pressure 
coefficients, to maximise the oil film thickness. 
The molecular structure needed to get high 
pressure coefficients generally gives relatively 
incompressible oils, and vice versa. Could the 
authors comment? 

Reidy bv Professor E Hodund and Dr R 
Larsson (Lulel University of Technology, 
Sweden). First of all it is not the surface shear 
stress that is minimised if compressibility is high, 
it is the sub-surface stresses. It is true that a high 
pressure coefficient will give thicker films. High 
pressure coefficient will also give larger pressure 
spike amplitude. Pressure peaks caused by asperity 
interaction will also be higher if the pressure 
coefficient is high. High pressure peaks are bad 
since the sub-surface stresses will increase and it is 
thus desirable to combine low pressure coefficient 
and high compressibility to minimise the rise of 
surface fatigue. 

Dr P L Wong (City University of Hong Kong). 
For non-steady situations there is an important 
parameter: time. My first question is: have the 
authors studied the time effect on the density 
measurements. Two graphs of density - pressure 
results of two oils were shown. The authors’ 
density results are derived from the results 
obtained by other investigators (Feng and 
Ramesh). Would the difference be explained by 
the time effect? If so, and the authors believe that 
the time effect of density-pressure measurements is 
true, the authors’ proposed density-pressure model 
should be modified such that the time effect can be 
incorporated. At least in the conclusion of Feng 
and Ramesh’s paper, they mentioned that there is 
no time effect based on a comparison with 
measurements obtained by the much slower 
measuring technique of Bair and Winer. Could the 
authors comment on this? 

Rei~ly  by Professor E Hoplund and Dr R 
Larsson (Luleh University of Technology, 
Sweden). The time effect on lubricant 
compressibility is not explicitly studied in the 
experiments by Lindqvist et al, but a comparison is 
made with the results by Ramesh [ 11. In that paper 
there is also a discussion written by S Bair and W 
0 Winer. The latter authors draw attention to the 
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similarity between their static measurement of 
compressibility and Ramesh's highly transient 
measurement, The results by Lindqvist el a1 are 
also obtained under transient conditions but at a 
lower loading speed than used by Ramesh' highly 
transient measurement. The results by Lindqvist et 
a1 are also obtained under transient conditions but 
at a lower loading speed than used by Ramesh. All 
three measurements correspond well to each other 
at low pressure. But the compressibility results 
presented here diverge much from Ramesh' results 
at high pressure (p > 0.8 GPa). This may be 
explained by the different loading times. The 
results from Lindqvist et a1 are obtained at realistic 
loading times, comparable to those found in ehl. 

[ I ]  K T Ramesh, "The short-time compressibility 
of elastohydrodynamic lubricants", ASME 
Journal ofTribology, 1991, 113, pp 361-371. 

Paper XIII(iii) "Decrease of Friction Coefficient 
Under Extremely Low Normal Load" by T Ando 
(AIST, MIYI, Ibaraki, Japan). 

Dr F Ji. Have you considered time effect on the 
friction coefficient? 

Rei)ly by Dr Y Ando (AIST, MIYI, Ibaraki, 
Japan). No. The friction coefficient was just 
measured under touch and then separate. The time 
efrect might have significant inlluence on the 
friction coefficient, because surface topography and 
surface films might affect the friction coefficient. 

SESSION XlV METAL FORMING 

Parler XTV(i) Kcynote Paner "Modelling 
Friction in the Analysis of Metal Forming and 
MachininP Process" hy Professor P L B Oxley 
(University of New South Wales, Australia). 

Professor D Dowson (Institute of Tribology, 
Department of Mechanical Engineering, The 
University of Leeds, UK). I congratulate the 
author on a tour de force. It is good to see 
plasticity and lubrication studies integrated in this 
way. 

Your experiments were camed out at very low 
speeds, but the shear rates in the film are of order 
lo6 (11s). Have you measured or calculated the 
temperatures in the contact? If so, how do they 
vary in the various test conditions considered? 

You refer to 'EHL' films, but it might be helpful to 
use the term adopted in drawing processes of 
'plasto-hydrodynamic lubrication' or 'PHL'. If both 
'elastic' and 'plastic' deformations are considered, 
we adopted the term 'elasto-plasto-hydrodynamic 
lubrication (EPHL). 

Rerilv bv Professor P L B Oxley (University of 
New South Wales, Australia). I thank Professor 
Dowson for his kind comments on the paper. I 
agree with him that for the wave formation process 
PHL would be a more appropriate description than 
EHL and that once account is taken of the elastic 
deformation at entry we should use the term EPHL. 
So far we have not determined the temperature in 
the contact zone but are intending to do this in 
future work - we are now doing tests at much 
higher speeds than that reported in the paper. 

Dr P A Dearnlev (Institute of Tribology, 
Department of Mechanical Engincering, The 
University of Leeds, UK). In your paper you 
mention the possibility of a 'Solid Lubricant' near 
the interfaces in metal cutting. Are you aware of 
some work carried out at Birmingham University 
by Dr. Chambers (c. 1981) who postulated the 
possibility of super-plastic behaviour of metal in 
the secondary shear zone? Might their idea modify 
or help interpretations? Such mechanisms may be 
possible because of the very fine grain sizes (< 1p 
m) that enable superplasticity mechanisms to 
operate. 

Rci)lv bv Professor P B L Oxley (University of 
New South Wales, Australia). I am grateful to Dr 
Dcarnley for pointing out the work of Dr 
Chambers. I did not know of this work and will 
look into the possibility of superplastic behaviour 
occurring in the shear zone at the tool-chip 
interface. 

Dr K Maekawa (Ibaraki University, Japan). 
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According to recent observations using AFM 
and MD simulations, liquid lubricant shows 
solid-like behaviour. In your slip line field 
model for EHL with a nanometre-thick film, 
how does the above behaviour correlate with 
your model? I just wonder if the model is 
applicable to the cases with changing lubricant 
thickness. 

Your slip line analysis treats only two- 
dimensional plane strain conditions. How 
does the influence of three dimensional wedge 
shapes take place? 

In your cutting model, you use the shcar plane 
model, despite the fact that it includes a plastic 
deformation zone around the plane. What is 
the limitation to your slip line modcl? 

Re1)lv by Professor P L B Oxlev (University of 
New South Wales, Australia). 

I have little experience of using AFM and MD 
situations and therefore find it difficult to answer 
Dr. Maekawa's first question. I have always 
thought that the lubricant film at the wedge-wave 
interface will show solid-like behaviour in line 
with the work of others but have no direct evidence 
if this. Referring to the second question, a similar 
steady-state process to the wave formation process 
can occur with a three-dimensional wedge. 
However, with this process the apex of the wedge 
travels below the deformed surface and produces a 
ploughed track with material displaced to both 
sides. Williams and Xie (Williams, J A and Xie , 

have considered the analysis of this process using 
the upper bound method. Regarding our cutting 
model, I think that it is better dcscribed as a shear 
zone model rather than a shear plane model. The 
main limitation of the modcl I described is that it 
assumes plane strain conditions. In recent years 
we have used this model as a basis to make 
predictions for oblique (three-dimensional tool) 
cutting conditions using a semi-empirical 
approach. We have shown good agreement 
between predicted and experimental results. 

J. Phys. D., Appl. Phys., 1992, 25, A158-AI64) 

Paper XIV(ii) 'Friction Characteristics of Tool- 

Maekawa (Ibaraki University, Japan), T Kitagawa 
(Kitami Institute of Technology, Japan) and 
Professor T H C Childs(1nstitute of Tribology, 
Department of Mechanical Engineering, The 
University of Leeds, UK). 

D r  P A Dearnlev (Institute of Tribology, 
Department of Mechanical Engineering, The 
University of Leeds, UK). In discussion the topic 
of chip-tool contact length was raised. Many other 
workers have also observed a variance in chip/tool 
contact length (for a given steel workpiece material 
being machined at the same cutting conditions) for 
different tool materials. Cermet (TiC-Ni), 
ceramics Alz O3 + Zr02) and carbides coated with 
T ic ,  TiN or Alz O3 produce shorter contact lengths 
than those observed for uncoated WC-Co cemented 
carbides. The explanation suggested by Professor 
Childs was that there was a change in the shear 
strength in the flow zone (or secondary shear zone) 
produced by using different cutting tool materials. 

It is my view that the chip-tool length, when 
cutting steels, is strongly influenced by the 
chemistry between the tool surface and the chip 
underside. In particular, there appears to be a 
relationship between the contact length and the 
wetting of carbides, oxides and nitrides by molten 
iron - wetting angles for oxides, TIC and TiN are 
several degrees, whereas for tungsten carbide the 
wetting angle is zero/perfect wetting). In crude 
terms there is a greater driving force for the chip to 
remain in contact with WC-Co tools than is the 
case for the coated, cermet or ceramic tools. This 
will result in a practical difference in the work 
done in the secondary shear zone (or flow zone) 
and accordingly the size of the heat affected zone 
and the magnitude of the maximum rake face 
temperature will be greater for the uncoated WC- 
Co based tools (with long contact lengths) than for 
the coated, cermet and ceramic tools. Direct 
evidence of these temperature differences are given 
in one of my earlier papers* 

* P A Dearnley, Metals Technology, lo, (6)), 205- 
211 (1983). 

Renlv bv Professor T H C Childs (Institute of 
Tribology, Department of Mechanical Engineering, 
The University of Leeds, UK). Dr Dearnley 
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misundcrstands what I said. I meant there is a 
change in shear stress between the chip and the 
tool, not witlun the chip near the tool. This area 
will be inlluenced by chemistry as Dr Dearnley 
suggests. As a matter of fact, we also bclicve that 
the tool thermal conductivity also plays a subtle 
role through influencing rake temperatures and 
hence the rake intcractions. 

Dr J A Williams (Engineering Dcpartmcnt, 
University of Cambridge, UK). In dividing T by 0 
along the rake face of the tool you obtain curves of 
the form of eqn 1 which contains two disposable 
constants. One p is the coefficient of friction 
between chip and tool in that region of the contact 
which is relatively lightly loaded towards the point 
at which it loses contact with the tool. Can any 
physical significance be ascribed to n the other'? In 
treating the data in this way onc loscs the 
numerical value of one of the measurcd quantitics 
viz the rake facc contact length. I am not clear 
why this is a wise thing to do. The values of p 
obtained are very high certainly greater than unity 
and so thcrc is clearly a good deal of adhesion 
occurring in this region. Undcr such 
circumstances, not dissimilar to the old idea of 
junction growth, the derived coefficient of friction 
is very scnsitive to the degree of contamination of 
the conjunction. This suggests that the form of the 
da curve will not be independent of the scale, i.e. 
the fccd, of the experiment. 

Rei)lv hv Professor T H C Childs (Institute of 
Tribology, Department of Mechanical Enginccring, 
The Univcrsity of Leeds, UK). Dr Willianis asks a 
good question. Thcrc are difficulties in describing 
the friction law bctwecn the chip and the tool with 
sufficient detail to be useful. One issue is thc vcry 
clcan (and high friction) conditions he refers to; 
another is that in these conditions chip formation 
is vcry scnsitive to small changes in friction, or to 
small errors in describing the friction. Howcvcr, I 
am sure that the boundary condition on the rake 
face should be a condition on the stresses and not 
on the contact length. The whole difficulty of 
prcdicting flow in machining is that geometry (of 
which contact length is a part) is not constrained 
by the tooling. The fact that it can be argued that 
the strcss condition has not been properly 
rcsearched is another matter. 

Professor R C Coy (Shell Research Ltd., Chester, 
UK). For tool materials with lead and manganese 
sulphide additives, is there evidence of surface 
films (i.e. solid lubricants) on the chip and tool 
surfaces? 

Rei~lv  by Professor T H C Childs (Institute of 
Tribology, Department of Mechanical Engineering, 
The University of Leeds, UK). It is very common 
to observe deposits of lead and manganise sulphide 
(and other solid lubricants such as silicates) on the 
rake face of cutting tools. The book by E M Trent 
(Metal Cutting, 3rd Edition, Buttenvorths 1991) 
shows a number of examples. It is rarer to find 
traces on the back of the chips. In fact, very few 
people look there as the observations on the tool 
are so much easicr. 

P a l m  XIVCiii) 'Wear Characteristics of 
Various CuttinP Tools in Steel Machining' by 
Dr T. Kitagawa (Kitami Institute of Technology, 
Japan), Mr A. Kubo (Kitami Institute of 
Tcchnology, Japan) and Dr. K Maekawa (Ibaraki 
University, Japan). 

Dr P A Dearnlev (Institute of Tribology, 
Department of Mechanical Engineering, The 
Univcrsity of Leeds, UK). Do you consider that 
diffusion wear is also an important factor in the 
development of crater wear? 

I think there is some confusion in the terminology 
used in this paper in relation to 'adhesion wear' in 
that the authors appear to imply that the 
temperature sensitive 'adhesion wear' contains a 
component of difision wear. 

Rcnlv hv Dr T Kitagawa. Kitagawa (Kitami 
Institute of Technoloby, Japan), Mr A. Kubo 
(Kitami Institute of Technology, Japan) and Dr. K 
Maekawa (Ibaraki Univcrsity, Japan). As you 
pointcd out, a diffusion process is also an 
important factor in the development of crater wear. 
In the wear characteristic equation we derived from 
an adhesion wear model, (z) is the probability that 
a real contact will result in a wear particle, in 
which the Maxwell-Boltzmann canonical 
distribution is postulatcd. The diffusion is 
indirectly considered in this assumption. A rough 
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estimation using a characteristic constant of C2 = 

2 1,770K yields an activation energy of 180 kJ mol  
’ (43 k cal mol-’), which is nearly equal to the 
activation energy for the diffusion of Co within Fe 
In the end the wear equation has a similar form to 
a diffusion type equation, but is distinguished from 
it so far as mechanical factors such as normal 
stress and sliding distance are taken into account. 
Thus, our wear model is based on adhesion wear 
which has the factor (z) mentioned above, so that 
we call it the thermally-activated adhesion wear 
model. 

SESSION XV TRANSMISSIONS 
(2) - C.V.T.’s 

P a p x  XV(i) “EHL Traction in Traction 
Drives with High Contact Pressure” by Dr S 
Aihara, Dr S Natsumeda and Mr H Achiha (NSK 
Ltd, Japan). 

Professor R C Coy (Shell Research Ltd, Chester, 
UK). Density measurements are done undcr steady 
state hydrostatic conditions and the fluid can be 
considered isotropic. In a dynamic traction drive 
the fluid is subject to high shear stresses at high 
pressures and may no longer be isotropic. What do 
you think the effect of anisotropy in the fluid will 
have on density and could this effect help to 
explain the diflerence between theory and 
experiment in traction? 

Rcplv by Dr S Aihara, Dr S Natsumeda and Mr 
H Achiha (NSK Ltd, Japan). Density 
measurement results by Ohno et al was referenced, 
as they found three different regimes between bulk 
modulus and (up) as shown in Fig. 17 from these 
measurements. Their measurements were done 
undcr static condition and their prediction docs not 
explain our traction results. Hoglund showed a 
different curve of density change with pressure 
during very short period, or dynamic condition, at 
the conference and found no discontinuity in the 
curve. As the lubricant passes through the contact 
in about one millisecond, we need more research of 
lubricant rheology under dynamic condition. 

We think the effect of anisotropy will be 
considered after that. In fact molecular dynamics 
analysis is being carried out to investigate such 
effects and I hope it works well to explain traction. 

Dr V WikstrSm (SKF ERC BV, The Netherlands) 
and Professor E HWund (Lulel University of 
Technology, Sweden). The authors have presented 
a most welcome experimental investigation into 
high-pressure traction. However, the results need 
to be discussed further, since it is most surprising 
to see a maximum traction level which decreases 
with pressure. Prior traction measurements by e.g. 
Johnson and Tevaarwerk (1) or Bair and Winer (2) 
have shown a maximum traction coefficient which 
increases with pressure. 

The maximum traction coefficient will be decided 
by the limiting shear strength of the lubricant, and 
contrary to the findings of the authors, the limiting 
shear stress has been found to increase with 
pressure. Measurements at 0.6 - 2 GPa by 
Hoglund and Jacobson (3) show that it increases 
approximately linearly with pressure, following the 
equation 

TL = To + yp 

The same has been seen by Ramesh and CliAon (4) 
at pressures of the same magnitude as in the paper 
(1-4 GPa). 

In EHD contacts, the inlet and contact temperature 
may change even though the lubricant bath 
temperature is held constant, especially when the 
degree of slide-to-roll ratio increases, see e.g. 
Ausherman et a1 (5 ) ,  who recorded a temperature 
rise at the inlet of up to 120’. They also show that 
the in-contact temperature rise is highly dependent 
on the maximum Hertzian pressure. Since only the 
bulk temperature was monitored in the present 
paper, it might be reasonable to believe that with 
increasing pressure, inlet and contact temperature 
have increased and hence that the traction 
coefficient has decreased due to the temperature 
increase and not due to the higher pressure. It is 
well documented that increased temperature will 
decrease both the limiting shear stress (6) and the 
maximum traction coefficient (7). Could the 
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authors please comment on what the temperature 
rise might be in their apparatus, and how large the 
influence on their measured traction a different 
temperature would have? 

It would be interesting to make the same type of 
experiments with a low-traction oil (PA0 or 
similar) where the temperature rise, if present, 
should be somewhat lower. 
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Rei)lv by Dr S Aihara, Dr S Natsumada and Mr 
H Achiha (NSK Ltd, Japan). We considered the 
temperature increase due to inlet shear heating in 
order to do traction calculations based on a non- 
Newtonian model with Eyring stress. We limited 
our calculation in the small slide-roll ratio region 
because thermal effects by shear should be 
excluded. Namely the region of 0 to 0.2 (or 0.3) % 
was considered. Sliding velocity is 0 to 0.06 m/s 
(0.1 nds at maximum). Furthermore, as the rolling 
speed is very high (20-30 ds), the film is thick. It 
should be noted that the reduced radius of CVT is 
much greater than that of rolling bearings. 

The situation is quite different from the 
measurement by Ausherman et al, but rather 
resembles the measurement of Dow and Kannel 
(l), though their pressure is very low. Their 
results show that temperature increase in the 
contact is determined by the temperature increase 
at pure rolling as long as the slide-roll ratio is 
small. Therefore, as to our concern, temperature 
increase by thc shear can be dismissed. But I agree 
with the discusser that the temperature rise is 
essential in traction, but if we enter such region we 
cannot use average properties (average pressure, 
average temperature, average traction). 

In our measurement contact pressure was increased 
with increasing load. But the comparison with the 
results by Kato et al (Fig. 5 )  with constant load but 
with different pressure and at low speed is 
remarkably consistent. We think the coincidence 
is too great to attribute it only to the temperature 
rise in the contact. That is why we proposed more 
rcscarch in lubricant rheology undcr more extreme 
conditions. 

With regard to the obscrvation that maximum 
traction coefficient is almost constant with 
increasing contact pressure at such high pressure. 
This means that traction force increases almost 
linearly with applied load. Even if the traction 
coefficient decreases a little, the traction force 
increases and this is essential in  practical traction 
drives. 

As to a final question, Evans and Johnson showed 
a difrercnce in pressure-traction relationship 
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between a mineral oil and Santotrac oil (traction 
oil) as in Figs. 6 and 7, but at least disc 
temperature was controlled to reduce the effect of 
temperature. 

References 
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Paner XV(ii) “The Effect of Spin Motion U i m  
Elastohvdrodvnamic Ellintical Contacts” by Dr 
M Taniguchi (NSK Ltd, Japan), Professor D 
Dowson and Professor C M Taylor (The University 
of Leeds, UK). 

Dr J Kannel (Battelle, Ohio, USA). Have you 
evaluated the effects of non-Newtonian or thermal 
action on film thickness? It seems that spin would 
be more important whcn these effects are 
considered. 

Renlv bv Dr M Taniwchi (NSK Ltd, Japan), 
Professor D Dowson and Professor C M Tavlor 
(The University of Leeds, UK). The authors have 
not calculated a thermal ehd problem with spin 
motion. However, the effects of the non- 
Newtonian behaviour of the lubricant have been 
studied withlwithout sliding and spin motion, 
based upon Eyring’s theory. 
The pressure spike was found to be diminished by 
either sliding or spin motion. A large slip gave a 
reduction in the minimum and central film 
thicknesses. An increase in spin motion on one 
surface of the contacting bodies also caused a 
reduction in minimum film thickness. However, 
this is considered to be due mainly to the reduction 
in film entraining velocity introduced by spin 
motion. The details will be published in a further 
paper. 

Dr X Ai (The Timken Company, Oh, USA). Spin 
motion commonly exists in machine elements such 
as continuously variable transmission (CVT), 
angular ball bearings and tapered roller bearings. 
Incorporating spin motion in EHL contact 
modelling adds an additional degree of difficulty to 
the already complex problem. The discusser would 

like to congratulate the authors for their 
contribution to this interesting and important topic. 

Spin motion causes film thickness reduction due to 
the counter action to rolling at one side of the 
contact. The film thickness reduction increases 
linearly with spin to roll ratio, B. The slope of this 
linear relationship is, according to the authors, 
solely determined by the load parameter, W, e.g. 

H rnl” 

mm(B=O)) 

= 1 - 3.47 W0.47 B 

The counter velocity to rolling, at a point in the 
contact, is the product of angular speed and the 
distance from the point to the center line of 
contact. Increasing load produces a larger contact 
ellipse which increases the counter velocity to 
rolling. This certainly in part explains the 
dependence of film thickness reduction on load 
parameter. However, what concerns us is the 
possible effect of contact ellipticity ratio on film 
thickness reduction since this was left out by the 
authors. Since contact ellipse and thus counter 
velocity to rolling can also be changed 
independently through contact ellipticity ratio, k 
(contact geometry), dependence of film thickens 
reduction on ellipticity ratio was expected. Would 
the authors shed light on this issue? 

Reiilv bv Dr M Tanieuchi (NSK Ltd, Japan), 
Professor D Dowson and Professor C M Tavlor 
(University of Leeds, UK). 

The authors would like to thank Dr Ai for his 
thoughtful remarks. 

The formula of the minimum film thickness 
reduced by spin motion was derived from the 
(EHL) calculation with the contact ellipticity ratio 
(k) varying from 2 to 6. The conditions were 
mainly based upon the experimental conditions of 
a half toroidal CVT. In this range of ellipticity 
ratio, the film reduction formula agreed well with 
the computcd results and the effect of (k) was 
relatively small. 

However, as Dr Ai mentioned, it would be 
necessary to consider the effect of ellipticity ratio 
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upon the minimum film thickness in cascs of a 
long elliptical contact as seen in rolling bearings. 

In this study, the contributions of the ellipticity 
ratio of the contact ellipse (k) and the non- 
dimensional materials parameter (G) to the film 
reduction caused by spin motion were not fully 
explored, although some results suggest that a 
large (k) reduces the minimum film thickness more 
significantly than a small (k), with the prcsence of 
spin motion in the contact region. A further study 
is required in this area. 

D r  J Greenwood (University of Cambridgc, UK). 
The effect of spin, as you say, is to speed up one 
side of the contact and to slow down the other. 
Can you tell us what range of spin you are 
considering? - does the “slow” sidc move 
backwards, or is its speed much the same? 

If your factor (v 47B) giving the reduction in film 
thickncss is small is it possible (you have not 
given us the full definition of B in the presentation) 
that it is really just an expression for thc relative 
spced reduction at the contact edge and that what 

we really have is a factor ( I - ~ , , , / U ” ~ ” ) .  In othcr 

words, that (h,,,,) dcpcnds not on ( u ) but on (u,,,)? 

R e ~ l s  bs D r  M Taniimchi (NSK Ltd, Japan), 
Professor D Dowson and Professor C M Taslor 
(The University of Leeds, UK). The spin angular 
velocity givcn to the lubricated contact is too small 
to rcvcrse the rolling motion in thc contact ellipse 
in this study. For example, in the largcst spin case 
in Figure 6 (2500 Iradsccl), thc spin motion 
yielded the velocity component in thc rolling 
dircction, being approximately 20% of the 
translational rolling vclocity on thc sidc of the 
contact cllipse. 

The authors could not find any direct relationship 
between the minimum film thickness and the 
minimum velocity in the ehd elliptical contact with 
spin motion. 

P;ii)cr XV(iv) “An Analssis of Eliistohsdrody 
namic Film Thickness in Tiwered Roller 
Bearinm” by Dr R Yamashita (Koyo Bcarings 

Ltd, Japan), Professor C M Taylor and Professor D 
Dowson (The University of Leeds, UK). 

Ir Y H Wsnant  (University of Twente, the 
Nethcrlands). Could the authors comment on the 
situation should the model presented by extended 
to a full transient analysis for the determination of 
film thickness. 

Renlv bv D r  R Yamashita, Professor C M 
Taslor and Professor D Dowson (The University 
of Leeds, UK). The primary objective of the 
research dcscribed in our paper has concentrated 
upon the static loading analysis and kinematics 
associatcd with tapered roller bearings. In 
particular load distributions and deflections of 
components have been dctcrmined and details 
presented. An initial assessment of pressure and 
film thickness distributions in the unusual contact 
geometry of the tapered roller bearing has been 
undertaken. Such analysis has also been quasi- 
static in nature. The extension of thc work for 
transient situations would be highly demanding in 
terms of computational effort and time and thc 
authors are not contemplating this in the 
immediate future. 

Professor A A Luhrect (INSA de LYOI~, France). 
The authors are to be complimented for having 
treated such an important problem, however, in 
vicw of the complex geometry, and considering the 
coarse discretization, some doubts concerning the 
prccision of the results seems appropriate. Could 
the authors state the precision of thcir rcsult. 

Reids by D r  R Yamashita, (Koyo Bearings Ltd, 
Japan) Professor C M Taylor and Professor D 
Dowson (The University of Lecds, UK). The 
caution expresscd by Professor Lubrect is 
appropriate. The major thrust of the work, as 
indicated in the rcsponse to the previous question, 
relatcd to the establishment of the static loading 
analysis of thc tapercd roller bearing. The 
elastohydrodynamic analysis undertakcn for the 
contact between a tapered roller and raceway was 
only a prclirninary steady state analysis undertaken 
to obtain a fccl for the likely implications of the 
realistic contact geometry as comparcd to the more 
conventional treatments. The coarseness of the 
mesh utiliscd in the analysis would indeed bring 
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into question the precision of pressure and film 
thickness calculation determinations in detail, and 
the authors will be examining this issue in the 
future. 

SESSION XVI PLAIN BEARINGS 

Palm- XIV(ii) "Simulation of the Oil Film 
Behaviour in Elastic Eneine Bearings 
Considerinp Pressure and Temgerature 
Denendent Oil Viscosity" Dr H H Priebsch and 
M r  J Krasscr (A.V.L. List GmbH, Australia). 

Dr  H Xu (T. & N. Technology Ltd., Cawston 
House, Rugby, UK). Can the authors give their 
view on the fact that the bearing surface 
temperatures are higher than the oil film 
temperature? For if that is the case, no heat will 
flow into the bearinghousing. What is then the 
heat source to increase the temperature in the 
bearing body? 

Renly bv Dr H H Priebsch and M r  J Krasser 
(A.V.L. List GmbH, Australia). We regret that Dr 
Xu seems to be misled by the perspective of the 
Figs. 8 and 13. In fact, there is a negative 
temperature gradient in the oil film towards the 
bearing surface everywhere in the bearing. This is 
illustrated in Fig. 16 where the temperature 
gradient, calculated as: 

Tbearingsurface -T  first point in oi l  film next to bearing surface 

A y -  h 
is shown for the plane of symmetry of the bearing 
of the gasoline engine (compare with Fig. 13). 

P a w r  XVl(iv) "The Elastohydrodynamic 
Lubrication of Heavily Loaded Journal Bearing 
havinp non-Cylindrical Axial Geometry" by Dr 
H. El-Sayed Rashced (Arab Academy of Sciences 
& Technology, Alexandria, Egypt). 
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Fig.16 Temperature gradient in the plane of 
symmetry of the bearing at 1 2 0  CA 
gasoline engine 

Canada). Do you have some physical explanations 
for the improved performance of your non- 
cylindrical journal bearings? 

As a general comment, I think such physical 
explanations are important in determining 
optimisation strategies and investigating the 
possibility that some important physical 
phenomena have not been neglected. 

Reely bv D r  H El-Saved Rasheed (Arab 
Academy for Sciences & Technology, Alexandria, 
Egypt). 

The increase in the load carrying capacity is 
attributed to the increased wedging action resulting 
from increased tangential velocity due to axial 
variation of the bearing geometry. This can be 
visualized from the Reynolds-like equation derived 
in the paper (Eqn. 2). Inspection of this equation 
especially in the neighbourhood of the plane of 
symmetry of the bearing(< z 0 may clarifL matters. 
Eqn. 2 when applied close to 5 = 0, the parameters 
h and H* will be approximately h z 1 and H* z 1. 
Eqn. 2 can therefore be rewritten in approximate 
form close to the plane q = 0 as, 

Dr J B Medley (Department of Mechanical 
Engineering, University of Waterloo, Ontario, 
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In comparison the familiar Reynolds cquation for 
plain journal bearings may be written as, 

+ (:)* -[ a 7 h*) -1 ap = 6 - ah’ 
K F K  ae 

It can easily be sccn that the dinicnsionlcss forcing 
vclocity of the rotating solid boundary which is 
unity in the casc of a plain journal bcaring has 

effectively become [1 + 8’ (31. that it has 

incrcascd by an amount proportional to the 
masimum dimensionless asial variation of the 
geometry 6’ and this proportionality constant is the 
ratio L/R. That is the increase in film pressure due 
to the increase in this velocity is more pronounced, 
as stated in the paper, for a long bearing. 

P;il)er XVI (v) “Mode Stiffness Variation in 
EHD Bearinp Design” by Dr S Bocdo and 
Professor J F Booker (Corncll University, USA). 

Mr Marco Workel (The University of Leeds, 
UK). What is thc (physical) csplanation for the 
film thickness increase (instead of film decrcasc) at 
zcro degree crank angle for the stiffer mode? 

Reilly hr Dr S Boedo (Borg Warner Aotoniotive, 
New York, USA) and Professor J F Booker 
(Cornell University, USA). The authors assume 
Mr Workcl’s comments refer to the firing-eshaust 
portion of the engine cycle (zcro to 150 degrees 
crank anglc), whcrc it is indeed true that the mode- 
softcncd structure produccs thinncr films than 
those obtained with either the original or the modc- 
stiffened structure (sce Figure 7). The physical 
cspanation for this drop in bearing performance 
may be partly addressed through comparison of 
mode eigenvalues 3 and 4 of the relative stiffncss 
matrix listed in Table 2. Mode-softening rcsults in 

a relatively large drop in mode 3 stiffness when 
compared with the original structure. The 
subsequent reliance on mode 4 stiffness alone is 
apparently inadequate as the load movcs into the 
stem region and high film pressures are generated 
from engine firing. A better design strategy 
suggests evaluation of bearing performance over a 
two-parameter design space represented by both 
mode 3 and 4 eigenvalues. The cusp found in the 
mode-stiffened time history is most likely due to a 
discrete spatial jump in the nodal location of 
minimum film thickness. 

Dr Kumar Vaidanathan (Federal-Mogul 
Corporation, USA). Is any work planned in taking 
modal analysis and extending it to the bcaring 
noise issue? 

Rei~lv  by Dr S Boedo (Borg Warner Automotive, 
New York, USA) and Professor J F Booker 
(Cornell University, USA). 

The effects of nonuniform clearance coupled with 
bearing elasticity would providc an interesting 
computational study, the results of which could 
lead to a link between modc shape contribution and 
bcaring noise. Esperimental clearance studies are 
commonly employed in ficld testing as a means to 
evaluate wrist-pin bearing noise. Thc reader is 
also directed to the companion Leedskyon 1996 
paper by Olson and Booker, who present a 
modified modal analysis scheme including inertia 
efrects attributed to clearance-scale structural 
motion. 

Dr C J Hooke (University of Birmingham, UK). 

Thc authors use modes defined by an existing 
structure and consider the effect of varying the 
flesibility of these modes. This possibly limits the 
analysis since variations in the mode shape cannot 
be examined. Have the authors considered using a 
gcncraliscd non-orthogonal modal systcm? This 
would allow greatcr flesibility in optimising the 
system although it would sorncwhat complicate the 
analysis process. 

Reply by Dr S Boedo (Borg Warner Automotive, 
New York, USA) and Professor J F Booker 
(Cornell Univcrsity, USA). 
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The authors believe that the modal method of 
analysis in its present form allows for the use of 
non-orthogonal transformations of structure-based 
relative (not absolute) displacements. At this 
juncture in EHD analysis, however, we suggest a 
more comprehensive comparison of orthogonal 
mode shape and modal body forces for global 
structures currently in practice before 
contemplation of more complicated analysis 
procedures. 
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P 0 Box 224 
149 Yangchang 
Road 
Shanghair 200072, 
PR China 

The University of 
Leeds, Dept. of 
Mechanical Eng. 
Leeds 
LS2 9n 

The University of 
Leeds 
Industrial Unit of 
Tribology 
Dept. of 
Mechanical Engrg 
Leeds LS2 9JT 

LG Electronics 
Senior Research 
Engineer 
327-23 Gasan- 
Dong 
Keum Chun-Gu 
Seoul 153-023 
Korea 

University of Pisa 
Dipartimento di 
Costruzioni 
Meccaniche & 
Nucleari 
Via Diotisalvi 2 
56 I26 Pisa 
Italy 
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- Title 

Prof R C 

Prof G 

D r P A  

M r A N  

Dr A 

Prof D 

Dr P 

Name 
7 

COY 

Dalmaz 

Dearnley 

Dickensen 

Dodd 

Dowson 

Ehret 

Address 

Shell Research 
Limited 
Thornton Research 
Centre, P 0 Box 1 
Chester CH1 1SH 

INSA de Lyon, 
Laboratoire de 
Mecanique des 
Contacts, Batiment 
113,20 Avenue 
Albert Einstein 
6962 1 Villeurbanne 
Lyon France 

The University of 
Leeds, Dept. of 
Mechanical Eng. 
Leeds LS2 9JT UK 

The University of 
Leeds, Dept. of 
Mechanical Eng. 
Leeds LS2 9JT UK 

NSK-RHP Eur. 
Technology Centre 
Mere Way, 
Ruddington Fields 
Business Park 
Ruddington 
Nottingham NG 11 
6 JZ 

The University of 
Leeds, Dept. of 
Mechanical Eng. 
Leeds 
LS2 9JT UK 

The University of 
Leeds, Dept. of 
Mechanical Eng. 
Leeds LS2 9JT UK 

Title - - Name Address 

Dr.Eng. El-Sayed Arab Academy for 
H Rasheed Sci & Tech, 

College of Eng. & 
Tech. Dept. of 
Mechanical Eng. 
Alexandria 
E m t  

Mr C D Elcoate University of Wales 
Cardiff, Division of 
Mechanical Engrg, 
School of Eng., 
Queen’s Building, 
The Parade 
P 0 Box 917 
Cardiff CF2 IXH 

Dr D M Elliott The University of 
Leeds Dept. of 
Mechanical Eng. 
Leeds 
LS29JT UK 

D r H P  Evans University of Wales 
CardB School of 
Eng. Division of 
Mechanical Eng. 
and Energy 
Studies, Queen’s 
Buildings, The 
Parade 
Cardiff CF2 1XH 

Dr L Flabbi Ausimont s.p.A. 
Via S. Pietro 50la 
2002 1 Bollate (MI) 
Italy 
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Name Address - Title - 
Prof L Flamand INSA de Lyon, 

Laboratoire de 
Mecanique des 
Contacts, Batiment 
113,20 Avenue 
Albert Einstein 
6962 1 Villeurbanne 
Lyon France 

Dr G Gao Imperial College 
Tribology Section 
Dept. of 
Mechanical Engrg. 
Exhibition Road 
London SW7 2BX 

Mr E R Gelinck University of 
M Twente, Faculty of 

Mechanical Eng. 
Tribology Section, 
P 0 Box 217 
7500 AE Enschede 
The Netherlands 

Prof J-M Georges Ecole Centrale de 
Lyon, Laboratoire 
de Tribologie et 
Dynamique des 
Systems UMR 
CNRS, BP 163 
Ecully, France 

Dipl-Ing Gerstenber Institut f i r  
J ger Maschinenelemenle 

Konstruktionstechn 
ik und Tribologie - 
Universiat 
Hannover 
Welfengarten 1A 
30 167 Hannover 
Germany 

- Title Name Address 

M r K S  Goh The University of 
Leeds Dept. of 
Mechanical Eng. 
Leeds 
LS29JT UK 

D r J A  Greenwood The University of 
Cambridge 
University Eng. 
Dept. Trumpington 
Street Cambridge 
CB2 1PZ 

Mr R T Harding The University of 
Leeds Dept. of 
Mechanical Eng. 
Leeds LS2 9JT UK 

Mr D Hirst Imperial College 
Tribology Section 
Dept. of 
Mechanical Engrg. 
Exhibition Road 
London SW7 2BX 

Prof E Hoglund LuleA University of 
Technology, 
Division of 
Machine Elements 

Lulei Sweden 
$971 87 

D r C J  Hooke The University of 
Birmingham 
School of 
Manufacturing and 
Mechanical Eng. 
Edgbaston 
Birmingham 
B15 2TT 
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- Title 

Dr L 

Prof S 

Dr F 

Name 

Houpert 

- 

Ioannides 

Itoigawa 

Dr F Ji 

Dr Z M Jin 

Mr B 

D r S A  

Jobbins 

Johnson 

Address 

Timken France 
BP 89 
68002 Colmar 
Cedex 
France 

SKF Eng. and 
Research Centre, 
Postbus 2350 
3430 DT 
Nieuwegein 
The Netherlands 

Nagoya Institute of 
Technology 
Dept. of Mechanica 
Engrg. 
Gokiso-ch, Showa- 
Nu, Nagoya 
466 Japan 

The University of 
Leed, Dept. of 
Mechanical Eng. 
Leeds LS2 9JT UK 

The University of 
Bradford, Dept. of 
Mech. and 
Manufacturing 
Eng. Bradford 
BD7 IDP 

The University of 
Leeds Dept. of 
Mechanical Eng. 
Leeds LS2 9JT UK 

Unilever Research 
Port Sunlight 
Laboratory 
Quarry Road East 
Bebington, Wirral 
Merseyside 
L63 3JW 

Name - Title - 
Dr G J Johnston 

Mr D A Jones 

Dr S Kamamoto 

Prof M Kaneta 

Dr J W Kannel 

Mr N Kapu r 

Mrs E Kassfeldt 

Address 

Mobil Technology 
Company 
P 0 Box 480 
Paulsboro 

USA 
NJ 08066-0480 

The University of 
Leeds Dept. of 
Mechanical Eng. 
Leeds LS2 9JT UK 

Koyo Seiko Co. Ltd 
Research & 
Development 
Centre 24-1 
Kokubuhiganjyo- 
cho Kashiwara-shi, 
Osaka 582, Japan 

Kyushu Institute of 
Technology 
Dept. of 
Mechanical Engrg 
1-1 Sensui-cho, 
Tobata Kitakyushu 
804 Japan 

Battelle 
505 King Avenue 
Columbus 
Ohio 43201-2693 
USA 

The University of 
Leeds Dept. of 
Mechanical Eng. 
Leeds LS2 9JT UK 

Lulei University of 
Technology, Dept. 
of Mechanical Eng. 

Lulea Sweden 
S-971 87 
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Title - Name Address 

Prof T Kato The University of 

- 

Tokyo 
Dept. of 
Mechanical Eng. 
7-3-1 Hongo, 

Tokyo 113, Japan 
Bunky0-h 

M r H J  Kim 

M r T H  Kim 

The University of 
Leeds Dept. of 
Mechanical Eng. 
Leeds LS2 9JT UK 

Imperial College 
Tribology Section 
Dept. of 
Mechanical Engrg. 
Exhibition Road 
London SW7 2BX 

Dr T Koga Oita University 
Faculty of Eng. 
Dan Noharu 
0 i ta - C i ty 
Japan 870-1 1 

Mr J Krasser AVL List GmbH 
KleistraBe 48 
8020 Graz 
Austria 

Mr A R La Fountain Imperial College 
Tribology Section 
Dept. of 
Mechanical Engrg. 
Exhibition Road 
London SW7 2BX 

- Title 

Mr L 

Mr I 

D r A J  

Prof A 

Dr M-T 

Dr K 

- Name 

Lafarge 

Lee- 
Prudhoe 

Lehtovaara 

Lubrecht 

Ma 

Maekawa 

INSA de Lyon, 
Laboratoire de 
Mecanique des 
Contacts, Batiment 
1 13,20 Avenue 
Albert Einstein 
69621 Villeurbanne 
Lyon France 

Imperial College 
Tribology Section 
Dept. of 
Mechanical Engrg. 
Exhibition Road 
London SW7 2BX 

Tampere University 
of Technology 
Machine Design 
P 0 Box 589 
Fin-33 10 1 Tampere 
Finland 

INSA de Lyon, 
Laboratoire de 
Mecanique des 
Contacts, Batiment 
1 13,20 Avenue 
Albert Einstein 
69621 Villeurbanne 
Lyon France 

The University of 
Central Lancashire 
Dept. of Eng. and 
Product Design 
Preston PR1 2HE 

The University of 
Leeds, Dept. of 
Mechanical Engrg. 
The University of 
Leeds LS2 9JT UK 
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- Title Name Address - Title - Name - 
D r C N  March The University of M r  J Molimard 

Leeds, Industrial 
Unit of Tribology 
Dept. of 
Mechanical Eng. 
Leeds LS2 9JT UK 

M r  H Marie Mobil Oil 
Francasse 
Research Centre 
BP 37 
76 330 ND de 
Gravenchon 
France 

D r A J  Moore 

M r M J  Martin University of Wales 
College of Cardiff, 
School of Eng. D r G E  Morales- 
Division of Espejel 
Mechanical Eng. 
and Energy 
Studies, P 0 Box 
925, CardiffCF2 
1YF 

McClure The University of Prof T Mu rakami M r  G 
Leeds, Dept. of 
Mechanical Eng. 
Lee4ls LS2 9JT UK 

D r J B  Medley University of 
Waterloo 
Dept. of Mech Eng. 
Waterloo, Ontario 
N2L 3G1 Canada 

M r  D Mehenny The University of 
Leeds, Dept. of 
Mechanical Eng. 
Leeds LS2 9JT UK 

Prof T Nakamura 

Address 

MSA de Lyon, 
Labratoire de 
Mecanique des 
Contacts, Batiment 
113,20 Avenue 
Albert Einstein 
6962 1 Villeurbanne 
Lyon France 

BP Oil Technology 
Centre 
Chertsey Road 
Sunbury -on- 
Thames 
Middlesex 
TW16 7LN, UK 

ITESM, Centro de 
Sistem& de 
Manufactura 
E. Gona Sada 
2501 Sur 
64849 Monterrey 
NL., Mexico 

Kyushu University 
Dept. of Intelligent 
Machinery and 
Systems 
Faculty of Eng. 

Higashi-ku, 
Fukuoka 812-81 
Japan 

6-10-1 Hakozaki, 

Nagoya Institute of 
Technology 
Dept. of 
Mechanical Engrg. 
Gokisocho,. 
Shoowa-ku 
Nagoya 
466 Japan 
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Title Name Address - 

Mr Y Nakanishi Kyushu University 
Dept. of Intelligent 
Machinery and 
Systems, Hakozaki, 
Higashi-ku, 
Fukuoka 8 12-8 1, 
Japan 

Mr H Narai NSK-RHP 
European 
Technology Centre 
Mere Way, 
Ruddington Fields 
Business Park 
Ruddington 
Nottingham NG11 
6 JZ 

Dr D Nelias INSA de Lyon. 
Laboratoire de 
Mecanique dcs 
Contacts, Batiment 
113, 20 Avenuc 
Albert Einstein 
6962 1 Villcurbanne 
Lyon France 

M r H P  Nixon Manager - MecN 
Tribochemical Sci 
The Timken Co. 
P 0 Box 6930 
Canton 

USA 
Oh 44706-0930 

Mr E Nurgat The University of 
Leeds, School of 
Computer Studies 
Leeds LS2 9JT UK 

Name Address - Title - 
Mr S Ogano Imperial College 

Tribology Section 
Dept. of 
Mechanical Engrg. 
Exhibition Road 
London SW7 2BX 

Dr N Ohno c/o Dr D 1 Schipper 
Tribology Section 
Dept. of MechEng. 
University of 
Twcnte 
P 0 Box 217 
7500 AFi Enschede 
The Netherlands 

Prof N Ohtsu ki Kyushu University 
Faculty of Eng., 
Graphic Science 
4-2-1 Ropponmatsu 
Chuo-ku, Fukuoka 
City, Fukuoka 
8 10 Japan 

Dr H Okamura Toyota Motor 
Corporation 
Higashi Fuji 
Technical Center 
Drivetrain Eng. 
Division 
1200 Mishuku, 
Susono, Shizuoka 
Japan 4 1 1 

Dr A Olver Imperial College 
Tribology Section 
Dcpt. of 
Mechanical Engrg. 
Exhibition Road 
London SW7 2BX 
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Title - Name Address 

Prof P L Oxley The University of 
B New South Wales 

- 

School of 
Mechanical and 
Manufacturing 
Engrg., P 0 Box 1, 
Kensington 
NSW Australia 
2033 

Mr F Palomba Elasis ScpA - SIAT 
G, Fiat Group 
v. Impero 
Pomiguano 
D’ Aus(NA) 
Italy 

Dr M Ya Panovko Mechanical Eng. 
Research Institute 
Academy of 
Sciences 
Griboyedova Str. 4 
101830 Moscow 
Russia 

Mr T Paquet Toyota Motor 
Europe (TMME) 
Technical Centre- 
Bedrij fspark 
Weyyeld, Hoge Wei 

Zaventem, Belgium 
3 3 A-B 1 93 0 

M r T A  Polak Neale Consulting 
Engineers Ltd 
43 Downing Street 
Farnham 
Surrey GU9 7PH 

Title - Name - 
Prof Dr- Poll 

G 

Mr M Priest 

Mrs M Ratoi 

Mr J Rieglert 

M r L M  Rudd 

D r J E  Rycroft 

Address 

Institut f i r  
Maschinenelemente 
Konstruktionstechn 
ik und Tribologie - 
UniversitAt 
Hannover 
Welfengarten 1A 
30167 Hannover 
Germany 

The University of 
Leeds, Dept. of 
Mechanical Eng. 
The University of 
Leeds LS2 9JT UK 

Imperial College 
Tribology Section 
Dept. of Mech 
Engrg. 
Exhibition Road 
London SW7 2BX 

Lulel University of 
Technology 
Division of 
Machine Elements 
S-97 187 Lulel 
Sweden 

Tribology, FL 
Centre 
Bld. 415 
DRA Pyestock 
Farnborough 
Hants GU14 OLS 

Shell Research 
Limited 
Shell Research & 
Technology Centre, 
Thornton 
POBox 1 
Chester CHI 3SH 
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Name Address - Title - 
Dr Ph Sainsot INSA de Lyon, 

Laboratoire de 
Mecanique des 
Contacts, Batiment 
113,20 Avenue 
Albert Einstein 
6962 1 Villeurbanne 
Lyon France 

Dr R Sayles Imperial College 
Tribology Section 
Dept. of 
Mechanical Eng. 
London SW7 2BX 

M r C T  Schilfer INA Walzlager 
Schaeffler KG 
Dept TB; 
Industriestrasse 1-3 
9 1074 
Herzogenaurach 
Germany 

Dr R J Smalley SKF Eng. and 
Research Centre 
Postbus 2350 
3430 DT 
Nieuwegein 
The Netherlands 

Mr M Smeeth Imperial College 
Tribology Section 
Dept. of 
Mechanical Engrg. 
Exhibition Road 
London SW7 2BX 

Name Address - Title - 
M r A J  Smith NSK-RHP 

European 
Technology Centre, 
Mere Way 
Ruddington Fields 
Business Park 
Ruddington 
Nottingham NG11 
6 JZ 

Dr R W Snidle University of Wales 
College of Cardiff, 
School of Eng. 
Division of 
Mechanical Eng. 
and Energy 
Studies, P 0 Box 
925, Cardiff CF2 
1YF 

Dr J Sorab Ford Motor 
Company 
20000 Rotunda 
Drive, MD 2629 
SRL, Dearborn 

USA 
MI 48 12 1-2053 

ProfH Spikes Imperial College 
Tribology Section 
Dept. of 
Mechanical Engrg. 
Exhibition Road 
London SW7 2BX 

Mrs M S Starkey GKN Technology 
Ltd, Birmingham 
New Road 
Wolverhampton 
WV4 6B W 
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- Title 

Dr J 

Dr M 

D r R I  

Name 

Sugimura 

- 

Tani y c h i  

Taylor 

Prof C M Taylor 

Mr Y Tozaki 

Mr G Tripaldi 

Address 

Kyushu University 
Dept. of Energy 
and Mechanical 
Eng. 6-10-1 
Hakozaki, Higashi- 
ku, Fukuoka 8 12- 
8 1 Japan 

NSK Ltd 
R & D Centre 
1-5-50 Kugenuma- 
Shinmei Fujisawa, 
Kanagawa 25 1 
Japan 

Shell Research & 
Technology Centre, 
Thornton 
POBox 1 
Chester CH1 3SH 

The University of 
Leeds, Dept. of 
Mechanical Eng. 
Leeds LS2 9JT UK 

Mitsubishi Heavy 
Industries Ltd 
Tribology 
Laboratory 
Nagasaki R & D 
Center 
Akunoura-machi 
Nagasaki -ci ty 
Japan 850-91 

Enificerche SpA 
Via Maritano 26 
20097 San Donato 
Milanese, Milano 
Italy 

Title 

Mr K 

- 

M r R H  

M r H J  

D r C H  

Mr F 

Dr M 

Name 

Vaidyanath 
an 

van der 
Stegen 

van 
Leeuwen 

Venner 

Ville 

Visscher 

Address 

Federal Mogul 
Corporation 
Senior Technical 
Analyst 
3990 Research Park 
Drive, Ann Arbor 
MI 48108 USA 

University of 
Twente, Dept. of 
Mechanical Eng. 
Tribology Group 
P 0 Box 2 17,7500 
AE, Enschede The 
Netherlands 

Eindhoven 
University of Tech. 
Dept. of Mech Eng. 

Box 513 

Eindhoven 
The Netherlands 

WO4-111 ,PO 

NL-5600 M B 

University of 
Twente, Faculty of 
Mechanical Eng. 
P 0 Box 217 
7500 AE Enshede 
Holland 

INSA de Lyon, 
Laboratoire de 
Mecanique des 
Contacts, Batiment 
113,20 Avenue 
Albert Einstein 
6962 1 Villeurbanne 
Lyon France 

The University of 
Leeds, Dept. of 
Mechanical Eng. 
Leeds LS2 9JT UK 
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Title 

M r J M  

- Name 

Vree 

Mr D Wei 

I r Y  H 

D r I V  

D r J A  

M r W H  

Wijnant 

W i kst r6m 

Williams 

Wilson 

Address 

SKF Eng. & 
Research Centre 
BV, Mailbox 2350 
3430 DT 
Nieuwegein 
The Netherlands 

Imperial College 
Tribology Section 
Dept. of 
Mechanical Engrg. 
Exhibition Road 
London SW7 2BX 

University of 
Twente, Faculty of 
Mechanical Eng. 
P 0 Bos 217 
7500 AE Enschede 
Holland 

SKF Eng. & 
Research Centre 
BV, Postbus 2350 
3430 DT 
Nieuwegein 
The Netherlands 

Cambridge 
University 
Eng. Dept. 
Trumpington Street 
Cambridge 
CB2 1PZ 

Editor - Industrial 
Lubrication 
Tribology, 18 Adel 
Park Gardens 
Leeds 16 

Title - - Name Address 

Prof W 0 Wider Georgia Institute of 
Technology 
Woodnrff School of 
Mechanical Eng. 
Atlanta, GA 
30332-0405 USA 

Dr P L Wong City University of 
Hong Kong 
Dept. of 
Manufacturing 
Engrg., Kowloon 
Hong Kong 

Mr M F Workel The University of 
Leeds, Dept. of 
Mechanical Eng. 
Leeds LS2 9JT UK 

Dr A Xiaolan Principal Research 
Engineer, 
The Timken 
Company 
P 0 Box 6930 
Canton, Oh 44706- 
0930 USA 

Dr H xu T & N Technology 
Ltd, Cawston 
House, Rugby 
Warwickshire 
CV22 1SA 

Prof T Yamamoto Tokyo University of 
Agriculture and 
Technology, Dept. 
of Mechanical 
Systems Eng. 
2-24-16 Naka-cho, 
Koganei-shi 
Tokyo 184, Japan 
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Name Address - Title - 
Dr R Yamasbita The University of 

Leeds, Dept. of 
Mechanical Engrg. 
Leeds LS2 9JT UK 

M r A E  Young The University of 
Leeds, Dept. of 
Mechanical Eng. 
Leeds LS2 9JT UK 

Ms H Yu University of 
Waterloo 
Dept. of 
Mechanical Eng. 
Waterloo, Ontario 
N2L 3G1 Canada 


